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P RE FACE 

he major mission of this sourcebook is to intensify and highlight the importance 

of typical mechanical components by illustrating their versatility, innovative 

applications, history and artistry. Hopefully, this presentation will stimulate new 

ideas by giving the reader a graphic kaleidoscopic view of mechanical components, as well 

as an appreciation for their geometric grace and adaptability into complex mechanisms. 

The contents of this presentation have many sources. We searched legions of past journals 

and publications for articles about creative uses of mechanical components and selected only 

the best for inclusion in this book. Many of these classic ideas were originally printed in 

Product Engineering, a great magazine which ceased publication in the mid-1970s. 

Product Engineering was a truly unique magazine. Many issues featured a two or three page 

illustrated article that highlighted an innovate mechanical design. I was a contributor to that 

series for many years and have repeatedly received requests for reprints. Unfortunately, they 

are extremely difficult to obtain. Except for Douglas Greenwood’s books, published in the late 

1950s and early 1960s and Chironis’ Mechanisms c.57 Mechanical Devices Sourcebook, most of 

those great presentations have faded from the technical literature. I believe they should be 

preserved in a hardbound reference. The innovation captured in these illustrated articles is 

monumental and should be a source of inspiration for decades to come. Innovation and inven- 

tion generally does not spring forth easily. It takes prior thought, hard work, and tenacity to 

generate novel concepts; which are followed by the struggle of their development. 

In addition, other technical magazines, like American Machinist, Machine Design, Power and 

Assembly, have generously supplied valuable articles and material from their past issues. Some 

appropriate data from classic handbooks has been included, with permission, to round out 

their respective topic. 

Several leading manufacturing companies and technical institutes have kindly furnished layouts 

and designs depicting creative applications of many mechanical components. The design files 

of Morgan & Parmley, Ltd., (Professional Consulting Engineers) were combed and several of 

their layouts incorporated into various sections to flesh out the manuscript. 



X 

We have, also, included some design material that is not typically available in general hand- 

books. This data has been placed in the sourcebook to help designers through those unusual 

or non-typical phases often present during a project. 

As previously noted, a major portion of the material displayed throughout the following 

pages has been selected from five decades of technical publications. Therefore, the reader will 

undoubtedly notice the wide variety of graphic styles and printing techniques. Since these 

differences do not affect the technical data, we have let these variations remain and believe 

they add a historical quality and flavor to the overall presentation. 

This sourcebook attempts to help pave the way for designers by having thousands of good, solid 

ideas at their fingertips from which to consult. Any mechanical engineer, designer or inventor, 

must have not only technical competence but access to a broad scope of things mechanical. 

This sourcebook attempts to provide that data in abundance. 

Many key mechanical components in use today have been in existence since time immemorial. 

We must not forget those ingenious individuals of old who solved mechanical problems with 

truly original solutions. In many cases, their ideas have blended into our technological fabric 

and are today taken for granted by the public and go unheralded; even by many professionals. 

We must never lose sight of the fact that knowledge comes slowly and often only through 

a difficult struggle. Therefore, it is mandatory that successful details and ideas be preserved 

in order to continue the advancement of technology. It was the discovery of ancient manu- 

scripts, depicting the inventive genius of past civilizations, that helped ignite the European 

Renaissance. Without that discovery, it is this writer’s opinion, the modern technological 

era would have been significantly delayed and certainly much more difficult to achieve. 

Good technical ideas are priceless and must be respected by properly recording them for 

future reference. 

Most of this data and information can not be found in conventional handbooks, which tend 

to present merely condensed basic engineering information. The material selected for this 

sourcebook represents the product of shirtsleeve engineering which often goes beyond academic 

training. Here is the distilled experience and valuable knowledge of engineers in the everyday 

trenches of design; the “Yankee ingenuity” that built America and lead the world into the 

modern age. Competitive design creates many innovative solutions to complex problems and 

this sourcebook’s goal is to aid in the continuation of that noble process. 

Frank Yeaple, former editor of Product Engineering, generously supplied hundreds of tear sheets 

from his collection of past Product Engineering publications. It is safe to say that this sourcebook 

would be severely limited in its content were it not for his valuable assistance. In addition, 

I want to note Frank‘s encouragement and support for this project. His wise council is much 

appreciated. 
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It is next to impossible to fully list all of the individuals, organizations, societies, institutes 

and publishers who have assisted in the development of this sourcebook. Their spirit of coop- 

eration and support for this effort has encouraged me numerous times and I salute all of them. 

Where appropriate, credit has been listed. We have made a special attempt to list the names 

of original authors of each article. However, any oversight of acknowledgment is purely 

unintentional. 

I must make special note of Harold Crawford’s contribution to this effort. Hal was the 

sponsoring editor for the first book I had published and for the past twenty-five years has 

been a good friend and advisor. Just before his well earned retirement from McGraw-Hill 

in 1998, he helped me develop the format for this sourcebook. I trust that our effort meets 

with his approval. 

This project also provided a rare opportunity for me to work “elbow-to-elbow” with my son 

over an extended period of time. Wayne’s contribution greatly influenced the final appear- 

ance and general style of this sourcebook. His patience with an aging engineer, who struggles 

against the operation of computers, is a mark of a true professional. However, our collabora- 

tion seemed to ironically bridge the gap between conventional or classic methods and the 

emerging electronic process. In the final analysis, we both feel this presentation has preserved 

a large segment of valuable information and innovative designs that would have otherwise 

remained obscure and perhaps lost forever. The ingenious concepts and artistry of many of 

these designs should launch future innovative devices and systems to propel technology ever 

forward; we trust, for the good of society. Hopefully, this sourcebook will have a permanent 

place in the history of mechanical technology. 

A special thanks to Lana and Ethne for transcribing my notes and not complaining when I 
buried them with last minute revisions. At  last, this sourcebook is now complete and ready 

for public viewing. We have made a special effort to organize its contents into a usable format 

and trust that it will be of value for decades. If you enjoy this sourcebook as much as we have 

preparing it, then I know the project was worthwhile. 

ROBERT 0. PARMLEY, P.E. 
Editor-in-Chief 
Ladysmith, Wisconsin 
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I N T  RO D U C T  IO N 

efore the reader or user embarks upon a tour of this sourcebook or 

even randomly leafs through its pages, it should be noted that both B the detailed Table of Contents (at the.beginning of each Section) and 

the cross-referenced Index will serve to find specific topi? The format has 

been structured to insure user-friendliness. 

Great effort was taken to arrange each Section and its contents to present a 

logical continuity, as well as a speedy locate for specific material. 

THE COAAPONENn 
he building blocks of mechanical mechanisms consist of many typical individual compo- T nents; just as electrons’ protons and neutrons are basic parts of an atom. In each case, 

these pieces must be properly selected and precisely arranged in a predetermined pattern to 

result in a functioning unit. As each assembly is fit into a larger and more complex device, 

the individual component becomes less and less noticeable, until a malfunction occurs. 

Remember the Challenger’s O-ring which triggered a chain of events that resulted in a 

terrible accident. Think of the literally hundreds of thousands of separate components that 

performed properly in the space shuttle, the support equipment and control facilities. Yet, 

apparently, one individual component failed and the world focused its attention on that 

specific part for months. Similar catastrophic events have been recorded’ reminding one of 

the story that ends with the phrase, “For the lack of a nail the kingdom was lost.’’ Therefore, 

the weakest link in a chain is the one that fails first and thereby instantly becomes the most 

important component. Whether it’s an automobile that won’t start or a lock that will not 

open, it usually is caused by a single mechanical component gone awry. We must never 

underestimate the importance of each specific component in any mechanical design and 

how it fits into the total mechanism. 



XIV 

he origin of many classic mechanical components, illustrated in this sourcebook, date T back to the Greek and Roman civilizations. Others have their roots in the Renaissance, 

while scores were developed during the modern era of industrial development. As tools and 

machinery became more refined, designs of mechanical components were also improved. 

Standards were organized so each typical component had fixed tolerances for manufacture; 

thereby insuring common usage and interchangeability. 

B efore continuing our discussion, it seems prudent to pause for a moment and reflect upon 

how much we are indebted to those who preceded us. Modern innovators generally owe 

a debt of gratitude to those earlier and most often anonymous inventive geniuses. Most of 

the building blocks on which modern technology rests are the work of unheralded engineers, 

craftsmen, inventors, millwrights and artisans who left models, descriptions and drawings 

as their only legacy. Hopefully, this sourcebook will instill in the reader a respect for their 

invaluable contributions. 

Modern wonders of design such as the jet engine, antilock brake system, computer hard-drive, 

industrial robot and the multi-use laser, utilize basic mechanical components. Upon inspection 

of these units, one sees springs, pins, fasteners, rings, washers, gears, cams, and many other 

standard components. These individual components have an unlimited variety of applications 

in larger and more complex mechanisms. 

Over four centuries ago the Renaissance genius, Leonardo da Vinci, drafted hundreds of 

engineering drawings and notebook sketches of his mechanical designs and technological 

dreams. Fortunately for us, many have been preserved in his personal manuscripts and have 

been reproduced. The emerging mechanical technology of that era certainly was a major 

milestone upon which the industrial revolution sprang. It is assumed that da Vinci’s ingenious 

ideas could not have been universally disseminated had it not been for the printed page. 

Therefore, in the spirit that motivated Leonardo and others like him, this sourcebook is 

dedicated to continue that tradition by preserving basic, practical and innovative design 

information for dissemination. 



THE DESIGN: 
ood designs rarely come easy. They are generally developed over an extended period; G often through experiments, trial & error or structured research and development. 

When experience is insufficient, a prudent designer consults his technical library and reference 

files. Therefore, the professional designer who has a broad resource will have a distinct 

advantage in arriving at a solution. Often designs that were originally developed for one 

purpose can be slightly modified or easily retrofitted to serve an entirely different solution. 

In the proper setting and with well illustrated reference material, the designer can review 

past designs and concepts which should inspire and trigger new arrangements of mechanical 

components to serve innovative uses. 

THE ARm 
he art of good mechanical design is a topic seldom discussed. Perhaps it is because the T main purpose is to solve a specific problem by producing a machine or mechanism. 

The grace of geometry and the flow of its contour somehow is not paramount and is lost in 

its higher calling. Nevertheless, it is this writer’s opinion that good mechanical design has an 

elegance or grace that reveals an artistic expression. Everyone acknowledges the beauty of a 

well designed automobile or a piece of quality furniture. In the same token, we should see the 

beauty in the precision of a gear train or a mechanical watch mechanism. The splendor with 

which each part interacts with its companion to blend, unassumingly, into the whole. That 

mathematical and mechanical beauty which is displayed is above and beyond its function 

and should be classified as a work of art. 

The ability to visualize a mechanical device, containing various individual components 

arranged in position to perform a task, and then accurately record that idea on paper in graphic 

form, is apparently not a common skill. One must be naturally able to think in pictures and 

either through training or inherited talent sufficiently skilled to draft the device on to paper. 

Up until the development of modern drafting principles and the refinement of perspective 

drawing, man was severely limited in his graphic representations. A combination of art, 

mathematics, visual proportions, geometry, cross-sectioning, drafting aids and standardization 

orthographic projection are all needed, in addition to the individual, to produce a truly 

accurate presentation on paper. This vehicle carries the three dimensional concept from 

one person’s mind to another’s. Truly, “a picture is worth a thousand words.” This form of 

communication is not only a technical transmitter, but on another level can be considered 

an art form. 
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XVI I 

A good painting has mathematical balance, eye appeal, harmony, conveys a message and 

pleases the viewer. A well conceived mechanical design has all of these segments. I have 

viewed thousands of technical drawings during my life that have literally been a vision of 

beauty. Many have inspired new concepts and mechanical innovations. The very spark that 

ignited a fresh idea as if one has, for a brief moment, stepped into another mind and shared 

the idea. Often, just browsing through various technical drawings, something is set in motion 

in one’s own mind that triggers a chain of events that is reminiscent of touring a museum of 

technology; i.e. the gateway to innovation. 

had the pleasure to work briefly with a fine gentlemen by the name of William Edgerton in I the early 1980s. Bill developed a section on chains & sprockets for me which was included 

in the Mechanical Components Handbook that I edited. At that time, he had served 37 years as 

chief engineer at Whitney Chain Company. 

Upon his retirement in 1985, he wrote me praising the recent publication of MCH. In that 

letter, Bill noted that Clarence Whitney purchased William Woodruff’s patent and his small 

factory in 1896 and was the sole producer of Woodruff keys until the patent expired. He said 

that the original patent document, complete with ribbon, was given to him as a souvenir of his 

decades of service to Whitney Chain. Bill was kind enough to send me a copy of Woodruff‘s 

patent and the figure illustrations are reproduced here. Note the masterful simplicity and basic 

geometry of this universal component which has stood the test of time. This is an excellent 

example of a single component that revolutionized mechanical technology and continues, to 

this day, as an element in countless assemblies. This is a true testimony to its inventor; whose 

ame will always be tied to its identification. 

THE RAIL: 
n the fall of 1830, a brilliant engineer, named Robert Livingston Stevens was on a ship I crossing the Atlantic Ocean headed for England. His mission was to purchase a locomotive 

and rail tracks for his family’s infant Camden & Amboy Railroad which recently received a 

New Jersey charter and was destined to be one of the first railways in the United States. 

Robert was the second generation of a three generation lineage, known as America’s “First 

Family of Inventors”. For three generations, the Stevenses of New Jersey displayed their 
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inventive genius in naval warfare equipment, steamboats, agriculture, railroads and a 

variety of other technical pursuits. 

During his passage to England, Robert became concerned with the faulty design of the 

rail tracks currently being produced. Most of the tracks were iron straps connected to  

wood rails. The straps tended to loosen and often pierced the carriage underside. This 

accepted world-wide and became the industry standard. Even to this day, Stevens’ basic 

rail design is still in use. Thus proving that a good design is universal and will stand the 

test of time. 

As a footnote, Stevens later designed the spike that fastens the rail to the tie and the fish 

plate that connects the rail ends to each other. He also simplified railway construction by 
introducing crushed rock as the embedment for wooden ties. 
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ASSEMBLm 
he end product is the final assembly of mechanical components into a device, machine, T system or mechanism. With this in mind, several sections at the later portion of this 

sourcebook illustrate many innovative and complex assemblies. As you study these assemblies, 

be continually aware of the individual components and their linkage to one another. 

THE SUMMARm 

W - e  must never forget the inheritance that was left to us by our predecessors who 

struggled with technical problems and developed innovative solutions to complex 

situations. This sourcebook attempts, in a small way, to honor those inventive and resourceful 

individuals; many of which remain unknown. Their creative skills and adaptability have fueled 

the advancement of technology for untold centuries. While most of the names remain unsung 

because records are lacking, this sourcebook has made every effort to faithfully list the original 

contributor of each presentation reproduced herein, if reliability available. The engineers, 

designers, technicians, inventors and artisans who generously shared their ideas and took the 

time to prepare the original material reveals the spirit of the true professional. They certainly 

represent the heart or spark plug of technology. 

ROBERT 0. PARMLEY, P.E. 
Edi tor-in-Chief 
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Design of Bevel Gears 
Yesterday's rule of thumb isn't good enough today. With 
this systematic approach you can quickly predict gear life 
for a given load capacity. 

Wells Coleman 

IME was when the gear designer T could rely on rule of thumb, con- 
servative factors of safety, back- 
glances at previous designs. Today he 
must often design for specific load 
capacity and life. 

Fortunately, though design goals 
are higher, the approach can be sim- 
pler. With the charts given here you 
can go directly to the proper range of 
gear sizes; with the rating formulas 
you can pinpoint the best gear rapidly. 
The data are based on two key fac- 
tors, surface durability (pitting resist- 
ance) and strength (resistance to 
tooth breakage). Included are recom- 
mendations for diametral pitches, 
number of teeth, face widths, spiral 
angles, tooth proportions, mounting 
design, and gear lubrication-and a 
completely worked-out design prob- 
lem. A previous article (see Editor's 
Note, p 80) compares in detail the 
various types of bevel gears. 

Loads and conditions 
You will need to know something 

about anticipated loads and operating 
conditions: 
Normal operation: What is the nor- 

mal load and speed, desired number 
of hours of life? Is operating tem- 
perature range to be above the normal 
160 to 180 F? If so, you must allow 
for this in your design. 
Peak operation: What will be the 

maximum torque, the expected dura- 
tion of maximum torque during gear 
life, the temperature at peak load? 

Starting loads: What is the peak 
starting torque, frequency of occur- 
rence, and duration of starting loads 
at each start? 

Shock loads: Suggested overIoad 
factors are shown in Table I. Shock 

loads, however, cannot be predicted 
accurately. Energy absorption meth- 
ods of load measurement are unreli- 
able because the time duration is SO 

short. Strain-gage measurements 
must be made with extreme care if 
results are to be reliable. Repetitive 
shock is, of course, more damaging 
than occasional shock loads, but these 
should not be ignored. 

Duration of loads: This informa- 
tion may be known from past experi- 

ence. More often it is a matter of 
making an estimate based on a ra- 
tional premise. Prepare time-torque 
curves if possible. 

Gear lubrication: The rating for- 
mulas given in this article assume that 
the gears will be properly lubricated. 
Some lubrication hints, however, are 
also given. 

Once the loads and operating con- 
ditions are known, the next step is to 
determine approximate gear size, num- 
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Cone center or 
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L L o c a t i n g  surfaced 
Pitch d i m e  fer, D - 

Symbols 
a, =addendum, in. 
A ,  =outer cone distance, in. 
b, =dedendum, in. 
c =clearance, in. 
C ~ I  = material factor 
d =pinion pitch dia, in. 
do =outside dia, in. 
D =gear pitch dia, in. 
F ==face width, in. 
hi, =working depth, in. 
ht =whole depth, in. 
K = circular thickness factor 
I =durability geometry factor 
J =strength geometry factor 
m =speed ratio 
m F =  face contact ratio 
n =pinion speed, rpm 
Nc= number of teeth in crown gear 
No= number of gear teeth 
NIB= number of pinion teeth 
P =maximum operating horse- 

power, hp 

P<t = diametral pitch 

t =circular tooth thickness, 
pinion, in. 

7' =--design pinion torque, Ib-in.; 
also circular tooth thickness, 
pinion, in. 

T' = maximum operating torque, or 
one-half peak pinion torque, 
or full peak pinion torque, Ib- 
in. 

V =pitch line velocity, ft/min 
X,, = pitch apex to crown, in. 
8 = dedendum angle 

y = pinion pitch angle, deg 
r = gear pitch angle, deg 

=pinion face angle 

rC, =gear face angle 

y R = pinion root angle 
rit = gear root angle 
4 = pressure angle, deg 

3 = spiral angle, deg 
2 ;= shaft angle, deg 

Gears & Gearing 

bers of teeth, diametral pitch, and face 
width. 

GEAR SIZE 
Peak loads 

First determine what fraction of the 
peak load to employ for estimating the 
gear size. This has been our expe- 
rience: 

If the total duration of the peak 
load exceeds ten million cycles during 
the total expected life of the gears, 
use the peak load for estimating the 
gear size, 

If, however, the total duration of 
the peak load is less than ten million 
cycles, use one half the peak load, or 
the value of the highest sustained load, 
whichever is greater. 

The pinion torque requirement 
(torque rating) can now be obtained 
as follows: 

or 

63,000 P 
n T =  

where T =design pinion torque, 
lb-in. 

T' =maximum operating pin- 
ion torque, or one half 
peak pinion torque, or full 
peak pinion torque, as 
outlined above. 

P =maximum operating 
horsepower 

n. =pinion speed, rpm 
For general industrial gearing the 

preliminary gear size is based on sur- 
face durability (long gear life in pref- 
erence to minimum weight). The de- 
sign chart, Fig l, is from durability 
tests conducted with right-angle spiral- 
bevel gears of case-hardened steel. 
Given pinion torque and the desired 
gear ratio, the chart gives pinion pitch 
diameter. 

For  other materials, multiply the 
pinion diameter given in Fig 1 by the 
material factor given in Table 11. 

Straight bevels and Zerol bevels will 
be somewhat larger. Multiply the 
values of pinion pitch diameter from 
Fig 1 by 1.3 for Zerol bevels and by 
1.2 for Coniflex straight bevels. (Zerol 
and Coniflex are registered trademarks 
of the Gleason Works.) 

For high-capacity spiral bevels 
(case-hardened, with ground teeth), 
the preliminary gear size is based on 
both surface capacity and bending 
strength. Based on surface capacity, 
the pinion diameter from Fig 1 should 
be multiplied by 0.80. Based on bend- 
ing strength, the pinion diameter is 
given by Fig 2.  Choose the larger 
pinion diameter of these two. 

Statically loaded gears should be 
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designed for bending strength rather 
than surface durability. For stati- 
cally loaded gears which are subject to 
vibration, multiply the pinion diame- 
ter from Fig 2 by 0.70. For slati- 
cally loaded gears not subject to 
vibration, multiply the pinion diame- 
ter from Fig 2 by 0.60. 

Tooth numbers 
Although tooth numbers are fre- 

quently selected in an arbitrary man- 
ner, it has been our experience that 
for most applications the tooth num- 
bers for the pinion from the charts, 
Fig 3 and 4, will give good results. 
Fig 3 i s  for spiral bevels and Fig 4 
for straight and Zero1 bevels. The 
number of teeth in the mating gear is 
of course governed by the gear ratio. 

For lapped gears: Avoid a common 
factor in the numbers of teeth in the 
gear and mating pinion. This permits 
better and more uniform wear in the 
lapping process on hardened gears. 

For precision gears: Accuracy of 
motion is of prime importance; hence 
the teeth of both pinion and gear 
should be hardened and ground. Also, 
use even ratios. Gears made for even 
ratios are easier to test, inspect, and 
assemble accurately. 

Automotive gears: These are gen- 
erally designed with fewer pinion 

Table I . .  Overload factors 

1.. PITCH DIAMETERS BASED ON SURFACE DURABILITY 

f J  

L 

z 
U 

- 
a 

5 
+ I  
Jr " 
a 
c 

c 

- - 
0 
n - 

100 1,000 10,000 100,000 I,000,000 01 
10 

Pinion torque ,T, Ib -in 

2.. PITCH DIAMETERS BASED ON TOOTH BENDING STRENGTH 

100.000 I.ocQoo0 
Pinion torque, T, Ib.-in. 

POWER SOURCE CHAR.%CTEK OF LOAD ON DRIVEN MACHINE 

Uniform Medium shock Heavy shock 
speed increasing drives add 1 .oo 
0.01 (Nc/N15)' to these taC- 1.25 2.00 

Values i n  this table are for 
speed decreasing drives; for 

tors. Medium shock 1.25 

Table 11.. Material factors for gear mesh 

G E A R  I' IN I O N  

Minimum hardness Minimum hardness 

Case-hardened steel 
Case-hardened steel 
Flame-hardened steel 
Flame-hardened steel 
Oil-hardened steel 
Heat-treated steel 
Heat-treated steel 
Cast iron 
Cast iron 
Cast iron 
Cast iron 

5 8  R,. 
55 Rc 
50 Rr 
50 Rr 
375-425 Brinell 
250-300 Brinell 
2 10-245 Brinell 
. . . . . . . . 
. . .  . . . . .  
. . . . . . . . 
. . . . . . . . 

Case-hardened steel 
Case-hardened steel 
Case-hardened steel 
Flame-hardened steel 
Oil-hardened steel 
Case-hardened steel 
Heat-treated steel 
Case-hardened steel 
Flame-hardened steel 
Annealed steel 
Cast iron 

60 Rc 
55 Rc 
55 Rc- 
50 RC; 
375-425 Brinell 

245-280 Brinell 
55 Rc- 

55 Rc 
50 Rc 
160-200 Brinell 
. . . . . . . . 

Material 
Factor 

CRI 

0.85 
1 .oo 
1.05 
1 .05 
1.20 
1.45 
1.65 
1.95 
2.00 
2.10 
3.10 
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3 . . NUMBER OF TEETH FOR SPIRAL BEVEL GEARS 

Pinion pitch diameter,d,in 

4 - - NUMBER OF TEETH FOR STRAIGHT A N D  ZEROL BEVELS 

Pinion p i tch diameter,d,in 

Table 111.. Pinion teeth for automotive 
applications 

Preferred 
number of Approximate 

pinion teeth, 
NP 

2.0 
2.5 
3 .o 
3.5 
4.0 
4.5 
5.0 
6.0 
7.0 
8 .o 

17 
15 
1 1  
10 
9 
8 
7 
6 
6 
5 

15-19 
12-16 
10-14 
9-12 
8-10 
7-9 
6-9 
5-8 
5-7 
5-6 

teeth. Table 111 gives suggested tooth 
numbers for automotive spiral bevel 
drives. The numbers of teeth in the 
gear and mating pinion should not 
contain a common factor. 

Face widths 
The face width should not exceed 

30% of the cone distance for straight- 
bevel and spiral-bevel gears and should 
not exceed 25% of the cone distance 
for Zerol bevel gears. In addition, it 
is recommended that the face width, 
F, be limited to 

F S 1O/Pd  
where P,  is the diametral pitch. Prac- 
tical values of diametral pitches range 
from 1 to 64. 

The design chart in Fig 5 will give 
the approximate face width for 
straight-bevel and spiral-bevel gears. 
For Zerol bevels the face width given 
by this chart should be multiplied by 
0.83. The chart is based on face 
width equal to 30% of cone distance. 

Diametral pitch 
The diametral pitch can now be 

determined by dividing the number of 
teeth in the pinion by the pinion pitch 
diameter. Thus 

Because tooling for bevel gears is 
not standardized according to pitch, 
it is not necessary that the diametral 
pitch be an integer. 

Spiral angle 
The spiral angle of spiral-bevel 

gears should be so selected as to give 
a face-contact ratio, m,, of at least 
1.25. We have found that for smooth- 
ness and quietness, a face-contact ra- 
tio of 2.00 or higher will give best 
results. 

The design chart, Fig 6, gives the 
spiral angle for various face-contact 
ratios. It is assumed that you have 
already determined the diametral pitch 
and face width to obtain the product, 
P,F. The curves are based on the 
equation 

mp = PPIK1 t a n  $ - KZ tan3 $1 
where 
T = spiral angle 
K,  = 0.2865 
K2 = 0.0171. 

The values for K ,  and K ,  are de- 
pendent upon the ratio of face width 
to outer cone distance of F / A o  = 0.3. 

Whenever possible, select the hand 
of spiral to give an axial thrust that 
tends to move both the gear and pin- 
ion out of mesh. As a second choice, 
select the hand of spiral to give an 
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axial thrust that tends to move the 
pinion out of mesh. 

Standard bevel systems 
There are three standardized 

AGMA systems of tooth proportions 
for bevel gears: 20-deg straight bevel, 
spiral bevel, and Zero1 bevel. There 
are also several special bevel-gear 
tooth forms which result in minor 
modifications to the above propor- 
tions. These special forms are used 
for manufacturing economy or to ac- 
commodate special mounting consid- 
erations. Because they are very closely 
tied to the method used in producing 
the gears, the means of achieving them 
and the effects they have on standard 
tooth proportions are beyond the 
scope of this article. 

20-deg straight bevels 
General proportions for this system 

are given in Table IV. The tooth form 
is based on a symmetrical rack, except 
where the ratio of tooth top lands on 
pinion and gear would exceed a 1.5 
to 1 ratio. A different value of adden- 
dum is employed for each ratio to 
avoid undercut and to achieve approx- 

imately equal strength. If these gears 
are cut on modern bevel-gear genera- 
tors they will have a localized tooth 
bearing. Coniflex gears have this tooth 
form. To provide uniform clearance, 
the face cone elements of the gear 
and pinion blanks are made parallel 
to the root cone elements of the mat- 
ing member. This permits the use of 
larger edge radii on the generating 
tools, with consequent greater fatigue 
strength. 

Note that the data in Table IV 
apply only to straight bevel gears that 
meet the following requirements: 

1) The standard pressure angle is 
20 deg. See Table V for ratios which 
may be cut with 14%, 22%. and 
25-deg pressure angles. 

2) The teeth are full depth. Stub 
teeth are avoided because of resulting 
reduction in contact ratio, which can 
increase both wear and noise. 

3) Teeth with long and short ad- 
denda are used throughout the system 
(except on 1 : 1 ratios) to avoid under- 
cut, increase strength, and reduce 
wear. 

4) The face width is limited to 
one third the cone distance. The use 

5 . . FACE WIDTHS FOR SPIRAL BEVELS AT 90" SHAFT 
ANGLE. FOR ZEROL, MULTIPLY BY 0.83. 

of a greater face width results in an 
excessively small tooth size at the in- 
ner end of the teeth and, therefore, 
impractical cutting tools. 

The American Gear Manufacturers 
Assn standard for this system is 
AGMA 208.02. 

Spiral bevels 
Tooth thicknesses (see Table IV) 

are proportioned so that the stresses 
in the gear and pinion will be approxi- 
mately equal with a left-hand pinion 
driving clockwise or a right-hand pin- 
ion driving counterclockwise. These 
proportions will apply to all gears 
operating below their fatigue endur- 
ance limit. For gears operating above 
the endurance limit, special thickness 
proportions will be required. The 
standard for this system is AGMA 
209.02. 

The tooth proportions shown are 
based on the 35-deg spiral angle. A 
smaller spiral angle may result in un- 
dercut and a reduction in contact ra- 
tio. The data in this system do not 
apply to the following: 

1 ) Automotive rear-axle drive gears, 
which normally are designed with 

6 . . FACE.CONTACT RATIO FOR SPIRAL BEVELS 

Pinion pitch d i o ,  In Spiral angle, $I ,deg 
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Table IV. .Tooth Proportions for Standard Bevel Gears 

Item 

Pressure angle, 4, deg 

Working depth, hi,, in. 

Whole depth, At, in. 

Clearance, c, in. 

Gear addendum, u,, in. 

Face Width, F ,  in. 
(Use the smaller value 
from the two formulas) 

STANDARD BEVELS (see Table V for  other cases) 

Straight 

’0 

2.000 P,, 

(2. I88 /’,I ) t 0.002 

0.540 0.460 - 4 P,, P,I(Na, NI.)S 

Spiral angle, q, deg None 

Minimum number of teeth 
(Note 2) 

Diametral pitch rangc 

AGMA reference number 

Notes 

13 

no restriction 

208.02 

20 

1.70U;’P,I 

1.888 P,,  

0.1 88/P,I 

3A, ,  F 5’- 10 
I O  or 

F 5- 
Pd 

25 to 35 (See note I ) 

12 

12 bi coarser 

209.02 

Zerol 

20,22%, 25 

2.000/Pd 

(2 .  I88/’PCI) + 0.002 

( 0.188,’P,I) + 0.002 

A F 5- 4 
10 or 

F 5- 
Pd 

0 

13 

3 & finer 

202.02 
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I .  35 deg is the standard spiral angle. If smaller spiral angles are used, undercut may 
occtir and the contact ratio may be less. 

2. ‘lhiy is the minimum number of teeth in thc basic system. See Table V for equivalent 
number of teeth in the gear member. 

fewer pinion teeth than listed in  this 
system. 

2 )  Helixform and Formate (regis- 
tered Gleason trademarks) pairs, 
which are cut with a nongenerdted 
tooth form on the gear. 

3 )  Gears and pinions of 12 dia- 
metral pitch and finer. Such gears arc 
usually cut with one of the duplex 
cutting methods and therefore require 
special proportions. 

4) Ratios with fewer teeth than 

5)  Gears and pinion with less than 
those listed in Table V. 

25-deg spiral angle. 

Zerol bevels 
Considerations of tooth proportions 

to avoid undercut and loss of contact 
ratio as well as to achieve optimum 
balance of strength are similar to those 
for the straight-bevel gear system. 

The Zero1 system is based on tooth 
proportions (Table IV) in which the 
root cone elements do not pass 
through the pitch cone apex. The face 
cone element of the mating member 
is made paraIlel to the root cone ele- 
ment to produce uniform clearance. 

The basic pressure angle is 20 deg. 
Where needed to avoid undercut, 
22%-deg or 25-deg pressure angles 
are also used (see Table V ) .  The face 
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Table V..Minimum number of teeth 
is the resistance to pitting and involves 
the stress at the point of contact, using 
Hertzian theory. Strength is the re- 
sistance to tooth breakage and refers 
to the calculation of bending stress in 
the root of the tooth. 

Surface durability: 

STRAIGHT SPIRAL ZEROL 
Pressure 
angle, deg Gear - 

17 

18 
19 
20 
22 
26 

Pinion 

17 
16 
15 

14 
13 
12 

Pinion 

16 

15 
14 
13 

Pinion 

17 
16 
15 

Gear 

17 
20 
25 

-~ 

Gear 

16 
17 
20 
30 

20 (standard) 

Strength: 

where 
T = maximum allowable torque, 

Ib-in. Use the smaller of 
the two values. 

S ,  = allowable contact stress. For 

14% 29 
28 
27 
26 
25 
24 

29 
29 
31 

35 
40 
57 

-~ .- ~. 

28 

27 
26 
25 
24 
23 
22 
21 
20 
19 

28 
29 
30 
32 
33 
36 
40 
42 
50 
70 

Not Used 

recommended values see 
Table VIII. 

S t  =allowable bending stress 
(also from Table VIII)  

d=pinion pitch diameter a t  
larger end of tooth, in. 

P = diametral pitch a t  large end 
of tooth 

C, =elastic coefficient (see Table 
1x1 

Z=geometry factor (durability) 
from the design curves in 
Fig 9 and 10. Fig 9 is for 
spiral bevel gears with 20- 
deg pressure angle and 35- 
deg spiral angle, Fig 10 for 
straight-bevel and Zerol- 
bevel gears with 20-deg pres- 
sure angle. 

J =geometry factor (strength) 
from the design curves in 
Fig 11 and 12. Fig 11 is 
for spiral-bevel gears with 
20-deg pressure angle and 
35-deg spiral angle. Fig 12 
is for straight-bevel and 
Zerol-bevel gears with 20- 
deg pressure angle. 

K ,  = load distribution factor. Use 
I .O when both gear and pin- 
ion are straddle-mounted ; 
use 1.1 when only one mem- 
ber is straddle-mounted. 
Somewhat higher values may 
be required if the mounting.: 
deflect excessively. 

K ,  = dynamic factor from the de- 
sign curves in Fig. 13. Use 
curve 1 for high-precision 
ground-tooth gears, curve 2 
for industrial spiral bevels, 
curve 3 for industrial 
straight-bevel and Zerol- 
bevel gears. 

F=face  width, in. 

K,=siee factor from Fig 14. 

16 24 
23 
22 
21 
20 
19 
18 
17 
16 

24 
25 
26 
27 
29 
31 
36 
45 
59 

Not Used Not Used 

22Y2 13 13 14 14 14 
13 

14 
15 

25 12 12 12 
7 

12 
- 

proportions are based on data from 
Table IV. A sample design problem 
later in the article illustrates the use 
of these formulas. 

Rating formulas 
Once the initial gear size has been 

determined from the above charts, the 
gears are checked for surface dura- 
bility and strength, using the follow- 

width is limited to one quarter of the 
cone distance because, owing to the 
duplex taper, the small-end tooth 
depth decreases rapidly as the face 
width increases. 

The standard for this system is 
AGMA 202.02. 

Gear-dimension formulas 
Table VI gives the formulas for 

bevel-gear blank dimensions. Tooth 

If the computed value of T from 
either of the above torque equations 
is less than the design pinion torque, ing two equations. Surface durability - -  
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7 . . CIRCULAR THICUNESS FACTORS. STRAIGHT A N D  ZEROL BEVELS 
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8 . CIRCULAR THICKNESS FACTORS FOR SPIRAL BEVELS 
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the gear sizes should be increascd and 
another check should be made. 

Design example 
Select a bevel gear set to connect 

a small steam turbine to a centrifugal 
pump with the following specifica- 
tions: The turbine is to deliver 29 hp 
at 1800 rpm to a centrifugal pump. 
The pump is to operate at 575 rpm. 

m = 1800/575 = 3.13 
Gear ratio: 

Normal operating torque: 

T' = 63,000(29)/1800 
= 1015 Ib-in. 

For a centrifugal pump driven by 
a steam turbine, only light shock with 
uniform load is anticipated. There- 
fore an overload factor of 1.25 is 
selected from Table I. 

Design torque: 
T = 1.25(1,015) = 1270 b i n .  
Because the speed is above 1000 

rpm, spiral-bevel gears are used. 
Pinion pitch diameter: From Fig 1, 

for T = 1,270 1 b . h  and N o / N p  = 
3.13, d = 2.2 in. Because this is an 
industrial design, Fig 2 need not be 
consulted. 

Number of teeth: From Fig 3, the 
pinion will have N ,  = 13 teeth. Thus, 
for the gear, N, = 13(3.13) = 41 
teeth. 

Face width From Fig 5, the face 
width of both gears will be approxi- 
mately F z 1.1 in. 

Pitch line velocity: 

= I030 ft/niin 
Thc approximate size of the gear 

set has quickly been determined. NOW 
check it for durability and strength 
using these factors: 

S,= 200,00Opsi,from Table VIII, 
assunling that  both pinion 
and  $car are to be made from 
rase-hardened steel 

C',=2800, from Table Ix 

h',= 1.1 for ovtrhung pinion 
1=0.116, from Fig 9 

mounting 
IC, = 0.84 from curvc 2, Fig 13 

Durability evaluation: 

(1.1)~0.116)(0.84) (200,000)2(2.2)2 _- 1'= __-. 
(2)(1.1)(2800)' 

?'= 1210 1 1 ) - i J l .  

'iincc the gc'ii s mud hc dejigncd to 
carry 1270 Ih-in. torque, the gear siic 

proximate thc ncw size, multiply thc 
should be incrca\cd slightly. TO ap- 
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Table VI.. Bevel-gear dimensions 

w 

Pressure Angle, deg Change id Dedendum Angle, AS, min I 
1 A S =  - - - 20 

I crown gear. 

Dimension All dlniensionr in in. and de!? 
._ -7- 

1. Number of pinion teeth, Np 

2.  Number of gear teeth, N G  
3. Diametral pitch, P,I 
4. Face width, F 
5. Working depth, hl, 
6. Whole depth, ht 
7. Pressure angle, 6 
8. Shaft angle, 

9. Pitch diancter; (1, D 

10. Pitch angle; 7,  r 

1 1.  Outer cone distance, A .  

12. Circular pitch, p 

13. Addendum, a,,r 
14. Dedendum, h o p  

15. Clearance, c 
16. Dedendum angle, 8 

(See Note 1)  
17. Face angle of blank; yo, rc, 
18. Root angle; YR, r R  

19. Outside diameter; do, D,, 
20. Pitch apex to crown; xor X ,  
21. Circular thickness; t ,  T 

(See Note 2) 

Formulas, chart or fable 

Figs 3 ,4 ;  Tables 111, V 
N G = m  N ,  
Practical range, 1 to 64 P d  

Fig 5 ;  Table IV 
Table IV 
Table IV 
Table IV 
Practical range, 10 to 1SO deg 

Pinion 

3.1416 
P d  

p ” -  

u o ~ : -  (Table IV) 
b,c = I f  t - 0°C 

-# 
P tan ,$ K 

T =--(U,,p-u&)-- - 2 cos 9 P d  

Notes: 
1 .  The change in dedendum angle, A& is zero for straight bevel and spiral bevel gears; 

AS is given by Table VI1 for Zerol bevel gears. 

2. Factor K is given by Fig 7 for straight bevel and Zerol bevel gears with 20 deg pressure 
angle, and by Fig 8 for spiral bevel gears with 20 deg pressure angle and 35 deg spiral 
angle. For other cases K can be determined by the method outlined in “Strength of 
Bevel and Hypoid Gears” published by the Gleason Works. 

22% I -- 1 A S = -  - - 
NC 



Gears & Gearing 

~~ ~ 

Contact 
Stress 
S,, psi 

200,000 

190,000 

135,000 

95,000 

65,000 
65,000 
50,000 
30,000 
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Bending 
Stress 
St, psi 
30,000 

13,500 

19,000 

13,500 

11,000 
7,000 
4,600 
2,700 

Table VI11 . . Allowable stresses 

Pinion 

Material 

Steel 

Steel 

Steel 

Steel 

Steel 
Cast Iron 
Cast Iron 
Cast Iron 

G E A R  M A T E R I A L  
Ah-  

Cast Alu- minum Tin 
Steel iron minum bronze bronze 

Heat treatment 

Carburized 
(Case Hardened) 
Flame or Induction 

hardened 
( Unhardened 
root fillet) 

Hardened and 
Tempered 

Hardened and 
Tempered 

Normalized 
As Cast 
As Cast 
As Cast 

Minimum surface 
hardness 

55 Rc 

50 Rc 

300 Brinell 

180 Brinell 

140 Brinell 
200 Brinell 
175 Brinell 
. . . . . . . . 

I steel, E== 30 x 106 2800 2450 2000 2400 2350 I 
1 Cast iron, E = 19 x I 06 2450 2250 1900 2200 2150 1 
I Aluminum, E = 10.5 x 106 2000 1900 1650 1850 1800 

Aluminum bronze,E= 1 7 . 5 ~  106 2400 2200 1850 2150 2100 
~ ~ _ _ _ _  ~ I Tin bronze, L: = 16.0 x 106 2350 2150 1800 2100 2050 I 

trial pinion pitch diameter by the 
squ3re root of the dcsign torque di- 
vidsd by the allowable torque from 
the first trial. 

New pinion pitch diameter: 
I------ 

d = 2 . 2 d g  = 2.25 in. 

New face width, from Fig 5: 
F = 1.125 

All other values in Eq 3 remain the 
same. Use Eq 3 to again check the 
allowable torque : 

( I  .125)(0.116)(0.84)(200,000)z 
(2) (111)O)' 

T = -  

x (2.25)' 
T = 1290 lb-in. 
This exceeds thc required 1270 Ib-in. 

Strength evaluation 
Now make a check of tooth 

strength, using these factors in Eq 4: 

J = 0.228, from Fig 11 
K ,  = 0.645, from Fig 14 
St = 30,000 psi, from Table VI11 

All other factors remain the same 
as for the durability evaluation, hence 

T =  (1.125)(0.228) (0.84) (30,000) 4 
( 2 )  (0.645)(1.1) (5.78) 

X (2.25) 

(allowable for strength) 
T = 1770 lb-in. 

Safety factors: 

1290 = 1.01 for surface durability 
1270 

_- 1770 = 1.39 for strength 
1270 

The selected gears, therefore, are 

correct for surface durability but are 
conservative for strength. In, say, 
aerospace applications. strength would 
dominate over durability and a smaller 
(and lighter) pinion and gear set 
would be selected. However, on heav- 
ily loaded gears where special surface 
treatmmt is given to increase the sur- 
face resistance to wear, actual test 
experience has shown that fatigue 
breakage in the root fillet rather than 
a breakdown of the tooth surface does 
occur. Thus, in applications such as 
aircraft and automotive, adequate 
fatigue strength must be assured. 

The detail gear dimensions are now 
obtained. 

Gear diameter: 

Spiral angle: 
FPd = (1.125)(5.78) = 6.5 
The spiral angle is now selected 

with reference to Fig 6. From the 
curves the face contaot ratio, rnF, will 
be 1.72 with a 35-deg spiral angle or 
2.03 with a 40-deg spiral angle. If 
maximum smoothness and quietness 
is required, the 40-deg spiral angle is 
recommended. However, in this case 
the 35-deg spiral angle should give 
adequate smoothness. The lower spiral 
angle reduces the bearing loads and 
thereby reduces the cost of the unit. 

Working depth, Table IV: 

hk=---- 1'700 - 0.294 
5.78 

Whole depth, Table IV: 

MOUNTING DESIGN 
With regard to the mountings, the 

dzsigner should keep three points in 
mind: 

1 )  Designing the gear blanks, the 
shafts, bearings, and gear housings to 
provide the good rigidity as well as 
accuracy. 

2)  Designing the entire unit for ease 
of assembly. 

3)  Designing the blanks in a simple 
geometrical form for ease of manu- 
facture. 

The entire success of the bevel- 
gear drive depends not only on the 
design but also on care in manu- 
facturing the unit. The gears must 
be assembled accurately. 

Recommended methods for mount- 
ing bevel gears are shown in Fig 15 
and 16, and poor vs good design points 
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9 . - DURABILITY FACTORS FOR SPIRAL BEVELS 10 . - DURABILITY FACTORS, STRAIGHT A N D  ZEROL BEVELS 

Geometry fncicr, I Geometry focior, I 

11 . . STRENGTH FACTORS FOR SPIRAL BEVELS 12 , . STRENGTH FACTORS, STRAIGHT A N D  ZEROL BEVELS 

R M 304350 

Geometry factor,! 

13 . . DYNAMIC FACTORS FOR ALL BEVELS 

IO0 

0 80 

0 60 

0.40 

0 20 

0 1000 2000 3000 4000 5000 6000 7000 8000 
Pitch l ine velocity,V,ft,/mln 

* '516 020 024 028 c32 o x  
Geometry factor, J 

w 
Y 

L 0 + 0 

0 - 

14 . u SIZE FACTORS FOR ALL BEVELS 

Diornetral p i t c h ,  Pd 
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below. As a general rule rolling- 
friction bearings are superior to plain 
bearings for bevel gear mountings. 
This is especially true for spiral-bevel 
and hypoid gears because these types 
must be held within recommended 
limits of deflection and locked against 
thrust in both directions. 

Gear lubrication 

There are two methods recom- 
mended for lubricating bevel gears- 
the splash method and the pressure or 
jet method. The splash method, in 
which the gear dips in an oil sump 
in the bottom of the gear box, is satis- 
factory for gears operating at periph- 
eral speeds up to 2000 fpm. At higher 
speeds churning of the oil is likely 
to cause overheating. For speeds 
above 2000 fpm a jet of oil should be 
directed on the leaving side of the 
mesh point to cover the full length 
of the teeth on both members. If the 
drive is reversible, jets should be di- 
rected at both the entering and leaving 
mesh. 

Some present-day gear lubricants 
will operate continuously at tempera- 
tures of 200 F and above. However, 
160 F is the recommended maximum 
for normal gear applications. Special 
oils are not normally required for 
bevel gears; the lubricants for spur 
and helical gears are also used for 
straight, Zero1 and spiral bevels. 

Typical mounting details 

c 

1 5 .  OVERHUNG MOUNTING: T H E  DISTANCE BETWEEN BEARING CEN- 
TERS SHOULD BE GREATER THAN TWICE T H E  OVERHUNG DISTANCE, L.  

16.  STRADDLE-MOUNTING FOR BOTH MEMBERS OF A SPIRAL BEVEL 
PAIR. FOR HIGH-RIGIDITY APPLICATIONS. 

POOR DESIGN 

Face width too great, more than 
one third of cone distaxe. 

I7 Metal at small end of pinion be- 
tween teeth and bore too thin. 

0 Webbed steel ring gear adds to 
cost of material and machining. 

0 Use of rivets to hold gear to hub 
introduces danger of runout. 

0 A setscrew is inadequate to hold 
gear in correct axial position 
and tends to "cock" the gear. 

0 Pinion held on shaft only by fit. 
O A n  overhung pinion cannot be 

held in line by one double-row 
bearing. 

UNO means of adjustment for 
gears. 

GOOD DESIGN 

Face width reasonable, less than 
one third of cone distance. 

OSuficient metal at small end of 
pinion to provide strength. 

0 Section of ring gear simpler and 
more direct in design. 

Screws hold gear to hub. 
0 Gear positively held in position. 

Pinion locked in position by 
washer and screw. 

0 Pinion rigidly supported by ad- 
dition of inboard bearing. 

0 Adjusting washers provided, to 
be ground to thickness required 
to correctly position gears. 

Pinion and bearings can be as- 
sembled as a complete unit. 
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0 .20U 5 Working depth = e 
I ( 3 )  

1 No. of  teeth, pinion YO 

3 Diometral pitch /O 7 Pressure ongle ao' 
4 Face width 0,y5c 8 Total backlosh 0.003 

I 

6 Whole depth = 2.188 + 0.002 0.2208 80 ("D+F") 13) 2 No o f  teeth, geor 
I - 

L+ 

Worksheet Streamlines 

9 

I I 

13 

15 

18 

Bevel-Gear Calculations 

P I N I O N  G E A R  
(Thick underlining indicates working dimensions) 

f.000 10 Pitch dio. (3 13) 8.000 11) Pi tch dia. - (3) 

Tan - 
I 2 1  

Pi tch angle I l l), in  deg. 26' 39 ' 14 Pitch ongle 112) 63 * 26' 

/ .7888 16 Cone distance 4.Y722. I151 
2 X cos (13) 

(see table) Addendum ( 5 ) - ( 1 7 )  0. / 3 5  17 Addendum = ( 3 )  

( 1 )  0.5000 12 Tan .2. nc00 
( I )  

0.0 6 5  

B. J. Mumken 

Rotias 
' 

From To 

1.00 1.00 
1.00 1.02 
1.02 1.03 
1.03 1.05 
1.05 1.06 

T h e  following worksheet neatly gathers together the 

Adden- Ratios 
dum, 

in From To 

0.850 1.15 1.17 
0.840 1.17 1.19 
0.830 1.19 1.21 
0.820 1.21 1.23 
0.810 1.23 1.26 

many mathematical problems that need solving when 
designing straight bevel-gears. And they are numbered in 
the correct sequence-no need to hunt "all over the place" 
as when using formulas in the usual bevel-gear tables. 
In fact, there are no formulas as such-and, therefore, 
no need for working with the many Greek symbols found 
in them. 

Instead, the language here is in terms of the actual 
working operations. For example, space (9) tells you 
to obtain pitch diameter of the pinion-simply divide 

- 

the value in space (1) by the value in space ( 3 ) .  And 
to get root angle for the gear, you are told to subtract 
the value in space (24) from the value in space (14). 
Each bracketed number refers you to a value previously 
filled in. 

Just fill in the known values for pinion and gear in 
the first eight spaces, then work through the sheet, which 
is based on the Gleason system for 90" straight bevel- 
gears. Final result (next page) is gear-blank dimensions. 

Colored numbers show values obtained in a sample 
problem worked out by this method. 

Adden- Ratios Adden- Ratios 
dum, - dum, 
in. From To in. From To 

0.750 1.41 1.44 0.650 I 99 2.10 
0.740 1.44 1.48 0.640 2.10 2.23 
0.730 1.48 1.52 0.630 2.23 2.38 
0.720 1.52 1.57 0.620 2.38 2 5 8  
0.710 1.57 1.63 0.610 2.58 2.82 

0.700 
0.690 
0,680 
0.670 
0.660 

1.63 1.68 0.600 2.82 3.17 
1.68 1.75 0.590 3.17 3.67 
1.75 1.82 0.580 3.67 4.56 
1.82 1.90 0.570 4.56 7.00 
1.90 1.99 0.560 7.00 a 

1.06 1.08 0.800 1.26 1.28 
1.08 1.09 1 0.790 I 1.28 1.31 

25 

27 

1.34 1.37 
1.37 1.41 

Face angle (13) t (24) 28 '32 '  26 Face angle (14) t ( 2 3 1  / - y o  90' 

Root angle I131 - ( 2 3 )  2..5°3(.l' 28 Root angle (14) -(24) g/ '3.8 

Adden- 
dum, 
In 

0 550 
0 540 
0 530 
0 520 
0510 

0 500 
0490 
0480 
0470 
0 460 
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44 

45 

47 

49 

51 

53 

55 

57 

Circulor tooth th ichness=(39)-(43) U.lR2.5- 43 Circular tooth th ickness=(40)-(42) 0. /3 16 
(4413 o.Oob0 46 (4413 0.0022 
(91‘ 16.0000 48 (rol‘ 61% 0000 

6 x ( 4 7 )  96.00000 50 6 %  ( 4 8 )  3S%(?OO 

(45) 0.00006 52 :$\ 0. ouoo 149 1 

0. /30/  54 Chordal too th  thickness= 
0. I8 f  ( 4 3 )  - ( 5 2 ) - [ 0 5  x (e)]  

Chordol too th  thickness = 
( 4 4 ) - ( 5 1 ) - [ 0 5  x (811 

(44) ‘  x ( 2 9 )  0.02 78 56 (43)* x (301 0.00 77 
4 x ( 9 )  16.0000 58 4 x (‘01 3a.0000 

59 

6, 

0.0002 
0.065’2. 

( 561 n.oo/(r 60 (S) (55)  
(57 )  

( re )  + ( 5 9 1  0 .1367  62 (17) + (60) 
Chordol oddendum Chordal oddendum 

G E A R  

63 

65 

80 (76 )  t mfg. std. 0. f25’ 81 ( 7 7 )  + m f g . s t d .  

sin ( 2 8 )  0. 876‘5’ 64 sin ( 2 7 )  0. Y 77f 
cos (28)  0.4774 66 cos (271 0.8 788 

1-15 
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HELIX ANGLE 

OtG 

Special Angle Table Simplifies 
Helical Gear Design 

INCREASE IN  PITCH DIA AXIAL PRESSURE TANGENTIAL PITCHLINE LOAD 
OVER STANDARD SPUR GEAR ANGLE AT THRUST BEARING 

% PITCHLINE, 9 1 %  % 

A Helix angle whose cosine is a simple fraction permits rapid calculation of 
center distances and pitch diameters. 

W. U. Matson 

*O 

10 

20" 21'50.877" 

30 

ELICAL gears are used when H both high speed and high horse- 
power are required. Although the 45- 
deg helix angle is most popular for 
stock gears, as the gear can be used 
for either parallel or crossed shafts, 
the large helix angles-30 to 45 deg- 
impose high thrust loads on bearings 
when single helicals are used and un- 
less precisely cut and installed increase 
gear backlash. These helix angles also 
increase gear weight without propor- 
tionally increasing either the strength 
of the gear or the power and load the 
helical gear can transmit. 

0 20 0 106.4 

1.54 20°17' 17.6 106.6 

6.66 21"13' 37.1 107.3 

15.47 22"48' 57.7 108.4 

As Table I indicates, based on the 
use of disks, weights would increase 
as the square of the diameter. Hence 
a disk for a 45-deg helix angle of the 
same normal diametral pitch would 
be (1.4142)*, or twice as heavy for 
the same face width as a spur gear 
(0-deg helix angle). The table also 
points out the percentage of rise in 
thrust and bearing loads imposed by 
the higher-angle gears. 

Smaller helix angles-below 30 deg 
-may increase gear wear slightly but 
improve backlash tolerance and give 
lower bearing loads. One helix angle 

40 

45 

-20" 21' 50.887"-adds a majoi ad- 
vantage, ease of design. 

Why a small helix angle 
Thrust on the bearings caused by 

helix angles above 20 deg can be 
mitigated by double-helical or herring- 
bone teeth. However, face width in- 
creases and manufacturing is compli- 
cated. Most ball or tapered roller 
bearings capable of being preloaded 
can be used with gears of about 20-deg 
helix angle, as the thrust is less than 
50% of the tangential load. 

Backlash in the plane of rotation 

30.54 25"25' 83.9 110.7 

41.42 27"14' 100.0 112.5 

%he = 100 (l/cos q J  - l/cos 0" ) Tan = Tan qn %T = 100 tan q~ 1 
%, = 100 cos cos qJ 

TABLE I - Effect of helix angle on various parameters 
1 I I I 
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TABLE II -Values for one normal diametral 
Helix angle, Y, = 20" 21' 50.887" Pressure angle = 20" For Other Normal Diametral Pitches, Except for 

MEASUREMENT 1 NUMBER OF PITCH DIAMETER OUTSIDE OIAMETER OVER 1.728/Px 
FOR Ps=l FOR P s = l  WIRES FOR PI= I l ~ ~ ~ ~ ~ ,  N DI Do I M,* 1 17* 18.1333 20.1333 20.5249 

18 19.2000 21.2000 21.5948 
I 19 20.2666 22.2666 22.6641 

~ ~ ~ 

20 21.3333 23.3333 23.7334 
21 22.4000 24.4000 24.8026 

23 24.5333 26.5333 26.9402 
24 25.6000 27.6000 28.0089 
25 26.6666 28.6666 29.0773 
26 27.7333 29.7333 30.1457 
27 28.8000 30.8000 31.2139 
28 29.8666 31.8666 32.2821 
29 30.9333 32.9333 33.3502 

22 23.4666 25.4666 25.8714 

30 
31 
32 
33 
34 
35 
36 
37 
38 
39 

32.0000 
33.0666 
34.1333 
35.2000 
36.2666 
37.3333 
38.4000 
39.4666 
40.5333 
41.6000 

34.0000 
35.0666 
36.1333 
37.2000 
38.2666 
39.3333 
40.4000 
41.4666 
42.5333 
43.6000 

34.4182 
35.4860 
36.5539 
37.6217 
38.6894 
39.7571 
40.8247 
41.8923 
42.9599 
44.0274 

40 
41 
42 
43 
44 
45 
46 
47 
48 
49 

42.6666 
43.7333 
44.8000 
45.8666 
46.9333 

49.0666 
50.1333 
51.2000 
52.2666 

48.oooo 

44.6666 
45.7333 
46.8000 
47.8666 

50.0000 
51.0666 
52.1333 
532000 
54.2666 

48.9333 

45.0949 
46.1623 
47.2297 
48.2971 
49.3645 
50.4318 
51.4990 
52.5663 
53.6336 
54.7008 

50 53.3333 
51 54.4000 
52 55.4666 
53 56.5333 
54 57.6000 
55 58.6666 
56 59.7333 

58 61.8666 
59 62.9333 

57 6o.8000 

55.3333 
56.4000 
57.4666 
58.5333 
59.6000 
60.6666 
61.7333 
62.8000 
63.8666 
64.9333 

5 5.7 6 8 0 
56.8352 
57.9022 
58.9695 
60.0367 
61.1037 
62.1709 
63.2380 
64.3050 
65.3722 

64.0000 66.0000 66.4392 
65.0666 67.0666 67.5062 
66.1333 68.1333 68.5733 
67.2000 69.2000 69.6404 
68.2666 70.2666 70.7073 I 64 

MEASUREMENT 
\UMBER OF PITCH DIAMETER OUTSIDE DIAMETER OVER 1.728/Px 

TEETH FOR P s = l  FOR P x = l  WIRES FOR Px= 
IN GEAR, N D1 001 MI* 

65 69.3333 71.3333 7 1.7743 
66 70.4000 72.4000 72.8413 
67 71.4666 73.4666 73.9081 
68 72.5333 74.5333 74.9752 
69 73.6000 75.6000 76.0422 

70 
71  
72 
73 
74 
75 
76 
77 
78 
79 

74.6666 
75.7333 
76.8000 
77.8666 
.78.9333 
80.0000 
81.0666 
82.1333 
83.2000 
84.2666 

ao 
81 
82 

85.3333 

87.4666 
81moo 

76.6666 77.1091 
77.7333 78.1761 
78.8000 79.2432 
79.8666 80.3100 
80.9333 81.3770 
82.0000 82.4439 
83.0666 83.5107 
84.1333 84.5777 
85.2000 85.6446 
86.2666 86.7115 

87.3333 87.7784 
88.4000 88.8454 
89.4666 89.9121 .- 

83 88.5333 9 0.5 3 3 3 90.9790 
84 89.6000 91.6000 92.0460 
85 90.6666 92.6666 93.1128 
86 91.7333 93.7333 94.1797 
a7 92.8000 94.8000 95.2465 
88 93.8666 95.8666 96.3133 
89 94:9333 96.9333 97.3802 

90 
91 
92 
93 
94 
95 
96 
97 
98 
99 

96.UOOO 
97.0666 
98.1333 
99.2000 

100.2666 
101.3333 
102.4000 
103.4666 
104.5333 
105.6000 

98.0000 98.4471 
99.0666 99.5139 

100.1333 100.5807 
10 1.2000 101.6476 
102.2666 102.7144 
103.3333 103.7813 
104.4000 104.8482 
105.4666 105.9150 
106.5333 106.9818 
107.6000 108.0486 

~ __ 
100 
101 
102 
103 
104 
105 
106 
107 
108 
109 

106.6666 
107.7333 
108.8000 

110.9333 
112.0000 
113.0666 
114.1333 
115.2000 
116.2666 

109.8666 

108.6666 
109.7333 

111.8666 
112.9333 
114.0000 
115.0666 
116.1333 
117.2000 
118.2666 

iio.8ooo 

109.1154 
110.1823 
11 1.2491 
112.3158 
113.3826 
114.4495 
115.5163 
116.5831 
117.6499 
118.7166 

110 117.3333 119.3333 119.7834 
111 118.4000 120.4000 120.8503 
112 119.4666 121.4666 121.9170 
113 120.5333 122.5333 122.9838 
114 121.6000 123.6000 124.0506 

*For odd tooth gears-divide measurement over wires by 2 and make radial measurement. 

increases with helix angle. For larger 
helix angles, greater precision of gear 
cutting is required where the backlash 
desired is small in the direction of 
rotation. 

Manufacture by hobbing of gears 
with high helix angles is sometimes 
limited by the extent to which the hobs 

can be rotated or swiveled. Gears of 
high helix angle sometimes require 
special setups and equipment. 

Face width is usually planned to 
give complete pitch-line contact over- 
lap. For very small helix angles the 
face required to do this is large, as 
sin + becomes small in the denomina- 

tor of the equation. The small faces 
afforded by large helix angles can 
not be used because of forces dur- 
ing cutting. But, face widths for gears 
of about 20-deg helix angle are of 
reasonable size for the various nor- 
mal diametral pitches. 

Ease of design can not be ignored. 
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pitch for full depth helical gears 
Number of Teeth, Divide Values by Normal Diametral Pitch (Hob Cutter Pitch). 

NUMBER OF PITCH DIAMETER OUTSIDE DIAMETER 

I N  GEAR, N 
TEETH FOR P x = l  FOR P s = l  

122.6666 124.6666 
116 123.7333 125.7333 
117 124.8000 126.8000 
118 
119 

125.8666 
126.9333 

127.8666 
128.9333 

MEASUREMENT 
OVER 1.728/Px 

WIRES FOR Ps= 
M I *  

125.1174 
126.1842 
127.2510 
128.3177 
129.3845 

120 128.0000 
121 129.0666 
122 130.1333 
123 131.2000 
124 132.2666 

125 133.3333 
126 134.4000 
127 135.4666 
128 136.5333 
129 137.6000 

130.0000 
131.0666 
132.1333 
133.2000 
134.2666 

135.3333 
136.4000 
137.4666 
138.5333 
139.6000 

130.4513 
131.5180 
132.5848 
133.6516 
134.7182 

135.7850 
136.8519 
137.9186 
138.9854 
140.0522 

130 
131 
132 
133 
134 

135 
136 
137 
138 
139 

138.6666 
139.7333 
140.8000 
141.8666 
142.9333 

144.0000 
145.0666 
146.1333 
147.2000 
148.2666 

140.6666 
141.7333 
142.8000 
143.8666 
144.9333 

146.0000 
147.0666 
148.1333 
149.2000 
150.2666 

141.1188 
142.1856 
143.2524 
144.3191 
145.3859 

146.4527 
147.5193 
148.5861 
149.6529 
150.7196 

140 
141 
142 
143 
144 

145 
146 
147 
148 
149 

149.3333 
150.4000 
151.4666 
152.5333 
153.6000 

154.6666 
155.7333 
156.8000 
157.8666 
158.9333 

151.3333 151.7864 
152.4000 152.8532 
153.4666 153.9198 
154.5333 154.9866 
155.6000 156.0534 

156.6666 157.1201 
157.7333 158.1869 
158.8000 159.2536 
159.8666 160.3203 
160.9333 161.3870 

150 
151 
152 
153 
154 

155 
156 
157 
158 
159 

160.0000 162.0000 162.4538 
161.0666 163.0666 163.5205 
162.1333 164.1333 164.5872 
163.2000 165.2000 165.6540 
164.2666 166.2666 166.7206 

165.3333 167.3333 167.7874 
166.4000 168.4000 168.8542 
167.4666 169.4666 169.9208 
168.5333 170.5333 170.9876 
169.6000 171.6000 172.0543 

160 170.6666 172.6666 173.1210 I 161 171.7333 173.7333 174.1878 

MEASUREMEN1 
NUMBER OF PITCH DIAMETER OUTSIDE DIAMETER OVER 1.728/h 

TEETH FOR P,=l FOR P a = l  WIRES FOR Px= 
IN GEAR, N DI d01 M,* 

162 172.8000 174.8000 175.2546 
163 173.8666 175.8666 176.3213 
164 174.9333 176.9333 177.3881 

165 
166 
167 
168 
169 

176.0000 
177.0666 
178.1333 
179.2000 
180.2666 

178.0000 
179.0666 
180.1333 
181.2000 
182.2666 

170 
171 
172 
173 
174 

181.3333 
182.4000 
183.4666 
184.5333 
185.6000 

183.3333 
184.4000 
185.4666 
186.5333 
187.6000 

178.4548 
179.5214 
180.5882 
181.6549 
182.7216 

183.7883 
184.8550 
185.9217 
186.9884 
188.055 1 

175 186.6666 188.6666 189.1218 
176 187.7333 189.7333 190.1885 
177 188.8000 190.8000 191.2553 
178 189.8666 191.8666 192.3219 
179 190.9333 192.9333 193.3887 

180 192.0000 194.0000 194.4554 
181 193.0666 195.0666 195.5220 
182 194.1333 196.1333 196.5887 
183 195.2000 197.2000 197.6555 
184 196.2666 198.2666 198.7221 

185 197.3333 199.3333 199.7889 
186 198.4000 200.4000 200.8556 
187 199.4666 201.4666 201.9222 
188 200.5333 202.5333 202.9890 
189 201.6000 203.6000 204.0557 

190 202.6666 
191 203.7333 
192 204.8000 
193 205.8666 
194 206.9333 

195 208.0000 
196 209.0666 
197 210.1333 
198 211.2000 
199 212.2666 

204.6666 205.1223 
205.7333 206.1891 
206.8000 207.2558 
207.8666 208.3225 
208.9333 209.3892 

210.0000 210.4560 
211.0666 211.5226 
212.1333 212.5894 
213.2000 213.6561 
214.2666 214.7227 

200 
300 
400 
500 
600 
700 
800 
900 
IO00 

213.3333 215.3333 215.7894 
320.0000 322.0000 322.4590 
426.6666 428.6666 429.1270 
533.3333 535.3333 535.7946 
640.0000 642.0000 642.4618 
746.6666 748.6666 749.1288 
853.3333 855.3333 855.7958 
960.0000 962.0000 962.4627 

1066.6666 1068.6666 1069.1295 

And the cosine of 20" 21' 50.887" 
is equal to 0.9375 = ' ? i o ,  a simple 
fraction. Thus, many design calcula- 
tions can be done in longhand or with 
slide rule, eliminating some tedious 
calculations. For example, if a 20-deg 
angle is used the cosine value equals 
0.93969262, much harder to manipu- 

late than 1 5 / 4 6 ,  although the difference 
in helix angle is slight. 

There are many other angles whose 
cosines are simple fractions such as 
413, Oi ' 1 9  %, etc. These range from 
helix angles of 36" 52' 11" to 16" 15' 
36" and many have simple sine values. 
Many of these might be good choices. 

Why standardize on an angle 
Manufacturing and engineering can 

be simplied, as stocks of helical gears 
could be made and cataloged for 
the trade as is done with spur gears. 
In addition, expensive cam guides for 
gear shapers could be purchased with 
certainty of full use by gear manu- 
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13 1 F = 9.03/PN = 0.188 
14 

I 

c = (DG f 00)/2 

1-19 

Use 0.250 Use 0.218 

1.1333 ~ 1.1333 I 

EXAMPLE-DESIGN OF HELICAL GEARS - + = 20" 21' 50.887" 

P N  = 48, PA = 20°, N p  = 38, NG = 64 

STEP FORMULA PINION 

1 
2 
3 
4 
5 

6 
7 
8 

9 

10 
11 
12 

P = (Piv)(15/16) 

P A  = pressure angle (given) 

P N  = normal diametral pitch (given) 

N = number of teeth (given) 

$ = helix angle (given) 

D = Dl(table)/P&- 

a = 1 / P N  
Hand 
Whole depth 

Do = Doi(table)/PN 

G = 1.728/P.v 

M = Ml(tabh)/PN 

45 1 20" 

~ 

I 48 

38 
20" 21' 50.887" 

0.8444 

0.02083 

Right 

Not required 

0.8861 

0.036 I 

j 0.8949 

GEAR 

45 
zoo 
48 

64 

20" 21' 50.887" 

1.4222 

0.02083 

Left 

Not required 

1.4638 

0.036 

1.4730 

fac tures  And, it is now possible to 
achieve enough precision to manufac- 
ture fully interchangeable helical gears 
rather than furnish them in pairs of 
special design. Mathematical tables 
such as those that follow can be used 
to simplify design and manufacturing 
calculations. 

Tables reduce mathematics 
Helical gears can be manufactured 

by hobbing with standard spur gear 
cutters as easily as spur gears, once the 
essential calculations have been made. 
For this reason, the following set of 
helical gears with a helix angle of 
20' 21' 50.887" io suggested for use 
where smoothness, lack of vibration 
and quietness of drive are desired. 

Tables have been prepared in terms 
of one normal pitch, with the effects 
on the dimensions caused by the helix 
angle already incorporated. To ob- 
tain the values to be tabulated for a 
gear, the one-normal-pitch dimen- 
sions are divided by the normal (or 
cutter) diametral pitch. Steps in using 
the table are: 
1) Complete pitch diameters by either 
of these two methods: 

a )  By formula: 
D = N/P = N/PN cos 4 

= N/PN(  15/ 16) 
= 1 6 N / 1 5 P ~  

b) By table: 
Choose value D,  and divide by 

the cutter or normal diametral pitch, 

the cutter or normal diametral pitch, 
p,. 
2) Compute outside diameter of gears 
by either of these two methods: 

a) By formula 

Add 2/PN to pitch diameter 
b )  By table: 
Choose value Dol and divide by 

normal diametral pitch, for full-depth 
involute gears only. 
3) Compute minimum face width, F .  
Very wide faces should be avoided. 

F = T / P N  S in  I) = 9 . 0 3 / P ~  
4) Compute measurement over wires. 
This has been done for one normal 
diametral pitch; hence divide table 
M ,  values by normal diametral pitch, 
F". Use radial measurements for 
odd-toothed gears. 
5) Compute thrust. Any ball or 
tapered roller bearing of the same 
shaft bore that has provisions for axial 
preloading or thrust will usually be 
adequate to handle thrust of these 
helical gears. Where doubt exists, 
thrust load W ,  equals W tan I), which 
is 0.371 W .  W is tangential pitch- 
line load. Bearings should be free of 
end play and kept close to gears for 
rigid support. 

How to use tables 
A design example is shown above. 

A summary of the formulas used for 
the example in order of gear tabula- 
tion for drawings would be: 

1) Diametral pitch in plane of rota- 
tion, P 

P = P N  cos* 
2) Normal pressure angle, +N 

3)  Normal diametral pitch, P N  

4) Number of teeth, N 
5 )  Helix angle, $ 
6 )  Pitch diameter, D 

D = Dl(table)/PN 
7 )  Addendum, a 

a = l / P N  
8) Hand, one gear must be left, the 

9) Whole depth, not required 
other right 

10) Outside diameter, Do 
Do = Doi(table)/PN 

1 1  ) Wire diameter, G 
G = 1 . 7 2 8 / P ~  

12) Measurement over wires 

13) Minimum face width, F 
F = 9 . 0 3 / P ~  

14) Center distance, C 

M = Ml(table)/PN 

c = (DO f DP)/2 
All other values such as index gears, 

feed gears, machine constant, feed, 
material, etc, must be determined 
on the basis of gear application and 
machine type and cutter type to be 
used. This information must come 
from the gear consultant and is based 
on manufacturing equipment avail- 
able for generating the gear teeth. 



1-20 

Form Cutters for Helical Gears 
Oliver Saari 

M o s t  handbooks and other  sources 
still  give the  formula for the  selec- 
tion of the  proper  s p u r  tooth cu t te r  
for  milling involute helical gear  
tee th  as being 

where  

N = actual  number  of tee th  
in  gear  to be cu t  

$ = hel ix  angle  of gear  
to be  cu t  

N c  = number  of spur  gear  
tee th  for which cu t te r  
h a s  been made. 

No spur- tooth form cut te r  can 
give a n  exact  involute  shape when  
used to mil l  helical teeth-in fact, 
even for s p u r  gears  the form is cor- 
rect  for only one number  of tee th  
in the  r ange  specified for a given 
cutter.  B u t  Formula  (1) gives a 
needlessly poor approximation,  
par t icular ly  wi th  small  numbers  
of teeth and helix angles above 20". 
I ts  continued presentat ion to  t h e  
gear-cutt ing public is s t range  i n  
view of t he  fact  t ha t  t h i r ty  years  
ago Ernes t  Wildhaber published 
a much more  exact  and almost a s  
simple formula for finding the  cut-  
ter  number  (AM-Dec. 20, 1923). 
This formula is 

N 
cos' * Nc =- f (PnDe) tan*$ (2) 

where  the  symbols a re  t h e  same as 
before, and  in  addition 

P. = normal  diametral  pitch 
of gear  and  cu t te r  

D, = pitch diameter  of cu t te r  
= OD of cu t te r  - 2 X de- 

dendum of gear  

This formula gives values  which 

Pj= DIAMETRAL PfTCH 

FIG. 1 . . . Empirical relationship of gear-cutter pitch diameter to 
diametral pitch (Stondard ITW cutters) 

0 

Fig. 2 . .  . Empirical relationship of P,,D, to diametral pitch for stand. 
ard ITW cutters 

tooth-thickness and  pressure angle 
a t  one point of t he  tooth profile, Possibly one reason tha t  this 
and the  spur  cutter itself provides simple formula has  not been  in- 

above and below this point. 

a r e  theoretically exact  i n  both a crowning or relieving effect cluded in t h e  readi ly  available 

Reprinted with permlssion from American Machinist, A Penton Media Publication 



Gears & Gearing 1-21 

gear l i t e ra ture  is t h e  fact  t h a t  i t  
involves the cu t te r  pit-h diameter.  
This var ies  w i th  t h e  diametral  
pitch and  wi th  the  various manu-  
facturers.  It is not generally known 
to the  tool designer or anyone ex- 
cept t he  man  in  t h e  shop who ac- 
tually gets t h e  cu t te r  f rom t h e  tool 
crib. Then  i t  is too la te  to do any-  
thing b u t  “cut  and try.” 

This difficulty can be eliminated 
by establishing a n  empirical  re-  
lationship be tween t h e  cu t te r  di- 
ameter a n d  d iamet ra l  pitch. S p u r  
cutter sizes can ,be directly related 
to d iamet ra l  pitches, even though 
such a relation m a y  not be inten- 
tional on the  p a r t  of t h e  manufac- 
turer, because t h e  proportions of 
the tooth form a n d  the  size of hole 
required almost automatically dic- 
tate t he  “na tura l”  size of t he  cut-  
ters. A curve  of this relationship,  
together with an empirical  formula,  
is shown in Fig. 1. Even though the  
individual cut ters  m a y  deviate 
slightly f rom this  curve,  t he  errors  
caused by  the  deviation a r e  fa r  
smaller than  those resul t ing if t h e  
effects of cu t te r  d iameter  a r e  ig- 
nored altogether.  

The combined relationship of t h e  
product P,,Dc, which appears  in  t h e  
exact equation (2),  to the  diamet-  
ral pitch is shown in  the  curve and  
empirical formula  of Fig 2. This 
curve and Equat ion (2) a r e  suffi- 
cient for all calculations in t h e  
range of pitches f rom one to 20. 
A combined fo rmula  which may  be  
used alternatively if Curve  ( 2 )  is 
not available is 

N 
N e  =- cos= $ 

+ 1.1 tan2+ ( 3 )  4- p n  (p”1:;.8 ) 

80 ”I 

I/ = H E L I X  4 O F  GEAR TUBE CUT 

FIG. 3 . .  . Curves for 6-DP geor, 10 teeth, showing the variation in 
Form-cutter number determined by  the exact end  approximate se- 
lection formulas 

tained by  t h e  use of Equat ions (1) 
and  (3) f o r  one par t icular  case- 
10-tooth. 6-oitch gears  of various 

curves of Fig 3. These curves show 
tha t  t he  exact formula gives a bet-  
t e r  choice of cut ter  n u m b e r  for  all  

I -  - 
A comparison of t h e  values ob- helix angles - is shown by  the  helix angles above 17” 
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Planetary Gear Systems 
Efficiency and Speed-Ratio Formulas 
Here are complete torque, speed, and power analysis, a new method 
for finding efficiencies and final formulas ready for use. 

john H. Glover 

HE remarkably high speed reduc- T tions that are produced in rela- 
tively small spaces by planetary gear 
systems fascinate gear designers. New 
gear arrangements are periodically de- 
veloped-you might say invented-- 
and it  is surprising to note how similar 
many of them look when compared to 
each other. Yet, slight differences can 
cause one arrangement to have a much 
higher or lower speed-reduction ratio 
than another. 

But speed reduction is not the only 
design criterion. Just as important is 
the overall efficiency of the gear sys- 
tem. This determines the amount of 
power that the gear system consumes 
(mostly in the form of heat). and hence 
the horsepower requirements of the 
motor that drives the planctary. 

Most designers would find it difficult 
to calculate the overall efficiency of a 
complex planetary. And when they de- 
rive the efficiency formula they cannot 

be sure that the formula is correct. In 
fact, the types with multiple carriers 
and split power, such as Ex 8, p 76,  
seldom have been analyzed in the lit- 
erature. 

This article, then, not only provides 
new easy-to-use “cook-book” formulas 
for overall efficiency and speed ratio, 
but  also presents torque and angular 
speed values for the member-gears of 
the planetaries which are needed for 
the design of the gears themselves. 

Schemot/c diagram Torque f low dagram 
for N3 =80 Planetary assembly.., 

and its schematic, torque-flow, fixed carrier and power-flow 
diagrams. The 20 systems that follow use the same notation 
system, and include speed-ratio formulas, R, and 
overall-efficiency formulas, E. Caruer 

Input 
Rhg gea4 3 
/ f ixed)  Sun gear 
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Role T W W e  

Input 1 I - 

Such torque and speed values are also 
needed for the design of clutches or 
fastenings to lock the reaction gears 
from turning (the gears that do not 
rotate in the aqsembly) . 
How to use the boxed examples 

The basis for deriving speed-ratio, 
efficiency, and torque values is given 
Onpl-28. It will help you develop for- 
mulas for your own planetary arrange- 
ments should you need them. But 
chances are good that the planetary 
system you want is in the group of 
planetary systems that begin with Ex 1 
below (there are 20 systems to select 
from). Thus you can go directly to 
the boxed systems to obtain: 

Schematic diagrams displaying the 
skeletal structure of the various gears 
and planet carrier hook ups (see the 
illustrations below, left, for an explana- 
tion of the diagrams). The schematics 
also show the torque flow and power 
flow through all the members of the 
gear assembly. 

Formulas for the overall speed 
ratio, R. This is a function of the 
number of teeth of the gears (NL, N,., 
etc). Typical values for the number 
of teeth have been selected in the 
examples to illustrate how torque and 
power splits or combines while flow- 
ing through the gears. 

Formulas for overall efficiency, E.  
These formulas require knowing only 

- A  I 1/5 

the number of teeth and the efficiency 
between meshing teeth. For examp!e, 
el, is the mesh efficiency between 
gears 1 and 4. You can assume a mesh 
efficiency of E = 0.98 (98%) for 
each external mesh and E = 0.99 for 
each internal mesh, in keeping with 
common practice. Because power 
losses are always positive in sign, the 
terms in the efficiency equatioas which 
constitute losses are frequently en- 
closed in bars to indicate that an 
absolute (positive) value is always to 
be used. 

Table of torque and speed values 
for the various members of the sys- 
tem. Each member is listed in the 
first column. The letter C stands for 
carrier (see list of symbols onpl-28); 
the numbers represent gears. 

The second column in the table 
shows the role that each member plays 
in the gear set. It may be the input 
or output member; it may be a reac- 
tion member, as is the case with the 
ring gear ( 3 )  in Example 1;  or it may 
be an idler gear with no influence on 
the gear ratio. 

The third column gives the torque 
acting on each member in relative 
terms. The torque on the input is set 
at I ,  idlers have zero torque, and 
the torque on the other members is 
usually in terms of the speed ratio, R .  
Hence in Example I, the torque on 
the output member is equal to -R, 

w- w c  

or for the number of teeth shown, 
R = %, and the output torque will 
be ?4 the input torque. The reaction 
member takes up 4/5 of the input 
torque. Input speed is assigned 1 .  

The fourth column gives the abso- 
lute angular speed, 0, of the member 
around its own axis (which includes 
the speed imparted to the member 
by a moving carrier. 

The fifth column gives the angular 
speed of tooth engagement, w,, which 
is its absolute speed minus the speed 
of the carrier. 

By multiplying the T and o values 
you obtain the power transmitted 
through a member. Also, by multi- 
plying the T and W, values you ob- 
tain the power circulating in its tooth 
engagement (if it is a gear). 

The boxed systems also display an 
“equivalent fixed carrier” power-flow 
diagram. By assuming that the car- 
rier is fixed you quickly see a non- 
dimensional, relative-value flow of 
torque, speed, and power, starting 
with assigned values of unity for in- 
put torque and input angular speed. 

How to derive new formulas 
The method which produced all the 

formulas and relationships in the 
boxed examples is based on the use 
of ratio factors, called R-factors, 

Boxed formiilus continue on  next page 
Derivation continues o n  pagel-28 

-1/5 I 5 

3 

- 4/5 T - 
4 4/5 

C 

-4/5 

Input 

Power flow 
for 4=20 

N2 =30 
N3=8O 

I. Simple planetary system -- input to carrier 
Speed - ratio forrnda 

1 

3 
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+% Member Fiole T w 

1 I npu t  I 

~~ 

2. Simple planetary system -0 input to sun 

w, 
w - w C  

Ring geoc 3 

c 

4 

Power & forque !/ow for N, = 25 

4T 

'F 

A IT  

fl3 R = f t -  
*/ 

3. Simple planetary system -0 with carrier fixed 
Torqye flaw 3 

Oiaqrams 
for 

N2 2 30 
N3 = 80 

lvf =20 
E = '/2 '23 

o u t p u t  

4. Compound planetary -= input to carrier 
Power flow 

-@ --'/7&fe i 
Oiagroms 

for 
N, = 30 

c lvz =20 
N3 =35 

Input 
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N N  R.7-  .&Z 
4 B3 5. Compound planetary -- input to  sun 

Torque flow 

41 

Power f/oLv 

Inpu t  li) -uIC 

Outout - R  1 /R - 

6. Double-eccentric planetary 

R =I764 
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firque flow numbers 

8. Triple ring-gear drive 
Member  ? o l e  T W 

i I r ' @ J t  1 i 
10 CUfDUt - P  1 / P  

C3 

C, 
4 1  

f G r  
Nl = N, = N4 = 20 

N5=N7-NB =IO 

N3 N6=N9=60 

R e a c t i o n  R - i  O 
Spl i t  -q3 WO output 

' rom i -ii- T l 3 )  wq 

p p  + t o  2 -iC, w , t w e 2  

1 Member I R o l e  I T l o  I 
I I 

/625T 5 /22/ N N  
9. Minuteman-cover drive 

- //375 Oe I f  # 4=34 l?$=74, N3=9, 
R'= ':-54/?5 for ?- 1 -- 407 i -  k4 - NZ Nq=33 3=75 

I 
I 
I 

--J 

7ko7 -48% - 

3 455 455 

2 Power flow 3 

Member  R o l e  T w We 

3 Input 1 I w - w c  

5 O u t p u t  -R ' /R w-w,  

2 I React ion R - l  0 w - w c  
I 1 

I h p u f  3 I Oufpuf 
___c 

/ 
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13. Coupled planetary drives (continued) 14. Differential drive 
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Coupled ring 2, and 
planet carrier 

-9, 
r )  

Power flow 
for 

N2 -N4=60 
Nf=N3 = 20 

Fixed differential drives 
15. 16. 

18. Fordomatic transmission planetary 
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19. GM Hydramatic planetary 

- 5/3 r 
r-----l 

SYMBOLS 

C = carrier (also called “spider”)-a non-gear member of a gear train 

m = fixed gear ratio (for a train with no rotating carriers) 
N = number of teeth 
R = overall speed reduction ratio = w ( / w *  Subscripts 
f = follower (in a gear train) 0 = output 
d = driver (in a gear train) i = input 
t = gear train r = reaction 
w = angular speed c = carrier 
T = torque e = equivalent 
c 
E = overall planetary gear mesh efficiency train 

Use of double subscripts 
mIJ = gear ratio for the train starting at gear I as input and proceeding to 

gear 3 as output 

whose rotation affects gear ratio 

= efficiency between meshing teeth 1, 2, 3, etc.- gears in a 

= mesh efficiency between gears I and 3 

vhich give the ratio between individ- 
dal members of the assembly in terms 
of m, the gear ratio for the assembly 
if the carriers are assumed fixed. 

When carrier is input 

When carrier is output 
R, = 1 - mir 

When carrier is a reaction member 
(locked to frame) 

R, = mto 
Subscript or refers to the ratio be- 

tween output (0) and reaction ( r )  
members, etc. See list of symbols for 

definition of other symbols and sub- 
scripts. 

Speed ratio formulas 
The R-factors lead directly to the 

speed ratio formulas. For example, for 
a complicated planetary with five 
gears, the Minuteman cover drive, 
Example 9, in which one ring gear 
is fixed and the second is the output, 
the overall ratio is 

1) Write out the m-train sequence, 

2)  Place a plus sign over the num- 
as shown after Step 6 below. 

ber of the first driver. 

3) Mentally turn the first driver 
and note the direction of rotation of 
the next gear in mesh with it. 

4) Place the appropriate sign over 
the number of this next gear. 

5 )  Continue in this manner to the 
end of the train. 

6) Signs of m are the same as 
that of the last follower. 

( + I  (-1 (-1 ( -> 
t i r =  3 - 4 - 1 - 2  

(4 ( J f )  (4 (f) 

(+) (+> ( + I  (+ I  
t,= 5 - 4 - 1 - 2  

(4 (f) (4 (f) 
7) Magnitude of m = product of 

N,’sl product of Nd’s. 
m,, = m32 = Nc N%/NS Ni 
mor = ms2 = Nd NZ/Nb N I  

Thus for the number of teeth se- 
lected (see Example 9 )  you obtain a 
541% speed reduction. The final 
formulas derived by this method are 
given in the boxed examples. 

Efficiency formulas 
The overall gear-mesh efficiency 

formula for planetary gear systems is 

1 - Total R,  and R, losses 
1 + Total Ri losses- 

E = __- 



Gears & Gearing 1-29 

Power flow 20. Tractor transmission planetary 

- 1066 - 
691 ri 

with their mates. These losses can be 
determined by first computing “ p  fac- 
tors” from the following equations: 

mor - m, 
1 - mor Pi = 

- m,, 
1 - mr P o  = 

Then, in computing R,  loss, when 
p, comes out positive, use the equation 

R ,  loss = p%[-:; - l] 

When p l  is a negative value, use 

R, loss = I p,  I (1 - tor) 

Note that you employ the absolute 
value of p, in the second equation (you 
assume that it is a positive value). 

In the same manner, when po is 
positive 

Ro loss = po (1 - E*, )  

When p. is negative 

Also, in all cases 

The p-factor is a “signed” quantity. 
Its sign indicates the direction of 
power flow in the equivalent fixed 
carrier (EFC) train (power flow 
diagram), and its size indicates the 
magnitude of the equivalent power. 
In the power flow diagram the law 
of direct-current flow for electrical 
circuits applies. The flow to a jiinc- 
tion point in the power flow diagram 
must be equal to the flow From the 
junction point. 

R, loss 1 - ei, 

As can be noted in Fig 1, input is to 
gear 1 and output is from carrier C 
with gear 3 fixed (reaction member). 
Equivalent power, P,, flows from 1 to 
2 through gear meshes 12 and 23, and 
input power carries a plus sign and 
output power a minus sign. The power 
losses sustained in driving these gears 
through mesh with their mates in the 
EFC train is the same as (equivalent 
to) the power losses circulating in the 
same tooth engagements in the train. 

The external torque, T ,  acting on 
each member remains the same in the 
EFC train, but the speed, OJ, of each 
member is reduced algebraically by 
the speed of the carrier, w c  (since the 
carrier is artificially stopped). There- 
fore w - a, = o~. or equivalent speed. 

Turn now to Example 1, where a 
specific planetary gear set with num- 
bers of teeth given is shown. Here 
gear 3 is fixed, the EFC train sche- 
matic is omitted, and the EFC power 
flow is shown, this time with actual 
torque and equivalent speed values 
shown on the EFC power flow dia- 
gram corresponding to T and O, values 
in the table. 

The pt factor for Example 1 is 

If N ,  = 20, N z  = 30 and N 3  = 80, 
then pi = + 4/5. The plus sign means 
that the equivalent power flow is 
“like” the flow in the planetary sys- 
tem, and 4 /5  means that the equiva- 
lent power is 4/5 of the planetary 
transmitted power. The term ‘‘like’’ is 
carefully chosen, because the flow is 
not identical. In the planetary train the 

transmitted power flows from i to o 
or C to 1. In the EFC train equivalent 
power flows from r to o or 3 to 1.  
The flow is “like” because in both 
cases the flow is to 0. (Had the sign of 
pi been minus then the flow would 
have been from o to r and therefore 
“unlike”. ) 

Returning to the equation for effi- 
ciency, it can be rewritten as 

1 E =  ____ 
1 +I f , /  (2;- - 1) 

This equation is then put into the 
form you see in Ex I ,  with the number 
of teeth replacing p. This is done for 
every example for ease of use. 

To better understand the flow of 
power in a planetary, it is helpful to 
know that the equivalent speed of a 
member is equal to its speed of tooth 
engagement. Equivalent power and 
power circulating in tooth engagement 
likewise are identical, since power is 
proportional to the product of torque 
and speed. This means that frictional 
power losses due to gear tooth action 
in planetary trains and power losses 
in EFC trains are the same and are 
equal to the difference between equiv- 
alent input and output power. 
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Checklist for Planetary-Gear Sets 
These five tests quickly tell whether the gears will mesh, and whether there is room 
for them to fit together. 

Hugh P. Hubbard 

Y o u  have decided to design a planetary-gear system 
with a ccrtain gear ratio, and have chosen the number 
of teeth for each gear to get that ratio. Will  it work? 
Will tlic gears fit together to make a workable system? 

If they can pass the following five tests, they will. 

I-Do all gears have the same circular pitch? 

If they do not, the gears will not mcsh. 

CP 

\ 

\ 
PD 

Circular pitch CP = r / D P  = PD/N 
Circular pitch and number of teeth determine pitch 

diametcr, which leads to the iicxt tcst: 

I SYMBOLS 
C P  = Ciroular pitch, in. 
L = Dietenoe from center of 8un m r  bo center of 

M = Major or outside diameter of gear, in. 
D P  = Diametral pitch, teeth/in. 
m = Minor, or working depth diameter of gear, in. 
N = Number of teeth per gear 
P D  = Pitch diameter, in. 
z = The whoIe number in dividend when Ei. 

y = The whole number in dividend when N ,  

2 

Q 

planet gear, in. 

is divided by number of phnets 

is divided by number of planeta 
= Inmment for locating planet gear 
ie: Angular loeation of planet gear 

2-Will the gears mate at the pitch diameters? 

the spacc bctween the sun gcar and the ring gcar: 
This cqmtion shows whether thc planct gcar will fill 

N - Nr-  N8 
p -  a 

Planef 

3-Will the teeth mesh? 

Gears that pass the first two tests will not necessarily 
pass this one. If the gears have the wrong number of 
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teeth, the planet gear will not mesh with the sun gear 
and the ring gear at  the same time. Gears with nuni- 
bers of teeth divisible by three will mesh. There arc 
two other possible cases. 

Case I-The number of teeth on the sun gear di- 
vides evenly into the number of teeth on the ring gear. 
This set will mesh, if allowance is made by spacing the 
planet gears unevenly around the sun gear. 

EXAMPLE: In a set of planetary gears the ring gear 
has 70 teeth, the sun gear 14 teeth and each of the 
three planet gears 28 teeth. Even spacing would place 
the planet gears every 120", but in this case they 
must be placed slightly to one side of the 120" point 
to mesh. Since N .  divides evenly into N, there is a 
tooth on the ring gear opposite every tooth on the 
sun gear. Therefore, it is possible to fit a planet gear 
opposite any tooth on the sun gear. Tooth 6, five 
circular pitches from tooth I ,  is the choice because it is 
closest to being one-third of the way around. I t  is 
opposite tooth 26 on the ring gear, because Nr,/Ms = 
70/14 = 2 5 / 5 .  

Case 11-The number of teeth on the sun gear 
does not divide evenly into the number of teeth on the 
ring gear. This set may or may not mesh; the following 
example shows how to tell. 

EXAMPLE: In a set of planetary gears with three 
planets, the ring gear has 134 teeth, the sun gear 
14 and the planet gears 60 each. N,/3 = 14/3 = 4.67, 
so the whole number x = 4. N, /3  = 134/3 = 43.67, 
so the whole number y = 44. 

Plug these numlbers into the locating equation 
(x+z )  N , /N ,=y+(1 -2 )  =(4+2) 134/14=44+(1-~) 

10.572 = 6.72 
z = 0.636 

Location of the planet gear as a fractional part of 
the circular distance around the set is (x + z ) / N .  = 
4.636/14 = 0.3311, and y + ( 1  - z ) / N ,  = 44.364/ 

134 = 0.331 1. The  answers agree to four places, so the 
gears will mesh. If the answers don't agree to four 
places, there will be interference. 

Angle a = 0.3311 x 360 = 119.2" 

4-Can three planets fit around the sun gear? 

They will if the major diameters adhere to  the limi- 
tation M, + m./2 < m, by a safety clearance of h 
in. more than maximum tolerances. 

5-Will irregularly spaced planets hit each other? 

Two adjacent planets will not hi t  each other if 2L 
sin (180 - a) > M ,  p 2~ in. safety clearance. Sun- 
to-planet center-to-center distance L = (PP, + 
l'Dp) / 2 .  
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Cardan-Gear Mechanisms 
These gearing arrangements convert rotation into straight-line motion, 
without need for slideways. 

Sigmund Rappaport 

Cardan gearing . . . 
works on the principle that any point on the 
periphery of a circle rolling on the inside of 
another circle describes, in general, a hypo- 
cyloid. This curve degenerates into a true 
straight line (diameter of the larger circle) if 
diameters of both circles are in the ratio of 
1:2. Rotation of input shaft causes small gear 
ro roll around the inside of the fixed gear. A 
pin located on pitch circle of the small gear 
describes a straight line. Its linear displace- 
ment i s  proportional to  the theoretically true 
sine or cosine of the angle through which 
the input shaft i s  rotated. Among other appli- 
cations, Cardan gearing i s  used in computers, 
as a component solver (angle resolver). 

Adjusfmeenl mork . - 
Cardan gearing 
and Scotch yoke . . . 
in combination provide an adiustoble 
stroke. Angular position of outer gear 
is adiustable. Adjusted stroke equals 
the projection of the large dia, along 
which the drive pin travels, upon the 
Scotch-yoke centerline. Yoke motion is 
simple harmonic. 
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Rearrangement of gearing . . . 
in (4) results in another useful motion. If 
the fixed sun-gear and planet pinion are 
in the ratio of 1:1, then an arm fixed to 
the planet shaft will stay parallel to itself 
during rotation, while any point on i t  
describes a circle of radius R. An ex- 
ample of application: in conjugate pairs 
for punching holes on moving webs of 
paper. 

/--' 
/' Position2 '\ 

Simplified Cardan principle . , . 
does away with need for the rela- 
tively expensive internal geor. Here, 
only spur gears may be used and the 
basic requirements should be met, i.e. 
the 1:2 ratio and the proper direction 
of rotation. tatter requirement i s  
easily achieved by introducing an 
idler gear, whose size i s  immaterial. In 
addition to cheapness, this drive de- 
livers a far larger stroke for the com- 
parative size of its gears. 
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Geneva Wheel Design 
These diagrams and formulas will help. 

Douglas C. Greenwood 

The Geneva wheel was originally 
used as a stop for preventing over- 
wind in watch springs-leave one 
of the slot positions unslotted and 
the number of turns the drive can 
make i s  limited. Now, the Geneva 
wheel is one of the most useful 
mechanisms for providing high- 
speed, intermittcnt, rotary motion. 

In  the position shown in tliz first 
diagram the roller is on the point 
of entering the slot and about to 
begin driving thc star wheel. Drive 
ceases when the roller has moved 
through angle a. T h e  star is lockcd 
during its rest periods because thc 
concentric shoulder of the driving 
member has engaged the corrc- 
sponding edge of the star. To per- 
mit the drive wheel to continue 
turning it must have a recess for 
star clearance. 

When  a Geneva mechanism is 
used in a machine, the machine 
speed depends upon the speed at  
which the star can be driven. Al- 
though, on balance, no advantage 
is gained, some modifications have 
been investigated that reduce the 
maximum acceleration and the re- 
sulting force. If, for example, the 
slots are not exactly tangential to 
the crank circle at  their entrance, 
acceleration forces are reduced. 
Drive speed can, therefore, be in- 
creased. Such design changes, 
while decreasing acceleration, in- 
crease deceleration. Also, hanimer- 
ing will occur a t  the conccntric 
surface, with a resultant noisy oper- 
ation. 

90" af engagement 
and dsengogement 

Concentric shoulder 
Drive / I locks star during- 

rest period 

Complete Geneva 
Mec honism 

Star do /For zero- .6 ra//er) 
\ 
\\ Fracfico/ do, R 

/See formula) 

Drive 

360 
*=No of slots 

Basic step in Ioyouf 

Geneva mechanism . . . 
can theoretically have from 3 to any number of slots. In practice from 
4 to 12 i s  enough to cover most requirements. Once the number of slots 
and crank dia are known, the layout can be started by constructing a 
right-ongled triangle on the center distance. A tangent to the star dia 
where it is  cut by a leg of the angle b is the crank radius. The clearance 
angle on the drive i s  180 minus b. Layout is completed by drawing the 
rest of the mechanism outline. Roller and slot dimensions will depend on 
forces to which the mechanism will be subjected. 
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I80 i 80 

2 70 90 
___I_ 

/ 

I 

2 

DESIGN FORMULAS 

108 252 

2 16 144 

Valucs such as angular position at  any 
instant, vclocity, accclcratioii and  practical star- 
whccl clia can bc calculated from thc formulas 
that follow. Illustratccl in thc skctch above arc 

8 slot 

symbols that apl)c"r in thc formulas. 

Center distance A 

i I35 225 

2 270 90 

= CMwhcre M = 
1 

i 

2 10 slot 

180 
Sin no. of slots 

144 216 

288 72 

Angular dispIacement: 

12 SIOf 

Sin (Y 

M - c o s a  Tan 0 = 

I I50 2 IO 

2 300 60 

Angolar velocity 

M cos LI - 1 

whcrc Q = radians/sec 
Angular acceleration, raclians/scc' 

Max acceleration occurs when' 

- (*) 
Max acceleration and therefore 
max wear occurs a t  aboot f to 4 
distance down the slot length from 
the wheel edge. 
Practical star-wheel dia 

2R = dA2 - C2 + p2 

Hypothetical star radius . . . 
would be practical only for a roiler of zero diu. 
Otherwise R will always be the grcater radius. This 
ensures that correct roller and slot clearance i s  
maintained at entrance and exit. Difference between 
chard and dia would be the excess clearance that 
would result (at time of entry and exit) from using 
incarrert radius. 

ANGULAR DISPLACEMENT OF DRIVE 
during periods of star-wheei res t  and motion 

Drive crank 

Degrees of Degrees of free 
driving slrake 

(motion period) (dwell period) 

No of drive 
rollers 

Slot angle 

90 I 270 I 

1 4 1  360 I 0 I 

5 slot I 3 I 324 I 36 I 



1-36 

Modified Geneva Drives and 
Special Mechanisms 
These sketches were selected as practical examples of uncommon, but often 
useful mechanisms. Most of them serve to add a varying velocity component 
to the conventional Geneva motion. 

Sigmund rappaport 

Fig. l-(Below) In the conventional external Geneva 
drive, a constant-velocity input produces an output con- 
sisting of a varying velocity period plus a dwell. In 
this modified Geneva, the motion period has a constant- 
velocity interval which can be varied within limits. 
When spring-loaded driving roller a enters the fixed 
cam 6, the output-shaft velocity is zero. As the roller 
travels along the cam path, the output velocity rises to 
some constant value, which is less than the maximum 
output of an unmodified Geneva with the same num- 
ber of slots; the duration of constant-velocity output is 
arbitrary within limits. When the roller leaves the cam, 
the output velocity is zero; then the output shaft dwells 
until the roller re-enters the cam. The spring produces 
a variable radial distance of the driving roller from the 
input shaft which accounts for the described motions. 
The locus of the roller's path during the constant- 
velocity output is based on the velocity-ratio desired. 

Fig. 3-A motion curve similar to that of Fig. 2 can be 
derived by driving a Geneva wheel by means of a two- 
crank linkage. Input crank a drives crank b through 
link c. The variable angular velocity of driving roller 
d, mounted on b, depends on the center distance L, and 
on the radii M and N of the crank arms. This velocity 
is about equivalent to what would be produced if the 
input shaft were driven by elliptical gears. 

n 

Fig. 2-(Above) This design incorporates a planet gear 
in 'the drive mechanism. The motion period of the out- 
put shaft is decreased and the maximum angular vel- 
ocity is increased over that of an unmodified Geneva 
with the same number of slots. Crank wheel a drives 
the unit composed of plant gear b and driving roller c. 
The axis of the driving roller coincides with a point on 
the pitch circle of the planet gear; since the planet gear 
rolls around the fixed sun gear d, the axis of roller c 
describes a cardioid e. To prevent the roller from in- 
terfering with the locking disk f, the clearance arc g 
must be larger than required for unmodified Genevas. 
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Fig. %(Below) In this intermittent drive, the two 
rollers drive the output shaft as well as lock it during 
dwell periods. For each revolution of the input shaft 
the output shaft has two motion periods. The outpnt 
displacement @ is determined by the number of teeth; 
the driving angle, +, may be chosen within limits. 
Gear u is driven intermittently by two driving rollers 
mounted on input wheel b, which is bearing-mounted 
on frame c. During the dwell period the rollers circle 
around the top of a tooth. During the motion period, a 
roller’s path d relative to the driven gear is a straight 
line inclined towards the output shaft. The tooth pro- 
file is a curve parallel to path d. The top land of a 
tooth becomes the arc of a circle of radius R, the arc 
approximating part of the path of a roller. 

I 

Fig. &(Left) The duration of the dwell periods is 
changed by arranging the driving rollers unsymrnetri- 
cally around the input shaft. This does not affect the 
duration of the motion periods. If unequal motion pe- 
riods are desired as well as unequal dwell periods, then 
the roller crank-arms must be unequal in length and the 
star must be suitably modified; such a mechanism is 
called an “irregular Geneva drive.” 

Fig. ”This uni-directional drive was developed by 
the author and to his knowledge is novel. The output 
shaft rotates in the same direction at all times, without 
regard to the direction of the rotation of the input 
shaft; angular wlocity of the output shaft is directly 
proportional to the angular velocity of the input shaft. 
input shaft a carries spur gear c, which has approxi- 
mately twice the face width of spur gears f and d 
mounted on output shaft b. Spur gear c meshes with 
idler e and with spur gear d. Idler e meshes with 
spur gears c and f. The output shaft b carries two free- 
wheel disks g and h, which are oriented uni-direction- 
ally. 

When the input shaft rotates clockwise (bold arrow), 
spur gear d rotates counter-clockwise and idles around 
free-wheel disk h. At the same time idler e, which is 
also rotating counter-clockwise, causes spur gear f to 
’turn clockwise and engage the rollers on free-wheel 
disk g; thus, shaft b is made to rotate clockwise. On 
the other hand, if the input shaft turns counter-clock- 
wise (dotted arrow), then spur gear f will idle while 
spur gear d engages free-wheel disk h, again causing 
shaft 6 to rotate clockwise. 
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Cycloid Gear Mechanisms 
Cycloidal motion is becoming popular for mechanisms in feeders and 
automatic machines. Here are arrangements, formulas, and layout methods. 

Preben W. Jensen 

HE appeal of cycloidal mechanisms is that they can T easily be tailored to provide one of these three 
common motion requirements: 

Intermittent motion-with either short or long dwells 
Rotary motion with progressive oscillation-where 

the output undergoes a cycloidal motion during which 
the forward motion is greater than the return motion 

Rotary-to-linear motion with a dwell period 
All the cycloidal mechanisms covered in this article 

are geared; this results in compact positive devices 
capable of operating at  relatively high speeds with little 

backlash or “slop.” The mechanisms can also be class:- 
fied into three groups: ’ 

Hypocycloid-where the points tracing the cycloidal 
curvcs are locatcd on an external gear rolling inside an 
internal ring gear. This ring gear is usually stationary 
and fixed to the frame. 

Epicycloid-where the tracing points are on an ex- 
ternal gear which rolls in another external (stationary) 
gear 

Prricycloid-where the tracing points are located on 
an internal gear which rolls on a stationary external gear. 

HYPOCYCLOID MECHANISMS 
1. Basic hypocycloid curves 2. Double-dwell mechanism 

Coupling the output pin to a slotted member produces a pro- 
longed dwell in each of the extreme positions. This is another 
application of the diamond-type hypocycloidal curve. 

Input drives a planet in mesh with a stationary ring gear. Point P I  
on the planet gear describes a diamond-shape curve, point Pr on the 
pitch line of the planet describes the familiar cusp curve, and point 
P J ,  which is on nn extension rod fixed to the planet gear, describes 
a loop-typc curve. In one application, an end miller located at PI 
was employed in production for machining a diamond-shape profile. 



3. Long-dwell geneva drive 
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4. Internal-geneva drive 
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As with standard four-station genevas, each rotation 
of the input indexes the slotted geneva 90 deg. By em- 
ploying a pin fastened to the planet gear to obtain a 
rectangular-shape cycloidal curve, a smoother index- 
ing motion is obtained because the driving pin moves 
on a noncircular path. 

Loop-type curve permits driving pin to enter slot in 
a direction that is radially outward from the center, 
and then loop over to rapidly index the cross member. 
As with the previous geneva, the output rotates 90 deg, 
then goes into a long dwell period during each 270- 
deg rotation of the input. 

5. Cycloidal parallelogram Two identical hypocycloid 
mechanisms guide the 
point of the bar along 
the triangularly shaped 
path. They are useful also 
in cases where there is 
limited space in the area 
where the curve must be 
described. Such double- 
cycloid mechanisms can 
be designed to produce 
other types of curves. 

6. Short-dwell rotary 

Here the pitch circle of the planet gear 
is exactly one-quarter that of the ring 
gear. A pin on the planet will cause the 
slotted output member to have four in- 
stantaneous dwells for each revolution 
of the input shaft. 

7. Cycloidal rocker 

0" 

period 
V 

m 

P P' P" P"' P 
Input  rotat ion,  deg 

The curvature of the cusp is approximately that of an arc of a circle. 
Hence the rocker comes to a long dwell at the right extreme position 
while point P moves to P'. There is then a quick return from P' to 
P", with a momentary dwell at the end of this phase. The rocker 
then undergoes a slight oscillation from point P" to P"', as shown 
in the displacement diagram. 



1-42 

8. Cycloidal reciprocator 9. Adjustable harmonic drive 

pA@si'ing lever 

By making the planet-gear half that of the internal 
gear, a straight-line output curve is produced by 
the driving pin which is fastened to the planet 
gear. The pin engages the slotted member to cause 
the output to reciprocate back and forth with har- 
monic (sinusoidal) motion. The position of the 
fixed ring gear can be changed by adjusting the 
lever, which in turn rotates the straight-line out- 
put-curve. When the curve is horizontal, the stroke 
is at a maximum; when the curve is vertical, the 
stroke is zero. 

Portion of curve, P-P', produces the long dwell (as in pre- 
vious mechanism), but the five-lobe cycloidal curve avoids 
a marked oscillation at the end of the stroke. There are 
also two points of instantaneous dwell where the curve is 
perpendicular to the connecting rod. 

10. Elliptical-motion drive 

By making the pitch diameter of the planet equal to half that of the 

closer to the pitch circle. Point PI ,  at the center of the planet, describes 
a circle; point P4 at the pitch circle describes a straight line. When a 
cutting tool is placed at Ps, it will cut almost-flat sections from round 
stock, as when machining a bolt. The other two sides of the bolt can 
be cut by rotating the bolt, or the cutting device, 90 deg. (Reference: 
H. Zeile, Unrund- und Mehrkantdrehen, VDI-Berichte, Nr. 77,1965.) 

ring gear, every point on the planet gear (such as points P2 and Ps) 
will describe elliptical curves which get flatter as the points are selected 

ons 
vlng 

Moc/,/ne 
fhlaf 

EPICYCLOID MECHANISMS 
11. Epicycloid reciprocator 

Here the sun gear is fixed and the planet 
gear driven around it by means of the 
input link. There is no internal ring gear 
as with the hypocycloid mechanisms. 
Driving pin P on the planet describes 
the curve shown which contains two 
almost-flat portions. By having the pin 
ride in the slotted yoke, a short dwell 
is produced at both the extreme posi- 
tions of the output member. The hori- 
zontal slots in the yoke ride the end- 
guides, as shown. 
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12. Progressive oscillating drive 13. Parallel-guidance mechanisms 

*.” 7 The input crank contains two planet gears. The cen- 
ter sun-gear is fixed as in the previous epicycloid 
mechanisms. By making the three gears equal in 

By fixing a crank to the planet gear. a point P can diameter and having gear 2 serve as an idler, any 
be made to describe the double loop curve illustrated. member fixed to gear 3 will remain parallel to its 
The slotted output crank oscillates briefly at the previous positions throughout the rotation of the 
vertical portions. input ring crank. 

MOTION EQUATIONS 
14. Equations for epicycloid drives 

Aagular displacement 
( R  + r )  sin 0 - b sin (e  + y) p = -____--__- 
( R  + r )  COS e - b COS (e + 7) 

Angular velocity 

Angular acceleration 

The equations for angular displacement, ve- 
locity and acceleration for basic epicyclic 
drive are given below. (Reference: Schmidt, 
E. H., “Cycloidal Cranks,” Transactions of 
the 5th Conference on Mechanisms. 1958, 
pp 164-180): 

Symbols 

A = angular acceleration of 
output, deg/sec2 

b = radius of driving pin 
from center of planet 
gear 

r = pitch radius of planet 
gear 

A = pitch radius of fixed 
st111 gcnr 

V = angular velocity of out- 
put, deg/sec 

= angular displacement 
of output,  deg 

y = eR/r 
6 = input displacement, 

w = angular velocity of in- 
dcg 

put,  deg/sec 
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15. Equations for hypocycloid drives 
sin e - ( I f  6 - /' )(sin e 0) 

(4) tan@ = -- 
case + (- 6 )(cos 

e) R - - , .  

V = W  (5) 
b? 1 + -  (RSr) '  (%)("' f ') 

DESCRIBING APPROXIMATE STRAIGHT LINES 
16. Gear rolling on a gear-flatten curves It is frequently desirable to find points on the planet gear that will describe 

approximately straight lines for portions of the output curve. Such points 
will yield dwell mechanisms, as shown in Fig 2 and 11. Construction is as 
follows (shown at left): 

1.  Draw an arbitrary line PB.  
2. Draw its parallel OrA. 
3. Draw its perpendicular PA at P .  Locate point A. 
4. Draw O I A .  Locate W , .  
5. Draw perpendicular to P W I  at W I  to locate W .  
6. Draw a circle with PW as the diameter. 
All points on this circle describe curves with portions that are approxim- 

ately straight. This circle is also called the inflection circle because all points 
describe curves which have a point of inflection at the position illustrated. 
(Shown is the curve passing through point W . )  

/' 
/* 

i 
i 

17. Gear rolling on a rack-vee curves 

18. Gear rolling inside a gear-zig-zag 

Ring gear 

This is a special case. Draw a circle with a diameter half 
that of the gear (diameter O I P ) .  This is the inflection 
circle. Any point, such as point W I ,  will describe a curve 
that is almost straight in the vicinity selected. Tangents 
to the curves will always pass through the center of the 
gear, 0, (as shown). 

To find the inflection circle for a gear rolling inside a gear: 
1. Draw arbitrary line P B  from the contact point P .  
2. Draw its parallel O.A, and its perpendicular, PA. Locate A .  
3. Draw line AO, through the center of the rolling gear. Locate WI. 
4. Draw a perpendicular through W1. Obtain W .  Line W P  is the diam- 

eter of the inflection circle. Point W , ,  which is an arbitrary point on the 
circle, will trace a curve of repeated almost-straight lines, as shown. 
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19. Center of curvature-gear rolling on gear 20. Center of curvature-gear 
rolling on a rack 
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By locating the centers of curvature at various 
points, one can then determine the proper 
lcngth of the rocking or reciprocating arm to 
provide long dwells (as requircd for the niecha- 
nisnis in Fig 7 and 8), or proper entry condi- 
tions (as for the drive pin in the mechanism 
in Fig 3). 

In the case of a gear with an extended point, 
point C, rolling on another gear, the graphical 
method for locating the center of crirvatiire is 
given by these steps: 

1. Draw a line through points C and P. 
2. Draw a line through points C and 0,. 
3 .  Draw a perpendicular to CP at P .  This 

4. Draw line A 0 2 ,  to locate C,,, the center 
locates point A. 

oi curvature. 

22. Analytical solutions 

Construction is similar to 
that of the previous case. 

1 .  Draw an extension 
of line CP. 

2. Draw a perpendicu- 
lar at P to locate A .  

3. Draw a perpendicu- 
lar from A to the straight 
suface to locate C , .  

21. Center of curvature-gear rolling inside a gear 

1. Draw extensions of CP and CO1. 
2. Draw ;i perpendicular of PC at P to locate A.  
3. Draw A01 to locate C,. 

The centtire of curvatlire of a gear 
rolling on a external gear can be 
computed directly lroni the Euler- 
Savnry equation: 

where angle IG. and Y locate the posi- 
tion of C. 

By applying this equation twice, 
specifically to point 0, and O2 which 
have thcir own centers of rotation, 
thc lollowing equation is obtained: 

(+ + 6) sin 4 

or 

This is the final design equation. AI1 
factors except Y ,  are known: hence 
solving for r, leads to the location of 
C,,. 

For a gear rolling inside an inter- 
nal gear, the Eider-Savary equation 
is 

(+ + 2)  sin 4 = constant 

which leads to 
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23. Hypocycloid substitute It is not always realized that cy- 
cloid mechanisms can frequently 
be replaced by other cycloids 
that produce the same motion 
and yet are more compact. 

OU&U? output The mechanism (right) is a 
typical hypocycloid. Gear I rolls 
inside gear 2 while point C de- 
scribes a hypocycloid curve. To 
find the substitute mechanism, 
draw parallels OSOS and OsC to 
locate point Pz. Then select 
OzPz as the new radius of 
the large (internal) gear. Line 
PaOs becomes the radius of the 
small gear. Point C has the same 
relative position and can be ob- 
tained by completing the tri- 

Original mechanism Subsfitufe angles. The new mechanism is 
about two-thirds the size of the 
original. 

gear 

28. 

25. 

Epicycloid substitute 

fPd 

Original mechanism Substitute 

Multigear substitute 

--_--_ 

Original 
planet 
gear ,* 

This is another way of pro- 
ducing a compact substi- 
tute for a hypocycloid 
mechanism. The original 
mechanism is shown in 
dashed lines-gear I rolls 
inside gear 2 and point C 
describes the curve. The 
three external gears (gears 
3, 4, and 5) replace gears 
I and 2 with a remarkable 
savings in space. The only 
criterion is that gear 5 
must be one-half the size 
of gear 3: gear 4 is only 
an idler. The new mecha- 
nism thus has been reduced 
to approximately one-half 
that of the original in size. 

The equivalent mechanisms of 
epicycloids are pericycloids in 
which the planetary gear is sta- 
tionary and the output is taken 
from the ring gear. Such ar- 
rangements usually lead to a 
more-compact design. 

In the above mechanism, 
point C traces an epicycloidal 
curve. Draw the proper parallels 
to find P2, then use P ~ 0 . p  to con- 
struct the compact substitute 
mechanism shown at right of 
original. 
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Limit-Switch Backlash 

\ 
Cam adjustment pinion 

SWITCH-ACTUATING CAMS 
are driven by double-reduction gear- 
ing. The first pass is the input worm 
and its worm gear. The second re- 
duction consists of a planetary system 
with two keyed planets pivoted on the 
worm gear. The two planets do not 
have the same number of teeth. When 
the worm gear is rotated the planet 
gears move around a sun gear cast 
into the base of the housing. The 
upper planet meshes with gear teeth 
on the sleeve. The cams clamped to 
the sleeve actuate the switches. The 
ratio of the planetary reduction can 
be altered by changing the planets. 

A friction clutch between the sleeve 
flange and the worm gear makes the 
switch exceedingly sensitive to re- 
versals at the input worm. When a 
switch is actuated to reverse input 
direction, the cams are driven directly 
by the input worm and gear through 
the friction clutch until the backlash 
has been taken up. At this point the 
clutch begins to slip. The immediate 
reversal of the cams resets switches 
in 1/3 to 1 revohtion depending on 
the worm-gear ratio. 

In some of the reduction ratios 
available a deliberate mismatch is 
employed in planetary gear sizes. This 

intentional mismatch creates no prob- 
lems at the pitch velocities produced, 
since the 3500 rprn maximum at the 
input shaft is reduced by the step- 
down of the worm and worm gear. 
The low torque requirements of the 
switch-operating cams eliminate any 
overstressing due to mismatch. The 
increased backlash obtained by the 
mismatch is desirable in the higher 
reduction ratios to allow the friction 
clutch to reset the switches before the 
backlash is taken up. This permits 
switch reset in less than 1 rpm de- 
spite the higher input gear reductions 
of as much as 1280:l. 
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4 Ways to Eliminate Backlash 
~ 

Wedges take up freedom in threads and gears, hold shaft snug against bearing. 

L. Kasper 

Intearol ,- Top cop wifb 
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Grooved 
washer -p/afesA 

. . . . . . . 

CENTRIFUGAL FORCE C ~ U S L ' S  balls to 
cxcrt forcc o n  grooved w;ishcr-plates 
\+hen \halt rotates. pulling it against hear- 
ing facc. 

4 

Washer p la te 

COLLAR AND BLOCK I i r ivc continuoti? 
V-thread. When n c i r  tiihcs place in lead 
screw, the cuII;ir ii1w;iys rnaintainr pres- 
LIllIC 011 thrc:l<l\. 
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4 More Ways to Prevent Backlash 
Springs combine with wedging action to ensure that threads, gears and toggles 
respond smoothly. 

L. Kasper 

/ 
f ixed/  Movob/e--/ Pinion mounting block by , 

SPRING-LOADED PINION is mounted on a 
shaft located so that the spring farces 
pinion teeth into gear teeth to take up 
lost motion or backlash. 

MOVABLE BLOCK is forced away from 
fixed block by spring-loaded wedge. 
Pressure is applied to both sides of lead n screw, thus ensuring snug fit. 
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TOGGLE LINKS are spring-loaded and ap- 
proach alignment to take up lost motion 
as wear in the joint takes place. Smooth 
response is thus gained. 

HOLLOW WORM has clearance for shaft, 
which drives worm through pinned col- 
lars and links. As wear occurs, springs 
move worm into teeth. 
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1-Way Output from Speed Reducers 
When input reverses, these 5 slow-down mechanisms continue supplying a non-reversing rotation. 

Louis Slegel 

1 ECCENTRIC CAM adjusts over a range of high- 2 TRAVELING GEAR moves along worm and transfers 
reduction ratios, but unbalance limits it to low drive to other pinion when input rotation changes di- 
speeds. When direction of input changes, there is no rection. To ease engagement, gear teeth are tapered 
lag in output rotation. Output shaft moves in steps a t  ends. Output rotation is smooth, but there is a 
because of ratchet drive through pawl which is at- lag after direction changes as gear shifts. Gear can- 
tnched to U-follower. not be wider than axial offset between pinions, or 

there will be interference. 



3 ROLLING IDLER also gives smooth 
output and slight lag after input 
direction changes. Small drag on 
idler is necessary, so that it will 
transfer into engagement with 
other gear and not sit spinning in 
between. 
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4 T W O  BEVEL GEARS drive through roller clutches. 5 ROLLER CLUTCHES are on input gears in this 
drive, again giving smooth output speed and little 
output lag as input direction changes. 

One clutch catches in one direction: the other catches 
in the opposite direction. There is negligible inter- 
ruption of smooth output rotation when input direc- 
tion changes. 
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6 Ways to Prevent Overloading 
These "safety valves" give way if machinery jams, thus preventing serious damage. 

Peter C. Noy 

r Fricfion faces 

Sprocket 3 
m 

tl 
1 
SHEAR P I N  is  simple to design and reliable in service. 
However, after an overload, replacing the pin takes a rela- 
tively long time; and new pins aren't always available. 

3 
MECHANICAL KEYS. Spring holds ball in dimple in oppo-' 
site Pace until overload forces the ball out. Once slip begins, 
wear is rapid, BO device is poor when overload is common. 

2 
FRICTION CLUTCH. Adjustable spring tension that holds 
the two friction surfaces together sets overload limit. As 
soon as overload is removed the clutch reengages. One 
drawback is that a slipping clutch can destroy itself if 
unnoticed. 

Adjustment 
screw 
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r - i  
01' 
I 

4 
RETRACTING KEY. Ramped sides of keyway force key outward against adjust- 
abe spring. As key moves outward, a rubber pad-or another spring-forces the 
key into a slot in the sheave. This holds the key out of engagement and prevents 
wear. To reset, push key out of slot by using hole in sheave. 

Load 

b 

5 
ANGLE-CUT CYLINDER. With just one tooth, this is a sim- 
plified version of the jaw clutch. Spring tension sets load limit. 

6 
DISENGAGING GEARS. Axial forces of spring and driving 
arm balance. Overload overcomes spring force to  slide 
gears out of engagement. Gears can strip once overloading 
is removed, unless a stop holds gears out of engagement. 
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Torque-lim iters Protect 
light-Duty Drives 
In such drives the light parts break easily when overloaded. 
These eight devices disconnect them from dangerous torque surges. 

L. Kasper 

1 2 
MAGNETS transmit toraue according to their number and size. CONE CLUTCH is formed by mating taper on 
In-place control is limited to lowering torque capacity by remov- 
ing magnets. down on nut increases torque capacity. 

shaft to beveled hole through gear. Tightening 

3 
RING fights natural tendency of rollers to jump 
out of grooves cut in reduced end of one shaft. 
Slotted eiitl of hollow shaft, is like a cage. 



Gears & Gearing 1-57 

4 5 
A R M S  hold rollers in slots which are cut across disks 
mounted on ends of butting shafts. Springs keep rollers 
in slots: over-torque forces them out. 

FLEXIBLE BELT wrapped around four pins transmits 
only lightest loads. Outer pins are smaller than inner 
pins to  ensure contact. 

possoje 

6 7 
SPRINGS inside drilled block grip the shaft because SLIDING WEDGES clamp down on flattened end of 
they distort during mounting of gear. shaft: spread apart when torque gets too high. Strength 

of springs which hold wedges together sets torque limit. 

8 
FRICTION D I S K S  are compressed by adjustable spring. 
Square disks lock into square hole in left shaft: round 
ones lock onto square rod on right shaft. 
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History of Chains 
William R. Edgerton 

The fundamental concept of creating a strong, yet flexible, chain structure by 
joining together a consecutive series of individual links is an idea that dates 
back to the earliest human utilization of metals. The use of iron for this 
purpose probably dates to the eighth century B.C. 

The second step in the development process was the fashioning of wheels 
adapted to interact with the flexible chains, by the provision of teeth and 
pockets on the circumference of the wheels. These specially adapted wheels, 
known as “sprocket wheels,” but usually referred to simply as “sprockets,” 
were first developed by the military engineers of Greece some 22 centuries ago. 
From the writings of Philo of Byzantium, c. 200 B.C., we learn of chain and 
sprocket drives being used to  transmit power from early water wheels, of a pair 
of chains fitted with buckets to lift water to higher elevations, and of a pair of 
reciprocating chain drives which acted as a tension linkage to feed and cock a 
repeating catapult. 

The first two of these instances of chain and sprocket interaction probably 
used simple round-link chain, but the third involved a flat-link chain concept 
designed by Dionysius of Alexandria while working a t  the Arsenal at Rhodes. 
The design conceived by Dionysius employed what is now known as the in- 
verted-tooth chain-sprocket engagement principle, a major advance over the 
cruder round-link design. 

Despite its very early origins, rather little practical use was made of chain 
and sprocket interaction for the transmission of power or the conveyance of 
materials until the advent of the Industrial Revolution, which took place 
largely during the nineteenth century. The development of machinery to 
mechanize textile manufacture, agricultural harvesting, and metalworking 
manufacturing brought with it a need for the positive transmission of power 
and accurate timing of motions that only a chain-and-sprocket drive could 
provide. 

The earliest sprocket chains manufactured in the United States employed 
cast components, usually of malleable iron, and many configurations of de- 
tachable link chain and pintle chain were produced in large quantities. As the 
need for higher strength and improved wear resistance became evident, chains 
employing heat-treated steel components were introduced. The use of rolled or 
drawn steel as a raw material required manufacturing machinery which pro- 
vided greater dimensional accuracy than was possible in foundry practice, 
with the result that certain of the new types of sprocket chains came to be 
known as “precision chain.” This developed somewhat earlier in Great Britain 
than in the United States, starting with the Slater chain, patented in England 
in 1864. The Slater design was further refined by Hans Renold with the devel- 
opment of precision roller chain, patented in England in 1880. 

Chain manufacture in the United States continued to be principally con- 
cerned with cast and detachable link designs until the American introduction 
of the “Safety Bicycle” in 1888. Drop-forged steel versions of the cast detach- 
able chains were first used, then precision steel block chain for bicycle driving, 
and progressively larger sizes were manufactured in the U S .  as the horseless 
carriage craze swept the country in the 1890s. 

Precision inverted-tooth chain, popularly known as “silent chain,” was in- 
troduced in the late 1890s, with many proprietary styles being developed 
during the early part of the twentieth century. 

The first efforts toward standardization of roller chain were begun in the 
1920s, resulting in the publication of the first chain standard, American 
Standard B29a, on July 22, 1930. Since that time, eighteen B29 standards 
have been developed, covering inverted-tooth chain; detachable chain; pintle 
and offset-sidebar chains; cast, forged, and combination chains; mill and drag 
chains; and many other styles. 
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There are eighteen American National Standards which relate to the various 
types of sprocket chains in general use. This family of standards is the result of 
over 50 years of standardization activity, which had its beginning in the work 
that led to the publication of American Standard B29a-Roller Chain. Smock- 
ets, and Cutters in 
as follows: 

ANSI B29.1 
ANSI B29.2 
ANSI B29.3 

ANSI B29.4 
ANSI B29.6 
ANSI B29.7 
ANSI B29.8 
ANSI B29.10 
ANSI B29.11 
ANSI B29.12 
ANSI B29.14 
ANSI B29.15 
ANSI B29.16 
ANSI B29.17 
ANSI B29.18 
ANSI B29.19 
ANSI B29.21 
ANSI B29.22 

I 1  

1930. The chain types covered by the current standards are 

Precision roller chain 
Inverted-tooth (or silent) chain 
Double-pitch roller chain for power transmission 

Double-pitch roller chain for conveyor usage 
Steel detachable chain 
Malleable iron detachable chain 
Leaf chain 
Heavy-duty offset-sidebar roller chain 
Combination chain 
Steel-bushed rollerless chain 
Mill chain (H type) 
Heavy-duty roller-type conveyor chain 
Mill chain (welded type) 
Hinge-type flat-top conveyor chain 
Drag chain (welded type) 
Agricultural roller chain (A and CA types) 
Chains for water and sewage treatment plants 
Drop-forged rivetless chain 

The basic size dimension for all types of chain is pitch-the center-to-center 
distance between two consecutive joints. This dimension ranges from 3/16 in (in 
the smallest inverted-tooth chain) to 30 in (the largest heavy-duty roller-type 
conveyor chain). 

Chains and sprockets interact with each other to convert linear motion to 
rotary motion or vice versa, since the chain moves in an essentially straight 
line between sprockets and moves in a circular path while engaged with each 
sprocket. A number of tooth-form designs have evolved over the years, but the 
prerequisite of any tooth form is that it must provide: 

1. Smooth engagement and disengagement with the moving chain 
2. Distribution of the transmitted load over more than one tooth of the 

sprocket 
3. Accommodation of changes in chain length as the chain elongates as a 

result of wear during its service life 

The sprocket layout is based on the pitch circle, the diameter of which is 
such that the circle would pass through the center of each of the chain's joints 
when that joint is engaged with the sprocket. Since each chain link is rigid, the 
engaged chain forms a polygon whose sides are equal in length to the chain's 
pitch. The pitch circle of a sprocket, then, is a circle that passes through each 
comer, or vertex, of the pitch polygon. The calculation of the pitch diameter of 
a sprocket follows the basic rules of geometry as they apply to pitch and 
number of teeth. This relationship is simply 

pitch 
pitch diameter = sin (180"humber of teeth) 

The action of the moving chain as it engages with the rotating sprocket is 
one of consecutive engagement. Each link must articulate, or swing, through a 
specific angle to accommodate itself to the pitch polygon, and each link must 
be completely engaged, or seated, before the next in succession can begin its 
articulation. 

Source. Mechanical Components Handbook by Robert 0. Parmley 01985 
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Ingenious Jobs for Roller Chain 
How this low-cost industrial workhorse can be harnessed in a variety of ways to 
perform tasks other than simply transmitting power. 

Peter C. Noy 

Rigid - - . 
supp or f 

I /  I 

Standard angle brackets fastened to supporf 

2 AN EXTENSION OF RACK- 
PRINCIPLE- A N  D-P I N 10 N 

soldering fixture for noiicir- 
cular shells. Positive-action 
cams can be similarly de- 
signed. Standard angle brack- 
ets attach chain to cam or 
fixture plate. 

1 LOW-COST 
RAC K-AN D-PI N IO N 
devi,ce is easily assembled 
Prom standard parts. 

,, Feed tube I 
feed-ro// - 

-Part with noncir- 
cuhr periphery 
clamped to plafe 
fffoafs free on 
drive sprockelsl. 

Drive sprocket - . . 
3 CONTROL-CABLE 

DIRECTION-CHANGER 
extensively used in 
aircraft. 
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4 TRANSMISSION OF TIPPING OR ROCKING MOTION. 
Can be combined with previous example (3 )  to transmit 
this type of motion to a remote location and around 
obstructions. Tipping angle should not exceed 40" approx. 5 LIFTING DEVICE is simplified by roller chain. 

Chain mainfains 
inward pressure on 
boards fhrough 
slip clulch 

j TWO EXAMPLES OF INDEXING AND FEEDING uses of roller chain are shown here in a setup that feeds plywood 
strips into EL brush-making machine. Advantages of roller chain as used here are flexibility and long feed. 
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Examples of how this low-cost but precision-made product can be 
arranged to do tasks other that transmit power. 

7 SIMPLE GOVERNOR-weights can be attached by 
means of standard brackets to increase responze 
force when rotation speed is slow. 

A 

I Ao)ustrnenf boles 

6 Force 

8 WRENCH-pivot A can be adjusted to grip a va- 
riety of regularly or irregularly shaped objects. 

Sprocket 

9SMALL PARTS CAN BE 
CONVEYED, fed, or oriented 
between spaces of roller chain. 



Chains, Sprockets & Ratchets 2-7 

11 L I G H T - D U T Y  TROLLEY 
CONVEYORS can be made by 
combining standard roller- 
chain components with stand- 
ard curtain-track components. 
Small gearmotors are used 
to drive the conveyor. 

10 CLAMP-toggle action is sup- 
plied by two chains, thus 
clearing pin at  fulcrum. 

Sfondam' offochmenf 

frock I-beom 

frock fro//eys 

Roller lor /odderl chain 

I 

Conveyor hook 

12 SLATTED BELT, made by attach- 
ing wood, plastic or metal slats, 
can serve as adjustable safety 
guard, conveyor belt, fast-acting 
security-wicket window. 
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Bead Chains for Light Service 
Bernard Wasko 

I 
PEt. Pending 

Links Beads 

,Slots for 
/ links 

i recesses 
I forbeads 

‘-Sprocket m / Sprocket 

vt 
F i g . 1 - hl i s a 1 i g n e d Fig. 2-Details of bead 
sprockets. Nonparallel planes chain and sprocket. Beads of 
usually occur when align- chain seat themselves firmly 
meot is too expensive to in conical recesses in the 
maintain. Bead chain can face of sprocket. Links ride 
operate at angles up to freely in slots between re- 
0=20 degrees. cesses in sprocket. 

9 Guide 

/Large radius 

Fig. f a k e w e d  shafts nor- Fig. 4-Right angle drive 
mally acquire two sets of does not require idler 
spiral gears to bridge space sprockets to go around cor- 
between shafts. Angle mis- ner. Suitable only for very 
alignment does not interfere low torque application be- 
with qualified bead chain cause of friction drag of bead 
operation on sprockets. chain against guide. 

Table I - L o a d  capacity of bead chains. Capacity v a r i e s  wi th  bead diameter,  cha in  
speed  ond  l u b r i c o t i o n  

Beads 

102- 103 

72- 73 

346 50- 51 

1/4 36- 37 

working 
tensionUb) 

150  

Chain speed.  f t / m i n  

lnpul shaft 

antinuour c t y i n d  

Pu’fey idling ; u - wou+put shaft 

72 over shoff - 2 

Fig. %Remote control through Fig. &Linear output from rotary Fig. 7-Counter-rotating shafts. In- 
rigid or flexible tube has almost input. Beads prevent slippage and put shaft drives two counter-rotat- 
no backlash and can keep input maintain accurate ratio between ing outputs (shaft and cylinder) 
and output shafts synchronized. the input and output displacemonts. through a continuous chain. 
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Where torque requirements and operating speeds are low, qualified bead chains 

offer a quick and economical way to: Couple misaligned shafts; convert from one type 

of motion to another: counter-rotate shafts: obtain high ratio drives and overload 

protection: control switches and serve as mechanical counters. 

Fig. 8-Angular oscillations from ro- Fig. 9-Restricted angular motion. Fig. 10-Remote control of counter. 
tary input. Link makes complete revo- Pulley, rotated by knob, slips when For applications where counter can- 
lutions causing sprocket to oscillate. limit stop is reached; shafts A and B not be coupled directly to shaft, bead 
Spring maintains chain tension. remain stationary and synchronous. chain and sprockets can be used. 

Aoose chain 

Fig. 11-High-ratio drive less Fig. 12-Timing chain containing large Fig. 13-4onveyor belt composed of 
expensive than gear trains. beads at desired intervals operates micro- multiple chains and sprockets. Tension 
Qualified bead chains and switch. Chain can be lengthened to contain maintained by pivot bar and spring. 
sprockets will traasmit power 
without slippage. 

thousands of intervals for complex timing. Width of belt easily changed. 

ft 

L .  
- 1 Fig. 1 4 4 e a r  and rack 

duplicated by chain and two 
sprockets. Converts linear 
motion into rotary motton. 

,Idler 

Pig. 15 - Overload protection. 
Shallow sprocket gives positive 
drive for low loads; slips one 
head at a time when overloaded. 

Sprockef wiYh sha/fowJ 
recesses 

Fig. 16-Gear segment inexpensively 
made with bead chain and spring 
wrapped around edge of sheet metal. 
Retaining collars keep sheet metal 
sector from twisting on the shaft. 

2-9 
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Types of Trolley Conveyor Chain 
Links and Joints 
Sidney Reibel 

JOINTS used in conveyor chain systems are designed 
for specific applications. The type of joint specified 
for a certain installation depends entirely cn the lay- 

out of the supporting track. Joints can be designed 
for use with bends in the vertical or horizontal 
planes, and for combination service. 

VARIOUS TYPES OF JOINTS 

60 Reliance (ti-60) Chain-Toggle Joint 

Interior view o f  T-516 
double boll and socket 
joint with 4 wheels. 
Itopemtes on 24 in. 
rodiua vertical and 
horizontal curves 

Universal Joint Operates on 
24-in. Radius Vertical and Horizontal Curves 458 Choin-Universal Link Assembly 
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THE SUCCESS of the overhead trolley conveyor is 
largely the result of the development and use of drop- 
forged, rivetless, Keystone chain. The dimensions of 

several sizes of Keystone chain links are shown below 
with two examples of pin-jointed chain. Standard 
Keystone chain parts are shown in three views. 

DETAILS FOR PARTS OF STANDARD KEYSTONE CHAIN 

(-3j ;;;$" 
Pin 

S t a n d a r d  Center Link 

i :  

I I 
drrrrr 6. Webb Ca I 

Standard Side Link 

I I 

PIN- JOINTED 
LINKS 

C-188 Chain C-131 Chain 

DIMENSIONS OF KEYSTONE LINKS 

I I I ~ - ; n . ~ ; ~ ~ - - - ~ - - - - 6 - i n . ~ i f c ~ - - - ~ ,  I+---- 678 Chain I 
/+ -- -  ,#,A p,,ch .--- --&-- -. - 4 j n ,  p,fch - -  --  ..I 

458 Chain-Standard Center Link 

458 Chain-Modified Center Link An Improved Type. Interchangeable with 450 Chain 

Coupler Pins for Keystone Choin 346 Chain Modified Center Link 
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Methods for Reducing Pulsations 
in Chain Drives 
Pulsations in chain motion created by the chordal action of chain and sprockets can be minimized 
or avoided by introducing a compensating cyclic motion in driving sprockets. Mechanisms 
for reducing fluctuating dynamic loads in chain and the pulsations resulting therefrom include 
non-circular gears, eccentric gears, and cam activated intermediate shafts. 

Eugene I. Radzimovsky 

Fig. I-The large cast-tooth non-circular gear, mounted 
on the chain sprocket shaft, has wavy outline in which 
number of waves equals number of teeth on sprocket. 
Pinion has a corresponding noncircular shape. Although 
requiring special-shaped gears, drive completely equalizes 
chain pulsations. 

Fig. 2-This drive has two eccentrically mounted spur 
pinions ( 1  and 2). Input power is through belt pulley 

keyed to same shaft as pinion 1. Pinion 3 (not shown), 
keyed to shaft of pinion 2, drives large gear and sprocket. 
However, mechanism does not completely equalize chain 
velocity unless the pitch lines of pinions 1 and 2 are 
noncircular instead of eccentric. 

Fig. 3-Additional sprocket 2 drives noncircular sprocket 
3 through fine-pitch chain 1. This imparts pulsating 
velocity to shaft G and to longpitch conveyor sprocket 5 
through pinion 7 and gear 4. Ratio of the gear pair is 
made same as number of teeth of spocket 5. Spring 

Sprocket. .I Cham 

Fig. I 

~ Conveyor chain 

Fig 2 

Fine pitch 
roNer chain 1 ' 

I 
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fnpu 
1 

Reduction gears --* 

Choin sprocket’,r 

actuated lever and rollers 8 take up slack. Conveyor motion 
is equalized but mechanism has limited power capacity be- 
cause pitch of chain l must be kept small. Capacity can 
be increased by using multiple strands of fine-pitch chain. 

-- - 1 (input shot t l  

Fig. &Power is transmitted from shaft 2 to sprocket G 
through chain 4, thus imparting a variable velocity to 
shaft 3, and through it, to the conveyor sprocket 7. Since 
chain 4 has small pitch and sprocket 5 is relatively large, 
velocity of 4 is almost constant which induces an almost 
constant conveyor velocity. Mechanism requires rollers to 
tighten slack side of chain and has limited power capacity. 

=-= n 
, Sprocket 

Fig. 5-Variable motion to sprocket is produced by disk 3 
which supports pin and roller 4, and disk 5 which has a 
radial slot and is eccentrically mounted on shaft 2. Ratio 

Fig. 6 

. of rpm of shaft 2 to sprocket equals number of teeth in 
sprocket. Chain velocity is not completely equalized. /- 7. ’ - _ _ _ _ _ _ -  ----- 

,’ , ‘., ‘\ 

Fig. &Integrated “planetary gear” system (gears 4, 5, G 
and 7)  is activated by cam 10 and transmits through shaft 
2 a variable velocity to sprocket synchronized with chain 
pulsations thus completely equalizing chain velocity. The 
cam 10 rides on a circular idler roller 11; because of the 
equilibrium of the forces the cam maintains positive contact 
with the roller. Unit uses standard gears, acts simultaneously 
as a speed reducer, and can transmit high horsepower. 

\ 
\ 
\ 

2-13 
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Pave the Way for 
Better Chain Drives 

Roller-chain horsepower ratings 
are catching up with the realities 
of improved chain design, better 
materials, and more precise ma- 
chining methods. New proposed 
ratings from the U.S.A. Standards 
Institute replace ratings that were 
too conservative about power capac- 
ity at high speeds. 

By relying on the new USASI 
ratings, the designer can avoid 
overspecifying chain for a given 
drive. Manufacturers hope the effect 
will be to make chains more com- 
petitive with belt drives and gear 
drives. 

The new tables take into account 
the important factor of lubrication. 
USASI recommends four types of 
lubrication for power capacities and 
speeds from lowest to highest: 
manual, drip, oil-bath, and oil- 
stream. Chief engineer John J. 
Scales of Rcx Chainbelt, Spring- 
field, Mass., notes that lubrication 
becomes critical at the increased 
speed limits in capacity ratings. 
Under such conditions, he says, a 
force-feed method should be used. 

Importance of lubrication. Horse- 
power ratings in the new tables are 
based on 15,000 hr. of full-load 
service and are valid only when the 
USASI-recommended method of lu- 
brication is used. With less effective 
lubrication, life expectancy may be 
shortened unlcss thc horsepower is 
reduced accordingly. 

USASI bases its ratings on dy- 
namic testing and on the fatigue 
properties of chain rather than ulti- 
mate tensile strength or wear prop- 
erties. According to Scales, the wear 
lifc-expectancy for chains at the 
listed horsepower values can range 
from less than 1 hr. to more than 
15,000 hr. depending on the amount 
of lubrication they receive. If lubri- 
cation is inadequate, a more expen- 
sive drive must be used for greater 
wear capacity. 

Scales also points out that if a 
chain drive is properly installed, 
is well lubricated, and has some 
means of take-up, it shouldn’t wear 
out even in 15,000 hr. 

Service life. Not all chain drives 
have to last 15,000 hr. If a de- 
signer needs less than that life 

expectancy in a drive, he should 
use experience factors in conjunc- 
tion with the ratings in making his 
selection or to increase the horse- 
power load. Cross-hatched area in 
the middle chart shows how horse- 
power capacity can be increased as 
service life demand is reduced from 
15,000 to 1000 hr. 

The same chart shows the chang- 
ing ratio between capacity and life 
expectancy as speed is varied. At 
speed A, the ratio is substantial, 
but at speed B, the ratio is down 
to unity. From speed B to speed 
C, the capacity rating remains the 
same for 1000-hr. and 15,000-hr. 
life. Beyond speed C, it changes 
again. 

Thus, the USASI 15,000-hr. rating 
cannot be converted to another life 
expectancy by applying a simple 
ratio factor. The rating is a function 
of speed, sprocket size, center dis- 
tances, and components that limit 
the life of the drive at a given speed. 
If a designer wants a chain to 
operate for 15,000 hr. but for only, 
say, 1000 hr. of full load, he would 
be well advised to check with the 
chain manufacturer for the per- 
formance data he needs. 

Intermittent peaks. In using the 
new ratings, the designer must also 
take into account the degree of 
intermittency of the speed in high- 
speed applications. In some applica- 
tions, bursts of speed for a few 
seconds can exceed the rated speed 
without damage to the drive, as the 
bottom chart shows. 

However, for continuous high- 
speed operation of a drive, the 
USASI limit must be kept in mind if 
the drive is to operate satisfactorily. 

For intermittent high-speed oper- 
ation, it has been found to be 
difficult to determine a maximum 
practical speed limit in all applica- 
tions. Possible chain combinations 
and operating variants are too nu- 
merous for generalization. For in- 
stance, well lubricated chains in 
hoists can tolerate at least twice 
the rated speeds in the USASI charts 
if the bursts of speed last less than 
a minute and the rest time between 
bursts of speed amount to more 
than a minute. 0 

Sprocket speed . rprn 

With good lubrication, a chain can 
transmit more horsepower at higher 
speeds and for a longer time. Graph 
shows a typical lifecurve. 

I 

c V 

a m 0 

I I I 
A B C  

Sprocket speed - rprn 

I f  full loads are infrequent, a 1000- 
hr.-rating chain will often meet need 
for a 15,000-hr. service life. Hatched 
area shows how hp is increased thereby. 

Sprocket speed . rprn 

If speed is intermittent in a given 
application, more speed can be ob- 
tained than basic USASI ratings show. 
At  times, the speed may be doubled. 
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Lubrication of Roller Chains 

'L Pin l ink pfafe 

Fig. I 

Fig. 1-APPLY OIL DROPS between 
roller and pin links on lower strand 
of chain just before chain engages 
sprocket so that centrifugal force car- 
ries oil into clearances. Oil applied at 
center of roller face seldom reaches 
the area between bushing and roller. 

Fig. 2-MANUAL APPLICATION OF LUBRICANT by (A) 
flared-lip oil can, or (B) hand brush, is simplest method for 
low-speed applications not enclosed in casings. New chains 
should be lubricated daily until sufficiently "broken-in," after 
which weekly lubrication programs should suffice. 

Fig. 3-CHAINS WITHOUT CASING should be: (A) removed periodically and washed in 
kerosene, (B) soaked in light oil after cleaning, and (C) draped to permit excess oil to drain. 

Fig. &DRIP LUBRICATION can be adjusted to feed oil 
to edges of link plates at rate of 4 to 20 drops per minute 
depending on chain speed. Pipe contains oil-soaked wick to 
feed multiple-width chains. 

Oilcup-, 

Fig. 5-CONTINUOUS LUBRICATION systems for open chains: (A) Wick 
lubrication is lowest in cost to install; (B) Friction wheel lubrication uses 
wheel covered with soft absorbent material and pressured by flat spring. 

Cross -section 
of bracket '. 

Fig. 4 

Fig. 5 
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Pitch of chain, 
in. 

M-N 
%-I x 

12i-p 

Unsatisfactory chain life is usually +he resulf of poor or ineffective lubrication. More 

damage is caused by faulty lubrication than by years of normal service. illustrated 

below are 9 methods for lubricating roller chains. Selection should be made on basis 

of chain speed as shown in Table 1. Recommended lubricants are listed in Table II. 

Viscosity a t  
100 F, SUS 

24l3-420 

420-620 

620-1300 

Table I-Recommended Methods 

0-600 

600-1500 

over 1500 

Table II-Recommended Lubricants 

Manual: brush, oil can 
Slow Drip: 4-10 drops,min 
Continuous: wick, wheel 

Rapid Drip-20 drops, min 
Shallow Bath, Disk 

Force Feed Svstems 

I [ C h g T r i d ,  
Method 

Note: For ambient temperatures between 100 to 500 Fuse 
SAE 50. 

Pig. 8-FORCE-FEED LUBRICATION for 
chains running at extremely high speeds. 
Pump driven by motor delivers oil under 
pressure to nozzles that direct spray on to 
chain, Excess oil collects in reservoir which 
has wide area to cool oil. 

SAE 
No. 

Fig. C H A L L O W  BATH LUBRICATION uses casing as 
reservoir for oil. Lower part of chain just skims through oil 
pool. Levels of oil must be kept tangent to chain sprocket 
to avoid excessive churning. Should not be used at high 
speeds because of tendency to generate excessive heat. 

Disk 

Sprocket, . 

Fig. 7 

&servoir 

20 

30 

40 

Fig. 7-DISK OR SLINGER can be attached to 
lower sprocket to give contiuoous supply of oil. 
Disk scoops up oil from reservoir and throws it 
against baffle, Gutter catches 011 dripping down 
from baffle and directs it on to chain. 

Chain r -Flow control valve 

- - Excess oil 

- -O i l  
reservoir 

Inlet Fig. 9 

Fig. %CHAIN-DRIVEN FORCE-FEED system has pump driven 
by main drive shaft. Flow control valve, regulated from outride 
of casing, by-passes excess oil back to reservoir. Inlet hose contams 
filter. Oil should be changed periodically-espedally when hue is 
brown instead of black. 
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One-way Drive Chain Solves 
Problem of Sprocket Skip 

Sidedate B 

Link can skip a tooth in conventional chain (above), because tension on chain 
squeezes bushing, which forces next link to rotate and rise. But if a l l  links are 
offset (below) and chain is properly applied, it will drape freely around sprockets. 

/ Off-set side-plate 

Pull 

Double or nothing-that’s the 
principle Milton Morse, president of 
APM Hexseal Corp., Englewood, 
N. J., followed when he developed 
his grease-free, skip-free, Kleen- 
chain drive-chain for bicycles. And 
depending upon the way it is used, it 
can be either the best chain drive or 
the worst. Morse uses it the best way 
and plans to make it available soon. 

Alternate pairs of side plates “B” 
(drawing left) are attached to bush- 
ings and are carried within side- 
plates “A.” These outer side-plates 
are secured in pairs to pins that are 
carried, but still free to move in the 
bushings. The bushings also carry 
rollers that contact, and tend to ro- 
tate with, the sprocket teeth. But it 
is this tendency for the bushings to 
rotate, plus the friction between the 
roller and the bushing when the 
chain is under tension, that causes 
the chain to rise and skip over 
sprocket teeth in conventional design. 

This condition occurs only on al- 
ternate teeth where pin-supported 
side-plates are applying tension to 
the chain. The adjacent bushing-sup- 
ported side plate is forced to roll on 
the tooth and rise as the bushing is 
squeezed between roller and pin. 

No-skip link. On the next tooth, 
bushing-supported side-plates are 
transferring the tension to the chain 
and only the roller is squeezed- 
this time between the tooth and the 
bushing. The pins supporting the 
link following are not under pressure 
and are free to let the approaching 
links drape in the ideal manner 
around the sprocket. Regardless of 
how small the sprocket is, the chain 
will not attempt to skip. 

Morse’s chain doesn’t skip, be- 
cause he made it out of only one type 
of link, by using offset links (draw- 
ing left). One end of the side-plates 
is connected to bushings, and the 
other is connected to pins. If the 
chain is applied so the tension is 
transferred to the tooth only by 
bushings, the adjacent link will al- 
ways be pin-supported, and the chain 
will drape freely around the smallest 
sprocket. By using smaller sprockets, 
it is possible to  make larger reduc- 
tions with fewer stages. 
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Chain Hoist for Dam's 
Radial Arm Gate 
From partial plan to retrofit control dam structure 

Robert 0. Parrnley 

GATE 
(3- REC'C.> 

\ 

i 

Courtesy: Morgan & Parmley, LTD. 
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Portable Chain Hoist for Motors 
Robert 0. Parmley 

Plan View I 

CABLE or CHAIN 

Hook & Clamp 

Front Elevation Side Elevation I 

CHAIN 
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Design of Precision Sprockets 
Arthur Hill 

c amera-type sprockets are being adapted to com- 
puters. Here are gear-tooth calculations and data 
for dimensioning and generating a precision 
sprocket, as normally used in a tracking camera or 
a computer for the accurate transmission of tape or 
film. 

The sprocket will accommodate standard 70 mm 
perforated film, manufactured in accordance with 
Military Standard MS33525 (see Fig. 1). The sprock- 
et has 56 teeth, a roll diameter of 3.3273 in. that 
will provide a mean diameter to the film (0.006 in. 
thick) of 3.3333 in. 

In the design of this particular sprocket, the teeth 
are shaped to meet two different conditions: the film 
can leave the sprocket on a 1-in. dia roller, or the 
film can be pulled off in a tangential path. These 
two extremes call respectively for a tooth contour 
not exceeding an epicycloid or an involute using 
the roll diameter of the sprocket as a base circle, 
see Figs. 2a and 2b. 

A tooth radius is chosen coincident with both 
curves at  their base and lying just inside at  the tip of 
the tooth. A radius of 0.280 in. with its center 0.010 
in. below the roll diameter is found to be satisfac- 
tory. I t  is now necessary to compute data to design 
and make a templet that can be used on the Panto- 
Crush grinder. The templet is used for dressing a 
wheel to grind the space between the sprocket teeth 
as shown in Figs. 3 and 4. Note: the computations 
and process descrilbed here are not restricted to any 
specific kind of gear grinder. In fact, this informs- 
tion can also be used for any kind of a gear hobbing 
machine by simply making a hob to the same pro- 
portion and with the same profile as the grinding 
wheel shown in Fig. 7. It will be noticed that the 
tooth fillet radius R must originate below the roll 
diameter, and that the circumference of the wheel 
may be straight in section, Le., parallel to the axis 
of the wheel. 

One method of fabricating the sprocket is to make 
it from a 3-piece sandwich construction utilizing 
ground aluminum side plates of a diameter equal to 
the roll diameter. The center plate is made of steel 
equal in thickness to  the sprocket tooth thickness, 
and hardened and ground from the crushed wheel, 
Fig. 4. The work piece is indexed 56 times to grind 
the gear tooth spaces; however this method is ex- 
tremely time consuming for a production setup. 

A better production method was devised as a re- 
sult of a study conducted to determine if it is prac- 
tical to grind the sprocket teeth on the Reishauer 
gear grinder. This method requires dressing the 
grinding wheel to fabricate a tooth form that would 
satisfy the conditions as stated above. The tooth 

FIG. 3 

I---. 0. D. Sprocket1 

FIG. 4 

now has an involute form instead of only a radius. 
The first step in this preferred production method 

is to establish the correct pressure angle for the in- 
volute tooth form. As indicated above, the tooth 
profile must be generated in such a manner that 
there will not be any interference with the epicy- 
cloid or involute take-off. 

If the involute has a base circle below the roll 

Reprinted with permission from American Machinist, A Penton Media Publication 
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diameter of the sprocket the tooth form will clear 
the perforations in the film while the film is being 
loaded or unloaded tangent to the roll diameter. 

To help determine the correct pressure angle, it 
is necessary to establish how many degrees of rota- 
tion on the sprocket are needed to  satisfy an epicy- 
cloid profile tooth. This information can be 
established as follows (See Fig. 5) and these com- 
puations: 

R,-Outside radii of sprocket teeth, 1.7146 in. 
r -Mean radii of the film rolled on 1-in. dia roll- 

C -Center distance between the sprocket and 

R -Mean radii of film rolled on roll diameter of 

er, 0.503 in. 

roller with film in between, 2.1697 in. 

sprocket, 

cos 0 = 

O =  
- - 

O =  

cos 9 = 
- - 

9 =  

1.6667 in. 

r2 + C2 - R,2 

2 r C  

0.5032 + 2.169P - 1.7146' 
2 x 0.503 x 2.1697-- 

0.92567 
22.2302" 
1.71462 + 2.1697' - 0.5032 

2 X 2.1697 X 1.7146 
0.99382 
6.37202", or 0.1112 radians 

Because the roller r rolls on the radius R and does 
not slip, they both rQll off an equal amount of their 
circumference. Therefore, their arcs AB and BD are 
equal. Employing the theorem-radius multiplied by 
the included angle expressed in radians equals the 
length of arc in the included angle; then because the 
two arcs are equal to each other, their equations are 
also equal to each other. 

O r  8 s  
= x r = - R  

180 

O r r  180 Or .*. 8 =- x-  - - - 
180 R K R 

22.2301 X 0.503 
1.667 

a =  

= 6.709", or 0.1171 radians 
+E = 8 - = 0.0059 radians 

It is important to make certain that the pressure 
angle of the teeth a t  the outside diameter of the 
sprocket when generated is an involute greater than 
14"47', which would be the pressure angle of an in- 
volute tooth whose involute function is equal to +E. 
Because the pitch diameter of the gear in the follow- 

FIG. 5 

l 
ing computations is just about equal to the outside 
diameter of the sprocket, a pressure angle of 15" 
3%' is selected because the base circle for this gear 
would then fall approximately 0.011 in. below the 
roll diameter. Furthermore, by providing a mini- 
mum radius of 0.004 in. on the wheel, the sprocket 
tooth will not be undercut. 

This data is now converted into information 
similar to gear calculations in order to setup the 
Reishauer gear grinder, or any other gear-generat- 
ing machine tool. From the Reishauer manual PZA 
75 a gear train can be setup as follows: 

G3 12 - GI 
DP G2 G4 

x -  - - -  

From the selection of change gears a 16 1/3 DP is 
easily obtained. 

12 40 54 
DP 70 - 42 

- 

.'. DP = 16 1/3 
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Computing the imaginary gear 

No. of teeth 

Diametral Pitch 

Pressure angle 

Pitch diameter 

Circular pitch 

Outside diameter 

Whole depth 

Root diameter 

D, = = 3.4286 
N 

N = 56 

P = 16 1/3 

+2 = 15" 3%' 

D:, = 3.4286 

C = - = 0.1923 
?r 

P 

D 
2.156 

P = 0.132 - - 

R D  = 3.2870 

Base dia. = 0.9915 x 3.3333 = 3.3048 

Referring to Fig. 3, the sprocket tooth shows a 
height of 0.051 in. and an undercut of 0.10 in. below 
roll diameter. Therefore, the wheel will penetrate 
0.061 in. below the outside diameter of the sprocket. 
Also note that the tooth has a chordal thickness of 
0.055 in. at  the roll diameter. The arc tooth thick- 
ness is 0.055 in. at the point of contact with the mean 
thickness of the film. However, for the purpose of 
dimensioning the grinding wheel the arc tooth thick- 
ness must be determined at the pitch diameter of the 
imaginary gear. 

LGrinding wheel 

FIG. 7 

T ,  = Arc tooth thickness of tooth at  D ,  = 0.055 
T ,  = Arc tooth thickness of tooth at  D ,  

= Pressure angle at point where the mean 
diameter of the film makes contact with 
the tooth 

D ,  = mean dia of film = 3.3333 
D, = pitch dia = 3.4286 

COS +z = 15"31/i' G 0.9639 

D COS $ 2  3.4286 x 0.9639 
cos  +1 = 3 - - - - = 0.99145 

D, - 3.3333 

41 = 7"30' 

Inv +1 = 0.00075 Inv +2 = 0.00622 

1 x Inv - Inv #,z 

1 0.055 
T ,  = 3.4286[-+ 0.00075 - 0.00622 = 0.0343 

The root diameter of the sprocket is equal to the 
roll diameter minus 0.020 in. as indicated in Fig. 3, 
or 3.3073 in. This figure is 0.1213 in. less than the 
pitch dia of the imaginary gear. Therefore, to deter- 
mine the dimension for the width of the groove in the 
grinding wheel at  the point of deepest penetration, 
Fig. 7, multiply 0.1213 in. by the tangent of +z and 
add this value to T,. 
ie: 0.26904 x 0.1213 + 0.0343 = 0.067 in. 

From this information the grinding wheel can 
now be dimensioned. 

It should be noted that the dimensions given in 
Fig. 7 are normal to the tooth and not parallel to 
axis of wheel. 

.i 
/-- 

FIG. a I 
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Sheet Metal Gears, Sprockets, 
Worms & Ratchets 
Haim Murro 

When a specified motion must be transmitted at intervals rather than continuously, and the 
loads are light, these mechanisms are ideal because of their low cost and ada tability to 

be stamped to tolerances of +0.007 in. and if necessary, shaved to closer dimensions. Sketches 
indicate some variations used on toys, household appliances and automobile components. 

mass production. Although not generally considered precision parts, ratchets an I f  gears can 

F i g . 3  - 

Fig. I-Pinion is a sheet metal cup, with rectangular holes serv- 
ing as teeth. Meshing gear is sheet metal, blanked with specially 
formed teeth. Pinion can be attached to another sheet metal 
wheel by prongs, as shown, to form a gear train. 

Fig. %Pinion mates with round pins 
in circular disk made of metal, plastic 
or wood. Pins can be attached by stak- 
ing or with threaded fasteners. 

Fig. %-Sheet metal wheel gear meshes with a wide face pinion, 
which is either extruded or machined. Wheel is blanked with 
teeth of conventional form. 

Fig. &Two blanked gears, m n i d y  formed after blank- 
ing, make bevel gears meshing on parallel axis. Both have 
specially formed teeth. 

Fig. %Wheel with waves on its outer rim to 
replace teeth, meshes with either one or two 
(shown) sheet metal pinions, having specially 
formed teeth, and mounted on intersecting axes. 

Fig. &Two bevel type gears, with specially formed 
teeth, mounted for 90 deg intersecting axes. Can 
be attached economically by staking to hubs. 

.No. 2 

Fig. 7-Blanked and formed bevel type gear meshes 
with solid machined or extruded pinion. Conventional 
form of teeth can be used on both gear and pinion. 

Fig. &Blanked, cup-shaped wheel meshes with solid 
pinion for 90 deg intersecting axes. 

Fig. 9-Backlash can be eliminated from stamped gears 
by stacking two identical gears and displacing them by 
one tooth. Spring then bears one projection on each 
gear taking up lost motion. 
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Fig. 10-Sheet metal cup which Fig. 11-Blanked wheel, with Fig. 12-Worm wheel is sheet metal 
has indentations that take place blanked, with specially formed teeth. 
of worm wheel teeth, meshes with Worm is made of sheet metal disk, 
a standard coarse thread screw. split and helically formed. 

specially formed teeth, meshes 
with a helical spring mounted on 
a shaft, which serms as the worm. 

Fig. 13-Blanked ratchets with one sided teeth stacked to 
fit a wide, sheet metal finger when single thickness is not 
adequate. Ratchet gears can be spot welded. 

Fig. 14-To avoid stacking, single ratchet is used with a 
U-shaped finger also made of sheet metal. 

Fig. 15-Wheel is a punched disk with square punched 
holes to selve as teeth. Pawl is spring steel. 

Fig. 17 
Pig. 16-Sheet metal blanked pinion, 
with specially formed teeth, meshes 
with windows blanked in a sheet metal 
cylinder, to form a pinion and rack 
assembly. 

Fig. 1i’-Sprocket, like Fig. 13, can be fabricated from separate stampings. 
Fig. l&For a wire chain as shown, sprocket is made by bending out 
punched teeth on a drawn cup. 
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Ratchet layout Analyzed 
Here, in a brief but comprehensive rundown, are generally unavailable 
formulas and data for precise ratchet layout. 

Emery E. Rossner 

Pawl in compression . . . 
has tooth pressure P and weight of pawl producing 
a moment that tends to engage pawl. Friction-force 
I.p and pivot friction tend to oppose pawl engage- 
ment. 

The ratchet whcel is widcly uscd in machinery, 
mainly to transmit interniittcnt motion or to allow 
shaft rotation in onc direction only. Ratchet-whecl 
tceth can bc eithcr on the pcrimetcr of a disc or on 
the inncr cdge of a ring. 

The pawl, which engages the ratchet tceth, is a 
beam pivoted at one cnd; the othcr cnd is shaped to 
fit tlic ratclict-tooth flank. Usually a spring or counter- 
weight maintains constant contact between wheel and 
pawl. 

It is desirable in most designs to kcep the spring 
force low. I t  should be just enough to overcome thc 
scparation forces-inertia, weight and pivot friction. 
Excess spring force should not be relied on to bring 
about and maintain pawl engagement against thc load. 

Symbols 

a = moment arm of wheel 
torque 

M = moment about 0, eauscd 
by wcight of pawl 

0, 0, = ratchet and pawl pivot 
centers respectively 

P = tooth pressure = wheel 
torque,Ja - 

P d (  1 + p*) = load on pivot pin 
~ , : p ,  = friction coefficicnts 

Other symbols as defined in diagrams 

To insure that the pawl is automatically pulled in 
and kept in engagement independently of the spring, 
a properly layed out tooth flank is necessary. 

The requirenicnt for self-engagement is 
Pc + df > pPb + P d(l+fj P I ~ I  

Neglecting weight and pivot friction 
Pc> pPb 

or 

C l D  > P 

but c/b = r/a = tan 4, and since tan 4 is approxi- 
mately equal to sin 4 

Substituting in term (1) 
c l b  = t / R  

rR > P 
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Pawl in tension . . . 
has same forces acting on unit as other 
arrangements. Same layout principles 
apply also. 

For steel on steel, dry, p = 0.15. Therefore, using 

r/R = 0.20 to 0.25 
the margin of safety is large; the pawl will slidc into 
engagement easily. For internal teeth with 4 of 30°,  
c/b is tan 30" or 0.577 which is larger than p, and 
the teeth are therefore self engaging. 

When laying out the ratchet wheel and pawl, locatc 
points 0, A and 0, on the samc circle. A0 and AO, 
will then be perpendicular to onc another; this will 

insure that the smallest forces are acting on the systcm. 
Ratchet and pawl dimensions are governed by design 

sizes and stress. If the tooth, and thus pitch, must bc 
larger than required in order to be strong enough. a 
multiple pawl arrangcmcnt can be used. The pawls 
can be arranged so that one of them will cngage thc 
ratchet after a rotation of less than the pitch. 

A fine feed can be obtained by placing a numbcr 
of pawls sidc by sidc, with thc corrcspoiicling Ih3ict  
whccls uniformly displaced and interconnectcd. 
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No Teeth Ratchets 
With springs, rollers and other devices they keep going one way. 

L. Kasper 

paw' 1 

she*"e\ Ir 
3 

2 

1 SWINGING PAWLS lock on rim when 
lever swings forward, and release on 
return stroke. Oversize holes for support- 
ing stud make sure both top and bottom 
surfaces of pawls make contact. 

2 HELICAL SPRING grips shaft because 
its inner diameter is  smaller than the 
outer diameter of shaft. During forward 
stroke, spring winds tighter; during re- 
turn stroke, it expands. 

3 V-BELT SHEAVE is pushed around when 
pawl wedges in groove. For a snug fit, 
bottom of pawl is tapered like a V-belt. 
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6 

Eccenfric __ 
corn 

c 
E/ongofed - 
hole 

4 ECCENTRIC ROLLERS squeeze disk on 
forward stroke. On return stroke, rollers 
rotate backwards and release their grip. 
Springs keep rollers in contact with disk. 

5 RACK is wedge-shape so that it janis be- 
tween the rolling gear and the disk, push- 
ing the shaft forward. When the driving 
lever makes its return stroke, it carries 
along the unattached rack by the cross- 
piece. 

6 CONICAL PLATE moves as a nut back 
and forth along the threaded center hub 
of the lever. Light friction of spring- 
loaded pins keeps the pIate from rotating 
with the hub. 

7 FLAT SPRINGS expand against inside of 
drum when lever moves one way, but 
drag loosely when lever turns drum in 
opposite direction. 

8 ECCENTRIC CAM jams against disk 
during motion half of cycle. Elongated 
holes in the levers allow cam to wedge 
itself inore tightly in place. 
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Unique Belt Applications 
Brent Oman 

elt power transmission systems have been in operation in industry for over 200 years, going 
back to early flat belt drives. These early flat belts were typically composed of leather and B cotton or hemp rope, used to transmit power from steam engines or water wheels to early 

industrial production machinery. Belt technology has increased dramatically, with modern engineered 
belt systems handling loads and applications with a design flexibility that other power transmission 
systems cannot match. Modern belt drives can handle a wide variety of loads and speeds that would 
not have been possible in the past. 

An example of an extremely harshly loaded belt application is the supercharger belt drive system used 
on the supercharged, nitromethane consuming Top Fuel and Funny Car classes in professional drag 
racing. The belt drive is used to drive the supercharger, transmitting power from the engine crank- 
shaft. Vehicles in these drag racing classes commonly traverse the 1/4 mile track in under 5 seconds. 
Belt tensioning is provided by the addition of an idler. The superchargers used to develop such high 
vehicle speeds can require in excess of 1000 HP to operate, at speeds in excess of 10,000 RPM. 
Engine acceleration at the start of a race can be nearly 5,000 RPM in 0.2 seconds. Such extreme 
operating conditions requires a belt with equally extreme capabilities. A polyurethane synchronous 
belt with high strength aramid tensile cords and a modified curvilinear tooth form is the only belt 
which can handle such a demanding load requirement. Supercharger drive belts are commonly 
14mm pitch (distance from the center of one belt tooth to the center of an adjacent belt tooth) 
and approximately 3 inches wide. 

An example of a Top Fuel or Funny Car supercharger driven from engine crankshaft 
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While the supercharger drive, racing application is highly visible and glamorous, the same 
polyurethane belt is used in industry to replace roller chain on a wide variety of applications. 
Roller chain requires lubrication and regular maintenance in order to perform at its peak level. 
Roller chain can stretch up to 3% of its length over the life of the chain. The Kigh capacity, 
polyurethane synchronous belt provides superior horsepower capacity, with virtually no stretch. 

Relative Center Distance Take-up Required 
(100” Chain / Poly Chain GT) 

.04 I PolPcb.i.GT)P I I I I I I I I 

Stretch comparison of high performance polyurethane synchronous belt vs. roller chain. 

Over time, stretch of flexible power transmission products may require re-tensioning for optimum 
performance. Note that the high performance polyurethane belt system is virtually free of stretch 
over the life of the belt drive. 

Additionally, no lubrication is necessary with the synchronous belt. The lack of lubrication allows 
the polyurethane synchronous belt to replace roller chain on applications where cleanliness is 
necessary to prevent contamination of product. As an example, conveying and paper converting 
applications are typically very sensitive to grease and contaminants contacting the product being 
manufactured. 

Live roller conveyors are used for controlled movement of a great variety of regular or irregular 
shaped commodities, from light and fragile to heavy and rugged unit loads. The term “live roll” 
indicates that the conveyor rolls are connected and driven by a power source. Where roller chain 
previously had to be used due to its capacity at low speeds, the latest generation of polyurethane, 
modified curvilinear tooth, aramid tensile cord synchronous belt drives have horsepower capacities 
in excess of similarly sized roller chain drives. 

~ ~~ I Horsepower Rating Comparison 

O t  40 Roller Chain - 16 T Spkl 
.# 50 Roller Chain - 12T SpM 
O# 60 Roller Chain - 11T SpM 

W8mm PCGT - 12mm - 2- Spld 
8mm PCGT - 21 mm - 25T SpM 
8mm PCGT - 36mm - 25T SpM 

Comparison of Horsepower Ratings for roller chain and high performance polyurethane syn- 
chronous belts. Note that it is quite possible to replace roller chain with comparably sized 
belt drives which will eliminate lubrication and maintenance concerns. 
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The high capacity synchronous belt allows for driving live roll conveyors by an arrangement of “roll 
to roll” belt drives, connecting adjacent rolls. At times, idler rolls are inserted between driven rolls. 

Typical conveyor arrangement showing general roll to roll drive configuration 

Detail showing motor and gearbox driving sets of live rolls. 
Note the belt drives connecting pairs of live rolls. 

Detail showing head shaft drive and roll to roll drive. The drives can be 
on opposite sides, the same side, or a combination over the length of the 
conveyor system. 



Belts & Belting 

The major advantages of the polyurethane synchronous belt compared to roller chain are their high 
load capacity, wide range of operating speeds, lack of lubricant contamination, and virtual elimina- 
tion of maintenance. The polyurethane synchronous belts can be used to replace roller chain with 
performance advantages in a wide variety of industries, including lumber, pulp, and paper; packag- 
ing; food processing; and sand/gravel/concrete processing. An additional conveying application for 
synchronous belts is transporting product on the belt’s back. 

This pallet conveyor transports product on the back of a synchronous belt. Typically, the 
belt span will be supported on a low friction surface. Special high durability backings are 
available which will reduce wear on the back belt contact surface. Special backings are 
also available in non-marking constructions. 

Another unique product which demonstrates the design flexibility available belts provide is long 
length synchronous belting. This is a synchronous belt which is available in a continuous length 
of up to 100 feet, in a variety of pitches and constructions. Rubber trapezoidal tooth profile belts 
with pitches from .080” to S00” are available; as well as rubber curvilinear tooth profile belts with 
pitches from 2mm to 8mm. Urethane long length belting with aramid or steel tensile cords is also 
available in both trapezoidal and modified curvilinear tooth profiles. 

Long length belting is a cost effective, efficient and low maintenance alternative to chain. It is 
particularly suited for linear movement applications (automatic doors, automated warehouse or 
production conveying systems) and positioning applications (machine tools, x-y coordinate 
machines, printers, office equipment). Synchronous long length belting offers high positioning 
accuracy, length stability, low maintenance, and simple mechanical attachment using belt clamping 
fixtures. The clamping fixtures are easily machined, providing an effective method of attaching 
the ends of the belting to the device or product being positioned. 
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An example of a clamp groove profile which is used for attaching modified curvilinear 
tooth profile polyurethane long length belting to a fixture. A top plate is typically used 
to mechanically clamp the belt into the grooves. The fixture is mechanically attached 
to the component being positioned by the belt drive. 
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It is not uncommon for a pair of long length belts to be used in an industrial manufacturing envi- 
ronment to move a production mechanical device linearly. The belt is typically clamped to the 
device being positioned. Examples of applications include cutters, knives, print heads, and compo- 
nent movement equipment. 

Belt clamp fixture attached to belt. The fixture would be attached 
to the machine element being positioned by the belt drive. 

One of the advantages of synchronous belts is their very high efficiency. Efficiency of any power 
transmission system is a measure of the power loss associated with the motor, the bearings and the 
belt drive. Any loss of power is a loss of money. By minimizing the losses in the system, the cost of 
operating the drive is minimized. Since the passage of the U.S. Energy Policy Act (1992), higher 
efficiency motors are more often being used by Original Equipment Manufacturers (OEM) to reduce 
power loss. The U.S. Energy Policy Act is aimed at increasing the efficiency standards for all types 
of appliances and equipment (including electric motors). However, even a high efficiency motor's 
advantages can be under-utilized if the most efficient belt drive alternative is not chosen. 
Synchronous belts are more energy efficient than V-belts, providing a cost effective method of 
improving the overall system efficiency. 

Efficiency can be defined by the following formula: 

Efficiency = HPout/HPin = (TORQUEout x RPMout)/(TORQUEin x RPMin) 

As this equation shows, energy losses in belt drives can be separated into two categories, torque 
and speed loss. Torque loss results from the energy required to bend the belt around the sprocket 
or sheave. Energy lost as heat (due to friction) also causes torque loss. 

Speed losses are the result of belt slip and creep. Belt slip is self-explanatory. Creep happens as the 
belt elongates or stretches as it moves from the slack side to the tightside as tension increases. This 
causes a slightly longer belt to leave the sheave than what entered. 

Since V-belts generally have a much thicker cross section than synchronous belts, they use more 
energy bending around the sheave. Also, V-belts operate through a wedging action with the sheave, 
thus creating friction. There is generally more heat lost through this wedging action than from the 
minimal friction generated as a synchronous belt tooth enters and exits the sprocket grooves. 

V-belt drives, especially if poorly maintained, will slip. But synchronous belts are a positive drive 
system and do not slip. The V-belt drive will show a decrease in driveN speed (rpm) over time and 
the synchronous drive will not. Also, due to its low stretch properties, a synchronous belt does not 
experience creep. 

Even though properly maintained V-belts drives can run as high as 95-98% efficient at the time of 
installation, this often deteriorates over time by as much as 5% during operation. Poorly maintained 
V-belt drives may be up to 10% less efficient. Synchronous belts remain at an energy efficiency of 
around 98% over the life of the belt. 
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Synchronous belts are often used where precise positioning of components is required. Sophisticated 
machine tool applications, pick and place applications, and printing applications are just a few 
examples of potential synchronous belt drive applications. 

This machining station uses synchronous belts to drive lead screws 
which position a machining spindle. 
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Synchronous belts are used to drive and position components in this 
pick and place application. 

V-belt drives offer robust power transmission systems which can be designed for many unique appli- 
cations. One example is the use of spring loaded idlers to minimize maintenance by means of auto- 
matic tensioning. An additional benefit is that a spring loaded idler provides lower overall drive 
tensions for drives subjected to large peak loads as compared to the drive’s average load. This 
increases the life of the V-belt and drive components. 

Fixed, manually adjusted, idlers function by forcing the idler into the belt until proper belt tension 
is achieved and the idler is locked into place. Belt tension in fixed idler drives is not constant, but 
decreases with time due to sheave wear, belt wear, and belt elongation. When retensioning is 
required, the idler must be manually adjusted to provide proper tension. With a fixed idler, static 
tension is imposed on the drive to transmit the peak load. With varying loads, this can result in 
higher belt tensions, reducing belt life. 

The spring loaded idler system automatically compensates for sheave and belt wear as well as belt 
elongation. Spring loading is often designed to provide constant tension over the life of the V-belt 
drive. Additionally, on applications subject to extremely wide variations in horsepower require- 
ments, properly designed spring loaded idlers produce a constant slack side tension. Since the slack 
side tension remains constant, the tight side tension increases with increasing loads but drops as 
the loads decrease. This results in lower overall tensions and longer belt life. 

n 

DriveR DriwN 

V-belt drive with spring loaded idler 
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Specific design procedures must be followed to properly calculate the required spring forces. 
However, the long term application benefits greatly outweigh the initial design time required. 
Examples of V-belt applications which commonly use spring loaded idlers are lawn mower deck 
drives and agricultural machinery. 

The driveR and driveN sheaves of a typical V-belt drive are usually in the same plane, but there 
are occasions which require that the two sheaves be in different planes. Two of the most common 
two-plane V-belt drives are quarter turn drives, which have the sheaves 90" apart, and eight-turn 
drives, which have the sheaves at 45 '. Quarter turn drives are more widely used, example applica- 
tions include irrigation pumps driven by a PTO, agricultural equipment, lawn and garden equip- 
ment, and lineshafts. 

I 
lop View I 

I P ; 

Horizontal 
Shaft 

Vertical 
Shaft 

Horizontal \e C T i g h i  Side Vertical { 
Shaft Shaft 

Quarter drive configuration showing dimensional design considerations. 

Specific design considerations must be followed when designing drives operating in more than one 
plane. Minimum drive center distances, alignment positioning of the two shafts, rotational direc- 
tion, and belt tensioning are all factors which must be examined in order to obtain optimum belt 
performance. It is suggested that belt manufacturers be consulted for specific application recommen- 
dations when designing a two plane drive. 

Serpentine drives are commonly defined as those having three or more sheaves or sprockets, in 
which the belts can drive from either inside or backside surfaces. There are many types of applica- 
tions for serpentine drives, but several of the more common types include automotive front end 
accessory drives, roll drives in printing or paper equipment, machine tools, and conveyors. Many 
belt types can be used, including Micro-V, Double-V, conventional V-belts, and double sided syn- 
chronous belts. Double sided synchronous belts not only allow for power transmission from both 
sides of the belt, but also synchronize shaft speeds. This is typically critical in roll drives used in 
the paper or printing industry. Double sided synchronous belts are a clean, low maintenance 
alternative to roller chain for these types of applications. 
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Double sided synchronous belts provide design flexibility 
for systems requiring shaft counter-rotation and positive 
positioning. 
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In addition to providing a cost effective means of power transmission, belts can also be supplied in 
a variety of special constructions which might be required for unique applications. Alternate ten- 
sile member types, high or low temperature constructions, non-marking constructions, and special 
backings are just a few of the special constructions that are available to solve equipment designer’s 
problems. 

Synchronous belts can be supplied with special backings for unique 
applications. Product is captured between the backs of two belts and 
moved in an assembly or conveying process. Similarly, belts with special 
backings can be used for wire drawing applications or bottling applica- 
tions. 

Information provided: Courtesy of The Gates Rubber Company 

Author. Brent Oman, Project Application Engineer 
The Gates Rubber Company 
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Leather Belts-Hp Loss and Speeds 
From 0-10,000 ft/min and 435-3450 rpm, for pulley diameters up to 30 in. 

Douglas C. Greenwood 

Horsepower ratings and correction factors for various 
leather belt sizes, tensions, and operating conditions 
are given by most engineering handbooks or manufac- 
turers’ catalogs. Such data, however, are usually not 
corrected for centrifugal force. This chart may be 
entered at any axis or pulley-speed curve. As shown, 

secants parallel to the axcs connect any four value.; in 
corrcct relationship. In thc sainplc construction, a 12 
in. dia pullcy at 11 50 rpni givcs a bclt velocity of about 
3620 fps at which spccd there is a 12% lip reduction. 
Consult bclt manufacturer regarding suitability, effi- 
ciency and other factors in high-speed applications. 

0 

Check 
with belt 
manufacturer 
for speeds 
in shaded 
areas. 

2000 4000 6000 0000 l0,OOO 
Belt  speed. f t  /min 
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Find the Length of 
Open and Closed Belts 

The following formulas give 
the answers (see the illustrations for notation): 
Open length, L = TD + (tan e - e )  (D - d )  
Closed length, L = (D + d )  I.. + (ran e - e)] 
YOU can find 0 from (for open belts): cos 0 = (D - d ) / 2 C ;  (for closed belts) 
COS e = ( D  + 4 1 2 ~ .  

When you want to find the center distance of belt drives, however, it is much 
quicker if you have a table that gives you y = cos e in terms of x = (tan 0) - 
0. Sidney Kravitz, of Picatinny Arsenal, has compiled such a table. Now, all you 
need do to find C is first calculate x = [ L / ( D  + d ) ]  - T for open drives. 

y values* 
Y 

x 0.00 0.01 0.02 0.03 0.04 0.05 0.06 0.07 0.08 0.09 
0.0 1.00000 0.95332 0.92731 0.90626 0.88804 0.87175 0.85690 0.84318 0.83039 0.81839 
0.1 30705 .79630 .78606 .77629 ,76693 .75795 .74931 .74098 .73295 .72518 
0.2 .71767 ,71038 .70332 .69646 .68980 .68332 .67701 .67086 .66487 .65902 
0.3 .65331 .64774 54230 .63698 .63177 .62668 .62169 .61681 .61202 ,60733 
0.4 50274 .59822 .59380 58946 .58520 .58101 .57690 .57286 .56889 .56499 
0.5 0.56116 0.55738 0.55367 0.55002 0.54643 0.54289 0.53941 0.53598 0.53260 0.52927 
0.6 ,52600 52277 .51958 .51645 51336 .51031 50730 ,50433 SO141 .49852 
0.7 .49567 .49286 ,49009 .48735 .48465 .48198 .47935 .47675 .47417 .47164 
0.8 .46913 .46665 .46420 .46179 .45940 .45703 .45470 ,45239 .45011 .44785 
0.9 A4562 .44342 A 1 2 3  .43908 .43694 .43483 A3274 .a068 .42863 .42661 

1 0.42461 0.40568 0.38850 0.37284 0.35848 0.34526 0.33304 0.32170 0.31115 0.30130 
2 .29208 .28344 .27531 ,26766 26043 25359 .24712 24098 .23515 ,22960 
3 22431 21926 21445 .20984 .20544 20121 .I9717 .19328 .I8955 .18596 
4 .I8251 .I7918 .17598 .17289 .16991 .16703 .16424 .16156 .15895 .15W 
5 0.15400 0.15163 0.14935 0.14712 0.14497 0.14287 0.14084 0.13886 0.13694 0.13508 
6 .13326 .13149 .12977 .12810 .12646 .I2487 .E332 .12181 .I2033 .11889 
7 .11748 .11611 .I1477 .11346 .11217 .11092 .lo970 .lo850 .I0733 .lo618 
8 .lo506 .I0396 .lo289 .lo183 .lo080 .09979 .09880 .09783 .09688 .09594 
9 .09503 .09413 .09325 .09238 .09153 .09070 .OS988 .08908 .08829 .08751 

10 0.08675 0.07980 0.07389 0.06879 0.06436 0.06046 0.05701 0.05393 0.05116 0.04867 
20 ,04641 .04435 .04246 .04073 .03914 .03766 .03629 .03502 .03384 .03273 
30 .03169 .03072 .02980 .02894 .02812 .02735 .02663 .02594 ,02528 .02466 
40 .02406 .02350 .02296 .02244 ,02195 .02148 .02103 .02059 .02018 .01978 
50 0.01939 0.01903 0.01867 0.01833 0.01800 0.01768 0.01737 0.01708 0.01679 0.01651 
60 ,01624 .01598 .01573 .01549 .01525 ,01502 ,01480 .01459 .01438 .01417 
70 ,01397 .01378 .01359 .01341 .01323 ,01310 .01289 .01273 ,01257 .01241 
80 .01226 .01211 .01197 .01183 .01169 .01155 .01142 .01129 .01117 .01104 
90 .01092 .01080 .01069 ,01057 .01046 .01036 .01025 .01015 .01004 .00994 

.O .1 .2 .3 A .5 .6 .7 .8 .9 

0 1 2 3 4 5 6 7 8 9 

100 
IIf x = (tan$) - $; then y = cos $. 

~f x > 100, calculate C from c = - - - (D f d )  for both open and closed belts- 

0.00985 (see note below for x > 100) 

L s  
2 4  
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L 
D f d  

x = -  for closed drives 

Then 

e=------ -I- ‘ for closed drives 
2Y 

Example: L = 60.0, D = 15.0, d = 10.0, x = (L - d ) / ( D  - d )  = 2.575, 
y = 0.24874 by linear interpolation in the table. C = (D - d ) / 2 y  = 10.051. 

. e . .  

Morton P. Matthew‘s letter on fractional derivatives (PE-July 22 ‘63, p 105) 
drew several interesting comments from readers. Here’s what Professor Komkov 
of the University of Utah had to say on the subject. He pointed out that the 
question raised by Mr Matthew is well known in mathematics, but very little 
publicized. 

“The definition of fractional derivatives goes back to Abel, who developed 
around 1840 this fascinating little formula: 

(r (n) is the Euler’s Gamma Function). 
An elementary proof of this formula is given for example in Courant’s Differenrial 
and Zntegrul Calculus, Part 11, page 340. Abel claimed that the formula works for 
all real values of S, although there is no guarantee that the range of values obtained 
can be bounded. For a negative S Abel‘s operator D8 becomes an integral 
operator: 

All results quoted by Mr Matthew may be easily obtained by application of Abel’s 
Formula. 
. “There exists a generalization to partial differential equations of the fractional 
derivative. This is the so-called Riesz Operator. In one dimensional case it 
becomes Abel’s derivative of fractional order. 

“Details of the Riesz technique are explained, for example, in Chapter 10 of 
Partial Differential Equations by Duff. Unfortunately I know of no textbook 
which devotes more than a few pages to the subject of fractional derivatives. 
However, there exists a large number of papers on the subject in mathematical 
journals. I remember reading one by Professor John Barrett in the Pacific Journal 
of Mathematics (I think it was 1947) which discussed the equation: 

* + ~y = 0 where 1 5  s 2 dz. 

“There are some interesting applications in engineering and science for this 
theory. I was interested some years ago in formulation of elasticity equations for 
some plastics. I have never completed that investigation but I have established 
that in some cases, the behavior of plastics may be better simulated by assuming 
stress-strain relationship to be of the type: 

where s is some number between 0 and 1, than by the usual assumption of linear 
superposition of Hooke’s law and Newtonian Fluid properties. In case of some 
rubbers s worked to be close to 0.7.” 
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Ten Types of Belt Drives 
Although countless types of belt drives are possible, these ten will solve most industrial applica- 
tions. These pertain to power transmission only; the tooth type of timing belt is not included. For 
each drive are given: design pitfalls; speed and capacity ranges; and suggestions for application. 

George R. Lederer 

Fig.1 OPEN DRIVE 
( V, Flat or Poly V Belts) 

Fig.4 REVERSE BEND IDLER 
( Poly V, V, or Rot 6elts) 

FIG. 1-Can be either horizontal ( A ) ,  or vertical 
(B). Used on equipment ranging from washing 
machines to oil well pumps. Ideal for high capac- 
ity drives; allows wider range of speed ratios than 
any other type. Provisions must be made for take- 
up. No minimum or maximum center distance 
limits other than available belt lengths. 

FIG. 2-Limited in capacity to 8-10 hp because of 
small high-speed pulleys and limited provisions 
for take-up. Usually used with one unit hinge- 
mounted, as in automotive fan belt drives. Large 
belts would stretch beyond capacity of hinged 
unit to take up slack. 

FIG. 3-Useful where several units are driven 
from a central shaft. The Vv belt that resembles 
two v-belts joined back-to-back was developed 
especially for this drive. For Vv operation all pul- 
leys must be grooved. For regular V-, Poly-V or 
flat-belt operation, only those driven by the belt 

Fig. 2 THREE PULLEY DRIVE 
( V, Flat or Poly V Belts) 

Fig.3 SERPENTINE DRIVE 
(Poly V,V, or Flot Belts ) 

is placed on the slack side of the belt near the point where the 
belt leaves the driver sheave. Idler also gives increased wrap and 
increased arc of contact. Applications range from agricultural 
jackshaft drives to machine tools and large oil field drives. Idler 
can be spring loaded to keep belt tight if drive is subject to shock. 
For maximum belt life, the larger the idler, the better. 

face are grooved, others are Bat and are-driven by 
the back of the belt. Driving capacity range from 
15-25 hp. Sheaves are small, speed is slow and belt 
flex is extremely high, which affects belt life. 

FIG. %--Driver and driven sheaves are at right angles; belt must 
travel around horizontal sheave, turn, go over vertical sheave and 
return. Bend must be gradual to prevent belt from leaving sheave. 
Minimum center distance for V-belrs is 5.5 in. x (pitch dia of 
largest sheave + width of sheave). 

For Poly-V, minimum center distance = 13 X pitch dia of small 
sheave or 5.5 x (pitch dia + belt width). For flat belts it is 8 X 

FIG. &Used where driver and driven sheaves are 
fixed and there is no provision for take-up. Idler 
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(Poly V,V, or Flot Belts) 
w ._ 

Fig.5 QUARTER-TURN DRIVE (OPEN) 
(Poly V,V, or Flot Belts) 

E. -3  

Fig. 8 ANGLE DRIVE (EIGHTH TURN 1 s Fig.7 CROSSED (Flat Only) BELT DRI’dE (Poly V, V, or Flot Belts) 

(pitch dia -+ width). V-belt sheaves must be deep 
grooved and close matching is essential. Speed usually 
ranges from 3,000-5,000 rpm; hp from 75-150. 11; : 

Fig.9 MULE DRIVE 
(Poly V, V, or Flot Belts) FIG. &Similar to Open Quarter-Turn but has higher 

capacity with shorter centers and increased wrap. Track- 
ing is a problem with flat belts. With Poly-V drive, 
speed ratio is unlimited. Angle of entry (angle between 
belt and a line perpendicular to face of the sheave) is 
limited to 3 deg or less. 

FIG. ?’-Limited to flat belts because either V-belt or 
Poly-V would rub against itself and burn or wear 
rapidly. Desirable only where the direction of rotation 
must be reversed such as on planers, woodworking tools 
in general and line shaft drives. 

FIG. 8-Used where driver and driven sheave cannot be 
on the same plane. Has same center distance and angle 
of belt entry limitations as Quarter-Turn. Drive can be 
open if take-up can be accomplished at either end or it 
can be fitted with a reverse bend idler, but not an inside 
idler. Angle between shaft can be from zero to 90 deg. 

FIG. 9-Especially developed for drill presses and spe- 
cial applications where driver and driven sheaves are at 
right angles to each other and yet on the same plane. 
Can operate around a corner or from one floor to an- 
other. The center sheave is 90 deg from the driver and 
driven sheave and acts as an idler. Twists affect belt life. 

Fig. IO VARIABLE SPEED DRIVE 
( V Belts Only) 

FIG. 10-Sheaves must be grooved to change the pitch 
diameter for variable or adjustable pitch operation. With 
two sheaves and one belt, it is possible to have a range of 
four different speeds. Widely used on propulsion drives and 
cylinder drives on agricultural combines and machine tools. 
Drive has same high capacity and advantage as standard 
open drive, with wider speed range. They are mostly single 
belt drives 1% to 2 in. wide. Small pulleys are not advis- 
able. Most applications require special vari-speed cylinder 
or traction belt. 
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Mechanisms for Adjusting 
Tension of Belt Drives 
Sketches show devices for both manual and automatic take-up as required by wear or stretch. 
Some are for installations having fixed center distances; others are of the expanding center 
take-up types. Many units provide for adjustment of speed as well as tension. 

Joseph H. Gepfect 

Fig. I-Manually adjusted idler run on slack side of 
chain or flat belt. Useful where speed is constant, 
load is uniform and the tension adjustment is not 
critical. Can be adjusted while drive is running. 
Horsepower capacity depends upon belt tension. 

Driver 

Fig. 5-Screw type split sheave for V-belts when ten- 
sion adjustment is not critical. Best suited for instal- 
lations with uniform loads. Running speed increases 
with take up. Drive must be stopped to make adjust- 
ments. Capacity depends directly upon value of belt 
tension. 

Fig. 9-Spring actuated base for automatic adjust- 
ment of uniformly loaded chain drive. With belts, it 
provides slipping for starting and suddenly applied 
torque. Can also be used to establish a safety limit 
for the horsepower capaeity of belts. 

Fig. 2 S p r i n g  or weight loaded idler run on slack 
side of flat belt or chain provides automatic adjust- 
ment. For constant speed but either uniform or pul- 
sating loads. Adjustments should be made while drive 
is running. Capacity limited by spring or weight 
value. 

Fig. (i-Split sheave unit for automatic adjustment 
of V-belts. Tension on belt remains constant; speed 
increases with belt take up. Spring establishes maxi- 
mum torque capacity of the drive. Hence, this can be 
used as a torque limiting or overload device. 

Fig. l-ravity aetuated pivoting motor base for 
uniformly loaded belts or chains, only. Same safety 
and slipping characteristies as that of Fig. 9. Position 
of motor from pivot controls the proportion of motor 
weight effeetive in produeing belt tension. 
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-h 
'Matar b a s e  

Fig. 3-Screw-base type unit provides normal tension 
control of belt or chain drive for motors. Wide range 
of adjustments can be made either while unit is run- 
ning or stopped. With split sheaves, this device can 
be used to control speed as well as tension. 

Fig. 7-Another manually adjusted screw type split 
sheave for V-belts. However, this unit can be adjusted 
while the drive is running. Other characteristies simi- 
lar to those of Fig. 6. Like Fig. 6, sheave spacing can 
be changed to maintain speed or to vary speed. 

shaft mounted 

Fig. &Pivoting screw base for normal adjustment 
of m.otor drive tension. Like that of Fig. 3, this design 
can be adjusted either while running or stopped and 
will provide speed adjustment when used with split 
sheaves. Easier to adjust than previous design. 

be 

Fig. 8-Special split sheaves for accurate tension and 
speed control of V-belts or chains. Applicable to par- 
allel shafts on short center distances. Manually ad- 
justed with belt tension screw. No change in speed 
with changes in tension. 

9 Weigh? 

Fig. 11-Torque arm adjustment for use with shaft Fig. 12-Wrapping type automatic take-up for flat 
mounted speed reducer. Can be used as belt or chain and wire belts of any width. Used for maximum driv- 
take up for normal wear and stretch within the swing ing capacity. Size of weight determines tension put 
radius of reducer; or for changing speed while run- on belt. Maximum value should be established to 
ning when spring type split sheave is used on motor. protect the belt from being overloaded. 
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Equations for Computing 
Creep in Belt Drives 
Don't confuse slippage caused by overloading with creep found in all belt drives. 
These equations give the creep rate and power loss in various pulley systems 

Peter L. Garrett 

HEN a belt is transmitting w power there exists a tension TI 
on the tight side that is greater than 
the tension T, on the slack side. This 
is due to friction between belt and 
pulley. By the rules of equilibrium, 
the maximum possible tension ratio, 
TJ T,, that can be transmitted without 
slip is given by the following equation 
(refer to figure below): e 

where 
T ,  = tension at tight side, lb 
T, = tension at slack side, Ib 
e = natural logarithm base = 2.718 

p = coefficient of friction 
6' = angle of wrap, radians 
For velocities substantially below 

the speed of sound this equation has 
been confirmed by tests. For those 
sufficiently curious to note the effect 
of extremely high speeds, Eq 1 can 
be modified to include the Mach 
number, M. (a) = e  (&@) (1A) 

m a  

Any load greater than e'' in Eq 1 
will cause belt slippage, loss of syn- 
chronism and serious wear. Coeffi- 
cients of friction for belts and ropes 

are listed in the table of belt and rope 
properties on page 89. 

The relationship between the driv- 
ing torque, T, and the belt tension is 

(2) 
where Rs = radius of pulley B plus 
one half the belt thickness. 

Therefore, the initial belt tension 
and ratio T J T ,  can be increased to 
prevent slip without affecting the 
torque equation (or, more specifically, 
the difference in tensions, TI - T 2 ) .  
The limiting factors in this case are 
the belt stress and bearing loads. 

Yet even when there is no slip the 
belt inexorably creeps backward over 
the pulleys, an effect that is particu- 

7 = (TI - Tz)RB 

DUAL-PULLEY DRIVE 
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larly obvious if the drive never re- 
verses. For zero slip, one revolution 
of pulley A will pull 2aRA inches of 
belt at tension T,. However, as the 
belt approaches point 1, the tension 
drops to a lower value, Tz, and the 
belt contracts by an amount d equal 
to 

where K = spring constant of belt. 
Typical K values are included in the 
table of properties on page 89. 

This change in length causes local- 
ized slippage between belt and pulley 
with consequent power dissipation. 
Thus, pulley A unwinds only (2aRA 
- d )  inches of belt per revolution, 
and the belt creeps backward an 
amount equal to d inches each revolu- 
tion. 

The K factors 
Factor K in Eq 3 is the spring con- 

stant of the belt in units of force per 
unit strain. Thus 

lb 
in& 

K = -  

These units for K simplify calcula- 
tions with belts of different length. 
The K factor is constant for all belts 
of a particular material and cross 
section. It can be calculated easily 
for belts of uniform material and 
measurable section. For example, 
for a steel band with a '/4 x 0.020-in. 
cross section 

F 
FL/AE K =  

where 
A = area of belt cross section, in.' 
L = segment of belt length, in. 
E = modulus of elasticity, psi 
F = tensile loading 

If L = 1 in., then 

K = A E  

K = ($)(0.020)(30 X lo6) 
= 150,000 lb/in./in. 

or 

For laminated belts, the calcula- 
tions are more complex. Belt manu- 
facturers usually can give you the K 
factor for a belt, but it is a simple 
matter to obtain the value by test if 
they do not. 

For example, 30 in. of belting 
elongates YS in. under a 20-lb load. 
What is the K factor? 

deflection 
length 

Strain = 

1 = -  'Is = - in./in. 
30 240 

20 
1/240 

K = -  

= 4800 lb/in./in. 

VeIocity relationships 
Returning to Eq 3, this relationship 

can be put into terms of velocity. 
During a specific time, At, pulley A 
will have rotated through an angular 
displacement of ea. Hence the veloc- 
ity of the tight side is 

R A ~ A  VI = - At (4) 

and of the slack side 

(5) 
Hence 

Velocity V ,  can be considered as 
the nominal belt velocity, and V,  as 
being equal to V ,  minus the creep 
rate, or 

v, = v* - VIC 

(7) -=  vz l - c  
VI 

where creep factor, C, is the frac- 
tional loss in speed due to elastic ef- 
fects. Combining Eq 6 and 7 gives 

Since the torque load is equal to 
= (TI - T,)RB, then 

(9) 

MULTIPLE-PU LlEY DRIVE 
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SYMBOLS 
c = CREEP FACTOR, DIMENSIONLESS 

d = CHANGE IN BELT LENGTH, IN. 

K = SPRING CONSTANT OF BELT, 

LB/(IN./IN.) 

L = SEGMENT OF BELT LENGTH, IN. 

M = MACH NUMBER-THE RATIO OF 

THE VELOCITY OF A MOVING BODY 

TO THAT OF SOUND 

P = POWER, LB-IN./SEC. 

R =PULLEY RADIUS + BELT 
THICKNESS, IN. 

t =TIME, ‘SEC 

r =TENSION, LB 

v = LINEAR VELOCITY OF BELT, IN./SEC 

Vc = CREEP RATE, INJSEC 

e =ANGLE OF WRAP, RADIANS 

0’ = FINITE ANGULAR DISPLACEMENT, 

RADIANS 

T =TORQUE OF LOAD, LB-IN. 

p = FRICTION COEFFICIENT 

SUBSCRIPTS A, E, AND c REFER TO PULLEYS A, E, AND c, RESPECTIVELY. 

Factor 1 /K  is frequently referred 
to as the “compliance” of the belt, in 
units of strain per pound. Thus from 
Eq 9 it can be noted that creep is di- 
rectly proportional to the product of 
load and compliance. 

Power losses 
Ignoring windage and hysteresis 

losses (the energy converted into heat 
by the belt during the stretch and re- 
laxation cycles), the power relation- 
ships are 

Driven pulley 
Pin = TiVl - T2Vz (10) 

P a u l  Vz(T1 - Tz)  (11) 
The power loss is 

P ~ o a r  = P i n  - Pout  

Thus 
Piost = Ti(V1 - vz) (12) 

Driving pulley 
P o u t  = TIVI - T2Vz (13) 

An ideal driving pulley will recover 
the power T,V, and its power output 
will be 

Pout  = TlV1 - TZVI (14) 
Hence, subtracting Eq 14 from Eq 

Pross  = Tz(v1 - Vz) (15) 
Because TI is greater than T2, com- 

paring Eq 15 with Eq 12 shows that 
the power loss ut the driven pulley 
is slightly greater than the loss at the 
driver. 

Belt creep-multiple pulleys 
Employing the same analytical ap- 

proach to arrangements with three or 
more pulleys results in the following 
equations (refer also to the illustra- 

13, the power loss is equal to 

tion of the multiple-pulley drive on 
previous page) : 

where 

Hence 
vs = V2(l - CC) (20) 
v2 = vl(1 - C B )  (21) 

Therefore 

and 
vs = Vl(1 - c B ) ( 1  - cc) (22) 

V” = Vl(1 - Cl)  

(1 - Cz) * (1 - C n - I )  (23) 
From this it can be concluded that 

the creep with respect to the driving 
pulley speed will increase as we go 
from pulley to pulley through the 
driven series of belts. Therefore it is 
not possible to have a reversible drive 
with a constant ratio between any two 
pulleys if there are more than two 
pulleys in the chain (not counting 
idlers), 

Power loss-multiple pulleys 
The power loss is due to friction in 

the areas, where the belt must slip to 
transmit the difEerence in tension. 
For all drivers and loads, this area of 
slippage begins at the unreeling line 

STEEL-TAPE DRIVE 

of tangency and ends short of the 
other line of tangency. 

Pulley A (driver) 
Similar to Eq 12: 

Piosa = T I ( V I  - Vs) 

Pulley B (1st driven) 

Pulley C (2nd driven) 
Pi, = TsV2 - TsVt 

Pmr = V3( Ta - Ts) 
PI,, = Tz( v 2  - V d  

To add the power losses of the two 
driven pulleys, note that T,> T,>T,, 
and VI> V,> V,; hence 

Thus, the power losses of all the 
driven pulleys together i s  slightly 
greater than the loss at the driver. 

Example-teel-tape drive 
To show the use of the design equa- 
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FABRIC SET 0.25 TO 0.35 0.04 35,000 400 
~ 1 IN RUBBER 

TYPE 

FLAT BELT 

COEFFICIENT OF MODULUS OF WORKING STRENGTH 
FRICTION, (I (ON CAST DENSITY ELASTICITY, (MAXIMUM TENSION), 

MATERIAL IRON PULLEYS! LB/IN.:’ PSI PSI 

0.035 20,000 300 TO 500 LEATHER 0.25 TO 0.35 
0.035 40,000 300 TO 400 WOVEN COTTON 0.2 TO 0.3 

WOVEN HAIR 0.2 TO 0.3 0.035 30,000 300 TO 400 
BALATA 0.3 TO 0.4 0.04 50,000 400 TO 500 
RUBBER 0.2 TO 0.3 0.045 30,000 400 TO 500 
STEEL 0.15 TO 0.25 0.28 30 X 10” 10,000 

STRANDED 0.2 TO 0.3 0.2802 LB/FT VARIABLE 200 1 COTTON 0 IN.=OIA 

WIRE ROPES STRANDED STEEL 0.15 TO 0.25 1.502 LB/FT VARIABLE 4000 
WIRE D IN.=DIAMETER 

From G H. Rvder 

tions, assume that the three-pulley 
drive, at left, employs a 0.020 x 
%-in. steel tape. To avoid overstress- 
ing the tape, the drive uses 2-in.-dia 
pulleys. 

Pulley A drives the belt system. 
Pulley B is coupled to an indicator 

Pulley C is coupled to a mechanism 
with a OS-in.-lb load. 

with a fj-in.-lb load. 
Other design specifications are: 

(see table), p = 0.2. 
Coefficient of friction for steel tape 

Angle 0 for pulley A = 160 deg. 
Belt speed, VI = 20 in./sec. 

Tension, TI, by preloading the belt = 
10 lb. Thus 

= 2000 psi 10 
(0.020) (0.25) TI = 

This amount is sufficient for proper 
belt seating, yet within the 10,000-psi 
limit (from the table) for the steel 
belt. 

Calculations for the tape tensions 
are as follows: 

Tz = TlePBA 
T2 = 10 e(0.2) 0.79) = 17.5 lb 

This value is the maximum per- 
missible tension at the high-tension 
side of the drive-the belt will slip 
with higher tensions. (The actual T, 
value will depend on the driven loads 
and should be less than 17.5 Ib.) 
Thus the tension drop available for 
work is 
(Tz - T i ) m s x  = 17.5 - 10 = 7.5 lb 

Because R = 1 in., the maximum 
torque that can be transmitted is ( 1 )  
(7.5) = 7.5 in.-lb, which is greater 
than the 5.5 in.lb total load require- 
ment. 

It has been shown that the design 
is adequate at the driver pulley. The 
two driven pulleys will now be exam- 
ined, 

Pulley C-major load 
To determine the minimum angle 

of wrap at pulley C,  it is convenient 
and conservative to ignore the tension 
drop across the %-in.-lb load. In 
other words, assume that 

TS = T1 = 10 lb 
To support this contention, note 

that for the equation 

when 6, = 0, T J T ,  = 1.  But at any 
positive value of 0, TJT, > 1, or T, 

Returning to the analysis of pulley 
C, the maximum possible torque is 
5 in.-lb, or 5 lb at the 1-in. radius. 
Hence the actual T, tension will be 

> Ti. 

Te = Ts + 5 Ib = 10 + 5 = 15 lb 

p6c = In 1.5 = 0.405 
BC = 0.405/0.2 = 2.02 rad = 115 deg 

may cause slippage at pulley C. 
Pulley B-minor load 

In a similar manner 

A wrap angle of less than 115 deg 

,POB = 0.5 + 10 
10 

O B  = 0.25 = 15 deg 
The power loss at the driver is 

- 5.5 in.-lb - 
(1 in. X 150,000 lb/in./in.) 

cn = 3.7 x 10-5 
where the value for K was previously 
computer on page 87. 

vz = 1 
v1 1 - 3.7 x 10-5 

= 1.000?037 
P i m a  Ti( Vz - VI) 

= (15.5)(20)(1.000,037 - l j  
= 310(0.37)(10-4) 
= 0.011 in.-lb/sec 

It is safe to assume that the power 
losses for both driven pulleys are very 
nearly equal to the loss at the driver. 
Hence, the total power loss is ap- 
proximately 0.022 in.-lb/sec. 

Input power = 20 in./sec x 5.5 lb 
= 110 in.-lb/sec; therefore the effi- 
ciency of the tape drive is 

110 - 0.022 I - 
110 

1 - 0.00022 or 99.98% 
This example shows why X-Y 

curve plotters and other instruments 
often use steel tapes for drives. The 
low creep rate resulting from the high 
modulus of steel permits use of a 
band that is not indexed to any pulley 
in the drive and can still indicate posi- 
tion repeatably. 
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Typical Feeders, Take-ups, Drives 
and Idlers for Belt Conveyors 

F E E D E R S  

Spiral Feeder Horizontal and Inclined Apron Feeder Self-contained Apron Feeder 

Hopper I 

Crusher Feeder 
1 

Batch Feeder 

T A K E - U P S  

$1 Screw Take-up 
I 1  

Horizontal 

Automatic 
Counterweighted L-1 

Crusher Products Feeder 

Ver tica I 
Counterweighted 

Autornotic 

D R I V E S  

210 Oconfacf 

Snub Plain 
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I D L E R S  

Self-Aligning Return Idler 
(Positive Type) 

- 
Troughing and Return Idler 

Self-Aligning Idler 
( Positivefype) 

Self-Aligning Return Idler 
(Inclined Pivot Type) 

Flat Belt and Return Idler 

Self-Ali ning Idler 
( Frict-onTy pe) 

Impoct Absorelon Idler il 
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SECTION 4 

SHAFTS 
Overview of Shaft & Couplings 

Beams & Stepped Shafts 

Shafts: 5 Steps Find Strength & Defection 

Shaft Torque: Charts Find Equivalent Sections 

Critical Speeds of End Supported Bare Shafts 

Torsional Strength of Shafts 

Bearing Loads on Geared Shafts 

7 Ways to limit Shaft Rotation 

Friction for Damping 

15 Ways to Fasten Gears to Shafts 

14 Ways to Fasten Hubs to Shafts 

Attaching Hubless Gears to Shafts 

10 Different Types of Splined Connections 

Typical Methods of Coupling Rotating Shafts I 

Typical Methods of Coupling Rotating Shafts II 

Typical Designs of Flexible Couplings I 

Typical Designs of Flexible Couplings II 

Typical Designs of Flexible Couplings 111 

low Cost Methods of Coupling Small Diameter Shafts 

Coupling of Parallel Shafts 

Novel linkage for Coupling Offset Shafts 

Torque of Slip Couplings 

High-speed Power Couplings 

Novel Coupling Shifts Shafts 
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Beams & Stepped Shafts 
Equations simplify analysis. Two general equations can now handle 
any type of loading and number of stepped contours. The method 
is exact and avoids integration. 

William Griffe1 

N practice, it is quite common for beams or  shafts to I be subjected to a combination of concentrated loads, 
distributed loads, and moments. Also, the beams may 
have cross-sections that vary by distinct steps. 

To find the deflection and slope at any point on a 
beam with, say, only three loads, as shown in Fig 1, pages 
of calculations are needed, and you will certainly turn 
for help from a computer, if one is available. Thus, the 
value of the simplified method given here becomes appar- 
ent. It can handle any number and combination of loads, 
and any number of steps in the contour. The method 
is similar to the one developed by W. H. Macaulay of 
Great Britain (see “Note on the Deflection of Beams,” 

Symbols 

a, b, c = distance along a beam locating 
points uf application of moment 
M, concentrated load P ,  and the 
point where the uniform load w 
begins 

C, D = constants of integration 
E = modulus of elasticity, psi 
I = moment of inertia, in.* 
x = point on the beam where the de- 

flection is calculated, in. 
XI, xz, etc  = specific values of x for segments 

of the beam, in. 
yl, yz, etc = deflections at points xi, x2, etc., 

in. 
yo = deflection a t  the origin of the co- 

ordinate system, in. 
w = uniform distributed load, Ib/in. 
8 = slope of the beam a t  point of in- 

terest, r, radians 
80 = slope at the origin of the coordi- 

nate system, radians 
Upward deflections and clockwise moments 
t o  the left of a section are considered posi- 
tive. See illustration on facing page. 

Messenger Math, Vol 48, C a n d d g e ,  England), but its 
application to stepped beams is new. 

The method makes use of two design equations, one 
for deflection and the other for slope. There is no 
integration-simple algebraic calculations are all that’s 
needed. There is no approximation involved: The method 
is exact. But it has its limitations in that it is applicable 
only to cases where the reactions are known-statically 
indeterminate beams are beyond the scope of the meth- 
ods. Most beams and cantilever problems, however, are 
statically determinate. 

The derivation of these two general equations (Eq 7 
and 8) which follows gives a clearer picture of the con- 
cepts underlining the method. But if you wish, you may 
skip directly to the sample problems starting on p 84 
to see how easily the equations can produce beam form- 
ulas (starting with simple loadings), and to the stepped- 
shaft problem, p 86. 

DESIGN EQUATIONS FOR UNIFORM BEAMS 
Although integration is employed in deriving the 

method, it is not required in the actual solution of prob- 
lems. 

The usual method of determining the curved line of a 
beam under load is to start with the functional equation: 

and integrate it twice, whereby the equation is obtained 
of the deflection curve y = f ( x ) .  (Most of the current 
methods, such as the moment-area method and the 
conjugate-beam method, are based on carrying out in 
some way this double integration.) The constants of 
integration, C and D, are easily determined from the 
boundary conditions. As a rule: 

C = EI& 
D = Elyo 

where yo and BO are the deflection and angle of rotation 
at the origin of coordinate system (see list of symbols). 

For example, for a cantilever beam with a uniformly 
distributed load w, if the origin of the coordinates is 
placed at the free end, then Fq 1 can be written as: 



Integrating twice 

dY 2 3  El - =-w 7 + C ax (3) 

For x = 0, Eq 3 and 4 become 

EIyo = D (5) 
EZ& = C (6) 

where upward deflection and clockwise movement to the 
left of a section are considered positive. 

Note that the relationships in Eq 5 and 6 are valid on 
the condition that the same origin be used for the x 
coordinate no matter what portion of the beam is con- 
sidered. 

For the cantilever beam with all three types of load- 
ing, Fig 1, we denote the four segments of the beam as 
A-B, A-C, A-D, A-E, as defined by their coordinates, 
X I ,  x2, x3, x4. Each of these segments has its own differen- 
tial equation describing the elastic line, and each equation 
if solved separately, introduces two constants of integra- 
tion. Thus, eight constants of integration must be deter- 
mined from appropriate boundary conditions. This re- 
quires an involved procedure, but the number of integra- 
tion constants can be reduced to two, regardless of the 
nitmher of segments, by following these steps: 

I .  Obtain the equation for the bending moment at a 
desired section by considering the external forces lying 
between that section and the origin. 

2. Integrate the moment equation without opening the 
brackets. 

3. Introduce a beam factor ( x  - a)", for convenience. 
Because this factor is raised to the zero power and hence 
must be equal to unity, it will not affect the equations, 
as will be seen. 

For segment A-B (where Coordinates of a point are xl,yl): 

Double integration gives 

EIyi = Cix1 + DI 
For segment A-C (coordinates XZ, yz) 

Multiplying by the beam factor 

Integrating twice gives 

Shafts & Couplings 4-9 

A X 

I I  1 
I 

Note-Moments and loads are positive in the directions 
indicated 

For segment A-D; (x3, y3) 

For segment A-E; (x4, y4) 

d2y4 ( 2 4  - C)Z 

2 EI __ ax42 = M(x4 - a)O + P(x4 - b )  + w 

+ e4 p (x4 - 612 (x4 - C l 3  
2 6 

+ C4~4 + 0 4  
( 5 4  - e14 

24 W 

The eight constzints of integration are now determined 
from the boundary conditions of the segments. For ex- 
ample, when x1 = x2,  then both are equal to a, and the 
deflections yl and yz will be equal to each other. Follow- 
ing this type of reasoning we get 

When XI = x2 = a then yl = y2 and 81 = 02 
~2 = 2 3  = b e2 = 0, 
x3 = x4 = c e3 = e4 
x4 = L y4 = 0 e4 = o 

92 = y3 
9 3  = y4 

These values for y and 0 are substituted into the pre- 
vious equations for each sector to yield: 

c1 = cz = c3 = c4 = c 
DI = D2 = D3 = Dp = D 

Thus, the substitution of (x - a)O caused all constants 
to be equal to each other, except two, C and D. These 
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two can be determined from the fourth condition which 
was already calculated (Eq 5 and 6) :  

C = EIOo, D = EIyo 
Now, considering a case where there may be a multi- 

plicity of forces and moments, we turn to segment A-E. 
and from its equation obtain a general formula good 
for any arrangement of forces M ,  P, w: 
Design equation for deflection 

M ( z  - a>a EIy = EIyo + EIOox + 1 
(7) 

Design equation for slope (by differentiating Eq 7) 

E10 = ED,, + M ( x  - a)  E 
+ 1 b)e + ‘Is (8) 

Because the reactions of the supports are included in 
the external forces and moments, Eq 7 and 8 are appli- 
cable to beams with any type of support. 

The term that contains the distributed load w is valid 
only if the distributed load continues at least to the sec- 
tion where y and O are to be determined. If the load 
breaks off before the section of interest, it should be con- 
tinued to the section and an equivalent load of opposite 
direction should be added (example 6 illustrates this). 

Thus, one equation is all that is needed to calculate 
the deflection of a beam with any supports, any type of 
loading and number of applied loads. 

Example 1-Fixed-end with concentrated load 

c 5 

M M 

Determine the maximum deflection for a beam with 
both ends fixed subjected to a center load. 
Solution 

You can place the origin of the coordinates at either 
the left or right end of the beam. In both cases, xo = 0 
and yo = 0. Thus, in the equation for deflection, Eq 7, 
the first two terms drop out. Also, because of symmetry, it 
is best to calculate ymaz at x = %. Include in Eq 7 all 
forces and moments lying between the origin and the sec- 
tion under consideration (which is at x = L / 2 ) .  This 
means that the reactive force R = P/2 and reactive 
moment M = % X L / 2  x P/2 = PL/8 at the built-in 
end should be used too. Because the direction of the 
reactive moment is counter-clockwise, it will enter in the 

general equation with a minus sign. Also a = b = c = 0. 
Thus ymaZ, for x = L/2, is 

PL3 or y,,, = - ___ 
PL3 
192 192EI 

=-  __ 

From the sign convention, the minus sign designates 
a downward deflection. 

Example 2-Fixed-end with distributed load 

Y 
t 

Here, too, the location of the origin is arbitrary. 
Maximum deflection ymaZ is at x = L 2 and a = b = 
c = 0. Thus from Eq 7: 

W L  ( ~ 1 2  - o)* ~ ( ~ 1 2  - 014 - - 
2 6 24 

=- __ wL4 or ym0, =- __ wL4 
384EI 384 

Note that the downward load w was entered with a 
minus sign. 

Example 3Fantilever with distributed load 

In this case find the maximum deflection and slope 
(Fig 4). 
Sdution 

It is best to place the origin at the built-in end. Then 
Y O  = 0 and Bo = 0, and maximum deflection and slope, 
ymaz and e,,,,, are at n = L. With a = 0, b = 0, c = 0, 
obtain from Eq 7: 
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r 
6 IOOIb. 

IO /b/in. 

wL4 
8 

3-- 

From Eq 8: 

(L - 0)  + WLe EA?&?& a- - 2 

wL(L - 0.y - w(L - O)a 
2 6 

Example &-Simple beam with fixed ends 

Y 

I 
2 I P  

X 

Find ymor. e,,,, for the beam in Fig 5. 
Solution 

Because Eq 7 contains both yo and Bo, choose the 
location of the origin such that either of the two terms 
(or both) are equal to zero. By placing the origin at the 
left end, you can determine Bo by making use of the 
condition that at x = L the deflection is zero. Hence 

P ( L  - 0 ) s  - P ( L  - L/2)3 = 
6 6 EIyZ=z = EIB& + 

and 

The maximum deflection is at x = L / 2 :  

PL3 
48 

force P / 2  is zero, but to the applied load P it is L/2 .  

L 
2 16 

EIy,, - = - - - - 

Note that the distance from the origin to the reactive 

Example 5-Beam with complex loading 
Find the deflection at point D, and the slope at  point 

A, of the beam loaded as shown in Fig 6. 
Solution 

Place the origin at the left support where yo = 0. The 

Shafts & Couplings 

angle of rotation Bo then will be determined from the 
condition that y = 0 at n = 20 in. 

loo(20 - 10)' 20(20 - 10)s 
2 + 6  EIy,zo = EIB020 + 

io(20 - 014 io(20 - 1014 = ,, 
24 

- 
24 

225 or eo = - __ E l  
As was pointed out before, the design equations recog- 

nize only a distributed load that does not break off be- 
fore the section where y or 0 are to be determined. 
Because the uniform load in Fig 6 breaks off at point 
B, you must extend the load to point C. To compensate 
for this addition, add a uniform load of opposite direc- 
tion (upward) in the portion BC of the beam. The last 
member in the equation below reflects this change. 

Deflection at point D ( x  = 30 in.): 

lOO(30 - 10)' 
2 E I ~ D  = - 225(30) + 

ZO(30 - 0)' 180(30 - 20)8 
6 ' 6  + 

In the previous cases of beams with moment of inertia 
constant all along the length of the beam, only M was 
integrated as a function of x. But when the moment of 
inertia Z also varies with x,  Eq 1 can be written as: 

where Z is arbitrarily chosen as a basis to which we refer 
the varying l o .  Integrating the M/(Zo/Z) function gives 
the deflection line. 

Because lo/l is dimensionless, M/(Z,Jl)  has the di- 
mension of bending moment and represents as a function 
of x,  a corrected bending-moment for the beam with 
uniform moment of inertia I. Hence, it follows that the $4 
moment diagram on the beam of constant inertia will 
result in the same deflection curve as the M / ( I o / Z )  mo- 
ment diagram on the beam of varying moment of inertia. 
In other words, a certain P/(Zo/Z)  loading system, which 
originates the M /  ( Z o / l )  diagram, will produce exactly 
the same deflection curve on the beam of constant cross 
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Stepped beam 
500/b 

7 

. .  

I 

(B) Moment diagram 

I 

(C) Shear diagram 

212 /b 500/b 288/b 

I 
288 /b 28811, 

I I 

' I  ID) Shaft segments 
I 
2/2/b 500/b 288/b 

5;7/b 5;7/b 703/b 7dJIb 
(E) Change to constant diameter 
I I I 

7b3 /b 
(F) Final shaft of uniform rigidity I 

section as the original P loading (which gave the M 
diagram) would do on the beam of variable moment of 
inertia. 

Thus, if you replace a beam or a portion of a beam 
with a moment of inertia Io, by a beam with a moment 
of inertia I = KIo, and at the same time change all the 
loads and reactions acting upon the beam by a factor 
of K = U I o ,  the elastic curve of the two b e a m  will be 
the same. Therefore, to apply the general formulas, Eq 
7 and 8, to a beam whose cross section varies by steps, 
you must replace the beam of variable rigidity by a 
beam of constant rigidity in the manner described above. 
This is illustrated in the following numerical example: 

Determine the end slope BO, and the deflection under 
the 500-lb load of a steel stepped shaft, Fig 7A. The 
shaft has a 1 in. dia with IO = 0.049 in.* and 1% in. 
dia with I = 0.120 in.*. E = 30 x IO6 psi. 

Solution 
Construct a bending moment diagram, Fig 7B, where 

M = 212 x 15 = 3180 Ib-in., followed by a shear 
diagram, Fig 7C. Fig 7D shows the shaft with moments 
and shears at the discontinuities. 

In Fig 7E the stepped shaft is replaced by a shaft 
with a constant diameter of 1% in. Now transform the 
loads by a factor of I / I o  = 2.444. The loads acting upon 
the middle portion of the shaft remain unchanged, be- 
cause we have not changed the moment of inertia of 
this portion. Finally, in Fig 7F, the shaft of uniform 
rigidity is schematically shown for which the general 
equations, Eq 7 and 8, app ly .  Thus, the effect of the 
change in the cross section has been established as iden- 
tical to that of a certain force system, and it is possible 
to find the deflection in a beam with any number of 
steps and discontinuities by a simple expedient of using 
one equation. 

Continuing the numerical computations, assume the 
origin of coordinates at the left support. Thus, at x = 
26 in. y o  = 0, and Eq 7 yields: 

Example 6-Stepped shaft 

2755(26 - 9)z 
2 EZy,zs = EI&26 - 

3742(26 - 17)' 517(26 - 0)' + ---- 
2 6 + 

305(26 - 9)s 500(26 - 15)' -- 
6- 

- 
6 

415(26 - 17)' = - 
6 

Hence 
eo =-  __- 321948 = -0.0092 radians 

EZ 
Now again, from Eq 7, but at a new position ( x  = 

15), and with inclusion of the Bo value: 

2755(15 - 9)' 
2 EZy,l, = - 32,948(15) - 

305(15 - 9)8 517(15 - 0)' 
' 6  

- 
6 

= - 264,518 
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Shafts: 
5 Steps Find Strength & Defection 
Charles Tiplitz 

B e n d i n g  or torsional stresses, or a combillation, may 
be limiting requirements in shaft design. Shaft stress 
diagrams usually deal with combined stress only. Three 
supplementary graphs presented here, together with a 
step-by-step example, bring quick aid to difficult shaft 
design problems. 

EXAMPLE 
Design a shaft that will transmit at 1200 rpm, 0.1 hp 

through a 4-in.-dia, 20" gear, centrally mounted between 
self-aligning bearings 2 in. apart. Limiting combined 

i.Force vs radius and shaft dia to 
produce i0,OOO psi shear stress 

Dia, in. 

shear stress to be 10,000 psi, deflections must not exceed 
0.05" or 0.0002 in. 
Step 1. 

Find: 

hp X 63,025 - 0.1 X 63,025 = 5.25 in. Ib 
- 1,200 Torque = 

*Pm 
Tangential force at  the gear pitch-radius (2 in.) is, 

thStep 1 5.25/2 = 2.63 Ib. From chart 1, a 2-in. radius 
intcrpolated for 2.6 lb gives D = 0.14 in. for 10,000 psi 
shear. 

(CONTINUED) 

2.Deflection and load of uniformly 
loaded steel shaft. 

(For 10,000 psi stress, and E E 30 x 106psi)  

os 1.0 5.0 
Dio, in. 
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Dia, in. 

Step 2 
Since the bearings are self aligning and there is 3 

central load, correction factor is 0.5 (see table, simple 
supports). Since a 20" gear-tooth is transmitting thc 
power, the bending force on the shaft will be greater than 
the tangential force. 

Therefore, 
uncorrected force to stress the shaft to 10,000 psi will 
be 2.8/0.5 = 5.6 Ib. Therefore, enter chart 2 at 5.6 
Ib, at which point D = 0.11'' (solid line). 
Step 3 

Check combined stress on the 0.14 shaft dia found 
in step 1. Bending capacity on chart 2 for this dia is 
approximately 11 Ib (dotted line). The load correction 
factor is 0.5 so actual (corrected) load to produce 10,000 
psi is 5 . 5  Ib. Load is proportional to stress, hence a 2.8 Ib 
load will cause a bending stress of 5,100 psi. Combined 
stress 

Resolving: 2.63 x secant 20" = 2.8 Ib. 

I 

~~ 

= d( actuaastress + (max stress)Z 

3.Angular deflection and torsional 
elasticity-steel shaft. 

0.1 io 

8 = d(%j)' + 10,OOOz = 10,600 psi 

Read deflection of 0.0026 in. at junction of 2 in. 
length and 0.11 in. dia. Deflection factor from table 
is 03, therefore correct value is (0.8) (0.0026) = 0.0022 
in. 
Step 4 

Target deflection is 0.0002 in.; check for deflection 
and torsion instead of adjusting for combined stress 
requirement. Desired deflection is 0.0002/0.0022 = 1 / 9  
01 the deflection of the 0.11 in.-dia shaft. Interpolate 
between lines for 1000 Ib/in. and 10,000 Ib/in. for 
an elasticity of about 2000 Ib/in. Elasticity factor is 
0.625 so actual elasticity is 1250 Ibiin. Value on 
diagram should be 9 x 2000 lb/in or 18,000 Ib/in. to 
reduce deflection correctly. Interpolate between 10' 
Ib/in. and IO5 Ib/in.: shaft dia is 0.20 in. 
Step 5 

Angular 
deflection is based on a stress of 10,000 psi; chart 1 
showed that a shaft 0.14 in. dia would be stressed this 
much by the design torque. A 2 in. length will be 
twisted approximately 1.3' according to interpolation 
of chart 3 (solid line). Desired deflection is 0.05". 
Estimate torsional elasticity of 5 .5  in. lb/deg by inter- 
polating between 1 in.lb/deg on chart 3. Elasticity 
must be greater by the factor 1.3/0.05 = 26. Calcu- 
late: 26 x 5.5. = 143. Interpolate betweeh 1P and 
10' in.lb/deg. (dotted line) to find a dia of 0.034 in. 
This is the correct shaft dia to use. 

Obtain torsional deflection from chart 3. 

CORRECTION FACTORS 

Load Deflection Elasticity 1 I I Ib/in. 
Condition 

Simple supports, uniformly 
loaded (the charts are based 
on this condition) 

~~ 

Simple supports, one concen- 
trated load at center 

1 .o 

-- 
0 . 5  

1 .o 

0 . 8  

1 .o 

0.625 

Fixed ends, uniformly dirtrib- I 1 .5 I 0.3  
uted load 

I 5.0 

Fixed ends, one concentrated 
load at center 

Cantilever, one end fixed, 
other unsupported, one concen. 
trated load at unsupported end 

1 .o 

0.125 

0.4 

3.2 

2 . 5  

0.0391 

Square shafts, length of side 
same as shaft dia. 
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-3 - - 
ExOmpk? I finds D for T = I< 300 in. -lb and 
max perm;ssible shear stress = 18,000p51: 
Example 2 finds dl. for equivalent -strength, 

- 
- - - - - - 

Shaft Torque: 
Charts Find Equivalent Sections 
An easy way to convert solid circular shafts to equivalent-strength 
shafts of hollow circular, elliptical, square, and rectangular sections. 

Dr. Biswa Nath Ghosh 

1-ROUND and ELLIPTICAL SHAFTS 

5 0  2.0 4 E 0.5 3.0j 
4.0 

Location o f  Torque formulas: 
maxshear T =  

Outer 
fiber 

Ends Of rd,d:f 
minor I 
axis 

T, in.-lb 
2,00q000 

l,000,000 

100,000 

10,000 

0.7 

0.5 “i 
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?-SQUARE and RECTANGULAR SHAFTS 

Torque, T, in.-lb 
2,000,000~ 

i 1,000,000 

Exomple 4 finds S fur square 
shoft thoi will fronsmif 
/6300in. 4 torque ot 
14 OOOpsi sheor stress. 
Exomple 5 finds A for rectungulor 
shoft for rutio A M  = /. 20 

k l00*000 

I- 

F 

I l0,Ooo 

200 E 

Square side, S, in. 
5.0 

4.0 f 

Max shear stress, f, psi 

0.7 

0.5 

I I I 1 

I Shaf t  Locotion o f  Torque formulos: 
section max shear 1 T =  I 

t 1 I I 
Middle 0.208s f of  sides 

t I 
I 1 

of  Midpain major t A2B2f 

3A t 1.8B I I sides 50,000 1 
j 60,000 
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Critical Smeeds of 
End Supported Bare Shafts 
L. Morgan Porter 

THIS NOMOGRAM solves the equation for the critical speed 
of a bare steel shaft that is hinged at the bearings. For 
one bearing fixed and the other hinged rnuItiply the critical 
speed by 1.56. For both bearings fixed, multiply the critical 

speed by 2.27. The scales for critical speed and length of 
shaft are folded; the right hand sides, or the left hand sides, 
of each are used together. The chart is valid for both hollow 
and solid shafts. For solid shafts, D2 = 0. 

8,000 

7,000 

6,000 

50,000 

40,000 

5,000 
30,000 

g 4,000 

3,O 00 
20,000 

E 
? 
0 z 

70 
c .- 

BO 

40 100 * 

50 3 
Example;- 

DI= 6.3 in., D2=5.8 in., -=8.56 
L = 130in. Nc=2,375 rprn 

For Aluminum multiply uolues of N, byLOO26 , 

For Mognosium multipb vofues of Nc by 0.9879 

\ 
. 
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Torsional Strength of Shafts 
Formulas and charts for horsepower capacity of shafts from 1/2 to 2 1/2 inch 
diameter and 100 to 1000 rpm. 

Douglas C. Greenwood 

For a maximum torsional 
dcflection of 0.08" per foot, 
shaft Icngth, diameter and 
horsepower capacity are rc- 
latcd in 

d = 4.644% 

wherc d = shaft diamctcr, 
in.; h p  = horscpowcr; R = 
shaft spccd, rpm. This dc- 
flcction is rccommendcd by 
many authorities as being a 
safe general maximum. Thc  
two charts arc plotted from 
this formula, providing a 
rapid means of chccking 
transmission-shaft s t r e n g t h  
for usual industrial speeds up 
to 20 hp. Although shafts 
under 1-in. dia are not trans- 
mission shafts, strictly apcak- 
ing, lower sizes %ave been in- 
cluded. 

Whcn  shaft design is 
based on strength alone, the 
diameter can be smaller than 
values plotted here. In such 
c a m  usc thc formula 

2.50 

2.25 

2 .oo 

I .75 

i 

0 

Q 1.50 

._ 

._ 
t 

0 t 
v) 

- 

I .25 

I .oo 

0.75 

0.50 I I I I I 
I O 0  200 300 no0 500 600 

Shaft speed, rpm 
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LOADING CONDITION 
_I 

k j 
Head shafts subjed to heavy strains. 
and slow speeds, clutches or gearing carried) 

(Intermittent loads 
(2600 psi) 

The value of k varies from 
125 to X according ro allow- 
able stress used. Thc figurc 
a x o u n  ts for m cmbcrs that 
introduce bcndiiig loads, such 
as gears, clutchcs and pullcys. 
B,ut bcnding loads are not as 
reaclily determined as tor- 
sional strcss. Thercfore, to 
alIow for combined bending 
and torsional stresses, it  is 
usual to assume simple tor- 
sion and usc a lower design 
stress for thc shaft dcpending 
upon how it is loaded. For 
euamplc, 12 5 represents a 
stress of approxiniatcly 2600 
psi, which is very low and 
should thus insure a strong- 
cnough shaft. Other values 

ditions arc shown in the 
table. 

When bending strcss is 
not considercd, lower k val- 
ues can bc used, hut a value 
of 38. should be  regarded as 
the minimum. 

of k for differcnt loadin, " con- 

__- __ 

Lineshafts 75-100 ft long, heavily loaded. Bearings 
(3200 psi) 8 ft apart. 

Lineshafts 50-75 ft long, medium laad, bearings 8 ft 

loo I 
90 

(3550 psi) 1 apart. 

1 (4300 psi) apart. 

______ 
75 Lineshafts 20-50 ft long, lightly loaded, bearings 6 ft 

2 .oo 

I .75 

I .50 

c' 

0 

.- 

1.25 
+ 'c 

0 
c 
vl 

I .oo 

0.75 

0.50 
6 

I I I 1 

0 700 800 900 1000 
Shoff  speed, rpm 
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Bearing Loads on Geared Shafts 
Simple, fast and accurate graphical method of calculating both direction and 
magnitude of bearing loads. 

Zbigniew Jania 

To calculatc thc bearing loads resulting froiii gear action, both tlic magnitudc and 
direction of the tooth reaction must bc known. This reaction is thc forcc at  the pitch 
circle excrted by thc tooth in the direction peiyciidicular to, and away froni the tooth 
surface. Thus, the tooth reaction of a gear is always in the sanie geiicral direction a5 
its motion. 

Most techniques for evaluating bearing loads scparate thc total foroe acting on 
thc gear into tangential and separating components. This tends to complicate the 
solution. 'The method described herein uses the total force directly. 

I t  T is the torque transmitted by a gear, the tangential tooth force is 
FT = 2 T / D ,  

Also, from Fig. 1, 
F = FT wc Q, 
F = FT sec 

(spur gears), 
(helical gears). 

Sincc a forcc can be replaced by an equal force acting at  a different point, plus a 
couple, the total gear force can be considered as acting a t  the intersection of the shaft 
centerline and a line passing through the mid-face of the gear, if the appropriate couple 
is included. For example, in Fig. 2 the total force on gear B is equivalent to  a force F B  

applied a t  point X plus the couple b x F B .  In  establishing the couples for the other 
gears, a sign convention must be-adopted to 
distinguish between clockwise and counter. 
clockwise moments. 

If a vector diagram is now drawn for all 
couples acting on the shaft, the closing line 
will be equal (to scale) to the couple result- 
ing from the reaction a t  bearing 11. Know- 
ing the distance between the two bearings, 
the load on bearing I1 can be found, the 
direction being the same as that of the 
couple caused by it. 

The  load on bearing I is found in the 
same manner by drawing a force vector dia- 
gram for all the forces acting at  X including 
the load on bearing I1 found from the 
couple diagram. 

Tooth reocfion 
I 

i 
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The construction of both diagrams is illustrated on page 2 13. Referring to Fig. 2 the 
given data are 

Pitch Dia. of GesrB, in. 
A ................ 2.00 
B ................. 1.50 
c . . . . . . . . . . . . . . . . .  4.00 
Driver. ........... .1.75 

Moment Arm, in. 
a . . . . . . . . . . . . . . . . . .  1.50 
b . . . . . . . . . . . . . . . . . .  3.50 
e . . . . . . . . . . . . . . . . . .  5 .00  
d .................. 7 . 0 0  

Angle, deg Torque on driver. ........... . lo0 Ib-in. 
a. ..... .55 
fl  ...... .48 
7 . .  .... .45 

Then, 

Torque delivered by A ............ .40 per cent of torque on center shaft 
Torque delivered by B . . . . . . . . . . . .  .60 per cent of torque on center shaft 
Pressure angle of all gears, +. . . . . . .  .20 deg 

Tangential force of driver = 200/1.75 = 114 lb 
Torque on center shaft = 2 X 114 = 228 Ib-in. 

Gear loads are 
Oe4 228 aec 20 deg = 97 Ib 2.00 P.4 = 

FB = 

Fc = 114 seo 20 deg = 121.5 lb 

:c 228 aec 20 deg = 195 lb 

Before drawing the diagrams, i t  is convenient to collect all the data as in Table I. 
Then, the couple diagram, Fig. 3, is drawn. I t  is important to note khat: 
( 3 )  Vectors representing negative couples are drawn in the same direction but in 

opposite sense to the forces causing them; 
( b )  The direction of the closing line of the diagram should be such as to make 

the sum of all couples equal to zero. Thus, the direction of 7 P,r is the direction of 
bearing reaction. The  bearing load has the same direction but is of opposite sense. 

4-2 1 

-sepororing force - Toto1 geor lood (5 1 
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7 Ways to Limit Shaft Rotation 
Traveling nuts, clutch plates, gear fingers, and pinning members are the 
bases of these ingenious mechanisms. 

I. M. Abeles 

Mechanical  stops are often required in automatic machinery and servomech- 
anisms to limit shaft rotation to a given number of turns. Two problems to 
guard against, however, are: Excessive forces caused by abrupt stops; large 
torque requirements when rotation is reversed after being stopped. 

7ravefing nut 

\frome 

Troveling nut, Stop pih? finger, Shaft, 
finge 

Rubber ’ A ‘Metal grommet 

?top pin 

Section A-A 

TRAVELING NUT moves (1) along 
threaded shaft until frame prevents 
further rotation. A simple device, but 
nut jams so tight that a large torque 
is required to move the shaft from its 

CLUTCH PLATES tighten and stop 
rotation as the rotating shaft moves 
the nut against the washer. When rota- 
tion is reversed, the clutch plates can 
turn with the shaft from A to B. During 
this movement comparatively low 
torque is required to free the nut from 
the clutch plates. Thereafter, subse- 
quent movement is free of clutch fric- 
tion until the action is repeated at  
other end of the shaft. Device is recom- 
mended for large torques because 
clutch plates absorb energy well. 

stopped position. This fault is over- than the thread pitch so pin can clear 
come a t  the expense of increased finger on the first reverseturn. The 
length by providing a stop pin in the rubber ring and grommet lessen im- 
traveling nut (2). Engagement between pact, provide a sliding surface. The 
pin and rotating finger must be shorter grommet can be oil-impregnated metal. 

Clutch plotes Clutch plates 
keyed to shaft 4 with projection\ 

‘Ti-ove/ing nut P- B Section 8-B 
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SHAFT FINGER on output shaft hits re- 
silient stop after making less than one 
revolution. Force on stop depends upon 
gear ratio. Device is, therefore, limited to 
low ratios and few turns unless a worm- 
gear setup is used. 

TWO FINGERS butt together at initial and final positions, prevent 
rotation beyond these limits. Rubber shock-mount absorbs impact 
load. Gear ratio of almost 1:l ensures that fingers will be out of 
phase with one another until they meet on the anal turn. Example: 
Gears with 30 to 32 teeth limit shaft rotation to 25 turns. Space is 
saved here but gears are costly. 

Gear makes less thun one revolufion 

Poi 4 
1 Shuff 

,, N fingers rofote on shuft 

finger fixe 
fo ffume 

LARGE GEAR RATIO limits idler gear to less than one turn. 
Sometimes stop fingers can be added to already existing; gears 
in a train, making this design simplest of all. Input gear, how- 
ever, is limited to a maximum of about 5 turns. 

PINNED FINQERS limit shaft turns to 
approximately N + 1 revolutions in 
either direction. Resilient pin-bushings 
would help reduce impact force. 
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Friction for Damping 
When shaft vibrations are serious, try this simple technique of 
adding a sleeve to the shaft can keep vibrations to a minimum. 
Here’s how to design one and predict its effect. 

Burt Zimmerman 

HEN BOOSTING THE OPERATING SPEED of any ma- W chine, the most formidable obstacle to successful 
operation that the designer faces is structural vibration. 
There is always some vibration in a system, and as the 
speeds are increased the vibration amplitudes become 
large (relatively speaking, for they may still be too small 
to be seen). 

These amplitudes drastically reduce life by causing 
fatigue failures and also damage the bearings, gears, and 
other components of the machine. It is not over-simplify- 
ing the case to say that the easiest way to prevent vibra- 
tion damage is to damp the vibration amplitudes. 

An interesting but little-known technique for vibration 
damping is to apply a small amount of dry friction 
(coulomb friction) at key places of the structure. This 
produces a greater amount of damping than one would 
normally expect, and the technique is used with success 

by some product designers and structural engineers but, 
i t  seems, only after the machine or structure has been 
built. There seems to have been little attempt to apply 
this concept to initial design or to develop the equations 
necessary for the proper location of the friction points. 

We will apply this concept here to the solution of 
torsional vibrations of shafts, as this is a serious problem 
in both industrial machinery and in military systems such 
as submarines, missiles, and planes. The necessary design 
formulas are developed and put to work to solve a typical 
shaf,t problem from industry. 

How the technique works 
Vibration amplitudes in a shaft become a problem 

when the shaft length to the thickness ratio, L 1 / D 1 ,  be- 
comes large. One can of course make the shaft thicker. 
But this would greatly add to its weight. 

Symbols 

a = b / L z  
C = Dz/D1 

D1 = Diameter of shaft 
Dz = Diameter of sleeve 
G = Shear modulus of elasticity 
H = Thickness of the sleeve wall 
J = Polar moment of inertia (for the shaft: 

T DI4/32) 
J E G  nD13H/4 
LI = Length of shaft 
Lz = Length of sleeve 
m = D,/8HC3 = ratio of torsional stiffness 

of the shaft t o  that  of the sleeve 

r = l + m  
R = Dampingratio 
T = Applied torque on the shaft 

T, = Resisting frictional torque applied by 

U = Residual internal energy of shaft and 

VI = Internal energy of the shaft 
U, = Internal energy of the sleeve 
W = Energy dissipated in a half oscillation 

the sleeve 

sleeve 

h = T,/T 
6 = Angular displacement of the shaft 

6, = Angular displacement of the sleeve 
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1. Thin sleeve added to rotating shaft greatly reduces torsional vibrations. The 
,disk is rigidly attached to the shaft and has a snug fit with the sleeve. Extending 
the sleeve over the entire length provides the most effective damping condition. 

To apply the friction-damping technique to a shaft, 
Fig I .  a sleeve is added which is attached to the shaft 
at one cnd ( A ) .  The sleeve is extended along the shaft 
length and makes contact with some point on the shaft. 
In this particular design, a disk is rigidly attached to the 
shaft (by welding it or  tightly pressing it on),  and there 
is a snug fit between the disk and the sleeve. 

The exact amount of fit is not too important, but it 
must be neither too loose nor too tight: If the fit is too 
tight, the shaft and sleeve will tend to move together as a 
unit and there will be no damping (just an increase in the 
moment of inertia) ; if too loose, with a clearance between 
disk and sleeve, again there will be no damping. 

The frictional forces in question occur at the contact 
between the inside surface of the sleeve and the edge 
of the disk, and their magnitude depends on the coeffi- 
cient of friction and on the pressure between the surfaces. 

The most effective damping condition is when the 
sleeve extends the entire length of the shaft, but there 
may be cases, depending on the product design and 
application, where this is impossible. Therefore, the gen- 
eral case where the Sleeve length is variable is considered 
here. 

To avoid corrosion or; fretting at the interface, try a 
layer of viscoelastic stripping (elastomer) at  the edge 
of the disk. 

Analysis of concept 
When a shaft is rotating, a resisting torque is developed 

in the shaft which varies along the length of the shaft. 
Because the angular displacement is a function of this 
resisting torque, the surface fibers of the shaft will 
undergo different angular displacements which depend 
on the distance of the specific fiber from the point of 

2. Energy present in a 
rotating shaft through 
one complete cycle of 
vibration with damping 
taking place for one half 
of the cycle. At ti, the 
energy in the shaft i s  
equal to its residual in- 
ternal energy, U, plus 
the energy dissipated 
during half t h e  cycle, 
W. A t  t,, the energy is 
equal to U, which indi- 
cates that the energy 
dissipated through dry 
friction damping is W. LW(dissipoled enerqyld I I 
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m :D, / 8HC3 

3. Design chart for different values of the dimensional constant, rn. The frictional 
amount of energy dissipated per cycle is a function of the sleeve-shaft length ratio. 
Critical damping is the amount of damping above which the sleeve-disk interface 
will stick. The curve for the amplitude-damping ratio (which is read at  the right scale) 
can be used for most design problems, as illustrated in the numerical example. 

the applied torque. The magnitude of the torsional vibra- 
tion is measured by the difference of displacements along 
the shaft length. 

The torque difference OF the shaft (applied torque, T, 
minus the torque at the disk, T,,,) is greater than the 
corresponding torque difference along the length of the 
sleeve. Therefore, there will bc an angular difference be- 
tween the sleeve and the di5k. Because the inside edge 
of the sleeve and the outside surface of the disk have 
a pressure contact (however slight) this tends to resist 
relative motion, hence, torsional vibration damping. One 
can see that as the sleeve diameter approaches infinity 
and as the length of the sleeve approaches the length of 
the shaft, the damping becomes more and more eflicient. 
(The point to remember here is that it  is not the contact 
pressure which causes damping but rather the frictional 
torque, T,, which opposes the direction of the applied 
torque on the shaft.) 

Because a shaft is usually driving a load at its end, 
it is safe to assume (to simplify the equations without 
much error) that the system consists of two rotating 
niasses connected by a shaft whose inertia is negligible 
a5 compared to the end masses. So we can say that the 
applied torque is a constant along the shaft length. 

If the angular displacement is assumed to be zero at 
the end ( A )  of the shaft, the displacement at the disk 
(at EG) is in the form (see list of symbols): 

1 'L e=--  
JG 

And that the displacement at the end B in the form 

T ( h  - L2) 
aD14GG/32 6 s  = errc + 

The angular displacement of the sleeve at EG (with 
zero displacement at the fixed end A )  is 

The strain energy of the shaft caused by vibration is 

u = u1+ uz ( 3 )  

u, = ; [ T ( I  - k)eEG + u e n  - eLCc)i (6) 

Uz = !zXT(es)~c (7) 

(8) 

The maximum strain energy of the shaft can be derived 
as 

The corresponding energy in the sleeve is 

The difference between the energies in the shaft and 
th sleeve must be the energy dissipated by friction: 

11' = ~ X T [ ~ L ' G  - ( e s ) ~ ( i ]  

Chenea and Hansen (Ref 1 )  proved that the reduc- 
tion in amplitude (and hence dissipated energy) is 50% 
of the maximum strain for a half cycle. Therefore, for 
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4. Application of the friction-damping technique 
to dampen torsional vibrations in an engine f l y  
wheel system. Both flywheels are free to rotate 
on bushings and are driven by a crankshaft 
through friction disks. The flywheels are pressed 
against the disks by means of loading springs 
and adjustable nuts. When, due to resonance, 
large deflections (vibrations) of t h e  shaft and 
hub occur, the inertia of the. flywheel prevents 
them from duplicating t h e  vibrations; there is 
relative motion between the hub and t h e  fly 
wheels. As a result, friction energy (of vibration) 
is dissipated. The change of total system energy 
from a torsional deflection results in a decrease 
in the amplitudes of vibrations. 

each full cycle of damping, the amplitude is recfuced by 
a factor of 4 or, in other words, the energy dissipated 
is raised by a factor of 4. This accounts for the factor 
2 in Eq 8. 

Note at this point that when the relative displacement 
~ K c ; - ( ~ . ) ~ ; c  is zero there is no relative motion, and hence 
no damping action. 

Determination of damping 

pressed in terms of a ratio (and is shown in Fig 3) :  
The amount of damping in any system can be ex- 

Mngiiitutlr of cncrgy after damping 
Magnitude of energy beforc damping R =  

U 
u + If7 

=- 

\ Y I l ( T ( ?  u = L‘I + u 2  

I f  the damping action is to be a maximum, the ratio 
>f R must be so chosen as to make U/(U 4- W )  a mini- 
mum or W/(U + W ) ,  which is the percentage of en- 
ergy dissipated, a maximum. 

I 17 1 -= 
L‘ + 1v L’ 

1V+l 
The ratio U/ W must be a minimum, hence W /  U must 

be a maximum. Using the previous equations (Eq 1 to 8) 
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Differentiating with respect to T J T ,  and equating the 
result to zero, results in a value for T , / T  which is the 
optimum value. 

where X = T s / T .  
Solving the quadratic for h, results in: 

x = a [ l  -1/1 - (l/ar)] (11) 
where r = 1 + D1/8HC3 = 1 + m 

c = Dz/D1 
a = Ll /L2 

The ratio in, which is equal to D1/8HC3,  is the ratio 
of the torsional stiffness of the shaft to that of the sleeve. 

The corresponding fractional value of the energy 
dissipated per oscillation at optimum A is equal to 1-R. 

The key to the design chart, Fig 3, is the fact that the 
fractional energy curve is not in direct proportion to the 
ratio L z / L I  of the sleeve length to the shaft length. This 
allows the designer a choice between a full-length sleeve 
and a stiffer sleeve placed over part of the shaft length. 

The chart shows that for the same damping capacity, 
a sleeve 1/3 or 1/5 the length of the shaft must be many 
times stiffer than one covering the entire length of the 
shaft. 

Damping vs forced vibration 
Suppose a cyclic forcing function is imposed upon the 

shaft, causing a vibration at its fundamental natural 
frequency. The resulting increment per half oscillation 
of torsional displacement in the absence of damping, 
is equal to AB. As a result of introducing dry friction 
damping, this displacement will become zero when the 
losses due to the energy dissipated are equal to the gain 
from the forcing function. It is desirable to have the 
energy dissipated at the smallest possible torsional dis- 
placement; in other words when 

B/AO = minimum (12) 
This can only be true when h is equal to 1-R. There- 

fore, the inverse of Eq 12, AWB, is a ratio of energy 
dissipated, and 

nele = 1 - R (13) 

or A0 e=--- 
1 - R  

Thus, if we know the increment of amplitude AB 
produced by the forcing function (assuming the forcing 
frequency equals the natural frequency and that damping 
is zero), we can calculate the torsional displacement to 
which the system can be limited for any value of the 
damping ratio, R. 

Application to an engine 
Actually, this procedure could be used for any appli- 

cation of rotating parts where space and weight con- 
siderations are critical. The general effect of torsional 
vibrations is to decrease the allowable stresses on a 
transmission shaft. 

One of the earliest applications of coulomb friction 
to reduce torsional vibrations is found in gasoline and 
diesel engines and is called the “Lanchester Damper.” 
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Synchronous = - motor Induction motor Gear box 

It is shown in Fig 4 (see “Vibration Problems in Engi- 
neering,” 3rd Edition, Van Nostrand Co, pp 265-268). 

Other design considerations 
If weight is a primary objective, make the damping 

sleeve diameter as large as possible to gain the largest 
weight saving. 

If weight is not important, it is probably best to go 
to a sleeve diameter only slightly larger than the shaft 
itself. 

You have a choice for the length of sleeve, ranging 
from a full-length sleeve to one of one-tenth the total 
length. In the latter case. make sure that you design into 
the sleeve sufficient rigidity and stiffness. 

Reduce the wall thickness at the end of the sleeve 
in  contact with the disk so that the contact pressure will 
not induce large stresses in the sleeve. Make sure that 
this contact pressure is uniform around the periphery 
of the friction end of the sleeve. 

Frictional torque depends on the coefficient of friction 
and the normal pressure exerted by the sleeve. It is not 
easy to measure the coefficient of friction under dynamic 
conditions, but there are values tabulated by many 
authors. You can vary the pressure by using a variable- 
diameter disk. In this way, the optimum value of damp- 
ing can be empirically determined. 

Don’t worry too much about fretting corrosion at the 
friction surfaces because: 1 )  the friction torque is low 
(relative to shaft torque); 2 )  the normal force is dis- 
tributed over a large area so as to limit the pressure to 
low values; 3) even i f  fretting occurs to some slight 
degree, it will not affect the torque-carrying shaft; 4 )  the 
friction surfaces need not be metallic (an elastomer or 
any viscoelastic material works well) 

Numerical problem 
A sleeve is to be designed for a shaft transmitting 

power to an air compressor for a supersonic wind 
tunnel, Fig 5. The shaft has a diameter of DI  = 7.5 in. 
and a length of L1 = 8 ft = 96 in. Thus L, and D1 are 
fixed and L2, H and D2 are values which must be deter- 
mined. As will be seen in this problem, L? and Dz are 
selected on a trial and error basis, and H, which is the 
thickness of the sleeve wall and thus the important 
parameter which influences the total weight of the shaft, 
is determined from the chart in Fig 3 and its abscissa 
equation. 

Solution 
It is generally accepted that with most dry-friction 

damping there will be approximately 3% of damping 
taking place per cycle. If the forcing torque were re- 

Compressor 

moved for one cycle, the strain energy would drop to 
97% of its maximum value and the angular displacement 
would likewise drop to 0.97 8. Therefore, the forcing 
torque must be such as to increase the angular displace- 
ment by an amount. or ( i n  the absence of damping): 

A0 = 0.038 per cycle = 0.0150 for half cycle 
We would like to limit the A t  value of torsional vibra- 

tion to 10% of the steady displacement which is a result 
of the mean torque in the shaft. 

Substituting in Eq 14 and solving for R, 

e -H - 

From Fig 3, this value of R (damping ratio) requires 
an m-value equal to 5.2 and a damping/critical damping 
value of 2.6%. Thus 

m = D1/811C3 = 5.2 
Since D, = 7.5 in. 

HCS = 0.1S02 
We can now choose how the produce HCR is to be 

made up. If we pick D, to be twice Dn, then C = 
D1/Dp = 2, and H = 0.1802/8 = 0.0225. 

This provides a sleeve thickness of about 24 page, 
which has only 2.7 per cent of the weight of the shaft. 
Thus we obtained a 10:1 reduction in the amplitude or 
vibration at the cost of very little extra weight. To 
compute the resisting friction torque, from Eq 11 we 
obtain - - 

L 

x =.- T, = 111 - Jl - -1 1 = 0.09 T 2) 
~ - 

From the engine characteristics, it is known that T = 
800,000 Ib-in. Therefore. the frictional torque is 

T, = 800,000(0.09) = 72,000 Ib-in. 
With a diameter of 15 in. on the sleeve, the friction 

force is equal to 1528 Ib/in. If we further assume a 
material will be used with a coefficient of friction equal 
to 0.6, the normal force per inch of periphery is 2,547 Ib. 
This amount of pressure is small compared with the 
kind of pressure usually associated with fretting fatigue. 

References 
1. P. F. Chenea and H. M. Hansen, Mechanics of Vibra- 
tion, John Wiley and Sons Inc, 1952, pp 319-324. 
2. D. Williams, Damping of Torsional Vibrations by Dry 
Friction, Royal Aircraft Establishment, 1960 (Fig 3). 

5. Transmission system designed for frictiondamping. Numerical ex- 
ample below shows how the  addition of a very thin sleeve with a wall 
thickness of 0.023 in. reduces the amplitude of vibration by 10 to 1. 
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15 Ways to Fasten 
Gears to Shafts 
So you've designed or selected a good set of gears for 
your unit-now how do you fasten them to their shafts? 
Here's a roundup of methods-some old, some new-with 
a comparison table to help make the choice. 

1. M. Rich 

1 PINNING 

Pinning of gears to shafts is still considered one of the most posi- 
tive methods. Various types can be used: dowel, taper, grooved, roll 
pin or spiral pin. These pins cross through shaft (A) or are parallel 
(B) . Latter method requires shoulder and retaining ring to prevent 
end play, bu t  allows quick removal. Pin can be designed to shear 
when gear is overloaded. 

Main drawbacks to pinning are: Pinning reduces the shaft cross- 
section; difficulty in reorienting the gear once it is pinned; problem 
of drilling the pin holes if gears are hardened. 

Recommended practices are: 
For good concentricity keep a maximum clearance of 0.0002 

Use steel pins regardless of gear material. Hold gear in place on 

*Pin dia should never be larger than 8 the shaft-recommended 

Simplified formula for torque capacity T of a pinned gear is: 

to 0.0003 in. between bore and shaft. 

shaft by a setscrew during machining. 

size is 0.20 D to 0.25 D. 

T = 0.757 5@Il 

where S is safe shear stress and d is pin mean diameter. 

( A )  

Shoulder 
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2 CLAMPS AND COLLETS 

1 
Hub clamp Sloffed hub 

Slighf clearance 

Clamping is popular with instrument-gear users because 
these gears can be purchased or manufactured with clamp- 
type hubs that are: machined integrally as part of the gear 
( A ) ,  or pressed into the gear bore. Gears arc also available 
with a collet-hub asscmbly (B) .  Clamps can be obtained 
as a separatc item. 

Clamps of onc-picce construction can brcak undcr 
excessivc clamping pressure; hence the preference for the 
two-piece clamp ( C ) .  This places the stress onto the 
scrcw threads which hold the clamp together, avoiding 
possible fracturc of the clamp itself. Hub of the gear 
should be slotted into three or four equal segments, with 
a thin wall section to reduce the size of the clamp. Hard- 

3 PRESS FITS 

Press-fit gears to shafts when shafts are too sinall for 
keyways and where torque transmission is relatively low. 
Method i,s inexpensive but  impractical where adjustments 
or disassemblies are expected. 

Torque capacity is: 

T = 0.785 f D l  LeE [ 1 - ($3 
Resulting tensile stress in the gear bore is: 

S = eEjD,  

where f = coefficient of friction (generally varies between 
0.1 and 0.2 for small metal assemblies), D, is shaft dia, 
D, is OD of gear, L is gear width, e is press fit (difference 
in dimension between bore and shaft), and E is modulus 
of elasticity. 

Similar metals (usually stainless steel when used in 
instruments) are recommended to avoid difficulties aris- 
ing from changes in temperature. Press-fit pressures be- 
tween steel hub  and shaft are shown in chart a t  right (from 
Marks' IIandbook). Curves are also applicablc to hollow 
shafts, providing d is not over 0.25 D. 

ened gears can be suitably fastened with clamps, bu t  hub  
of the gear should be slotted prior to hardening. 

Other recommendations are: Make gear hub  approxi- 
mately same length as for a pinned gear; slot through 
to the gear face at  approximately 90" spacing. While  
clamps can fasten a gear on a splined shaft, results are 
best if both shaft and bore are smooth. If both splined, 
clainp then keeps gear from moving laterally. 

Material of clamp should be same as for the gear, espe- 
cially in military equipment because of specifications on 
dissimilarity of metals. However, if weight is a factor, 
alun~inun~-alloy clamps are effective. Cost of the clamp 
and slitting the gear hub  are relatively low. 

L I I 

Allowonce per  inch of s h a f t  diam., e 
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Comparison 

Method 

-Pinning 
-Clamping 
-Press flts 
-1octite 
--Setscrews 
--Splining 
-Integral shaft 
-Knurling 
-Keying 
-Staking 
-Spring washer 
-Tapered shaft 
-Taperad r ings 
-Tapered bushing 
-Die-cast assembly 

of Gear-Fastening Methods 

Excellent 
Good 
Fair 
Good 
Fair 
Excellent 
Excellent 
Good 
Excellent 
Poor 
Poor 
Excellent 
Good 
Excellent 
Good 

Poor 
Excellent 
Fair 
Good 
Excellent 
Excellent 
Poor 
Poor 
Excellent 
Fair 
Excellent 
Excellent 
Excellent 
Excellent 
Poor 

Excellent 
Fair 
Good 
Good 
Poor 
Excellent 
Excellent 
Good 
Excellent 
Poor 
Good 
Excellent 
Good 
Excellent 
Good 

Excellent 
Fair 
Foir 
Excellent 
Good 
Fair 
Good 
Poor 
Poor 
Poor 
Fair 
Good 
Excellent 
Good 
Excellent 

Excellent 
Good 
Good 
Excellent 
Fair 
Excellent 
Excellent 
Good 
Excellent 
Good 
Good 
Excellent 
Good 
Good 
Good 

y1 c 

5 
.s E 
.- E.€ 

s g  
L '5 

High 
Moderate 
Moderate 
Little 
Moderate 
High 
High 
Moderate 
High 
Moderate 
Moderate 
High 
Moderate 
Moderate 
Little 

Poor High 
Excellent Medium 
Excellent Medium 
Excellent Low 
Good Low 
Excellent High 
Excellent High 
Poor Medium 
Excellent High 
Poor Low 
Excellent Medium 
Excellent High 
Excellent Medium 
Excellent High 
Fair Low 

4 RETAINING COMPOUNDS 

Several different compounds can fasten the gear onto 
the shaft-one in particular is "Loctite," manufactured by 
American Sealants Co. This material remains liquid as 
long as it is exposed to air, but hardens when confined 
between closely fitting metal parts, such as with close fits 
of bolts threaded into nuts. (Military spec MIL-S-40083 
approves the use of retaining compounds). 

Loctite sealant is supplied in several grades of shear 
strength. The  grade, coupIed with the contact area, 
determines the torque that can be transmitted. For exam- 
ple: with a gear 3 in. long on a A-in.-dia shaft, the bonded 
'area is 0.22 in." Using Loctite A with a shear strength 

5 Setscrews 

of 1000 psi, the retaining force is 20 in.-lb. 
Loctite will wick into a space 0,0001 in. or less and fill 

a clearance up to 0.010 in. I t  requires about 6 hr  to 
harden, 10 min. with activator or 2 min. if heat i9 applied. 
Sometimes a setscrew in the hub is needed to position 
the gear accurately and permanently until the sealant has 
been completely cured. 

Gears can be easily removed from a shaft or adjusted 
on  the shaft by forcibly breaking the bond and then 
reapplying the sealant after the new position is determined. 
I t  will hold any metal to any other metal. Cost is low 
in comparison to other methods because extra machining 
and tolerances can be eased. 

6 GEARS INTEGRAL 
WITH SHAFT 

Fabricating a gear and shaft from 
the same material is sometimes eco- 
nomical with small gears where cost 
of machining shaft from OD of gear 
is not prohibitivc. Method is also 
used when die-cast blanks are feasible 
or when space limitations are severe 
and there is no room for gear hubs. 
No limit to the amount of torque 
which can be resisted-usualIy gear 
teeth will shear before any other dam- 
age takes place. 

Two setscrews a t  90" or 120" to each other are usually 
sufficient to hold a gear firmly to a shaft. More security 
results with a flat on the shaft, which prevents the shaft 
from being marred. Flats give added torque capacity and 
are helpful for frequent disassembly. Sealants applied on 
setscrews prevent loosening during vibration. 
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7 SPLINED SHAFTS 

4-spline 6-spl ine 

W W 
I__ 

0.120 0.125 

0 I8  I 0. I88 

Ideal where gear must slide in lat- 
eral direction during rotation. Square 
splines often used, but involute splines 
are self-centering and stronger. Non- 
sliding gears are pinned or held by 
threaded nut or retaining ring. 

78 [ 0.211 

I 0 241 

I - '%  0301 

Torque strength is high and de- 
pendent on  number of splines em- 
ployed. Use these recommended di- 
mensions for width of square tooth 
for 4-spline and 6-spline systems; al- 

0 219 

0.250 

0313 

though other spline systems are some 
times used. Stainless steel shafts and 
gears are recommended. Avoid dis- 
similar metals or aluminum. Relative 
cost is high. 

8 KNURLING A knurled shaft can be pressed into the gear bore, to do 
its own broaching, thus keying itself into a close-fitting 
hole. This avoids need for supplementary locking device 
such as lock rings and threaded nuts. 

not weaken or distort parts by the machining of groove 
or holes. I t  is inexpensive and requires no extra parts. 

Knurling increases shaft dia by 0.002 to 0.005 in. It is 
recommended that a chip groove be cut a t  the trailing edge 
of the knurl. Tight tolerances on shaft and bore dia are 
not needed unless good concentricity is a requirement 
The  unit can be designed to slip under a specific load- 
hence acting as a safety device. 

T h e  method is applied to shafts $ in. or under and does 

9 KEYING 

Generally employed with large gears, bu t  occasionally 
considered for small gears in instruments. Feather key 
(A) allows axial movement but keying must be milled to 
end of shaft. For blind keyway ( B ) ,  use setscrew against 
the key, but method permits locating the gear anywhere 
along length of shaft. 

Keyed gears can withstand high torque, much more 
than the pinned or knurled shaft and, at  times, lnorc than 
the splined shafts bccausc thc key extends wcll into both 

the shaft and gear bore. Torque capacity is comparable 
with that of the integral gear and shaft. Maintenance is 
easy because the key can be removed while the gear 
remains in the system. 

Materials for gear, shaft and key should be similar 
preferably steel. Larger gears can be either cast or forged 
and the key either hot- or cold-rolled steel. However, in 
instrument gears, stainless steel is required for most 
applications. Avoid aluminum gears and keys, 
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10 STAKING 11 SPRING WASHER 

8 I 0020 

Torque 

0. 0020 

00020 
I 

I t  is difficult to predict the strength of a staked joint-but i t  is a quick and 
economical method when the gear is positioned at  the end of the shaft. 

Results from five tests we made on gears staked on 0.375-in. hubs are shown 
here with typical notations for specifying staking on an assembly drawing. 
Staking was done with a 0.062-in. punch having a 15" bevel. Variables in 
the test were: depth of stake, number of stakes, and clearance between hub 
and gear. Breakaway torque ranged from 20 to 52 in.-lb. 

Replacing a gear is not simple with this method because the shaft is muti- 
rated by the staking. But production costs are low. 

12 TAPERED SHAFT 

Tapered shaft and matching taper 
in gear bore need key to provide 
high torque resistance, and threaded 
nut to tighten gear onto taper. Ex- 
pensive but suitable for larger gear 
applications where rigidity, concen- 
tricity and easy disassembly are impor- 
tant. A larger clia shaft is neecled 
than with other methods. Space can 
be problem because of protruding 
t!ireadcd end. Keep nut tight. 

13 TAPERED RINGS 

Tliese interlock and expand when 
tightened to lock gear on shaft. A 
purchased item, the rings are quick 
and easy to use, and do not need close 
tolerance on bore or shaft. No special 
machining is required and torque ca- 
pacity is fairly high. If lock washer is 
employcd, tlic gear can bc adjusted to 
slip at  predetermined torque. 

15 DIE-CAST HUB 

Die-casting machines are available, which automatically 
assemble and position gear on shaft, then die-cast a metal 
hub on both sides of gear for retention. Method can 
replace staked assembly. Gears are fed by hopper, shafts 
by magazine. Method maintains good tolerances on gear 
wobble, concentricity and location. For high-procluction 
applications. Costs are low once dies are made. 

Assembly consists of locknut, spring 
washer, flat washer and gear. The  
locknut is adjusted to apply a pre- 
determined retaining force to the 
gear. This permits the gear to slip 
when overloaded-hence avoiding 
gear breakage or protecting the drive 
motor from overheating. 

Construction is simple and costs 
less than if a slip clutch is employed. 
Popular in breadboard models. 

14 TAPERED BUSHINGS 

This, too, is a purchased item- 
but generally restricted to shaft di- 
ameters t in. and over. Adapters 
available for untapered bores of gears. 
Unthreaded half-holes in bushing 
align with threaded half-holes in gear 
bore. Screw pulls bushing into bore, 
also prevents rotational slippage of 
gear under load. 
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14 Ways to Fasten Hubs to Shafts 
M. Levine 

Shoddei may be Pin fhroogh shaff 

1 Cuppoint setscrew.. . 
in hub (A) bears against flat on shaft. Fastening suitable for 
fractional horsepower drives with low shock loads. Unsuitable 
when frequent removal and assembly necessary. Key with set- 
screw (B) prevents shaft marring from frequent removal and 
assembly. Not suitable where high concentricity i s  required. 

Can withstand high shock loads. Two keys 120" aport (C) trans- 
mit extra heavy loads. Straight or tapered pin (0) prevents 
end ploy. For experimental setups expanding pin is  positive 
yet easy to remove. Gear-pinning machines are available. Taper 
pin (E) parallel to shaft may require shoulder an shaft. Can be 
used when gear or pulley has no hub. 

Stroight -sided 4-spline 
flnvoluie splines may 

4 Splined shafts ... 
are frequently used when gear must slide. Square splines can 
be ground to close minor diameter fits but involute splines are 
wlf-centering and stronger. Nan-sliding gears may be pinned 
to shaft if provided with hub. 

7 Interlocking.. . 
tapered rings hold hub tightly to shaft when 
nut is  tightened. Coarse tolerance machining 
of hub and shaft does not effect concentricity 
as in pinned and keyed auernblier. Shoulder 
is required (A) for end-of-shaft mounting; end 
plates ond four bolts (B) allow hub to be 
mountad anywhere on shaft. 
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2 Tapered shaft.. . 3 Feather key . . . 
with key ond threoded end provides rigid, (A) allows axial movement. Keyway must be milled to end of shaft. For blind keyway 
concentric assembly. Suitable for heovy-duty (B) hub ond key must be drilled and tapped, but design ollows gear to be mounted any- 
opplications, yet con be easily dissasembled. where on shaft with only a short keyway. 

-Retaining ring 

5 Retaining ring ... 6 Stamped gear.. . 
allows quick removal in light load applications. Shoulder on ond formed wire shaft used mostly in toys. Lugs stomped on 
shaft necessary. Pin securing gear to shaft can be shear-pin Bend radii of shaft 
if protection against excessive load required. 

both legs of wire to prevent disouembly. 
shou!d be small enough to allow gear to seat. 

8 Split bushing . . . 

of ho/& threaded. 
Bushing half of 
hole &t threaded. 

for removing from 
shaft: Bushing haff 
of hole threaded. 
Hub half of hole 
n2f threaded. 

I 
Sllght clearance 

has tapered outer diameter. 

bushing half i s  un-topped. 
hub as screw i s  screwed into hub. 
by a reverse procedure. 
IO-in. dia shafts. Adapters are available for untapered hubs. shaft. Ideal for experimental set-ups. 

Split holes i n  bushing align with 

Screw therefore pulls bushing into 
Bushing is  iocked from hub 

Sizes of bushings ovaliable for %- to 

split holes i n  hub. For tightening, hub half of hole i s  topped, 9 Split hub.. . 
of stock precision gear is clomped onto shaft with separate hub 
clamp. Manufacturers l i s t  correctly dimensioned hubs and clomps 
so that efficient fastening can be made based on precision ground 
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Attaching Hubless 
Gears to-S hafts 
Thin gears and cams save space-but how to fasten 
them to their shafts? These illustrated methods give 
simple, effective answers. 

L. Kasper 

-.---__ --_ 
/------ 

/- Plafe \<,;-- _- -I=- --+., 

3 P L A T E  gives greater resistance to shear when 
ratli,il loads ;ire likely to be heavy. W1ir.n the gear is 
mounted, the plate becomes the driver; the center 
screw merely a r t s  as a retainer. 

1 C O U N T E R B O R E  with close fit un shaft ensures 
concentric mounting. Torque is transmitted by pins ; 
positive fastening is provided by flathead screw. 

2 T I G H T - F I T T I N G  washer in counterbored hole 
carries the radial load; its shear area is large enough 
to ensure aniple strength. 
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4 K E Y  A N D  F L A T T E D  TAPER-PIN should not pro-' 
trude above surface of gear; pin length should be 
slightly shorter than gear width. Note that this at- 
tachment is not pos i t i vegea r  retention is by friction I only. 

6 TAPERED PLUG is another friction holding de- 
vice. This type mounting should be used so that the 
radial load will tend to tighten rather than loosen the I thread. For added security, thread can be lefthand 
to reduce tampering risk. I 

I 

5 D-PLATE keys gear to shaft; optimum slot 
depth in shaft will depend upon torque forces and 
stop-and-start requirements-low, constant torque 
requires only minimum depth and groove length; 
heavy-duty operation requires enough depth t o  pro- 
vide longer bearing surface. 

W 

7 T W O  FRICTION DISKS, tapered to about 5" in- 
cluded angle on their rims, are bored to fit the shaft. 
Flathead screws provide clamping force, which can 
be quickly eased to allow axial or radial adjustment 
of gear. 

8 T W O  PINS in radial hole of shaft provide positive 
drive that can be easily disassembled. Pins with 
conical end are forced tightly together by flathead 
screws. Slot length should be sufficient to allow pins 
:o be withdrawn while gear is in place if backside 
3f gear is "tight" against housing. 
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10 Different Types 
of Splined Connections 
W. W. Heath 

C Y L I N D R I C A L  T Y P E S  

Tooth Proportions 

SQUARE SPLINES make a simple connection 1 and are used mainly for applications of light 
loads, where accurate positioning is not important. 
This type is commonly used on machine tools; a cap 
screw is necessary to hold the enveloping member. 

SERRATIONS of small size are used mostly for applications of 2 light loads. Forcing this shaft into a hole of softer material makes 
an inexpensive connection. Originally straight-sided and limited to 
small pitches, 45 deg serrations have been standardized (SAE) with 
large pitches up to 10 in. &a. For tight fits, serrations are tapered. 

INVOLUTE-FORM splines are used where high loads are width or side positioning has the advantage of a full fillet radius 5 to be transmitted. Tooth proportions are based on a 30 deg at the roots. Splines may be parallel or helical. Contact stresses 
stub tooth form. (A) Splined members may be positioned either of 4,000 psi are used for accurate, hardened splines. Diametral 
by close fitting major or minor diameters. (B) Use of the tooth pitch above is the ratio of teeth to the pitch diameter. 

Addendum-- -- F A C E  T Y P E S  

MILLED SLOTS in hubs or shafts make an inexpensive connection. 8 This type is limited to moderate loads and requires a locking 
device to maintain positive engagement. Pin and sleeve method is used 
for light torques and where accurate positioning is not required. 

9 RADIAL SERRATIONS by milling or shaping the 
teeth make a simple connection. (A) Tooth propor- 

tions decrease radially. (B) Teeth may be straight-sided 
(castellated) or inclined; a 30 deg angle is common. 
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STRAIGHT-SIDED splines have been widely used in the auto- 3 motive field. Such splines are often used for sliding members. The 
sharp corner at the root limits the torque capacity to pressures of ap- 
proximately 1,000 psi on the spline projecred area. For different appli- 
cations, tooth height is altered as shown in the table above. 

4 MACHINE-TOOL spline has a wide gap between 
splines to permit accurate cylindrical grinding of 

the lands-for precise positioning. Internal parts can 
be ground readily so that they will fit closely with the 
lands of the external member. 

Snap ring holds ARBER-COLMAN CO 
1-ossembly together 

SPECIAL INVOLUTE splines are made by using gear 6 tooth proportions. With full depth teeth, greater contact 
area is possible. A compound pinion is shown made by cropping 
the smaller pinion teeth and internally splining the larger pinion. 

TAPER-ROOT splines are for drives which require positive 
positioning. This method holds mating parts securely. 

With a 30 deg involute stub tooth, this type is stronger than 
parallel root splines and can be hobbed with a range of tapers. 

GLEASON G€AR WORKS 

10 CIJRVIC COUPLING teeth are machined by a face-mill 
When hardened parts are used which 

require accurate positioning, the teeth can be ground. (A) This 
process produces teeth with uniform depth and can be cut at 

any pressure angle, although 30 deg is most common. (B) Due 
to the cutting action, the shape of the teeth will be concave 
(hour-glass) on one member and convex on the other-the 
member with which it will be assembled. 

type of cutter. 
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Typical Methods of 
Coupling Rotating Shafts I 
Methods of coupling rotating shafts vary from simple bolted flange 
constructions to complex spring and synthetic rubber mechanisms. 
Some types incorporating chain, belts, splines, bands, and rollers 
are described and illustrated below. 

She/ grid fransmifs floating s/eeve, carrying Gaskef befween housing 
f/anges rrfuihs /ubricanf, /power a d  absorbs genera fed infernu/ spfines 

Loch sef o f  splines in mesh 
around enfire circumfevence. 

I fhe s/eeve permanem'& en- unit. 1 atera /  andangu/ar 
I page fhe spfines of each hub, P/V a/owdbefwtm SPfine 

I I shock and vibmfion afm& end. 7he spfinesd Assembly revdves as one 

I 
I 

// 

/ 
/ I faces - 

I 
I ---_ 

/'fau./irclte sepration I 

,/ ofceni+Uanges 

-- - nubs are pressedon andkeyed beach 
.$'ewejack ho/es fo 7 

nufa in ffanges 

'Oi/ fijm befween sphes  
e/linirxr3 mefa/fc-mata/ 

con fad 
The Falk Corp. 

oi/ fo  immerse sphnes 

Bartlett- Hoyword Div., Yoppm Co., Inc. FIG. 2 

Oi/ho/e with sat&& -noding housing she// 
-Nus---_ ~ wf wi'fh inferna/geurs 

Tapered bores do no+ 
run comp/ete& fhrou9h 
hubs', 

I 
I 

I Generafeed 
spherical I I 

qears on hubs, I 

Double - fapered jb ws 
held by kevseafs in e n d  

wunterbored 

', Jaws machihedon hnersu r face  rb 
', rad/us less fhan shaR Shcrffgr//;opd 

fogefher by bolts 
'\bU/bws when flanges a r e  dmwn 

Gaskef befween 
flanges to ensure / LC/earuncespace befween I 
o,/iighhf>ea/- ----- -J hubs fo a//ow f i rendp/ay / 

FIG. 4 
/80ffs draw ffanqed 
hubs togefher W. H Nichol~on and Co FIG. 3 Barcus Engineering CaJnc. 
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- - -  

FIG. 5 

Removable uccess p/u& io springs 

,- -€Mess kofher be/f ,' /acedfiro& a/- 

on each rim 

I \  
/ '. 

I 

I 

/ I 
I I 

/ I 
With ro//ers /ocafedin/ I I 

I 
I 

l 4 . r  F I G . 8  

.. -, -- 
to ah& 
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Typical Methods of 
Coupling Rotating Shafts II 

~ 

Shafts couplings that utilize internal and external gears, balls, pins 
and non-metallic parts to transmit torque are shown herewith. 

M e f a /  housing over T f l a n g e  
neoprene bc;cuifs I 

F/exib/e d isk  €/onga' ted hdes  M e f a /  facin p /a tes  
o f  vu/canized r i v e f e d  t o  Jex ib le  rubbered fabric? 

d i s k  iDrevenf 
receive boss f rom 
mating f /anye 

Neoprene cenrer designed for uniform stress, 
/,near deflection and absorptton of yibration 

Shaft  keyed 
t o  f lange7 

.J 
Mefa / / i c  _, .,' 
screen core--&' ,' 

Oufer fabr ic r i n i  impregnafed with 
neoprene, provides support for  center section 

F I G . 1  Morse Chain Cc 

Compensating member r -F /anged outer 
pro9ides connection )I s/eeve boftea 
between hub and outer I d i rec t /y  to 
sleeve ---, ,' f /anged hub 

F /ansed hub ', , 
I 

I 

k e y g d  t o  
shaft-. _. . 

Tapped hofes 
fac i / i ta te  
assembly 
a n d  d;s- 
assemb/y--- 

Generated 
e x t e r n a l  
a n d  inferno/ 
g e a r  feeth--  

I I - -__ excessive wear----. -. 

disk andente, 

- -  
Boston Gear Work, Inc FIG. 2 

---Large number 
Setscrews o f  t e e t h  
secure hubs p r o d u c e  very 
t o  shaff - - - -  large bearing 

surface 

FIG.3 Boston Gear Works. Inc. 

- W i l e  face 
of internal 
year  feefh 
permi is 
f u l l  e n d  
f / o a f  wifh- 
out dii- 
engagemen f 

'- Geared 
hub keyed 
f o  s h a f t  

Long year teefb in s/eeve r-Two fapped ho/es io each hub 
p r e v e n t  hob f rom ; fac i / i fa te  assembly a n d r e m a d  
d isengaghg- - - - - ;  

Clearance between \, ,' o i l  / e a k a g e  
# , Gaskef p revents  

I 
Nexib/e, oi/-resisfant packing retmms 
o i l  inside the coupling and excludes 
dirt, grit a n d  moisture 

Farrel Birmingham CO., InC. FIG.4 hrrtl-8irmmghom b . , I n c .  FlG.5 
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4ub ber vutcanized 
fo stee/p/ates, 

,;' 
I'/ 

/ /  

Oufer fubr ic  ring Me fal l i 'c r--Trunnion pins f i f i e d  
impregnu fed wiih screen ,' info oufer d iamete r  

,' o f  hub und we/ded n e o p r e n e y  vides 
suppor t  or cenfer / core-\ 

Plates bo/ied 
io flanges------ 

F10.6 

- Two-piece housing 
clomps around 
neoprene biscui is. 
f ace  ofhousing 
at taches to 
s t a n d a r d  f l ange  

Hubs secured fo 

&/I bearing inserf perm& 
unrestr,cte d end p/a y- - -, 

FIG.8 B o s t o n  Gear Works, Inc 

f / e x i 6 / e  laminufed p m  units 
compensafe for misa/ignment 
of connected shaffs. One end 
held by sprihg rehn ing  nng, 
other end moves lafera//y in 
bushjng . I r iny holds f/exib/e FIG.9  Boston Geur Works, I ~ L  

r-Spring refaining 

1 pm units r n  f/ange 

f / ange  hubs 
secured fo 
shaft with 
setscrews 
and keys --- 

Sf re I 
1aminat;ons 
swivel on 
cross pins 
in d o t  o f  
keeper 

Cross pin 

wax ~ 

brol: 
.impregnu fed, se/f ;ubriccrting 
m e  bushings 

FIG.  IO  John Waldron Corp 

No lubricafibn is reqwred on this couphg 

,4Ba//s contuinedin 
pockefs in f lange 

Prcyection on 
r e t a i n i n g  cover 
holds bolls in 
proper posifion -- 

,Huh keyed for 
,*' 5hafi.s 

Facep/u f e  
re fo ics bu/ls-, 

---Smal/ h&s in flange 
fo a i d i n  removing 

Power frons - bu//a 
m i f f e d  hv six : 
rubber bLIk - - - /  

Crocker-Wheeler Div , 
FIG. 11 Joshua Hendy I ron Works 
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Typical Designs of 
Flexible Couplings I 
Cyril Donaldson 

Hub, ,Hub 

FIG.5 

Fig. 1-A rubber hose clamped to two shafts. For applicatiotls 
where the torque is low and slippage unimportant. It is easily 
assembled and disconnected without disturbing either machine ele- 
ment. Adaptable to changes in longitudinal distance between 
machines. This coupling absorbs shocks, is not damaged by over- 
loads, does not set up end thrusts, requires no lubrication and 
compensates for both angular and offset misalignment. 

Fig. 2-Similar to Fig. 1, but positive drive is assured by bolt- 
ing hose to shafts. Has Same advantages as type in Fig. 1, except 
there is no overload protection other than the rupture of the hose. 

Fig. &The use of a coiled spring fastened to  shafts gives the 
same action as a hose. Has excellent shock absorbing qualities, 
but torsional'vibrations are possible. Will allow end play in 
shafts, but sets up end thrust in so doing. Other advantages are 
same as in types shown in Figs. 1 and 2. Compensates for mis- 
alignment in any direction. 

Fig. 4-A simple and effective coupling for low torques and 
unidirectional rotation. Stranded cable provides a positive drive 
with desirable elasticity. Inertia of rotating parts is low. Easily 
assembled and disconnected without disturbing either shaft. Cable 
can be encased and length extended to allow for right angle bends 
such as used on dental drills and speedometer drives. Ends of 
cable are soldered or bound with wire to prevent unraveling. 

Fig. 5-A type of Falk coupling that operates on the same 
principle as  design shown in Fig. 6, but has a single flat spring 
in place of a series of coiled springs. High degree of flexibility 
obtained by use of tapered slots in hubs. Smooth operation, is 
maintained by inclosing the working parts and packing with grease. 

Fig. &-Two flanges and a series of coiled springs give a high 
degree of flexibility. Used only where the shafts have no free end 
play. Needs no lubrication, absorbs shocks and provides protec- 
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t i on  again>t overloads. but will set up torsional vibrations. Springs 
can be o f  round or square wire with varying sizes and pitches to 
allow for any degree of flexibility. 

Fig. 7-1s similar to Fig. 6, except that rubber tubing, re- 
inforced by bolts, is used instead of coiled springs. Is of sturdier 
construction but more limited in flexibility. Has no.overload pro- 
tection other than shearing of the bolts. Good anti-vibration 
properties if thick rubber tubing is used. Can absorb minor 
shocks. 

Fig. %--A series of pins engage rubber bushings cemented into 
flange. Coupling is easy to install. Flanges being accurately ma- 
chined and of identical size makes accurate lining-up with spirit 
level possible. Will allow minor end play in shafts, and provides 
a positive drive with good flexibility in all direction. 

Fig. 9--1 Foote Gear Works flexible coupling which has shear 
pins in a separate set of bushings to provide overload protection. 
Construction of studs, rubber bushings and self-lubricating bronze 
bearings is in principle similar to that shown in Fig. 10. Replace- 
able shear pins are made of softer material than the shear pin 
bushings. 

Fig. l&A design made by the Ajax Flexible Coupling Com- 
pany. Studs are firmly anchored with nuts and lock washers and 
bear in self-lubricating bronze bushings spaced alternately in both 
flanges. Thick rubber bushings cemented in flanges are forced 
over the bronze bushings. Life of coupling said to be considerably 
increased because of self-lubricated bushings. 

Flexibility is 
obtained by solid conically-shaped pins of metal or fiber. This 
type of pin is said to  provide a positive drive of sturdy construc- 
tion with flexibility in all directions. 

Fig. 12-In this Smith & Serrell coupling a high degree of flex- 
ibility is obtained by laminated pins built-up of tempered spring 
steel leaves. Spring leaves secured to holder by keeper pin. Phos- 
phor bronze bearing strips are welded to outer spring leaves and 
bear in rectangular holes of hardened steel bushings fastened in 
flange. Pins are free to slide endwise in one flange, but are locked 
in the other flange by a spring retaining ring. This type is used 
for severe duty in both marine and land service. 

Connection can be quickly disassembled. 

Fig. 1 l-Another Foote Gear Works coupling. 

1 FIG.10 
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Typical Designs o 
Flexible Couplings II 
Cyril Donaldson 

ier or fiber disk 

I FJexibIe disks. 

F g. 13-111 this Brown Engineerillg Coinpany couplillg 
1kxihiIit)- is increased by addition of 1)ufler-slots in the lami- 
nated leather. These slots also aid in the absorption of shock 
loads and torsional vibration. Under parallel misalignment 
or shock loads, buffer slots will close over their entire width, 
but under angular misalignment buffer slots will close on!>- 
on one side. 

Fig.  14--Flexibility is provided by resilience of a rubber, 
leather, or fiber disk in this w'. A. Jones Foundry & Ma- 
chine Company coupling. Degree of flexibility is limited 
to clearance between pins and holes in the disk plus the 
resilience of the disk. Has good shock absorbing properties, 
allows for end play and needs no lubrication. 

Fig. 15-A coupling made by Altlrich I'ump Company, 
similar to Fig. 14, except bolts are used instead of pins. This 
coupling permits only slight endwise movement of the shaft 
and allows machines to he temporarily disconnected with- 
out disturbing the flanges. Driving and driven members 
are flanged for protection against projecting bolts. 

Fig. l c l a m i n a t e d  metal disks are used in this coupling 
made by Thomas Flexible Coupling Company. The disks 
are bolted to each flange and connected to each other by 
means of pins supported by a steel center disk. The spring 
action of the center ring allows torsional flexibility and the 
two side rings compensate for angular and offset misalign- 
ment. This type of coupling provides a positive drive in 
either direction without setting up backlash. No lubrication 
is required. 

Fig.  17-A design made by Palmer-Bee Company for 
heavy torques. Eadi  flange carries two studs upon which 
are mounted square metal blocks. The Mocks slide i n  the 
slots of the center metal disk. 

Me fa/ block -- -- -- - 

Section A-A 
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Fig. l G 1 n  this Charles 13ond Company coupling a leather 
disk Hoats between two identical flanges. Drive is through 
four laminated leather lugs cemented and riveted to the 
leathcr disk. Compensates for misaligninent in all directions 
and sets up no end thrusts. The flanges are made of cast 
iron and the driving lug slots are cored. .-- 

Fig.  19-The principle of the T .  B. Wood Br Sons Com- 
pany coupling is the same as Fig. 18, but the driving lugs 
are cast integrally with the metal flanges. The laminated 
leather disk is punched out to accommodate the metal driving 
lugs of each flange. This coupling has flexibility in all direc- 
tions and does not require lubrication. 

Fig.  2 L A n o t h e r  design made by Charles Bond Company. 
The flanges have square recesses into which a built-up leather 
cube fits. Endwise movement is prevented by through bolts 
5et at right angles. The coupling operates quietly and is 
used where low torque loads are to be transmitted. Die- 
castings can be used for the flanges. 

Fig.  21-Similar to Fig. 20, being quiet in operation and 
used for low torques. This is also a design of Charles Bond 
Company. The floating member is made of laininated leather 
and is shaped like a cross. The ends of the intermediate 
member engage the two cored slots of each flange. The 
coupling will withstand a limited amount of end play. 

Fig.  22-Pins mounted in flanges are connected by leather, 
canvas, or rubber hands. Coupling is used for temporary 
connections where large torques are transmitted, such as  the 
driving- of dynamometers by test engines. Allows for a large 
amount of flexibility in all directions, absorbs shocks hut 
requires frequent inspection. Machines can be quickly dis- 
connected, especially when belt fasteners are used on the 
bands. Driven member lags behind driver when under load. 

Fig.  2.3-This Bruce-Macbeth Engine Company coupling 
is similar to that of Fig. 22, except that six endless wire 
cable links are  used, made of plow-steel wire rope. The 
links engage small metal spools mounted on eccentric hush- 
ings. By turning these bushings the links are adjusted to the 
proper tension. The load is transmitted from one flange to 
the other by direct pull on the cable links. This type of coup- 
ling is used for severe service. 

+A ,----Leafher disk, 

FIG.21 
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Typical Designs of 
Flexible Couplings 111 
Cyril Donaldson 

Pins 

I 

OLrothrr  lrnk 0 
FIG. 26 

Fig.  2 6 T h i s  Wehster Manufacturing Company coupling 
uses a single endless leather belt instead of a series of bands, 
as in Fig. 22. The belt is looped over alternate pins in both 
flanges. Has good shock resisting properties because of belt 
stretch and the tendency of the pins to settle back into the 
loops of the belt. 

Fig. 2S-This coupling made by the Weller Manufactur- 
ing Company is similar to the design in Fig. 24, but instead 
of a leather belt uses hemp rope. made endless bv splicing. 
The action under load is the same as  in the endless belt type. 

Fig.  26-This Bruce-Macbeth design uses leather links in- 
stead of endless wire cables, as  shown in Fig. 23. The load 
is transmitted from one flange to the other by direct pull of 
the links, which at  the same time allows for the proper flcx- 
ibility. Intended for permanent installations reqniring a min- 
imum of supervision. 

Fig.  27-The Oldhani form of coupling made by W. A. 
Jones Foundry and Machine Company is of the two-jaw 
type with a metal disk. Is used for transmitting heavy loads 
at low speed. 

Fig.  28-The Charles Bond Company star coupling is sim- 
ilar to  the cross type shown in Fig. 21. The star-shaped 
Aoating member is made of laminated leather. Has three 
jaws in each flange. Torque capacity is thus increased over 
the two-jaw or cross type. Couplirip takes care of limited 
end play. 

F ig .  29-Combination rubber and canvas disk is bolted to 
two metal spiders. Extensively used for low torques where 
compensation for only slight angular misalignment is re- 
quired. Is quiet in operation and needs no lubrication or 
other attention. Offset niisalignnient shortens disk life. 
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Fig .  30-A metal block ab a floating center is used in this 
American Flexilile Coupling Conipany design. Quiet opera- 
tion is secured by lacing the block with removable fiber strips 
antl packing the center with grease. The coupling sets up no 
end thrusts, is easy to assemble and does not depend on flex- 
ible material for the driving action. Can he built in small 
sizes by using hardwood block without facings, for the float- 
ing member. 

Fig.  31-This Westinghouse Nuttall Company coupling is 
an all-metal type having excellent torsional flexibility. The 
eiglit compression springs conipensate for angular and offset 
misalignment. Allows for some free endwise float of the 
.hafts. Will transmit high torques in either direction. No 
luhication is needed. 

F ig .  32-Similar to Fig. 29, but will withstand offset mis- 
alignment by addition of the extra disk. In this instance the 
center spider is free to float. By use of two rubber-canvas 
disks. as shown, coupling will withstand a considerable angu- 
lar niisalignment. 

F ig .  33-111 this Siiiith & Serrcll coupling a flexible cross 
made of laniinatetl steel strips floats between two spiders. 
I he Iaminatetl S ~ C J ~ ~ S ,  retained by lour segmental shoes, 
engage lugs integral with the flanges. Coupling is intended 
for the transmission o i  light loads only. 

I. 

Fig.  34-This coupling niade 113 Brown Engineering Con- L A  
paiiv is useful for iiiiiirovi5iiiq connections between ani)aratns .~ I .  

in  laboratories ;rind siiiiilar temporary installations. Con-  
pciisates for n~isalignnient i n  all directions. Will absclrh 
wryinc degreps of torsional shocks by changing the size of 
the springs. Springs are retained by threaded pins engaging 
the coils. Overload protection is possilile by the slippage or 
hrrakage of replacable springs. 

F ig .  35-In another drsizn hy Hri~wn Engincer in~  Com- 
pany, a series of laiiiinatetl spokes transinit power between 
tlic two flanges without setting up em1 thrusts. This type 
allows free eiitl play. Among other advantages are al)sorp- 
tion of torsional sliocks, has no exposed nioving parts. antl is 
well I)alancetl at all slxetls. \Veariiig parts are replacable 
and ~vnrk ing  ])arts are protected froni dust. 

Spring refaininy p h - ~  

Section A-A 
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low cost 
Coupling Small Diameter 
Sixteen types of low cost couplings, including flexible and non-flexible types. Most are 
for small diameter, lightly loaded shafts, but a few of them can also be adapted to heavy 
duty shafts. Some of them are currently available as standard commercial parts. 

Rubber sleeve. 

Rubber base adhrsivi 

Fig I-Rubber sleeve has inside 
diameter smaller than shaft diameters. 
Using rubber-base adhesive will in- 
crease the torque capacity. 

Fig 2-Slit sleeve of rubber or other 
flexible material is held by hose 
clamps. Easy to install and remove. 
Absorbs vibration and shock loads. 

Fig +--Ends of spring extend through 
holes in shafts to form coupling. 
Dia of spring determined by shaft 
dia, wire dia determined by loads. 

Fig 7-Jaw-type coupling is se- Fig %-Removable type coupling with in- 
cured to shafts with straight pins. sulated coupling pin. A set screw in the 

collar of each stamped member is used Commercially available ; some have 
to fasten it to the shaft. flexible insulators between jaws. 

Fig w p r o c k e t s  mounted on each 
shaft are linked together with roller 
chain. Wide range of torque capacity. 
Commercially available. 

,,-Pins, Steel sleeve Steel slewe 
1 

Fig 13-Steel sleeve coupling fastened to shafts with two 
straight pins. Pins are staggered at 90 degree intervals to 
reduce the stress concentration. 

Fig 14-Single key engages both shafts and metal sleeve 
which is attached to one shaft with setscrew. Shoulder on 
sleeve can be omitted to reduce costs. 



Shafts & Couplings 4-5 1 

Pi0 Tcre w Knurfed or serrated end of,shaff 

Fig &Tongue - and - groove coupling 
made from shaft ends is used to trans- 
mit torque. Pin or set screw keeps 
shafts in proper alignment. 

Fig %-Screw fastens hollow shaft to 
inner shaft. Set screw can be used for 
small shafts and low torque by milling 
a flat on the inner shaft. 

Fig &Knurled or serrated shah is 
pressed into hollow shaft. Effects of 
misalignment must be checked to pre- 
vent overloading the bearings. 

%'Setscrews 

Fig IO-Coupling made of two collars 
fastened to shafts with set screws. Pin 
in one collar engages hole in other. 
Soft spacer can be used as cushion. 

Leather or 
rubber disk---- 

Fig 11-Coupling is made from two 
flanges rivited to leather or rubber 
center disk. Flanges are fastened to 
the shafts by means of setscrews. 

Fig 12-Bolted flange couplings are 
used on shafts from one to twelve 
inches in diameter. Flanges are joined 
by four bolts and are keyed to shafts. 

Cqlla? Slotled 
sleeve 

Collar, 
', ,' 

Fig 15-Screwing split collars on tapered threads of slotted 
sleeve tightens coupling. For light loads and small shafts, 
sleeve can be made of plastic material. 

;Mala/ ends.,, Setscrew 

Fig 16-Oncpiece flexible coupling has rubber hose with 
metallic ends that are fastened to shafts with set screws. 
Commercially available in several sizes and lengths. 
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Coupling of 
Parallel Shafts 
H. G. Conway 

FlG. 1-A common method of coupling shafts 
is with two gears; for gears may be substituted 
chains, pulleys, friction drives and others. Major 
limitation is need for adequate center distance ; 
however, an idler can be used for close centers 
as shown. This can be a plain pinion or an in- 
ternal gear. Transmission is at constant velocity 
and axial freedom i s  present. 

FIG. %-Two universal joints and a short shaft 
can be used. Velocity transmission is constant 
between input and output shafts if the shafts 
remain parallel and if the end yokes are dis- 
posed symmetrically. Velocity of the central 
shaft fluctuates during rotation and at high 
speed and angles may cause vibration. The 
shaft offset may be varied but axial freedom 
requires a splined mounting of one shaft. 

FIG. %--Crossed axis yoke coupling is a varia- 
tion of the mechanism in Fig. 2. Each shaft has 
a yoke connected so that it can slide along the 
arms of a rigid cross member. Transmission is 
at a constant velocity but the shafts must remain 
parallel, although the offset may vary. There is 
no axial freedom. The central cross member 
describes a circle and is thus subjected to cen- 
trifugal Ioads. 

I 

- 
Fig. I 

Fig. 2 - 

FIG. &Another often used method is the Oldham 
coupling. The motion is at constant velocity, the 
central member describing a circle. The shaft offset 
may vary but the shafts must remain parallel. A 
small amount of axial freedom is possible. A tilting 
action of the central member can occur caused by 
the offset of the slots. This can be eliminated by 
enlarging the diameter and milling the slots. in the 
same transverse plane. 

FIG. 5-If the velocity does not have to be con. 
stant a pin and slot coupling can be used. Velocity 
transmission is irregular as the effective radius of 
operation is continually changing, the shafts must 
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The coupling of parallel shafts so that they rotate together is a common machine design prob- 
lem. Illustrated are several methods where a constant 1 : I  velocity ratio is possible and others 
where the velocity ratio may fluctuate during rotation. Some of the couplings have particular 
value for joining two shafts that may deflect or move relative to each other. 

remain parallel unless a ball joint is used between the 
slot and pin. Axial freedom is possible but any change 
in the shaft offset will further affect the fluctuation of 
velocity transmission. 

FIG. 6-The parallel-crank mechanism is sometimes used 
IO drive the overhead camshaft on engines. Each shaft 
has a1 least two cranks connected by links and with full 
symmetry for constant velocity action and to avoid dead 
points. By using ball joints at the ends of the links, dis- 
placement between the crank assemblies is possible. 

FIG. 7-A mechanism kinematically equivalent to Fig. 6, 
ran be made by substituting two circular and contacting 
pins for each link. Each shaft has a disk carrying three 
or more projecting pins, the 3um of the radii of the pins 
being equal to the eccentricity of offset of the shafts. 
The lines of criiter between each pair of pins remain 
parallel as the coupling rotates. Pins do not need to be 
of equal diameter. Transmission is at constant velocity 
and axial freedom is possible, 

FIG. 8-Similar to the merhanism in Fig. 7, but with 
one set of pins being holes. The difference of radii is 
equal to the eccentricity or offset. Velocity transmission 
i s  a n s t a n t ;  axial freedom is possible, but as in Fig. 7, 
the shaft axes milst remain fixed. This type of mechan- 
ism is sometimes uaed in epiryrlic reduction gear boxes. 

-+- 

F 

\ 
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\ 

I 

I 
8 

FIG. 9-An unusual development of 
the pin coupling is shown left. A large 
number of pins engage lenticular or 
shield shaped sections formed from 
segments of theoretical large pins. The 
axe6 forming the lenticular sections are 
struck from the pitch points of the 
coupling and the distance R + r is 
equal to the eccentricity between qhaft 
renters. Velocity transmission is con- 
stant: axial freedam is possible but the 
shafts mu9t remain parallel. 
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Novel Linka e for 
Coupling Of 9 set Shafts 
. . .simplifies the design of a variety of products. 

I 

Link 1 

/ ? W < r s i t i o n  of output shaft 
n 

Li n 

Maxlrnum displacement 
(rear view) I 

3 

shaft 
Input and output shafts in line 

Zero displacement 

Parallel-link connections between disks 
(sketch at upper left) exactly dupli- 
cate motion between input and output 
shafts-the basis of a new principle 
in coupling. Lower diagrams show three 
Dositions of links as one shaft is shifted 

Midway position 

An unorthodox yet remarkably 
simple arrangement of links and 
disks forms the basis of a versatile 
type of parallel-shaft coupling. This 
type of coupling--essentially thrce 
disks rotating in unison and inter- 
connected in series by six links 
(drawing, left)-can adapt to wide 
variations in axial displacement 
while running under load. 

Changes in radial displacement 
do not affect the constant-velocity 
relationship between input and out- 
put shafts. nor do they initial radial 
reaction forces that might cause 
imbalance in the system. These fea- 
tures open up  unusual applications 
in automotive, marine, machine- 
tool, and rolling-mill machinery 
(drawings, facing page). 

How if works. The inventor of 
the coupling, Richard Schmidt of 
Schmidt Couplings, Inc., Madison, 
Ala., notes that a similar link ar- 
rangement has been known to some 
German enginccrs for years. But 
these engineers wcre discouraged 
from applying the theory because 
they erroneously assumed that the 
center disk had to bc retained by 
its own bearing. Actually, Schmidt 
found, the center disk is free to 
assume its own center of rotation. 
In operation, all three disks rotate 
with equal velocity. 

The bearing-mounted connec- 
tions of links to disks are equally 
spaced at 120 deg. on pitch circles 
of the same diameter. The distance 
between shafts can be varied step- 
lessly between zero (when the shafts 
are in line) and a maximum that 
is twice the length of the links 
(drawings, left). There is no phare 
shift between shafts while the coup- 
ling is undulating. 0 

0 .- 
r 

L 

a, 

' 0  
k- 

1 

5 

0 45 90 135 180 
Angle of rotation 

Torque transmitted by three links in 
group adds up to a constant value re- 
gardless of the angle of rotation. 
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Drive shaft can be lowered to avoid causing hump iri floor Of car. Same arrangement can 
be applied to other applications to bypass an object. to frame, while coupling transmits driv- 

ing tarque and permits wheels to bounce 
up and down. Arrangement also keeps 
wheels vertical during shock motion. 

Steering column can be rotated around main axis 
for better comfort or driving posilon. 

Machine for pounding road beds uses unbalanced shaft 
to induce large-amplitude vibration. Coupling prevents 

brations from passing on to transmission a 

lusted vertically. Double universal joint, normally used, 
causes radial forces at the joints and requires more 
lateral space than the 6-link coupling. 

rings 

Belt drive can be edjusted for proper ten- 
sion without need for moving entire base. 

1 

c 

Inboard motor is segregated from propeller shock and vibration and can be mounted higher. 



4-56 

Torque of Slip Couplings 
Here are formulas and charts of force, torque and friction conversion- 
factors for slip couplings form 0.50- to 5.0-inch mean radius. 
Douglas C. Greenwood 

4911 slip-coupling designs consist, basically, of one 
member pressing against another. Friction face can be 
metal or some other material. When torque force 
exceeds the friction force between pressed-together 
faces, they slip relative to one another. Usually, prcs- 
sure is adjustable so driving torque can be varied. Some 
form of flexible coupling should be mounted on one 
of the shafts close to the slip coupling. 

For each friction face of a flat-disk coupling, torque, 
force and friction are related in 

T = p . F L  

If 
pressure is uniform throughout the friction face area 

This formula is also true for conc couplings. 

the effective mean radius is 

When the friction face is between mating cones 

If thc cones are slipping, this becomes 

F ,  
Sin a + p (-OS,- 

Usually it is about 124.. 

F =  

The face angle for cone couplings can range from 
about 7 to 30". 
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Friction coefficient 

Conversion Chart 
Conversion froin p = 0.25 to other values of 

,A is done by niultiplping the torque obtaiiicd in the 
first chart by these conversion factors for the 
new friction coefficicnt. Inner radius of the fric- 
tion face should be about 0.55 times the outer 
radius. 

Fricfion faces f2) 
\ 

i ood - aausting spring \ 

sleeve 

Maximum unit pressurc for various friction materials 
should not be exceeded. While  this is not so likely to 
occur in slip couplings as in clutches, i t  should never- 
thclcss bc chccked. R.laxinium pressures for friction 
faces are available in most cngineering handbooks. 

If desirable to stop the drive when slipping occurs, 
a warning device such as a clacker can be mounted 
b e h e e n  the two nicmbers of the drive-movement of 
one rclative to the other will be audible. An elcctrical 
con tact similarly mounted can be connected through a 
slip ring to stop the drive automatically. 

Symbols 
F 
F ,  = axial force, lb 
R, = mean radius of friction faces, in. 
R, = outer radius of friction faces, in. 
R, = inner radius of friction feces, in. 
T = torque, Ib-in. 
n = number of friction faces 
a = cone angle lelativc to s h f t  nxis 
p = friction cocficient 

= force normal to friction face, Ib 
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1 . .Types of misalignment and resulting forces. Most couplings can handle 

LEXIBLE couplings F are mechanical devices 
which can efficiently 
transmit torque and 
power from a driving to 
a driven shaft when the 
shafts are not in alignment. The mis- 
alignment can be angular, parallel, or 
axial end-displacement, Fig 1, or a 
combination of any two or all three. 
In addition to initial misafignment, 
the flexible coupling may be called on 
to provide protection against shock 
and vibration or to compensate for 
the effects of temperature changes, 
wear of parts, and deflection of sup- 
port members. Today's couplings 
frequently must operate at high speeds 
and with high loads. Misalignments 
under such conditions become very 
destructive-not only to the coupled 
shafts and their components, but also 
to the coupling itself. 

The couplings discussed here are 
of the rigid type (as distinguished 
from entirely flexible connectors such 
as flexible cables). The couplings are 
capable of rugged duty-1 hp and up. 
They permit one or more types of 
misalignment, and their primary func- 
tion is the transfer of torque (cou- 
plings in the instrument category have 
been covered previously-see Editor's 
Note at end of article). 

The key design criteria for select- 
ing power couplings are covered in 
detail, and the contoured-diaphragm 
coupling is featured because it is a 
relatively new design for which there 
is little published design and selection 
data. Equations are included for com- 
puting the stresses and spring rates 
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-- 

- 

COEFFICIENT OF 
FRICTION = 0.08 

I Bending moment arises from vari- 
I ~ U S  causes, depending on the type of 
i coupling employed. With contoured 

diaphragms, laminated disks and rub- 

__ 
:-- 100 

-- 70 
__ i bending, in units of lb-in./deg. In 

SINGLE- 
DIAPHRAGM 
ASSEMBLY 

Tubular shaff 

3 .  .Contoured - diaphragm flexible 
couplings Diaphragms have hyperbolic 
profile for improved flexing perform- 
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Aected to a specific number ot degrees 
of misalignment. 

Universal joints develop moments 
by action of the component forces to 
drive the required horsepower or 
torque. Gear, chain, and ball-race 
couplings require moments to move 
them through the operating angle each 
revolution. These forces are gen- 
erated by the coefficient of sliding or 
rolling friction between the load-car- 
rying surfaces. 

Telescoping splines and gear and 
chain-type couplings depend on slid- 
ing, hence can cause very high shear- 
ing forces. Contoured-diaphragm cou- 
plings, Fig 3, and other flexible metal- 
lic and elastomeric couplings usually 
induce lower forces-but the amount 
of movement is limited by the magni- 
tude of the bending stresses which are 
additive to the bending stresses re- 
sulting from angular misalignment. If 
large end play is required when flex- 
ible diaphragm couplings are used, 
intermediate telescoping splines are 
necessary. For example, Fig 3 also 
shows a high-speed, high-temperature 
(550 F) flexible coupling in which a 
ball spline is used to reduce axial 
forces from 400 Ib to 30 Ib. 

The vertical shear force, V,, of a 
flexible coupling is the sum of its dead 
weight and the imbalance of the cou- 
pling. The imbalance force is deter- 
mined by using the balance specifica- 
tion in pound-inches in the following 
formula, which includes shaft speed: 

MU LTlP LE- 
DIAPHRAGM 
ASSEMBLY 

, Mounfing flonge 

i7Lz(total) = iv + ii1,.xyg 
where 

W = coupling weight, lb 
= imbalance, lb-in. 

N = shaft speed, rad/sec 
g = gravitational constant, 

This gives the total V,.. The V ,  at 
each end is half the above value. 

The horizontal force, V,, results 
from axial or radial movement of the 
input and output shafts. This rnove- 
ment causes the flexible joint to ex- 
pand or contract. In the case of a 
flexible shaft with two axially re- 
strained flexible joints, a spline must 
be provided to accommodate this ex- 
pansion or contraction. The horizon- 
tal force is developed during the 
movement and its magnitude depends 
on the coefficient of friction, torque, 
and radius of the contacting load mem- 
bers which slide during this axial 
motion. 

The nomograph in Fig 2 gives a 
quick value of the force, V,, required 
to slide a straight-sided spline at vari- 
ous operating conditions of torque 
and pitch diameter. The coefficient of 
friction is assumed to be 0.08. For 
other coefficients, this force must be 
multiplied by the ratio of actual coef- 
ficient of friction to 0.08. Also, to 
modify the force for involute splines 
the chart readings should be divided 
by the cosine of the involute angle. 

For example-Find the spline fric- 

in./secZ 

4-DIAPHRAGM 
JOINT 

WITH BALL AND SOCKET 

tion force on a spline with 
a 3-in. pitch diameter 
which transmits 800 hp at 
4000 rpm. Coefficient of 
friction is 0.11. Solution 
-hp/lOO rpm = 800/40 
= 20. From the chart, spline force = 
670 Ib. Actual force = 670 (0.11)/ 
0.08 = 920 Ib. 

The moment, vertical shear, and 
horizontal forces are used in estimat- 
ing the requirements of the support- 
ing bearings. In low-speed high-power 
systems, the sum of these three forces 
is usually negligible because the sup- 
porting bearings are much larger than 
necessary, but in high-speed light- 
weight applications, these forces can 
add up to a large percentage of the 
total bearing capacity and must be 
taken into account. 
Speed and load 

Couplings are selected by: using the 
maximum operating-torque rating and 
modifying this rating if the coupling 
is also to function at maximum op- 
erating speed. Centrifugal forces, 
shock loads, and deflections of load- 
carrying members also reduce the rat- 
ings. Many installations have a wide 
speed range at the same horsepower 
rating; therefore the maximum torque 
capacity is permissible only at  mini- 
mum speed. 
Lubrication 

Most couplings and joints-uni- 
versal, gear, ball-race, chain, and some 

P 

8-DIAPHRAGM 
JOINT 

WITH BAIL AND SOCKET 

ance and almost-constant stress dis- 
tribution. Number of diaphragms de- 
pends on misalignment requirements. 
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spring types-depend on relative 
movement between contacting load 
surfaces to handle misalignment. This 
movement is sliding, rolling, or both 
and always generates heat. A lubri- 
cant keeps the coefficient of friction 
low to avoid excessive heat; otherwise 
the performance of the coupling is 
quickly impaired. The friction coeffi- 
cient of gear couplings operating at 
high speeds should be less than 0.1 
and preferably less than 0.05. Some 
aircraft and industrial engineers check 
coupling temperature with special 
heat-sensitive paper tapes that change 
color when heated to a specific tem- 
perature. They are placed on the 
surface and the temperature is deter- 
mined by reading the number on the 
last element that changed color. 

Seals are usually necessary when 
grease is employed as the lubricant. 
The seals must also protect the lubri- 
cant and internal surfaces from con- 
taminants such as salt, sand, dust, and 
humidity. If elevated ambient tem- 
peratures are encountered seal ma- 
terial selection may be critical. 

Containment 
In high-speed applications, the fail- 

ure of the output flexible joint of a 
shaft system could be catastrophic to 
personnel or surrounding equipment. 
Some installations utilize static shrouds 
or fail guards and other use second- 
ary members which are a part of the 
rotating assembly. One coupling in 
Fig 3 incorporates a self-lubricated 
ball and socket assembly. During nor- 

mal conditions of misalignment the 
ball nutates within the socket-but in 
the event of failure of one of the 
load-carrying members, the ball will 
spin within the socket and provide 
radial restraint. Containment for 
periods in excess of 25 hr  of over- 
running has been demonstrated. 

Constant velocity ratio 
A constant velocity ratio means 

there is no acceleration or decelera- 
tion of the output shaft when the 
input shaft runs at constant velocity. 
Without constant ratio, there will be 
torsional fluctuations that cause vi- 
bration and increase the operating 
stresses. These can damage bearings. 

A single universal joint, for exam- 
ple, is not a constant velocity ratio 
coupling. Most couplings do not pro- 
duce a theoretically constant velocity 
-they closely approximate it at small 
angles of misalignment. 

Backlash 
Almost all gear, chain, ball-race, and 

universal joints have both radial and 
torsional backlash unless the elements 
are preloaded. TorsionaI backlash 
can lead to early deterioration of the 
joint from fretting or pounding and 
may affect the performance of other 
system components. Radial backlash 
can cause high dynamic forces under 
varying acceleration conditions. 

Torsional spring rate 

pending on the typc of driving Of 
driven equipment. A soft coupling 
can improve the system torsional dy- 
namics by absorbing shock and vibra- 
tion, whereas a torsionally stiff COU- 
pling will transmit load at constant 
velocity ratio during peak transient 
torques. Gear, chain, universal, and 
ball-race couplings are generally in 
the torsionally stiff category; dia- 
phragm and disk couplings can be in 
either category. 

TYPES OF COUPLINGS 
High-specd high-power couplings 

can be classed by the type of flexing 
member or joint they employ to han- 
dle misalignment between shafts. 
Eight common groupings are 

1) Contoured-diaphragm 
2) Axial-spring 
3) Laminated-disk 
4) Universal (Hooke’s) joint 
5) Ball-race 
6) Gear 
7) Chain 
8) Elastomeric 

Contoured-diaphragm couplings 
These recent types (Fig 3 and 4), 

developed by Utica Division of Bendix, 
are generally for high-torque, high- 
speed, and high-angle applications. 
They use one or more thin disks or 
“diaphragms” which are contoured to 
an almost hyperbolic shape, Fig 3, 
as contrasted with diaphragms which 
are oarallel-sided or taDered. The 

dix Corp, Ulics Div 

Torsionally soft couplings can be 
either harmful or advantageous, de- 

contouring 1 ) provides uniform stress 
distribution in both torsion and bend- 

._ , - - 

Falk Corp 

4 .  . Double-diaphragm coupling 5 .  . Axial-spring coupling 
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ing-further discussed in a later sec- 
tion, 2) reduces unnecessary weight, 
and hence inertia, and 3) permits high 
flexibility (low spring rate) between 
misaligned shafts. 

The contour blends into a relatively 
thick rim at the outer diameter and 
a hub at the inner diameter; the rim 
and hub then transmit the torque be- 
tween mating diaphragms or input- 
output flanges. Torque can be trans- 
mitted in either direction of rotation. 
Since all bending takes place within 
the profiled area, there are no points 
of high stress concentration, such as 
holes or edges, which could lead to 
early fatigue. 

Any number of diaphragms from 
one to ten can be used. Above eight 
diaphragms, however, the joint tends 
to become unstable and a ball and 
socket joint is provided which re- 
strains the system components from 
whipping at high speeds. Permissible 
misaligment per diaphragm is up to 
1 deg, and because the diaphragms are 
in series, the maximum rated angle is 
the number of diaphragms times the 
angle per diaphragm. Thus an 8- 
diaphragm coupling using 1-deg dia- 
phragms is capable of 8-deg continu- 
ous operation and 16-deg intermittent 
or momentary misalignment for a few 
seconds at a time. 

Because there is no rubbing, slid- 
ing, or rolling during the torque trans- 
mission, lubrication is not required. 
Speed and load ratings presently range 
from 2000 to 60,000 rpm, and 20 to 
30,000 hp (speeds to 100,000 rpm 

have been demonstrated in turbine- 
wheel spin pits). 

Both angular and parallel misalign- 
ment can be accommodated, ranging 
up to 10 deg and 0.1 in. respectively. 
Both are a function of the number 
of diaphragms and over-all length be- 
tween input and output diaphragms. 
Angular and parallel misalignments 
are not additive. Maximum misalign- 
ment values apply to almost all speeds. 

Contoured diaphragms provide a 
true constant velocity ratio at all angles 
of misalignment. The diaphragms 
have zero backlash. System torsional, 
axial, and radial vibrations are neither 
created nor amplified; hence self-gen- 
erated noise is negligible. Narrow 
specifications on balance can usually 
be met without its being necessary to 
balance either the component or as- 
sembly. By proper selection of ma- 
terials and surface coatings, these cou- 
plings have operated at  continuous 
temperatures up to 900 F. 

Axial-spring couplings 
These couplings, Fig 5, are gen- 

erally for high-torque, moderate-speed, 
and moderate-misalignment applica- 
tions. They consist of two flanged 
hubs with specially machined axial 
slots or grooves which are connected 
by a flat steel spring wound in the 
form of an S-shape for the full cir- 
cumference. Torque is transmitted 
through each segment or leaf of the 
spring and misalignment is absorbed 
by flexing of the spring members. Dur- 
ing angular and parallel misalignment 

operation there is relative 
motion between the flex- 
ing members and their re- 
spective grooves, so pe- 
riodic relubrication is 
required. 

Speed and load ratings range from 
100 to 8000 rpm and from 1 to 72,000 
hp. Both angular and parallel mis- 
alignment can be accommodated, 
ranging up to 2 deg and 0.1 in., 
respectively. These maximum mis- 
alignment values apply only to the 
lower speeds. 

Although this type of coupling does 
not produce a theoretically constant 
velocity ratio, such ratios (and zero 
backlash) can be approximated by 
accurate controlling of the spring and 
groove clearances. Axial 'movement 
or end-play capabilities vary from 
0.100 to 1.00 in., depending on size. 
Torsional spring rate is variable and 
can be specified. System torsional 
vibrations are effectively reduced by 
damping action of the coupling. 

Laminated-disk couplings 
These couplings are generally for 

high torque, high speed, and moderate 
angles. They consist of two hubs, one 
center member, and two laminated- 
disk assemblies, Fig 6 .  The disk as- 
semblies are alternately attached with 
fitted bolts to the flanges and to the 
rigid center member. 

When misaligned, the laminated 
disks take the form of a wave washer 
and are the only members subject to 
fatigue stresses. Torque is transmitted 

Thomas Flexible Couolina Co . -  Dana Corp 

6.  . Laminated-disk coupling 7 .  . Universal-joint coupling 
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through the connecting bolts and the 
deflected disks to the output flange. 
The number of disks can be varied 
depending on the horsepower, mis- 
alignment, and axial-deflection re- 
quirements. Adding to an assembly 
increases the horsepower capacity but 
not the misalignment capability be- 
cause the disks are in parallel and 
the deflection of each is equal to the 
total deflection. Period lubrication is 
not generally required. 

The couplings provide almost con- 
stant speed ratio and zero backlash. 
Speed and load ratings range from 
500 to 20,000 rpm and from 1 to 
4000 hp. Torque ratings are constant 
at all operating speeds and higher 
speeds can be attained by special 
balancing. 

Permissible angular and parallel 
misalignments range to 1.5 deg and 
0.10 in., respectively. Both are a 
function of the over-all span between 
the input and output flanges. Maxi- 
mum angular and parallel misalign- 
ments are not additive. Torsional 
spring rate is high. 

Universal or Hooke’s joint 
The modern version of this com- 

mon type of flexible joint is mostly 
employed for high-angle, moderate- 
torque, and moderate-speed applica- 
tions. It consists of two forks con- 
nected by a cross member, Fig 7. 
The pivot points at each connection 
oscillate through the particular mis- 
alignment angle. Precision needle 
bearings reduce friction. Periodic lu- 
brication is required. 

Although this type of flexible joint 
will operate at extremely high angles 
at low speed, it has several limitations. 
A constant velocity ratio is not pro- 
duced when there is angular misalign- 
ment between input and output shafts. 
Therefore, the joint introduces tor- 
sional accelerations to the system. 
However, if two joints are used with 
oriented yokes, and if the input and 
output centerlines are exactly parallel, 
the velocity variations will cancel and 
the velocity ratio will be constant. 

Another limitation is that bending 
moments are introduced during torque 
transmission which result in high 
radial forces on the input and output 
shafts. Also, at high speeds, bearings 
can wear excessively and lubricant is 
difficult to contain. 

Speed and load ratings range to 
8000 rpm and 5000 hp. Angular mis- 
alignments up to 45 deg can be ac- 
commodated at low speeds, but paral- 
lel misalignment is not possible with 
only one joint. 

Zero backlash can be obtained only 
by using adjustable tapered needle 
bearings. End play is negligible. 
Torsional spring rate is high, as it is 
a function of the bearings and yoke 
assembly. 

input and output shafts, Fig 8. In 
some designs a ball cage helps retain 
the balls in the proper position. Peri- 
odic lubrication is required. 

Speed ratings range to 8000 rpm, 
and load ratings to 5000 hp. Angular 
misalignments to 40 deg and higher 
are possible, but parallel misalignment 
cannot be accommodated with one 
joint. 

Constant velocity ratio is attained 
because the balls are located in the 
bisecting plane. Zero backlash can be 
accomplished only by preloading. Ax- 
ial movement or end play can be ab- 
sorbed by special design. Torsional 
spring rate is high, as it is a function 
of the spring rate of the balls and 
races. 

Gear couplings 
These couplings are generally for 

high-torque, moderate-speed applica- 
tions. They utilize two hubs with 
gear teeth (actually, the teeth are sim- 
ilar to external splines) which engage 
and drive through internal teeth of 
a sleeve, Fig 9. The sleeves are USU- 
ally made in sections for ease of 
manufacturing and assembly. In most 
high-speed gear couplings the external 
teeth are crowned to 1)  reduce fric- 
tion, 2 )  increase misalignment capa- 
bilities, and 3) attain an almost-con- 
stant velocity ratio. Periodic lubrica- 

Ball-race couplings 
This coupling is generally used for 

high torque, high angle, and moderate tion is required. 
speeds. It resembles a universal joint, Speeds and load ratings usually 
but employs balls which are located range from 100 to 25,000 rpm and 10 
in spherically shaped raceways and to 100,000 hp. Angular and parallel 
maintained in a plane which bisects misalignments can be accommodated 
the two planes at right angles to the up to 3 deg and 0.030 in. respectively. 

eendix Coro, Bendix Products Div 

.. _-... _- - - .  ..-wc- ~ 1 

S,er-Bath Gear & Pump Co Inc 

9 .  .Gear coupling 8 .  . Ball-race coupling 
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Maximum misalignments apply to the 
lower speeds. Negligible backlash is 
obtained by accurately controlling the 
tooth spacing and form. Axial move- 
ment or end-play capabilities vary 
from 0.01 to 2.00 in., depending on 
the length of the internal geared 
sleeve. Torsional spring rate is high, 
as it is a function of the spring rate 
of the gear teeth. 

System torsional, axial, and radial 
vibrations and self-generated noise can 
be reduced by employing precision 
gear manufacturing techniques. Gear 
couplings can be balanced for high- 
speed, low-angle operation. 

Within the past few years some 
manufacturers have been using a 
plastic such as nylon for the internally 
geared outer sleeve. This makes lu- 
brication unnecessary and has been 
quite successful. 

Chain couplings 
These couplings are primarily for 

low-speed, high-torque applications. 
Several types of chain links are used 
for connecting the two sprockets. 
The more popular types are with 
single or double-strand roller, Fig 10, 
and with silent chain, Fig 11. Flexi- 
bility is provided by the relative mo- 
tion between sprocket teeth and the 
chain rollers. Periodic lubrication is 
generally required. 

With double-strand types, one 
strand usually has standard cylindrical 
rollers and the second strand spherical 
rollers. Silent chain couplings have 
guide links which fit into a groove 
in one sprocket or between the two 

sprockets to prevent the chain from 
moving axially off the connected 
sprockets. 

Speed ratings range from 100 to 
6300 rcm; load ratings from 10 to 
3000 hp. A protective cover or hous- 
ing is recommended for operation at 
high speeds or in high moisture cor- 
rosive environments. Both angular 
and parallel misalignments can be ac- 
commodated to 2 deg and 0.030 in., 
respectively. Both are a function of 
the over-all length between chain 
strands. Maximum misalignment val- 
ues usually apply to the lower speeds 
and the angular and parallel values 
are not additive. 

Constant velocity and zero back- 
lash can be approximated by accu- 
rately controlling the tooth spacing 
and by properly contouring the chain 
and sprocket driving members. Axial 
movement or end play capabilities 
vary from 0.005 in. to 0.030 in. (ap- 
proximately) for the double-width 
chains, and up to 1.00 in. for the 
single-width chains. 

Torsional spring rate is usually high 
because it is a function of the spring 
rate of the chain elements and the 
sprocket teeth. System torsional, 
axial, and radial vibrations, when mis- 
aligned, can be reduced by using 
precision manufacturing techniques. 
Operating noise is a function of the 
clearances, but moderately quiet chain 
systems are available. 

Elastomeric couplings 
These rubber-tired couplings, Fig 

12, are generally for high-torque, mod- 
Morse Chin Co 

11 . .Chain coupling-with silent c 

10. .Chain coupling-with roller choin 
Link Belt Ca 

erate-speed, and moder- 
ate-angle a p  p 1 i c a t i o n  s . 
They consist of two steel 
hubs or flanged rims con- 
nected by a tire-shaped f 
reinforced-rubber section, 
either clamped or bonded to the hubs, 
which transmits the torque. The tire 
section is split laterally for assembly 
and disassembly. 

Some designs are pressurized with 
air or liquid to maintain the proper 
shape. Over-all elasticity varies with 
internal pressure. For higher speeds 
(to 6000 rpm) the tire section is re- 
placed with a diaphragm or dish- 
shaped reinforced rubber member. 

During angular and parallel mis- 
alignment operation all relative motion 
is absorbed by the flexing member. 
No lubrication is needed. Speed rat- 
ings range from 10 to 6000 rpm and 
load ratings from 2 to 4000 hp. Both 
angular and parallel misalignment 
can be accommodated, ranging up to 
4 deg and 0.125 in. for the tire sec- 
tion and 1 deg and 0.062 in. for the 
dish section. Constant velocity ratio 
and zero backlash are approximated 
by designing for high torsional stiff- 
ness. However, a low torsional stiff- 
ness or resilience is sometimes an 
asset, as the coupling will smooth out 
shock and torsional vibration between 
driving and driven equipment. Ambi- 
ent temperatures limited by materials. 

SELECTION TABLES 
The comparative performance ca- 

pabilities of the eight types of flexible 
couplings are listed in Tables I through 

12. .Elastomeric coupling '-\ 
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I 
1 OPERATING MISALIGNMENT 

~ 

5 DEG AND ABOVE 
OPERATING MISALIGNMENT 

2 TO 5 DEG 

I 
I 

LOW SPEED MODERATE LOW SPEED MODERATE 
1000 to 4000 SPEED HiGH SPEED 1000 to 4000 SPEED HIGH SPEED 

HP/100 RPM HP/lOO RPM HP/100 RPM HP/lOO RPM HP/100 RPM HP/100 RPM 
RPM 4000 TO 7000 >7000 RPM 4000 TO 7000 >7000 

1 10 100 1 10 100 1 10 100 1 1 10 100 1 10 100 1 10 100 ! 

a coupling cannot be operated at the Contoured-disk Equations equations for determining the form Of 
maximum angular and parallel mis- The use of thin parallel-sided disks, the contour, and the stresses and 
alignment and at the maximum horse- or diaphragms, as flexing elements is spring rates under all conditions of 
power and speed simultaneously-al- not new-the literature shows they flexing at moderate angles. 
though in some cases the combination were used for locomotive couplings 
of maximum angular misalignment, in 1922. Contoured disks have been equation 
maximum horsepower, arid maximum used as turbine wheels to provide The shape of the diaphragm profile 
speed would he acceptable. uniform stress distribution. Here are has evolved from a constant-thickness 

TABLE Ill-OPERATING CHARACTERISTICS 

SPEED RANGE, RPM 

HORSEPOWER RANGE. 
HP/100 RPM 

ANGULAR MISALIGNMENI 
DEG 

PARALLEL MISALIGNMENT, 
IN. 

AXIAL MOVEMENT, IN 

AMBIENT TEMPERATURi. I 

AMBIENT PRESSURE, PSiA 

CHAIN ELASrOMfRIC I 
CONTOURED AXIAL LAMINATED ?IN”CRSAL 
DIAPHSAGM SPRING DISK !OiNi BALL-RACE SEA? 

0 to 60,000 0 to 8000 0 to 20,000 0 to 8000 0 to SO00 0 to 25,000 0 to 6300 0 to 6000 

. . ~~ ~~ . ... . .. - ~ _______ ~~ - ~. 

I to 500 1 to 9000 1 to 100 1 to 100 1 to io0 1 to 2300 1 to 200 0 to 400 

~ ~ _~. ~ . _ .. ~.~ I__~-- 

0 to 8.0 0 to 2.0 0 to 1.5 0 io 45 0 to 40 0 to 3 0 to 2 0 to 4 

.~ -~ ~~ ~ ~~~ ~ _ _- 

0 !a 0.10 0 to 0.10 0 to 0.10 None None 0 to 0.10 0 IO 0.10 0 to 0.10 

0 to 0.20 0 to 1.0 0 to 0.20 None Some 0 io 2.0 0 to 1.0 0 to 0.30 

~~ ~~~ ~~ ~~ ~~-.-_----I_ 

900 Varies 900 Varies Vories Varies Varies Varies 

sco level  Sea level 
to zero Vriries Varies Varies Varies Vories Varies 

to zero 
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048 

CONSTANT UNIFORMLY CONTOURED TORQUE 

THICKNESS TAPERED n = 2  
n = O  n 

,/:,:vq - 
- / 96 
I 

/ 

13. .Types of contours for dia- 
phragms. The hyperbolic-type of 
contour :n=2! is gaining accept- 
ance. 

section-to a uniformly tapered sec- 
tion-and now to the hyperbolic con- 
tour. The original contours have 
proved unsatisfactory for three rea- 
sons: First, the bending stress is ex- 
cessive at the hub, where the dia- 
phragm proper joins the rigid driving 
shaft or flange. Second, the shear 
stress is greatest at the hub, which is 
the area of smallest radius. Third, 
the effects of stress concentrations due 
to manufacturing, heat treatment, and 
attachment methods are greatest at 
the hub. The resulting combined 

b\ - I  I 

I kjT 

PURE 
BENDING 

PURE AXIAL 
DEFLECTION 

X 

14.  . Equations give stresses and spring rates for disks 

stress causes early fatigue failures. 
Furthermore, both earlier forms are 
inefficient because of the unnecessary 
increase in shear area with radius and 
because the excess material thickness 
at larger radii forces most of the flex- 
ing and bending to take place in the 
hub area. 

For a profile with uniform shear 
stresses and more evenly distributed 
bending stresses, the shear stress at 
any radius Y is given by the following 
equation (refer also to the list of 
symbols on opposite page) : 

If the ratio of T / S ,  is assumed to be 
constant (a desirable design goal) the 
following ratio is constant: 

I; = T/(2T&j ( 2 )  

t = Iz/r2 (3 )  
Hence 

Thus it can be seen that a dia- 
phragm designcd for corrstant shear 
strcss will hav: a thickness varying in- 
versely as the square of the radius. 

I06 1060 

I 02 980 

0 98 9 00 

c3 c 4  

094 820 

Q90 74 0 

086 6 60 
040 045 050 055 060 

R a d i u s  r a t i o ,  % 
16. .For bending spring rate 



4-68 

TORSIONAL 
BUCKLING 

subjected to t h e  four  types of loading above. 

The bending stresses are lower than 
those for constant thickness and uni- 
formly tapered configurations, and the 
point of maximum bending stress is 
shifted from the hub closer to the 
rim. The bending stress a t  the hub 
is now approximately 60% of the 
bending stress at the rim, easily ac- 
commodating any unavoidable stress 
concentrations at the hub. The gen- 
eral equation for the profile becomes 

t = k/rn (4 )  
where n is the form factor: n = 0 

SYMBOLS 

A = shear area, in.2 
a 

b 

= major radius of diaphragm 

m minor radiiis of diaphragm 
profile, in. 

~- 
profile, in. 

C 
E = Young's modulus, psi 
G = torsioiial modulus, psi 
k' = spring constant, lb/in. or  Ih-iii./deg 
N = speed, rpm 
r = local radius, in. 
Sa = maximum avial strcss, psi 
S b  = maximum bendiag stress, psi 
S, = maximum shear stress, psi 
S, = maximum radial centrifugal stress 
S t  = maximum tangential centrifugal stress 
t = local thickness at radius r, in. 
t ,  = local thickness at radius a, in. 
T = torque, lb-in. 
T B  = buckling torque, lb-in. 
x = axial deflection, in. 
v = Poisson's ratio, dimensionless 
cp 
2 = constant, Fig 17 

= constants, Fig 15 and  16 

= bending angle per diaphragm, deg 

for constant thickness, and n = 2 for 
a hyperbolic type of curve (for a 
true hyperbolic curve, n = 1). 

These constants are illustrated in 
Fig 13. The form based on n = 2 
has proved satisfactory. 
Torque equation 

Eq 1, which defines the form of the 
profile, can be rewritten by substi- 
tuting a for r to give the maximum 
torsional shear stress, Fig 14: 

T s, = - 2?ra2ta (5) 

Rodius rotio, % 
17. .For torque buckling 

Bending-stress equation 
The stress resulting from bending, 

Sb, varies from the inner radius b to 
the outer radius a. At any specific 
radius it will also vary within practi- 
cal deflection limits directly with the 
bending angle 4. The maximum 
bending stress occurs at radius a: 

Sb = CIEt,cp/a ( 6 )  
See Fig 15 €or values of C, (and of 

C, for the equation below). 

Axial-stress equation 
The stress resulting from axial dis- 

placement, Sa, varies to a maximum at 
radius a and is 

S, = C2Gtax/a2 (7) 

Radial-stress equatim 

For high-speed applications, the 
radial stress, S,, which is actually the 
centrifugal stress, should be superim- 
posed on the misalignment stresses S. 
and Sa. Maximum S, occurs at a 
and is proportional to the square of 
the peripheral velocity V. Because all 
diaphragms are very nearly propor- 
tional in their radial and axial di- 
mensions and at a constant peripheral 
velocity, it is generally known that 
the radial and axial dimensions of a 
rotating disk can be varied inde- 
pendently without changing the stress 
at any point in the disk and that the 
centrifugal stresses can be calculated 
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for one diaphragm and proportioned 
for others. 

The maximum radial stress (at a )  is 
S,  = 2.935 a2NZ/106 (8) 

Tangential-slress equation 
A tangential stress, S,, at the bore 

imposes a limit on the speed. It can 
be calculated from 

S t  = 5.560 a2N2/106 (9) 
Torsional buckling 

The five stress equations, Eq 5 to 
9, are usually sufficient for design of 
contoured disks. Another factor 
which can be taken into considera- 
tion is torsional buckling, T,. Fig 14 
illustrates the result of overloading a 
diaphragm in torsion. The buckling 
torque varies not only with the di- 
ameter and the thickness ratio but 
also with the radius ratio and can be 
calculated from 

where T ,  is the torque required to 
start formation of the ripples. Factor 
Z is a function of b / ~ ,  Fig 17. 

Spring rates 
There are four spring rates to con- 

sider: bending, axial, torsional and 
radial. The radial rate of a dia- 
phragm, however, is extremely high 
and is therefore neglected. 

Bending spring rate, K,, is the mo- 
ment in a plane normal to the dia- 
phragm which must be applied to the 
hub (or rim) of a diaphragm to deflect 
the rim 1 deg with respect to the 
hub, its equation is 

where C,  is a function of b/a ,  see 
Fig 16. 

Axial spning rate, K,, is the force 

Ka = C3*Eta' (1 1) 

0'31 0.45 

0.75 
CONTINUOUS 
OPERATING ANGLE, 
DEG/DIAPHRAGM 

loo03 

5 0 ~  200 

l 0 I  50 

20 i 

2 i 

20.c 

17.0 

15.0 

10.0 i 7.0 

1 f 
HORSEPOWER 
PER 100 RPM DIAPHRAGM 

DIAMETER, IN. 

per inch required to de- 
flect the diaphragm axi- 
ally: 

(12) 
C4Gt,3 

a 2  
K ,  = ___- 

where C, is also obtained 
from Fig 16. 

Torsional spring rate, K,, is the 
torque per degree required to cause a 
rotational deflection of the hub with 
respect to the rim: 

Power capability 
The power capability of a contoured 

diaphragm under continuous operat- 
ing misalignment 'can be estimated 
with the nomograph in Fig 18. As- 
sume that it. is required that a 5-in. 
OD coupling with 3-deg misalignment 
must transmit 500 hp at 6100 rpm. 
Thus the horsepower per 100 rpm is 
hp/100 rpm = 500/61 = 8.2. 

From the chart, obtain permissible 
misalignment: 0.5 deg per diaphragm. 
Hence the number of diaphragms 
needed is 

_ _ ~ ~ _  deg = 6 diaphragms 
0.5 deg 

The torque and operating angle can 
be increased by increasing the outer 
diameter of the diaphragm. 

Acknowledgemenh The author is in- 
debted to C. B. Gibbons of the Utica 
Division of the Bendix Corporation 
for assistance in preparing the equa- 
tions and curves for contoured flex- 
ible diaphragms. 

18. .Power vs size and misalignment 
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Novel Coupling Shifts Shafts 

Parallelgram-type coupling 
(above) brings new versatility 
to gear-transmission design 
(left) by permitting both input 
and output to clutch in direct- 
ly to any of six power gears. 

Schmidt Coupling, Inc., Madison, A1 

Novel Coupling Shifts Shafts: 
to simplify transmission design 

A unique disk-and-link coupling 
that can handle large axial displace- 
ment between shafts, while the 
shafts are running under load, is 
opening up new approaches to 
transmission design. 

The coupling (drawing, upper 
right) maintains a constant trans- 
mission ratio between input and 
output shafts while the shafts un- 
dergo axial shifts in their relative 
positions. This permits gear-and- 
bclt transmissions to be designed 

Half as many gears. In the inter- 
nal-gear transmission above, a 
Schmidt coupling on the input side 
permits the input to be “plugged-in” 
directly to any one of six gears, all 
of which are in mesh with the in- 
ternal gear wheel. 

On the output side, after the 
power flows through the gear wheel, 
a second Schmidt coupling permits 
a direct power takeoff from any ot 
the same six gears. Thus, any one 
of 6 x 6 minus 5 or 31 different 
speed ratios can be selected while 
the unit is running. A more ortho- 
dox design would require almost 

that need fewer gears and pulleys. twice as many gears. 

Ax ia l  thrust 
bearing Housing 

Gear housing \ \  lnDUt shaft 

1 of rotor shaft Schmidt coupling 

Powerful pump. In the worm- 
type pump (bottom left), as the in- 
put shaft rotates clockwise, the 
worm rotor is forced to roll around 
the inside of the gear housing, which 
has a helical groove running from 
end to end. Thus, the rotor center- 
line will rotate counterclockwise to 
produce a powerful pumping action 
for moving heavy media. 

In the belt drive (bottom right), 
the Schmidt coupling permits the 
belt to be shifted to a different bot- 
tom pulley while remaining on the 
same top pulley. Normally, because 
of the constant belt length, the top 
pulley would have to be shifted, too. 
to provide a choice of only three 
output speeds. With the new ar- 
rangement, nine different output 
speeds can be obtained. 

Pulleys 

Shiftable pulleys 
and drive shaft 

A output shaft 

Be l t  

Gear shiftv ’ Stationary input shaf: 

Coupling allows helical-shape rotor to  wiggle for pumping purposes. Coupling takes up slack when bottom shifts. 
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Basic Types of Mechanica 
Sketches include both friction and positive types. Figs. 1-7 are classified as externally 
controlled; Figs. 8-1 2 are internally controlled. The laiter are further divided into overload 
relief, over-riding, and centrifugal types. 

Marvin Taylor 

To P 
V i e w  

Drivino 
member, 

COT. Key 

Plane? 

JAW CLUTCH. Left sliding half is feathered to  the 1- driving shaft  while right half rotates freely. Control 
a r m  activates the sliding half to engage or disengage the 
drive. This clutch, though strong and  simple, suffers 
f rom disadvantages of high shock during engagement, 
high inertia of the sliding half, and considerable axial 
motion required for  engagement. 

SLIDING KEY CLUTCH. Driven shaft with a key- 2- way carries freely-rotating member which has ra- 
dial slots along its hub; sliding key is spring loaded but 
is normally restrained from engagiug slots by the control 
cam. To engage the clutch. control cam is raised and key 

enters one of the slots. To disengage, cam is lowered into 
the path of the key; rotation of driven shaft  forces key 
out  of slot in driving member. Step on control cam 
limits axial movement of the key. 

PLANETARY TRANSMISSION CLUTCH. I n  disen- 3. gaged position shown, driving sun gear will merely 
cause the free-wheeling ring gear to idle counter-clock- 
wise, while the driven member, the planet carrier, re- 
mains motionless. If motion of the ring gear is blocked 
by the control arm, a positivr clockwise drive is estab- 
lished to the drixen plnnrt carrirr. 

, -  
Fig .7 Controt a r m - - - - A  Fig. 8 -Et---- 

EXPANDING SHOE CLUTCH. I n  sketch above, 7. engagement is obtained by motion of control a r m  
which operates linkages to  force friction shoes radially 
outward into contact with inside surface of drum. 

SPRING AND BALL RADIAL DETENT CLUTCH. 8- This design will positively hold the driving gear 
and driven shaft  i n  a given timing relationship until the 
torque becomes excessive. At this point the La119 vi11 be 
forced inward against their spring pressure and out of 
engagement with the holes in the hub, thus permitting 
the driving gear to continue rotating while the drivrn 
shaft is stationary. 

CAM AND ROLLER CLL'TCII. This over-running 9. clutch is suited for  higher s p e d  free-wheeliug than 
the pawl and ratchet ttpeq. The  inner driving member 
has camming surfacrs at  it+ outer r im and carries light 
springs that force rollers to ~ e d g r  between thew surfaces 
and the inlier cylindtical fare  of the driveu member. 
During driving, self-energizing friction rather than the 
springs forces the roller t o  tightly wedge brtneen the 
members anti give cssentiallv po-itive drive in a eloek- 
vise direction. The springs in-ure fast clutching action. 
If the driven member should attcmpt to run  ahead of the 
driver, friction will force the rollers out of a tight wedg- 
ing position and breah the connection. 
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Con trot- -, - 

L-Dr iv ing  ro f che t  
F i g . 4  

L- Con f r o  1 
a rm 

PAWL AND RATCHET CLUTCH. (External Con- 4. trol). Ratchet is keyed to the driving shaft;  pawl is 
carried by driven gear which rotates freely on the driving 
shaft. Raising the control member permits the spring to 
pull the pawl into engagement with the ratchet and drive 
the gear. Engagement continues until control member is  
lowered into the path of a camming surface on the pawl. 
The  motion of the driven gear will then force the pawl 
out of engagement and bring the driven assembly to a 
solid stop against the control member. This clutch can 
be converted into an  internally controlled type of unit  by 
removing the external control a rm and replacing it with 
a siidcable member on the driving shaft. 

PLATE CLCTCH. Available in  many variations, 5. with single and multiple plates, this unit transmits 
power through friction force developed between the faces 
of the left sliding half which is fitted with a feather key 
and  the right half which is free to rotate on the shaft. 
Torque capacity depends upon the axial force exerted by 
the control member when it activates the sliding half. 

CONE CLUTCH. This type also requires axial 6. movement for  engagement, bu t  the axial force re- 
quired is less than that required with plate clutches. Fric- 
tion material is usually applied to only one of the mating 
surfaces. Free member i s  mounted to resist axial thrust. 

Flg. IO 

WRAPPED SPRING CLUTCH. Makes a simple 10. and inexpensive uni-directional clutch consisting 
of two rotating members connected by a coil spring which 
fits snugly over both hubs. In the driving direction the 
spring tightens about the hubs producing a self energiz- 
ing friction grip;  in the opposite direction i t  unwinds 
and will slip. 

EXPANDING SHOE CENTRIFUGAL CLUTCH. 1 1 Similar i n  action to the unit  shown in Fig. 7 with 
the exception that no external control is used. Two fric- 
tion shoes, attached to the driving member, are held in- 
ward by springs until they reach the “clutch-in” speed, at 

which centrifugal force energimes the shots outward into 
contact with the drum. 4 s  the driver rotates faster the 
pre3sure between the shoes and the drum increases there- 
by providing greater torque capacity. 

MERCURY GLAND CLUTCH. Contains two fric- 12. tion plates and a mercury filled rubber gland, all 
keyed to the driving shaft. At rest, mercury fills a ring 
shaped cavity near the shaf t ;  when revolved at  suffirieiit 
speed, the mercuv  is forced outward by centrifugal force 
spreading the rubber gland axially and forcing the fric- 
tion plates into driving contact with the faces of the driv- 
en housing. Axial thrust on driven member is negligible. 
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Construction Details 
of Over-Riding Clutc 
A. DeFeo 

.-- Osciffating motion 
&- of outer ring 

Elementary over-riding clutches: (A) Ratchet and Pawl type is quieter but requires a spring device to keep eccentric 1 mechanism is used to convert reciprocating or oscillating pawl in constant engagement. (C) Balls or rollers replace the 
movement to intermittent rotary motion. This motion is posi- pawls in this device. Motion of the outer race wedges rollers 
tive but limited to a multiple of the tooth pitch. (B) Friction- against the inclined surfaces of the ratchet wheel. 

Springs on each 
side hold sfrags in 
contact with races 

01 

Over-running motion of oufer 
race moves sprags OUF of 
locked position ------- 

IAl Sprags under torque load . ,  
Nomc -Form Sprag 

4 With cylindrical inner and outer races, sprags are used to 
transmit torque. Energizing springs serves as a cage to hold 

the sprags. (A) Compared to rollers, shape of sprag permits a 
greater number within a limited space; thus higher torque loads 

are posible. Not requiring special cam surfaces, this type can 
be installed inside gear or wheel hubs. (B) Rolling action 
wedges sprags tightly between driving and driven members. 
Relatively large wedging angle insures positive engagement 

Springs malnfain plate clearance Driving 
\\ and bani  in startlng position 

paver is  transmitted Threaded case adjustment - 
fhrough splined clufch 1 . 
plates ._ . 

motion -. 
View A 

u,,nnry M l g  co 

pressure WI clutch plates 

.---. View A 

Multi-disk dutch is driven by means of several sintered- 6 bronte friction surfaces. Pressure is exerted by a cam 
actuating device which forces a series of balls against a disk 
plate. Since a small part of the transmitted torque is carried by 

the actuating member, capacity is not limited by the localized 
deformation of the contacting balls. Slip of the friction surfaces 
determine the capacity and prevent rapid, shock loads. Slight 
pressure of disk springs insure uniform engagement. 
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for oftaching gear 

Thhr Hilliord Cop 

Commercial over-riding clutch has springs which hold roilers in continuous 2 contact between cam surfaces and outer race; thus there is no backlash or lost 
motion. This simple design is positive and quiet. For operation in the opposite 
direction, the roller mechanism can easily be reversed in the housing. 

Centrifugal force can be used to hold 
rollers in contact with cam and outer 

race. Force is exerted on lugs of the cage 
which controls the position of the rollers. 

Heavy call spring Small NO First caif exerts slight pressurn 
cfearance . on inside surface 
./ / 

clearance 
.c 

L G S  Swmg Clufcb Corp ‘lubrication grooves Section A-A 

Engaging device consists of a helical spring which is made wind-up. This action expands the spring diameter which takes 5 up of two sections: a light trigger spring and a heavy coil up the small clearance and exerts pressure against the inside sur- 
spring. I t  is attached to and driven by the inner shaft. Relative face until the entire spring is tightly engaged. Helix angle of 
motion of outer member rubbing on trigger causes this spring to spring can be changed to reverse the over-riding direction. 

7 Free-wheeling clutch widely used in power transmission 
has a series of straight-sided cam surfaces. An engaging 

angle of about 3 deg is used; smaller angles tend to become 
locked and are difficult to disengage while larger ones are not as 

effective. (A) Inertia of floating cage wedges rollers between 
cam and outer race. (B) Continual operation causes wear of 
surfaces; 0.001 in. wear alters angle to 8.5 deg. on suaight- 
sided cams. Curved cam surfaces maintain constant angle. 
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l ow-Cost  Designs 
for Overrunning Clutc 
All are simple devices that can be constructed inexpensively in the laboratory workshop. 

James F. Machen 

Drive i! 

"9 
e 
of 
mqs 

1 
L a w n m o w e r  t y p e  

3 
M o l d e d  sp rags  
(for l i g h t  duty1 

\ 
Nylon or 
sirnilor 
rnoferial 

Grips when driven, Spring-retaining 

collars slips for overrun 

5 
SI i p - s p r i n g  coup I i ng  

"9 
e 
of 
mqs 

2 
W e d g i n g  b a l l s  or rol lers:  i n te rna l  (A); e x t e r n a l  (B) 
2 
W e d g i n g  b a l l s  or rol lers:  i n te rna l  (A); e x t e r n a l  (B) 

I- u -- 

4 
D i s e n g a g i n g  i d l e r  rises i n  slot w h e n  d r i v c  d i rec t i on  
i s  reversed 

I n t e r n a l  ra tchet  a n d  O n e - w a y  d o g  clutch 
s p r i n g - l o a d e d  p a w l s  
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Clutches 

(FOR ANGULAR A N D  AXIAL ADJUSTMENT) 

Opfionaf groove 
or depression 
in female member 

Plug iam 
(with four axial slots) 

- - - I  
10 u 

Clamped wedges 
(for ax ia l  adjus tment  o n l y )  

may be used 
9 

Ball jam 

No s lde - Sltde 

Push -buffon 
release - VU' 

11 
One-way slide-lock 

5-7 

12 L?eiIevi/le woshers 
Belleville-washer clamp 
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10 Ways to Apply 
Overrunning Clutches 
These clutches allow freewheeling, indexing, and backstopping 
applicable to many design problems. Here are some clutch setups. 

W. Edgar Mulholland &John L. King JR. 

Overrunning motion o f  outer roce moves 
sprogs out of locked posiiion 0 

- 
'Wedging ongle 

position Sprags under torque load 

Precision Sprags . . . 
act as wedges and are made of hardened alloy steel. In the 
Formsprag clutch, torque is  transmitted from one race to another 
by wedging action of sprags between the races in one direction; 
in other direction the clutch freewheels. 

Clulch 2 Gear 2 
/freewheeling/ / 

/driving/ / '  
Gear I - 

2-Speed Qrive-I . . . 

,outpui 

. _  
J;;er 

I 

requires input rotation to be reversible. Counterclock- 
wise input as shown in the diagram drives gear 7 through 
clutch 7; output i s  counterclockwise; clutch 2 over-runs. 
Clockwise input (schematic) drives gear 2 through clutch 
2; output is  still counterclockwise; clutch 7 over-runs. 

2-Speed Drive-I1 . . . 
for grinding wheel can be simple, in-line design if over-running 
clutch couples two motors. Outer race of clutch is  driven by 
gearmotor; inner race is keyed to grinding-wheel shaft. When 
gearmotor drives, clutch is engaged; when larger motor drives, 
inner race over-runs. 

,-indexing tobie 

0 

lndexing Table . . . 
Fan Freewheels . . . 
when driving power is shut off over- 

running c'utch' fan belt 
breakage. If driving source is a gearmotor, ex- 
cessive gear stress may also occur by feedback 
of kinetic energy from fan. 

i s  keyed to clutch shaft. Table i s  rotated by forward stroke 
of rack, power being transmttted through clutch by Its 
outer-ring gear only during this forward stroke. indexing 
is  slightly short of position required. Exact position is  then 
located by spring-loaded pin, which draws table forward 
to final posltioning Pin now holds table until next power 
stroke of hydraullc cylinder 
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Gear Clutch prevents Clutch drives roll 
reverse roiafion in  one direction & - -c 

t- 

Pinion keyed lo oufer ring of clufch 

Punch Press Feed.. 
is so arranged that strip 
is stationary on down- 
stroke of punch (clutch 
freewheels); feed occurs 
during upstroke when 
clutch transmits torque. 
Feed mechanism can eas- 
i ly  be  adiusted to vary 
feed amount. 

Indexing and Backstopping . . . 
is done with two clutches sa arranged that one 
drives while the other freewheels. Application here 
is  for capsuling machine; gelatin is  fed by the roll 
and stopped intermittently sa blade can precisely 
shear material to form capsules. 

f,' 

Clutchesk 
lone over- 
rides while 
other drives) 

/ 
Drive link' 

Puth of eccentric-/'- 1 
Intermittent Motion . . . 
of condy machine i s  adiustable; function of clutch 
is to ratchet the feed rolls around. This keeps the mc- 
terial in the hopper agitated 

Double-impulse Drive . . . 
employs double eccentrics and drive clutches. Each clutch is  in- 
dexed 180" out of phase with the other. One revolution of 
eccentric produces two drive strokes. Stroke length, and thus 
the output rotation, con be adjusted from zero to max by the 
control link. 

Anti-backlash Device . . . 
uses over-running clutches to insure that no backlash i s  left in the 
unit. Gear A drives B and shaft II with the geor mesh and back- 
lash as shown in (A). The over-running clutch in geor C permits 
gear D (driven b y  shoft II) to drive geor C and results in the mesh 
and backlash shown in ( B ) .  The over-running clutches never 
actually over-run. They provide flexible connections (something 
like split and sprung gears) between shaft I and gears A, C to 
allow absorption of oll backlash. 
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6 Ways t 
These "safety valves" give way if machinery iams, thus preventin 

Peter C. Noy 

Sprocket 3 

- l I  
U 

i Fricfion foces 

F R I C T I O N  C L U T C H .  Adjustable spring tension that  holds 
the two friction surfaces together sets overload limit. AS 
soon as overload is removed the clutch reengages. One 
drawback is that  a slipping clutch can destroy itself if 
unnoticed. 

1 
S H E A R  P I N  is  simple to design and reliable in service. 
However, after an overload, replacing the pin takes a rela- 
tively long time: and new pins aren't always available. 

3 
M E C H A N I C A L  KEYS. Spring holds ball in dimple in oppo-' 
si te face until overload forces the ball out. Once slip begins, 
wear is rapid, so device is  poor when overload is common. 
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4 
RETRACTING KEY.  Ramped sides of keyway force key outward against adjust- 
abe spring. As key moves outward, a rubber pad-or another spring-forces the 
key into a slot in the sheave. This holds the key out of engagement and prevents 
wear. To reset, push key out of slot by using hole in sheave. 

Load 

ANGLE-CUT CYLINDER.  With just  one tooth, this is a sim- 
plified version of the jaw clutch. Spring tension sets load limit. 

DISENGAGING GEARS. Axial forces of spring and driving 
arm balance. Overload overcomes spring force to  slide 
gears out of engagement. Gears can strip once overloading 
is removed, unless a stop holds gears out of engagement. 
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7 More Ways to verloa 
For the designer who must anticipate the unexpected, here are ways to guard machinery against 
carelessness or accident. 

Peter C. Noy 

Driving ptn 
\ hpyf shaft 

Driven pin /Sleeve 

i 
C A M M E D  SLEEVE connects input 
and output shafts. Driven pin 
pushes sleeve to right against 
spring. When overload occurs, driv- 
ing pin drops into slot to keep shaf t  
disengaged. Turning shaft  back- 
wards resets. 

3 
SPRING PLUNGER is for reciprocating motion with 
possible overload only when rod is moving left. Spring 
compresses under overload. 

2 
MAGNETIC FLUID COUPLING is fllled with slurry 
made of iron or nickel powder in oil. Controlled mag- 
netic flux t ha t  passes through fluid varies slurry vis- 
cosity, and thus  maximum load over a wide range. 
Slip ring carries fleld current t o  vanes. 
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4 
F L U I D  COUPLING.  Maximum load can be closely 
controlled by varying viscosity and level of fluid. 
Other advantages a re  smooth transmission and low 
heat rise during slip. 

5 
T E N S I O N  RELEASE. When toggle-operated blade 
shears soft pin, jaws open to release eye. A spring that 
opposes the spreading jaws can replace the shear pin. 

n 

6 
STEEL-SHOT COUPLING transmits more torque as 
speed increases. Centrifugal force compresses steel 
shot against case, increasing resistance to slip. Add- 
ing more steel shot also increases resistance to slip. 

7 
P I E Z O E L E C T R I C  CRYSTAL sends output signal that  
varies with pressure. Clutch at receiving end of signal 
disengages when pressure on the crystal reaches preset 
limit. Yielding ring controls compression of crystal. 
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Centrifuga 
These simple devices provide low-cost clutching for machines 
operating under fast-changing load conditions. 

M. F. Spotts 

F you want a practical way of connecting a motor- I or any other type of prime mover-to a load when 
ircquent stopping and starting are involved, ccntrifugal 
clutches are :I good bet. Low in initial cost, centrifugal 
clutches can save you the expense o f  buying another 
form of electric motor, not to mention auxiliary start- 
ing equipment. Centrifugal clutches are built i n  a wide 
range of sires and types-all the way from the little 
gasoline cars run on tracks at funfaii-r (herc the motor 
disengages a t  low speed, and ;is the child prcsscs on 
the gas pedal the car starts movinz) to 500-hp diesel 
engines. 

Other advantages: These clutchcs are good starters 
lor high-incrtia loads. They tolerate a considerable 
amount of manufacturing variations and are well suited 
to drives that undcrgo vibrations and heavy shock loads. 
Delaycd engagements are possible by varying the clutch- 
spring force, and installation and service costs are low. 

A typical centrifugal clutch has a set of shoes that 
are lorced out against the output drum by centrifugal 
force. The shoes may be loosely held within the drum 
( Fig I, next piigc), hut in the niorc refined dcsigns the 
shocs are connected to the input member by means of 
a floating l i n k  (Fig 2 )  or  a fixed pivot (Fig 5 ) .  

Both attached-shoe designs (Fig 2 and S) are ana- 
lyzed here. Until now, however, the design procedure 
has been b;isically a graphical onc. ‘lhe design formulas 
derived here obviate the need for a graphical layout (or  
the graphical solution can serve as a check). 

Floating-link design 

Phe shoe ot this type (Fig 2 )  is supported at the 
free end H of the floating l i n k  BH. End B o! the link 
is attached to the hub of the driving member. The l in-  
ing contacts the drum of the driven member and covcrs 
:in :ingle cb ,  with support If at the midpoint which de- 
termines the I’ and w axes tor the shoe. Angle b is large 
so pressure p between the lining and drum is not con- 
stant but  varies according to the equation 

area br Ci‘jl of an element of lining, gives the normal 
force between lining and drum. The component of 
force par:illel to the v-axis is Found by multiplying 
cos th. Eq 1 is substituted for p and the rcsult integrated 
over the length of the lining, -+I2 to d/2, to obtain 
iV,, the component of normal force parallel to v-axis: 

s, = - 

h’, = - $ f # r p o  cos 6 ( &  + sin 9) (2) 
In a similar manner, the total component of normal 

force N, parallel to the w-axis is found by multiplying 
by- sin $. The integration gives 

( 3 )  

(4) 
(5) 

The accompanying friction forces are 

F, = Jpcphr  silk I) r l &  = - p  N ,  
F ,  = - f p p b r  m s  4 (/I) = p h‘, 

where is the coefficient of friction. 
The torque exerted by the shoe is found by multiply- 

ing the normal force on the element by p, and multiply- 
ing again by r to give: 

Torque equation 
@ I . !  

9 p p h r ?  d I) = 2 p W  p ,  r n s  0 sin 
I 2 (6) 

(Ey 2 to 6 were obtained by G. A. 6. Fazekas, 
“Graphical Shoe-Brake i\nalysis,“ Trans. ASM E. vol 
79, 1957. p 1322.) 

The clutch shoe i s  i n  equilibrium from the follow- 
ing three forces: 

1 .  An outward radial force consistin. of the dilfer- 

6 2  

., 
ence between the centrifugal force F ,  on the shoe and 
the inuard force F ,  from the springs. 

2. Force Q which is the resultant of the previously 
determined forces N.,  N , , ,  F ,  and F , , .  

3. Reaction R which must have a BH direction since 
this is a two-force member. 

( 1 )  
whcre p .  is the maximum value of the linin:: pressure 
located at angle 0 to the v-axis. Angle & is the angle 
from the v-axis to the clement under consideration. 

The pressure on the lining p ,  when multiplied by the 

p = p ,  cos (+  - e )  



When a body with threc forces is i n  equilibrium, the 
three forces must intersect at a single point. Because 
R and F..-F, intersect at H, force Q must pass through 
this point also. Fig 3 shows Q passing through H as the 
resultant of the other two forces 

Since Q is also the resultant of the forces arising from 
p and p p ,  the moment made by such forces about H 
must be zero. This fact is utilized for finding 8, the in- 
clination of the line of maximum pressure. The moment 
arms about H for p and pp are marked in the figure. 
Then 

f phrh sin li. I / $  - J&r  ( r  - h (*os $) d +  = 0 
The value of the variable p from Eq I is substituted, 
and the resulting expressions are integrated between the 
limits of -412 and 612. The result can be solved for 
tan 8 to give: 

Line of maximum pressnre 

4 p r  si r1 ' - ph (4  + sin 6) 

h (6 - sin 4)  
2 

(7) tan 0 = 

When 0 is determined, the forces represented by Eq 
2 to 5 inclusive can be found and added vectorially as 
shown in Fig 3 .  This gives: 

Resultant of forces, Q 

Q = 4 i N ,  + F,.)! + (A',,, + (8) 

Inclination p of force Q 

At low or idling speeds, the shoe is pulled inwardly 

Clutches 

b y  the spring force F,. The outward f o ~ c e  I 
shoe is equal to: 

09 ille 

Centrifugal force 

where W is thc weight of the shoe assumed to be con- 
centrated at radius r,,; w is the angular velocity. radlsec, 
and R is the gravitational constant, 386 in./sec'. 

As shown in Fig 2, link BH is inclined at angle a to 
the v-axis. Thc sine theorem gives equations for: 

Forces R and F,-F, 
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Input 
shoff 

1. Free-shoe centrifugal clutch 

Y 
b = width of lining 
F ,  = cwitrifrigal force 
P ,  = spring forw 
F, = twnpoiiciit alorig v-axis of friction lining force 
F ,  = comporient along w-asisof frictionliningforce 
g = gravitat ioual (Jonstniit, :<8(i i l l  

h = t1istaric.r from renter of  rotation t o  pivot of 

h p  = tratisniil t a b l ~  horsepowcr 
M ,  = momelit. of friction foi-cw alioiit, fised pivot, 
ill, = monicrit of normal forcw about fixed pivot 
n = rc'voliit,ioiis pri. miniitc 
,V,, = cmmporiciit along v-axis of forces nornial to 

N ,  = romponrrit along m-axis of forces normal to 

shoc 

l i  r i i  rig 

lining 
p 
p o  = rnaximii~n lining pressure 

= prcrsure bctwcwi liiiirig and drum 

(2 
r = radiiis of driim 
T o  

= ~'csultant of N , ,  N, ,  F a  and F ,  

= radius i o  renter of gravit,y of ,shnc; o i i i c ~ ~  

= irincr radius of fixed pivot shoc 
= distance from w n t c r o f  rotatioil to fixcvl pivot, 
= reac:i,ioir along float,iiig link 
= torqiir aboiit writer of rotation 

radius of fixed pivot shoe 

T ,  

T, 

12 
T 
IT' = weigh1 of shoe 
01 

p 
y = wcight per in." 
6 

p = c*oeffirirnt of friction 
4 
w 

= iiicliriatioii of floating link wi th  v-ahis 
= iriclinatiori of rcs~iltai~t tJ with v-asis 

= iiicliriatioii of line of maximum pi'c,\hiii'c x:jih 

v-axis 

= aiigiilsr rstent of lining 
= angu iar vclloc.ity before slip occurs, ratliaris,' 

soc 
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slipping rpm, and the horscpowcr pcr 5hoc 
curve for hp vs p to determine the best value Foi p. 

Plot the 
(12) 

Q sin (CY - a) p ,  - F, = ______ 
sin a 

Solution 
Numerical example 
A centrifugal clutch shoe has a radius of 5.25 in. and 

a width of lining of 2.50 in. Lining pressurc is not to 
cxcccd 100 psi. Angulai- length of lining is 4 = 108 
cleg, and the l ink is at an  angle of a = 48 des. The 
shoe is pivoted at a distance h of 4 in. from the center. 

BY Eq (73 

tall 8 =  
p [(4)(5.25) (0.80902) -. -4(1.88496+0.95l0G)T _- 

4 (1.88496-0.95106) 
= l . S l l p  

Total inward sprinq force of both springs is 15 Ib. BY Eq (2) 
Weight of shoc-is 7 Ib with its center- of -gravity al a AT,,= -($)(2..5)(5.25)(100)(2.8.3602) COS Q 

= - 1861 ('08 B radius of 4.6 in. 
As there are linings on the market with a diRerent 

coefficient of friction. for values of II. of 0.1. 0.2. 0.3, BY Eq (3) 
0.4 and 0.5 find the corresponding v'alues o t '  forccs Q,  
R ,  :ind F,-F,. Find the torque T ,  the corrcsponding 

N,,= -(i12.0 sin 0 

2. Floating-link design 
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0.1 
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~~ 

tan 8 8 N,,  NU F ,  F,,  N , -F  N A F ,  f ,,I- 0 1 
0.15112 8'35.6' -18402 -91.6 9.2 -184.0 -1831 0 -275 6 75,960 1852 

Then 

0.2 

0.3 

also 

0.30225 16'49.0' -1774.1 -177.3 35.5 -354.8 -j738 6 -532.1 283,130 I818 

0.45337 24'23.3' -1695.1 -253.1 75.9 -508.5 -1619.2 -761.6 580,030 1789 

Tn hp=- 
63,000 

0.4 

0.5 

%he calculations are bcst carried out in tabular form 
(see table). Thus, for the case of p = 0.1 

tan 0 = 0.1511 
0 = 8" 35.6'; ( 'OS  6 = 0.9888 

N ,  
N ,  = -612.9 (0.1494) = -91.6 lb 

-1861 (0.9888) = -1840.2 lb 

0.60449 31' 9.2' -1592.7 -317.1 126.8 -637.1 -1465.9 -9542 910,500 1749 1 
0.75562 37' 4.5' -1484.9 -369.5 184.7 -742.4 -1300.2 -1111.9 1,236,320 171 I , 

By Eq 4, 5,  and 8 

P ,  = -0.1 (-91.6) = 9.16 lb 

0.1 

0.2 

P,, = 0.1 (-1840.2) = -184.0 lb ~ ~ - ~ _ _ _ _ _ -  
8 = V i -  1840.2-t-9.16)2+(-91.6-18$.0)" 

0.15052 8'33.6' 371 39'26.4' 0.63527 I583 1102 1598 2019 35.3 

0.30605 17' 1.0' 716 30'59.0' 0.51478 I259 2126 1274 1-1 

= 1852 lh 
BY Eq 9 

0.3 

0.4 

-273.6 
- 1831 tan 0 = -~ ~ - = 0.15052 

0.47036 25'11.4' 1024 22'48.6' 0.38768 933 3046 948 1556 75.2 E 

0.65093 33' 3.7' 1284 14'56.3' 0.25795 607 3517 622 1260 76.3 ~ 

/3 = 8" :3:3.(i' 
By Hq 11 and 12 

P, = 1.382 + 15 = 1598 Ib 
Thus 

1' = 11,140 (0 1 )  (0.9888) = 1102 lb-in. 
n = .io ,j 41598- = 2019 rpm 

I I I 0p 0.1 0.3 

4. Variation of horsepower with coefi- 
cient of friction for the floating-link 
clutch analyzed in the numerical ex- 
ample. Note that best gripping power 
is obtained with shoe-linings having a 
coefficient of about 0.35%. 

Calculations for various iinings 

1 0.5 1 0.85518 40'32.2' 1496 7'27.8' 0.12990 299 4448 314 1011 63.2 1 
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Small Mec 
for Precise 
Clutches used in calculating machines must have: (1) Quick response-lightweight moving parts; 
(2) Flexibility-permit multiple members to control operation; (3) Compactness-for equivalent 
capacity positive clutches are smaller than friction; (4) Dependability; and (5) Durability. 

Marvin taylor 

PAWL AND RATCHET SISGLE CYCLE CLUTCH (Fig. 1). Known as Dennis 
Clutch, parts B, C and D,  aro primary components, R, heing the driving ratchet, 
C, the driven cam platc and, I ) ,  tho connecting pawl c a r r y i d  by the  cam plate. 
Normally the pawl is held disengaged by the lower  portion of clutch arm A. 
When activated, arm A rocks counter-clockwise until it is out of tho path of rim 
F on cam plate C and permits pawl D under tho effect of spring E t o  engage 
with ratchet B.  Cam plate C then turns clockwise until, near the end of one 
cyde, pin G on the plate strikes the  upper part of a r m  A camming it clockwise 
back to its normal position. The lower part of A then performs two functions: 
(1) cams pawl D out of engagement with the dri+ing ratchet B and (2) hlocks 
fnrther motion of rim f and the cam plate. 

Fig. I 

PAWL AND RATCHET SINGLE CYCLE DUAL CONTROL CLUTCH-(Fig. 2). Principal 
parts are: driving rztohet, B, directly connected t o  the motor and rotating frccly 
on rod A;  driven crank, C, directly connected to the  main shaft of the machine and 
also free on A ;  and spring loaded ratchet pawl, D, which is carried by crank, C, 
and is normally held disengaged by latch E. To activate the elutch, a r m  F is raiscd, 
permitting latch E to tr ip and pawl D to  engage with ratchet E .  The left arm of 
clutch latch 6 ,  which is in tho path of the lug on pawl D, is normally permitted to  
m o v e  out of interferrnre by the rotation of the camming edge of era& C. For certain 
operations block W is temporarily lowered, preventing niotion of latch C,  resulting in 
dismgagement o f  thc clutch after part of the cycle until subsequent raising of block H 
pcrmits motioii of latch C and resumption of the cyele. 

PLANETARY TRANSWISSION CLUTCH (Fig. 3). A positive clutch with external 
control, two gear trains to provide hi-directional drive to a calculator for q c l i n g  the 
machine and shifting the carriage. Gear A is the driver, gear I. the driven member 
is directly corxneeted to planet carrier F. The planet consists of integral gears B and 
C ;  E3 meshing with sun gear d and free-wheeling rtng gear 6,  and C meshing wirh 
free-whceling gear D. Gears D and C carry projecting lugs, E and H respectively, 
which can contact formings on arms J and K of the control yoke. When the machine 
is a t  res t ,  the yoke is centrally positioned 50 that the arms J and K are out of the 
path of the projecting lugs permitting both D and G to  free-wheel. To  engage the 
drive, the  yoke rocks elockwise as shown, until the forming on arm K engages lug H 
blocking further motion of ring gear C. A solid gear train is thereby established driv- 
ing F and L in the same direction as the drive A and a t  the same time altering the 
speed of D as it continues counter-clockwise. A reversing signal rotates the yoke coun- 
ter-clockwise until arm J encounters lug E blocking further motion of D. This actuates 
the other gear train of the Same ratio. 

FlQ 2 

Fig. 3 

L 
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€ 'E! Shift clutch F 
I 

OVERLOAD RELIEF CLUTCH (Fig. 6 ) .  This is a simply constroered, double- 
plate, spring loaded, friction coupling. Shaft G drives collar E which drives 
slotted plates C and D and formica disk. B. Spring H is forced hy the adjusting 
nuts, which are  serewed on to  collar E, to maintain the nnit under axial pressure 
against the shoulder at the  left end of the collar. This enables the formica disks 
B to  drive through friction against both faces of the gear whieh is free to  turn on 
the collar, eausing output pinion J to  rotate. If the machine should jam and pin- 
ion J prevented from turning, the motor can continue rnnning without overloading 
while alippage takes place between formica plates B and the gear. 

MULTIPLE DISK FRICTION CLUTCH (Fig. 4). 
T w o  multiple disk friction clutches are  combined in 
a single two-position unit which is shown shifted 
to the left. A stepped cylindrical housing C enelos- 
ing both clutches is carried hy solf-lubricated hrar- 
ing E on shaft J and is driven by the transmission 
gear W meshing with the housing gear teeth K. At 
either end, the housing carries multiple metal disks 
Q that engage keyways Y and can make frictional 
contact with formica disks N which, in turn, can 
contact a set of metal Jisks P which have dotted 
openings fo r  coupling with flats on sleeves B 
and W. In the position hhown, pressure is exerted 
&rough rollers L forcing the housing to the left 
making the left clutch compact against adjusting 
nuts R, thereby driving gear A via sleeve B which 
is connected t o  jack shaft J by pin U. When the 
carriage is to  he shifted, rollers L force the hous- 
ing to  rhe right, first relieving the  pressure between 
the adjoining disks o n  the left clutch then passing 
through a neutral position in which both clutches 
are disengaged and finally making the right clutch 
compact against thrust bearing F, thereby driving 
gear G through sleeve W which rotates freely o n  
the jack shaft. 

SINGLE PLATE FRICTION CLUTCH (Fig. 5 ) .  
The hasic clutch elements. formica disk A ,  stcel 
plate B and drum 6, are normally kept separated 
by spring washer G. To engage the drive, the left 
end of a control arm is raised, causing ears F, 
which sit in slots in plates H, to  rock clockwise 
spreading the plates axially along sleeve F. Sleeves 
E and P and plate B are keyed to the drive shaft; 
all other members can rotate freely. The axial mo- 
tion loads the assembly to  the right through the 
thrust ball bearings K against plate L and adjust- 
ins nut M, and to the left through friction surfaces 
on A, B and C t o  thrust washer S, sleeve E and 
against a shoulder o n  Ehaft D, thus enabling plate 
A to  drive %he drum C. 
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Serrated Clutches an S 
L. N .  Canick 

F Fig. I 

( A )  Toothed 
clutch 

Driving 
rorque 

Fl ( 5 )  Detent 

i 

W h e r e  : 

rn = r a t i o  of t o o t h  thickness  t o  t o o t h  

n = number of t e e t h  in wheel  

spoce o t  r a d i u s  R 

r /  R 

f = T / R  

IN THE DESIGN OF straight toothed components such as 
serrated clutches, Fig. 1 ( A ) ,  and detent wheels, Fig. 1 ( B )  , 
the effective pitch radius is usually set by size considera- 
tions. The torque transmitting capacity of the clutch, or 
the torque resisting capacity of the detent wheel, is then 
obtained by assigning suitable values ro the engaging force, 
tooth angle, and coefficient of friction. 

The nomogram, Fig. 2, is designed to be a convenient 
means for considering the effect of variations in the values 
of tooth angle and coefficient of friction. For a given coeff- 
cient of friction, there is a tooth angle below which the 
clutch or detent is self-locking and will transmit torque 
limited only by its structural strength. Where 
T = torque transmitted without clutch slip, or torque resisted 

R = edective clutch, or detent wheel, radius, in. 
F = axial, or radial, force, lb 
.f = tangential force acting at radius R, lh 

N = reaction force of driven tooth, or detent. :irtiiiq norm:il t o  

by detent wheel, lb in. 

tooth face, Ih 

,u = coefficient of friction O I  tooth rn:i tei.i:il 
0 = see Fig. 1(R: 

= angle of tooth face, ~ P N  
f< = (1 A I* tiin O,/(t,zzn ij - u )  

a statement of the conditions of equilibrium for the forces 
acting on  a clutch tooth will lead to the following equation 

1' = it F K (1 

A similar statement of the conditions of equilibrium for 
the forces acting on a 100th of the detent wheel shown in 
Fig. 1 ( B )  will lead to the following equation: 

' / '= - .  ( 2 ,  

From Eqs ( 1 )  and ( 2 ) ,  when all other rerins hnve cow 
stant values, it is obvious that the required axial force, cr 
the radial fo:ce, diminishes as the value of K increases. 
Dependent upon the values of 0 and p, the value of K can 
vary from zero to infinity. 

The circular nomogram shown in Fig. 2 relates the values 
of the parameters I(. 0, rind that satisfy the basic equation 

Ir' 11, 

l(c~rs w' '%I - air1 \- 
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R = (1 + p tan @)/(tan e - p) 
EXAMPLE I. Find the maximum tooth angle for a self- 
lodting clutch, or for which K is infinity, taking the coeffi- 
cient of friction as 0.4 minimum. 

SOLUTION I. Line I through these values for K and p on 
the nomogram gives a maximum tooth angle slightly less 
than 22 deg for the self-locking condition. 

EXAMPLE 11. Find the minimum value of K to be expected 
for a clutch having a tooth angle of 30 deg and a coefficient 
of friction of 0.2 minimum. 

SOLUTION IL Line I1 through these values for 8 and p on 
the nomogram gives a value for K of 3 approximately. 

EXAMPLE 111. Find the value of K for a flat-face ( 8  equals 
90 deg) friction clutch, the face material of which has a 
coefficient of friction of 0.2. Compare its torque transmit- 
ting capacity with that of the toothed clutch of Example 11. 

SOLUTION 111. Line 111 through these values for 0 and p on 
the nomogram gives a value for K of 0.2. 

Torque transmitting capacity of flat-face clutch : 

Torque transmitting capacity of toothed-clutch : 
T =  3 R P  

Thus for equal effective radii and engaging forces, the 
torque capacity of the toothed-clutch is 3/02, or 15, times 
greater than that of the flat face clutch. 

T = 0 . 2 R F  

40 

Fig. 2 
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Spring Bands Grip Tightly 
to Drive Overrunning Clutch 

New spiral-band clutch Roller clutch Sprag clutch 

actuates clutch 
Spiral-band assembly 

releases clutch 

Contact area with pulley 
(typical each clutch band) 

Spiral bands direct force inward as outer ring drives counterclockwise. Roller and sprag types direct force outward. 

A new type of overrunning clutch 
that takes up only half the usual 
space employs a series of spiral- 
wound bands instead of the conven- 
tional rollers or sprags to transmit 
high torques. The new dcsign (draw- 
ings, above) also simplifies the as- 
sembly, cutting costs as much as 
40% by eliminating more than half 
the parts in conventional clutches. 

The key to the savings in cost and 
bulk is the new design’s freedom 
from the need for a hardened outer 
race. Roller and sprag types must 
have hardened races because they 
transmit power by a wcdging action 
between the inner and outer races. 

Role of spring bands. Overrun- 
ning clutches, including the spiral- 
band type, slip and overrun when 
reversed-in drawing above, when 
outer member is rotated clockwise 
and inner ring is the driven member. 

The new clutch, developed by Na- 
tional Standard Co., Niles, Mich., 
contains a set of high-carbon spring- 
steel bands (six in the design illus- 
trated) that grip the inner mcmbcr 
when the clutch is driving. The 
outer member merely serves to rc- 
tain the sorine anchors and to Dlav 

a part in actuating the clutch. Since 
it isn’t subject to wedging action, 
it can be made of almost any mate- 
rial, and this accounts for much of 
the cost saving. For example, in the 
automotive torque converter in the 
drawing at right, the bands fit into 
the aluminum die-cast reactor. 

Reduced wear. The bands are 
spring-loaded over the inner mem- 
ber of the clutch, but they are held 
and rotated by the outer member. 
Thc centrifugal force on the bands 
thus releases much of the force on 
the inner member and considerably 
dccreases the overrunning torque. 
Wear is, therefore, greatly reduced. 

The inncr portion of the bands 
fits into a V-groove in the inner 
member. Whcn the outer member is 
reversed, the bands wrap, creating 
a wedging action in this V-groove. 
This action is similar to that of a 
spring clutch with a helical-coil 
spring, but the spiral-band type has 
very little unwind before it over- 
runs, compared with the coil type. 
Thus it responds faster. 

Edges of the clutch bands carry 
the entire load, and there is also 
a conmound action of one band uDon 

I 

converter Stator- n 

Spiral clutch bands can be bought 
separately t o  fit in user’s assembly. 

another. As the torque builds up, 
each band pushes down on the band 
beneath it, so each tip is forced 
more firmly into the V-groove. 

National Standard plans to sell 
the bands as separate components, 
without the inner and outer clutch 
members (which the user customar- 
ily builds as part of his product). 
The bands are rated for torque ca- 
pacities from 85 to 400 ft.-lb. Ap- 
plications includc auto transmissions 
and starters and industrial machin- 
ery. 0 
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Accurate Solution for 
Disk-Clutch Torque Capacity 
Nils M. Sverdrup 

IN COMPUTING TORQUE CAPACITY, 
the mean radius R of the clutch disks 
is often used. The torque equation 
then assumes the following form: 

T = PpRlL (1) 
Where 
T = torque, in.-lb 
P = pressure, lb. 
p = coefficient of friction 
R = mcan radius of disks, in. 
n = no. of friction surfaces 
This formula, however, is not math- 

ematically correct and should be used 
cautiously. The formula’s accuracy 
varies with the ratio D,/D,. When 
DJD, approaches unity, the error is 
negligible; but as the value of this 
ratio decreases, the induced error will 
increase to a maximum of 33 percent. 

By introducing a correction factor, 
9, Eq (1) can be written 
T = PpRn4 (2) 

The value of the correction factor can 
be derived by the calculus derivation 
of Eq (2 ) .  ’ 

Sketch above represents a disk 
clutch with n friction surfaces, pres- 
sure between plates being p psi. In- 
side and outside diameters of effective 
friction areas are D, and DO in., re- 
spectively. Since the magnitude of 
pressure on an element of area, dA, 
at distance x from center is pdA, the 

friction force is pdAp and the moment 
of this force around the center is 

Integrating within limits D,/2 and 
DO/2 and multiplying by 12 friction 
surfaces, the expression for total torque 
in in.-lb is obtained. 
Hence 

PdAP.  

T =g:2 p d A p x n  (3) 

but 

Substituting in Eq (3) 
d d  = 2?rxdx (4) 

or T = 0.262 p p n  (Dos - D?) ( 5 )  

If the total pressure acting on clutch 
disks be P lb, the expression for pres- 
sure per unit area is 

P 
= ( x j 4 )  (DO* - D1’) 

Substituting this value for p in 
Eq ( 5 )  

Do2 + Do DI + D? (6) 
Do + Di T = 0 , 3 3 3  P p n  

Now let 

Dl m so that, D1 = m DO (7) DO 
-=  

Substituting in Eq (6) 

(8) 

Similarly, by substituting value of 
Dl from Eq (7)  in Eq (2) ,  and hav- 
ing 

1 + m 2 + m  
l f m  T = 0 . 3 3 3  P p n D o  

DO + m Do 
4 n d  T =  P p  

Or 
T = 0.25 P p n d  Do ( 1  + m) 

0.25 Ppnd DO (1 4- m) = 

0 . 3 3 3  P p n  DO + m  

(9) 

Equating expressions (8) and (9) 

l + m * + m  

and solving for +, the result is 

1 -I- m2 + m 
(1 + m)* .$ = 1 . 3 3 3  X 

With various diameter ratios, the 
values for were computed and rep- 
resented in graph herewith. By using 
this graph and Eq ( 2 ) ,  accurate values 

I of torque can be easily determined. 
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Rubbing Seals for Oil Retention 
David C. Spaulding, JR. 

Rubbing seals cover all applications where a positive sliding contact exists between the seal 
and either the rotating or stationary member. They are limited as to type of operation and 
speed because of the friction between the contacting surfaces and they should not be used in 

One piece or 

]<IC. I-Rubbing seal for oil lubrication. Felt, cork, asbestos, 
natural or synthetic rubber or other materials can be used. The 
natural resiliency of felt provides a close contact between seal and 
shaft without the excessive pressures often encountered with other 
types. It also absorbs and retains oil providing for almost con- 
stant lubrication. For the retention of felt, design A is recom- 
incndcd, because the tapered sides insure close contact and the 
removable plate permits easy replacement. ( U )  and (C)  may also 
be used. Cork and asbestos should be retained as shown in ( U ) .  
Groove must IC straight sided and narrow enough to compress the 
material slightly to prevrnt it from turning. 

FIG. 2-14ronz:e or rast iron rings are frequently used to seal 
bearings. This type of seal is equally effective for reciprocating 
and rotary motion. Circumferential grooves arc cut in the shaft 
and tho rings are compressed and inserted. They hear on the 
housing emectively sealing in the lubricant. 

return 
sump 

Rotofing seal ring 
FIG. %-High pressure and high rotative 
bpeecls where leakage is critical use mechani- 
cal face type seals. The seal has low total 
friction, can withstand high misalignment 
and compensates for wear. Parts of the seal 
are: stationary seal ring, rotating seal ring, 
flexihle type joint, (diaphragm, bellows, or 
packing ring) spring, and retaining mem- 
bers. The stationary member can be an in- 
tegral part of the bearing when a cast 
bronze sleeve bearing is used. As illustrated, 
the rotating seal ring, packing spring and 
retaining member turn with the shaft and 
the spring keeps the seal ring in contact. 
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abrasive surroundings. Types that are held against the rotating member by spring pressure can 
be used where there is a pressure head of fluids within the assembly or on the exterior. For 
high pressure stuffing box and O-ring type seals are used. O-rings are also used for zero leakage. 

Bronze 
,bearing 
I 
\ 
\ 

Housing 

- Shaft 

I 
\ 
\ 

Housing 

haft 

-.L I- 
(- - - - -/Garter or stomped - -) 

Bronze bearing Housing 4austing stud 
,/and nul 

FIG. &Rubbing seals, of the type shown, (A), have wide- 
spread use in all types of equipment. The spring tension 
and sealing ring material may be varied so that a variety of 
applieations can be handled. Small units can be had where 
the 0. D. is the same as the 0. D. of the sleeve bearing, (B), 
thus eliminating the counterboring operation on the housing. 
The seal may be reversed and used to keep foreign matter 
out of the assembly. A drain hole may be provided to earry 
away surplus lubricant. Retention is by press fit on the 
outside diameter. 

FIG. 5-Rubbing seals of the stuffing box type (A) ,  are used 
where high pressure are encountered. It can be used for all 
types of motion and the packing material can be varied de- 
pending upon the fluid to be sealed and the application. For 
rotating motion some leakage is necessary so it cannot be used 
when permissible leakage is zero. O-rings can also be used 
for rotary motion if the speed is slow. Special designs use 
O-ring seals (B), when zero leakage is demanded for either 
stationary or reciprocating motion. 

This ring is made of natural rubber or synthetic rubber de- 
pending on the type of solution resistance required. Synthetic 
rubber, such as buna or neoprene, is resistant to aromatic 
hydrocarbons, while natural rubber resists the action of alco- 
hol and glycerine. 

0-rings ean be located either in the shaft or in the housing 
and any movement or pressure forces the ring to one side, 
thereby forming a tight seal. 

-I . .\ ,o-r'"P 
,', -.!$!--- I .  
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Non-Rubbing Seals for Oil Retention 
David C. Spaulding, JR. 

There are two general types of seals: rubbing and non-rubbing. Non-rubbing seals use oil 
or grease to lubricate mating surfaces and exclude foreign matter by forcing the lubricant 
out between the bearing surfaces. These seals are not limited by operation or speed since 

L ubricotion 
groove -----\. 

Fig.! 

Oil gathering Oil gathering 

Grooves-- 

Fig.2 

Fig. 1-Non-rubbing seal for grease lubrication. 
Grooves and housing are filled with grease at assembly 
or an automatic feed system can be incorporated. 
Seal offers protection against entrance of foreign 
matter because of the outward flow of grease through 
the labyrinth passages. Clearance between shaft and 
seal is about 1/64 inch. 

Fig. 2-Non-rubbing seal for oil lubrication. Grooves 
can be located in bearing, (A), or in housing, (B). 
Grooves are connected to an oil return passage leading 
to a sump in housing. This keeps oil loss to a mini- 
mum and maintains a constant supply to the bearing. 
Design does not prevent entrance of foreign material. 
Radical clearance between shaft and seal is 1/64 inch. 

Fig. 3-Seal for vertical hstallation. Circular groove 
picks up lubricant and feeds it to a spiral groove in 
bearing or shaft. Spiral feeds lubricant to top of 
bearing. Lubricant runs down between shaft and bear- 
ing. Design is effective when the shaft is rotating. 

Fig. &Similar to Fig. 3 but used for a horizontal in- 
stallation to reduce leakage of lubricant, Straight 
groove feeds oil to the bearing. Circular groove col- 
lects oil and the spiral groove, .located in shaft or 
bearing, returns it to other end of hearing. Design 
prevents loss of oil by leakage at outside end. 

Lubricant 

“-Shaft 

Bronze 

&I I ! ’  - - - :  I 
,111 . I I I 

O u i s i d L  
end of 
mechanism 

Circular grc 

.--Rotation 
counter 

clockwise 
looking ot 
this end 

Ei! F i g . 4  

groove 



Seals 8t Packings 6-5 

friction is negligible. They are, however, often more expensive than rubbing seals since 
the shaft, bearing, or housing must be grooved to distribute the lubricant. Distribution 
over the bearing area is, however, better. Lubricants may be forced-fed or gravity-fed. 

Fig. 5-Labyrinth seals offer good protection espe- 
cially at high speeds where the narrow zigzag passage 
is used in conjunction with centrifugal force. Oil and 
foreign matter are separated by slinger which limits 
oil flow past rotating member (A). Inner member 
(B) throws oil back to sump. Member (C )  throws 
out foreign matter. 

Fig. 6-Non-rubbing seal for oil lubrication. Shaft 
rotation throws lubricant into the inboard groove ( B )  
in the housing and is returned to the oil sump. First 
slinger ( D )  throws foreign material out of the assem- 
bly. Secnnd slinger (0) feeds foreign material out 
through groove (A) and hole at (C). Lubricant feeds 
between shaft and bearing to housing grooves. 

Fig. ?'-Reservoir type feed for grease lubrication. 
Grease is distributed in annular groove and feeds 
through holes in bearing to lubricate the shaft. 
Foreign matter can be excluded if clean grease is used. 
Grease will be lost through open bearing ends and 
assembly must be repacked periodically. 

Fig. 8-Reservoir type feed for oil lubrication. Two 
bearings are used forming an oil reservoir between 
them. If porous wall type bearings are used oil will 
saturate and feed through bearings to the shaft. 
Outward flow of oil prevents entry of foreign mate- 
rial. Reservoir must be periodically refilled with new 
oil. Bearings are a press fit in the housing. 
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How to Seal Air Ducts that Separate 
These slip joints reseal and realign ducting that is often taken apart. They also take care of 
expansion, vibration, and joint locations difficult to reach. 

James H. LaPointe 

&-!=I SPLIT RUBBER TUBING AND EDGE-ROUED ANGLE 

Bend ouf 

Lip con keep contra/ gasket 
ond prevenf confoct 
wi th  point, smoke, etc. 

Sea/ and guide 
' and protection 

(3 PLAIN RUBBER TUBING OR SOLID RlNC IN COMPRESSION 
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A 
four or more 
guide brockefs - 

I 

/ I 

[ - I FLAT RUBBER AND GUIDE BRACKETS FOR CENTERING 

7 ? CONFINED RUBBER STRIP 

f 
Heavy 
confocf 

Angle CUT on 
rubber owoy 

Voriofion from 2" 

sea/ edge w i l l  force 
from opening 

Seam //A Mefa/ tubinu 

Held 
Rive# or 
spof we/d 

To ma. 
u hole 

cLI/ METAL TUBING AS GUIDE 
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More Seals for Ducting - 
that Separates 
Six more seals for round ducts and others. Make sure the 
gasket material can withstand the ducted media. 

James H. LaPointe 

U U 

WEOGE-GUIDE SEAL n 
5 

2 
/ 

Hole reinforcemenf 
(doubler) 

ROUND-BAR GUIDE SEALS AND VARIATIONS 
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u 0 

NONCENTERING SEALS-FLAT RUBBER a 
A 

SLIP SLEEVES THAT 
SEAL WITHOUT GASKETS 

I 

A B 
METAL TUBING GUIDE AND VARIATIONS 
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Window Awning Unit Sealing 
Illustrated by Robert 0. Parmley 

n 

rn$'"L 
-LEFT JAMB- 

A 'A I 
L I 

- RIGHT JAMB- 

/ 

, . 
- SILL - - HORIZONTAL MULLION- 

Rubber Seal 



Seals & Packings 6-11 

Window Casement Unit Sealing 
Illustrated by Robert 0. Parmley 

- RlGHf . JAMB- 

A - STANDARD MULLION - 

I 

PICTURE MULLION FOR 1” 
INSULATION GLASS 
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How to Connect Tubing-Cross 
and Tee Joints 

T E E  J O I N T S  

Welded joint used for connecting tubes at any angle. 1 rn Perpendicular member is shaped to fit mating tube. 
Gusset plate makes a reinforced tubing connection. At- 2 m tachment can be made by means of a weld, rivets or bolts. 

Formed flanges simplifies tubing connection. Attachment 6 Threaded welding studs make a convenient connection. - Welding stud to a pad on tubing reinforces joint, 5. can be made by using threads or welding operation. 

C R O S S  J Q I N T S  

Expansion sleeve can be used to join tubes. Split-sleeve 1 is expanded in tubink holes by means of steel drive plug. 2 Curved tubing used as a cross joint; this can easily be 
connecttd by projection welding. 

Projection welding parallel tubes makes more rigid con- 3. struction. Air vent tubes can be attached in this way. 
Simple guide for other tubing or shafts can be made by 4. projection welding ring to tubing. 

Prepared by the Product Development Committee, Formed Steel Tube Insitiute, Cleveland, Ohio 



3 Bolted connection is used for racks and frames. Requires 
a threaded insert and notching the end of joining tube. 

I 
Section A-A 

Tubing 8t Pipe Connections 7-3 

Tubes of different sizes can be more rigidly connected by 4 .  inserting the smaller tube inside the larger one. 

"7 

A d  Section A-A 

Reinforced connection can be made by attaching pads to outside or inside surface. Flattened tubing simplifies the connection 7. for brazing or projection welding. Pads may be threaded either for pipe or screw fitting. 

Flattened tubing makes joint when tubes intersect in same 5. plane. Connection is welded, riveted or bolted together. 6 Welded connection can be made between tubes in contact. 
m Tubes may cross at any angle. 
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Different Mechanical Methods 
for Attaching Tubing 

ATTACHMENTS 

Fig. 1-Welded attachment of plates to 
tubing by spot or projection welding. 

Fig. 2-Self-tapping or drive screws can 
be used to attach devices to tubing. 

Fig. 3-Blind rivets, mechanical or explo- 
sive, can also be used for connection. 

Fig. 4-Bolts or rivets make a rigid con- 
nection of plates to tubing. 

Fig. 5-Clip device is a simple means for holding springs or hangars to tubing. Requires 
only single hole in tubing and metal prongs lock clip in position. 

Fig. &Fabrics are conveniently fastened to tubing using a metal dip. This clip is 
inserted into fold of fabric and snapped into hole in tube. 

Fig. 7-Wood attachment uses a threaded 
“T” nut. Prongs hold nut in position. 

Section A-A 

Fig. 8-Fabricated attachment consists of 
welded strip and riveted joint. 

Fig. 9-Threaded clip is held inside tubing by lug and insures a positive connecting 
device. Clip is used when tubing wall is too thin for screw attachment. 

This construction data has been prepared by the Product Development Committee, Formed Steel Tube Insitiute, Cleveland, Ohio 
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END FITTINGS 

Fig. 1&-End plug may be threaded or 
press-fitted on the OD or ID of tubing. 

Fig. 12-Detachable cap uses bayonet- 
type connection for convenient removal. 

Fig. 11-Ornamental cap may be used to 
give tubing finished appearance. 

A- N - 
Sec+ion A-A 

Fig. 14-Spring-steel nut is used for attaching objects to the ends of tubing. Nut 
requires two slots in the tubing and is held in position by screw. 

Fig. 13-Threaded insert, welded inside, 
facilitates the assembly of plates. 

Fig. 6-Rolled-end of tubing simplifies 
attachment of end fitting. 

Fig. 15-Arched-nut attachment requires no machining. Nut is first rammed into tube; 
tightening of screw forces barbs into metal for positive anchorage. 

Fig. 18-Formed plate facilitates attach- 
ment of tubing by welding or brazing. 

Fig. 19-Flange fitting for piping is made 
by welding flange to tubing. 

Fig. 17-Roil and press operation can be 
used to firmly hold tubing in plate. 



7-6 

Design Hints for Pipe Connections 
Robert 0. Parmley 

h DOUBLE DOORS 

TO 

\UNION 

LOOP PRESSURE PIPE AROUND I BEAM 

h 
BEND 

\ 

- ACCEPTABLE - -PREFERRED - 
FIND 'C~MULTIPLY'A" BY CONSTANT FOR ANGLE"B" 

METHODS OF BRANCHING FROM MAIN 
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Seven Creative Ideas for 
Flanged Rubber Bushings 
They're simple, inexpensive, and often overlooked. Check your design for 
places where rubber bushings may be a solution to a design problem. 

Robert 0. Parrnley 

5 onliged rubber bush 

1 Conduit liner 2 Shock absorber 

P 

Cylinder housing F/ong<d rubber bushljlg 

Collor mounf i f 3  

r-i 
Flanged rubber busfling 

Concrefe float- 

+--Anchar boif 

Spring support 5 seat 6 
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I , . .  ” ‘ : I  

: \  Ffonged 

rubber bushing 

3 Sea‘ expander 

Soleno id 
t 

rubber bushings 

Cushion and noise absorber 4 

Hard rubber Yetof 

Connecfion 

rubber bushings 

Nipple connection 7 
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Goin Creative 
with 9 langed Bushings 
These sintered bushings find a variety of iobs and are available 
in 88 sizes, from '/8 inch to 1 7 8  inch internal diameter. 

Robert 0. Parmley 

9 g h t  compression 

u Removable hinge pin 8 Leaf-spring eye-bearings 
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Slot 

n 

Post or location-pin holder 

Journolbushing/ %Seat plate 

n 

Press to 
release clevis 

Spring-loaded pins 

8 Handle or knob 

u Slider pin is self-lubricating 
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ddiusf spring fension -use long phnger 
fo  set bushing (press fit 

Checkvalve 

nch 
Holding fixture, complete with feet 

Cornerinq pia 

( Press fit in base only 1 

3 1 Bobbin U2 Shelf post 
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Calculate Stresses 
~ 

in Press-Fit Bushings 
Here is a family of formulas, each helpful for a typical application. 

E. H. Schuette 

KEY TO FORMULAS 

E = moduIus of el?,:sticity, p;i 
S = strejs, p;i 
e = interference, in. 
fi  = Poisson's ratio 

Subscripts: 
B = bushing 
M = metrix metal 
9 = sleeve 
1 = matrix-sleeve interfecc 
2 = sleeve-bushing interface 

Assumptions Behind Formulas 
Assumption for cases I and II is 

that the outer bushing-face must de- 
flect to a position coincident with the 
inner matrix-face. Since pressures on 
these two faces are equal (one react- 
ing against the other) it i s  possible to 
say that matrix deflection minus bush- 
ing deflection equals the amount of 
interference. In cases 111 and IV, con- 
ditions governing analysis are: 

1. A t  any position along the length, 
an unbalance may exist between in- 
ternal matrix-pressure and the ex- 
ternal bushing-pressure. 

2. The total of unbalanced forces 
up to the given position, over a unit 
circumferential width, is balanced by 
total shear force on unit circumfer- 
ential width of cross-section a t  that 
position. 

3. Slope of the defleciion curve at 
any position must be related, by rigid- 
ity modulus, to shear stress. 

W i t h  light nietals, press-fit bushings greatly increasz the strength 
of bearings and give only a small increase in weight. M a n y  light- 
metal alloys, however, are sensiti1.e to strcss corr-sion. Tensilc 
stresses produced by an interference fit should, thcreforc, be kept 
to a safe l e t d .  FIere, beginning on this pagc, arc forniulas that 
will help do this. 

The  formulas for cases I and I1 are extensions of the formulas for 
pressurized, thick-wall cylinders. 

In cases I11 and IV the derived formulas were too long to be of 
practical \ d u e .  T o  simplify them, therefore, 2 37 specific ex- 
amples were calculated on an electronic computer. All probable 
designs were covered. Formulas I11 and IV, using arbitrary increase 
of dia c, were developed as a result of the electronic computation, 
and give results that are 99% accurate. 

Matrix metal, bushing . . . 
have the form of a cylinder. This formula is  a n  extension of thpse for 
thick-walled cylinders with internal pressure. 
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Sleeve between matrix . . . 
and bushing complicates formulas. But though lengthy, 
the formulas involve only simple arithmetic calculations. 

Stepped matrix . . . 
causes stresses, pressures and deflections to vory over 
total length. Formula here derives value of Ac, which 
gives 99% accurate results when combined with formula 
for 1. 

Use formula for case I, substituting (c+Ac) for c 

Conical-matrix . . . 
formula gives Ac, which is  then also incorporated into 
formula for I, giving same degree of accuracy as 111. 

Use formula for case I, substituting (c+Ac) for c 
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TORQUE TRANSMITTED decreases at a rate of 
50% per set in mounts where hub is restrained by 
a shaft shoulder. 

SYMBOLS 
T. - Theoretical msx torque for n ring sets, in.-lb 
F A  -Axial force applied after rings are in contact with 

T -Radius of shaft, in. 
p - Coefficient of friction 
e -Friation angle (tan 0 = 1) 
CY - Ring angle (16' 40' used in example) 
n - Number of ring sets 
PI -Radial thrust of &st ring set, lb 
S, - Compressive stress, psi 
D - Shaft dimeter, in. 

hub and shaft, Ib 

approximately 0.16, the torque equation shows that the 
first ring set will transmit approximately 50% of the 
theoretical torque value obtainable with an infinitely large 
number of ring sets: 

4 BASIC HUB MOUNTS 

When more than one set of rings is used and the hub 
is restrained by a shoulder (as in diagram above), thrust 
force declines by 50% in each successive set when the 
nut is tightened. Only the first set is loaded by the full 
axial force. This reduction, which results when the rings 
grip the shaft and hub, makes it advisable to limit the num- 
ber of ring sets. Type 1, abovc right, is a more usual design. 

When  the hub is not restrained by a shoulder, as in 
Type 2, thrust force acts from both sides when the nut 
is tightened. Each set transmits 50% of the theoretical 
maximum torque. 

There are two other basic designs: Type 3, which has 
the same loading as Type 2 ,  but with no axial shift of the 
hub; and Type 4, with same loading as Type 1, but it 
has four ring sets instead of two. 

1 I -  

Type 1 
TYPE 1-Shaft shoulder restrains nut 
during tightening; ring set at end 
of spacer transmits only half as  much 
torque as set at right. 

Our nomograph, right, based on these 4 types, gives 
axial load necessary to produce a given torque. For ex- 
ample, a 1-in. shaft that must transmit 3 hp, or 630 1b.inT 
requires an axial force of approximately 3000 Ib in a 
Type 1 mounting. Types 2 and 3 would require 2400 Ib 
and Type 4, 1500 Ib. 

Radial thrust of the first outer ring against the hub is 
given by the cquation: 

FA--.-.-. 
tan (a + e) + tan e PI = 

For values of the ring angle and coefficient of friction 
given previously, this equation reduces to: 

Pi 1.56 F A  

This radial thrust can be used to determine the allow- 
able compressive stress: 

Sc = 0.477 P1/D2 

For hubs with an outside diameter double the shaft of 
contact pressures of 60% of ,the working stress is recom- 
mended. This working stress should then be divided in 
a suitable safety factor to give the allowable compression 
stress. For example, a safety factor of 2 gives 8500 psi 
for grade 30 cast iron and 17,000 psi for SAE 1020 steel 

SPLIT TAPERED 

'111~ othcr vcrsion of cxpandable bushing is one with 
tapered split rings. With this typc, the radial force is 
acting along the axis-remain constant. They do, how- 
ever, vary along the circumference, ranging from zero to 
the split to a maximum opposite the split. Because of 
the split the bushings are easy to expand and therefore 
can accommodate broad toleranccs in hole size. 

This type may be split in two, thrcc or four places to 
make easier radial expansion, as well as to facilitate as- 
sembly in applications where the end of the shaft is 
inaccessiblc. Splits can b e  staggercd. 
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Type 2 
TYPE 2-Has no shaft shoulder, so 

it is  free to move axially; thus load- 
ing is equal in both ring sets. 

I O  
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Type 3 
TYPE 3-Collet-type mounting; same 
loading as Type 2, but hub is re- 
strained during tightening. 

Type 4 
TYPE GCollet-type mounting; same 
loading as  Type 1, but with four ring 
sets. 

hP  MULTIPLY THIS VALUE BY d 
40 MOUNTING FACTOR 

TY Pe Foctor 
I 1.0 
2 .8 

25 

3 .8 
4 .5 

.----- 

N-Shaf t  speed, rpm hp- Horsepower 
T-Torque, lb- in .  d -  Shaft dio. 

FA -Axial force required in oddition 
to t h a t  ax ia l  force needed to 
move the r ings through clearances 
and into contacts with hub and shaft 

I M = 1000 

2 

I 

SECTION T O R Q U E  is translated to  axial force by this nomograph. 

0.50 

0.562 

0.625 

0.687 
0.7 5 
0.012 
0.875 
0.937 
1.0 

I .  I25 

1.25 

1.375 
1.5 
1.625 
1.75 

2.0 

2.>5 

2.5 

2.75 
3.0 
3.25 
3.5 

MATERIALS AND FINISHES 0 Sintered-bronze oil impregnated per MICB-5687a 
0 Stainless steel Type 303 passivated 
0 Carbon steel, B l l l3 ,  cadmium-plated per QQ-P-416, 

Type 11, Class C 
Nonnictals SOCII as nylon and tcfloii-tlicsc arc uscd 

iis static and dynamic seals in solid tapered hrishings; 

Expandable bushings can be made of various metal 
or nonmetal materials to suit particular requirements. Cur- 
rently, thcy are made with: 

Aluminum alIoy-2024-T6, anodizcd per MIL-A-S625 
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A 

r 

A 

Three applications for split tapered 
bushings: (A) structural joints, which 
are subject to vibrations. Here the 
bushings provide rigidity in loose-toler- 

B 

Three applications for solid tapered Iinsliings 
(A)  I n  flexible couplings they eliminate stiess 
concentrations and provide uniform grip;(B) 
In hoist brake they provide easy assembly in a 
compact design: ( C )  In  plug seal they give coli- 
tinuous radial-pressure sealing for higli-pres- 
sure steam-heating plate. 

B 

ance drilled holes. (B) Link and yoke 
joints which require relative move- 
ment and frequent removal. The bush- 
ings give minimum backlash by ad- 

r b e o r i n g  Segments mefol mode o f  

,- 

e 
L 

justing the nut for proper fit. (C)  
plain sleeve bearings can be periodi- 
cally adjusted for wear by means of 
screw take-up to maintain precise fit. 

stainless steel and carbon steel are also used for sealing 
solid tapered bushings where high tempcratures as well as 
pressures are involved. 
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Sleeve - Bearing 
- 

Alignment 
R. J. Sollohub 

EXCESSIVE friction losses and bearing 
failures can be prevented if the basic 
reasons for tight-running shafts are 
considered. In many instances, boring 
or reaming operations at assembly can 
be omitted without opening up bear- 
ing-to-shaft designed clearances. 

Three possibilities for shaft-bearing 
interference are shown in Fig. 1. The 
most important factor is bearing angu- 
larity, although this is the most usually 
omitted tolerance dimension: 

C = La (tan e + e / 2 D  + S/2) 

Where C = bearing clearance nec- 
essary only to prevent shaft and bear- 
ing interference. 

La = bearing length 
Tan e = hearing angularity as in 

Fig. 1 (D) 
c = Concentricity error, total indi- 

D = Distance between bearings 
S = Shaft runout, in./in 

cator reading 

Angle 0 is difficult to measure; it is 
usually expressed as runout in 0.001 
in. per unit diameter on the face of the 
bearing assembly, or W I D ,  where 
W = total indicator reading and D = 
the diameter swept by the indicator. 

EXAMPLE: 

Consider a shaft 10 in. between 
bearings. Total shaft runout is 0.003, 

or 0.0003 in. per inch of bearing 
length. Eccentricity of bores is 0.003 
in., and W, commonly called wobble, 
is equal to 0.003 in. on a 5-in. dia. 
Then: 

0.003 0.003 0.0003 
5.000 + 20 + 2 -  c = -  

= 0.0008 + 0.00015 + 0.0015 

= 0,0009 in. 
By eliminating all concentricity and 

shaft runout error, C would be re- 
duced by only 0.0003 in. If only bear- 
ing angularity were corrected, the 
clearance required would be reduced 
by 0.0006 inches. 

The greater the distance between 
bearings, the less effect concentricity 
error will have. Shaft runout is perti- 
nent only within the bearing length and 
is generally easy to maintain. Bearing 
angularity, however, is harmful re- 
gardless of distance between bearings. 

In Fig. 2 ,  concentricity is dependent 
on both endshield and motor frame. 
Bearing angularity is dependent on 
squareness of endshield faces and par- 
allelism of motor faces. Thus, the 
faces of the frame should be machined 
at the same time on an arbor, and 
alignment of the machine heads to 
maintain parallelism is more important 
than concentricity of bores. Endshield 
faces should be machined after the 
bearings have been inserted, by finish 

L b - 4  B Bent shaft 

C Eccentric Q bores 

E2222ia c E 5  
Bearina 

m 

Fig i 

boring the bearing or by a qualifying 
cut locating from the finished bore. 

Fig. 3 shows a typical gear train, 
where parallelism of the two endplates 
and assembly of the bushings are criti- 
cal. If the bushings are not machined 
true and assembled true, alignment 
will be almost impossible. The OD of 
the bushing should be turned with a 
step lead as illustrated, and the bush- 
ing should be pressed in square. 

Ordinary commercial arbors should 
not be used to qualify motor-frame 
rabbets or to turn the OD of bushings. 
These arbors generally have from 
0.001 to 0.0015 in. taper per inch. 
Step-type arbors ground in 0.0001 in. 
increments should be used. 

REFERENCE: 
Sleeve Bearing Alignment by R. J. 

Sollohub, General Electric Company, 
Fort Wayne, Ind. Published in American 
Machinist, December 17, 1956, p 151. 

Step lead 

Fig. 3 Fig. 2 

Reprinted with permission of Penton Media, Inc., 1100 Superior Ave., Cleveland, OH 44136 
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Gettina Better Performance 
form Iktrument Bearings 
Military and industrial labs have proved out the value of new surface films 
and novel designs in making ball bearings run smoother, quieter, and longer. 

Nicholas P. Chironis 

Lubi 

efinements in both design and R operating conditions for instru- 
ment ball bearings came to light 
during last months Bearing Con- 
ference sponsored by Dartmouth 
College. Out of proof-testing pro- 
grams at naval and industrial lab- 
oratories came such developments 
as these: 

Barrier films that set up an 
invisible dike at outer surfaces of 
bearings (drawing, left) to keep sil- 
icone lubricants from migrating. 

Conductive ball bearings that 
function as circuit components in 
electromechanical devices to trans- 
mit current between stationary and 
rotating members of an assembly. 

Treatment of bearing surfaces 
with TCP, the gasoline additive, for 
a mysteriously effective gain in bear- 
ing life and reduction in running 
torque. 

A new metallic coating process 
that bonds a highly lubricative film 
intimately with the metal to which 
it is applied. 

A square-hole retainer design 
that prevents adverse torque effects. 

Barrier films work. Silicone oils 
have manv virtues as lubricants for 

Invisible barrier film, such as a fluorinated methacrylate, prevents migration of 
lubricant, The Navy is adopting the technique for all instrument motors, units. Especially for their high- 

servo motors, synchros, and 
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temperature stability and excellent 
low-temperature viscometric prop- 
erties, they have become first choice 
in many applications. So the Navy 
was both surprised and dismayed 
when service and storage life of its 
synchros and servo motors proved 
to be only one-third to one-half of 
expectation. Some units removed 
from storage turned out to  be totally 
inoperable. 

Study revealed that bearings 
failed because the small supply of 
silicone lubricant crept away from 
their load-carrying area. Changing 
the type of lubricant was not the 
answer. A way had to be found to 
confine sufficient lubricant within 
the bearings. Shields and seals, often 
used with grease-lubricated ball 
bearings, are not effective with oils, 
and grease could not be used in 
most instances because of the low 
torque requirements of instrument 
applications. 

Finally the Navy Research Lab- 
oratories hit upon the idea of coat- 
ing the boundary surfaces of a bear- 
ing (drawing, page 45) with a film 
that has a critical surface tension of 
wetting below that of the surface to 
which it is applied and that of the 
liquid to be retained. 

The Navy tested several chemical 
compositions and found the fluor- 
inated methacrylates, manufactured 
under various trade names, to  be the 
bcst type. Use of such barrier films 
has remarkably extended the oper- 
ating life of the Navy’s instrument 
motors-from 300 hr. to nearly 
4000 hr.  The Navy is recommend- 
ing that the barrier-film technique be 
employed on all synchros and servo 
motors purchased by the armed 
services. It also sees a potential in 

extending the life expectancy of 
other components, including rod 
ends, gears, and pistons. 

Narrowing the choice. Miniature 
Precision Bearings, Inc., Keene, 
N.H., has tried out materials and 
techniques for applying barrier films 
on  a commercial level, including 
blotting, brushing, and spraying. It 
obtained the best results with the 
fluorinated methacrylate manufac- 
tured by F. W. Nye Co. under the 
trade name of NYEBAR Type C. 

One warning note: Barrier films 
must be applied under closely con- 
trolled conditions because they are 
readily soluble in commonly-used 
bearing cleaning solvents. 

Conductive ball bearings. A few 
simple changes in bearing design 
(drawings below) now make it pos- 
sible to transmit electric current be- 
tween the inner and outer rings of 
a bearing as it rotates. This could 
previously be done only by adding 
external slip rings. In the new de- 
sign, the slip rings are an integral 
part of the bearings. A plate of 
precious metal (gold or  rhodium) is 
added to the inner ring, and a con- 
tact wire connects the inner and 
outer rings. 

The  new bearings that serve as 
circuit components are being made 
by Miniature Precision Bearings 
under license from Federal Mogul 
Corp. A typical application is in 
the sensing roll that stops a tape 
recorder when the tape ends (draw- 
ing below, right). 

Across the end of the tape is a 
strip of conductive material that 
closes the circuit between ends of 
the roller. Current flows through the 
top lead, through the inner ring of 
the left ball bearing to the outer 

ring, across the conductive strip on 
the tape through the right ball 
bearing, and out through the lower 
lead to  a switch. 

The  conductive bearing can also 
be used in circuits to ground the 
rotating members of such tools a s  
hand drills and power saws. Tests 
by the manufacturer in the l - amp  
range show no  damage to the bear- 
ing by the application of electric 
currents, a negligible increase in 
bearing torque because of the addi- 
tion of the conducting wire, and no 
problem with electrical resistance 
traceable to  any lubricant tested. 

The mystery of TCP. Tricresyl- 
phosphate, better known as T C P  
the gasoline additive, improves the 
life of bearings and reduces their 
running torque when it is applied 
to ring and ball surfaces. But no- 
body knows exactly why. 

Is it the chemical itself that  im- 
proves the bearing surface, or  is it 
the presence of trace impurities? 
One  researcher has proposed that 
T C P  film degrades in the presence 
of water and oxygen to  form fine 
phosphoric acid. The  acid in turn 
forms iron phosphate that is effective 
in reducing sliding friction and run- 
ning torque. 

Whatever the explanation, T C P  
does work, and effectively too, ac- 
cording to research engineers at 
Miniature Precision Bearings. In 
tests with gyro motors, M P B  engi- 
neers applied T C P  to the balls 
alone, leaving the races uncoated, 
and reduced by 32% the power re- 
quired to  achieve and maintain syn- 
chronous speed. When they also ap- 
plied T C P  to the bearing rings, they 
reduced power consumption by 
another 8 % .  Life tests also showed 

Normal shield 
and snap ring Sprinq contact wire Tape roller 

I. T ~ ~ ~ ,  Insulated ring 

- 
Conductive bearings’ 

Conductive ball bearing sketched on left  can transmit  CUT- rollers (above, right), current flows through two conductive 
rent between inner and outer races without affecting the bearings and across the conductive end of the tape t o  
running torque. When th is  capabil ity is applied to tape stop the recorder automatically as the tape runs out. 
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a marked improvement when TCP 
was applied. 

Discovery of TCP’s strange capa- 
bilities is credited to MIT’s Instru- 
mentation Laboratory at Cambridge, 
Mass. The process of applying the 
chemical is simple, though not 
inexpensive. To produce a one- 
molecule layer of TCP, parts must 
be heat-soaked for a long time at 
225 F. For MPB’s tests, bearings 
made of AIS1 44OC were selected 
because they need only a 72-hr. 
soak, compared with 360 hr. for 
parts made of SAE 52100 steel. 

TCP works well with lubricating 
oils and can be used in team with 
barrier films to improve bearing 
performance. One word of caution, 
however, was given to the Bearing 
Conference by C. H. Hannan, 
MPB’s manager of research: Don’t 
expect TCP to noticeably reduce 
bearing torques at starting or slow 
speeds. Benefits seem to be asso- 
ciated with high-speed operation. 

Metallic coating. MPB has also 
acquired rights from Lubrication 
Sciences. Inc., Mountain View, 
Calif., for the Dicronite metallic 
coating process, in which a film 
of a metallic compound is bonded 
to a metal surface. MPB is rcluctant 
at this tinic to disclose the compo- 
sition of the film. 

However, the company says tests 
show the coating can lubricate better 
and stand up under higher pressure 
than any other solid lubricant-and 
more than twice the pressure that 
oil can take. 

The main purpose of a lubricant 
in a ball bearing is to prevent metal- 
to-metal contact; dissipation of heat 
is a secondary role. I f  a bearing is 
highly loaded or if there are im- 
purities on the surf!ces of the balls 
or races, the lubricking film breaks 
through, and wear begins. Oils can 
take pressures to around 125,000 
psi. With additives, this limit can 
be raised to about 160,000 psi. 
Solid lubricants can go still higher, 
depending on their composition, but 
they must be cured-heated or 
baked onto the bearing surface. 

MPB says Dicronite is unique in 
the solid-lubricant field in assuring 
that the molecules of the metallic 
coating are bonded directly to the 
metal substrate. This souping-up of 
the surface seems to increase life 

ot parts by three to seven times. 
The lubricating film has a lower 
coefficient of friction than that of 
graphite. It is highly resistant to 
wear and has withstood pressures 
to 300.000 psi, temperatures from 
-400 to 900 F in air, and tempera- 
tures to 2400 F in v- pcuum. 

The process is conducted under 
ambient conditions. The workpiece 
remains at room temperature, there- 
fore experiences no degrading effects 
when heat-treated parts are in- 
volved. Precision of parts can be 
maintained because thickness of the 
lubricating film can be specified be- 
tween 15 and 40 millionths of an 
inch, with a tolerance of 5 mil- 
lionths, plus or minus. Because of 
its simplicity, the process can be 
applied to parts after they have been 
assembled. 

MPB is already looking into the 
possibility of using Dicronite on its 
customers’ gear teeth, connecting 
rods, cam shafts, metering pumps, 
and speed reduction units. The 
process has also been tested suc- 
cessfully by NASA in space appli- 
cations. 

Square-hole retainers. Thin-sec- 
tion instrument bearings were orig- 
inally developed for slow-speed 
uses. but an increasing number of 
applications call for high speeds, 
such as microwave antennas. opti- 
cal trackers. scanners, and stabiliz- 
ing devices. This rise in operating 
speed creates problems. 

At higher speeds. ball retainers 
tend to whirl and squeal as they 
loop around the piloting race a t  a 
substantially higher frequency than 
that of their own rotation. 

The piloting race is the one that 
makes radial contact with the re- 
tainer. Depending on the design. it 
may bc the inner race or the outer 
one. In either case, the existence of 
the whirl phenomenon often causes 
severe damage through random or 
continuous torque surges. 

Tests by Split Ballbearing Div., 
Lebanon. N.H., indicate that sta- 
bility of retainers is improved by 
designing square instead of round 
pockets in them. As C. A. Griffiths, 
manager of the company’s product 
enpincerins department, told the 
Bearing Conference: 

Whirl can be reduced or elim- 
inated by cutting down the contact 

Square-pocket retainer on left cuts 
down internal vibration in thin-section 
instrument bearings. It may soon re- 
place the type with round holes. 

area between the balls and the re- 
tainer. The uni t  pressure increases, 
so this approach works best when 
the retainer itself is made of a good 
bearing material, such as phenolic 
or bronze. 

In rcducing the contact area, 
the pocket clcarance must not be 
increased, else axial vibration and 
other excursions will bc induced, 
particularly when heavier machined 
metallic retainers are used. 

*Tight pockets or other design 
features that restrict the balls are 
more prone to rctainer whirl and 
should be avoided. 

Square-pocket retainers reduce 
the contact area to n minimum yet 
inhibit excursions in any direction 
(within the standard clearances 
built into the pockets). In square- 
hole retainers, no  retainer whirl or 
adverse torque effect was noted in 
any test so far. 

GrifKths also notes that the whirl 
or squeal frequency is semi-inde- 
pendent of rotation speed. Once a 
severe whirl mode has been estab- 
lished, the power can be shut off 
and whirl will continue at the same 
frequency durinp most of the coast- 
down to a stop. 

Whirl seemed to occur most often 
at one or two full harm,onic frequen- 
cies. but Grifiths was unable to 
find a predictable relationship. 
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and Why? 
Arnold 0. DeHart 

T h e  machine designer is facccl by a formidable and 
secmingly endlcss array of bearing types from which to 
make a selection that he  hopes will do the job in a finished 
machine. Most of the time, the selection is made the easy 
way-by choosing from the particular catalogs which 
happcn to be handy in his files. Following this course, 
he may or may not make the best choice; in anv rational 
design all factors should be weighed before the final 
selection is made. Rather than competing, each bearing 
lids its 011 n particular advantages and disadvantages and 
the sclection will oftcn be a compromise. 

I n  order to help thc dcsigncr in this dilcmma, a sur) e! 

A Deep [ groove 

D Double row, 
angular contact 

fil l ing 

B Deep [ groove 

with filling slot 

E Self alignirig 

slat 

c Angular 
contdct 

F Thrust 

1. BALL BEARINGS with s tandard deep groove ( A )  a re  most  ver- 
satile. Extra  balls ( n )  increase radial load capaci ty  at esiiense ol 
high-speed performance and thrust-load capaci ty .  Good thrust-  and 
raclial-load performance is Eiven by angular  contact  design ( C ) .  
Most hifh-si,eed and precision spindles use axially preloaded pairs 
of these bearings, bu t  t he  double-row type ( D )  is simr)ler to  use- 
preload is built-in a t  factory. Self-aligning design (E) tolerates 
much misalignment of housing and shaf t  but  load cai)acity is 
reduced clue to  the  high con tac t  s t resses  tha t  result from the  large 
difference in curvature  between the  balls and the outer  race. The 
thrust  ksll bearing. (F), is adaptable  to large th rus t  loads tha t  
have almost  no radial component. Very large sizes of this  bearing 
I r e  used in gun turrets  and  large ea r th  moving machinery. 

of the pertinent selection factors is given in Table 1 .  
This tablc should help to determine “which” bearing. 
An examination of the construction and some of the 
operation features of the bearings should determine the 
“why”. 

ROLLING-CONTACT BEARINGS 

The  term “rolling contact” or “rolling clcment” is 
more descriptive than the popular term “antifriction” 
bearing. True, the starting friction of rolling-contact bear- 
ings may be considerably less than the usual hydrodynaniic- 

A 1 Cylindrical 

E 
D Sphericol- 

thrust 

B Cylindrical- 
one directional 

E Tapered 

location self oligning 

F &e& 

2. ROLLER BEARINGS c a n  suppor t  greater  loads than ball bear- 
ings b u t  a r e  not  as versatile a s  the ball bearing. Cylindrical hear- 
ing (A)  takes  only radial load and permits some axial  motion of 
shaft. Shoulders ( B )  let bearing withstand light axial loading. 
Sperical bearing (6 )  is self-aligning without loss of load capaci ty .  
I t  i s  best for  low-speed use. Barrel-shaped roller in th rus t  bear ing 
(D) t akes  large loads with reasonable mis-alipnrnent b u t  available 
sixes a re  large. Tapered type  (E), usually mounted in pairs, i s  
available in a f u l l  range of sizes. Needle bearing (F) t akes  less 
space than  a s tandard roller bearing, and where necessary. t h e  
needles can  be run directly between a hardened sha f t  and housing. 
Skewing may be a nroblem a t  hiah speeds, when a sepa ra to r  is 
used with some loss of load capaci ty .  
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4. EXPERIMENTAL FRICTION-TORQUE CURVES for  a hall bear- 
ing. These curves differ great ly  from those given by the  usual  
formulas. It was observed t h a t  changing the  bearing geometry, 
method of lubrication, or  separator  design can  affect  the fr ic t ion 
markedly. The abrupt  drop in torque a s  the  speed increases is 
iirobably caused by the  building up  of a hydrodynamic lubricant  
1 . h  between the  rolling elements and the races. 

type bearing; but running friction of thcse two types is 
often comparable-the relative \dues  being dependent 
upon tlie design and application. And, of course, estcr- 
iially pressurized bearings can be made such that tlie fric- 
tion approaches zero as the relative velocity approaches 
zero. Rolling-contact bearings certainly rcduce friction, 
bu t  they merit the terni “antifriction” no iiiorc than inany 
other types. Two inain types of rolling-contact bearing, 
ball and rolIer, are discussed in Figs. 1 and 2. 

Bearing Life 
T h e  life of rolling-contact bearings is usually limited by 

fatigue. The  actual load-carrying area of the rolling 
elements is sinall so that the unit pressures are high. For 
example, the contact area between a $-in.& ball and a 
flat plate may be calculated to be only about 0.00015 sq 
in. whcn the force pushing them together is 22  lb. Under 
these conditions, the maximum calculated compressive 
stress is 200,000 psi. 

W h a t  death and taxes are to man, fatigue is to rolling- 

SYMBOLS 
A = area, sq in. 

A E  = effective area, sq in. 
b = width of flow path, in. 
c = radial clearance, in. 
e = eccentricity, in. 

F = friction force, Ib 
1s = coefficient of sliding friction 
h = film thickness, in. 
L = length, in direction of flow, in. 

p o  = supply pressure, psi 
p = pressure, psi 
1‘ = velocity, in. per sec 

W = force, Ib 
c = eccentricity ratio 
p = coeffiFient of absolute viscosity, lb-sec/ 

sq in. 

contact bearings, If a large group of bearings are run 
until failure and the distribution function of their lives 
plotted, the curve looks somewhat like Fig. 3.  W h e n  a 
bearing is installed in a machine, no one knows where 
on the curve it lies-the possibility of an early failure is 
most disturbing. Bearing manufacturers are greatly COR- 

cerned about early failures and have done considerable 
work to reduce them. 

Rolling-contact-bearing load ratings are determined 
statistically with actual fatigue tests of a large iiuiiibcr 
of bearings. Some bearing inanufacturers give average 
bearing life, which is known as “B-50” life, while others 
use a figure called “B-10” life. The  B-10 life rating is 
the life that 90 per cent of thc bearings can be expected 
to exceed a t  the indicated load. The  loads for bearing- 
life expectancy are listed by the manufacturers. They also 
give formulas for the calculation of life expectancies at  
load and speeds other than those which are listed. The  
manufacturers give much valuable information in their 
catalogs on proper bearing application and installation. A 
customer should read and follow the information pub- 
lished there. One manufacturer found that over 95% 
of all ball-bearing troubles were the result of defective 
mounting, improper operating conditions, and similar 
causes that could be detected by visual inspection of the 
bearing. T h e  manufacturers’ recommendations should 
not be taken lightly; they spend much time, money, and 
cffort in accumulating the experience 011 which the catalog 
information is based. 

There is one subject, however, on which little informa- 
tion is available-bearing friction. Don’t overlook the 
data in Fig. 4. 

Advantages of rolling-contact bearings are that they: 
Maintain accuracy. 
Are relatively insensitive to oil-flow interruption. 
Are insensitive to momentary overloads. 
Have low friction torque under moderate load. 
Can be used without external oil system. 

Are large. 
Have low tolerance to dirt and abuse. 

Disadvantages are that they: 
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5. LUBRICATED AND WONLUBRICATED SLIDING. 

l - I a \ ~  high noise and vibration le\.els. 
Nave unpredictalAe life (of a single bearing). 
Have low tolcrance to largc dynamic loads. 
Arc expensive. 

Relative ratings based upon spccific perforiiiance requirc- 
mcnts are given in Table 1. This table will help the 
dcsigner in selecting "which" bearing. Obviously, the 
large number of special t y e  bearings precludes rating 
none but the more standard types, and it must be remem- 
bered that for a special application t h e  inav be bearings 
of spccific design that circunwents the disadvantages of 
the standard designs. 

FLUID-FILM BEARINGS 

ITluid-film bearings-kiiown variously as  pllain hcarings, 
joiiriial bearings, sleeve hearings, sliding bearings, etc.- 
arc thc most used and lcast uiiderstood of the bearing 
tppcs. Viscous fluid friction is substituted for the rolling 
friction of thc rolling-contact bearings or the sliding 
friction of non-lubricated bearings, Fig. 5 .  With a fullji 
de\tlopcd fluid film there is no contact between the parts 
that have relativc motion; it follows that thcrc can be no 
wear or sliding damage to the surfaces. With a Newtonian 
fluicl, the friction force is given by 

P = /A ( A  V/h)  
Wit11 dry friction, the force is a function of only thc 
applicd load and the coefficient of sliding friction 

F = J.W 
d t i c a l  examination of thcsc formulas shoLvs that, con- 
trary to popular conccption, fluid-film friction can be 
highcr, eqnal to, or less than dry sliding friction. 

'The load-carrying capacit!. of a hydrod!;naiiiic hearing 
is the integral over the effective bearing arca of the fluid 
pressure acting to support the applicd load. This pressurc 
that acts to s ~ p p o r t  the load can bc gcncrated within the 
bearing or can be supplied externally. 

/-7 

Self-pressurized Bearings 

TVhen the bearing gcnerates its own load-carrying pres- 
wrc, the methods of generation can be clividcil roughly 

A FUII 

c Axio i  slotted 

E 3 ' lobe 

B Portia1 

D Ell ' ipt icol 

F Pivot'ed shoe 

6.  FULL JOURNAL BEARING, ( A )  often with an oil groove, is  by 
f a r  t he  most universally used bearing-today a s  much a s  in the 
day of the Roman chariots. Very high loads can be tolerated, and  
the bearing operates over a wide range of radial loads and  speeds. 
When the load is nearly unidirectional and t h e  speed is  not high, 
the partial journal bearing (B) can be used. Both the full and  the 
partial journal bearing a re  unstable a t  high speeds and  light loads. 
Several designs have improved stability. In the  order of increasing 
stability the  bearings a r e  axial slotted (C), elliptical ( D ) ,  three- 
lobe ( E ) ,  and pivoted-shoe bearing ( F ) .  

7. JOURNAL-BEARING OPERATION. -- 
lzzzmzi l?zhzza  

P a r a l l e l  p la te  Step 

!3&mzBB 
Tapered land Till shoe 

8. TYPICAL THRUST-BEARING CONFIGURATIONS. 
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9. ECCENTRICITY RATIO of journa l  bearing with sinusoidal load- 
i n g  and no rotation. 

as follows into two general classes: Geometry induced, load 
induced. 
Geometry Induced. The  most com.monly used hydro- 

dynamic bearing is the type in which fluid-film pressure 
is induced by the effect of geometry. In the journal bear- 
ing, the rotating shaft is slightly smaller than the bearings 
and the load causes it to move off center. This niove- 
ment causes a converging section to be formed; which, 
owing to the viscous drag of the lubricant, induces a high- 
pressure region that supports the load. Journal bearings 
are generally not “off-the-shelf” items, so there is -a wide 
variety of shapes and designs (probably as many as there 
are people R ~ O  have designed bearings). A few of the 
many possible journal-bearing configurations are shown 
in .Fig. 6. 

The  operation of a simple cylindrical journal bearing 
is shown in Fig. 7. When the bearing is a t  rest, the 
applied load cmscs the journal to rest on the bearing sur- 
face. When  rotation of the journal starts, it first rolls 
on and then slides against the bearing with only boundary 
lubrication. Some bearings operate in this manner in 
service but they require spccial additives that form tena- 
cious surface films and prevent cxcessive wear and damage. 
If possible, such operation is to be avoided. As the journal 
is driven faster, enough oil may be forced into the converg- 
ing wedge formed by the clearance of the bearing to lift 
the journal from the bearing surface. Normal hydro- 
dynamic operation with unidirectional loading now occurs. 

Obviously, one of the most critical operating conditions 
is encountered during start. This is when the bearing 
wears and scores. Not only must the bearing matcrial 
be selected to prevent scoring and galling, but attention 
must also be given to its fatigue resistance, corrosion resist- 
ance, and embedability. The selection of a bearing material 
is often a compromise. 

In any complete bearing design, a hcat balance must 
be made to determine whether the temperature risc is 
excessive. Practically any fluid may be (and probably h a s  
been) used for lubrication. The  major requirement in a 
hydrodynamic bearing is that the fluid have sufficient 
viscosity to support the load. Gases, of course, have some 
viscosity. 

At the  moment, there is a great deal of intercst in gas- 
lubricated bcarings. l’hcir main advantages are that the 

recess 

recesses 
L -._.______ __J 

View in direction I 

10. EXTERNALLY PRESSURIZED LOAD-LIFT BEARINGS. 

lubricant systems can be simpler and the high tenipera- 
tures d o  not harm the lubricant. Owing to the lower 
viscosity, gas load-carrying capacity is less and clearances 
are smaller than for liquid lubricants-surface finish and 
geometry must be very good in order to have reasonable 
operation. 

This also applies to the more conventional liquid- 
lubricated bearings. Equally important is the journal 
geometry. Quite often journals are found that are not as 
round as desired. Actual bearing tests have shown that, 
in highly loaded journal bearings, a repetitive out-of- 
roundness of only 50 microin. will increase the wear rate 
by a factor of 10. 

The converging geometry that is so helpful in generating 
the load-carrying pressure in journal bearings is more 
difficult to obtain for thrust bearings. A great variety of 
differcnt thrust-bearing geometries is used to produce the 
load-carrying fluid film. Fig. 8 shows some typical con- 
figurations which are commonly used to produce hydro- 
dynamic load-carrying films. I t  shoidd be noted that 
parallel thrust washers have no hydrodynamic load-carry- 
ing capacity and thcy rely on boundary lubrication or 
“thermal wedges” to support loads. 

Load Induced. Bearings in this class have load-carrying 
capacity by virtue of the manner in which the load is 
applicd. “Load-induced” load-capacity can persist only 
if there is a reversal of the load direction during the load- 
ing cycle. ‘The load-carrying capacity arises because a 
finitc amount of time is rcquired to squeeze the fluid from 
bctween the two closely fitted surfaces. The fluid can be 
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sqiteezed out rapidly when the clearance is large, but 
as the journal approaches the bearing, the thinner clear- 
ance space retards the escaping of the fluid and the film 
is stiffer. Relative motion of a bearing and journal is 
shown in Fig. 9. Obviously, with good geometrv and sur- 
face finish, the load-carrying capacity becomes very high- 
much higher than €or comparable unidirectionallv loaded 
bearings. 

While “load-induced” or d!mamicallv loaded bearings 
can support extremely high loads, the bearing material 
is cxposed to cyclic loading which mav leacl to fatique 
failure. Materials then must be selected which have suf- 
ficient fatigue strength. 

Externally Pressurized Bearings 

The load-carrying ability of externally pressurjzed bcar- 
ings is not dependent upon either the character of the 
load or the geometry of the bearing; but rather on an 
external source of fluid under pressure. This tvpe of 
bearing has been liniitcd to highly specialized applications 
but is now finding its way into everyday usage. Indeed, 
the next grcat advance in precision tools may be made 
with external~ly pressurized bcarings. These bearings may 
take many forms and their application is limited only bv 
imagination. 

Their operation can be demonstrated by examination of 
two common types. A simple type of load lift is shown 
schematically in Fig. 10A. Assume that the movable 
plates cannot be tilted but can be displaced vertically. 
T h e  product of the recess pressure p, and the effcctive 
area A,, which is dependcnt upon the pressure distribution 
over the entire pad, must be equal to the applied load if 
the system is to bc in static balance. A restriction in the 
supply line provides a pressure drop which is a function 
of the flow rate and permits the recess pressure to be lower 
than the supply pressure. When  there is a pressure drop 
across the restrictor, there must be a flow from the bearing 
and the loaded member is lifted .from the bearing-the 
amount of lift being proportional to the cube root of 
the flow ratc. T h e  motion of the loaded member is con- 
trolled by two restrictors in series; the first being the 
restrictor in the line and the second being formed between 
the loaded member and the lands of the bearing. The 
flow from thc recess may be calculated as flow between 
parallel plates: 

Wi th  a fixed supply pressure p, the bearing performs 
like a spring; as the load is applied, the clearance h is 
reduced to carry the increased load. The bearing is able 
to carry the greater load because the smaller clearance 
reduces the flow through the restrictor-the lower the flow 
through the restrictor, the higher becomes the recess 
prcssure. l’his action will contiiiue with further increase 
in load until the member actuallv contacts tlie bearing 
lands ancl seals off the flow. The recess pressure then 
becomes equal to the supply pressure and the limit of 
load-carrying capacity is reachcd. 

An arrangement often used for journal bearings is shown 
in Fig. 10B. Here, the pxessure pads are uscd on opposite 
sides of the shaft and the resistance to radial motion of 
tlie shaft with load may be made large. In  one applica- 

Q = ( b h 3 ~ , ) / ( 1 2 ~ ~ )  

tion, a system was designed in which 20,lb of radial force 
must be exerted to move a 2-in.-dia shaft 1 microin. 

Small tubes or orifices are normally used to provide the 
hydraulic restriction. These restrictors are selected to 
provide a particular pressure drop a t  the flow required 
by the bearing. Wi th  the low flow rates encountercd in 
close-clearance bearings, the restrictors become physically 
so small that plugging with dirt becomes a serious prob- 
lem. For example, systems have been designed which use 
0.004-in.-I~D capillary tubing. There are, however, bear- 
ing-restrictor systems which minimize the dirt-clogging 
problem. Most of these function as the variable-dam 
restrictor shown in Fig. 1OC. Here the flow restrictor 
is between the bearing and journal surfaces-opposite the 
pad which is being controlled. Another advantage is that 
thc final restrictor design is not dependent upon the 
diaineteral clearance in the bearing. Wi th  conventional 
capillary or orifice-type restrictors, the calculations must 
include the design clearance and (for critical application) 
restrictors can be calculated only after the parts have beer: 
manufactured and measured. 

Advantages that should make pressurized bearings appeal 
to machine designers are: 

Clearance is maintained regardless of speed. Since clear- 
ance is always maintained while the bearings are in opera 
tion, they do not wear out and bearing material selectior 
ceases to be a problem. Furthermore, the running center 
of a workpiece is maintained when the part is stopped for 
gaging. 

At zero velocity there is a zero friction. This relation- 
ship makes externallv pressurized bearings uniquely suited 
for use in measuring systeins and dvnamometers. T h e  na- 
ture of the viscous friction of externally pressurized bear- 
ings prevents “stick-slip” motion often encountered witli 
machine ways. 

The recessed areas reduce friction at  high speeds. The 
friction varies directly with the spced, but since most of 
the friction occurs in the land area this torque is reduced 
as the land area is reduced. 

Highly stable and vibration free. l’hese features are re- 
flected directly in the quality of the parts made on the 
machine tool. 

They are easily designed. Thc performance characteris- 
tics can be  readily determined from relatively simple pub- 
lished relationships. Many design variables give designers 
great freedom in gaining the performance charactcristics 
which the!i desire. 

The main disadvantage of externally pressurized bear- 
ing arises from the fact that an external supply of high- 
pressure fluid along with the usual pumps, filters, pres 
sure regulators, and sumps must be furnished. These are 
not commercially manufactured items so they must be 
designed to fit the particular installation. 

REFERENCE: 
Which Bearing and W h y ?  by Arnold 0. DeHart, Senior Researcl 
Engineer, Research Laboratories, General Motors Corporation, 
Warren, Mich. Paper presented at the 1959 Design Engineering 
Conference, Philadelphia, Pa. Paper No. 59-MD-12. 
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Formula Found for Predicting the 
Reliable Like of Bearing 

Designers and managing engineers 
who must make decisions quickly 
can now confidently predict the use- 
fu l  life of ball and rollcr bearings 
and certain electronic components, 
such as transistors. 

Rolling bearings fail in service 
according to the Weibull distribu- 
tion. The rated life is taken to be 
the life that 90% of the bearings 
will exceed-the L,,, rating. Up to 
now, though, engineers have not 
been able to predict this rating with 
any confidence until they had a rcc- 
ord of failures in a test sample of 
30 or more bcaring. 

John I. McCool, an engineer at 
SKF Industries Research Labora- 
tory. now shows that the L,,, life in 
the Weibull distribution can be ac- 
curately projected once three bear- 
ings in a batch of 30 have failed. 
Engineers have noted this third fail- 
ure, or x:{, but only as a preliminary 
indication, not as the basis for firm 
conclusions. Nobody knew statis- 
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tically how close x:% was to Llo. 
Useful findings. McCool's proce- 

dure makes it  possible to set eonfi- 
dence limits on Llll life. It can 
also quickly indicate significant dif- 
ferenccs in the L,,, lives of two 
groups of bearings. To study the 
effect of a design change the de- 
signer can order tcsts of two groups 
of, say bearings, one with the old 
spccifications and one with the new. 
Each group may contain 30 bear- 
ings, but after the third failure the 
designer can recognize a trend. 

The Weibull distribution. For a 
large number of items (such as bear- 
ing and transistors) and failurc 
modes, the fraction F(x) that fails 
with a life less than x can be ex- 
pressed by F(x) = 1 - e'-'/"'" 
(Eq. I ) .  where 71 = scale parameter 
or characteristic life. And p = shape 
parameter or Wcibull slope. 

Thew two parameters are gcner- 
ally unknown but are presumed to 
be constant for a particular set of 

service conditions. Normally these 
values can be estimated from endur- 
ance test results. The 90% reliable 
life L,,, is found in terms of '1 and 
p by letting x = LI0  and F (x) = 
0.10 in eq 1. This gives, Llo = 7. 
/ \ 118 

Using x:: t o  estimate LI , )  mcans 
dispensing with tinding '1 and p. On 
the average, x.+ will slightly under- 
estimate L,, ,  by an amount that de- 
pends somewhat on /j. Table 1 shows 
the factors by which x:{ should be 
multiplied to give an unbiased cs- 
timate of L,,,. 

These factors show that it  is not 
important to know /3 precisely to 
estimate L,,,. 

I t  is shown below, however, that 
p needs to be known to get confi- 
dence limits for L,,, .  A good stand- 
ard range to use p for rolling bear- 
ings is 1.0 to 1.9. 

Confidence limits. However, be- 
fore the engineer uses any statistical 
estimator. he has to know how often 
he will bc right in his calculations. 
Table I I  shows factors for setting 
confidencc limits on L,,, life 
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Discriminating ability of test for a specified L,,> value, 10% 
significance level. i s  shown in t h e  graph above. 

For equality of t w o  L1,, ~ a l u e s - 1 0 ~ ~  slgnificance level-in 
comparative testing, the curves appear like th i s .  
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Rotary-Linear Bearings 
Rotary-linear bearing can take a beating from heat and 
shock. New designs finds first use in steel converter, where 
heat cause expansion and shaft and jarring blows are 
applied. 

A novel two-directional bearing 
designed especially for steelmaking 
equipment may find other uses 
where the loads are hot and heavy. 
In this design, a linear inclined bear- 
ing causes the bearing housing to 
roll over the roller bearings (sketch 
below, right) instead of sliding as in 
conventional designs. 

Because of its demonstrated relia- 
bility, this assembly of pillow block 
and bearing is already being used in 
steel mills throughout the country. 
I t  was designed by Carl L. Dellinger, 
an engineer with Norma-Hoffmann 
Bearings Corp., Stamford, Conn., to 
overcome problems of friction along 
with thermal expansion. 

Hot, heavy load. The prime use of 
the new design is in the trunnion that 
supports a steel converter. When 
250 tons of molten metal at 3200 F 
are poured into a converter during 

the making of steel, the trunnion 
bearings are subjected to severe 
punishment by the very hot, very 
heavy load. The shaft that supports 
the converter heats up and ex- 
pands, causing the bearings to slide 
inside their housings. 

The wear caused by this action 
is bad enough. I t  means additional 
power is needed to overcome fric- 
tion when the shaft is rotated during 
oxygen lancing operations. Worse 
yet, however, is the fact that when 
the sliding surfaces start to gall, the 
bearing will seize. 

One-sided. Only one of the pair of 
horizontal shafts supporting the con- 
verter is equipped with the new 
bearing assembly This shaft and 
bearing take up the expansion. The 
other shaft is supported by a con- 
ventional trunnion bearing. 

Both bearings are packed with a 

Spherical and linear motion bearings are contained in a sealed housing. 
The linear bearings are inclined for stability under torsional loading. 

lithium-based grease that contains 
molydisulfide and special extreme- 
pressure additives to operate in the 
200  F temperature inside the bear- 
ing. The grease is held in the 
housing by a Buna N seal that keeps 
out contaminants. 

Heat and shock. As the shafts ex- 
pand, the spherical roller bearing at  
the end of one shaft rolls over the 
enclosed and inclined linear-motion 
bearings. These linear bearings ere  
tilted 20 deg. from the axis of the 
shaft center line. Dellinger found 
that if the lines normal to the roller 
axis are allowed to intersect above 
the shaft center line, the housing 
can withstand greater torsional 
loads. 

In the converter, severe torsional 
loads are  produced during de-scull- 
ing operations (knocking out the 
cooled metal that adheres to the in- 
side of the vessel after steel has 
been poured out). To  remove this 
encrustation, the converter is rotated 
until it hits the base plate with the 
jarring impact of a truck hitting a 
brick wall. This shock load dis- 
lodges the steel, but it punishes the 
support bearings. 

According to Riza E. Murteza, 

Rc i r  
Iuci: a,; 

Linear roller bearings take up thermal expan- 
sion of shaft and housing, t o  eliminate sliding. 
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Various Methods of Locking 
Threaded Members 
Locking devises can generally be classified as either form or iam locking. Form locking units 
utilize mechanical interference or parts whereas the iam type depends on friction developed 
between the threaded elements. Thus their performance is a function of the torque required 
to tighten them. Both types are illustrated below. 

Unlocked Locked 
Disk Type Spring 

Sprii i g  Clip 

Double Formed Elements Sheet Metol Nut 

Ratchet Type Nut 

Formed Elements 
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Wedge Action 

Cemerrt or Solder 

Cotters and Safety Wire 

Split Nub 

Spring Lock Washers Jam Nuts Fiber Inserts 

Tapered Wosher 
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locking-Type Indexing Fingers 
These fingers are required in jigs and fixtures, dividing heads, chucks and dial-feed 
tables to hold parts securely but temporarily in precise relationship. 

Federico Strasser 

In any indexing device, there are 
at least three basic parts: a plung- 
er (key, gage, male or movable 
par t ) ,  a bushing (female or sta- 
tionary hole) and a guide for the 
male part. In the majority of cases, 
there is also a spring and some- 
times also a housing (body). 

The actual design of an index- 
ing device varies enormously from 
one application to the next, and 
is influenced by several factors- 
accuracy, production rate and 
function. 

Classification 

The basic form of the indexing 
gage depends primarily upon the 
kind of immobilization required. 
Thus, there are three main groups: 

1. Locking. The indexing finger 
must be made inactive positively 
when the movable member must 
pass to the next position 

2. Automatic bi-directional. The in- 
dex finger is retracted (lifted) by 
itself when a certain pre-estab- 
lished load is applied 

3. Automatic uni-directional. The 
same arrangement as in (2)  but 
with the limitation that the mech- 
anism-component may be moved 
only in one direction (it is locked 
in the opposite direction) 

The shape of the indexing finger 
may be (in increasing order of 
accuracy) : 

1. Steel balls 
2. Cylindrical plungers with: 

semi-spherical point 
90° degree taper point 
cylindrical point 
tapered point (about 10- 

For flat indexing gages, either 
parallel or tapered points are used, 
with the tapered design preferred. 

200) 

Removable indexing keys 

Indexing fingers are usually 
made from case-hardened steel, 
and the aligning surfaces must be 
ground after heat-treatment. 

Design principles for numerous 
indexing devices are given. 

Removable indexing keys 
These keys offer the advantage 

of low tooling costs but are slow 
in use. First, they must be inserted 
manually before the machining 
operation. After the operation is 
completed, the keys must be with- 
drawn, the work moved to the next 
station and keys re-inserted. 

The simplest design consists of 
a round plug, provided with a han- 
dle (preferably knurled). The cy- 
lindrical part is a slip flt in reamed 
holes in the stationary and the 
movable member, Fig. 1. 

When the two members are not 
of the same diameter (Fig. 2) ,  the 
key is stepped 

If the mechanism members to 
be aligned are comparatively soft, 
it is good practice to  use a hard- 
ened and ground steel bushing for 
guiding the indexing gage, in- 
creasing accuracy and life. The 
bushing may be used in either of 
the toolmembers (Figs. 2 and 4) or 
in both of them (Fig. 3 ) ,  accord- 
ing to conditions. 

Indexing plungers over 1 in. dia 
should be hollow, Fig. 3. In this 
case the handle is a pin put through 
the head of the gage. Another de- 
sign consists of bending the pro- 
truding part of the gage, (Fig. 4), 
to  90°, t o  make a handle. This de- 
sign is preferred in case of small 
diameters. 

M isa I ig n ment 
Although cylindrical holes are 

commonly. used for aligning pur- 
poses, sometimes toolmakers pre- 
fer tapered holes and gages. This 

Reprinted with permission from American Machinist, A Penton Media Publication 
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design is somewhat objectionable, 
becauw any dirt or foreign matter 
on the gaging surfaces will change 
the arcuracy of alignment, Fig. 5. 

The best solution of this prob- 
lem, but expensive, is a combina- 
tion of cylindrical and tapered 
gage cnds. In this case, ,the maxi- 
mal error ( i f  any) may be only 
the allowance between the cylin- 
drical hole diameter and the di- 
ameter of the cylindrical gage- 
end, Fig. 6. 

Non-removable indexing fingers 

These non-removable indexing 
fingers are preferred for high pro- 
duction tools. In their simplest 
form the plungers are actuated by 
a compression spring. For  release 
the plunger is usually pulled out of 
its seat by means of a suitable 
handle, which may have any rea- 
sonable form, Fig. 7. 

If the tool member is thin or 
soft, the plunger-housing is made 
as a separate item and a press fit, 
Fig. a. 

Fig. 9 shows a round indexing 
gage with a rectangular indexing 
point. In this case, the shaft must 
be guided, (prevented from turn- 
ing radially) while longitudinal 
movement is effected freely. There- 
fore, a retaining pin operates in a 
slot in the housing. 

The same indexing task is solved 
with a flat index gage, Fig. 10. 
Here a slide is moved in and out 
by means of a handle. 

In the case of movable fixtures 
(those mounted on lathe face- 
plates) it is necessary to avoid ac- 
cidents. For such cases the handle 
is made in the form of a sleeve 
(Fig, 11). This design offers an- 
other, advantage: If the indexing 
point is too tight in its seat, the 
gage must be loosened before it 
can be pulled out. This separation 
is obviously easier to effect with a 
large knurled handle bushing than 
with a mere knob. Furthermore, 
mounting of the housing is made 
by means of a threaded portion; 
however, alignment is insured by 
means of the shoulder. 

In another case (Fig. 12) the  

Non-removable indexing fingers 

v 

7 8 

A 

0 ;  g jo 

v 
10 1 1  

L 

12 

housing has a large flange, which 
is screwed to the body. 

The plunger is not always 
mounted on the interior of the 
mechanism. If it is mounted from 
the outside, a threaded, knurled 
bushing holds the plunger in place. 
See Fig. 13. Now, the index finger 
may be removed without disman- 
tling other tool members. 

If the index finger is mounted in 

a part that is too large for axial 
actuation, the motion may be ef- 
'fected by means of lateral pins 
(Fig. 14). 

The plunger is not always pulled 
out of the tool-member for making 
the indexing inactive; sometimes 
it is pushed in, Fig. 15 Here the 
bent gage is guided. 
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Some indexing fingers must be actuated indirectly; others require a rest position 
so that the operator need not hold onto them. Here are 14 designs. 

Federico Strasser 

Removable and non-removable in- 
dexing fingers (AM-Nov 21, '66, 
~ 1 3 9 )  are commonly actuated di- 
rectly: that is, co-axially with the 
indexing point. But there are sev- 
eral designs of fingers which are 
pivoted and indirectly actuated. 
In such cases the spring may not 
be co-axial with the indexing 
plunger. Then, the spring will be 
located outside of the device, es- 
pecially when the finger is not 
round. Bere are several examples: 

In Fig. 16, the indexing finger 
consists of a tapered detent on a 
ball-handled lever. Normally the 
detent lies in the part to be in- 
dexed, being held thei-e by a 
spring- backed pin. When the lever 
is pulled up, the mechanism can be 
indexed. 

In the remaining designs. Fig. 17 
to 21, the actuating lever is pushed 
manually or hydraulically to re- 
tract the index finger. 

T o  keep out of trouble in such 
applications, try t o  foresee poten- 
tial sources of erratic behavior. 
For example, in both Figs. 16 and 
17, the tool engineer will specify 
an arc-like pivoting movement of 
the indexing point to avoid im- 
pairing the alignment. 

Sometimes the actuating lever is 
pushed instead of pulled, as in Figs. 
18 and 19. Or indirect action may 
be secured by a handle-operated 
plunger that is backed by a spring, 
Fig. 20. When the handle is pushed 
down, the detent will be lifted out 
of engagement with the part to be 
indexed, and when the handle is 
released the spring will hold the 
detent in the next notch. 

Remote or automatic control can 
be achieved by hydraulic oil or 

16 

18 

17 

19 

compressed air. The fluid enters a 
cylinder and pushes upward a pis- 
ton connected through a stuffing 
box to the plunger. When the 
fluid is released, the spring de- 
presses the plunger, as shown in 
Fig. 21. 

Indexing fingers with rests 
So far. the indexing fingers must 

be held out of engagement by the 

operator. Sometimes, this 'is in- 
convenient or tiring. Therefore a 
mechanical means of disengaging 
the finger may be required. There 
are many ways to accomplish this. 
Eight examples are shown on page 
297. 

A very common method is to 
mill a slot in housing for the finger 
and drive a pin into a blind hole 
drilled in the plunger shaft. The 



Locking & Clamping 9-7 

pin ordinarily lies in the slot. When 
the indexing finger is to be made 
inactive, the knob is pulled out, 
rotated say 90°, and let go. Now 
the pin rests on the top of the 
housing and the plunger can’t en- 
gage the indexing notch, Fig. 22. 

Two other ways of accomplish- 
ing the same objective are shown 
in Fig. 23 and 24. Here the pin 
engages an appropriate hole drilled 
to the proper depth 

A bayonet lock is always an 
easy device to use and it’s positive. 
The sleeve handle, Fig. 25, has 
the bayonet slot cut in it, and a 
pin is fitted to the housing. This 

type of finger is engaged or dis- 
engaged with a twist of the wrist. 

Safe locking of the index finger 
can be obtained by engaging a 
spring-backed steel ball into a 
spherical or notched recess. This 
design, Fig. 26, requires little effort. 

A modification of the wedge idea 
is the use of a pin in a fast-helix 
groove. The plunger is prevented 
from turning, Fig. 27, by a set- 
screw. 

In many cases, a simple eccen- 
tric cam (not shown) will lock and 
unlock the plunger. When a cam 
can’t be placed. on the housing 
head, use a “cam” that acts lateral- 

ly. In this case a pin in the end of 
a shaft engages a slot in the plung- 
er and lifts or lowers the latter 
as the actuating handle is moved. 

Racks are a good means for op- 
erating heavy plungers. The rack 
can be cut directly into the plunger 
bddy, Fig. 28, while the pinion is 
operated by the handle. 

Our last design, Fig. 29, works 
without the aid of a spring. In 
this case the plunger is guided and 
it is raised or lowered by the knob 
and screw. The screw is retained 
in the housing by 3 pin engaging 
a circumferential sioi 

22 23 

n 

v 
24 25 

G 

26 27 28 29 

Eight indexing fingers with rest positions: 22-Pin i n  slot: 23-Pin enters hole in housing; 24- 
Pin enters knob; 25-Sleeve with bayonet lock; 26-Ball engages recess; 27-Pin in helical groove: 
28-Rack-actuated slide and 29-Screw-operated finger 
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Reta i n i n 
Detents 

Many forms of detents are used for positioning gears, 
levers, belts, covers and similar parts. Most of these 
embody some form of spring in varying degrees of 
tension, the working end of the detent being hardened 
to prevent wear. 

Adam Fredericks 0 A 
Fig. I-Driving plunger, shown in 

engagement at A is pulled out, and 
given a 90-deg. turn, pin X slipping 
into the shallow groove as shown ar E, 
rhus disengaging h t h  memhers. 

Fig. &An adjustable gear case cover 
Pushing the door shut, it is auto- 

a short slotted pin maticallv latched. while oulline out the 
Fig. 3-A long and lock. 

. -  
driven into the casting 
gives two plunger po- 
sitions. 

knurled knob A disengages the larch. 

FIG.7 
kig. 7-In this design the 

plunger is retained by stak 
ing or spinning over the hole 
at A. 
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I 
i 

Fig. &-End of the plunger B bearing against the 
hand lever A is mncaved and prevented from turning 
by the dog point setscrew engaging the splincd slot. 
Friction is the only thing that holds the adjustable 
hand lever A in position. 

Fig. 7-A spring-hacked steel ball makes a cheap 
but efficient detent, the grooves in the rod having a 
long, easy riding angle. For economy, rejected or  
undersized balls can he purchased from manufacturers. 

Fig. 1 6 A o o t h e r  form in r-hich 
the grooves are cut all around the 
rod, which is then free to turn to 
any position. 

I 

Figs. 11 and 12-Above is shown 
lnrkino drvirr fnr orzr shifr -...I*- 

free in the hole. At B the lower rod is 
ehifterf hnrrino hall Y n ~ m n - - - ~ -  

the upper rod in a neutral position. The 
lower rod must also be in neutral position 
h.pLr.= A- wn-r r-n ha c - 
right is shown a similar design wherein a FIG.12 
r.nd wirh hemicnhrrinl enrfr i -  ----3 :- -'--- 

FIG. 13 
Fig. 13-Without using a spring of any kind, three gear-shifting 

rods are locked by a large steel ball. At A, the neutral position is 
shown. At B, the lower rod has been shifted, forcing the ball upwards, 
thereby locking the other two rods. The dashed circle shows the posi- 
tion of the hall when the right-hand rod has been shifted. 
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Snap Fasteners for Polyethylene 
It's difficult to cement polyethylene parts together, so eliminate extra cost of separate 
fasteners with these snap-together designs. 

Edger Burns 

Rec fangular hole \ / 
t / 

Hole formed Ver tied PL, s\\\\\=1 &&&\\\V 
':huffing o f f  I ~ 

PL. 

~ 

WALL-END SNAP is easier to remove from 
the mold than the ejector-pin snap, The best 
length for this snap is '/J to ?/' in. 

mo fd cavity 
P L. 

[ b )  "Shut-of f "  hole for female snap 
f a r  d i f f e ren t  P L. 

EJECTOR-PIN Of IIIOld k cut to Shape of 
snap. Ejected with the pin, the part is slid off 
the pin by the operator. 

As large f f s  
possibfe - fo 
reduce tearing 
or permanent 

5 OPEN SNAP relies on an undercut in the 
mold and on the ability of the polyethylene 
to deform and then spring back on ejection. 

Femofe sna,, 

formotion 

Open snap 

T SNAP locks with a 90-deg turn. To prc- 
vent this snap from working loose, four small 
ramps are added to the female part. 



E xpandhg I 
segemen ts\ ,fema/e snap 

SEGMENTED WALL of female snap allows 
a large-headed male snap to enter easily. The 
snap can not he pulled apart with light loads. 

Care ho/es /e f -r\ 

Ahgmng dla. Support ribs 

ROTATING parts can he snapped securelj 
together with three (shown) or two snaps. 
Mostly for linear polyethylene, it's stroirg. 

P L 
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h\\\\W". %\\\Y l?L 

Round snap  

Spear snap 

A 

SPEAR AND ROUND snaps arc similar in 
design to the wall-end snap, but are ideal 
for assenibling sniall parts to larger ones. 

emale locator 

Ma/e 
locator 

Femole 
locotor 

LOCATORS are not really snaps, hut align 
parts for subsequent eyeleting or riveting or 
in conjunction with other snaps. 
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Snap Fasteners for Polystyrene 
Here’s a low-cost way to join injection-molded polystyrene parts without the use 
of separate fasteners or solvents. 

Edger Burns 

for 

smo// radius 

Female half  

TRIANGULAR SNAPS actually depend 
upon friction, but are strong and easy to as- 
semble. Space several around the parts to  be 
joined. Grip can also be adjusted to suit. n 

rA Shut-off 
hole 

Section A - A  

BOX SNAP requires a mold shutoff in the 
female half, large enough to acc6mmodate 
the male part, which slips behind a shoulder 
and locks, as shown in the diagram. 5 

rA4ale parf 

/ 

Curved jr@ping sections 
provide more con toc t 
ore0 wifh mo/e port 

Female part 

CEMENTING SNAP will allow solbent ce- 
menting between the male and female mem- 
bers if required, although the snap wil1 hold 
well without cement. Usually two or more 
such snaps are positioned around the parts to 
be  joined. Male part is virtually the same as 
for the triangular snap. Blind, cored hole 
requires no shutoff. 

6 \\‘ \~ \ \ \  \ \  \ \ \  \\\1 

DETENT SNAPS are ideal whenever a snap 
has to be frequently undone, and where a 
tight hold is not required. The detent itself 
can be a hemispherical bump, or a more 
elongated shape. 
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NOTE: In the following illustrations, the parting lirie is niarked “P.L.” I t  is iiiz- 
portanf in decidirig which snap to use am1 how it sliould be nioliled. 

Pi. could be here a/so- 

snap allows undercut 

PL- 

I 0 2 0 ~  io 03510. 

Assembly El!. 

diu. o f  98 in. ) Fernole p o r t  

3 

7 

PRONG SNAPS are ideal for snapping small 
parts onto a larger assembly. The male mem- 
ber is usually on the small part. Slot length 
in the female part must be designed for  max- 
imum holding power, without cracking the 
prongs on the male member. 

OPEN SNAPS have undercuts of about 
0.015 in. on a total snap dia of % in. Despite 
small undercuts, stiff polystyrene gives good 
grip. This snap is not suitable for  the regular 
nonimpact polystyrene. If the parting line 
can be arranged to lie in the other plane, as 
shown in B, ejection from the mold would be 
trouble free, thus avoiding excessive scrap. 

/-Maie puff 

Mole p o r t  LFema/e par i  
Core Undercut hook snap 

I 
k’L. Port ing-l ine hook Cored hook 

HOOK SNAPS. Undercut hook snap relies on an un- 
dercut in the mold. To prevent polystyrene breakage 
on ejection from the mold, make the hooks thicker 
than the other parts - they then retain more heat, stay 
softer. Since large undercuts cannot be made this way, 
however, this snap loosens quite easily. 

Partingline hook is much simpler to apply and is 
easier to design. Choose this snap whenever the part- 

ing line can be arranged to be in the plane shown on 
the drawing. It can be almost any strength and shape 
desired, and is simple to cut into the mold. 

Cored hook requires a core to come down from the 
other half of the mold, which then produces the inside 
of the snap. This will leave a hole in the wall to  which 
the hook is attached. Three shutoff surfaces are also 
required in the mold construction. 
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Snap-in Access Panels 
These doors show in hinges or handles, need only finger holes 
or prying lips for positioning. 

Frank Williams Wood JR 

Bead 

Ch 

J 

I 

II 
2 

l . .BEADED FLANGE requires panel made of 
sheetmetal thin enough to flex. Slots are neces- 
sary only for curved panels. 

2..DUSTPROOF SEAL of spring lip is  com- 
pressed in channel. Should not be used where 
vibration might loosen it. 

3 . .  FLAT SPRING holds half-ball or dimple in 
hole in  panel. Chamfer on holes makes action 
easier. 
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7 

4 . .LOUVER fits into slot, which should be 
loiiger than the louver foi, easy alignment, hiit 
n:ii'i*ower -for a tight hold. 

5 .  . T W O  PINS or niore on top, with matching 
slwings below, keep wide panels from rattling. 
o t i c :  p i n  and a witlc spring :ire enough for 
nart'ow imnels. 

6 .  .D IMPLES in cabinet flange fit into corre- 
sponding dimples or  holes in panel. Wire spring 
is alternate method. Sloping panel flanges give 
dose fit with less exact dimensions. 

7 .  .SPRING TABS have slope on front to guide 
panel into place, and slope on back to hold it 
there. 

8 .  .MATING CHANNELS interlock for posi- 
tive hold. To remove, lift panel against flat 
springs and swing bottom out and down. 
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20 Tu m per- proof Fasteners 
Ways to prevent or indicate unauthorized removal of fasteners in vending 
machines, instruments, radios, TV sets and other units. Included are positively 
retained fasteners to prevent loss where retrieval would be difficult. 

Federico Strasser 

Wax-/ / / led C w p e d  sleeve-, Square cup; -Pin 
recess-, 

wax - 
\ 

( A )  @q / / @ w a x . - \  

( 0 )  ( C )  
Fig. I-(A) W a x  o r  other suitable material fills re- 
cess above screw. W a x  flush with plate hides screw 
position if surface is painted. (B) Cupped sleeve 

riveted in screw hole provides cavity f o r  wax u h e n  
plate is too thin for recessing. (C) Pin prevents rota- 
tion of square cup which would allow screw to be 
remoyed without diqturbing wax. 

\ L e a d  seal- ,  -Lead s e d - - -  / 
/ \ 

'. 

// 
/ 

Fig. 2-(A) Lead seal crimped over twisted ends of 
wire passing through screw allows only l imited slack- 
ening of nut. (B) T w o  or more screws strung through 

Pressure exponds 
disk in groove 

f dished 

- 
Dia. of  expanded 
disk 

Fig. 3-Sheet-meral disk pressrd 
into groove can only be removed 
with difficulty and discoarages 
rampering. 

I J 

heads with wire are protected again\t  unauthorized 
removal by only one seal. Code or other signet can 
he embossed on  seals during crimping. 

Leflhond 
thread - 

Driving 
faces -. 

Fig. 4-(A) Spanner-head screws are  available in  a l l  standard heads and sire5 
from U.S. manufacturers. Special driver is required for each screw size except 
:-in. dia and above. (B) Left-hand screw thread is sometimes sufficient to pre- 
vent unauthorized loosening, or (C) special head let5 screw be driven but  nor 
unscrewed. 
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POSITIVELY RETAINED FASTENERS 

.Split ring 
ring 

Fig. 5-(A) Tapped cover and casing allows screw 
(a > b) with reduced shank diameter to be com- 
pletely unscrewed from casing yet retained posi- 

ring on reduced shank (B) is preferable. Snap ring 
in groove (C) or transverse pin (D) are effective 
on unreduced shank. Simple and cheap method (E) 
is fiber washer pushed over thread. 

Pin .\ 
\ tively in cover. For thin sheet-metal covers, split 

big. 0-Open-ended slot in sliding co\er 
allows screw end to be staked or burred 
50 screw cannot be removed, once as- 
wmhled. 

I 
I 

Sfokkd screw SI& in 
sliding cover 

Slaked end 
\ 

Riveted but Fig. 7-(A) Nut is retained on screw by 
staking or similar method but, if removal of 
nut is occasionally necessary, coaxial bind- 
ing-head screw (B) can be used. Where 
screw end must be flush with nut, pin 
through nut tangential to undercut screw (C) 
limits nut movement. Rotatable nut (D) or 
screw (E) should have sufficient lateral free- 
dom to accommodate slight differences in lo- 
cation when two or more screws are used. (Dl 

\Spun or 
riveted over 
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8 Detents for Clevis Mountina w 
When handles are mounted in clevises they often need to be held in one or more 
positions by detents. Here are ways to do this. 

Irwin N. Schuster 

CAST OR MILLED clevis features an adjust- 
able tensioning device, which varies the fol- 
lower load. Handle can be extruded section. 

Locote from 
defen t depressions 

CLEVIS MACHINED from hexagonal stock 
can be drilled to receive a ball detent, whicl~ 
acts in rammed surfaces cast in handle. 

CAST HANDLE is drilled to accept a com- 
mercial “bullet” catch, which detents in the 
milled internal surface of the clevis flanges. 

WELDED CLEVIS is relieved to improve 
spring characteristics. Punched holes receive 
steel rivet head which acts as the detea!. 

ten 1’5 

cu? 
/ 

Drive pin 
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3 STAMPED SPRING snaps onto clevis before 
final assembly and acts as detent against the 
flat errd and top surfaces of metal handle. 

v De fen fs  

"// MIL ,ED CLEVIS accepts ball-hearing fol- 

A 

TUBE AND SHEETMETAL clevis handle 
has integral leaf spring which detents in 
cammed surface of machined shaft head. 

Detent position I 
# /  

m lower, actuated by a spring, which seats 
against a pivot pin in the bar and rod handle. u 

Corner turned 

WIRE HANDLE acts as spring and follower 
io sheetmetal clevis, in which cammed sur- 
faces and positive stops are made by bending. 
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4 Locking Fastener Designs 

Crosspin 4 

U-spring 

Quick-operating fastener has internal cam action to draw up or 
release a 300-lb. force with only a quarter-turn of  wrench. 

Cam surface Flexible retainer 

Springy all-plastic quarter-turn fastener wi th stylish head de- 
sign can take sharp impact forces and resist corrosion. 
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Quarter-turn-fastener concept with through-core bolt makes 
it easy to  attach honeycomb panel to a frame or structure. 

Outer section forced 
into panel hole. 

Knock-in fastener can be pushed easily into square-punched 
hole. Center is then knocked in to  make receptacle for screw. 
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8 Control Mountings 
When designing control panels follow this 8-point guide and check for.. . 
Frank William Wood JR 

-v*y- 

A 
. . . LOCKING. Control will stay fixed in spite of vibration 
or attempts to force shaft too far. Washer at right has two 
tabs; one fits in the panel, the other in the control bushing. 
Left washer has a boss which fits into a cutout in the panel 
and around a pin projecting from the control body. 

. . . SEALING against dust or wa- 
ter. Boot seals between shaft and 
bushing and between bushing and 
panel. With control behind panel 
rubbergrommet seals only ode place. 

. . . HAND-ROOM at front of the panel. 
Space knobs at least one inch apart. Extend- 
ing knob to save space puts it where the oper- 
ator can bump into it and bend the shaft. 5 Best rule i s  to keep shaft as short as possible. 

. . . WCIT” CONTROL KNOBS. One a p  
proach is to ground them by installing a brush 
against the shaft. Another solution is to iso, 
late the control by an insulated coupling or a 
plastic knob having recessed holding screws. 
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. . . RESETTING to match controls to panel . . . ACCESSIBILITY behind the panel. 
markings. For crude adjustments a set-screw Easy access reduces down time and mainte- 
is enough. Where matching is  critical a three- nance costs especially if one man can do most 
piece vernier coupling permits more accurate jobs alone. Here, technician can’t replace a 
calibration. warning light without dismantling other parts. 

. . . LIMIT STOPS that are strong enough 
not to bend under heavy-handed use. Other- 
wise setting will change when stop moves. 
Collar and grooved knob permit adjustment; 
tab on bracket doesn’t. 

. . . GUARDS to prevent accidental actua- 
tion of switches. Bell-shape guard for push- 
buttons is just finger-size. U-shape guard sep- 
arates closely spaced toggle switches, and a 
swinging guard holds down special ones. 
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Control-Locks Thwart Vibration 
and Shock 
Critical adjustments stay put-safe against accidental turning or deliberate fiddling 
with them. 

Frank Will iam Wood JR 

1 . .SPLIT YOKE clamps on shaft when 
eccentric squeezes ends of yoke together. 
Knurled knob is handy for constant use, and 
eliminates need for tool. Another advantage 
is high torque capacity. But this design needs 
considerab1.e space on panel. 

2.. FINGER springs into place between gear 
teeth at turn of cam. Although gear lock is 
ideally suited for right-angle drives, size 
of teeth limits positioning accuracy. 

3.. SPLIT BUSHING tightens on control 
shaft, because knurled knob has tapered 
thread. Bushing also mounts control to 
panel, so requires just one hole. Lever, like 
knob, does away with tools, but locks tighter 
and faster. For controls adjusted infre- 
quently, hex nut turns a fault into an ad- 
vantage. Although it takes a wrench to turn 
the nut, added difficulty guards against knob- 
twisters. 



4. .  CONSTANT DRAG of tapered collar on 
shaft makes control stiff, so it doesn’t need 
locking and unlocking. Compressed lip both 
seals out dust and keeps molded locking nut 
from rotating. 
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5 . .  TONGUE slides in groove, clamps down 
on edge of dial. If clamp is not tight, it can 
scratch the face. 

6 . .  SPOT-BRAKE clamp 
is self-locking, which 
means i t  takes two hands 
to make an adjustment, 
one to hold the clamp open 
and one to turn the dial. 



9-26 

Low-Cost Latches 
These latches cut costs where appearance is a secondary consideration. 

L. Kasper 

r 

Slyt ond formed 

SLIT AND FORMED box side de- 
pends upon spring action of box metal 
and latch plate for engagement in latch- 
plate hole. A box that i s  too stiff will 
require a relatively flexible latch plate 
for ease of operation. 

FOLDED LEAF-SPRING end is an- 
other positive, spring-action ' latch. 
Here, however, the leaf spring itself 
provides spring action - box can be as 
heavy as desired without interfering 
with opening or closing. Careful align- 
went of spring and notch is necessary. 

BAYONET ACTION of forwed-wire 
spring in lid is again automatic upon 
closing. Spring must be manipulated 
for opening unless a lead is deliberately 
designed into the lid notch so that open- 
ing force can overcome holding-force. 
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SPIRAL SPRING holds the lid in a 
manner similar to  the previous latch 
arrangement, Spring action comes from 
tension windup rather than cantilever 
and so design is suitable for boxes where 
a long latch spring is not possible. 

FINGER RING is here provided by 
forming the spring to do double duty - 
it not only perEorms as the latch spring 
hut provides finger hold for withdraw- 
ing the box from a narrow shelf or desk 
drawer. Disadvantage is that protrud- 
ing spring takes extra space. 

LATCH SPRINGS projecting through 
the box tup provide for stacking by 
engaging a slot in the bottom of the 
box above. Several boxes can thus be 
carried without risk of sliding. The lid 
can be hinged or completely removable. 
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LATCH SPRING foriiied into shape of 
a handle is suitable for long, narron 
hoxe,. ‘The 5tiape of the handle section 
permit5 several boxes to be stacked and 
carried safeh. 

CARRYING-HANDLE is attached to 
the latch spring. wliich is attached to 
its center with a spacer between. Press 
the handle to release the catch. 

LATCH BAR at  rear falls into slot 
when drawer is %lid fully in. To with- 
draw. the box must be raised at the rear 
b? tilting on the front edge. Wect  is 
a self-locking, secret-opening drawer. 
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SWIVEL HANDLE is attached b) 
shudder screw at pivot point. ‘Tu with- 
draw the drailer, tilt the handle ahotit 
the pivot point until the latch is dis- 
enpaged from rlot in runner. 

DOUBLE-BAYONET notch in one lid 
\naps over Vspring in other lid to hold 
hox closed. Presr spring to open. T h k  
Qpe of latch i4 verj witdhie for long, 
Ilarrow houe5. 

NOTCHES are specball) shaped to hold 
ewer over instrument housing. Siniplj 
lift cuver and slide out support leg, tu 
reiiiove cover. If tit of legs and rlide, 
is made fairly tight, accidental reniov- 
al or tampering is improhahlr. 
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Hinged Lids That Separate 
Keyslots, lid grooves, open hooks, sliding pins, and other features let 
hinged lids be completely removed. 

L. Kasper 

KEYSLOTTINO one leaf of 
the hinge is a simple way to 
provide for separation of the 
lid from the box. 

Shoulder screws 
(one not shown) 

Slof or groove 
for binge leaf 

Lid locates and won? 
slide unfil lifted 

/-/ cannot siip out. 

3 OPEN HOOK is formed by 
partly uncurling one leaf. To 
disassemble the lid it must 
be opened through 180 dcg. 
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FLAT PLATES are hook and 
pin that act as efficient but 
low-cost hinge for rigid lids. 
Round off pin corners. 

SLIDING PIN is popular 
way of niaking lids separable. 
Locating pins must be pro- 
vided if lid does not fit in box. 

SPRING-TYPE LEAF niust 
have enough clearance to ac- 
cept retaining plate thickness 
unless spring is very light. 
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Hinge bars, notched lids, spring hing pins and other ways of providing for detachable lids. 
L. Kasper 

7 

8 

HINGE-BAR AND HOOK 
make strong and low-cost 
hinge, separable when lid i s  
opened through 90 deg. 

N O T C H E D  L I D  a c c e p t s  
hooked part of hinge plate 
when lid is opened beyond 90 
deg. Only one plate is needed. 

SHOULDER SCREW in hinge 
plate needs to be loosened to 
only slightly more than the 
thickness of lid to detach it. 

Slighfly more fbon 
l id muferial fhickness 
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L O O P E D  HINGE PIN is 
sprung over spacer. When the 
loop is palled off the spacer 
the pin ends retract. 

H O O K E D  M E M B E R  i s  
slipped under pin in position 
shown. When lid is opened 
latch can he turned to lock pin. 

HEADED PINS are driven 
into eurled lid edge. Heads are 
same diameter as the curl. Lid 
slides when opened 270 deg. 

IJ f O f  / / d  
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8 Stops for Panel Doors 
They protect hings from overtravel and hold doors in working positions. 

Frank William Wood JR 

1. 
SPRING CLIP presses notched bar down on stop for 
sliding door. 

2. 
SLOTTED BAR stops when pin jams against end; 
notches hold drop panel in  intermediate positions. 

3. 
BEADED CHAIN provides as many positions as there 
are  beads. Keyhole slot allows repositioning. 
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4. 
WRAPAROUND back of bar comes to a stop against 
the cross-rod. Slots permit adjusting bar for different 
door opening. 

5. 
DOG-LEG on end of segment butts against door frame. 

6. 
CABLE pulls taut on end collars, which screw back 
and forth for slight adjustment. 

7. 
COLLAR slides aIong rod to adjust stopping point. 

8. 
COIL SPRING swings into underside of shelf and 
cushions door to a soft stop. 
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Panel-Stops leave Hands Free 
They hold open panel doors while repairs or adjustments are made. 

Frank William Wood JR 

I Ribbon /’’’ 

spring 

1 
CAM rubs on spring-loaded pressure plate. Resulting friction 
holds panel oDen at  any position. Tubular spring-holder has 
helical instead of ribbon spring. 

2 
NOTCHED BAR catches on flat spring a t  only a few 
positions. Serrations increase number of positions. 
Heavier flat spring holds by friction at any position. 

3 
SLIDER jams when pulled against 
spring case, but sIides freely after 
raising the panel slightly releases pres- 
sure. Spring holds panel shut. 



4 
DETENTS a t  both ends of swinging bar cup spring-loaded balls. 
Rod snaps into holes for more positive hold, but must be pulled 
out to release. Both methods will hold panel shut. 

5 
FRICTION WASHERS hold panel in any position, but are sus- 
veptible to vibration. Tiglitenirig down on spring washer adjusts 
cli*ag for weight of panel. Kiiurled kiiol) in place of nut allows 
tightening a t  desired position. 
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0 

6 
CLIP can hold panel door in only one posi- 
tion-open. Push on clig to release. 
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Better Looking Sheetmetal Joints 
Improve their appearance with overlapping beads, backing strip, push-in trim strip, 
stick-on decals, recessed joints, inverted channels, and painted band. 

Frank William Wood JR 

I Rivet spo fweld 
or other fastening 

r f \Backiflg strip bonded 
-v gives cfeon joint line n OVERLAPPING BEAU 

t o  butted sheets I 
: c  

Decorative edges 

con trosiing 
backing str@ C 

posifiofls I 
RECESSED JOINT 

/L? BACKING STRIP 

On& sing/e edge 

I 
Both edge lines are 
visible. Also forms 
dusf trap 

could &e used 
here as shown in No. 2 

0 INVERTED-CHANNEL JOINT. 
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This s l i~-on,  / 
/ A t r i m  and &stens/J B, 

covers joinf ; 

c\ Trim strlp 
fcan double for 

I 1 identification 

metal 
or 

Extruded 
metal or 
plastic 

4 

or decorative 

I 

DECALCOMANIA STRIPS 

Y - Poioted io lor  bund 
-B subdues joinf 

i r regdar i  fies 

PAINTED BAND 

7 SPACER STRIP 
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8 Interlocking Sheetmetal Fasteners 
These eight sheetmetal parts join sheetmetal quickly with the simplest of tools, few screws 
or bolts. 

L. Kasper 

n ALIGNING PIECE slides up out of the 
way i w  long slqt while butting sheets are 
being positioned. Aftenvards it slips down 
over lower sheet. 

SQUEEZE .CLIP holds two overlapping. 
sheets, together. The, eads .of ,the clip are. 
pushed @?ugh parallel slots, then bent 
over much like a staple. 

CUP carries a bar on both sides of divider. 
Here bars $tick bpiabovq the top, but 
deeper catout will lowet them u n a  they 
are4luph or-sunk. j 

ESS supports shelf bepeen  yprights. Bq 
mating +tli n+tcFe-&gag2'it-acti iid a key 
to beep $helf  fro^ sfid1 g-badk dnd'foiah;' 
*and iroyidss positibe F ocation.1 
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BRACKETS provide instantly mobile rack 
space for boxes. To install or remove, 
squeeze sides together and push hooked 
ends through slots. 

FLANGE HOLDER does double duty by 
holding up shelves on both sides of a parti- 
tion. Angular corners allow it to fit through 
small slit when tilted. 

CLAW holds top sheet between two end 
pieces. Tail snaps into slot, then claw Is 
hammered over edge. With notched edge, 
top is even with sides. 

n 

BAR clamps divider in place. Extruded 
holes provide a recess for screws so that 
they stay flush with upper surface of hori- 
zontal sheet. 
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Lanced Metal Eliminates 
Separate Fasteners 
15 ways in which sheetmetal tabs, ears and lugs can serve to 
fasten and locate. 

Federico Strasser 

Tab-, 
\ 

Force 

Force 

BENT-OVER T A B  holds together up to four layers of sheet- 
metal. Designing tahs to stress in shear increases holding strength. 

I I '  \ 

Wedge sbope 
\ 

T W I S T E D  TAB is less common than 
bent one. Shaped tab wedges tightly when twisted. 

ffirefed fob end- i 
5 6 

W I T H  T H I C K  STOCK, end of 
tab can be riveted. 

T H E S E  TABS both locate and hold disk in tubing. 
When necking locates disk, tab only holds-again by wedge action. 
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I 

9 

LIP AND TABS combine to join round bar and tubing. 
For longer bars, tabs fit into grooves. Bar can 
rotate inside tube if tabs are  pressed lightly into groove. 

LANCED SHELL secures rubber in 
bumper or instrument foot. 

13 

L-- Sbeef me fa/ insert 

CORNER R E l  NFORCE M E N T  grips 
wood, plastic or fiber with lanced teeth. 
Similarly, lanced nameplates or labels 
attach easily t o  equipment or instru- 
ment panels by pressing into the sur- 
face. 

M E T A L  REINFORCEMENTS and mounting pads grip plastic better if lanced. 

INTERLOCKING SLOT and tab 
connects two pieces of tubing. Joint is 
permanent i f  inner tubing has thick 
wall. If inner tube has thin wall, 
tab can be depressed and tubes pulled 
apart if desired. hole. However, for angular shapes, 

LANCED FLAPS provide large contact 
areas for brazing or soldering sheet- 
metal fins to bars and pipes. An 
alternate method for round bars or 
pipe i s  a n  embossed collar around the 

flaps are  easier to make. 
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Lanced Sheetmetal Parts 
Federico Strasser 

Captive nut --, 

w Slotted tabs 

1 CAPTIVE N U T  allows blind assembly on panel 
too thin to tap. Nut is held firmly, cannot get lost, 

€/ectr;cal 

lead \ 

3 T E R M I N A L  made of flat spring stock presses wire 
lead tightly in lanced tab ,  yet releases easily. 

2 SPACERS spparate panels with fewer parts and 
with less weight than extra strips or filler materials. 

4 TABS fit into slot to align in one direction as well 
as fasten. Matching tab and slot on other side 
would align plate in second direction. 
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5 SLIDE rides on projecting tabs. At same time, tabs 
act as limit stops. Length of slot determines how 
far the slide can trarel. 

7 REINFORCEMENT RIBS of three different de- 
signs all give support for wall bracket, yet retain 
one-piece construction. 

blades 

9 L A N C E D  B L A D I N G  results in one-piece construc- 
tion of lightweight cooling fan for small motors, 

6 RAISED TABS are bearings and supports for rotat- 
ing shaft in light-duty applications. Tabs will also 
guide sliding rod or bar. Bent-up end of plate can 
take place of a tab. 

8 SPRING ANCHOR-possible variations: tab with 
hole, or tab with only one notch for spring that pulls 
to  side. 

10 CONTINUOUS STRIP is lanced while flat, then 
cut t o  length and rolled into a sprocket. Small 
sketches suggest ways to avgid a separate hub. 
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Joining Circular Parts 
without Fasteners 

Fig. I-Fastenin:: for a rollccl 
cirrnlar srcgion. Tab< arc in- 
tcsgral with dirc*t: onr tab 
liein:: longcr than thc other, 
mid bent o\cr  on aosembly. 

Fig. 5-Similar to Fig. 4 for sup- Fig. 6-For supporting of rods or Fig. 7-Eniboised shcv-t inctal 
porting elrctrical vires. Tab is tubes. Installation ran be either bracket to hold rod., tnbes or 
integral with plate and crimped prriiianent or temporar?. Sheet rablrs. Tension i s  *ultp!icd IJ\ 
mer on assembly. screw threaded into lower plate. metal bracket is held 1ty bent tabs. 

Fig. IO-Plate i* embossed and tabs bent over on  assembly. If two platcs 
are used I ia~ing  tab edges ( B )  a piaiio-t,pe hinge i s  formed. ( A )  and (B) 
can be conibincd to form a quirk release door mechanism. A cablr is 
passed throiigli the eye of the hinge bolt, and a IiandIe attached to the cable. 

Fig. 14--Strap fastener to hold a circular section tight against a structural 
shape. Lock can be made from square bar stock (A) or from sheet metal 
(B) tabbed as shown. Strap is Bent over for additional lochiiig. Slotted 
holes in sheet should be spared equal to rod dia to prevent tearing. 

Fig. 11-Rods and t u l ~ r c  can be 
supportrrl by sheet n i c d  t n h s .  Tah 
is wrappied around circular section 
and bent through plate. 

Fig. 15-C clamp support usually 
uwd for tuhing. Serrated wedge i s  
hammc.rrd tight ; serrations keep 
v edge f r on1 11 nlor king. 
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1 yeEff!q r ~- 

Fig. 2-Similar t o  Fig. 1 except Fig. 3-Tab fastener for elliptical Fig. &For supporting rod on 
tubc is formed with a Iap joint. plate. Tab is formed and bent over 
Tab is bent over and inserted into rod on assembly. Wedging action 
cnt-out or1 assembly. Joint tension holds rod in  place. Rod is free to 
is needcd to maintain lock. move unless restrained. 

section. Tabs are formed integral 
with sheet. For best results tabs 
should be adjacent to each other 
as shown in sketch above. 

>-: \ .. \ +  -7 
,\ \ 

Fig. 8-Faitening of rod to plate. 
Rod is w r l d e d  to plate with slotted 
holes. Tabs in bottom plate arc 
bent on asscmbly. 

Fig. 9-Tabs and bracket (A) used to support rod at right angle to plate. 
Bracket can be welded to plate. (B) has rod slotted into place. For mass 
production, the tabs and slobs can be stanipctl into the sheet. For limited 
production, the tabs and slots can be hand formed. 

Fig. 12-For connrcting wire r i d s  to trrniinals. Sheet is crimped or tabbc-d 
to hold wire in p l . i c v .  Variet, of terniinal endings can be uzed. If addi- 
iional fastening is rcquircd, in that parting of the wire and terminal end 
might create a safety or fire hazard. a drop of solder can be added. 

Fig. 13-Spring joins two rods or 
tubes. Members are not limited in  
axial motion or rotation except by 
apring strength. 
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Joining Sheet Metal Parts 
without Fasteners 
Methods of attaching rods, tubing and sheet metal parts in permanent 
or temporary assemblies without using bolts, screws or rivets. 

Erwin Rausch 

FIG. 1-For butting sheet metal parts at 
o r  near a right angle. Two or more tabs 
are required. 

FIG. 4-For permanent attachment of 
parallel sections. Material must be quar- 
ter-hart1 o r  bolter. 

FIG. 7-For \enii-rigid attachment. In- 
>tallation tan he permanent or temporary, 
depending on roundnesz of rod end and 

FIG. 2-For applications similar to Fig. 
1, but where inaccessibility forbids use of 
bulky tools. 

FIG. 5-For positioning shouldered rods 
in sheet metal. Center-punch as well as 
“nicking” punch can be used. 

FIG. 8-For permanent location of rod 
in tube. Dents are made after rod is in 
place. Axial movement can be obtained 

FIG. 3-For use as in Fig. 2, hut where 
greater rigidity is needed. 

FIG. 6-For temporary support of rods 
or tubes. Jaws are sprung open during 
in\tallation and removal. 

FIG. ‘)-For temporary positioning of 
rod\ in sheet metal. Slots in rod prevent 
axial r,-ovenient. 

“springine\s” of teeth. hr lengthening rete\$. 
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FIG. 10-For permanent assemblies 
where split forming die can be applied 
on one or both sides of sheet. 

FIG. 11-For attachment of recessed, 
solid metallic or non-metallic parts in 
thick-sectioned cylindrical parts. 

FIG. 12-For closing the end(s) of cylin- 
drical parts. “Toothed” section permits 
removal of cap, “solid’ section does not. 

FIG. 13-For bayonet-type electrical fittings. 
Sleeve and mounting bracket can be modified 
to suit requirements. 

FIG. 14-For supporting electrical con- 
ductors. 

FIG. l5-For permanent assem- 
blies requiring relative move- 
ment, but minimum rigidity. 

FIG. 1 G F o r  temporary use as spacer. 
Sheet holes can be round or rectangular. 

FIG. 17-For attachment of cover to FIG. 18-For recessing sheet metal plates 
channel or similar assemblies. in rectangular housings. 
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Fastening Sheet-Metal Parts by 
Tongues, Snaps or Clinching 
Detachable and permanent assembly of sheet metal parts without using rivets, 
bolts or screws. 

Fig.  1-Suppor t ing  b r a c k e t  
formed from sheet metal and 
having integral tabs. Upper tab is 
inserted into structurk and bent. 
Ledge weight hoIds lower tab. 

Fig. 7 d o x  section joined to a 
flat sheet or plate. Elongated holes 
are integral with box section and 
tabs are integral with plate. Design 
is not limited to edge location. 

Fig. %Supporting bracket sim- 
ilar to Fig. 1 but offering restraint 
to shelf or ledge. Tabs are integral 
with sheet metal part and are 
bent on assembly. 

Fig. L B a r  is joined to sheet 
metal bracket by a pin or rod. 
Right angle bends in pin restrict 
sidewise or rocking motion or bar. 
Bracket end 6f pin is peened. 

Fig. 3-Supporting ledge or shelf 
by direct attachment. Tab is inte- 
gral and bent on assembly. Addi- 
tional support is possible if sheet 
is placed on flange and tabbed. 

Fig. 9-To support and join 
sheet metal support a t  right angle 
to plate. Motion is restricted in all 
direetions. Bottom surface can be 
grooved for tabs. 

Fig. 13-A spacing method that Fig. 1 4 e A  removable section held 
can be used for circular sections. in place by elasticity of material. 
Formed sheet metal member sup- Design shown is a temporary or a 
port outer structure at set distance. removable cover for an elongated 
Bead centers structure. slotted hole in a sheet metal part. 

Fig. 15-A cover held in position 
by bead and formed sheet. Cover 
is restrained from motion but can 
be rotated. Used for covers that 
must be removable. 
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Fig. &TO support or join a flat 
sheet metal form on a large plate. 
Tabs are integral with plate and 
bent over on assembly. Only side- 
wise motion is restricted. 

Fig. 1 0 A h a n n e l  section spot 
welded to plate forms bottom snr- 
face and joins box section to plate. 
Channel edges ean be crimped or 
spot welded to re.strict motion. 

( A )  (81 

Fig. 1 b A  non-removable cover 
design. The vessel is notched as 
shown in A, and the eover crimped 
over, B, on assembly. This is a 
permanent cover assembly. 

Fig. 5-Similar to Fig. 4 but mo- 
tion is restricted in all directions. 
Upper sheet is slotted, and tabs 
are bent over and into slots on 
assembly. 

Fig. l l S h e e t  metal strap used to 
join two flat surfaces. Edges of 
plate are rounded to allow strap 
to follow contour and prevent cut- 
ting of plate by the metal strap. 

/ 

Fig. 6-Single tab design for 
complete restriction of motion. 
Upper p!ate has an elongated 
hole that matches width and thiek- 
ness of integral lower plate tab. 

Fig. 12-Sheet metal structures 
can be spaced and joined by use 
of a tabbed block. Formed sheet 
metal U section is held to form 
by the block as shown. 

(D)  (E) ( F  1 

Fig. 17-Six methods of joining two sheet metal parts. These ean be tem- 
porary or permanent joints. If necessary, joints can be riveted, bolted, 
screwed or welded for added strength and support. Such joints can also be 
used to make right angle corner joints on sheet metal boxes, or for attach- 
ing top and bottom covers on sheet metal eontainers. 
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Retainers for Circuit Boards 
These retainers ensure that the board is properly seated and locked 
against shock and vibration. 

Irwin N. Schuster 

T"L, Lofches h- 7 Knurled knob Seof/iig screw 

TIGHT SEATING is necessary for con- 
nectors of the plug and socket type. A 
screw and a knurled knob aid seating. 

SPRING-LOADTD LATCHES for large 
die-cast frames are positive and clean 
looking. The cost is somewhat high. 

rZ _Dusf cover 

# 
ADJUSTABLE PLATES, either flat of 
formed, are very easy to assemble nnd 
hold sliding parts firmly in place. 

DUST COVER, lined with sponge rubber, 
does double duty - it holds the board in 
place and helps protect it from shock. 
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circul'f k board 

SHEETMETAL TABS, pivoting on either 
a shoulder screw or rivet, are always an 
efficient, low-cost way to retain parts. 

n 
I 

FRONT-MOUNTED CONNECTORS do 
double duty here, providing test points 
for circuit leads and securing the board. 

Sere 

HINGES, spring loaded or otherwise mod. 
ified, provide a variety of suitable means 
for retaining circuit boards in place. 

NOTCHES in the slide provide entrance 
and exit gates for circuit boards. Lubri- 
cation of the slide may be advisabIe. 
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These methods for retaining circuit boards can give you some valuable 
ideas you can apply to other devices. 

Irwin N. Schuster 

ne 

ROD-TYPE HANDLE can be either solid, 
with tapped hole for screw, or hollow, 
with mating dowel-type spring latch. 

ANGLED HANDLES fitted with standard 
hardware parts result in low-cost, yet effi- 
cient, slide retainers. 

SLOTTED U-CHANNEL not only locates 
the circuit boards at correct spacings but 
also accommodates a retaining bar. 

SLIDING HANDLES can be arranged to 
fall into locking position when vertical; nn otherwise they need springs. 
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SPRING LATCHES are always popular 
for holding parts that must be removed 
periodically for service. 

Locking c 
poslflon 

v 

DOUBLE-DUTY COVERS not only hold 
units in place but are also ideal locations 
for operating instructions. 

Standard 
comb Mi ion 
lock 

Retoher - 
rod 

RETAINER LEVERS jack the boards into 
and out of the receptacle. Such levers arc 1.5 usually locked in place. 16 COMBINATION LOCK and straight, 

notched bar provide a retaining assembly 
that is virtually tamperproof. 
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They allow easy and quick insertion, they guide accurately, and they 
support the board firmly in place. 

Irwin N. Schuster 

Wide d o t  
Aforraw d o t  \ 

CHANNEL LIP allows f la t  spring to be 
placecl to retain circuit hoard against 
channel side and reduce tolerances. 

FLAT SPRING in extruded section pro- 
vides close limitation for horizontal panel- 
movement. extreme tolerance vertically. 

PLASTIC BUTTONS offer an ultra-sim- 
ple method of holding panels. The round 
buttons let panel slide home easily. 

SPRING WIRE and panel stiffener is a 
good combination where panel space is 
not at a premium. 
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Broke -formed 
guides 7 

Ex ffuded 
chussis 

En frunce 
ingJe 

FORMED WIRE structure lets cooling air 
through while gripping the circuit hoard 22 firmly in two planes. 

EXTRUDED CHASSIS PARTS, brake- 
fornied guides, and flat springs allow 
more tolerance rcduction in asembly. 

EXTRUDED OR HEAT-FORMED plastic 
guides are inexpensive and reduce the 
chance of shorting to the nictal chassis. 

PLASTIC EXTRUSION here provides its 
own spring grip to support a light-weight 
panel in a mild environment. 
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Printed circuit boards must be easily inserted, accurately guided, 
and supported firmly in place during service. 

Irwin N. Schuster 

- 7 

NOTCHED SPRING MATERIAL allows 
wide grooves for ease of alignment when 
mating with fixed connectors. 

NYLON GUIDES grip the hoard along its 
entire length, lend support, and damp vi- 25 bration during service. 

PrDrtectf ve 

Assembled 
to Gbossis 

Pressed 

chassis 

BOARD STIFFENER requires wide chan- 
nel in chassis. When channel is pressed 27 pressed from chassl. 28 from chassis, air louvers are gained. 

PANEL STIFFENER and protective rir 
give excellent service. Guide can b 
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29 FORMED SHEETMETAL GUIDE is 
niade of spring material, with the end cut 
off a t  an angle to guide the board. 

i eod- li, 
angle 
/ 

STAMPED-IN board guide reduces 
weight of chassis while providing firm 
board mount. Note lead-in angle. 

/ 

INTEGRAL GUIDE is ideal when stiff 
chassis is required and gives excellent 32 lead-in characteristics. 

SMALL SECTIONS stdiiiyed in the chas- 
sis provide locating guides for cards 
itiounted in fixed positians. 
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Handles for Printed Circuits 
Seven simple designs for making maintenance easier. 

Irwin N. Schuster 

0 

I 

2 
SMALL EYELET and removable extractor 
works well when space and weight are at a 
premium. 

I 
PUNCHED OR DRILLED HOLES 
are adequate if space between 
boards is sufficient for finger in- 
sertion. Grommets may be required 
in some materials. 

SERRATED FINGER GRIPS are often best when 
spacing of boards is extremely close. 
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D 

EXTRUSIONS staked, crimped or pinned in place form 
attractive withdrawal aids. 

4 
INDIVIDUAL HANDLES, tab- 
bed or riveted in place, may be 
called for on large boards. 

FORMED BOARDS do double duty when test 
points and jacks are incorporated into handles. 

7 
STAGGERED POSITIONS of removal tabs give 
easy access to test points on closely spaced 
panels. 
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8 
CABLE CLAMPS AND STRAPS are  readily available in 

many styles. By using solderable materials, handles can be 
assembled during component-soIdering operation. 

9 
MORE COMPLEX SHAPE of sheetmetal handle 

is often preferred when appearance is an im- 
portant feature of the design. 

i o  
WIRE OR SHEETMETAL parts may be easily 

formed either as full handles or fingergrips. 
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Setscrew 

~ 

Copper 

12 

* 
Adhesive 

11 
SLOTTED ROD, held by either 

a screw or adhesive, is most suitable 
when more robust fastening is 
required. 

A 13 
BOARD-STIFFENING FRAMES have integral slide surfaces and handles. 

Method suitable for either press-forming (A) or extrusion (B). 

SPLIT TUBING can be slipped 
onto panels and retained by spring 
effect, or a copper strip can be left 
to provide a shoulder. 

14 
DIE-CAST AND MOLDED handles can be provided if needed in  quantity 

large enough to justify added cost of tooling. 
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Friction Clamping Devices 
Bernard J. Wolfe 

Scction A-A 

ALL TYPES of mechanisms used for gaining mechanical 
advantage have probably been used in the design of fric- 
tion clamps. This type of clamp can hold moderately 
large loads by friction grip on smooth surfaces even of 
comparatively small area and, in some designs, tightened 
or released with little effort and movement of the control. 
In the clamps illustrated here the mechanical advantage 
is gained by the use of the common devices: lever, toggle, 
screw, wedge, and combinations of these means. 

Champ scr& &ne tip 
lifis T-bolt to clamp 
slide fo bed 

SLIDE C W P  

, I  
, I  C/amp sh0e-J' I S  

; ',_clamp 
Chmp yoke---' support 

TURN TABLE CLAMP 
Clamp assembly floats on pin and 
does not disturb table setting 



~ S m a / l h n # w h e e l  rofafes spur : - -Sl .ve wish Cenfer Cjourna/ed 
: gear to aaJust center / rack feeth in bearings within 

I !  

I I ’ Blocks &mp ; 
sleeve when 
pushed fogether 

Long s/eeve--d 

CENTER SUPPORT CLAMP 

locking & Clamping 

TuMe or p/af&rm will 
support 800 Ib.---,. 

+“Via.- - 
finger re - 
kase /every 

I 
i 
I 
i 
i 
A 

PEDESTAL CLAMP 

hrizonfa/ :--Clamp stud fighfens fwo 
fts simu/faneousiy 

RIGHT ANGLE CLAMP 

Specimen clamp 
screw 7, 

h 
SLIDE CLAMP 
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SPECIMEN HOLDER CLAMP TABLE CLAMP 
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Devices for Aligning 
Adjustab c'ampin7 e Parts 
Methods of clamping parts which must be readily movable are as numerous and as varied 
as the requirements. In many instances, a clamp of any design is satisfactory, provided it 
has sufficient strength to hold the parts immovable when tightened. However, it is some- 
times necessary that the movable part be clamped to maintain accurate alignment with 
some fixed part. Examples of this latter-type are described and illustrated. 

Louis Kasper 

FIG. 2-Lower edgc of the bolt head contacts the angular side of 
locating groove, causing the keys to be held tightly against the opposite 
side of the groove. This design permits easy rcmoval of the clamped 
part, but  is effective only if the working pressure is directly downward 
or in a direction against the perpendicular side of the slot. 

Movable ,-A Bo/f set 1~ ?/' deg 
part '---,I, I opprox:v oi+4 

FIG. 1-When nut is tightened, the flange on the edge 
of the movable part is drawn against the machined edge 
of the stationary part. This method is effective, but 
removal of the clamped part may be difficult if it is heavy 
or unbalanced. 

FIG. 3-The movable part is held against one side 
of the groove while the T-nut is forced against thc 
other side. Removal of the screw permits easy 
removal of the clampcd part. Heavy pressure toward 
the side of the key out of contact with the slot may 
permit slight movement due to the springing of 
the screw. 

Conlco/ heod bolt 
.'h countersunk ho/e 

FIG. 4-One sidc of the bolt is machined at  an anglc to form 
a side of the dovetail, which tightens in the groove as the nut 
is drawn tight. Part must bc slid entire length of slot for removal. 

FIG. 5-The angular surface of the nut contacts the angular sidc 
of the key, and causes it to move outward against the side of 
the groove. This exerts a downward pull on the clamped part 
due to friction of nut against side of groove as nut is drawn 
upward by the screw. 



\ 

- - ---__ --* - - - - - - - - - FIGS. 6 and 7-These dcsigns differ only in depth of 
the grooves. Thcy cannot withstand heavy pressure in 

-._ 
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\ -  
FIG. 8-Screw contact causes the ball to excrt an outward pressure 
against the gib. The  gib is loosely pinned to the movable part. This 
slide can be applied to broad surfaces where it would be impractical 
to apply adjusting screw through the stationary part. 

Movab/e Short Movub/e . 
member .: 

Ir, -,-...- 
6 b r  ent,re h g f h  o f  ad/usfmenf 

FIG. 9-The movable member is flanged on 
one side and carries a conical peintcd screw 
on the othcr sidc. A short shaft passcs 
through both mcmbers and carries a detent 
slightly out of alignment with the point of 
the screw. This ?haft is flattened on oppo- 
site sidcs where it passcs through the sta- 
tionary mcmbcr, to prcvcnt its turning when 
the movable mcmbcr is rcmovcd. '4 heary 
\rasher is screwed to thc under side of the 
shaft. When thc knurled scrcw is ttirned 
inward, the shaft is drawn upward while the 
movable mcmbcr is drawn do\vnward and 
backward against tlic flangc. The  shaft is 
forced forward against thc cdgc of thc slot. 
The uppcr mr-mbcr may thus be moved and 
Iockcd in any position. \\:ithdrawing thc 
point of thc s c r w  from thc dctcnt in the 
shaft pcrmits rcmoval of the uppcr mcmbcr. 

FIG. 10-One edge of a bar 1s 
machincd at  an angle which fits 
into mating surfaces on the mov- 
able part. When the bolt, 
which passcs through the mov- 
able part, is draa-n tight, the 
two parts arc clamped h l y  
togcthcr , 

FIG. 11-As tlic scretv is tight- 
ened, the chamfered edges of 
the cut tend to ride outward on 
the angular surfaces of the kcy. 
This draws the movable member 
tightly against the opposite side 
of the shaft. 

Locking screw 
set at 45deg'., 

Momb/e 
membei---- 

FIG. 12-As the screw is turncd, it causcs the movable 
side, which forms one side of the dovetail groove, to 
move until it  clamps tightly on the movable member. The 
movable side should be as narrow as possible, because there 
is a tendency for this part to ride up on the angular 
surface of thc clamped part. 
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How Spring Clamps Hold Workpieces 
Here's a review of ways in which spring clamp devices can help you get a grip on things. 

Federico Strasser 

Counterweighfs ~ _ _ _ _ _ _ _  ~ 

RODS OF DIFFERENT SECTION can 
be easily held by this device. Strength of 
grip can be varied if neccssary. 

SECOND-CLASS LEVER gives  low 
clamping forces for parts that are easily 
niarkcd or rcqiiire gentle handling. 

FLAT SPRING ACTS THROUGH PIN 
that holds the workpiece in lhe fialiirc. 
'Iliis d o i c c  also paJli\clj localrs p;irls. 

COVER LATCH is ;iih ideal application 
for spring and notched le\cr. Makc the 
fulcriini dctschahle for c*iisc o f  repair. 
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Drill/ng bushing. t7af springs 

FLAT WORKPIECES of constant thick- 
ness are held with ii couple of flat springs 
attached t o  the jig fable. 

SIMPLE CLAMPING FIXTURE is ideal 
for holding two flat pieces of material 
together for either welding or riveting. 

LEAF-SPRING latch can be fashioned 
as shown, or the spring itself can be 
formed to provide its own latching notch. 

POSITIVE OPEN-OR-SHUT lid relies 
upon a spring. Over-center spring action 
makes the lid a simple toggle. 
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Wire Locks and Snap Rings 
for Fastenings 
Adam Fredericks 

FIG. 1 

FIG. 6 

FIG. 8 FlG.9 

FlG.2 
F16.4 '6 

F l G . 3  FIG.5 

Frequently considerable saviogs can be made by the substitution of wire locks 
or  snap rings in place of expensive tapping operations, or t o  eliminate the neces- 
sity of boring holes t o  two different diameters and grinding shafts to  shoulders. 
Often,  screws and lock nuts can also be eliminated. 

Wi re  locks and  snap rings can be used only where the loads are  radial and  
thrust loads are  light. Spring steel or  music wire is usually used for the mate- 
rial. Usually, &-in. diameter wire is sufficiently large. I n  nearly all of the ac- 
companying illustrations the wire size is shown exaggerated. 

Figs. 1 and 2-Two common applications for wire locks to  a screw or  a pin. 
Fig. 3-The two forms of grooves shown here should be avoided, a s  each 

offers too much difficulty in snapping off the ring, particularly when the outside 
or  outermost diameter of the wire ring is below the surface of the work. 

Fig. 4-EiJarged view of a successful type of groove, the rounded edges per- 
mitt ing the wire to  be snapped out with greater facility. 

Fig. 5-Wire locks may be made in the form of a close wound spring and  suc- 
cessive coils cut off to  suit. Diameter A should be &-in. smaller than the 
diameter E indicated in Fig. 4. Lap  C should be 6 in. for each &-in. difference 
between diameters A and E. 

Figs. 6 to E-Three typical applications of snap rings. 
Fig. 9-Spring lock of &-in, wire on a &in. diameter pin, a s  used in a well- 

known universal joint. Once assembled, the spring lock cannot snap out. 

FIG.10 
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0 
FI  6.13 Fl6.15 

Fig. 10-A hole in the shaft receives the end A of the spring lock. 
position of the  nut  is changed a new hole must  he drilled i n  the shaft. 

Figs. 11 and 12-Typical applications of wire locks. 
Fig. 13-Press-formed external wire lock. Loop -1 allows insertion of a \%ire 

puller when disassembling. 
Fig. 1 L A p p l i c a t i o n  of a wire lock in a lubricating device to  hold the wire 

mesh screen and felt in place. 
Fig. 15 and l b F e l t  seal housing held in place hy a wire lock, and enlarged 

view of groove. 
Fig. 17-Method of cutting internal lock rings from a close wound spring. 

Diameter A should he &-in. larger than diameter B and gap C is 1 in .  Cor each 
&in. difference between diameters A and B .  

Figs. 18 and 19-Wire locks for the felt seal housing of a tapered roller hear- 
ing. In Fig. 19 is shown the enlarged view showing the different positions 
taken by the wire lock for a various of plus or  niinus 311 in. axially. 

Fig. 2 k W i r e  lock, internal, applied to  a sheet nietal stamping. 
Fig. 21-Wire lock in the  outer race of an open-end hearing t o  make it integral. 
Fig. 22 to Z 6 T y p i c a l  snap ring niade of rectangular spring and various ap- 

plications of snap rings made of rectangular stock, a s  applied to  roller bearings 
and hall hearings 

When the 

Y 

- 
F I G . 2 0  

36.19 

FI 6.22 

F I G . 2 1  

F16.23 

F16.16 

A 

FiG.17 
LL 

u 
FI 6.18 

FiG.24 - 
FIG. 25 
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Applications of Helical Wire 
Originally devised to reduce thread wear and stripping between steel fasteners and soft 
materials, helical wire inserts are now being used in plastic and wood for similar purposes. 
Other applications are to prevent galvanic action, act as electrical connectors, and to reduce 
weight, cost and number of parts needed in an assembly. 

Paul E. Wolfe 

Insert. 

Fig. 1 4 a l v a n i e  action between steel bolt and mag- 
nesium part, (Left), attacks thread causing part failure. 
Stainless steel insert, (Right), reduces galvanic action 
to a negligible amount while strengthening threads. 

Fig. 2-Insert used as an  electrical connection as well 

as a thread reinforcement. Unit is threaded into plastic 
and tang is bent to form soldering lug. 

Fig. 3-Direct connection of grinding wheel onto a 
threaded shaft by using a wire insert. Washers and nut 
are not required thus simplifying assemhly. 

inserf - - 

F i g . 8  

sockel , 
jomr ' I I I 

Fig. 8-Wear and backlash ran he reduced on adjust- 
ing threads. Clamping strength is not needed but inter- 
mittent thread travel makes reinforcement desirable. 

Fig. 9-Combination of inserts and capscrews permits 
installation of machinery and other equipment on wood 

floors and walls. Access to opposite face of the wood is 
not a factor nor are joists and other obstructions. 

Fig. 10-Plastic-to-wood connector. Reprated assembly 
and disassembly does not affect protrcted threads in 
wood or plastic parts. 

m e  

' W  Exfernaf 

inser t7  

Inremat 

16 

Fig. 1GSe izn re  and corrosion of pipe threads on corn- 
pression, fuel and lubricant tanks, pipe lines, fittings, 
pumps and boilers are prevented by using an insert. 

Fig. IS-Stud (Left) transfers thread wear from the 
tapped hole and into the expendable threads on the 
stud and nut. Interference fit in the tapped hole is 

mandatory. Insert (Right) prevents wear and makes 
stud unnecessary. Lower cost cap screw can be used. 

Fig. 16-Thread series can be changed from special to 
standard, from fine to coarse or vice versa, or corrected 
in ease of a production error by redrilling and retap- 
ping. Inserts giving desired thread are then used. 
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F i g .  4 

Open ended 
reraining plug 

_ -  

- Insert 

Aluminum 
black 

Preassembled 
cylinder head 
and l iner 

Fig 5 

Pnerohc ,par, 

Inserl  molded 

Fig. LLonsening  of the set screw by vibration is re- 
ducrd by using an insert. As pulley is a soft metal die 
casting set screw tightening often stripped threads. 

Fig. 5-Insert withstands combustion thrust of dieseI 
cylinder. It prevents heat seizure and scale on threaded 
plug making cylinder replacement and servicing easy. 

Fig. 6-Phenolic part insert forms strong thread with- 
out tapping and drilling. Insert is resilient, does not 
crack phenolic or set up local stress roncentratinns. 

Fig. 7-Enlargement of taper pipe threads in nerks of 
pressure vessels, caused by frequent inspection and 
interchange of fittings, can be minimized. 

t'ig. 11-Thrrar1.i are prnterted from stripping in new 
aluminum engine heads by inserts. Also can be used 
to repair stripped spark plug holes in engine heads. Fig. 1 3 4 e r r t e r  inaert serves as brakeband to lock 

adiustable bushing. Small inserts keep set screws from 
Fig. 12-Insert prevents pipe fittings from peeling stripping plastic when tightened. Also, adjustment 
rhips out of tapped aluminum threads. Introduction of threads e m  not be marred by end of set screw. 

chips into the lines rould cauw a malfunction. 

h e r f  over 
shoN cuf 

Flg 19 F 19 18 fhreods 

Fig. 17-Assembly weight m a y  be rednced. Jdeft view- 
ahows the standard method of attaching front and mid 
frame of a compressor. Lockwire is used after assembly 
i s  completed. Right view is new method resulting in 
weight and space economies. 

Fig. 18-Assembly of a shaft through a bearing is sim- 

plified by adding external insert over cut shaft threads. 
Machining the full shaft length is also unnecessary. 

Fig. 19-Square tang insert-called screw loek-auto- 
matically locks the screw so that lock washers, nuts or 
wires are unnecessary. Insert lorka itself into parent 
material without necd for pins, rings, or staking. 
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Types of Wire Ties 
for Reinforcing Bars 
Typical ties to hold rebars in place during concrete pouring. 

Reinforcing Rods 

Wire 

A 

First Step for This Tie 

Too 

'4 

\ 

Names of Ties 
1 - Simple Tie or Snap Tie 
2 - Wall Tie 
3 - Double Strung Single Tie 
4 - Saddle Tie 
5 - Saddle Tie with Twist 
6 - Figure-Eight Tie 

s 
Source Standard Hondbook of Fostening 8 Joining, 3rd Edition by Robert 0. Pormley 

0 1997 Reproduced with permission of the McGraw-Hill Companies 
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For Cable Drives-These Design Hints 
When gears are too expensive, try a cable drive-low cost, durability and reliability are 
features 

F r a n k  William Wood JR. 

CHANGE OF DRIVE PLANE Iron1 
vertical to horizontal is no problem 
with a cable drive, One or more idler\ 11 may bc nccdcd -and watch friction. 

provide more uniform 
fakeup in slack 

“INSIDE” location for spring is right 
on the driven pulley itself. While one 
spring will often suffice, a second one 
providcs uniformity. 

FINE STRAIGHT-HURL 01’ doLiblc- 
wrapped smooth shaft p rov ides  ade- 
quatc non-slip friction for most dr ivcs .  
Slip occurs before drive is damaged. 

SPRINGS can be located along any 
part of the cable, so long as distancc X 
i s  suficicnt to prevent t h e  spring from 
cngaging p~illcq,  
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“OUTSIDE” location tor takeup 
spring often itllows more freedom 0 1  
design. Beryllium-copper springs need 
no protective plating. 

BACKLASH in ii drive system can be 
eliminated by using an extension spring 
preloaded so i t  won’t stretch under 
normal drive forces. 

Mefa/ band crimoed 

R A a 

SPRING ATTACHMENT to the drive 
cable should be as secure as possible. 
Cable loop (A )  is good; eyelet (B)  
causes lcss cable wear. 

PULLEYS of nylon ( A )  give needed 
grip, yet slip at unsafe loads. Phenolic 
pulley (B)  is free fit on shaft. Fixed 
polished shaft (C) adds friction. 
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Aerial Cable Installation 

M E W D  OF 5PLlCtNG AEUIAL mi-€ 
ME55EN.IGER 4 &VUCTOK5 

R 

w 
Dead Ending Aerial Service Cable 

3 wLr GUY CLAVP 

Aerial Cable Corner Construction 

Ending Aerial Service Cable 

N 

Ld 

ole Guy Angle Installation 

Source Standard Mechanical and Electrical Details, by Muellei 
0 1979, Reproduced with permission of the McGraw~Hil l  Companies 
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Cable Replaces Piston Rod 
Long-stroke pneumatic cylinder with wire cable hooked to piston 
no piston rod at all. 

YLINDER-and-Cable design per- C mits use of pneumatic cylinders 
in restricted space, since the cable 
eliminates clearance problems created 
by the piston rod ordinarily used. The  

End brackef, 

Cab le 

PISTON, CABLES, CLIP form a 
continuous loop in tension. Piston motion 
in either direction is transmitted directly 
to the machine part to which the clip is 
connected. Standard end brackets are 

-Packing gland 

has 

1.75-in. ID cylinder can be ordered 
in  any length to match the stroke de- 
sired. Tol-Air Cable Cylinder op- 
erates a t  150 psi max and i s  produced 
by Tol-0-Matic Inc, Minneapolis. 

m-L ocker ring a- Washer 

- V-packing 

Male spacer 

Bushing 

bolted to the flange of a cylinder of the 
desired length. Cylinder is standard cylin- 
der tubing with a hard-chromed bore to 
minimize wear. Aluminum end bracket 
supports cable sheave, packing gland, and 

air connections. The end brackets can be 
used with cyhders  of any length. Nylon- 
covered aircraft cable is sealed by V- 
packings. Swaged, threaded fittings on the 
cable ends connect to piston and to clip. 
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Ideas for Flat Washers 
You can do more with washers than you may think. 
Here are 10 ideas that may save the day next time 
you need a simple, quick, inexpensive design. 

Robert 0. Parmley 

/loose f / f  on shaff) 

Need to  hold odd-shaped parts? A f la t  washer 3 and Belleville spring make a simple anchor. 
1 Are your belts overlapping? A f lat washer, 

loosely f i t ted to  the shaft, separates them. 

Rod, 1 p  Movemenf I 

E'd view 9Odeg approx 

of weld 

Ploa f , 
-~- -- 
L iquld f 
level 
f variable) 

z 
f/owf 
fravei 

Got  a weight problem? Adding or subtracting 4 fiat  washers can easily control f loat action. 2 some rocking; i f  welded, the support is stable. 
How about a rod support? A bent washer permits 



Washers 11-3 

[Add ax/e rad for fucrungl a 

How about some simpleflanges?Here the wash- 5 ers guide the twine and keep it under control. 
Does your floor t i l t?  Stacked washers can level 8 machines, or give a stable height adjustment. 

Rad 

Arm 

Axle 

washer 

Here’s a simple iock. A machine bolt, a washer, 9 and a wing or lever nut  make a strong clamp. 
6 Need some wheels? Here f lat washer is the 

wheel. A rubber disk quiets the assembly. 

Want to  avoid machining? Washers can make 7 anchors,stop shoulders, even reduce tubing ID. 
Need a piston in a hurry? For light service, 10 tube, rod, and washer wil l  be adequate. 
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Versatile Flat Washers: 
can be used in a ,variety of unusual applications 
Robert 0. Parmley 

Stiffen machine mount 

Machine screw .. 

Machine base 

* -  
Rubber grommet j 

Support a shaft 

round stock 

square 
weld 

Stabilize a point 

Guide wire or tubing 

Act as a valve seat 

Sleeve 
Vacuum 
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Washers are usually thought of bearing surfaces placed under bolt 
heads. But they can be used in a variety of ways that could simplify 
a design or be an immediate fix until a designed part is available. 

Reinforce a roller Act as a pulley flange 

Flat 
washer 

Form a pulley 

Form a shock absorber 

Act as a bearing surface 

- ,Fiberglass housing 

. .  . . .  , . _  

. .  . .  
' Cap screw 

'Plastic shell 
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Jobs for Flat Rubber Washers 
Rubber washers are more versatile that you think. Here are some 
odd jobs they can do that may make your next design job easier. 

Robert 0. Parmley 

n r\ 

2 Impact absorption idler roller 3 compression mount 

D 

\ 

Valve stem 

Cy1 i nde r va Ive 
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Tube crimped 

Gefol /lot wosher of end Rubber flof woshersv 

- VOCUl - 

Rubber 

Ball 

f/of wusher ‘Adhesive bond 

‘Adhesive bond 

‘Ploslic chamber 

4 Compression ball seat 5 Hose bib retainer 

, Connec fion 

8 Protective bumper 9 Expansion isolator 



11-8 

Take Another Look 
at Serrated- Washers 
They're a stock item and come in a variety of sizes. 
With a little thought they can do a variety of iobs. 
Here are just eight. 

Robert 0. Parrnley 
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Dished Washers Get Busy 
Robert 0. Parmley 

A 0 HEIGHT ADJUSTMENT 

Jam nuf Dished washer3 

1 

20 GUIDE WHEEL 

Add rubber befwsen 
wosbers for gr@power 

To remove pi?? 

Refahing ring I 

COIL SPRING STABlLlZEA 10 SIMPLE VALVE 
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Let these ideas spur your own design creativity. Sometimes commercial 
Belleville washers will suit; other wise you can easily dish your own. 

Washers 

Section A - A  

Workpiece 

Section A - A  

Base 

3 ALIGNING BUTTONS 
0 will rotate if holding screw is shouldered 

here for non-slipp;ng 

non-s//p arrangement/ 

4, V-BELT PULLEY 

Rubber sur face adhesive. A 

Alternate: Profecf corners and 

,Lock washer 

I I 

tope on bevels 

Sbc 
Washers / 

7f f  
I 7 1 1 1  I c 

7. END AND CORNER PROTECTION 

11 FLARED SPOOL-FLANGES 

Sho f fs  Beflevil/e sprjng washers Enlarged 

\ I  
Jam f fufs 

/ 
Work area 

12 0 CORRUGATING ROLLERS FOR PAPER OR CARDBOARD 
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Design Problems Solved with 
Belleville Spring Washers 
Robert 0. Parmley 

Pulley assembly 

Mounting spring stabilizer 

(Nut and washer Force 

Retain tapered coil spring 

Knurled adjustment 
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~elleviIle springs are a versatile component that offer a wide range of applications. 
There are many places where these components can be used and their availability 
as a stock item should be considered when confronted with a design problem that 
requires a fast solution. 

Secure anchor bolt Clamp fixture spring 

, Belleville 

._ r Lock retainer 

Lock mechanism 

Machine leg spring mounts I 

spring disc 

A €5 C 
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HOW to Increase Energy Capacity 
of Belleville,Spring Washers 
New equations give stress-energy relationships and lead to the unusual arrangement 
of nesting Bellevilles one inside the other. 

H. P. Swieskowski 

INCE 1867, when M i e n  F. Belfeville was issued a S patent in Paris for the invention, Belleville springs 
have never ceased to find wide application. Now, more 
and more, they are being used to absorb high impact 
energies. With the arrangements and new design 
equations given here, you can easily design for maximum 
energy-absorbing capacity. 

Also called conical disk springs, Belleville springs are 
actually no more than conical washers. They are very 
compact, which leads to first of several advantages: 
@They can absorb a large amount of energy at high 
loads and with a comparatively short working stroke. 

They can return to the system practically all the energy 
they absorb during the compression or impact stroke. 
With ring springs, in contrast, approximately 50% of 
the input energy is dissipated as heat. 

Their load-deflection characteristics can be altered 
simply by adding or removing individual washers, by 
stacking washers in various parallel-series combinations, 

1 . . Four arrangements of 
Belleville springs. The nested design 

and by nesting them inside larger washers, Fig 1. 
Generally speaking, Belleville springs are better suited 

than helical compression springs where longitudinal 
space is limited, in other words, where space for solid 
height is limited and where a helical spring would result 
in a small index (the ratio of the mean coil diameter to  
the wire diameter). 

Design recommendations 
You don’t need a maze of nomographs and tables to 

calculate the impact load a Belleville spring must absorb. 
With these new design equations, given below, you can 
predict the amount of induced stress directly. But first, 
some important findings: 

Nested springs-ne washer inside another-require 
no more space than single springs and reduce the maxi- 
mum stress by 14%. 

One-parallel-series arrangements of Belleville springs are 
more efficient energy absorbers than two- or three-parallel 

TWO-PARAiLEL SERIES THREE-PARALLEL SERlES 

has highest efficiency for absorbing 
energy. Contrary to popular opinion, 

the one-parallel design is more efficient 
than the two- or three-parallcl designs 
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series - contrary to some popular misconceptions. 
0 Final working stress is directly proportional to the 
square root of the energy capacity and inversely propor- 
tional to the outside diameter and square root of the 
solid height. 

Oneparallel-series equations 
To simplify analysis, it is assumed that the minimum 

working height is equal to the solid height and that there 
is no precompression for assembly. Thus the total deflec- 
tion is 

Fs = H F  - Hs 
For symbols, see Box on page 93. 

The height-thickness ratio, B = h/ t ,  determines the 
shape of the load-deflection curve. By varying the B 
values, it is possible to obtain a wide variety of load- 
deflection curves, Fig 2. The curves are plotted against the 
deflection in terms of height as the spring washers are com- 

NESTED ARRANGEMENT I 

for most ratios of dish height (deflec- 
tion to flat) to metal thickness. 

Bel!eville 
springs 

.Preload 
nut 

Buffer mechanism with Belleville 
springs for high-impact energy absorption. 
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pressed from free height to solid height. 

ville springs are 
Load 

The conventional load and stress formulas for Belle- 

where the constants C,, C, and Y are given by the equa- 
t;ons 

2.c 

1 .E 

l.E 

1.4 

1.2 

a" 1.c 
2 
0 
D 

3 0.E 

c 

U 0 

Of 

01 

0 ;  

( 

3 ( A  - 1) Ga = 
T In A 

The constants can be iuickly approximated by means 
of Fig 3. 

The stress equation, Eq 2, givcs the value of the com- 
pressive stress which occurs on the convex side at the 
inner diamzter. The stress h2s a maximum value when 
fi = h. Hen-e the maximum (final) stress from Eq 2 is 

The energy stored in one washer compresszd from 

0 2 h  0 4h 0 6h 
Deflection in terms of  height, h 

0.8h h 

2 . . LOAQ-DEFLECTION CURVES. The hcight-thicknebs ratio, S ,  dclci-iniiics thc shape of t l ~ c  CUI'VC. 
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free height to the flat position is obtained by integration 
of Eq 1: 

- 
For an assembly of N washers in series 

Keeping in mind that H ,  = Nt and B = h / t ,  Eq 5 
is rewritten to read 

EHs t4B2 (B2 + 4) 
Z ( l  - Q') YD,' E N  = (6) 

Combining Eq 3 and 6 gives the relationship between 
final stress and energy capacity: 

. .  
For the usual spring materials where E = 30 X loR 

psi and Q = 0.3, the final stress is 

For all practical purposes, the stress at solid height, 
which is the final stress, can be chosen at the permissible 
stress-the maximum working stress for the spring. 

text continued, page 94 

Ra tto of OD/ ID 

3 . . CONSTANTS for load and stress equations. 

SYMBOLS 

General symbols 
A 
B 
c 

values of C, and C, 
Di = Inside diameter, in. 
Do = Outside diameter, in. 
E = Modu-us of elasticity, psi 
E X  = Energy capacity, in.-lb 
F = Deflection, in. 
F S  = Total deflection, in. (FS=HF--HX)  
h = Dish height, in. 
H F  = Free height of spring assembly, in. 
HS = Solid height of spring assembly, in. 

P = Load, Ib 
= Poisson's ratio 
= Stress, psi 

Q 
s 
ss = Final stress, psi 
t = Thickness of washer, in. 
Y = Constant, see equation or chart for 

For one-parallel series 

S'S 

= Diameter ratio (A = D , , / D ,  ) 
= Height-thickness ratio ( B  = h / t )  
= Constant; see equations or chart for 

( H s x N t )  

values 

Variation index of final stress 
Energy capacity and final stress of in- 
ner spring in nested design, in.-lb, psi 
Energy capacity and final stress of 
outer spring in nested design, in.Jb, 
psi 

= Number of washers in one-parallel 
series 

E.<,s: 

N 

For two-parallel series 
B, = Height-thickness ratio 
S"1 = Final stress, psi 
N? 

For three-parallel szries 

B.3 = Height-thickness ratio 
SWd = Final stress, psi 
N ,  

= Number of parallel units each con- 
taining two washers 

= Number of parallel units each con- 
taining three washers 
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This is particularly true for critical applicalions where 
spring space is limited and loading is of an impact nature. 
In the design of Belleville springs, a main consideration 
is to keep the final stress at a safe and reasonable level. 
Eq 8 shows that the final stress is inversely proportional 
to the outside diameter and the square root of the solid 
height; therefore, we make these two values as large as 
space requirements allow. Doubling the value of the 
outside diameter (keeping all other variables constant) 
will result in a 50% reduction in the final stress. A 
similar increase in the solid height will produce a 30% 
reduction. Eq 8 further shows that the final stress is 
directly proportional to the square root of the energy 
capacity. 

The values for the outside diameter, solid height, and 
energy capacity are usually given within narrow limits for 
a particular application. The outside diameter is deter- 
mined by the hole diameter into which the spring mud 
fit. The value of the solid height is dictated by the 
minimum working height and the energy capacity is pre- 
scribed by functional considerations. 

The question now remains, what ratios of A = OD/ ID 
and B = h / t  will result in the minimum final stress? 
Visual examination of Eq 8 does not readily show the 
stress effect of the two ratios. However, by simplifying 
Eq 8, a series of design curves, Fig 4, is obtained in 
which the final stress factor is plotted wiah respect to 
ratio A .  Ratio B acts as a parameter. For this chart, 
Eq 8 becomes 

where S’, is called the variation index of the final stress. 
It can be seen from Fig 5 that the final stress is at a 

minimum when the diameter ratio A = 1.7 for all values 
of B. Also, for a given B value, the final stress increases 
at most by 3% in bhe range 1.5 4 A 6 2.0. Therefore, 
we recommend that the diameter ratio should be kept 
within the range of 1.5 to 2.0. 

Note also from Fig 4 that in the favorable diameter 
ratio range the final stress increases with increasing values 
of B. This condition is true except for the height-thickness 
ratio of B = 3, for in the range of A = 1.5 to A = 
2.0, the final stress for B = 3 is less thm that for 
smaller B values (of 1 < B L 2). Belleville washers, 
however, have \been generally designed for energy ca- 
pacity with B values less than unity because frequently 
a short work stroke and a high degree of stability are 
required. 

Example lane-parallel design 
A set of Belleville springs, grouped into a oneparallel 

series arrangement, are to absorb the recoil of a rifle 
bolt. The given requirements are: 

Outside diameter, Do = 0.900 in. 
Solid height, H8 = 2.035 in. 
Stroke, F8 = 0.407 in. 
Energy-absorption requirement, EN = 100 in.-lb 
Material = alloy steel, AIS1 6150 
Step 1: Select the diameter ratio. Based on the pre- 

vious recommendations, a ratio of A = O D / l D  = 1.7 
is chosen. Therefore from Fig 3 (or, for more accuracy, 
from the equations of the constants) : 

C, = 1.15, C, = 1.26, Y = 0.61 
Step 2: Determine the height-thickness ratio. In  this 

case a stroke of 0.407 is required, which means that 

= 0.2 
h 
2 H ,  2.035 

B = - -  F8 -%!!!? 

Step 3: Calculate final working stress from Eq 8: 

= 222,000psi 
Step 4: Calculate the thickness, t .  If the stress value 

of 222,000 psi is acceptable, the thickness t can now 
be calculated from either Eq 3 or 6. 

From Eq 3: 

Ski, 5: Dctcrminc thc dish height, I?: 
I& = B1 = 0.3(.055) = 0.011 itb. 

Step 6: Determine the number of washers: 

The complete design data for this spring are listed 
in the second column in Table 1. The data will be com- 
pared later to a nested arrangement. 

Variations in stroke 
The analysis shows that increased spring travel can be 

obtained with no  corresponding increase in final stress. 

1 6  

1 5  

1 4  

-2: 1.3 
x 
D .- 
2 1 2  
c rn 

I - 
n c - 

LL 1.1 

1.c 

G :  

O t  I I 
I 

0 2 0  30 40 
Dicrneter ratio, A : O D / I D  

4 . . STRESSES IN one-parallel Bellevilles 
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Consider the point A = 2.0 and S'# = 1.07 in Fig 4. 
The two curves B = 1 and B = 3 intersect at this point 
which means that two spring designs can occupy the 
same spring space (in other words, with the same Ha and 
Do values), end have equal energy capacities and final 
stresses-however, their total travel, FB, will be in the 
proportion of 3 to 1. To illustrate this point, consider 
the two springs listed in Table I1 with the same values for: 

Outside diameter, Do = 2.300 in. 
Inside diameter, Di = 1.150 in. 
Solid height, H s  = 3.650 in. 
Total travel, k's 6 3.000 in. 
Energy requirement = 342 in. lb. 
Material AISI 6150 

The two springs have been desigded to B = 1 and 
B = 3. Final stress and energy capacity of both designs 
are equal, but the springs differ in total travel and 
numfber of washers. The load-deflection diagram for 
each design is shown in Fig 5. The energy capacities for 
the springs are represented by the areas under the curves. 
The areas are equal to each other. Note that there is an 
energy content common to both designs. The total travel 
for design B (4.95 in.) is three times that of design A 
(1.65 in.). 

Nested arrangements 
Again, to simplify the analysis, it is assumed that 

there is no diametral clearance between the nested springs. 
To have a meaningful comparison, both assemblies are 
designed to  the same values for: 
.Energy capacity, EN = ENo -t EN' (where super- 

TABLE I . .  SINGLE VS NESTED ARRANGEMENTS 

Thickness, in. 

Dish height, in. 

Number of washers 

Diameter ratio 

Outside diameter, in. 

Inside diameter, in. 

Height-thickness ratio 

Stroke, in. 

Solid height, in. 

Energy capacity, in.-lb. 

Material, AIS1 

Final stress, psi 

scripts o and i purtain to the oulcr and inncr springs, 
respectively. 
.Stroke, F8 

Solid height, Ha 
Diameter ratio, A = 1.7 

0 Material, AISI 6150 
Outside diameter (the outside diameter of nested 

arrangement equals the outside diameter of single spring) 

For outer spring 

For inner spring 

For efficient design, the stress in the nested arrange- 
ment should be equally distributed, thus Sao = &'. There- 
fore Eq 9 and 10 result in 

EN' = 2.89 .EN' (11) 

EN = 1.346 E N o  (12) 

From the basic assumption that EN = ENo + EN', and 
from Eq 11, it follows that 

The relationship between the final stress of the single 
springs to that of the nested spring is obtained from Eq 
S, 9 and 12 as 

(13) Ss = 1.168s" 
Therefore, the percentage reduction in final stress, AS, 

ONE-PARALLEL 
ARRANGEMENT 

0.055 

0.01 1 

37 

1.7 

0.900 

0.530 

0.20 

0.407 

2.035 

100 

6150 

222,000 

NESTEO ARRANGEMENT 

OUTER SPRING INNER SPRING 

0.051 

0.0102 

40 

1.7 

0.900 

0.530 

0.20 

0.408 

2.040 

74 

6150 

191,000 

0.030 

0.006 

68 

1.7 

0.530 

0.312 

0.20 

0.408 

2.040 

26 

61 50 

191,000 
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that i s  gained by the substitution of a nested arrange- 
ment for a single spring is 

The stress reduction is constant and applies generally 
because it is independent of the solid height and outside 
diameter of the single spring. 

I'xample >Nested design 
Assume that the final stress of 222,000 psi in the first 

cxample is excessive and must be reduced. The use of a 
riested arrangement will decrease the stress by 31,000 psi 
to 191,000 psi. A nested arrangement that is equivalent 
to the first spring in energy and space conditions is easily 
computed with the aid of Eq 3 and Eq 9 through 13. The 
design data are listed in Table I. 

The solid height and total stroke of the nested design 
are not exactly equal to those of the single spring because 
the number of washers in each spring has to be a whole 
number. However, their differences are negligible, and 
for comparison purposes the height and stroke are con- 
sidered equal. Note that the individual energy capacities 
total 100 in.-lb in Table 1. 

Other parallel-series arrangements 
A comparison is now made of a one-parallel series 

with two-parallel and three-parallel series. Again, for a 
vlilid comparison, all spring assemblies have the same 

300 

n 
- 20c 
T3 
0 0 
-I 

IOC 

values for energy capacity, stroke, solid height, diameter 
ratio, material, and outside diameter. 

For two spring washers in parallel, the load-deflection 
formula is 

= +l-Q2)YDa[(  4EF h - - :) (h-P) t+ t3  ]I (1A) 

The energy stored in the washers upon compression 
,from free to solid height is 

The energy stored in ,a two-parallel series, as shown 
in Fig 1, with N ,  pairs of washers is 

(5A) 

With the equations H ,  = 2N,t and B. = h / t ,  Eq 5A 
is transformed to 

EH&Bz2 (B2' + 4) 
2(1 - Q') Y Doz 

Eiv = 

Stress at solid height of the two-parallel series is 

L 

(OA) 

I 

/ - S p r i n g  A 

Spring B 

/ 

I 1 

10 1.65 2.0 3.0 
Deflection, in 

I 4.95 

5 . . COMPARISON OF ENERGY CAPACITY. Both springs can absorb equal amounts for a given 
stress level. Spring A, however, accomplishes the job in one-third the distance required for spring B. 



Combining Eq 3A and 6A gives the following expres- 
sion for the two-parallel series: 

(I -Q2) 2E H s  Ex (Rz2f4) Y )"[ c, 2 + C2] (7A) 

The relationship of the final stress of the one-parallel 
series to the final strew of two-parallel series, obtained 
from Eq 7 and 7A, is 

From the given condition that both assemblies should 
have equal strokes, it follows that 

Bg = 2R (15) 
Therefore, Eq 14 is rewritten as 

L 

A graph of the stress ratios for one and two-parallel 
series arrangements are shown in Fig 7. Note that in 
the practical range -of B,  ( B  1), the one-parallel series 
is more efficient &an the two-parallel series. This is 
particularly true for B values between 0.3 and 0.6 where 
ail 8% stress savings can be realized. 

Washers 

TABLE 11. .SAME PERFORMANCE - DIFFERENT TRAVEL I SPRING 
A 

I 
Outside diameter, in. 2.300 

Inside diameter, in. ~ 1.150 

Height, in. ~ 0.055 

Thickness, in. 1 0.055 
i 

Height-thickness ratio 1 .o 

Diameter ratio 

Number of washers 3 0  

Solid height, in. 1.65 

Total travel, in. 1.65 

I 

Final stress, psi 21 8,000 

Energy capacity, in.-lb. 1 342 

Material, AIS1 i 6150 

SPRING 
B 

2.300 

1.1 50  

0.075 

0.025 

3.0 

2.0 

66 

I .65 

4.95 

21 8,000 

342 

61 50 

11-21 
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Similarly, the h a 1  stress of the three-parallel series 
(shown in Fig 1) is 

In combination with Eq 7, and the fact that both 
assemblies have equal strokes, it follows that the ratio 
of stresses of one-parallel to three-parallel design is 

L -  

This equation is also plotted in Fig 6. Note that in 
the practical B range, the one-parallel series offers a 
better utilization of spring space than a three-parallel 
series. For example, two spring assemblies that corre- 
spond to the points B = 0.4 and Ss/S, = 0.87 (a one- 
parallel series, with B = 0.4, and a three-parallel series, 
with B, = 1.2) will have equal strokes and energy ca- 
pacities and occupy the same space package. The final 
stress of the one-parallel series, however, will be 13% 
less. This comparison is shown in Table III. 

G e d  load-deflection formulas 

load-deflection ( P / F )  calculations are 
Formulas that can be used to good advantage for 

P - 4Et3 _ -  
F (1-&2) D2YN 

and 

(20) 
4Et4 - P _ -  

F ( 1 - Q ' ) D )  

For the usual spring materials where E = 30 X 10" 
psi and Q = 0.3, the above equations are reduced to 

P 132 X 106ta 
F Do2 Y N  
- =  

and 

P 132 X 106t4 - =  
F D2 Y H s  

(19A) 

The formulas are more convenient to use than Eq 1 
and are acceptably 'accurate for B values less than dr 
equal to unity, where the rate is essentially linear, as 
can be seen from Fig 2. 

Other design recommendations 

To simplify the analysis, it was assumed that there 
was no initial spring compression and also that there was 
no clearance between minimum operating height and 
solid height. However, in actual practice, it is recom- 
mended that a small precampression be applied to pre- 
vent looseness and that clearance be provided to avoid 
loading to flat position. The two recommendations are 
easily satisfied by designing for a total energy capacity 
slightly larger than actually required. 

Stress values given by Eq 2 and 8 are localized stresses 
that occur at the inner diameter and not throughout the 
entire cross section. Therefore, caloulated stress values 
may at times exceed the yield point of the spring mate- 
rial and yet be permissible. 

TABLE 111 . .  ONE-PARALLEL VS THREE-PARALLEL ARRANGEMENTS 

Number of individual washers 

Outside diameter, in. 

Inside diameter, in. 

Diameter ratio, 

Height 

Thickness, in. 

Height-thickness ratio, 

Stroke, in. 

Solid height, in. 

Energy capacity, in.-lb 

Final stress, psi 

ONE-PARALLEL 
SERIES 

26 

1.87 

1.10 

1.7 

0.034 

0.085 

0.4 

0.884 

2.21 

600 

305,000 

THREE-PARALLEL 
SERIES 

48 

1.87 

1.10 

1.7 

0.055 

0.046 

1.2 

0.884 

2.21 

600 

266.000 
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SEM Applications 
N. Dale tong 

w h e n  a split lockwasher is called for in a screw fastening, 
a flat washer is invariably necessary. The ways of assembling 
them illustrated below are strict requirements in military 
specifications-especially for electronic equipment. Corn- shown here can be depended on to pay off. 

mercial requirements usually vary-depending upon either 
the designer’s decision or product-cost restrictions. For good 
quality and reliable service, however, the fastening methods 

ASSEMBLY OF FLAT WASHERS AND SPLIT LOCKWASHERS 

Flut washers should be placed between . . . 

Nome fa/ maieriol / F / o i  washer 

F/ai washer 

Meid  Q032-ik 
or less ihkk 

F/a f washer--- - 

washer 
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Creative Ideas for Cupped Washers 
A standard off-the-shelf item with more uses than many ever considered. 

Robert 0. Parmley 

2 Simple step pulley 

sher (sectioned] 

m y’’’’A 

b Tubing connector 

Cupped washer ) 
(press fit or weld) 

€nd 

3 Rod aligner and pipe-end bearing 

Cupped washer 

7 Simple piston for cylinder‘ 
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1 Coil spring stabilizer and compression brake 

Cupped washers 
Cupped washers h 

‘snap rings Snop’ring 

4 Simple pulley and roller 

I V  I 

I .  1 Cupped washer)’ 

8 Toggle switch housing 

Inverted Post shoe 

5 Post anchors and supports 

CURRed washers 
[sectioned 

Plostic stem 

9 Protection for step shoulders 
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SECTION 12 

RETAINING 
Comparisons of Retaining Rings Verses Typical Fasteners 12-2 

12-4 

12-6 

12-8 

Retaining Rings Aid Assembly, I 

Retaining Rings Aid Assembly, II 

Coupling Shafts with Retaining Rings 
The Versatile Retaining Ring 12-12 

The Multiple-Purpose Retaining Ring 12-16 

More Work for Round Retaining Rings 12-18 

12-20 

12-22 

12-24 

Energy Absorber Squeezes Rings to Cushion Shocks 

Defection of Perpendicularly Loaded Split Circular Rings 

Improve Design with Retaining Rings 
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Comparisons of Retaining Rings 
Verses Typical Fasteners 
A variety of basic applications show how these rings simplify design and cut costs. 

Howard Roberts 

MACHINED SHOULDERS are replaced 
with savings in material, tools and time. 
Grooving for ring can be done during a n cut-off, or other machining operation. 

WHEN COLLAR AND SETSCREW are sub- 
stituted by ring, risk of screw vibrating loose 
is avoided. Also, no damage to shaft by screw 
point occurs - a frequent cause of trouble. 

RINGS THAT CAN REPLACE cotter pin 
and washer are economical since only one 
part is required and pin-spreading operation 
is not needed thus cutting time and costs, 



RETAIN COMPONENTS on diecastings with 
a simple-to-use grip ring. Slipped over the 
end of the shaft, the ring exerts a frictional 
hold against axial displacement of the shaft. 

r---i 

Retaining Rings 12-3 

7----- 

SHOULDER AND NUT are replaced by two 
retaining rings. A flat ring replaces the shoul- 
der, while a bowed ring holds the component 
on shaft for  resilient end-play take-up, 

THREADED INTERNAL FASTENERS are 
costly because of expensive internal thread- 
ing operation. Simplify by substituting a self- 
locking retaining ring-see lower drawing. 

COVER-PLATE ASSEMBLY has been re- 
designed (lower drawing) to avoid use of 
screws and machined cover-plate. Much thin- 
ner wall can be used-no drilling or tapping. 

w 

W 

HEAT-FORMED STUD provides a shoulder 
against retained parts but must be scrapped 
if the parts must be disassembled for serv- 
ice. Self-locking ring can be easily removed. 
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Retaining Rings Aid Assembly, I 
By Functioning as both a shoulder and as a locking device, these versatile fasteners 
reduce machining and the number and complexity of parts in an assembly. 

Robert 0. Parmley 

Slow-moving piston of hydraulic motor is assembled to the crank throw by two 
retainers. These are held in place by two retaining rings that fit into 
grooves in the crankthrow 

Internal self-locking ring supports a 
locator. Elevation of the pin may be 
altered in the entry direction only; the 
pin won't push down into the frame 

TWO port ring 

, ~ - P c  housing 

Two-piece interlocking retaining ring 
serves to  hold a two-piece assembly on 
a rotating shaft, and is more simple 
than a threaded cap, a couple of 
capscrews or other means of assembly 

Source: American Machinists, June 3, 1968 by permission of Publisher 



Free ring 

Groove detail 

Roller 

Roller axle 

Heavy-duty 

Two types of rings may be used on one assembly. Here permanent-shoulder rings 
provide a uniform axle step for each roller, without spotwelding or the like. 
Heavy-duty rings keep the rollers in place 

Reinforced circular 
self- locking 

rapered -section 
self- locking 

Retaining Rings 12-5 

Reinforced 
E -  ring 

Bowed locktnq- 
prong ring 

Snug assembly of side members to 
a casting with cored hole is secured 
with two rings: 1-spring-like ring has 
high thrust capacity, eliminates springs, 
bow washers, etc; 2-reinforced E-ring 
acts as a retaining shoulder or head. 
Each ring can be dismantled with a 
screwdriver 

~ ~ i l ~ ~ ~ ~ ~ ~ g  Triangular retaining nut eliminates the 
need for tapping mounting holes and 
using a large nut and washer. Secure 
mounting of small motors and devices 
can be obtained in this manner 

These three examples show self-locking retaining rings used as adjustable 
,stops on support members (pins made to commercial tolerances): A-external 
riug provides positive grip, and arched rim adds strength; B-ring is 
adjustable in both directions, but frictional resistance is considerable, 
and C-triangular ring with dished body and three prongs will resist extreme 
thrust. Both A and C have one-direction adjustment only 
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Retaining Rings Aid Assembly, II 
Here are eight thought-provoking uses for retaining rings. 

Rober t  0. Parrnley 

Heavy duty ring 
\ -733 Q 

Retaining ring 

Axial pin for lever is secured with a heavy- 
duty ring, making a neat, strong assembly 

Free ring Ring a f te r  assembly 

P i n t  

Belt alignment is assured by using permanent 
shoulder retaining rings. The rings are crimped 
into the shaft grooves for a permanent, clean, 
and inexpensive flange. A retainer ring of 
this type has a high capacity for thrust loads 

Bdz 
Detail 

of 
groove 

Adjustment: 
u p  only 

Hookd ‘ 
Hanger hook is held at  desired height by 
a self-locking external ring. A multitude of 
adjustments can be made without trouble 

Retaining ring, 

Ball 

Coi I 

Housing 

Sleeve or 
valve ball 
seat 

A sleeve or ball seat valve is safely retained 
by a ring that acts like a wedge in the outer 
groove. Rigid end-play take-up is provided 

Source: American Machinist, Feb. 22, 1971 by permission of publisher. 



Retaining Rings 12-7 

\ .  /Housing 
\ 

Ring 
\ f 

Vacuum released 
Internal self-locking ring supports the plastic ball valve 
when the vacuum is released, thus providing a support 
during the "off" cycle. Air or liquid is released when ball 
is at rest and exits through the areas between the grip 
points of the ring, which is adjustable at entry position 

s+em-----.m 
Weight disc, I I 

. Ring 

-Rubber stopper 
with internal 
threaded sleeve 

Drain hole 

Triangular retainer nut positions and unifies components of 
the tank drain assembly. The triangular nut eliminates the 
need for a large standard nut and lockwasher or spring- 
type component and simplifies the design 

Tamper-proof lock for a shaft in a 
housing provides location of the 
shaft and at the same time retains 
the key. Heavy axial loading and 
permanent retention of the key are 
double values in this application 

Ring half\  

Observation 
lid ----. 

"I* 
u Ring half 

Observation lid on tubing makes it 
possible to  inspect wiring at will. 
The two-part balanced retainer ring 
has identical semicircular halves, 
which are held together by the 
interlocking prongs at the free ends 
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Coupling Shafts with Retaining Rings 
These simple fasteners can provide an original way around certain design snags. 
For example, here are eight ways they’re used to solve shaft-coupling problems. 

Robert 0. Parmley 

Sleeve 

Pin, Sleeve, and Ring 1 ,  

Pre-assembly position 

1 I -  L /A- 

/ /-’ 

L 

This inexpensive connection i s  
for light torques and moderate 
loads where accurate positioning 
i s  not required. A heavy-duty ring 
is used to resist high-impact and 
thrust loads. 

Sleeve, Key, and Ring 

Retaining ring S h a f i  

Crimping the retaining ring into 
the groove produces a permanent, 
simple, and clean connection. This 
method i s  used to avoid machining 
shoulders in expensive materials, 
and to permit use of smaller-diarn- 
eter shafts. When the ring i s  com- 
pressed into a V-shaped groove on 
the shaft, the notches permanently 
deform into small triangles, caus- 
ing a reduction of the inner and 

Sie‘eve outer diameters of the ring. Thus, 
the fastener tightly grips the 
groove, and provides a 360-deg 
shoulder around the shaft. Good 
torsional strength and high thrust- 
load capacity i s  provided by this 
connection. 

I 
Retaining ring 

Crimped afier 
assembly 

Reprinted with Permission from Machine Design, Jan. 19, 1967. A Penton Publication 
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Shaft half 
Retaining r ing 

\ 

A balanced two-part ring provides an attractive appearance in addition to with- 
The one-piece ring, b, standing high rotational speeds and heavy thrust loads, a. 

secures the shafts in a high-torque capacity design. 

12-9 

This assembly for heavy-duty service requires minimum machining. Ring thickness 
should be substantial, and extra ring-section height i s  desirable. 
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self-locking ring 

a Shaft 

VA ----_____I 14 I I I I r 

For a connection that requires axial shaft adjustment, the self-locking ring requires 
An alternate solution, b, uses an inverted-lug r ing seated in an internal 

The r ing i s  uniformly 
no groove, a. 
groove. 
concentric with housing and shaft. 

Extra ring-section height provides a good shoulder. 

Coupler and 

Coup1;ng half 

Retaining ring 

Ring groove I Couplings locked to shafts r with se i  screw and keys 

Where attractive appearance i s  desired in a dependable locking device, this 
connector and r ing can be used. 
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/Tapered threads y e t c i n i n g  ring eeve / 

'Shaft 

- 

f l a t  washer for better con tad  

A slotted sleeve with tapered threads connects shafts which cannot be machined. 

Prongs on the retaining r ing provide positive shaft gripping to  stop collar movement. 
The arched rim adds extra strength. 

Seam, Coupling half 

An alternate solution for coupling unmachined shafts uses bossed coupling halves 
with locking retaining rings. 
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The Versatile Retaining Ring 
A design roundup of some unusual applications of retaining rings. 

Robert 0. Parrnley 

\ 
RETAINING RING 

I 

I 

Fig 1 The assembly of a hubless gear and 
threaded shaft may be accomplished by 
using a triangular nut retaining component 
which eliminates the need for a large stan- 
dard nut and lock washer or other spring 
type part. The dished body of the triangular 
nut flattens under torque to lock the gear 
to the  shaft. 
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E v c r y  enginecr is familiar with the 
uye of ietaining rings in product as- 
scmbly. Applications for this type of 
fastening device range from minia- 
ture clectronic asscmblics to heavy 
cluty equipment. In spite of this wide- 
spread use, many opportunities for 
taking advantage of these versatile 
fastening components oftcn arc ovcr- 
looked. However, when a value en- 
ginecring approach is talccn and thc 
basic function of retaining rings as 
easily assemblccl locating and locking 
devices is lccpt clearly in mind it will 
be found that these simple fasteners 
can provide a unique solution to dif- 
ficult assembly problems. 

This roundup of 8 unusual appli- 
cations illustrates how different types 
of retaining rings have been used to 
simplify assembly and reduce manu- 
facturing costs. Thc captions under 
thc drawings givc the details involved 
in each case. 

The author wishes to acknowledge 
with appreciation the cooperation he 
received froin the Tivarc Retaining 
Ring5 Division of Waldes Kohinoor, 
Inc. in developing these assembly 
designs. 

Fig 2 This heavy duty hubless gear and 
shaft is designed for high torque and end 
thrusts. The retaining r ing seated in a square 
groove and the  key In slot provide a tamper- 
proof lock. This design is recommended for 
permanent assemblies i n  which the  r ing may 
be subjected to  heavy loads from either or 
both axial directions An angled groove can 
be provided which has one wall cut: at a 
40" angle t o  the shaft axis. This wil l permit 
the r ing to  be removed without damage. 

@ 

SHAFT 

IN iAT URE YIGH-STREN CTH 
RETAINING RING 

/ / 
Fig 3 Two different types o f  retaining rings 
are used in  th is application involving a leaf 
spring and shackle assembly. A locking-prong 
retaining r ing is bowed for tension while the  
prongs act as fastening elements t o  secure 
the  pivot bolt. A fiat or  standard external 
r ing is used as a flange or bolt head. 

LEAF 

RING 
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Fig 4 The self-locking retaining rings used 
in this application provide stops for a float. 
The rings are adjustable on the  guide rod and 
yet the  friction force produced by the heavy 
spring pressure makes axial displacement 
from the l ight weight hollow float impossible. 

FREE RING 
I 

Fig 5 Retaining rings provide a uniform ciT- 
cular shoulder for  small diameter parts such 
as the  pipe nipple shown here. In th is case 
the retaining r ing shoulder is used as a 
stop for the  plastic tube. The wall thickness 
of the nipple should be at  least three times 
as thick as the depth of the groove. When 
assembling the  r ing in the groove, the nipple 
should be supported by inserting a mandrel 
or rod. 

"SEC. A-A"- 

RING 

RING AFTER ASS'M. 

I 

\ 
PERMANENT-SHOULDER RETAINING RING 

MOISTURE JAR 



CONNECTING ROD 
\ / 

i 
PISTON 

PISTON AS5'M. 

/ 'CONNECTING. ROD 

I 

FREE R;NG -, 

Retaining Rings 

Fig 6 This internal retaining r ing is a key part in the 
assembly of a connecting rod and piston for a hy- 
draulic motor. The ring's lug  holes make rapid assembly 
and disassembly possible when the proper pliers are 
used. The piston assembly in this case is  slow moving 
and is  not subject t o  heavy cycle loading. 

Fig 7 Internal self-locking rings can act as a support 
carrier when the I.D. o f  a sleeve or housing cylinder 
is too large to center and stabilize small rods or con- 
duit. The rings are adjustable in the entry direction 
only, however, and a sufficient number should be used 
to secure the  rod. 

e 
l 
I 
I 
I 

ADJUSTMENT' 
DI REC T I 0  N 

CYCLINDER 
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'Ae 
INTERNAL .SELF-LOCKING 
RETAINING RING 

Fig 8 The heavy duty external retaining r ing shown 
here controls the elevation or position of a support 
post i n  a holding clamp. This type of r ing is ideal for  
heavy duty applications where extreme loading condi- 
t ions are encountered. By adding washers under the 
ring the elevation of the support post can be adjusted 
as required. 

' E NL ARG EME NT 
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The Multiple-Purpose Retaining Ring 
A roundup of ten unusual ways for putting retaining rings to work in assembly jobs. 

Robert 0. Parmley 

7 
Standard e x t  e r n a I. t y p  e ring 
serves as adjustable stop or 
shoulder fo r  positioning sleeve 
members on post o r  shaft. The 
post itself i s  locked to  the  base 
by  a retaining ring. 

Adjustment 

Platform 

Radius Arm Hub 

Retaining Ring 

1 
Special iugless ring o f  external 
type is used to offset center. 
l ine of shaft which is  station- 
ary o r  roteting slowly in hub or 
journal. 

Shaft Centerline 

0 
4 

Retaining Rine - Flat Washer 

Tape 
Coil S 

Movable Head 

Self-locking e x t e r n a l  ring i 5  
used with flat washer to  pro. 
vide adjustable shoulder for 
control o f  spring action. 

Supported Plate Load 
\ L  Retaining Ring 

Retair 

Heavy duty self-locking r ing  
acts as adjustable stop on p in  
used as support member for  
plate section. 

Excerpted from Assembly Engineering, July, 1966 by permission of Publisher 0 1966. Hitchcock Publishing Co. All rights reserved 
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Retaining Ring 

Panel Section 

Contact h n t  

Retaining R I ~ E  
Bowed r ing with locking prcngs 
act: as fastening element and 
spring fcr clectrical pu;h but-  
tcn. 

Retaining Ring 

5 
Self-locking external r ing con. 
trols position of eye rod in an 
adjustable c a b l e  h a n g e r  ar. 
rangement. 

Retaining Ring 

Clamp tr 

S t  a n d  a r d  externabtype ring; 
with holes in lugs for plier as- 
sembly provide a p r a c t i c a l  
hanger or support .  for hose, 
rods, and wires. 

Ring 

Work Piece 

Retaining Ring 

Retaining Ring 
Retaining Ring Retaining Ring Retaining Ring 

(seat in housing groove) 

G 
‘_-_ Rotating ShaH 

0 
9 10 
Interlocking e x t e r n  a I r i ng  
serves as a locking element for 
a coupling that joins glass tub- 
ing  sections. 

Interlocking external ring locks 
two.piece h o u s i n g  t h a t  f i t s  
around a rotating shaft. 
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More Work for Round 
Retaining Rings 
Try this low-cost fastener for locking shafts and other parts. It will also 
work as a shaft step for bearings and an actuating ring for switches. 

Dominic J. Lalera 

Conical wedge 
Spring- fingered cage, \ Unfocked I position 

\Locked position 

Piston 

Rod\ r" 

Ring 

PISTON tS LOCKED in place on the rod 
when drawn into place by means of B 

setscrew. To remove, slide the piston 
away from the ring, then remove the ring, 

LOCK A SHAFT by forcing a retaining 
ring over the groove in the shaft. In luck- 
ing position, the springfingered cage is 
actuated by the conical wedge. 

THIS SHAFT STEP for a rotating bear- 
ing is quickly and simpla made hp groov- 
ing the shaft t o  acccpt B spring ring. 
Countcrbore the shaft step to mare. 

FLANGE ASSEMBLY is permanentlj 
fastened by threading the ni re  into the 
mating grooves through the Hangc. 1 h 1 g c  
can rotate if wire doesn't protrude. 
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ASSEMBLE CYLINDER HEADS and 
siniilar parts to thin walls by means of a 
retaining ring and a locking block. 'i'ight- 
ening the screws expands the ring. 

THIS SPRING-HELD shaft lock is a 
basic application for retaining rings. The 
best groove dimensions for round spring 
rings are readily available from suppliers. 

wifch mounfing-bar 
Male fhreaded wedqe 
\fnlemal wedge\ 

THREE-P1ECE WEDGE lets the shaft 
i n n ~ e  freelj until the wedge i c  lighfencd 
by wrewing it in. 'I'he round rclnirring 
ridg is then forced into the groove. 

SWITCH ACTUATORS of rnund refain- 
ing rings offer a simple solution when 
lmnianent sliaft steps would premit 
assenibly problenls. Close the ring gap. 
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Energy Absorber Squeezes Rings 
to Cushion Shocks 
A novel shock absorber based on an easily demonstrated but little-known 
principle handles strains up to 1,000,OO Ib. and performs through 100 cycles. 

ake a metal clothes hanger and T pull it apart until it breaks (as- 
suming you have the super strength 
needed for this feat). The hanger 
elongates slightly until it fractures 
and thus absorbs energy; the amount 
of energy absorbed is a function of 
the Eorce exerted and the amount of 
stretch. 

Now, take another hanger and 
flex it back and forth. During each 
flex, the metal deforms slightly; it 
fatigues and eventually breaks. 

Although the amount of force ap- 

plied at any one time during flexing 
is not much, the total amount of en- 
ergy absorbed far exceeds that ab- 
sorbed when the hanger is ruptured 
by a pure tensile force. 

Principle rediscovered. This lit- 
tle-known principle in energy ab- 
sorption has been applied success- 
fully and with dramatic results to the 
development of a new shock ab- 
sorber by Mechanics Research, Inc. 
(MRI), El Segundo, Calif. 

In a recent demonstration (left), 
MRI sandwiched two soda crackers 

between weights, each in its own 
test fixture, and dropped them si- 
multaneously. Baseballs on top of 
each carriage provided added crack- 
er load. 

The left carriage struck a plain 
rigid rod. The cracker, smashed un- 
der impact, was sprayed in all direc- 
tions. The baseball rebounded, 
springing into the air. 

The right carriage, however, 
struck a novel shock absorber that 
so effectively absorbs the impact en- 
ergy that the carriage comes to a 
smooth stop. The cracker remained 
intact with narv a crumble. and the 
baseball did iot  rebound.’ 

Trapped rings. The new absorb- 
ers trap rolling rings (or sometimes 
tube segments) between concentric 
tubes under enough interference to 
strain the metal in the rings beyond 
its yield point. The interference fit 
may be only a few thousandths of an 

An internal wire ring aligns the 
small rolling rings at each station. 
Increasing either the ring wall thick- 
ness or the interference increases 
the energy absorber force. The unit 
can be designed as either a rotary or 
linear absorber. 

The absorber cannot reset by it- 
self. It needs springs to do so. But it 

Working ring elements 

Retainer ring 
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Unidirectional Cyclic straining 

to failure to failure 
strain range - c( straining with 5 cycles 
Plastic 

Cyclic straining 

Cyclic plastic straining absorbs more energy than unidirectional straining. 

10 

OFHC Copper annealed 

.- c Nickel A annealed 

a 

0.1 1 10 100 1000 10,00( 

Cycles to failure 

The amount of plastic strain determines the number of cycles to  failure. 

24 ST Aluminum, 

347 Stainless steel 

1 
Cycles to failure 

The number o f  cycles to  failure influences total amount of energy absorption. 

can be recycled if required and thus 
fills a need between one-shot sys- 
tems, such as crushable honeycombs 
and frangible tubes, and the infinitely 
reusable devices, such as hydraulic 
shock absorbers. 

Heavyweight capacity. The ab- 
sorbers can handle forces ranging 
from 0.01 Ib. to 1,000,000 Ib., with 
possible application in automotive 
safety, spacecraft landers, aircraft 
seats, and protection from blasts and 
earthquakes. 

All-metal construction avoids the 
undesirable features of fluids, seals, 
and elastomers and permits long use 
in difficult temperature and corro- 
sion environments. Moreover, the 
load-stroke behavior is relatively in- 
sensitive to the effects of temperature 
and rate. 

Cyclic strains. The underlying 
principle is the cyclic straining of 
metal in the plastic range. This pro- 
duces a hysteresis loop (left, top 
drawing) that stabilizes after a few 
cycles. Repeated cycling results in 
almost constant energy absorption 
per cycle there is eventually fatigue 
failure. 

The specific energy absorption 
(SEA) for N cycles to failure is 
about N" times the SEA for the one- 
shot unidirectional straining to fail- 
ure (middle, top drawing). Thus, an 
absorber designed to last, say, five 
cycles to failure (right, top drawing) 
will be able to absorb 5" times 
(roughly 2.24) the SEA for a uni- 
directional straining. 

For example: Suppose the device 
must handle 1000 cycles (strain cy- 
cles) before failure. To do so, the 
interference fit should cause a plas- 
tic strain range of 1.3% (0.013 in./ 
in., left middle chart) to obtain 
maximum energy absorption of the 
device. 

The amount of SEA for 1000 cy- 
cles is about 800,000 ft.-lb./lb. (bot- 
tom chart). With a factor of one-half 
to account for the nonuniform strain- 
ing in the rings (th.e curve is for 
uniform straining), the average SEA 
would be 400,000 ft.-lb./lb. 

Thus, if the rolling rings in the 
absorber add up to 1 lb., they will ab- 
sorb the energy of a 4000-lb. force 
traveling through a foot of stroke 
100 times. 
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Deflections of Perpendicularly 
Loaded Split Circular Rings 
M. M. Lerncoe 

FORMULAS FOR THE DEFLECTION Of a Split uniform CirCu- 
lar ring perpendicular to the plane of the ring are given 
for various positions of the load. Methods of developing 
those formulas are demonstrated. 

In Fig. 1 is shown a split uniform circular ring of radius 
R, loaded with a force P applied perpendicular to the plane 
of the ring at the point B. At  the point Q, the bending 
moment M and the twisting moment T due to the load 
P are respectively: 

111 = P R sin ( p  - 0)  (1) 
T = P R [ l  - COS ( p  - e)j (2) 

Also, if there were a unit load at the point A, there 
would be at point Q a bending moment m and a twisting 
moment t due to that unit load. These are given by the 
following formula 

nz = R sin ( a  - e) 
t = R 11 - cos ( a  - e)] 

(3)  
(4) 

From strain energy considerations, the deflection A of 
the point A can be formulated. If E is the modulus of 
elasticity and G is the shear modulus and if I is the moment 
of inertia about the neutral axis of a cross-section, and 

Fig. 1-Split circular ring loaded by a force 
perpendicular to the ring at point B. The 
deflection A at point A is to be catculated. 

J is the polar moment of inertia of a cross-section, the 
formula is 

A=j: ,;:de + j @  _______ T t R d 0  (5) 

Sub- 
0 C J  

The angle 4 equals the smaller of angles a or 8. 
stituting Eqs (I), ( 2 ) ,  ( 3 )  and ( 4 )  into Eq ( 5 )  gives: 

[I - COS (a - e) ]  [l - COS I G J---- ( p  -- - - e)]  

From the trigonometric identities 
sin (a - e) sin ( p  - e) = 4 [cos ( a  - B )  - cos ( a  + p - 2e)l 
cos (a - e) cos ( p  - e) = $ [COS (a - 8) + cos (a + 8 - 2e)l 

The formula for A becomes: 

1 - s: cos ( a  + 6 - 2 8) d 0 

+ [ 1' cos ( a  - e) d B 
2 G . I  0 

- /: cos (a + - 2 e) d 0 

- 
Integrating Eq ( 6 )  gives 

P R3 
E l  

+cos (a - 8) 
2 A = -  [ 

1 sin (a + 8 - 2 4) - sin (a - 8) 
4 

I- 

P R3 6 cos (a - a) +-[ G I  2 

sin (a + 8 - 2 4) - sin (a + 8) 
4 

- 
+ 4 + sin ( K  - 4) - sin a 

+ sin (8 - e) - sin 8 (7) 

From Eq (7) formulas can be developed for h for 

Formulas for various positions of points A and B are 

1 
various positions of points A and B. 

given below. 
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A = Deflection at Point A 
P = Load at Point B 
R = Radius of Ring 
E = Modulus of Elasticity 

G = Shear Modulus 
J = Cross-Section Polar Moment of Inertia 
I = Cross-Section Polar Moment of Inertia About Neutral Axis 

A 

A-- PR3 (&+g) 
2 

A 0  
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Improve Design with Retaining Rings 

Waldes Kohinoor 
supplied the retaining rings for the assembly illustrated here. Look at the old 
design, look at the new design. What did retaining rings do? Well, by changing 
the design to ret*$ rings these advantages are achieved: 

1) Six beveled r i n g w n e  at each end of the three shaft bores-replace 24 
hex-head bolts and eliminate drilling and tapping 24 holes in the cast housing. 
2) Special gaskets’ needed to provide a proper seal between the end cap and 

housing have been replaced by less expensive standard O-rings. Six facing opera- 
tions on the outside of the casting, required for the gasket seals, have been elimi- 
nated. (O-ring grooves are an integral part of the redesigned cover plates.) 

3) Twelve external rings-& bowed, six flat-secure the h e r  races of the 
bearings. The rings are assembled in grooves machined simultaneously with the 
shaft cut-off and chamfering operations. They replace six threaded ring nuts and 
six lock washers and eliminate 12 ground diameters, six threading operations and 
six keyways on the shaft. 

4) Six basic internal rings, installed in grooves machined in the housing, elimi- 
nate six machined shoulders and the need for holding close axial tolerances on the 
bearing bore and end cap. 

Reusable following disassembly, the rings are assembled with special pliers, 
and can be removed for field service. 

0 LO 
DESIGN 

Lack 
washer 
in 
keywoy 

NEW 
DESIGN 
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8 Unusual Applications for 0-Rings 
Playing many different roles, O-rings can perform as protective 
devices, hole liners, float stops, and other key design-components. 

Robert 0. Parmley 

5 

F/ouf 

QUICKLY ADJUST FLOAT STOP 

Rope 
\ 

I 

CUSHION: ROPE IN 
V-SECTION PULLEY 
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16 Unusual A 
for the 0-Ring - ,plications 

This handy little component finds a place in pumps, drives, glands, 
shock-mounts, pivots, knobs, valves and seals. 

James F. Machen 

0 
Tapered bore . . . 
in diecasting, plus loose-fitting O-ring, gives 
low-cost pump for low-pressure applications. 
Exomple: carburetor accelerator-pump. 

Sealed pivot . . . 
allows transmittal of multidirectional, mechanical movement to hydraulically 
or pneumatically isolated system. For high-temperature seals, silicone rubber 
can often solve the problem-but always guard against excessive "set.' 

Simple drives . . . 
utilize not only O-ring but its physical properties also-high friction and elasticity. 

3 

Single-ring gland . . . 
is ideal for low pressures and high- 
viscosity fluids. If necessary, another 
ring may be installed. 

Shaft seal . . . 
may be held by rolling the thin body-wall over the O-ring. Bolt seal (8) i s  
squeezed into countersink when bolt i s  tightened. Cross-sectional area of 
countersink must not be less than that of O-ring since molded rubber is 
practically incompressible when confined. 
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Pressure 
side 

Plug - - 
One-way pressure . . . 
applications require O-ring seals to be supported on pressure side only. 
or static (10) as in pipe plug. 

Seal may be movable (9) as in grease gun, 
Anchor ring to plunger and plug for greater convenience and reliability. 

4 
Friction grip . . . 
on knob not only allows better grip but 
insulates fingers from heat or electricity. 
It olio improves appearance on both mock- 
ups and working models. 

Miniature shock-mount . . . 
will isolate equipment from vi- 
brations in accordance with be- 
havior of visco-elastic materials 

High-pressure checkvalve . . . 
shown here cannot allow release of back- 
pressure but could be easily modified to 

Butterfly valve . . . 
can become a checkvalve if it i s  
unbalanced: otherwise, it will 

Checkvalves . . . 
may have ball free (A); or spring- 
loaded (9). Back pressure will always 
force ball onto seat provided that 
gravity first helps locate ball on seat. 
Heavier-duty checkvalve (14) can be 
opened to allow back pressure to 
escape if necessary for shutdown etc. 

do this by letting valve stem protrude. act as normal two-way valve, 
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Look at O-Rings Differently 
Sure they’re seals, but they can also do a variety of other iobs 
as well as more sophisticated pieces of hardware 

Robert 0. Parrnley 

0 0  0 0 0 0  

Cup rest and strainer seal Aligning bumper ~ 6 5 
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3 Bowlsealing , d 

Housing 

\ 

Lever stop 7 

Pressure.. 
I 

I- 
*.. * 

cum /ock 
fever 8 Chamberseal 
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O-Rings Solve Design Problems I 
Rubber rings provide for thermal expansion, protect surfaces, seal pipe ends and 
connections, and prevent slipping. 

Robert 0. Parmley 
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. ,_ , .. . , , . . . .  I I .. 

SEAL$ IN VAPOR DURING FILLING* . 

.a SEALS ! * A -  

, . . , ,. , ,.... . 1 

i 
. .  

, . ,  > t .  

. . .  ~ : . .  . . , :. 
I ... . . -  . I  

. , .  . .  . i t <  i ,  
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0-Rings Solve Design Problems II 
More examples of how rubber rings provide seals for shafts, lids, nozzles, and elbows, 
and also protect corners, cushion metal surfaces. 

Robert 0. Parmley 

SEAL FOR SLOWLY ROTATING SHAFT 

-Th;n rubber or 
plastic iube 

d-4 
& RETAINER FOR TUBE-TO-TUBE CONNECTIONS 5 CLAMP -$AN0 FOR SIMPLE BAG ATTACHMENT 
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/ 
0 -ring compresses when 
screw is tightened 

2 LOCKING-SEAL FOR LID ASSMBLY 

LIQUID- OR AIR-NOZZLE SEAL 

swing ) creu 

Turn handle 
{fiuhten for jock msition. 

A 8 fhis compressing O-ring) 
Fillet curve Exter ior  curve. 

TOP 
Adhesive bond rotafor 

0 -ring t Component 
piece 

Typical section 

CUSHION-RING FOR 
SWIVEL OR LIGHTWEIGHT ROTATING COMPONENTS 

PROTECTIVE MOLDING 
MADE FROM O-RING SEGMENTS 
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7 More Applications for 0-Rings 
For an encore to the roundup in the previous issue, O-rings are shown here performing 
in valves, on guide wheels, and as cushioning etc. 

Robert 0. Parrnley 

LOW-COST VALVE has easily changed O-ring, 
plus flutes for liquid flow, and caulked pin (A). 
Simpler valve (B) is adequate at less cost. 

Add or subjecf 0-rmgs 

ION-RINGS for vibration isolation or 
lent are quickly adjustable by merely 
or removing O-rings from the stack. 

Horizontal -application 

PROTECTED GUIDE WHEELS are often needed to 
guide, move, or align work. An O-ring here 
provides both friction and protection. 
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WORKING-TABLE FOR GLASS or other delicate 
materials has O-ring resting pads set into 
Furface at over-all or grouped locations. 
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Design Recommendations 
for 0-Ring Seals 
J. H. Swartz 

1 Rectangular ) 1 Dovetail \ 

Rectangular grooves are recommended for most applica- 1 tions, whether static or dynamic. Slightly sloping sides 
(up to 5 deg) facilitate machining with form tools. Where 
practical, all groove surfaces should have the same degree of 
finish as the rod or cylinder against which the O-ring operates. 
The Vee type groove is used for static seals and is especially 
effective against low pressures. The dovetail groove reduces 
operating friction and minimizes starting friction. The effec- 
tiveness of the seal with this groove is critical depending 
upon: pressure, ring squeeze and angle of undercut. In 
general, the groove volume should exceed the maximum ring 
volume by at least 15 percent. 

Initial 
squeeze 

EXTERNAL GROOVES 

3- 

A 

To insure a positive seal, a definite initial squeeze or inter- 2 ference of the ring is required. As a rule, this squeeze 
is approximately 10 percent of the O-ring cross sectional 
diameter d. This results in a ring contact distance of approxi- 
mately 40 percent under zero pressure and can increase 'as 
much as 80 percent of the cross section diameter depending 
on pressure and composition of the ring. Starting friction 
can he reduced somewhat by decreasing the amount of squeeze 
but such a seal would be only moderately effective at pres- 
sures above 500 psi. Table I lists the recommended dimen- 
sions and tolerances for O-ring grooves for both static and 
dynamic applications. 

INTERNAL GROOVES 

On small diameters, to facilitate machining, O-ring mended dimensional data in Table 1 and listed under dynamic 3 grooves should be located on the ram or rod rather than seals should he used for these applications. All cylinders and 
on an inside surface. For larger diameters, grooves can he rods should have a gradual taper to prevent damage to the 
machined either way. One important factor is that the O-ring during assembly. Equations are listed for calculating 
rubbing surfaces must be extremely smooth. The recom- limiting dimensions for both external and internal grooves. 

Poor Good 

0.060" . min. 
radius 

Poor Good 

To facilitate assembly, all members which slide over O-rings 6 should be chamfered or tapered at an angle less than 30 degrees. An 
alternative method is to use a generous radius. Such details prevent 
any possibility of pinching or cutting the O-ring during assembly. 

Undercut all sharp edges, or cross- 7 drilled ports over which O-rings 
must pass. While under pressure, rings 
should not pass over ports or grooves. 
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Specification 
AN 6227 or 
J. I..C. 
0-Ring 

Dash Number 
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Nominal 
Riig 

Section 
Diameter 

I 

d 
Actual 
Section 

Diameter 

___ 
Diametral 
Squeeze* 

(minimum 

Table I-Dimensional Data for Standard AN or J.I.C. 0-Rings and Gaskets 

53 to 88 

AN 6230 or 
J. I. C. gaskets 

1 to 52 

1 to7  I 1/16 

l/4 

118 

8 to 14 3132 
15 to27 1/8 
28 to 52 I 3/16 

I For Static Seals I For Dynamic Seals 

0.07010.003 I 0.015 
0.103 l0.003 0.017 
0 139f0.004 0.022 
0.210=1=0.005 0.032 
0.275%0.006/ 0.049 

I- 
0.139&0.004 0.022 

I 
C I  I C  

-0.005 I 1-0 001 
-1-1- 
0.052 I 0.010 I 0.057 
0.083 0.010 0 090 
0.113 1 0 012 1 0.123 
0.173 0.017 0.188 
0.220 I 0.029 1 0.240 

O.Il3 I -- I 

- 

D 
Groove 
>ength*: 

3/32 

913 2 
318 

3/16 

R I 2E I 
(maximum) 

1/64 1 0.005 I 0.002 
1164 0005 0002 
1/32 0 006 0 003 
3/64 1 0 007 ! 0 004 

i--1 
1/32 1 0.006 1 0.003 

Note: All dimensions are i 
Diametral squeeze is the minimum interference between 0-Ring cross section diameter d and land width C. 

**If space is limited, thegroave length D can be reduced to a dietance equal t o  the maximum %-Ring diameter d plus the static scsl sqheeze. 

inches. 

FACE SEAL GROOVES 

Fw internol pressure only 
(A) 

For pressure or vacuum 
tal) 

Radial clearances should never exceed one-half of the 5 recommended O-ring squeeze even where the pressure 
does not require the use of a close fit between sliding parts. 
Under these conditions, if the shaft is eccentric (A), the ring 
will still maintain its sealing contact. (B) Excessive clear- 
ance results in the loss of sealing contact of the O-ring. 

For static face seals, two types of grooves are shown. 
Type (A) is more commonly used because of simpler ma- 

chining. Groove depths listed in Table I under static seals 
apply to this application. In high pressure applications where 
steel flanges are used, slight undercutting of one face (not 
exceeding 0.010 in.) minimizes possible O-ring extrusion. 

4 

PLUG SEAL 

Poor Good 

POPPET VALVES 

cross sect& 
rad 

(8)  

Rectangular grooves (A) should 10 be normal to the sealing surface. 
Special grooves (B) avoid the washout 
of O-rings during pressure surges. 

8 mating surfaces (A) should be 
Simple stamping (A) pressed in 
housing is for low speeds and pres- 

Metal-to-metal contact of the inner 

avoided. Clearances should be per- sures. (B) Chamfered corners of plug 
mitted only on inner surfaces (B). 

9 
makes a recess for an O-ring. 
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0-Ring Seals for Pump Valves 
Robert 0. Parrnley 

“0” RING 

PIPE 

UNION --c____1“““7 ’ UNION \ 
A-Combination Pump Valve 
The CPV O-ring seal fitting (a Navy standard) uses an O-ring which is 
inserted in the packing-gland recess on the face or the union which 
has been silver-brazed to the end of a pipe. The union and pipe are 
sometimes called a “tailpiece.” 

HANDLE O-RING 

HOSE BIB ;“ 
\ 

NOZZLE HEAD 

J \ \ 
\ 

\ 
HOSE 

B-Hand-Adjusted Pump Nozzle 
The discharge end (nozzle head) of this portable pump unit has 
the spray adjusted by manually turning the nozzle head. The O-ring 
maintains a positive, water-tight seal for any adjusted position. 
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C-Manual Pump Seal 
The O-ring, which is seated by the threaded retainer, provides 
a water-tight seal for the up & down action of the piston rod. 
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A Fresh Look at 
Rubber Grommets 
A small component that's often neglected in the details 
of a design. Here are eight unusual applications. 

Robert 0. Parmley 

I Rubber Gromme 

1 Pulley for slow rotation 2 Handle shaft misalignment 

6 Cushioned spacers 
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These Spacers are Adjustable 
Rubber, metal springs, jackscrews, pivoting bars and sliding wedges allow 
adjustment after assembly. 

Richard A. Cooper 
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Odd Jobs for Rubber Mushroom 
Bumpers 
High energy absorption at low cost is the way mushroom bumpers are usually billed. 
But they have other uses; here are seven that are rather unconventional. 

Robert 0. Parrnley 
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I . 2 5 D M i n  

Metal Inserts for Plastic Parts 
Plastics are increasingly used in automobiles and appliances and thus a maior 
company compiled these data. 

Molded parts should b designed around any inserts 
that are required. This work is done after the type of 
compound is selected. Inserts are used for two basic 
reasons: 

1. To add strength to the plastic part or to control 
shrinkage. Sometimes the purpose is to be decorative 
or to avoid injuries. 

2. To provide an attachment means for the con- 
ductance of heat or electricity. 

Special means of retention are not necessary for 
inserts not subject to movement with relation to the 
molding material. Inserts of round bar stock, coarse 
diamond knurled and grooved, provide the strongest 
anchorage under torque and tension. A large single 
groove, as in Fig. 1, is better than two or more grooves 
and smaller knurled areas. 

Inserts secured by press or shrink fits 

Inserts can be secured in the plastic by a press fit 
or shrink fit. Both methods rely upon shrinkage of the 
plastic, which is greatest. immediately after removal 
from the mold. The part should be made so that the 
required tightness is obtained after the plastic has 
cooled and shrinkage has occurred. The amount of 
interference required depends on the size, rigidity 
and stresses to  be encountered in service. The hole to 
receive the mating part should be round and counter- 
sunk. In addition, the mating part should be cham- 
fered and filleted to facilitate proper assembly and 
to eliminate stress concentration. 

.SOD Min 

.03 Min  chamfer 

lDl- 1 
,03  M i n  

1. Depth of knurling should be about 
0.001 in. and a single groove is best 

ONE END BURIED 

BOTH ENDS PROTRUDING 

fl 

MALE 

-iStandard n u t  

FEMALE 

2. Round knurled parts are common inserts 

Reprinted with permission from American Machinist, A Penton Media Publication 
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f Punched -7 7 Lanced 

1 .75 D Min .12 Min .12 Min 

Below boss 

Not recommended P r e f e r r e d  

Extend i n s e r t  below boss Recommended minimum 
and reinforce w i t h  r ibs  

Hexagonal i n s e r t  

C i r cu la r  boss 

529 
Provide c i r cu la r  
bosses  around 
non c i r cu  tar ins er t s  

space between i n s e r t s  

-* 
- _  r- -- 

Metal mold m e m b e r  

--- I : 
L-. -..- -----.J 
L'et internally threaded 
i n s e r t s  e n t e r  the machine 
mold to  p reven t  flash 
f r o m  getting into thread. 

3. Sheet metal and special inserts, as well as knurled inserts, are used to provide connections and closures 
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How to Select Threaded Inserts 
Why use threaded inserts? What types are available? What factors govern their 
selection? How do you determine whether a particular insert meets the given strength 
requirements and which one is most economical? 

S. H. Davison 

w h e n  the design calls for lightweight materials like 
aluminum, magnesium and plastics, threaded holes become 
a problem because of the low shear strength of these 
materials. To bolt such components to other machine 
parts, the threaded holes must be quite deep to develop 
the required pull-out strength, or they must have a coarse 
thread to increase shear area. 

Further complications arise when the components re- 
quire frequent disassembly for overhaul or repair, this 
may give excessive thread wear that will prevent satis- 
factory thread engagement with the bolt, particularly for 
high-strength bolts in the fine-thread series; and the 
depth of engagement needed will require a part so thick 
as to nullify the lightnveight advantage of the material. 
To overcome these problems, thread inserts of high- 
strength material are often used. 

Inserts available 
Three main types of inserts are available: 
1. Wire thread inserts are precision coils of diamond- 

shape stainless steel wire. They line a tapped hole and 
present a strong, accurate, standard internal thread for 

the bolt or stud. The OD on these inserts is from 11 to 
30% greater than the OD of the internal thread-the lower 
limit is normally used on the fine-thread inserts specified 
in aircraft engines. The pull-out strength of wire thread 
insert depends on shear area of its OD thread. 

2. Solid self-tapping inserts require only a drilled hole 
and counterbore in the part, and are made in two basic 
forms. (,I) A solid self-tapping, self-locking bushing has a 
60 % external thread approximating the American Na- 
tional form with a uniform OD extending to the first 2 to 
24 threads, These leading threads are slightly truncated 
to provide the cutting action necessary for self-tapping. 
Chips flow out through the side hole drilled in the insert 
wall at the truncated lead threadis. (2) A second type has 
lead threads similar to the pilot threads of a standard tap. 
These threads progressively flow into truncated threads 
extending the entire length of the insertywith the excep- 
tion of the last three threads, which are standard. 

In both types, two or three angular slots, depending on 
the particular design, provide the cutting action for self. 
tapping. 

3. Solid bushings for pre-tapped holes are also made in 

I A- B 

WIRE T H R E A D  INSERTS made of dia- 
mond-shape stainless steel wire. Pull-out 
strength of material depends on ratio of 
internal to external thread shear area. 

~ 

SOLID SELF-TAPPING INSERTS are of two types-(A) chips are removed 
through the side hole; or (B) with truncated lead threads and two or three 
angular slots which provide cutting action. 
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A 

C 

B 

\ I 7 

D 

two general types. The first uses modified external threads 
that form an interference with the parent material, and 
provide locking action. The second type has many varia- 
tions, but is characterized by standard external and in- 
ternal threads, with various types of pins or keys to lock 
the bushing to the parent material. Some of the most 
widely used variations are: 

A two-piece insert with a locking ring and two keys 
fits into mating grooves in upper external threads, The 
ring is pressed into place after the insert is screwed into 
tapped hole; it cuts through enough threads of parent 
material to provide a positive lock. A counterbore in the 
tapped hole is required for the ring, but assembly and 
replacement can be made with standard tools. 

Another solid bushing insert has b o  integral keys 
which act as a broaching tool when insert is installed 
flush with the parent material. Locking pins are pressed 
into the base of the tapped hole through the grooves in 
the external thread. 

Still another, a solid bushing, has standard internal and 
external threads and an expandable upper collar with 
serrations in the outer surface to lock the insert in the 
parent material. 

Factors that affect selection 

type: 
These factors must be considered in selecting the best 

Shear strength of parent material 

SOLID INSERTS FOR PRE- 
TAPPED HOLES have many 
variations. Among the most pop- 
ular are: (A) modified external 
threads for interference and lock- 
ing action; (B) two-piece unit 
with key ring for locking actfon; 
(C) integral keys give locking 
action: (D) expandable collar 
with external wrrations. 

Operating temperature 
Load requirement 
Vibratory loads 
Assembly tooling-serviceability and ease of installation 
Relative cost 

Shear strength of parent material below 40,000 psi gen- 
erally calls for threaded inserts. This includes most of 
the aluminum alloys, all magnesium alloys and plastic 
materials. But other factors must be considered. 

High operating temperature effects the shear strength 
by reducing strength of the parent material; an insert with 
a IaTger shear area may be required. 

Bolt loading frequently makes it necessary to use 
threaded inserts. For example, if the full pull-out strength 
of a 125,000-psi bolt is required, it is probable that the 
parent material will need a threaded insert to increase the 
shear area and thus reduce the effective shear stress. 

Vibratory loads may reduce bolt preload, and require a 
threaded insert to increase the effective shear area. Or 
vibration may cause creep, galling, and excessive wear, and 
inserts with both external and internal thread-locking fea- 
tures will be needed. 

The pullout capacity of an insert is a function of pro- 
jected shear area, and should equal the tensile strength 
of the bolt. This means pull-out strengrh should be greater 
than torque-applied tensile strength of the bolt. 

In wire thread inserts the projected shear area per coil 
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500 r 

400 - 
+ L 

300 - 

f 200 - 

.t- 0 

0 
V 

RELATIVE EVALUATION-5 TYPES OF THREAD INSERTS 
!A-self-tapping insert; B-wire thread insert; C-solid bushing 
for pre-tapped holes; D-solid bushings for pre-fapped holes 
and external interference threads; E-self-fapping insert) 

0 

400 - 4- 

+ 300 - z 3 -  
a 
+ C E 
O 2 -  

El D 
c 

v) Lo v1 
0 
L) D - 

al m 
0 
w 

0 8 200 - c 

A E - 100 

E 
I 0 

COST OF P A R T  is price quoted for TOOL COST for each type is based on 
lots of 1000. manufacturer’s prices for tooling a evaluation. 

EASE O F  ASSEMBLY is a qualitative 

standard tapping head. 

0 ;ii Iiii 
$ 4  
2 3  .+ 
O 2  

= I  

0 

0 

NUMBER OF ASSEMBLY OPERA- 
T I O N S  covers complete installation of 
an insert, including drill, counterbore, 
tap, ream, install and reinspect. 

d 
n 
.- 

) ! I ,  

0.4 0.5 0.6 0:7 018 d19 1.0 
Effect ive Shear Area, sq in. 

A USEFUL RELATION is effective shear area to D/L ratio. 
It determines required insert length or pull-out strength. 
Solid curves are for self-tapping inserts; dotted curves for 
wire thread inserts. 

is relatively small; only way to increase the total projected 
shear area is to increase the number of coils. On the 
other hand, in solid and self-tapping inserts the projected 
shear area Can be increased by a larger OD as well as by 
more threads, while maintaining the same bolt diameter. 

One way to determine adequacy of pull-out capacity is 

to plot the ratio of the internal diameter vs insert length 
as a function of the effective shear area developed in the 
parent matcrial. The accompanying curves for three sizes 
of sclf-tapping and wire thread inserts were derived from 
tats  in which the insert was pulled out of the parent ma- 
terial. Similar curves could be developed to determine the 
length needcd for any othcr type of insert. 

For exnmplc, assume that a +-28 bolt with an ultimate 
strength of 5000 Ib is to bc uscd in a material with a 
shear strength of 20,000 psi. The required shear area 
is 5000 lb/20,000 psi = 0.25 sq in. From the accom- 
panying curves, the D / L  ratio is 0.57; insert length, 
L = 0.25/0.57 = 0.438 in. 

Similar calculations, using the same curves, can deter- 
mine whebher length df bhe insert is sufficient to give a 
required amount of creop resistance: The creop strength 
of the parent material is substituted for shear strength 
in the above calculation. 

Also, if the inscrt lcngth is limited, these calculations 
wiil give the availaMe pull-out strength, which will vary 
wibh shear arca of the insert. This analysis can be used to 
dctcniiine cithcr the rcquircd length or pull-out strengbh, 
and from this, the thickness of the parcnt material for 
minimum weight and maximum economy. 

Solid threaded bushings oftcn permit using a shorter 
bolt than for the wire thread insert with limited shear area. 
Witth a large number of fasteners in an assembly, weight 
saving in reduction of parent material is much greater 
bhan the small extra weight added by the solid insert. 

Other important factors in sdecting inserts are assem- 
bly tooling, serviceability, relative cost, and ease of installa- 
tion. These factors have bcen evaluated in the bar charts 
prepared by W. Moskowitz of GE’s Missile and Space 
Vehicle Dept, Philadelphia. Dab are for five types using 
10-32 internal thrcads. Part of this information is based 
on estinwtcs of the operating pcrsonnel concerning the 
numbcr of assembly qcrations, tolerancus rcquired during 
installation, and relative ease of installation. 
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Flanged Inserts Stabilize 
Multi-Stroke Reloading Press 
E. E. Lawrence, Inventor 
Robert 0. Parmley, Draftsman 

Flanged Insert 

\ 

I I 
I 
I 

1 

L 
0 

Flanged Insert 

/ 

/ 
Flanged Insert 

W 
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12 Ways to put Balls to Work 
Bearings, detents, valves, axial movements, clamps and other devices can all 
have a ball as their key element. 

Louis Dodge 

BALL-BEARING MACHINE WAY HAS L6W FRICTION. 

i 

BALL ,AC~URATELY FINISHES BUSHING BORE. 
t L  

OETENT POWER DEPENDS 
ON SPAiNG STREff GTH AND DIMPLE DEPTH, 

& *  

poss~~fe 2 

suing 17.9gf8 I ~ 

BALL SHAFT-END LETS SHAFT SWIMG. 

CLAMP UNEVEN WORKP-IECES. 
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1 1  

BALL-LOCI( FASTENS STUD IN BCIND HBLE . 
Exponds u8en hqnde 
i s  serewedon shoft 

* 

* I  * 1  

3 ,  
, 

> >  " ,  

ST-BEARjNG TAKES LIGHT LOADS. ' 
I 
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How Soft Balls Can Simplify Design 
Balls of flexible material can perform as latches, stops for index discs, inexpensive valves 
and buffers for compression springs. 

Robert 0. Parmley 
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Rubber Balls Find Many Jobs 
Plastic and rubber balls, whether solid or hollow, can find a variety of 
important applications in many designs. 

Robert 0. Parmley 

* ^ I ”  

_j - “ I  h 

held noma1 to flow line to avoid incoma 
plete? seating and consequent leakage. 

~ l _ ” ”   XI^ ” ~ 

i 

VERTlCAL PRESSURE-POST holds 
solid ball in easily removed retaining 
collar. Ball is solid and protects workpiece 6 bnisbes during assembly operations. 

- __ ““I 
. a  

IGN DELICATE WORYPIECES on rubber balls that are 
nded into base pillars. Adequate protection of fine fhishes i s  

proyided, plhile at the same time friction provides finn grip. 
i- 
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HOLLOW SHAFT-SEAL embodies ad- 
hesive-bonded rubber ball with flow hole. 
Quick connection of leakproof joint for 7 lubricant or other liquid is gained. 
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Multi le Use of Balls 
in Mi P k Transfer System 
Source: Bender Machine Works, Inc. illustrated by: Robert 0. Parmley 

Conveying Diagram 

Milk Transfer 
‘ 6  \ System Assembly 
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Use of Balls in Reloading Press 
Inventor: E. E. Lawrence Draftsman: R. 0. Parmley 

Ball 

r 
Ball 
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Nine Types of Ball Slides 
I I  

for Linear Motion 

V grooves and flat surfare make simple horizontal baU 1 slide for reciprocating motion where no side forces are 
present and a heavy slide is required to keep balls in continu- 
ous contact. Ball cage insures proper spacing of balls; con- 
tacting surfaces are hardened and lapped. 

I - 
Double V grooves are necessary where slide is in vertical 

adjustment or spring force is required to minimize looseness 
in the slide. Metal-to-metal contact between the balls and 
grooves insure accurate motion. 

2 .  position or when transverSe loads are present. Screw 

Movable 
slide - -- 

3 Ball cartridge has advantage of unlimited travel since balls are free 
to recirculate. Cartridges are best suited for vertical loads. (A) Where 

lateral restraint is also required, this type is used with a side preload. (B) 
For flat surfaces cartridge is easily adjusted. 

( A )  Holds slide securely but angle is 
more diff icult t o  machine 

I I  
Movable slide-. I 1  

(E) Simpler construction, 
but requires ad- 
dit ional bearing 
for twis t ing loads 

sprrry Gyroscope GO 

Commercial ball bearings can be used to make 4 a reciprocating slide. Adjustments are necessary 
to prevent looseness of the slide. (A) Slide with 
beveled ends, (B) Rectangular-shaped slide. 
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5 Sleeve bearing consisting of a hardened sleeve, balls and 
retainer, can be used for reciprocating as well as osdl- 

lating motion. Trawl is limited similar to that of Fig. 6. This 
type can withstand transverse loads in any direction. 

Ball reciprocating bearing is designed for rotating, re- 6 ciprocating or oscillating motion. Formed-wire retainer 
holds balls in a helical path. Stroke is about equal to twice the 
difference between outer sleeve and retainer length. 

Ball bushing with several recircu- 7 lating systems of balls permit un- 
limited linear travel. Very compact, 
this bushing simply requires a bored 
hole for installation. For maximum 
load capacity a hardened shaft should 
be used. 

8 Cylindrical shafts can be held by 
commercial ball bearings which 

are assembled to make a guide. These 
bearings must be held tightly against 
shaft to prevent looseness. 

Curvilinear motion in a plane is 9 possible with this device when 
the radius of c u m a m  is large. How- 
ever, uniform spacing between grooves 
is important. Circular - sectioned 
grooves decrease contact stresses. 

Hamilton Standard * 
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Unusual Applications 
9 9  

of Miniature Bearings 
R. H. Carter 

Housing Houslng I I 

Fig. 1-BALL-BEARING SLIDES. 
Si miniature bearings accurately sup- 
port a potentiometer shaft to give 
low-friction straight line motion. In 
each end housing, three bearings are 
located 120 deg radially apart to as- 
sure alignment and freedom from 
binding of the potentiometer shaft. 

/ . I 
Shaft, 

\ 
\ 

Fig. 2-CAM-FOLLOWER ROLLER. Index 
pawl on a frequency selector switch uses bear- 
ing for a roller. Bearing is spring loaded against 
cam and extends life of unit by redncing cam 
wear. This also retains original accuracy in 
stroke of swing of the pawl arm. 

Fig. M E A T  FOR PIVOTS. Pivot-type bear- 
ings reduce friction in lingages especially when 
manually operated such BB in pantographing 

Two PlVOt 9 djusioble mechanisms. Minimum backlash and maximum 
accuracy are obtained by adjusting the threaded 
pivot cones. Mechanism is used to support 

beorings 
back to-back 

diamond stylus that scribes sight lines on the 
lenses of gunnery telescopes. 

t 

‘Ltnkoge 

Threoded 
housing --t 
for 
od/ustments Fig. 4SHOCK-ABSORBING PIVOT POINT. Bearing 

with spherical seat resting on spring acts as a pivot point 
and also absorbs mild shock loads. Used on a recording 
potentiometer that is temperature controlled. Spring 
applies uniform load over short distances and gives uni- 
form sensitivity to the heat-sensing element. Close fit of 
bearing in housing is required. Inl 
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Fig. 5-PRECLSE RADIAL. ADJUSTMENTS 
obtained by dating the eccentric shaft thus 
shifting location of bearing. Bearing has special- 
contoured outer race with standard inner race. 
Application is to adjust a lens with grids for 
an aerial survey camera. 

Thrust bearing, 

Balls 

I Housing- - - - -+ 

Threaded 
coffar - - - - 

Stepped - r' 

caffar 

/ 

Fig. 7 4 E A R - R E D U C T I O N  UNIT. Space 
requirements reduced by having both input and 
output shafts at same end of unit. Output shaft 
is a cylinder with ring gears a t  each end. Cyl- 
inder rides in miniature ring bearings that have 
relative large inside diameters in comparison 
to the outside diameter. 
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f-f 

'Lens 

Fig. M U P P O R T  FOR CANTILEVERED 
SHAFT obtained with combination of thrust 
and flanged bearings. Stepped collar provides 
seat for thrust bearing on the shaft but does not 
interfere with stationary race of thrust bearing 
when shaft is rotating. 

Gear train Ring gear 
I 

I I I ,Ring bearings 
0 1 ,' 

Ouier bearing race- - y-.- Rubber tip 
for tachometer 
readings 

I 
\ I 
\ \  I 

Inner bearing race, ,/*h Fig. 8-BEARINGS USED AS GEARS. 
Manually operated tachometer must take 
readings- up -to 6000 rpm. A 1040-1 speed 
reduction was obtained by having two bear- 
ings function both as bearings and as a 
planetary gear system. Input shaft rotates 
the inner race of the inner bearings, causing 
the output shaft to rotate at the peripheral 
speed of the balls. Bearings are preioaded 
to prevent slippage between races and balls. 
Outer housing is held stationary. Pitch di- 
ameters and ball sizes must be carefully 

Bearing' \\ calculated to get correct speed reduction. 
Sfationory housing 
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Rolling Contact Bearing 
Mounting Units 

FIG. I-Pillow blocks are for 
supporting shafts running paral- 
lel to the surface on which they 
are mounted. Provision for 
lubrication and sealing are in- 
corporated in the pillow block 
unit. Assembly and disassembly 
are easily accomplished. For ex- 
tremely precise installations, 
mounting units are inadvisable. 

FIG. 2-Pillow blocks can be 
designed to prevent the trans- 
mission of noise to the support. 
One design (A) consists of a 
bearing mounted in rubber. The 
rubber in turn is firmly sup 
ported by a steel casing. An- 
other design (B) is made of 
synthetic rubber. Where extra 
rigidity is required the synthetic 
rubber mount can be reinforced 
by a steel strap bolted around it. 

FIG. )-Changes in the tem- 
perature are accompanied by 
changes in the length of a 
shaft. To compensate for this 
change in length, the pillow 
block (B) supporting one end 
of the shaft is designed to allow 
the bearing to shift its position. 
The pillow block (A) at the 
other end should not allow for 
longitudinal motion. 

(4 

Fig. &Compensation for misalign- (A) uses a spherical outer surface of compensates for misalignment. An- 
ment can be incorporated into pillow the outer race. Design (B) uses a other design (C) uses a spherical inner 
blocks in various ways. One design two-part housing. The spherical joint surface of the outer race. 



Balls 15-17 

Fig. 5-me cylindrical car- 
tridge is readily adaptable to 
various types of machinery. It 
is fitted as a unit into a straight 
bored housing with a push fit. 
A shoulder in the housing is 
desirable but not essential. The 
advantages of a predesigned 
and preassembled unit found in 
pillow blocks also apply here. 

FIG. 6-The flange mounting 
unit is normally used when the 
machine frame is perpendicular 
to the shaft. The flange mount- 
ing unit can be assembled with- 
out performing the special bor- 
ing operations required in the 
case of the cartridge. The unit 
is simply bolted into the hous- 
ing when i t  is being installed. 

FIG. 7-The ftange cartridge 
unit projects into the housing 
and is bolted in place through 
the flange. The projection into 
the housing absorbs a large part 
of the bearing loads. A further 
use of the cylindrical surface is 
the location of the mounting 
unit relative to the housing. 

U 

(B) 
FIG. &Among specialized types of 
mounting units are (A) Eccentrics used 
particularly for cottonseed oil ma- sible an adjustment in the position of bearing mounting units are made. 

chinery and mechanical shakers and the shaft for conveyor units. Many 
(B) Take-up units which make pos- other types of special rolling contact 



15-18 

Eleven Ways to Oil Lubricate 
Ball Bearings 
D. 1. Williams 

The method by which oil should be applied to 
a ball bearing depends largely on the surface 
speed of the balls. Where ball speeds are low, 
the quantity of oil present is of little impor- 
tance, provided it is sufficient. Over-lubrication 
at low speeds is not likely to cause any serious 
temperature rise. However, as speeds increase, 
fluid friction due to churning must be avoided. 
This is done by reducing the amount of oil 
supplied and by having good drainage from the 
housing. At very high speeds, with light loads, 
the oil supply can be limited to a very fine mist. 

FIG 3 'OverFow pipe 

Fig. 1-Oil Level System. For moderate 
speeds, the bearing housing should be 
filled with oil to the lowest point of the 
bearing inner race. An oil cup is located 
to maintain this supply level. Wick acts 
as a filter when fresh oil is added. This 

II I / system requires neriodic attention. 

r F I G  1 

Shielded.__ 
bean'ng 

FIG 2 

Pig. 3-Drop Feed. Oil may be fed in drops 
using either sight-feed oilers or an overhead 
reservoir and wick. Drains must be Drovided 

llllllllll 

to remove excess oil. A short overflow stand- 
pipe, serves to maintain a proper oil level. It 
also retains a small amount of oil even though 
the reservoir should be empty. 

Fig. &Spray Feed. With higher 
sp"eeds, definite control of oil fed to 
bearings is important. This problem is 
more difficult for vertical bearings be- 
cause of oil leakage. One method uses 
a tapered'slinger to spray oil into the 
bearings. Oil flow is altered by the 
hole diam., the taper and oil viscosity. 

F I G 4  
Oil 
mefering 

Fig. 2-Splash Feed is used where rotat- 
ing parts require oil for their own lubd- 
cation. Splash lubrication is not recom- 
mended for high speeds because of 
possible churning. Bearings should be 
protected from chips or other foreign 
material by using a shaft mounted slinget 
or shielded bearings. 

Fig. 5-Circzlating Feed. Most circulating sys- 
tems are somewhat complicated and expensive 
but this is justified by their permanence and 
reliability. Oil reservoir is attached to the 
shaft and when rotated, the oil is forced upward 
where it strikes a scoop, flows through and 
onto the bearing. 
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m Fig. 7-Another screw bumb abblication 
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I . . .. 
forces the oil upward through an external 
passage. The cup-shaped slinger traps 
some oil as the spindle comes to rest. 
Upon starting, this oil is thrown into the 
bearings and avoids a short initial period 
of operation with dry bearings. 

Fig. &Most circulating systems are used 
tor vertical shaft applications and usually 
where ball speeds are comparatively high. 
Dne system consists of an external screw 
which pumps the oil upward through the 
hollow spindle to a point above the top 
>ear i n g s . 

Fig. %-Wick Feed filters and transfers oil to 
a smoothly finished and tapered rotating mem- 
ber which sprays a mist into bearings. Wick 
should be in light contact with the slinger or 

Fig. 9-Wick feeds are used in 
applications of extremely high 
speeds with light loads and where 
a very small quantity of oil is re- 
quired in the form of a fine mist. 
Slingers clamped on the outside 
tend to draw the mist through the 

Fig. IO-Air-Oil Mist. Where the 
speeds are quite high and the bear- 
ing loads relatively light, the air- 
oil mist system has proven sue- 
cessful in many applications. Very 
little oil is and the air 
flow serves to cool bearings. 

Fig. Il--Pressure l e t .  For high speeds 
and heavy loads, the oil must often 
function as a coolant. This method 
utilizes a solid jet of cool oil which is 
directed into the bearings. Here ade- 
quare drainage is especially important. 
The oil jets may be formed integrally 
with the outer oreload saacer. 
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BakBearing Screw Life 
Based on several years of life-load tests, the charts reduce 
calculation time and increase reliability-analysis. 

D. A. Galonska 

ALL-BEARING screws are de- B signed individually to meet the 
specific load, life and space require- 
ments of each application. To simplify 
such calculations and to provide a 
higher degree of reliability, a series of 
tests was conducted which furnished 
data for the construction of two de- 
sign charts. With one-a life-load 

chart-minimum life of ball-bearing 
screws can now be predicted to within 
10 percent. A second chart aids in 
determining the key dimensions. A 
numerical problem is included here to 
illustrate the use of the charts. Also 
given are rules for selecting the op- 
timum number of balls and circuits in 
a unit, best materials, hardnesses. 

Basic types 
Ball-bearing screws are highly effi- 

cient units for precision positioning 
with minimum power, size and cost. 
With mechanical efficiencies ranging 
from 90 to 95 percent, ball-bearing 
screws require only one-third as much 
torque for the same linear output as 
conventional Acme thread screws. 

Circle -arc  grooves 
BASIC BALL-BEARING screw as- ing helical races separated by balls. Two 
sembly consists of a screw and nut hav- popular types of grooves (right). 
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The basic unit ot a ball-bearing 
screw assembly consists of a screw and 
nut having helical races separated by 
balls. A tubular guide on the nut in- 
terrupts the path of the balls, deflects 
them from the races, and guides them 
diagonally across the outside of the 
nut and back to the races. In opera- 
tion, the rolling balls recirculate con- 
tinuously through this closed circuit 
as nut and screw rotate in relation to 
each other. 

The lead of a ball-bearing screw is 
the distance the nut (or screw) ad- 
vances for one revolution of the screw 
(or nut). It is usually expressed as a 
decimal dimension, but may be given 
in threads per inch. The ball circle 
diameter, or pitch diameter, is the 
diameter of a circle whose radius is 
the distance from the screw axis to the 
center of the active bearing balls. 

Grooves forming the helical races 
of ball-bearing screws and nuts may be 
either of circle arc or Gothic arc 
cross-section. The Gothic arc groove 
design minimizes lash by reducing the 
axial freedom of the assemblies. Also, 
with this construction, foreign matter 
entering the grooves is pushed by the 
balls into the space at the apex. The 
design of the Gothic arc groove shape 
is usually based on a 45-degree con- 

tact angle, while with circular grooves, 
the contact angle varies with changes 
in load, lash, and ball size. The cir- 
cular groove design, however, may 
offer a slightly lower frictional loss 
during operation. 

Load-carrying capacity 
Load capacity depends on material, 

hardness, ball and screw diameters and 
on the number of bearing balls. How- 
ever, screw and ball diameters are gen- 
erally limited by the lead specified or 
space available; hence, to increase the 
load capacity, it is usually necessary 
to increase the number of balls. If too 
many balls or too many turns are de- 
signed in a single long circuit, there 
is a tendency to jam or lock because 
of the friction caused by the rubbing 
of adjacent balls rolling in the same 
direction. 

One way to reduce the tendency to 
jam is to include alternate balls of a 
smaller diameter. The larger ones 
serve as bearing balls, the smaller ones 
as spacers. In this way, adjacent balls 
rotate in opposite directions, similar to 
idler gears in a gear train. Obviously 
this design carries less load for a given 
space and weight than types in which 
all the balls are load carriers. 

Another method for increasing the 

number of balls, and thus raising the 
load-carrying capacity of a ball-bearing 
nut of given length, is to provide more 
than one circuit. In a multiple-circuit 
design, the separate circuits divide the 
load equally. Also, every ball is a load 
carrier, and the need for extra non- 
working spacer balls is eliminated. 
Another important advantage is that 
if one circuit fails, the others can gen- 
erally carry the load until repairs can 
be made. 

Tests have determined two limiting 
factors when all balls are to be load 
carriers: 

1. Number of balls in any single 
circuit should be less than 125. 

2. Maximum circuit length shotild 
not exceed 3% turns. 

Little is gained by providing more 
circuits having fewer turns. In one 
series of tests it was found that the 
life of nuts having 'two circuits of 3% 
turns each was comparable to that of a 
nut having five circuits'of 1% turns 
each. 

Loadcarrying capacity of ball-bear- 
ing screws closely parallels that of con- 
ventional ball bearings. Stress levels 
and impacts on the races determine 
the life of an assembly. Stress level 
(load rating) versus number of im- 
pacts (or screw revolutions) have been 

MULTIPLE BALL CIRCUITS increase load-carrying capacity. Each circuit carries equal share of load. 
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have been determined by laboratory 
test under simulated service conditions, 
Fig 1 and 2, pp 52-53. The  ratings 
are specified in terms of one million 
revolutions. Use of the charts is illus- 
trated in the following problem. 
Design problem 

Design a ball-bearing screw of mini- 
mum size and weight to meet the speci- 
fications listed below (see also illustra- 
tion below). The  unit is to operate an 
aircraft hydraulic locking cylinder. 
Also given are typical limits on dimen- 
sions and load. 
Given 

- N u t  rotated by input drive, but 
prevented from shifting linearly; screw 
does the driving. 

-Li fe  requirement is 5000 cycles 
(in both directions). 

*Stroke is 5 in. under load in one 
direction: the screw remains under 
compression during the return stroke. 
(Units with strokes as much as 50 f t  
have been designed and tested. 

Load is 9300 Ib in both directions. 
(Units have been built to provide a 
thrust of 1,000,000 lb.) 

Ball-circle diameter of pitch dia, 
D is 1.25 in. (manufacturing limits: 
min = i% in.; max 

*Lead  = 0.3125 in./rev. (Leads 
8 in.) 

-- 
9300 /6 
load 

from 0.125 to 1.5 times the pitch di- 
ameter are best, although there is no 
definite top limit.) 

Ball diameter, d = 32 in. The  lead 
specified, as well as the ball-circle 
diameter, limit the maximum size of 
the balls because the lands between 
the grooves must be sufficiently wide 
to provide adequate support. Also, 
a portion of the land on the nut is 
removed by the counterboring re- 
quired for the ball return system. In 
this instance, the maximum ball diam- 
eter of 3% in. was dictated by experi- 
ence. 
Compute 

T o t a l  t rave l  = 5 in.  stroke in each 
direct ion 

= 10 in./cycle 
= 10 X 5000 
= 50,000 i n  

r ev / in .=  1/0.3125 = 3.2 
T o t a l  revolut ions = 3.2 X 50,000 

1.25 
Diamete r  ra t io  = D / d  = - - 

= 160,000 rev  

7/32 
= 5.71, 

(Ideal  D/d  ra t io  is be tween 4 and 8.) 
From charts 

Number of impacts per revolution 
for a D / d  ratio of 5.71 is 7.8, Fig 2. 

Impacts are the number of balls that 
pass one point on the nut in one revo- 
lution of the screw. It is best t o  keep 
the number of impacts within 5 to 13.6 
per revolution. Note from the chart 
that if the nut were driving, with the 
screw stationary, the higher diagonal 
line would be read, resulting in a 
higher number of impacts. 

Multiplying the number of revolu- 
tions to be traveled (160,000) by the 
number of impacts per revolution (7.8), 
we find the total number of impacts 
to be 1,248,000. Referring to Fig 1 ,  
for this number of impacts and 3% in. 
dia balls, the load that can be carried 
per ball is 150 Ib. Thus 

9300 
150 No. of balls required '= 

= 62 balls. 
This is less than the maximum of 

125 balls per circuit necessary to avoid 
locking; hence only one circuit is re- 
quired. If more than 125 balls were 
required, divide the total by 125 and 
use the next largest whole number as 
the number of circuits. 

Number of balls per turn is 

P (-:-) = 5 . 7 1 ~  = 17.9 = 18 

DIMENSIONS for design problem. Nut rotates, but is stationary i n  a linear direction. 
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1 - - LIFE-LOAD RELATIONSHIPS for various diameter balls. 
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Number of turns is 

No. of balls 
No. of balls per t u r n  

= s2 z3.44 = 34 
18 

The number of turns determines the 
minimum length of nut. I n  general, 
the minimum nut length can be ap- 
proximated from the following table: 

TOTAL 
NUMBER OF 

TURNS 

7 9 
104 13 

x Lead 
X Lead 

Effect of a varying load 
I n  numerous life tests with hardened 

screws under various load conditions, 
failures have always been the result 
of a broken ball. The impact life 
lines in Fig 1 terminate a t  the loads 
which will subject the raceways to a 
mean stress of 550,000 psi. This is 
considered to be the maximum static. 
non-Brinell condition for raceways. 
Tests have shown that ball-bearing 
screw assemblies can operate for  ap- 
proximately 44,000 impacts at these 
loads. 

When the operating load changes at 
a cpnstant rate throughout the stroke, 
the equivalent constant load can be 
calculated by taking the root mean 
a ,Le  average of the loads: 

where L = the equivalent constant 
load, 

Lz = the higher load 
L1 = the lesser load 

Effect of hardness on life 
The life-load chart, Fig 1, is based 

on a minimum raceway hardness of 
60Rc and a case depth sufficient to 
support the load throughout the life 
of the assembly without appreciable 
spalling. However, it is sometimes im- 
practical or  uneconomical to provide 
such a degree of hardness. 

While it is possible to harden very 
long screws, they will invariably dis- 
tort as the result of quenching. 
Straightening of such screws to the re- 
quired accuracy is difficult and expen- 
sive. Hence, a lesser degree of hard- 
ness is best for such cases. Also, 
screws made of stainless steel, such as 
Armco 17-4PH, are best hardened to 
between 40 to 45Rc by heating to 
950 F for 1 hour. This low-tempera- 
ture heat treatment causes only a 
minimum of distortion. For lightly 
loaded, low-cost applications you can 
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2 IMPACTS per revolution versus ratio D/d. 
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3 HARDNESS FACTOR versus Rockwell hardness. 
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Cartridge-operated rotary actuator 
quickly retracts webbing to forcibly 

separate a pilot from his seat as the seat 
is ejected in emergencies. Tendency of 
pilot and seat to tumble together after 
ejection prevented opening of chute. Gas 
pressure from ejection device fires the 
cartridge in the actuator to force, ball- 
bearing screw to move axially. Linear 
motion of screw is translated into rotary 
motion of ball nut. This rapidly rolls up 
the webbing (stretching it  as shown) 
which snaps the pilot out of his seat. 
T a l k y  Industries. 

B e f o r e  A f t e r  
r e t r a c t i o n  r e t r a c t i o n  

Speedy, easily operated, but more 
accurate control of flow through valve 

obtained by rotary motion of screw in 
stationary ball nut. Screw produces linear 
movement of gate. The swivel joint elimi- 
nates rotary motion between screw and 
gate. Sfahonary ba//-nuf 

request cold-rolled unheat-treated actual load effect on the life of a unit. Most ball- 
steel. However, the hardness for such bearing screw assemblies produced by 
steel is only approximately 27 to 32Rc. Saginaw are made from SAE 4145, 

Effect of hardness on the life of 4150, or 6150 steels, that are usually 
ball-bearing screws is shown in Fig hardened to 60 Rc. 
3. Effective load, for  determining the In  the chemical and food-processing 
life of assemblies, is hardened and compatible, has little industries, actuators are generally 

effective load = 
hardnessfactor 

Effect Of materials On life 
The material employed, if properly 
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Time-delay switching device integrates 
time function with missile’s linear 

travel. Purpose is to safely arm the war- 
head. A strict “minimum G-time” ‘system 
may arm a slow missile too soon for 
adequate protection of own forces; a fast 
missile may arrive before warhead is 
fused. Weight of nut, plus inertia under 
acceleration will rotate the ball-bearing 
Screw which has a fly wheel on the end. 
Screw pitch is such that a given number 
of revolutions of flywheel represents dis- 
tance traveled. Globe Industries. 

Accurate control of piston position 
in hydraulic actuator for aircraft has 

ball-bearing screw mounted directly to 
piston by means of threaded nut. Piston 
rod is actuated linearly by means of 
hydraulic pressure applied lo ball nut 
through port A or B. Linear movement 
produces rotary motion in screw which 
is attached to no-back braking device. 
Piston rod, therefore, can be stopped 
by a n y  linear position by actuating the 
lever of braking device. Attaching gear 
train and rotary dial to screw shaft will 
give direct reading of linear position of 
piston rod. ..Illison Div of General Motors 
Cnrp. 

\ 
Swifcn acfuofor 

Screw shotf f o r ?  A 
No bock brakin Ball- bearing screw 

Thrust bearings 

made from corrosion-resistant mater- Haynes Stellite # 2 5 ,  to 1000 F. The  
ials. For high-temperature applica- higher temperatures, however, do  
tions, steels such as the ones listed lower the life of a unit. 
above are suitable u p  to about 350 F; 
AIS1 Type 440 stainless steel, to 550 
F; hot-work tool and die steels, to 800 
F; and cobalt-base materials such as 
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Stress on a Bearing Ball 
These curves indicate permissible loads when seat is spherical 
or flat, steel or aluminum. 

Jerome E. Ruzicka 

COMPRESSIVE STRESS FOR STEEL BALL ON STEEL SEAT 
(For aluminum seat, multiply stress by 0.632) 

600 

al z 
2 200 g 
E 
0 
V 

IO0 

OO 10 20 30 40 50 
Compressive load, P, Ib 

When a design uses steel 
bearing balls to support a load, 
it is important to know what 
stresses result. They are 
charted on this page. On the 
continuing page is a diagram 
that identifies symbols-for 
applications where the seat is 
spherical or flat-and also a 
chart that will help calculate 
maximum permissible loads. 
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Symbols used with curves 

P P 

CONTACT RADIUS FOR STEEL BALL ON STEEL SEAT 
(For aluminum seat, multiply radius bv 1.251 

0 IO 20 30 40 50 
Compressive load F: Ib 
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Compute Effects of 
Preloaded Bearings 
The trend is to preload whenever precision and 
spindle rigidity are desired-and tests now show 
that preload can increase bearing life. 

T. A. Harris 

ANY designers are failing to take M full advanltage of the principles 
of bearing preload. In fact, there are 
still some misconceptions in this area. 
Let us immediately clear up two im- 
portant points: 

Preloading does not necessarily 
decrease bearing life-in fact, bear- 
ings which have been preloaded can 
definitely last longer, provided they 
are not over preloaded. Design curves 
included in this article pinpoint the 
maximum preload for maximum life. 

0 Preloading need not be restricted 
to ball bearings. Almost any type of 
rolling-element bearing assembly - 
ball, cylindrical, roller, tapered roller, 
spherical--can gain by preloading. 

What is preloading? 
Simply stated, preloading is an in- 

ternal load applied to a bearing assern- 

bly while the assembly is in a station- 
ary (unloaded) condition. This static 
load, of course, is an addition to that 
imposed by the weight of the shaft 
and other members of the assembly. 

There are two types of preloading 
-radial and axial: 
Radial preloading can be achieved 

by any one of these methods: 
1. Forcing the bearing on a tapered 

shaft to expand the inner ring and 
thus take up the clearance (Fig 1A 
to I B ) .  

2.  Mounting a tapered sleeve on a 
shaft, and mounting the bearing on 
to the sleeve (C). 

3. Employing an elliptically out-of- 
round outer ring (D) . The ring snaps 
over a normal inner ring-and-roller set 
of a cylindrical roller bearing. This 
provides a selective radial preload in 
the vicinity of the minor axis and pre- 

A. Diametral (radial) clearance found 

bearings. One object of preloading is to 
remove this clearance during assembly. 
B. Cylindrical roller bearing mounted on 
tapered shaft to expand inner ring. 
Such bearings are usually made with a 
taper on the inner surface of 0.04 in./in. 
C. Spherically roller bearing mounted 
on tapered sleeve to expand the inner 
ring. 
D. Elliptically out-of.round outer ring is 
snapped over the normally round inner 
ring of a cylindrical-roller bearing to 
prevent skidding during high-speed op- 
eration. 
E. Tapered roller bearings are locked 
together axially to obtain radial preload. 
F. Lightly preloaded tapered roller 
bearings in the wheel of a mine car. 

1 .  in most off-the-shelf rolling-element 
Housing , Oufer 

vents skidding in high-speed, lightly 
loaded applications. 

4. Tightening tapered roller bearings 
against each other (Fig E and F). 
Although this is an axial tightening, 
in effect radial preloading is achieved 
which improves roller load distribu- 
tion and increases life. 

5. Selecting more interference in 
the fit between the outer diameter of 
the bearing and its housing. 

6. Heating the outer ring and allow- 
ing it to shrink over the rollers after 
assembly. A line-to-line fit is then 
required on the shaft and the housing. 

Axial preloading, Fig 2, is usually 
obtained by shifting the inner or  
outer race of the bearing in the axial 
direction. This can be done in several 
ways: by grinding the side of one ring 
so that it is normally at an offset posi- 
tion in comparison to the other ring, 

A 
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and then by mounting the bsaring in 
pairs (A to D); by use of shims (E); 
and by the insertion of spacers in 
which one spacer is slightly longer 
than the other (F). 
What does preloading do? 

Preloading removes the internal 
clearances that normally exist between 
the balls (or  rollers) and one of the 
races. In fact, because the result is 
usually an interference fit between the 
balls and the races, clearance or play 
is avoided even under load (up to, of 
course, a specific point). Thus, pre- 
loading: 

0 Provides more accurate shaft po- 
sitioning, both axially and radially. 
This is a prime objective for designers 
of precision tools and mechanisms, 
such as machine tool spindles, instru- 
ments, gyroscopes. Of course, many 
designers in these fields are already 
employing preload. 

@Reduces the shaft deflection un- 
der load and improves the assembly 
stiffness characteristics. 

Increases the bearing fatigue life, 
providing that the assembly is not 
overpreloaded. 

0 Decreases hearing noise and per- 
mits the bearing to take higher shock. 

0 Provides system isoelasticity, in 
which the deflection in the bearing 
system is along the line of the external 
load. 

Care must always be taken to avoid 
excessive preload because this in- 
creases the running torque and oper- 
ating temperature of the bearing and 
thus significantly reduces bearing life. 
The following sections give the key 
equations and charts for accurately 
predicting the amount of preload a 
bearing assembly should have. Sample 
problems are included in most cases. 

continued, page 86 

C 

Preload 

A Duplex set with back-to-back angular ball bearings prior to axial pre- 

E?. Same unit as in (A) after tightening axial nut to  remove gap. The con- 
tact angles will have increased. 
C. Face-to-face angular-contact duplex set prior to preloading. In this case 
it is the outer-ring faces which are ground to provide the required gap. 
D. Same set as in (C) after tightening the axial nut. The convergent contact 
angles increase under preloading. 
E. Shim between two standard-width bearings avoids need for grinding the 
faces of the outer rings. 
F. Precision spacers between bearings automatically provide proper pre- 
load by making the inner spacer slightly shorter than the outer. 

2 loading. . .  The inner ring faces are ground to provide a specific gap. 

C 

D F 
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RADIAL PRELOADING 

Preload vs bearing life 
As stated previously, light preload- 

ing increases the bearing fatigue life. 
Specifically, in the case of radial pre- 
loading, the preload extends the cir- 
cumferential arc of loading (Fig 3 ) ,  
which in turn reduces the maximum 
load experienced by a ball or roller. 

But by how much is the bearing 
life extended? Most statements on pre- 
load are qualitative; quantitative anal- 
yses are generally shunned as being 
too complicated. This was perhaps 
true in the past. Now, with certain 
key equations and charts, one can di- 
rectly come up with accurate estimates 
as to the amount of preload that is 
desirable and its effect on bearing life. 

First step is to determine the ex- 
tent of the circumferential zone of roll- 
ing element loading. This is obtained 
by solving Eq 1 and 2 simultane- 
ously for 8, the radial deflection, and 
e, the projection of the zone of load- 
ing on the bearing pitch diameter of 
symmetry (a  numerical problem that 

follows illustrates the technique) : 

Symbols 

where F is the applied load on the 
bearing (caused by the load imposed 
on the shaft from the gearing, belting, 
rotating mass, etc), 2 is the number 
of balls or rollers, K is the deflection 
constant defined for mo\t deep-groove 
ball bearings by Eq 3 and for roller 
bearings by Eq 4, c is diametral clear- 
ance (which is frequently referred to 
as radial clearance according to  Anti- 
Friction Bearing Manufacturers’ As- 
sociation (AFBMA) terminology), 
and J is a radial load function given 
by Fig 4 for ball and roller bearings. 
The exponent n is 1.5 for ball bear- 
ings and 1.1 for roller bearings. For 
ball bearings 

K = 1.53 x 1 0 7 0 0 5  (3) 

Symbols Description 
total groove curvature 
diametral (radial) 

clearance 

basic load rating 
bearing pitch diameter 
ball or roller diameter 
inner ring groove radius/D 
outer ring groove radius/D 
radial load or preload 
axial load on bearing 1 
axial load on bearing 2 
axial deflection constant 
radial distribution integral 
radial deflection constant 
rating life (10% failures) 
effective roller length 
shaft speed 
external thrust load 
number of balls or rollers 
zero load contact angle 
contact angle on bearing 1 
contact angle on bearing 2 
radial or axial deflection 

axial preload deflection 
increase in clearance due to 

centrifugal force 
projection of loading arc on 

bearing diameter 
life adjustment factor 

Units 

in. 

Ib 
in. 
in. 
- 

Ib 
Ib 
Ib 
- 

Source 
Eq 14 

bearing mfr  or 

catalog 
catalog 
catalog 
bearing mfr. 
bearing rnfr. 
bearing application 
Eq 13 and 15 
Eq 13 and 15 
Fig 9 
Fig 4 
Eq 3 or 4 
Eq 5 or 6 
catalog 
bearing application 
bearing application 
catalog 
bearing rnfr. 
Eq 20 and 2 1  
Eq 20 and 21 
Radial: Eq 1 and 2 
Axial. 
Fig 10 

Eq 11 or 12 

AFBMA tables 

Eq 2 
Fig 5 

Note: When source is listed as “bearing mfr.,“ the data may be found in catalogs. 

For roller bearings 

K = 5.28 x 1 0 6 ~ ~ 0 . 8 9  

where D is the diameter of the balls 
and L,  the effective length of the roll- 
ers. 

You can easily solve Eq 1 and 2 by 
trial-and-error techniques. Assume a 
value of E, then pick off J in Fig 4. 
Next, solve for 8 in Eq 1 and use this 
value in Eq 2 to determinc a new 
value of E ,  which you then compare 
against the assumed value. Repeat the 
process until the difference between 
the assumed and the calculated values 
of E is sufficiently small (usually un- 
der 0.01). 

This value of E will then affect the 
rating life or Llo fatigue life, which 
is in tcrins of hours of a radially 
loaded, rolling bearing in accordance 
with AFBMA load rating standards 
given by the equations: 
For ball bearings 

(4) 

L J  

For roller bearings 

In the above equations, C is the 
basic load rating supplied by the bcar- 
ing catalog, and N the shaft speed. 
These equations, however, differ from 
the often published AFBMA equa- 
tions in that they contain a life ad- 
justment factor A. This factor is ob- 
tained from Fig 5 by knowing E ,  and 
thus accounts in Eq 5 and 6 for the 
effect of diametral clearance, both pos- 
itive and ncgative, on bearing life. 

Generally, in nonpreloaded bear- 
ings, the clearances are relatively large 
and the values for A quite low, in the 
0.7 to 0.9 range (hence it  is frequently 
called a “reduction factor”). But with 
preloaded bearings, values above 1 .O 
are readily obtained. In addition, val- 
ues of E greater than 1 should be 
avoided to maintain long fatigue life. 
Good design practice calls for radial 
preloads which cause E to fall between 
0.5 and 1.0. Improved fatigue life is 
thereby obtained. 

Example I-Nonpreloaded life 
A single-row deep-groove ball bear- 

ing (SKF bearing number 6309 with 
a loose C3 fit) has a basic dynamic 
load rating of 9120 Ib. This bearing 
supports a radial load of 2000 Ib at 
a shaft speed of 1000 rpm. According 
to the catalog, the bearing contains 8 
balls of h? in. diameter. Also, this bear- 
ing is listed as having a mean diametral 
clearance of c = 0.001 in. Without 
any preload, what is the radial deflec- 
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tion and estimated Llo fatigue life? 
From Eq 3 

K = (1.53(107)(0.G875)0.5 
= 1.269 X lo7 

From Eq 1 

2000 = (8)(1.269)(107) X 

0.0000197 = (6  - 0.0005)L.5J  (7) 
From Eq 2 

= 0.5(1 - 0 . 0 ~ 2 )  (8) 

Assume a value for E (a good start- 
ing point for nonpreloaded bearings is 
e = 0.4). Use the E value in Fig 4 to 
determine J, solve for 6 in Eq 7, and 
then solve for E in Eq 8 to see how 
close it  is to the assumed value. This 
finally yields: 

e = 0.402 
6 = 0.00254 in. 

Now compute the predicted bearing 
life. At E = 0.402, from Fig 5, A = 0.9 
and L,o from Eq 5 becomes: 

L l o = - L - .  (1 000 000)(0.9) ~ 9120 
(60) (1 000) r 2000 -1 

L -I 

= 1338 hr 
Example n-Preloaded life 

Let us now look at what happens 
when the bearing of the foregoing ex- 
ample (bearing No. 6309) is mounted 
with a press fit on the shaft and in the 
housing such that the resultant clear- 
ance is 0.0005 in. tight. This provides 
a light radial preload. What radial de- 
flection and Ll0 fatigue life can now 
be expected? 
From Eq 1 

2000 = (8) (1.269) (lo') ( + o . O y 5 ) l . ;  _I_ 

0.0000197 = ( 6 j  0.00025)1.5J (9) 
From Eq 2 

= 0 . 5 ( 1  + 0 '-j- 00025 - ) (10) 

Solving Eq 9 and 10 with the aid of 
Fig 4 yields: 

e = 0.577 
6 = 0.0016 in. 

At = 0.577, from Fig 5, h = 1.055. 
Thus from Eq 5: 

I 

I 0.2 0.3 0.4 0.50.6 0.8. 1 , I ?  3 4 5 6 1  
Projection of loading arc, e 

4 Radial load function J vs the zone of-loading projection, <. These 
factors play an important part in  computing the change in fatigue life 

of a ball bearing when preloaded. For best results, design for 0.5<,<1. 

Projection o f  loading arc, E 

5 Fatigue-life reduction factor, A vs Many designers are unaware that 
this factor should be applied to the standard fatigue equations used 

in industry to predict the life of roller bearings. To obtain values of 
1.0 or over for A (desirable), factor should be between 0.5 to 0.9. 



(1,000,000) (1.055) 9120 L o  = (60) ( ioooT--  (2300 ) 
= 1660 hr 

Hence, this bearing when mounted 
with 0.0005-in. interference deflects 
0.0009 in. less and has a 15% in- 
crease in fatigue life. 

Equations for high speeds 
The previous analysis did not take 

into consideration the centrifugal 
force associated with the ball or roller 
orbital speed. At high cage speeds, 
the centrifugal force tends to increase 
the diametral clearance which reduces 
bearing life. Because this force in- 
creases as the square of cage speed, its 
effect at slow speeds is usually neg- 
lected. 

The increase in clearance, A, caused 
by centrifugal force can be approxim- 
ated by the following equations. This 
calculated value should be added to 
the value for c used in Eq 1 and 2: 
For ball bearings 
A = 1.07 x 10-9Dl.67dO.67Nl.?-3 

xy1 * (11) 

L 
In these equations d is the bearing 

pitch diameter. Use the minus sign 
when the inner ring is rotating (as 
when the shaft is rotating) and the 
plus sign for outer ring rotation. 

For the bearing in Example I1 (pitch 

dia = 2.8543 in.), rotating at only 
1000 rpm, the increase in clearance 
from Eq 1 1  is 0.000008 in.-neglig- 
ible when compared to the 0,0005 
diametral tightness. On the other hand, 
if  the shaft speed is raised to 10,000 
rpm, the estimated increase in clear- 
ance will be 0.0002 in. which must be 
subtracted from the preload tight- 
ness. Roughly, this will result in a A 
factor of 1.03, which will decrease life 
by about 2.5%. Thus, when designing 
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for a radially preloaded bearing ap- 
plication at other than slow speeds it 
is necessary to account for the effect 
of bearing rotational speed. 

The clearance in Eq 1 and 2 is that 
which occurs after the bearing is 
mounted on the shaft and in the hous- 
ing. When the shaft or housing is 
other than steel (assuming steel bear- 
ings), the effect on clearance of differ- 
ential expansion due to elevated oper- 
ating temperatures must be taken. 

AXIAL PRELOADING 

The most common type of axial pre- 
loading occurs in angular contact ball- 
bearing applications in which duplex 
bearings are pressed axially against 
each other to gain increased rigidity 
against the effect of externally applied 
thrust load. 

The reason for the improvement in 
rigidity, or stiffness, is illustrated by 
Fig 7 which shows ball-bearing de- 
flection as a function of bearing load. 
If the bearing can be made to operate 
to the right of the knee of the curve, 
ie, if the left-hand portion of the curve 
could be removed, the subsequent de- 
flection with load can be decreased 
considerably because the deflection 
rate diminishes as load increases. 

For roller bearings, however, the 
deflection-load characteristic is nearly 
linear and there exists no knee to be 
removed. Consequently roller bearings 
are rarely preloaded to increase stiff- 

ness. Tapered roller bearings, however, 
require an axial load for proper opera- 
tion, and in the absence of an applied 
thrust load this may be effected by 
applying a light axial preload. 

Angular contact ball bearings can be 
purchased from manufacturers' cata- 
logs to yield specified preloads. The 
bearings usually have one side face 
ground down. When such bearings are 
duplex mounted and locked up against 
each other as in Fig 6, a specified pre- 
load exists according to the difference 
in width between the inner and outer 
rings. 

For example, SKF angular contact 
ball bearings which carry the suffix 
G followed by a code symbol indicate 
the amount of preload; thus GO2 in- 
dicates 20 Ib and G2 indicates 200 
Ib preload. Table I (opposite) gives a 
schedule of preloads supplied by SKF. 

However, if you wish to use stand- 

These faces ground 

Face- to - face  DF Back-to-back DB 

Duplex sets of angular contact ball bearings. 6 The back.to-back is the more popular arrange 
ment because the contact angle converges out- 
side the bearing outer ring which provides a high 
degree of resistance to misaligning forces. Select 
these bearings when loading is cantilevered or 
overhung as  for pulleys, sheaves. Face-to-face 
mountings are best when it is desired to dis- 
mount spindles and other accessories that are 

st the inner ring of the bearing- 
ieving the preload of the bearings. 

0 F- 

Deflection vs load characteristics tor ball bearings. As 7 the load increases, the rate of the increase of deflec- 
tion is slowed, therefore preloading (top line) tends to 
reduce the bearing deflection under additional loading. 
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ard bearings, you can use a shim of 
a width to match the amount that is 
normally ground off from a preload 
bearing. Because this amount for a 
specific preload varies with the bear- 
ing type, you must compute this value 
(see the technique that follows), or 
you may be able to obtain specific 
values from the bearing manufac- 
turers. 

Computing the grindoff amount 

Angular-contact ball bearings that 
are to be preloaded are usually 
mounted in pairs in a face-to-face or 
back-to-back mounting. This mount- 
ing may be subjected to an additional, 
applied thrust load, T.  The equili- 
brium of axial forces requires that 

l' = F ,  - Fz (13) 
where F 1  and Fa are the thrust loads 
on bearings 1 and 2, Fig 8. If there 
is only preload on the bearings (no 
applied thrust load) then 

Fi = FZ. 
The next important relationship in- 

volves the inner and outer raceway 
groove curvatures, j ,  and fo. which 
can be obtained from the bearing 
manufacturers. A constant, B, is then 
obtained by means of the equation 

R = f% t f o  - 1 (14) 
The groove curvatures are usually 

given as a percentage of the ball diam- 
eter and fall between 52 to 53% of 
the ball diameter for most angular-con- 
tact bearings. 

We now employ two equations to 
relate the axial deflection, 6, to the 
axial preload, F :  

F ,  = ZD'G X 

Here, subscript j relates to  the specific 
bearing in question either bearing No. 
1 or 2 in a duplex set, a0 is the initial 
contact angle (under zero load condi- 
tions) and a i s  the final contact angle. 

Values for Z,  D ,  and a0 in the above 
equations are easily obtained from 
catalogs or from the bearing nianu- 
facturers. The axial preload, F ,  is usu- 
ally known or assumed from the ap- 
plication requirements. 

Go to the curve in Fig 9 to obtain a 
value for G based on the computed 
value for B (from Eq 14), and to the 
chart in Fig 10 to obtain other neces- 
sary factors as follows: 

I .  Calculate a constant, t ,  from the 
known factors in the first part of Eq 
15, by making t equal to 

F t = -~ 
ZD2G 

2. In Fig 10, locate the point of in- 
tersection of the line for i and the 
radial line for ao. On the curves, the 
example is t = 0.01 and a0 = 40 deg. 

3. Swing a radius about the right- 
hand origin through the located point. 

4. At the intersection of this arc 
and the abscissa line (where a0 = 0) 
locate the value of SIBD. In the ex- 
ample S/BD = 0.089. 

5. Align a straight-edge through the 
intersection of t and ao lines such that 
the straight-edge is parallel to identi- 

cally numbered markers of the upper 
and lower a - ao scales. In the exam- 
ple, locate u - a0 = 3.6 deg. 

From the values obtained in steps 
4 and 5,  you can now quickly deter- 
mine the axial deflection S and final 
contact angle a-without need for 
further reference to Eq 15 and 16. 
The amount of grinding required to 
achieve a given preload is then equal 
to 6. 

Example 111-Axial preload on duplex 
pair 

It is desired to obtain an axial pre- 
load of 500 Ib from a set of duplex 
angular contact ball bearings. The 
bearings have 52% inner and outer 
raceway groove curvatures, an initial 
contact angle of 40 deg, and a comple- 
ment of 15 balls of 0.5 in. diameter. 
How much stock must be ground 
from the inner ring face of each bear- 
ing? From Eq 14: 

B = 0.52 + 0.52 - 1 = 0.04 
From Fig 9, for a value of B = 

From Eq 17: 
0.04, G = 110,000. 

500 
15 X (0.5)2 X 110,000 

t = __- 

= 0.0012 
From Fig 10, S/BD = 0.022. 

Hence, 

6, = (0.022) (0.04) (0.5) 

= 0.00044 in. 
Subscript p was added to denote 

that the deflection is due to axial pre- 
loading alone. 

SKF preload suffixes for bearings 
Table 1 

Bore dia. Light Heavy 
mm preload preload 

Over Incl. Lb Suffix Lb Suffix 

0 20 20 G O 2  100 G I  
20 45 50 G O 5  200 G 2  
45 80 100 G 1 300 G 3  
80 95 100 G 1 400 G 4  

95 120 200 G 2 500 6 5  
120 150 200 G 2 700 G 7  
150 240 300 G 3 900 G 9  

Bearings can be ordered with faces of inner ring 
shaved down to provide a specific preload. Ex. 
ample: To obtain a heavy preload for a 7210 B 
angular contact bearing, specify 7210 BG 5. Th i s  
bearing will provide a 500-lb axial preload when 
clamped in assembly. 

Preloaded set of duplex bearings subjected to  8 an external thrust load, T. The computation for 
the resulting deflection is complicated by the fact 

Tiatthe  preloact a t  %beanngfis-i.rrcreased-by bad 
T, while the preload at bearing 2 is decreased. 



Balls 15-35 

Also from Fig 10, a - ao = 0.9 
deg. Hence, 

CY = 0.9 + 40 = 40.9 deg 
Thus, 0.00044 in. must be removed 

from the inner ring face of each bear- 
ing to obtain 500 Ib preload. 

Example IV-With external thrust 
loads 

Suppose now that the preloaded 
duplex bearings of Example 111 are 
subjected to external thrust load and 
i t  is necessary to obtain the axial de- 
flection (Fig 8). This complicates the 
analysis because only one of the two 
bearings resists this thrust. 

Designating the axial deflection of 
the bearing set due to the thrust load 
alone as a,, then at bearing 1, the 
effective axial deflection is 6, + a,,, in 
which 6, is the axial deflection due to 
preloading. Correspondingly, the axial 
deflection at bearing 2 is 6, - 8,. The 
latter condition exists as long as bear- 
ing 2 is not relieved of all load. There- 
fore, according to Eq 16: 

sin (az - ( y o )  

6, - 6 t  = BD - -  (19) cos CY2 

These two equations can be added 
together to yield: - 

+ sin (al - a0) 
cos a1 1 - 

26, = BD 

sin (a2 - ao) 
cos CY2 

500,000 

1 

r 

" 400,000 
i 
CI + u) 

d 200,000' ~ 

iz 
0 .- 

100,000 
1 

I /  

+ -  . _-- - , * -  
0.04 006. 008 010. 0.12 sJ4 

Total curvature,  B = f, + f p - 1  

Axial-deflection constant, G. as a 9 '  function of the curvatures of the in- 

Also, according to Eq 14 and 15: 

Eq 19 and 20 must be solved simul- 
taneously for the unknown contact 
angles at and a?. This procedure is 
best done on a digital computer; how- 
ever, several graphical techniques can 
be employed in the following manner: 

Example V-Simplified graphical 
techniques 

Determine the axial deflection 
caused by an external 1000-lb thrust 
load applied to the preloaded duplex 
bearing set of Example 111. 

Establish for each bearing its load- 
deflection curve caused by preloading 
alone. This is done by selecting a 
schedule of loads (from 200 to I600 
Ib, Table I t ) ,  and then by Fig I O  and 
the method in Example 111 a series 
of deflections, 6,, are obtained. 

0 30 0.2 5 0:20 0 I5 0.10 0.0 5 0 
Axial def lec t ion  r o t r o ,  6/ ED,, I 

i5" 14" 13" 1 2 O  1 1 '  9" 8" 7" 6" 5o 4' 3" 2" 1' oo 

Change in  contact ongle, o-a,, 

Design chart for computing the axial deflection, 6, under load, and 10 the resultant change in contact angle a. Dashed lines are for Ex. 111. 

Thrust l o a d ,  Ib. 

Axial deflection vs thrust load for sample calculations. The chart is 11 constructed for one set of conditions. then ernDloved to determine 
ner and outer ball grooves, f' and f,. the deflection of duplex sets, such as the. bearings'il1;strated in Fig 8. 
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I 
Table IV - 
St 6n,+St Fi 2F1 S,,,-6+, 372 T 

0.0001 0.00038 400 800 0.00034 340 460 
0.0002 0.00048 570 1140 0.00024 200 940 
0.0003 0.00058 760 1520 0.00014 100 1420 

1 

Now plot the values of 6, vs F,  (Fig 
11). Note that at the preload of 500 
Ib, 6, on each bearing is 0.00044 in. 
This value checks with that of EX- 
ample 111. 

Next, with the aid of Fig 11, com- 
pute the effect of additional axial de- 
flections caused by external axial 
thrusts. Thus in Table 111, an addi- 
tional deflection of 0.0001 results in 
a total deflection of 0.00054 on bear- 
ing 1, and 0.00034 on bearing 2. From 
Fig 1 I ,  the corresponding bearing 
loads are 670 and 340 Ib, respectively. 
These loads act against each other, 
hence the algebraic sum is T = 670 

Finally, plot T versus 8, on Fig 11. 
From the latter curve at 1000 Ib ap- 
plied load, the deflection of the duplex 
bearing set in the loading direction is 
0.0003 in. The thrust load on bearing 
1 is 1070 Ib and on bearing 2, 70 Ib. 
If a single bearing were used to sup- 

- 340 = 330 lb. 

port the 1000 Ib load with no help 
from preloading, the axial deflection 
would be 0.0007 in. 

An approximate - but simpler - 
graphical method is also available. 
Note that to relieve the preload on 
bearing 2 in Example IV, the axial 
deflection 6, be equal to the preload 
deflection 8,. Therefore on Fig 11, 
find at & = 2Sp = 0.00088, thrust 
load T = 1380 Ib. Now at  T = 1380 
Ib and S = 0.00044 in. describe the 
point on the load-deflection curve of 
the duplex bearing set at which bearing 
2 becomes unloaded. Draw a straight 
line on Fig 11 between the origin 
and the point just determined. This 
straight line approximates the deflec- 
tion curve of the duplex bearing set. 
At T = 1000 Ib find S t  = 0.00033, 
which value is practically identical to 
that previously determined. 

In the foregoing examples, the bear- 
ings in the duplex set were identical. 

I Load-deflection calculations for the examples [ Table II 

aj-a0 

0.0005 0.012 0.5 0.00024 
0.0010 0.019 0.8 0.00038 400 

600 0.0015 0.025 1.05 0.0005 0 1. aoo 0.0019 0.029 1.2 0.0005a 
! 1000 0.0024 0.034 1.4 o.0006a 
1 1200 0.0029 0.039 1.6. 0.00078 

0.0034 0.044 1.8 0.0008a i 1400 
0.0039 0.049 .2.0 0.00098 1600 

i Table Ill 

Y factors -effect of preload on bearing life I Table V 

40 I Contact angle, deg 20 25 . 30 35 
Y-factor 1.00 0.87 0.76 0.66 0.57 

This condition was picked to simplify 
the calculations; however, it is some- 
times desirable to use duplex hearings 
which are different in ball complement, 
ball size, groove curvature, and con- 
tact angle. In that case curves of Sj 

versus F, must be determined for each 
bearing. Thereafter, the calculated 
procedure is identical. 

Triplex bearings 
Frequently, two identical angular 

contact bearings mounted in tandem 
are reverse-mounted with a third angu- 
lar contact bearing and preloaded, Fig 
12. In this case, Eq 13 becomes: 

T = 2F1 - F2 

The axial deflections in the bearings 
are given by the equations, below: 

(22) 

(23) 61 = 6,l + 6r 
8 2  = 6 p 2  - 6 r  

in which SP1 and 6 , ~  are the preload 
deflections in each bearing. This ar- 
rangement can increase bearing stiff- 
ness more than a simple duplex 
mounting. The following example illus- 
trates this condition. 

Example V-Three-bearing design 

Three angular-contact hall bearings, 
identical to those of Example 111, are 
mounted with two in tandem and one 
opposed (Fig 1 2 ) .  The bearings are 
preloaded to 500 Ib. What axial de- 
flection may be expected from an ap- 
plied thrust load of IO00 Ib? 

Table I1 has already given the de- 
flection load for each bearing (this 
was plotted on Fig 11  ). The preload 
in each bearing 1 is 250 Ib each and 
SP1 is 0.00028 in. As before, S P 2  is 
0.00044 in. The data from Table 111 
is revised to that given in Table IV. 
Thus the axial deflection is reduced to 
0,0002 in. in lieu of 0.0003 in. as cal- 
culated for the duplex bearings set. 
Accordingly, the load on each of bear- 
ing 1 is 590 Ib and on bearing 2 is 
180 Ib. 

Changes in fatigue life 

Will the fatigue life of duplex bear- 
ings be increased by axial preload, as 
was the case with the radially pre- 
loaded bearings? According to the 
AFBMA standard on load rating of 
ball bearings, the rating life of a thrust- 
loaded radial ball bearing is given by: 

where Y is the axial load factor sup- 
plied in accordance with AFBMA 
standards by Table V. I f  more than 
one bearing is mounted on a shaft, 
the rating life of the set is given by 
the following equation: 



Balls 15-37 

LIO = [ L-l.I IO, l - O ' g  (25) 

Example VI-Life of a triplex set 

Compare the rating life of the du- 
plex bearing set of Example IV with 
that of the triplex mounting of Ex- 
ample V. The basic load rating of each 
bearing is 5000 Ib and the shaft speed 
1000 rpm. The Y factor for a bear- 
ing having a 40deg  contact angle is 
0.57 (Table V) .  

Duplex set: 
c _*  

Triplex set: 

(60)(1000) lo6 i (0.57)(590) 5000 1' LlO, = 
L 

= 54,800 hr 
c 

L,O, = 
J 

= 1,929,000 hr 
LIO = [(2)(5.48 X + 

(1.929 X 106)-1.1]-0 
= 54,100 hr 

Thus, the triplex set may have six 
times longer life than a duplex set. We 

have already seen that the triplex set 
yields less deflection under the same 
load-0.0002 in. as against 0.0003 in. 
for the duplex bearings. This is a sig- 
nificant gain in bearing design for ma- 

chine tools, especially if the loads are 
larger than those chosen for this ex- 
ample. But the main drawback of a 
triplex set, of course, is that it requires 
more space, weight and cost. 

PRELOADING TO PREVENT SKIDDING 

Many modern applications such as 
aircraft gas turbines rotate at very 
high speed, 10,000 rpm and above, 
under light radial loading. This com- 
bination of light load and high speed 
tends to cause skidding, in lieu of roll- 
ing, between the bearing inner ring 
and rolling elements. Skidding, in turn, 
causes wear of the bearing load-carry- 
ing surfaces and results in decreased 
bearing life. 

The cure for the skidding problem 
is higher specific ball or roller loads; 
ideally all rolling elements should be 
loaded. In radial ball bearing applica- 
tions, this is easily accomplished by 
applying a light thrust load to the bear- 
ing. Also, a light uniform radial 
preload could eliminate skidding; how- 
ever, it is mechanically easier to con- 
trol a simple axial preloading device 
than it  is to control a uniform radial 
preloading device, especially when the 
bearings are to operate under elevated 
temperatures. 

When an axial preload cannot be 
applied, as in  cylindrical roller bear- 
ings, then one solution is the use of an 
out-of-round bearing outer ring 
wherein the major axis is aligned in 
the direction of radial loading. This 

has successfully prevented skidding. 
The roller load distribution becomes 
concentrated in two areas (Fig 13) .  

Generally, the amount of out-of- 
roundness is one order of magnitude 
larger than the bearing clearance, eg, 
0.020 to 0.040 in. as compared to 
0.001 in. clearance. To manufacture 
the out-of-round ring, a circular ring 
is distorted to the specified condition 
of out-of-roundness and ground cir- 
cular. It is then allowed to spring back 
to its original condition. This process 
produces an inverted out-of-round 
ring. The outer ring is, of course, dis- 
torted to assemble over the rollers and 
cause a selective interference fit which 
is described by the equations below in 
terms of the roller angular location, 4: 

gs, mounted 
arrangement 
longer bear- 
more space. 

Effect of out-of-roundness on slippage of cag@ 13 and fatigue life. Increasing the out-of-round. 
ness decreases slip, but the fatigue life starts to 
drop off after a point a s  evident from the top curve. 



15-38 

PRELOADING FOR ISOELASTiClTY 

- _  = I  
2 

f 

Where R = out-of-roundness, and 
C,< = clearance at angular location 
&, (angle 4 is equal to zero at the 
position of peak loading, Fig 3 ) ,  
and where the 0 to 180 deg axis 
is aligned in the radial load direction. 

Because the out-of-round outer ring 
is supported in the housing at vir- 
tually two points, 0 and 180 deg, the 
outer ring is very flexible under roller 
load. This feature makes the bearing 
life less sensitive to out-of-roundness 
than it  is to a uniform radial pre- 
load. Consequently, it is possible to 
avoid skidding and yet have satisfac- 
tory life. 

As the degree of out-of-roundness 
is increased the cage-speed slip is re- 
duced, (Fig 1 3 ) ,  and the L,o fatigue 
life increases but then drops off due 
to over preloading. Analysis of skid- 
ding phenomena is difficult, but S K F  
has developed an IBM 7090 com- 
puter program which estimates the 
cxtent of skidding in high-speed roller 
bearings and further estimates the 
effectiveness of degrees of outer ring 
out-of-roundness in minimizing skid- 
ding. Bearing users may contract with 
SKF for the use of the computer 
program as it pertains to their ap- 
plication. 

It is sometimes desirable that the 
axial and radial yield rates of the 
bearing and its supporting structures 
be as nearly identical as possible. I n  
other words, a load in either the axial 
or radial direction should cause iden- 
tical deflections (ideally). This neces- 
sity for isoelasticiry in  the ball bear- 
ings came with the development of 
the highly accurate, low drift inertial 
gyros for navigational systems, and 
for missile and space guidance systems. 
Such inertial gyros usually have a 
single degree of freedom tilt-axis and 
are extremely sensitive to error mo- 
ments about this axis. 

Consider a gyro in which the spin 
axis, Fig 14, is coincident with the 
X-axis, the tilt axis is perpendicular to 
the paper at  the origin 0, and the 
center of gravity of the spin mass is 
located at  the intersection of the three 
coordinate axes. If the spin mass is 
acted upon by a disturbing force F in 
the X-Z  plane and directed at an 
oblique angle /3 to thc X-axis, this 
force will tend to displace the spin 
mass center of gravity from 0 to 0'. 
If, as shown by Fig 15, the displace- 
ments i n  the directions of the X and 
2 axes are not equal, the force F will 
create an error moment about the tilt 
axis. 

In terms of the axial and radial 
yield rates of the bearings, the error 
moment, M ,  is 

it1 = +F?(ZZ, - It,) sin 2p (28) 
where the bearing yield rates R, and 

R ,  are in in./lb of force. 

I Line o f  rcsi/ting 
1 def/ecfion, 

\ I  
X 

Line o f .  

1 

Effect of disturbing force F on the center 14 of gravity of spring mass. It is frequently 
desirable to obtain isoelasticity in bearings in  
which the displacement in any direction is in 
fine with the disturbing force. 

To minimize M and sub- 
sequent drift, R, must be 
as nearly equal to R, as 
possible - a requirement 
for pinpoint navigation or 
guidance. Also, from Fig 
14 it can be noted that im- 
proving the rigidity of the 
bearing, ie, decreasing R,  
and R ,  collectively, re- 
duces the magnitude of 
the minimal error mo- 
ments achieved through 
isoelasticity. 

What are the best ways 
for obtaining equal yield 
rates? In most radial ball 
bearings, the radial rate is 
usually smaller than axial 
rate. This is best overcome 
by increasing the bearing 
contact angle which re- 
duces the axial yield rate 
and increases radial yield 
rate. You can achieve one- 

to-one ratios by specifying bearings 
with contact angles that are 30 deg 
or higher. 

At these high angles, the sensitivity 
of the axial-to-radial yield-rate ratio 
to the amount of preload is quite 
small. It is, however, necessary to pre- 
load the bearings to maintain the de- 
sired contact angles. 
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Compact Ball Transfer Units 

Masses of ball transfer units in airplane floor make it easy to shove cargo loads in any direction. 

Compact ball transfer units 
roll loads every which way 

An improved design of an oft- 
neglected device for moving loads- 
ball transfers-is opening up new 
applications in air cargo planes 
(photo above) and other materials 
handling jobs. It can serve in pro- 
duction lines to transfer sheets, 
tubes, bars, and parts. 

Uses of established ball transfer 
units have been limited largely to 
furniture (in place of casters) and 
other prosaic duties. With new de- 
sign that takes fuller advantage of 
their multiple-axis translation and 
instantaneous change of direction, 
ball transfer units can be realistically 
considered as another basic type of 
anti-friction bearing. The improved 

units are made by General Bearing 
Co., West Nyack, N.Y. 

How they work. Essentially, ball 
transfers (photo below) are devices 
that translate omnidirectional linear 
motion into rolling motion to pro- 
vide an unlimited number of axes of 
movement in any given plane. In 
such a unit, a large main ball 
rotates on its own center within a 
housing. This ball is supported by a 
circular group of smaller balls 
(drawing below) that roll under 
load and, in so doing, recirculate 
within the housing in endless chains. 

These units are designed either as 
“ball up” or as “ball down.” In the 
“ball down” units, design must pro- 

Main ball shown, 1 in. dia., is sup  Shaded area seen from above shows 
ported by 70 smaller balls, hidden. load; arrows show ball circulation. 

vide a positive means of recirculat- 
ing the support balls so they won’t 
fall away under their own weight. 

Variations. Many different con- 
figurations are available to suit the 
specific requirements of customers. 
Balls of carbon steel are most often 
used, but stainless steel balls are 
available for uses where corrosion 
may be a problem. Ball transfer 
units can be sealed to exclude dirt. 

Where loads require that a num- 
ber of ball transfers must simul- 
taneously contact the load surface, 
a spring technique has been de- 
veloped. Each ball transfer (drawing 
below) is spring-loaded. It starts 
to deflect when its own rated 
load is exceeded, allowing other ball 
transfers to pick up their share of 
the load. This concept also provides 
protection against major overloads 
in any ball transfer unit. 

Spring loading assures even distribu- 
tion of the load on the small balls. 
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12 Ways to Put Springs to Work 
Variable-rate arrangements, roller positioning, space saving, and other ingenious ways 
to get the most from springs. 

L. Kasper 

VARIABLE RATE with suddcii change from 
light load to heavy load is achieved by limiting 1 the low-rate exterisiori with a spring. 

7 tfeovier spring 

DIFFERENTIAL-RATE linkage lets actuator . 
stroke hc under light tcnrion a t  start, then grad- 2 ually heavier tension. 

-/ Wheel-center -' 

Supporf brocket is attached to 
a slide, which operates p/afen 
I- I- 

COMPRESSING MECHANISM has dual rate 
for double-action compacting. Id one direction 5 pressure is high, in reverse pressure is low. 

SHORT EXTENSION of 5priiig for long move- 
ment of rlide keeps tenrioii cliaiigc bctween 
iii:i\iiiiiiiii arid miiiimurii low. - Tube rec/orocotes 

6 
in uperafion 

Guided wire 
spring / 
grps pin 

CLOSE-WOUND SPRING is attached to a 
hopper and will not buckle when uwd a5 :I PIN GRIP is spring that hold\ piti by frictioii 

against eiitl iiio+ciiieiit or Totation, but lcts pin 10 be repositioned without toois. 
9 niovable feed-duct for  liongranular material. 
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THREE-STEP RATE cli;inge :it 11redeterniiiietl 
po\ifions. I lie ligliter qirings w i l l  alwaj, com- 

first rcg:;trcllcss o f  tlieir IioGtion. 

ROLLER POSITIONING by tight-vouiid spring 
on shaft obviates ncccssitj for  collars. Roller 4 will slide under excess end tliriist. 

SPRING WHEEL helps distribute deflection 
over more coil5 than if qirirtg rested on corner. 7 l,e\3 fiitigiie ;ind longer life result. 

Other end o f spring 
attached fo brake lever 

7i/ f /ny lever 
INCREASED TENSION for w i l e  nlo~cnient  is 
gained by providing a niovable spring niount 8 arid gearing it to  the other movable lever. 

Lever in operating 

Lever in 
neutral 

TOGGLE ACTION lierr i\ iiwd to  make Sure 
the Scar-shift !ever w i l l  not inad\ertcntl) be I1 Rate is reduced whcn tilting lercr tilts. 12 thrown past ne 11 t ral. 

TENSION VARIES ;it  clilfercnt rate when 
brahe-applj irig l e \  cr  re:bclie\ the p o d i o n  shown, 
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29 Ways to Fasten Springs 
Four pages of ingenious attachments for extension, compression and 
torsion springs. 

Federico Strasser 

0 
Screw f i ts into spring end. 

Tab with 3 holes engages 11/2 spring-coils. 

0 
Long tab with 2 holes in midsection provides 
ample adjustment. 

EXTENSION SPRINGS 

Twin-spring setup includes dodble hook and triangular tab. 

fight fifhr 
permonen f 
support 

4Em 
Sheetmetal, slit and formed, 
suspends spring. 

Cross-pin holds spring deep in hole. 
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Countersunk hole leaves spring free to turn. 

Tension adjustment requires nonrotating screw. 

0 

COMPRESSION SPRINGS 

0 
Unsupported spring-body must have somewhat more resistance 
to buckling in fixed supports (9) than pivoted ones (10). 

Supported springs are exemplified in push button (11) 
and friction clutch (12). 

Frtcfion faces- Driven gear 
(Aqjusi'iog colla/ 
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Concealed spring is supported externally by closed-end 
bushing, which also determines amount of compression. 

Double guidance i s  exemplified by 
hole-bottom that centers spring end, 
and internal plug that supports 
spring body. 

Active 
length 

.i 
Tight-wound end-coils hold switchboard plug bushing-spring absorbs shock 
when weighted cable mops entire assembly bock into cavity after operator dis- 
connects plug at end of message. 

Adjustment vanes have holes thot match 
spring pitch. Spring coils threaded through 
vanes become inactive, thus varying effec- 
rive spring length. 

FLAT TORSION-SPRINGS 

4GD 
Saw-cut slot retains spring positively if slot end is peened 
over or otherwise closed. 

Notched dowel provides hook for 
hole in spring end. 
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Cen fer-puncb 
Drive 

~ 

Headed drive-pin through spring hole makes disassembly 
difficult (19). Standard screw (20) eases disassembly. 

Chordal shot in shaft is  closed tight by displac- 
ing metal with center punch for permanent spring 
retention. 

meto/ 

housing 

am rcI-$.) eD 
Chordal groove holds spring when ears Raised metal, produced by staking, Slotted spring-housing is  simple, but 
are formed by chiselling or staking after provides low-cost yet firm hook an shaft. spring-end can be dangerous i f  housing 
assembly. revolves and i s  unprotected. 

C/earance @/e for r ivef beod / Pin 

1-T-) 
Lanced tab avoids hazard of external Shoulder rivet provides dustproof Mounting pin an plate may be plain, 
spring-end but dirt can enter housing. fastening. or headed-for more positive spring 

retention. 

Mou/tt/i/g post 

Taper pin allows end adjustment of precision, low- 
torque springs. 

Setscrew and slotted post also provides adiust- 
ment feature but may be ineficient if spring- 
end becomes dimpled. 
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Control Depth Primer Tool 
Employs Coil Spring 
E. E. Lawrence, Inventor 
R. 0. Parmley, Draftsman 

21 



View 
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r -- 1 
Coil Spring 

28 

IO j 
J 

r 

d4 

-2 
$coil Spring 

-1 - --1 

t 
25 

“A” 
‘15 7 
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Multiple Uses of Coil Springs 
R. 0. Parrnley 

Coil Spring used to soften 
impact of float in teat cup 
washing mechanism 

5105-1 6818 Coil Spring 

Coil Spring used as reinforcement 
of filter sock in milk filter assembly \ 

1. _--J \ 

- \ 
I 

5*06- I 
1 6964 

5105- I 

Source: Bender Machine Works, Inc. 
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Coil Spring used stabilizing component in two-way valve assembly 
Source: Bender Machine Works. Inc. 

BALL- 

O-RING - 

Coil Spring serve as controls 
for bullet valve and ball valve 

BULLET 
VALVE 
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Compression Sprin 
Slofted or sockef 
heod locking screw 

Adjustment Metho 3 s I 
In many installations where compression springs are used, adiustabili- 
ty of the spring tension is frequently required. The methods shown 
incorporate various designs of screw and nut adjustment with nurner- 
ous types of spring-centering means to guard against buckling. Some 
designs incorporate frictional reducing members to facilitate adiust- 
ment especially for springs of large diameter and heavy wire. 

Henry Martin 
FIG.3 

I .  , . &  '. 
1 \% ; Spring centerin; seofs ; \ a  

I 'For spanner wrench ; 
! 

Lock nuf 

knur/ if for liqhf duf y 
I 

FIG.1 
7 "'spring centering seats" 

FIG.2 

Movable /ever 

w 
FIG.4 

2iaiionary bosses, AGusting nuts, Pin 

Sia f i o h y  
rod 

FIG.7 Movable f/m+ A@sfoble spring seat-* 
F16.6 



Springs 16-13 

-Less cleoronce 

F16.8 FIG.9 FIG.10 

Ad us fmen f for Aajus finq rod and flange 

+Pin 
of& mechonism 

m -__ AdJi”fing screw 

Sprino 

‘\Plufes may be counferbored 
insfead of hollow mi//ed f o  
hold springs 

Locking 
pin ‘. 

Drif led holes 
spring eajusfmen f 
Pin spring seof 

FIG.12 

.-Rounded fa 
equalize spring 
pressure 

Press’ 
fif 

Hardened ita; AdJusfmenf 
ondmnicv/%of screw 

FIG.15 FIG.14 
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Compression Sprin 
Adjustment Metho 1 s II 
In this concluding group of adiustable compression springs, several 
methods are shown in which some form of anti-friction device is 
used to make adjustment easier. Thrust is taken against either single 
or multiple steel balls, the latter including commercial ball thrust 
bearings. Adjustments of double spring arrangements and other 
unconventional methods are also illustrated. 

h g  

Henry Martin 

\ A d j h  fable nu f Scre whg nu f in- 
fo coil5 makes,’+hem ineffecfive 

Guard cas f A.r’jus tins and sprmq sfiffer screw, 
F I G.18 

E 
8 
P P 0 

? 

3 

FlG.21 

Washer ,, - , , , S w i n g i n g  /ever 

Wde-coredslof al/ows FlG.17 
for angular d/sp/acemenl’ 

,Inserf washer here foreasv 

Dri7/ed recess 
f o r  bo// .. 

Peen 
0‘1 

spin 

Frame ’ F16.20 

jFlG.23  
Uardenedand 

po/ished spring 
center 



fnsert cup washer, A d ’us ting 
here W needed nu$, 

is fo be exposed 
FIG.24 

4 hardenedund 

FIG.26 

AdJ’us fable-ou fe r  
housing 

Springs 

Spring - cec fer i”y s fud  

key 

, Ho//ow-sprhy cenfer Turned-down end ‘ ofucfuated 
/ , Hardened-steeldisk \ member 
; i  I 

0 FlG.25 

16-15 

, Tucnedendon Spring housing, , HoNow screw , od~usf,ngscm 
Guard. .\ \ / 

/ 

I , ,’ 
UoNow-ena , \ 

Boss projecting info counfer 
bored hole saves space F16.30 spring hion9 

‘support if 
FIG.3i 
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Adjustable Extension 
Henry Martin 

FlG.1 

B 
F I G . 4  A '  

f 

FIG.5 FIG.7 

F I G . 6  

FIG.8 

FIG.9 

Design 

spring 

Springs 
of the end of a tension or extension 

using some form of loop integral with 

the spring is often unsatisfactory, since many 

spring failures occur somewhere in the loop, 

most often at the base of the loop adjacent to 

the spring body. Use of the accompanying 

tested methods has reduced breakage and there- 

fore down-time of machinery, especially where 

ad justability of tension and length is required 

FIG. 1-Spring-end is tapered about a loop made of larger 
diameter and somewhat softer wire than that used for the 
spring. Upper end of wire is also formed into a loop, larger 
and left open to engage a rod-end or eye-bolt A .  

FIG. 2-A loop is formed at the end of a soft steel rod threaded 
at the opposite end for a hex adjusting nut. Ordinary threaded 
rod-end may be suhstituted if desired. 

FIG. &End of adjusting screw is upset in shape of a conical 
head to coincide with taper of spring-end. Unless initial tension 
of spring is sufficiently great a wrench flat on stem is provided 
to facilitate adjustment. 

FIG. 4-The last coil of spring is bent inwardly to form hoop A 
which engages slot in nut. Although a neat and simple design, 
all spring tension is exerted on book at one point, somewhat 
off-center of spring axis. Not recommended for heavy loads. 

FIG. 5--.4n improved method over Fig. 4. The nut is shouldered 
to accommodate two end coils which are wound smaller than 
the body of spring. Flats are provided for use of wrench during 
adjustment. 

FIG. &When wire size permits, the spring end can be left 
straight and threaded for adjustment. Because of the small 
size of nut a washer must also be used as shown. 

FIG. 7-The shouldered nut is threaded with a coarse V-thread 
and is screwed into the end of the spring. The point of tan- 
gency between the 30-deg. side of thread and wire diameter 
should be such that the coils cannot pull off. The end of the 
spring is squared for sufficient friction so that nut need not be 
held when turning the adjusting screw. 

FIG. &For close-wound extension springs, end of rod may be 
threaded with a shallow thread the root of which is the same 
curvature as that of the spring wire. This form of thread cut 
with the crests left sharp provides greater engagement contact. 

FIG. 9-For more severe duty, the thread is cut deeper than 
that shown in Fig. 8. The whole spring is close-wound, but 
when screwed on adjusting roo, me. coils are spread, thereby 
creating greater friction for better holding ability. Spring is 
screwed against the relieved shoulder of rod. 
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FIG.10 

FIG. 10-When design requires housed spring: adjusting rod is 
threaded internally. Here also, the close-wound coils are spread 
when assembled. Unless housing bore is considerably larger than X 

I . -  
shouldered diameter of adjusting rod, or sufficient space is avail- 
able for a covered spring, methods shown in Figs. 8 or 9 will be 
less expensive. 

FIG. 11-A thin piece of cold-drawn steel is drilled to exact pitch 
of the coils with a series of  holes slightly larger than spring wire. 
Three or four coils are screwed into the Diece which has additional I FIG.12 Section X-X x _ _  
holes far further adjustment. It will be seen that all coils SO en- Y 

gaged are inactive or dead coils. 

FIG. 12-A similar design to that shown in Fig. 11. except that a 
smaller spring lies inside the larger one. Both springs are wound 
to the same pitch for ease of adjustment. By staggering the holes 
as shown, the outer diameter of the inner spring may approach 
closely that of the inner diameter of the outer spring, thereby 
leaving sufficient space for a third internal spring if necessary. 

FIG. 13-When the spring is to be guarded, and to prevent binding 
of the spring attachment in the housing, the end is cross-shaped as 
shown in the section. The two extra vanes are welded to the solid 
vane. The location of the series of. holes in each successive vane 
is such as to advance spring at one quarter the pitch. 

FIG. 14-This spring end has three vanes and is turned, bored and 
milled from solid round stock where welding facilities are not con- 
venient. I n  sufficient quantities, the use of a steel casting precludes 
machining bar stock. The end with the hole is milled approximateIy 
'/4 in. thick for the adjusting member. 

FIG. 15-A simple means of adjusting tension and length of spring. 
The spring anchor slides on a plain round rod and is fastened in 
any position by a square head setscrew and brass clamping shoe. 
The eye in the end of the spring engages a hole in the anchor. 

I 

FIG. 16-14 block of cold-drawn steel is slotted to accommodate the 
eye of the spring by means of a straight pin. The block is drilled 
slightly larger than the threaded rod and adjustment and position- 
ing is by the two hex nuts. 

FIG. 17-A similar arrangement to that shown in Fig, 16. The 
spring finger is notched at the outer end for the spring-eye as 
illustrated in the sectioned end view. In these last three methods, 
the adjustable member can be made to accommodate 2 or 3 springs 
if necessary. 

FIG.17 ! 
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One Spring Returns the Hand lever 
These seven designs need only a single spring-compression, extension, flat or torsion. 

L. Kasper 

0 ,,,-Slide bor Spring bold7 

I I /  I 

1 
S L I D E  BAR attached to lever 
compresses spring against pres- 
sure pins in either direction. 
Guide pins in spring holder hit 
end of slot to limit movement. 

2 
F L A T  S P R I N G  has initial tension which gives posi- 
tive return for even a small lever-movement. 

3 
C L O S E - W O U N D  H E L I C A L  SPRING gives almost 
constant re turn force. Anchor post for spring also 
acts as limit stop. 
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\ '-- 

gear 

4 
PRESSURE L E V E R  returns hand lever because it rotates on a dif- 
ferent center. Collar sets starting position. 

6 
S L I D E  BAR rides on guide pins as lever pushes it to  
right. Stretched spring pulls slide bar  against lever to 
re turn lever to vertical position. 

5 
G E A R S  extend spring when lever moves 
up to 180" in either direction. 

Ancho 

7 
OPEN-WOUND H E L I C A L  S P R I N G  extends inside shaft 
of handle. Coils must be wound in direction of movement 
so that  spring tightens instend of unwinds as Icrer turns. 
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6 More One Spring lever 
Return Designs 
A flat, torsion or helical spring does the job alone. 

L. Kasper 

2 
H I G H E R  S P R I N G  R A T E ,  when the projec- 
tion hits the  flat spring, warns operator he’s 
approaching end of travel and assures quick 
disengagement. 

1 
SWIVEL BAR, which slides on fixed pin, returns hand lever. Slot in 
swivel bar is limit stop for movement either way. 
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3 
D O U B L E  PRESSURE-LEVER returns handle to  center from either 
direction by compressing spring. Lever pivots on one pin and comes 
to stop against the other pin. 

5 
L E V E R  flops to stop because of spring pull. S t o p  
pins inside springs limit movement. 

A//owonce 
for spring 
conl'rucfion -c / / I  I 

4 
T O R S I O N  S P R I N G  must have coil diameter 
larger than shaft diameter to allow for spring 
contraction during windup. 

il Spring 

6 
S E L F - C E N T E R I N G  H A N D  L E V E R  returns 
to  vertical as soon as it's released. Any 
movement lifts spring lever and creates a 
righting force. 
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Springs: 
How to Design for Variable Rate 
Eighteen diagrams show how stops, cams, linkages and other arrangements can vary 
the load/deflection ratio during extension or compression. 

James F. Machen 

1 
WITH TAP ERED-P ITC H SPRl  NGS 
f l ) ,  the  number of effective coils 
changes with deflection-the coils 
“bottom” progressively. Tapered 

4 

, 
I -l ////,,///// /////////, 

2 
O.D. and pitch (2) combine to pro- 
duce similar effect except spring 
with tapered O.D. will have shorter 
solid height. 

1 

5 

M i 
nf 

3 
I N  DUAL S P R I N G S  one spring 
closes solid before the  other. 

S T O P S  (4 ,  5 )  can be used with 
either conipression or extension 
springs. 

6 7 8 
LEAF S P R I N G S  (6, 7, 8 )  can be arranged so that their effective lengths change 

with deflection. 
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9 
CAM-A N D-SPR I N G  D E V I C E  causes 
torque relationship to vary during 
rotation as moment arm changes. 

L I N K A G E - T Y  P E AR R A N G  E M  E N T S  
(11, 12) are  often used in instru- 
ments where torque control or anti- 
vibration suspension is required. 11 

13 
4-BAR M E C H A N I S M  in  conjunction 
with a spring has a great variety of 
load/deflection characteristics. 

n 

10 
T O R S I O N  S P R I N G  com- 
bined with variable-radius 
pulley gives constant force. 

14 
M O L D E D - R U B B E R  S P R I N G  has de- 
flection characteristics that  vary 
with its shape. 

15 
A R C H E D  L E A F - S P R I N G  gives al- 
most constant force when shaped 
like the one illustrated. 

16 
T A P E R E D  M A N D R E L  A N D  T O R S I O N  SPRING.  Effective 
number of coils decreases with torsional deflection. 
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How to Stiffen Bellows with Springs 
Rubber bellows are an essential part of many products. Here are eight ways to strengthen, 
cushion, and stabilize bellows with springs. 

Robert 0. Parrnley 

5 

INTERNAL COIL SPRING strengthens and 
adds vertical stability. To install spring, just 
“corkscrew” it into place. 

fidnesive bond 

, COMPRESSlON STRENGTH for bellows is 
best obtained with a coil spring, mounted 
internally as shown. 

2 CUSHION BELLOWS SUPPORT-ROD 
with coil spring. Adjustment is provided and 
bellows are strengthened by this arrangement. 

TOG c a o h  Adhesive 

INTERNAL RIGIDITY of bellows i s  here 
pro\ ided by a mating rod and slee\ e in n hieh 
a compression spring is fitted. 
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Rubber beilows 

, 
Coil spring 

! 

EXTERNAL STABILITY is provided here, 
with the added advantage of simple assemblj 
that strengthens bellows, too. 

BELLOWS STIFFENER AND STABILIZER 
are \ometinies comhined by means of a plat- ci form and four niounting springs. 

Connecfton rod Q Adlusfmenf nu? 

+ 
ADJUSTMENT WITH TENSION SPRING 
lets bellows he enclosed in casting while ad- 
justment is provided externatly. 

HOUSED STIFFENING UNIT gives solid 
mount for hose connection, together with 
spring action for bellows. 
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Flat Springs in Mechanisms 
These devices all rely on a flat spring for their efficient actions, which 
would otherwise need more complex configurations. 

L. Kasper 

CONSTANT FORCE is approached be- 
cause of the length of this U-spring. Don’t 
align studs or spring will fall. 

A 

INCREASING SUPPORT AREA as the 
load increases on both upper and lower 
platens is provided by a circular spring. 

SPRING-LOADED SLIDE will always re- 
turn to its original position unless it is 
pushed until the spring kicks out. 
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Gr/b springs hove prelooded ,fe?sion 

siring is 
norma/& sfroighf 

FLAT-WIRE SPRAG is straight until the 
knob is assembled; thus tension helps the 
sprag to grip for  one-way clutching. 

6 

S/ide--J Anchor bor Hoidle 

EASY POSITIONING of the slide is pos- 
sible when the handle pins move a grip 
spring out of contact with the anchor bar. 

CONSTANT TENSION in the spring, and 
thus force required to  activate slide, is 
(almost) provided by this single coil. 

VOLUTE SPRING here lets the shaft be 
moved closer to the frame, thus allowing 
maximum axial movement. 
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Flat Springs Find More Work 
Five additional examples for the way flat springs perform important jobs in 
mechanical devices. 

1. Kasper 

RETURN-SPRING ensures that the oper- 
ating handle of this two-direction drive 
will always return to the neutral position. 

lNDEXlNG IS accomplished siniplj, efh- 
cientlj. and at low cost h! the flat-spring 
arrangcmciil slionu here. 
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h 

Handre in maximum /' -, 
i 
,I 

position 
,.__ . 

! 

I !  

SPRING-MOUNTED DISK changes ceri- 
ter position as handle is rotated to move 
friction drive, also acts as hailt-in limit stop. 

CUSHIONING device feature4 rapid 111 

crease of spring tension because offhe small 
pyramid ;ingie. Rcbouricl i5 iniiiiiiiuni, too. 

HOLD-DOWN CLAMP ha5 flat spring as- 
hembled with initial twist t o  provide clamp- 
ing force lor thin iiralcrial. 
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12 Detents for Mechanical Movement 
Some of the more robust and practical devices for locating or holding mechanical movements 
are surveyed by the author. 

Louis Dodge 

FIXED HOLDING POWER IS CONSTANT 
IN BOTH DIRECTIONS ADJUSTABLE HOLDING POWER 

WEDGE ACTION COCKS MOVEMENT 
IN DIRECTION OF ARROW NOTCH SHAPE DICTATES DIRECTION OF ROD MOTION 

%& 4 LEAF SPR6NG PROVIDES LIMITED HOLDING POWER LEAF SPRING FOR HQBDlN6 FIAT PIECES 
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DOMED PLUNGER HAS LONG LIFE 

Holding power is R = P tan a; 
for friction coeficient. F.  
at contact siirface R = 

P (tan a +- F )  

CONICAL OR WEDGE-ENDED DETENT 

Py 

4 FRICTION RESULTS I N  HOLDING FORCE POSITIVE DETENT HAS MANUAL RELEASE 

AUTOMATIC RELEASE OCCURS IN ONE DIRECTION, 
MANUAL RELEASE NEEDED IN OTHER DIRECTION LEAF SPRING DETENT CAN BE REMOVED QUICKLY 
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17 Ways of Testing Springs 
C. J. McClintock 

Clearance 

resf 
fengfh 

Scafe i 

Compression Torsion 

Extension spring spring W, should not 

Fig.1 spring touch block Fig. 2 touch block 

Fig. 1-Dead-weight testing. Weights are directly applied 
to spring. In the compression spring and the extension 
spring teeters, the test weights are guided in the -re 
to prevent buckling. Instead of using a linear scale, the 
spring deflection can be measured with a dial indicator. 

Fig. M r d n a n c e  gage incorporates Wo-no-go” principle. 
Block is bored for specified test length L. Weight Wi is 
slightly less than the minimum specified load at L and 
therefore should not touch block W1 plus load tolerance 
W2 must touch block for the spring to be acceptable. 

b@ W / iTTp A 

Tension Compression 
(Rod ocfs as pivot paint - I.__- .__ ix and fixture for spring 

rm/////4 
Torsion Fig. 3 

Fig. 3-Pilot-beam testing. Fractional resistance offered to 
movement of parts is low. These testers are more sensitive 
than those in which the weight is guided in the -re. 
Many of the commercial testers are based on this principle. 

Fig. S-Spring against spring. (A) spring scales used in 
place of dead weights for testing short-run springs. (It) 

,I Weights ,Pivot paint 

&ff 46 ,/” 

for zeroing in 
U 

I stop 

,/ Coflar -adjusted for test length 

. - Ram rod Fig. 4 

Fig. 4-Zero-gradient beam. Uses retked pivot-beam 
principle. Ram rod is pushed up with pedal or a k  cylinder. 
Beam must not touch contacts A or B. Contacting A 
indicates spring too weak; B indicates spring too strong. 

X Y , Mavobfe 
I 

, ,. scale -clamped 
to plate 

Force - 

LTesf spring ‘\ “Calibrafed 
fcampressianl ‘\ spring 

\ 
R a t e  

( 8 )  

‘‘rest spring 
fextensionl 

Similar results obtained by using calibrated springs. Section 
x calibrated for deflection readings; y for load. 
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Spring dimensions are based on calculations using 
empirical-theoretical equations. In addition, allow- 
ances are made for material and manufacturing 
tolerances. Thus, the final product may deviate t o  
an important degree from the original design crite- 
ria. By testing the springs: (I) Results can be entered 
on the spring drawing, thus including actual per- 

formance data; this leads to  more realistic future 
designs. (2) Performance can be checked before 
assembling spring in a costly unit. 

Shown below are I 2  ways, Fig. I to  5, t o  quickly 
evaluate load-deflection characteristics; for more 
accurate or fully automatic testing, Figs. 6 and 7, 
describe 5 types of commercial testers. 

,Weighing heads , Test weighf 

_ -  

Detail of 

- Adjustable 
canracrs 

Fi 9.6 

weighing head 

Fig. 6-Fully-automatic testing. Continually moving rotary springs that aIlow lower point to make contact are ejected 
table with three testing positions. Springs are loaded at position A; springs too strong ejected a t  B. All springs 
manually but tested and ejected automatically. Weak reaching point C are ejected as acceptable. 

Defleciion diol For extension 

( A i  1 J 

I 7  I 
Fig. 7-Commercial testers: (A) Balanced-beam tester uses dead weights 
for loads. Pantagraph linkage keeps weighing head vertical irrespective of 
beam movement. Load capacity: 10 Ib. Baldwin-Lima-Hamilton Corp. (B) 
Calibrated spring tester available in several models for testing loads up 
to 1000 lb. Load applied manually through gear and rack; motor-driven 
units can be attained for applying heavier loads. Link Engineering Co. (C) 
Pneumatic-operated tester uses torque bar system for applying loads and 
a differential transformer for accurately measuring displacements. Wide 
table permits tests on leaf springs. Load capacity: 2000 Ib. Tinius Olsen 
Testing Machine Co. (D)  Electronic micrometer tester has sufficient sensi- 
tivity (0.0001 in.) to measure drift, hysteresis and creep as well as load 
deflection. Adjustments made by large micrometer dial; contact indicated 
by sensitive electronic circuit. Load capacity: 50 Ib. J W Dice Co. 
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Overriding Spring Mechanisms 
for low-Torque Drives 
Henry L. Milo, Jr 

Extensive use is made of overriding spring mech- 
anisms in the design of instruments and controls. 
Anyone of the arrangements illustrated allows an 

incoming motion to override the outgoing motion 
whose limit has been reached. In an instrument, for 
example, the spring device can be placed between 

Drive_ ~. 
pin 

---Bracket 

FIG. 1 Driving shaft 

Upper drlve Arbor Stop A 

! stop e 
I 25’’ hro &.I 

Pin, 
\ 

L 

im 
_ _ - _  Lower spring 

‘Spacer 

FIG. 2 

Spring A 
I 

Fig. I-Unidirectional Override. The take-off lever of this mechanism can 
rotate nearly 360 deg. It’s movement is limited by only one stop pin. In one 
direction, motion of the driving shaft also is impeded by the stop pin. But in 
the reverse direction the driving shaft is capable of rotating approximately 270 
deg past the stop pin. In operation, as the driving shaft is turned clockwise, 
motion is transmitted through the bracket to the take-off lever. The spring 
serves to hold the bracket against the drive pin. When the take-off lever has 
traveled the desired limit, it strikes the adjustable stop pin. However, the 
drive pin can continue its rotation by moving the bracket away from the drive 
pin and winding up the spring. An overriding mechanism is essential in 
instruments employing powerful driving elements. such as bimetallic elements, 
to prevent damage in the overrange regions. 

Fig. 2-Two-directional Override. This mechanism is similar to that de- 
scribed under Fig. 1, except that two stop pins limit the travel of the take-off 
lever. Also, the incoming motion can override the outgoing motion in either 
direction. With this device, only a small part of the total rotation of the 
driving shaft need be transmitted to the take-off lever and this small part ma); 
be anywhere in the range. The motion of the driving shaft is transmitted 
through the lower bracket to the lower drive pin, which is held against the 
bracket by means of the spring. In turn, the lower drive pin transfers the mo- 
tion through the upper bracket to the upper drive pin. A second spring holds 
this pin against the upper drive bracket. Since the upper drive pin is attached 
to the take-off lever, any rotation of the drive shaft is transmitted to the lever, 
provided it  is not against either stop A or E. When the driving shaft turns in 
a counterclockwise direction, the take-off lever linally strikes against the ad- 
justable stop A. The upper bracket then moves away from the upper drive 
pin and the upper spring starts to wind up. When the driving shaft is rotated 
in a clockwise direction, the take-off lever hits adjusrahie stop B and the lower 
bracket moves away from the lower drive pin, winding up the other spring. 
Although the principal uses for overriding spring arrangements are in the 
field of instrumentatioh, it is feasible to apply these devices in the drives of 
major machines by beefing up the springs and other members. 

Spr/ng 
I Take off 

Brackef 

Take off 
/ever 
/ 

Arbor’ 
/ever 

/ 

. 
I 
I .-stop B 

I 
I Stop A 

Spring B / 

FIG. 5 Arbor pin Arbor 

Fig. 5-Two-directional, 90 Degree Override. This double overriding mechanism 
allows a maximum overtravel of 30 deg in either direction. As the arbor turns, 
the motion is carried from the bracket to the arbor lever. then to the take-off 
lever. Both the bracket and rhe take-off lever are held against the arbor lever by 
means of springs A and B. When the arbor is rotated counterclockwise, the take- 
off lever hits stop A. The arbor lever is held stationary in contact with the take- 
off lever. The bracket, which is soldered to the arbor, rotates away from the arhor 
lever. putting spring A in tension. When the arbor is rotated in a clockwise di- 
rection, the take-off Iewr comes against stop B and the bracket picks up the arbor 
lever, putting spring B in tension. 

, I I  Take off  Stop 
lever bd FIG. E 
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the sensing and indicating elements to provide over- 
range protection. The dial pointer is driven posi- 
uvely up to its limit, then stops; while the input 

shak is free to continue its travel. Six of the mech- 
anisms described here are for rotary motion of vary- 
ing amounts. The last is for small linear movements. 

A- .  

Arbor 

A ,I’ Spring E 
I Y  dj *.-Arbor lever 

r9 A .--Take OH 
m., lever 

I 

U Y 
_... Spring E 

__Arbor fever 

FIG. 3 , ,v--- - - Stop E 

O c - - - - S t a p  A 
Take’ o f f  
lever 

Fig. %Two-directional, Limited-Travel Override. This mechanism per- 
forms the same function as that shown in Fig. 2, except that the max- 
imum override in either direction is limited to about 40 deg, whereas the 
unit shown in Fig. 2 is capable of 270 deg movement. This device is suited 
for uses where most of the incoming motion is to be utilized and only a 
small amount of travel past the stops in either direction is required. As the 
arbor is rotated, the motion is transmitred through the arbor lever to the 
bracket. The arbor lever and the bracket are held in contact by means of 
spring B. The morion of the bracket is then transmitted to the take-off 
lever in a similar manner, with spring A holding the take-off lever and the 
bracket together. Thus the rotation of the arbor is imparted to the take-off 
lever until the lever engages either stops A or B. When the arbor is ro- 
tated in a counterclockwise direction, the take-off lever eventually comes up 
against the stop B. If the arbor lever continues to drive the bracket, spring 
A will be put in tension. 

Arbor 

d’ 
Drive pin Spring 

/’ 

Adjustable 
rbor {’ 
v p r  

rtop 

A, 
le. .. 

\ 
\ 

Toke off lever 

FIG. 4 

Fig. &Unidirectional, 90 Degree Override. This 
is a single overriding unit, that allows a maxi- 
mum travel of 90 deg past its stop. The unit as 
shown is arranged for over-travel in a clockwise 
direction, but it can also be made for a counter- 
clockwise override. The arbor lever, which is se- 
cured to the arbor, transmits the rotation of the 
arbor to the take-off lever. The spring holds the 
drive pin against the arbor lewr until the take- 
off lever hits the adjustable stop. Then, if the 
arbor lever continues to rotate, the spring will be 
placed in tension. In the counterclockwise direc- 
tion, the drive pin is in direct contact with the 
arbor lever so that no overriding is possible. 

Fig. &Unidirectional, 90 Degree Override. This mechanism operates exactly 
the same as that shown in Fig. 4. However, it is equipped with a flat spiral 
spring in place of the helical coil spring used in the previous version. The 
advantage of the flat spiral spring is that it allows for a greater override and 
minimizes the space required. The spring holds the take-off lever in contact 
with the arbor lever. When the take-off lever comes in contact with the stop, 
the arbor lever can continue to rotate and the arbor winds up the spring. 

Fig. 7-Two-directional Override, Linear Motion. The previous mechanisms 
were overrides for rotary motion. The device in Fig. 7 is primarily a double 
override for small linear travel although it could be used on rotary motion. 
When a force is applied to the input lever, which pivots about point C, the 
motion is transmitted directly to the take-off lever through the two pivot posts 
A and B. The take-off lever is held against these posts by means of the spring. 
When the travel is such the take-off lever hits the adjustable stop A, the take-off 
lever revolves about pivot post A, pulling away from pivot post B and putting 
additional tension in the spring. When the force is diminished, the input lever 
moves in the opponire direction, until the take-off lever contacts the stop B. 
This causes the take-off lever to rotate about pivot post B, and pivot post A 
is moved away from the take-off lever. 

FIG. 7 
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Deflect a Spring Sideways 
Formulas for force and stress when a side load deflects a vertically 
loaded spring. 

W. H. Sparing 

T h e r e  arc iiian!. dcsignr in which one end of a 
helical spring must lie mo\.ccl laterally rclati\-c to the 
other cnd. IIow iiitich force will hc requircd to do 
this? \Vhat cleflcctiori \vi11 tlic force cause? \\'hat 
.\tress will rcsult from conihincd 1;iteral and .i.crtical 
loads? IIerc are forinulas that find the answers. 

It is assunicd t lut  the spring cncls arc hcld parallcl 
h y  a \utiea1 forcc P (which docs not appcx in thcsc 
formulas), mid that the spring is long cnotigh to allow 
ovcrlooking the cffcct of closed cnd-turns. 

Lateral load for ;I stccl spring 

whcrc J I  = iiunilicr of tnriis = (h'd) - 1.2. D = 
incan dia in., A = corrcction factor. 

Lateral deflection 

'4V.rLI) [0.204 ( I ,  - d;' + 0.265 = ~- ~~ .... ~~~~ . .. 
1wa4 

?'he corrcction factor A caii iic\'cr be unity (sec 
chart on continuing page); also P can never be zero. 

This is lxcawc thcrc will always he sonic vertical 
deflection, and a sidc load will a laays  c;iusc a resultant 
\.crtical force if the ends arc held p:i~"llel and at  
right anglcs to thc original cciitcr linc. 

Combined stress 

whcrc f = vertical-load strcss. Acciiratc within 10'96, 
thesc foriiiulas show that thc nearer a spring ap- 
proaches its solid position, thc greater tlic discrcpancy 
bctwccii calculated and actual load. This results 
froiii premature closing of thc cnd-tunis. I t  is best to 
provide stops to prevent the spring from being com- 
pressed solid. An example shows the combined 
stress a t  the stop position may cvcn be higher than 
the solid stress caused by vertical load only. 

A Working Example 

'4 spring Iix, tlic follou iiig d i ~ ~ l c ~ ~ h i o i ~ . s ,  111 iiiclics: 

Out,sidc clia. . . . . . . . . . . .  9 
Ear dis ( d ) .  . . . . . . . . . . .  1 15/16 
Free hright ( H )  . . . . . . . .  
Solid hcight ( h )  . . . . . . .  I3 

Stop helght. . . . . . . . . . .  13 3/4 

16 l j 2  

1,oadcd hoight ( L ) .  . , , . . 
Lateral d(:flcction ( & I , )  , . . 

I4 5 / l f i  
1 1 / 2  

From thcsc diinci~sionr coillputc \.alucs a t  loaded licight 
and stop height. 

I>oad(YI Stop 
position position 

I ) .  . . . . . . . . . . . . .  7.0625 7.062.5 
n.. . . . . . . . . . . . . .  5.51 5.5 1 
y (vcrtical 

drflcction). . . .  2.1873 2.73 
H - tl.  . . . . . . . . .  11.,563 
L - tl . . . . . . . . . .  .12.375 
( H  - d ) / D . .  . . .  2.06 2.06 
y / ( H  - d ) ,  . . . . . .  0.1.70 0.189 
A . . . . . . . . . . . . . . .  1.30 1.40 
Q . .  . . . . . . . . . . . . .  9400 Ih 9310 lh  

11.5li3 
11.813 

From standard formulas for vertical loads only: 

Solid load. . . . . . . . . . . . . .  36,300 lb 
Load at stop, . . . . . . . . . . .  28,500 lb 
Stress f when solid. . . . . . . .  111,500 psi 
Stress j at stop, . . . . . . . . . .  . I 1  1,200 psi 
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A - FAC 

l l l l l l l l l l l l l l l l l l l l l l ~  l l l l l l  
1 

2 3 4 5 

From the combined-stress formula 
f, = 111,200 X 1.759 

Generally, combined strcss under the worst condi- 
tioii anticipated should not exceed the solid stress 
caused by vertical load only. A stop at a reasonable 
height above solid height is thus desirable-otherwise, 
spring may have to be modified. 

= 195,600 psi 
This stress is so high that settling in service would 

This particular spring should be redesigned. occur. 
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Ovate Cross Sections 
Make Better Coil Spring 
Egg shape proves more efficient that conventional round 
configuration while also saving space and weight. Analysis 
also casts light on which materials store energy best. 
Nicholas P. Chironis 

Almost since helical coil springs 
were invented, they have conven- 
tionally been made of round wire. 
Few engineers have been aware that 
round wire does not perform as effi- 
ciently as it should, and that other 
cross sections often used in helical 
springs, such as square or rectangular 
wire, give even poorer results. 

Now, however, the proposal of a 
new cross-sectional shape of wire to 
bring out the best performance in a 
coil spring is focusing attention on 
this aspect of spring design. Accord- 
ing to H. 0. Fuchs, a Stanford Univ. 
professor, the ideal cross section, 
based on fatigue tests, is a blend of a 
circle with an ellipse (drawing). 

Such egg-shaped wire, Fuchs con- 
tends, can store more elastic energy 
than the conventional round wire in 
a spring taking up the same space. 
Thus, less spring weight is needed to 
absorb or store a given amount of 
energy. Moreover, an egg-shaped or 
“stress-equalized” spring wire will 
have a higher resonant frequency 
than a round wire and will be less 
subject to flutter. 

Egg-shaped wire for coil springs is 
not especially costly to make. What- 
ever the cross-sectional shape, the 
wire is, in smaller diameters, drawn 
through dies with an opening of the 
desired shape or, in larger diameters, 
roll-formed to any configuration. 

Anti-surgc auxiliary. Fuchs, work- 
ing with John G .  Schwarzbeck, a 
consulting engineer, has also devel- 
oped an auxiliary coil spring (draw- 
ing, page 87) that gives anti-surge pro- 
tection without requiring any more 
space than the main spring takes up. 

The turns of the auxiliary coil in- 
terlace with those of the main stress- 
equalized spring, which is modified 
by flattening of its rounded surfaces. 
As the turns of the larger coil move 
together during compression, they 
are frictionally engaged by the turns 
of the bumper, or anti-surge, spring. 
Being more flexible, the auxiliary 

spring contracts as a unit, taking up 
the surge energy by bending to a 
slightly smaller radius. 

Stress peaks. In conventional coil 
springs with circular cross section, 
efficiency is curtailed by stress peaks 
at points on surfaces of the coil turns 
during deflection of the spring. At 
the inside of the coil, for example, 
direct shearing stresses augment the 
torsional stresses while the shorter 
metal fibers are twisted through the 
same angle as the longer fibers at the 
outer side of the turn. Thus, total 
stresses are higher at the inner side 
than at the outer side of the coil. 

In a round wire, the increased 
stress at the inside of the turn is ap- 
proximately 1.6/C times the average 
surface stress, where C is the spring 
index, equal to the mean coil diame- 
ter divided by the wire diameter. A 
spring index of 5, therefore, means 
there is about 30% greater peak 
stress at the inside of the coil turn, 
over and above the average surface 
stress. 

Moreover, spring efficiency is pro- 
portional to the square of the per- 
missible stress. So the efficiency of 
such a spring in fatigue loading, 
where maximum stress range is the 
determining factor, is only 60% of 
the efficiency of the same spring in 
static loading, where average stress is 
the determining factor. 

Differing curvature. In the egg- 
shaped cross section, the curvature 
on the inside of a coil turn is sharper 
than that on the outside. The differ- 
ence between the two curvatures is 
calculated to equalize substantially 
the stresses produced on the surfaces 
of the coil during axial deflection. 
The centroid of the cross section is 
toward the outside of the midpoint 
between the inner and outer surfaces. 

Overall length and width dimen- 
sions of the egg-shaped cross section 
are approximately related to the 
coil’s inner and outer diameters by 
the expression: 

Circle blends with ellipse to equalize 
stresses during flexing in new wire shape. 

1.2 - =1+- 
t C 

where 
w = overall length of the section in 

a radial direction normal to 
the coil axis 

t = overall width thickness of the 
section in a direction parallel 
to the coil axis 

c = D o  + D I  
2w 

D o  = outer diameter of coil 
D ,  = inner diameter of coil 
The exact equation for the w / t  

ratio is a much more involved rela- 
tionship, but the error in use of the 
above approximate relationship is 
slight (graph, page 88) .  For design 
purposes, it is important to know the 
relationship between the radii of in- 
ner and outer curvatures: 

f 
2r where - - I 

defines the “egginess” of the oval sec- 
tion. When t = r,  the egginess will, of 
course, be zero. For the section shown 
in the drawing (above and right), ,t = 
0.6, r = 0.15, and w = 0.9, which 
works out to an egginess of 1. 

Fuchs has also worked out the four 
other formulas needed to design an 
egg-shaped spring : 

Stress equation 

Loa,d-deflection equation 

Area of section 

Coil diameter to centroid 

where A = area of cross section, D = 
coiI diameter (of centroid of section), 
f = deflection, G = shear modulus, 
N = number of active coils, P = load, 
S = maximum shear stress. 

S / P  = 2.55D/wt2 

P / f  = Gt4[2.1 ( w / t )  - 1.1]/8ND3 

A = .Irwt/4 

D = O.S(Do + D i )  + 0.152(w-t) 
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Which material is best? For opti- 
mum energy absorption, it is impor- 
tant also to employ materials that 
can absorb and pack kinetic energy 
in the smallest space possible. The 
key factor in energy absorption is the 
specific resilience, R, of the material 
(energy stored per unit mass). Fuchs 
found this factor best determined 
from the equations: 

and 

depending on the type of stressing, 
normal or shear. The permissible stress 
in tension or shear is v or 7 respec- 
tively; the corresponding modulus of 
elasticity is E or G. 

Fortunately for the designer, the 
stresses in springs are either pre- 
dominantly normal, as in bending, or 
predominantly shear, as in torsion; 
there is no need to be concerned 
about intermediate cases and triaxial 
states of stress. Fuchs defines R as 
energy stored per unit volume, main- 
ly to dodge the nuisance of working 
with pounds force and pounds mass. 
The units of R are inch-pounds per 
cubic inch or Ib./in.?. 

Results. Comparing materials, 
using values of permissible stresses 
recommended in the SAE Manual on 
Helical Springs, Fuchs calculated the 
apparent values of resilience with the 
moduli given there (table above). 

Some interesting results emerged 
from Fuchs' calculations. For exam- 
ple, there is a big difference in re- 
silience between music wire and 
some of the steels favored by aero- 
space designers, such as alloy steel 
and 302 stainless. In torsion or corn- 
pression springs, the resilience of mu- 
sic wire is almost double that of 302 
stainless. 

The high values for compression 
springs are due to the existence of 
beneficial self-stresses. According to 
Fuchs, in those helical torsion springs 
(stressed in bending) that are cold- 
wound from small wire, beneficial 
self-stresses also exist but are less ef- 
fective. In the hot-wound 0.50-in. al- 
loy steel sprins, the self-stresszs in- 
duced by coiling are removed by 
heat-treating. 

The much higher apparent resil- 
ience that can be obtained from the 
material in compression springs ex- 
plains why weight can be saved by 
replacing an extension spring by a 
pair of long "hooks" that compress 
a spring between their inner ends 
when the outer ends are pulled apart 
(drawing right). 

Permissible stresses. The table also 
illustrates the fact that the level of 
permissible design stresses is much 
more important in springs than in 
structural members. That's because 

R. = w"/2E 

R, = r2 /2E  

the weight of a spring will be inverse- 
ly proportional to the square of the 
stress. 

In music wire and in hard-drawn 
stainless, the decrease in diameter 
from 0.10 to 0.05 in. corresponds to 
an increase in permissible stress of 
about 13%, but to an increase in re- 
silience of about 28%. The depen- 
dence on the square of the stress also 
explains why springs were among the 
first products that utilized the stress 
incrcase that was made possible by 
shot peening. 

Steel, according to Fuchs, is hard 
to beat as a spring material. Any 
competing niatcrial will have to be 
evaluated on the basis of specific re- 
silience. Aluminum alloys, whosc 
moduli of elasticity and density are 
about one-third that of sted,  will save 
weight only if their permissible 
strcsscs exceed one-third of the cor- 
respondiny stresses for steel. Glass 
fiber, which has even lower value of 
modulus and of density. seems to be 
worthy of serious consideration only 
for special applications, according to 
Fuchs. 

Fuchs also warns that because hol- 
low sections arc theoretically morc 
cfficient than are so!id sections, many 
engineers are frequently tempted to 
make springs out of tubes instead of 
bars and wires. 

This approach, hc says, is reasona- 
ble fol- springs that must only maintain 
a static load. but it  will not work for 
springs in fatigue service, because i t  
is too difficult to shotpeen the inside 
of small. straight hollow sections and 
impossible to <hotpeen the inside of 
a coiled tube. 

And. if the surfaces are not shot- 
peened. the permissib!e stress i s  so 
much less that it results in a weizht in- 
crease instead of a weight saving. 

Comparing the resilience of spring materials 
Conipres- 

Torsion sion Tension 
Maierial lb.,'in.l x 106 Diameter, springs sprtngs Springs 

0, Ro! Ti, R i .  0, Rz! 
L G  ksi psi ksi psi ksi psi 

Modulus. 

11,. 

A'loystee' 29 l i  0.50 155 410 14G 985 106 515 
(iioi-wuunci) 

M U S I C  wtre 
(cold-wound) 30 

302 staiiiless 

hard~diawii 25.5 
(cold wound) 

0.10 212 750 154 1030 114 565 
0.05 240 960 174 1320 128 710 

0.10 lA8 430 106 560 91 415 
005 170 565 123 755 105 550 

0.10 90 270 70 395 55 245 
6'2 0.05 98 320 76 460 60 290 

Phosphor 
bronze 
(cold-wound) 

Variants of coil springs 
Stress-equalized spring can have. 

. interwound anti-surge spring 

A 1ti surge spring 

.and various degrees of egginess 
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Unusual Uses for 
Helical Wire Springs 
Hairn Murro 

SPRING BELTING (left). For low 
power transmission a t  high speeds. 
Allows a certain amount of varia- 
tion in  the center distance and ab- I 'IIR 
sorbs inertia forces. Spring ends 
can be joined smoothly by using a 
smaller internal spring as shown on 
the following page. 

ELECTRICAL FITTING (right). 
An inexpensive lamp or fuse socket 
which insures proper contact even 
when subject to moderate vibration. 
Small threaded parts also can he 
joined in  this same way. 

SCREW THREAD INSERTS (left). 
Wire with diamond cross section. 
For tapped holes in light alloys and 
plastics. Are made of stainless steel 
for corrosion-free threads. Can be 
used to renew worn-out tapped 
threads. 

ROTATING TYPE OIL SEAL 
(right). Uses helical wire spring to 
exert a radiaI force on the packing. 
Friction is kept to a minimum and 
efficiency is high even at high shaft  
speeds. 

WORM GEARING. Used on low power transmissions. 
Allows a certain amount of misaligument between worm 
and wheel. Wheels arc  best made from laminated plastics. 

FRICTION RATCHET. Spring rotates shaft when pulled 
in the a direction, but turns freely on the shaft when 
pulled in the opposite or L direction. 

FLEXIBLE SHAFT. Inner springs serves as shaft, outer 
one as a casing. For single direction of rotation unless 
shaft consists of two or more springs wound in opposite 
directions. 
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A selection of practical applications that are characterized by the func- 
tions served in each case by the helical wire spring. The spring rate 
property is put to use in most cases, but not in the axial loading sense 
that represents the more common applications for which these types of 
springs are employed in industrial products. 

SENSITIVE STICK (left). Round 
conductor bar is mounted within a 
spring fastened to insulators to 
serve as an electrical switch. Deffect- 
ing the spring laterally completes 
the circuit. Can operate relays or 
alarm and can be made with inter- 
mediate insulators where consider- 
able length is required. 

THREAD MEASURING GAGE 
(right). Dimension d allows caIcu- 
lating the effective dia of thread. 
Pressing the loops releases the bolt 
to be unscrewed. Can be used on 
fluted parts like thread taps. 

lnsU/oiors 

I 
I 
I 
I 
I 

I 
I 
I 

, 

I 
I 
I 
I 
I 
I 
I 

I 
I 
I 
I 

FLEXIBLE CHUTE (left). For feed- 
ing small articles from hoppers to 
automatic machines. Spring can be 
wound in  different shapes as re- 
quired by the articles being han- 
dled. 

T U B I N G REINFORCEMENT 
(right). Gives plastic or rubber tub- 
ing added rigidity as well as protec- 
tion against mechanical damage. 
Can be cast inside rubber as shown 
in lower sketch. 

Probe----- 

ELECTRICAL CONNECTION for small, light products 
like hearing aids uses a special probe that is easily in- 
serted between coils of spring which is a conducting 
material. 

SHIELD FOR ELECTRICAL WIRE AND CABLE. Pro- 
vides wear resistant covering for wires and protection 
against physical damage. 

SMALL SPRING connects ends of larger spring with a 
thread-like action. Useful where external projection can- 
not be tolerated, like the spring-belting on opposite page. 

SMALL DIAMETER SHAFI' COUPLINGS. Allows for 
some misalignment and can be used with shafts o r  un- 
equal diameters. For single direction of rotation only. 
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Optimum Helical Springs 
How do you go about designing a spring with least weight or 
volume? Not sure? Neither were some of experts-until these 
formulas were derived. 
Henry Swieskowski 

T Springfield Armory we have fre- A quently been confronted with 
space, cost, and weight liniita.tions in 
spring design. T h e  formulas that I pre- 
sent here go well beyond the current 
literature in these respects. They also 
tell you what you can d o  to further 
reduce the weight or size of the spring. 
Separate sets of formulas treat the 

following three Ioad requirements: 
Case 1-When the spring must pro- 

vide a specific load at the assembled 
height. All retainer-type springs are in 
this class, and this is the most coni- 
mon spring problem. 

Case 2-When the spring must pro- 
vide a specific amount of energy dur- 
ing its working stroke. The  stroke is 
the distance from assembled height to 
fully compressed height. This require- 
ment is called for with springs whose 
function is to stop a moving mass or 
to accelerate a resting mass. 

Case 3-When the spring must pro- 
vide a specific final load at the fully 
compressed height. This requirement 
frequently occurs in the design of 
latches and linkages. 

Because minimum values are  
sought, the analysis considers spring 
ends as being plain; in other words, 
there are no  inactive coils ( a  promi- 
nent spring manufacturer has recently 
warned that most designers unneces- 
sarily call for square-and-ground 
spring ends and thus add to the cost of 
the spring). However, the formulas can 
be modified in applications where the 
spring ends are squared or ground. 

The analyses are based on the fol- 
lowing conventional formulas (see also 
the list of symbols on next page):  

Load-deflection formula 

Final-stress formula 

8 DP, )y2 = -- -- 
ad3 

Stroke formula 

s = Fz - FI 
Energy formula 

c 
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SYMBOLS 

t-2-cCcs+F/+ 
i---4+ I i-.+ __j 

C = spring index; C = D / d  P I  = load a t  assembled height, Ib 
d = wire diameter, in. P2 = load a t  minimum compressed 
D = mean coil diameter, in. 
E = energy capacity, in.-lb. R z load-deflection rate, lb/in.; 

F, = final deflection, in. s = stroke, in.; s = HI-HL' 
G = modulus of torsion, Ib/in.* Sp = stress a t  minimum compressed 
HI  = assembled height, in. 
H, = minimum compressed height,V = volume of spring material, in." 

H,, = free height, in. p = density of spring material, 
N = number of active coils 

heigth, lb  

R = P / F  F _ '  - initial ' deflection, in. 

height, psi 

in. W = weight of spring material, Ib 

lb/in.:{ 

Volume formula 

Formulas for the three cases are de- 
rived below, with related charts and 
numerical examples to simplify the 
design procedure. 
Case 1-Minimum spring volume 
for given initial load, P I  

Combining Eq 1,2,3 and 5 yields 
the relationship between the volume of 
spring material and the basic spring 
parameters: 

Substituting the value of the spring 
index. C = D / d ,  into Eq 6 gives: 

To determine which values of spring 
index produce minimum spring mate- 
rial, Eq 7 is differentiated with respect 
to C and set equal to 0. 

16 PI C? - SSP 11' = 0 (8) 
This equation now leads to the fol- 

lowing design formulas: 
Spring index for a minimum volume 
spring (by solving for C): 

Wire diameter for a minimum volume 
spring (by solving for d): 

Minimum volume for given initial load 
(by substituting Eq 9 into Eq 7): 

Thus, for a given mean coil diam- 
eter, you can design the spring to have 
minimum volume by selecting the 
spring index according to Eq 9 or  the 
wire diameter according to Eq 10. 

The relationship is made clear in the 
illustration at right. This is a plot of 
Eq 7 with the mean coil diameter D 
acting as a parameter by assuming the 
values 0.2 0.5, 0.9 and 1.4 in. For 
each D value, there is a C value that 
leads to minimum spring volume. 

Example 1-Design a spring to have 
minimum material-volume with the 
following requirements: 

Ini t ia l  load, PI  = 15 Ib 
Mean coil diameter, D = 1.02 in. 
Stroke,  s = 1.16 in. 
Final stress, S"3 = 100,000 psi 
G (steel) = 11.5 X lo6 psi 

Step 1-Calculate rnin volume, Eq 11 

v . g(1.16) (15) (11.5X106) 
1010  

min - 

Step 2-Find the wire size, Eq 10 

Step 3 S o l v e  for the number of ac- 
tive coils, Eq 5 

= 7.5 4 (0.16) N =  __- 
(0 .092)2(132) 

Step M a l c u l a t e  the active solid 
height 

Solid height, H ,  = ( N  + 1 )  d = 
8.5 (.092) = 0.782 in. 

For practical design allow a 10% 
clearance between solid height and 
minimum-compressed height. Hence 

H s  = 1.111, = 0.860 in. 

H I  = H:! + s = 0.860 + 1.16 

Step 5-Now compute the load-deflee- 
tion rate to determine the free height, 

= 2.020 in. 

Eq 1 

(11.5X106) (0.092)4 
8 (1.023)-7:5- 

R = _ _ _  

= 12.9 lb/in. 

Thus 

Free height 
H F  == H i  + F1 = 2.020 + 

1.163 = 3.183 in. 

Case 2-LMinimum spring volume 
for required energy capacity, E 

obtained by combining Eq  1 to 5: 
The volume of spring material is 

With the aid of the spring ratio C = 
D / d ,  Eq 12 becomes: 

(13) 
x2 sz D4 G v = 

8C3 (SS Sz D2-8EC3) 

Differentiating with respect to C and 
letting dV/dC = 0, results in 

1 ~ x 3  - Ts  sz Di = o (14) 
As in Case 1 ,  we obtain the follow- 

ing design formulas: 
Spring index for minimum volume: 

Wire diameter for minimum volume: 

L =0.16 in.3 
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Minimum volume for given energy 
requirement 

vmin = 4Ec/szz (17) 
Thus, Vn,in is independent of the 

mean coil diameter when d is chosen 
in accordance with Eq 16. Eq 17 
shows the interesting result that Vlilin 
is also independent of the stroke, s. 

Case 3-Minimum spring volume 
and required final load, Pz 

A slightly different approach is 
taken in the analysis of minimum vol- 
ume and final load. Here it is the total 
deflection, FB, rather than the stroke, 
s, that is the important parameter. 

Combining Eq 1 ,  2, and 5 yields the 
surprising result: 

In other words, the volume for this 
case is independent of the mean coil 
diameter, D ,  and spring index, C.  
Thus, when the requirements for Fz, 
G ,  P2 and S2, are given, equal spring 
volumes are obtained regardless of the 
values chosen for the coil diameter and 
spring index. 

Example 2-Design a minimum- 
volume spring with the following re- 
quirements: 

Final load, Pz = 50 lb 
Mean coil diameter, D = 0.95 in. 
Total deflection, Fz = 1.0 in. 
Final stress, Sz = 80,000 psi 
Modulus of torsion, G = 11.5 x IO6 
Actually, from the above require- 

ments, only one solution is possible. 
Step l -Compute the minimum vol- 
ume, Eq 18: 

v , - 2 0 )  (50) (11.5) (IO6) 
m m  - ~~ -- (80,000)* 

= 0.18 in.3 
Step 2-Find the wire diameter, Eq 2: 

Step 3 4 a l c u l a t e  the number of coils, 
Eq 1: 

= 5.9 N =  (11.5) - (lo6) (0.115)4 (1.0) 
8 (0.95)3-(50T 

Step 4-Determine the active solid 
height 

H ,  = (N + 1) d 
= 6.9 (0.115) = 0.794 in. 

Again let the minimum compressed 
height be increased by a 10% clear- 
ance: 

Hz 1.1H.g 

H F  = Hz + Fz 
= 1.1 (.794) = 0.873h. 

0.7 

0.6 

i? 
c ._ 
>- 
4 0.5 - .. 
0, - z 
-, c - 
L a 
w 

0.4 
a, 

5 
9 
- 

0.3 

0.2 

0.1 

0 4 0 12 16 
Spring index - C 

2. Variations in volume for springs of different diameters. Note that 
there is an optimum value of spring index for each case. A slight shift 
in the C-value chosen by the designer boosts the spring weight. 

= .873 + 1.000 = 1.873 h. 

Designing for minimum weight 

Although the findings were in refer- 
ence to minimum spring volume, you 
can apply the equations equally as well 
to minimum spring weight by relating 
the spring weight, W ,  to the density of 
spring material, p ,  in the following 
manner: 

For required initial load 

For required energy capacity 

For required final load 

When springs are ground or squared 

The study considered spring ends as 
being open and not ground. For  other 
end conditions, the minimum spring 
volume will be greater by an amount: 

For squared ends (closed ends) : 

Bmin = +i?d2D 

vmin = +n"ZD 
For ground ends: 
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Machined Helical Springs 
Gives More Precise Performance 

The traditional coil spring, made 
by winding a wire around a mandrel, 
is today confronted by a new con- 
tender-a square-section helical 
spring machined from solid metal 
and ground to close tolerances like 
other mechanical components. 

Machined springs have always 
appealed to designers for the limited 
number of applications where pre- 
cise requirements are more im- 
portant than cost. But regardless of 
cost, most methods of manufactur- 
ing machined springs were painfully 
slow and somewhat unpredictable. 

A new method of preyision- 
grinding helical elements may get 
around the earlier handicaps that 
have discouraged interest among 
designers. This technique has been 
worked out by J. Soehner Div. of 
Kinemotive Corp., Lynbrook, N. Y .  

Assuring precision. Even with 
improved productivity of the manu- 
facturing line, the machined springs 
won’t compete on price with the 
conventionally wound helical coils. 
But the spring designer is often 
confronted with rigid requirements 
as to the spring rate (the load- 
deflection rate) or the coil-expan- 

A IT TaDered 

Ends remain parallel 

ing 

sion rate (when the spring must 
serve as a friction brake). Some- 
times, too, the spring must be as- 
sembled very precisely with other 
mechanical components so all work 
as a team in a common function. 

In such cases, conventional 
springs have shortcomings that are 
more important than price. 

Soehner’s technique is keyed to 
the development of special auto- 
matic grooving equipment that 
speeds up manufacture without sac- 
rificing precision. This equipment 
can grind precision-squared helical 
coils, with slots that can be very 
narrow if necessary. In one appli- 
cation, Soehner succeeded in grind- 
ing slots only 0.015 in. wide by 
0.250 in. deep in tubular stock. 

Integral designs. Soehner’s springs 
usually are ground from prema- 
chined and hardened stock in sizes 
ranging from 0.125 in. to 6 in. OD 
and with load capacities from a few 
grams to more than 1000 lb. Any 
material that can be machined is 
stock for Soehner’s grinding wheels, 
including such metals as Ni-Span-C 
and Inconel X750. 

The designer gains freedom from 

W 
t 

integral gear ----- N,= total number o f tu rns  

Valve component 

Right- a t i  d 
I eft- h a n d- 
wound coi ls 

Zero twist 
when compressed Torsion element 

Spring can now be designed a s  an integral part of another component or to perform a multiple function in a machine. 
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routine limitations when coils are 
ground instead of wound. For ex- 
ample, an entire subassembly can 
be machined from one solid piece. 
Springs can be machined intesrally 
with gears, valve seats, threaded 
ends, piloting surfaces, tapcrcd 
coils, and right- and left-hand coils 
in series. 

Even with maximum care in de- 
sign. a spring may not perform pre- 
cisely according to formula. Soeh- 
ner finds that its machined springs 
can be reground as needed to meet 
ultra-precise requirements. The 
spring assembly can be measured 
for spring rate and other perform- 
ance specifications and then re- 
mounted on the grinder for mod- 
ification. Regrinding of a few 
ten-thousandths of an inch from 
the spring’s outer diameter, coil 
width. or coil height will bring the 
rate precisely to the specified meas- 
urement. 

British formulas. Most US. for- 
mulas for helical springs were de- 
rived originally from springs that 
are wound from coil. Such formulas 
employ a curvature factor to allow 
for stresses induced in the wire 
when it is wound. For machined 
square-coil springs, howevcr, Soeh- 
ner finds that formulas developed 
by the British Standards Institute 
provide more accurate designs. 

These formulas make use of “stiff- 
ness factors,” ,u, and A, that in turn 
vary with thc b /h  ratio of the coil 
cross section. Specifically. for com- 
pression and extension springs: 
Axial spring rate, K,: 

h- - __ = IT- @c(;b%’ 
A T  D” (.I-- I )  2 -  

Shear stress, S.: 

p, = 
IT7 (D+b) ( b f l i )  

.- - -  b’ 1,‘’ 

where W=axial load. Ib, G=shear 
modulus, psi; N k  = number of turns: 
and where dimensions D ,  h and h are 
defined in the middle drawing, bot- 
tom of facing page. 

Values of p and A are given in 

the chart below. The machined 
springs also can provide a torque 
or load at right angles to th? spring 
axis: 
Torsional spring rate, Kfl: 

Fiber stress: 

where M= torque. in.-lb.; A k a n -  
gular deflection (twist), deg.; E= 
Young’s modulus, psi; and Szf iber  
stress, psi. 

Stiffness factors f i  and h are shown for various wire cross-section ratios. 
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Pneumatic Spring Reinforcement 
Robert 0. Parrnley, P.E 

typical pneumatic spring is basically a column of trapped air or gas A which is configured within a designed chamber to utilize the pressure 
of said air (or gas) for the unit’s spring support action. The compressibility 
of the confined air provides the elasticity or flexibility of the pneumatic 
spring. 

There are many designs of pneumatic springs which include: hydro-pneu- 
matic, pneumatic spring/shock absorber, cylinder, piston, constant-volume, 
constant mass and bladder types. The latter, bladder type, is one of the most 
basic designs. This type of pneumatic spring is generally composed or rubber 
or plastic membranes without any integral reinforcement. See Figure 1. 
A cost-effective method to reinforce the bladder membrane is to utilize a 
steel coil spring for external support. Figure 2 illustrates the conceptual 
design. Proper sizing of the coil spring is necessary to avoid undue stress and 
pinching of the membrane during both the flexing action and rest phase. 

I’;-\ , 

LOADPL. /” ‘\ ‘. / , I 
VIEW z 

0 - _  - -l 

BLADDER 

ELEVATION VIEW 1 %  BASE MOUNT 

COIL SPRING 
(CROSS-SECTION) 

BLADDER 

iJ 

<----- MOUNTPIN 

Figure 1 Figure 2 
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Nonlinear Springs 
Two forms of nonlinear systems offer improved working 
characteristics in a wide range of applications. Design 
equations are given for each. 
William A. Welch 

ANY of today's products that use spring sys- M tems will function better if a nonlinear type is 
employed in place of one of the usual linear springs. 
But nonlinear systems require more complex analyses- 
nonlinearity is a dirty word to some engineers-and 
frequently designers stick to their familiar linear-spring 
types, even when they know better. 

Why the increased interest in nonlinearity? Nonlinear 
springs, as you know, have a force-deflection rate 
(spring rate) which increases-or sometimes decreases 
-with deflection, Fig 1 .  Such springs can out-perform 
the linear types in two classes of applications: 

1) Shock-absorbing springs-as in automotive appli- 
cations, aircraft landing gear, fragile product packaging, 
dynaiiiic stops for machines. 

2) Periodic motion mechanisms-as in feed mecha- 
nisms, sorting machines, sequence controls (such as 

springs for valves, latches, escapements), reciprocating 
tools. 

Let us see why nonlinearity is useful in such appli- 
cations. A suspension system for a vehicle is a good 
example of the first class of applications. It must ease 
road shocks over a wide range of speeds. T h e  effective 
vertical impact velocity will be essentially a function 
of vehicle speed, but the shock attenuation is related 
to the ratio of impact velocity to system natural fre- 
quency. Therefore, it is desirable to have the system 
frequency increase with the impact velocity. This is 
obtainable with a nonlinear spring system. Similar con- 
ditions prevail in aircraft landing gear where the spring 
system must be soft on  ordinary landings, yet stiffen 
rapidly under shock loads during emergency landings 
or  when there is a sudden down draft. Such conditions 
occur also in packaging. Examples of the second class 

Constonf 
spring rate 

L? 

Deflection, x 

Decreasing 

/ncreosmg 

Deflection, x 

Decreasing 

/ncreosmg 

Deflection, x 

Linearity in springs Nonlinearity Cantilever non-linear leaf spring 

1. Spring rate k is the amount of deflection produced by a load P. Hence k = P/x. 
For most springs, t h e  spring rate is constant, giving a straight-line (linear) curve 
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Symbols 

a = displacement at transition for bi-linear 
system, in. 

C = non-linearity parameter, dimensionless, 
which describes the rapidity of the change 
of the spring rate, k,  with changes in de- 
flection 

E = elastic modulus, psi 
F = harmonic force amplitude, Ib 
Z = cross section moment of inertia, in.4 
k = spring rate, Ib/in. 

of application are the vibrating conveyors and sorters, 
Fig 2.  Such machines are tuned, by proper choice of 
springs, to the operating frequency of the drive motor. 
The problem is how to maintain such tuning when the 
speed of the feeder, and hence the operating frequency 
is varied. This is usually done by adjusting the spring 
rate or  the mass-or by designing a nonlinear system 
to remain "in tune" over a range without adjustment. 

Equations of nonlinearity systems 

Couple a spring to a mass and you have a vibratory 
system. If the spring is linear (force exactly propor- 
tional to displacement), behavior of the system is de- 
scribed by the very tractable differential equation: 

mx" +- Icx = 0 
(See list of symbols above.) 

I 

J 

~,,~/,/,,,//,/,,,//,,~/// 

L = free length, in. 
rn = mass. inch-pound-second units 
P = spring force, Ib 

E = time, sec 
x = displacement, in. 
x' = velocity, in./sec 

x" = acceleration, in./sec2 
y = ordinate of spring abutment, in. 
z = abcissa of spring abutment, in. 
w = circular natural frequency, rad/sec 

Link /Trough Direcfion of f/ow 

Curved support frome 

2. Application of cantilever leaf spring with curved sup-  
port to a reciprocating conveyor. This arrangement en- 
ables the driven load to operate close to resonance over 
a range of motor speeds. It is desirable to  vibrate a t  
resonance, or close to it, to  obtain large amplitudes for 
feeding and thus avoid the  need for a much larger motor. 

I 

t a 

Tapered 0 D spring Dual helical springs 

on a force-deflection chart. Others may have an increasing or decreasing spring 
rate, and the  rate may change abruptly or smoothly. This is done in various ways. 
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3. Pick the degree of nonlinearity. A value Ca = 0 gives 
zero nonlinearity (i.e.. a linear spring). Generally, a 
high value (much over Ca = 1) is desired. 

Velocity, x', in./sec 
4. Computed natural frequency, w", for the cubic force 
spring is compared to the desired frequency (broken 
line.) Note how closely the behavior is-approximated. 

u -. 
V 

% 

e 
3' 

35 

3n 

2.5 

in i t ia l  velocity, x b ,  in/sec 

5. An example of how a bi-linear spring is almost as 
good as  a nonlinear type. Maximum derivation from 
specification is only about 4% which benefits tuning. 

All manner of useful characteristics are easily derived 
from this simple relationship: natural frequency, dis- 
placement and velocity at any instant, response to dy- 
namic loads, and accelerations. However, if the spring 
is not linear, the motion is not a simple harmonic but 
a cantankerous one indeed. 

No general solutions are known for the equations of 
nonlinear systems. Only a few successful approximate 
solutions have been developed for special cases. The 
most useful one is the solution which produces a spring 
force in the form of a cubic curve: 

p = (z zk c ' x 3 )  (1) 

(2) 

The dynamic equation for this nonlinear system is 

z"m+lc ( X  * C' T?) = F COS wt  

Here, k is the basic spring rate at zero displacement 
(actually, at the beginning of the deflection), and C2 
is the parameter describing the nonlinearity, Fig 3.  The 
known approximate solution of Eq 2 gives the all-im- 
portant design formula: 

With this equation you can approximate any spring 
rate characteristic you may be seeking. When the C2 
term in this equation is positive the spring stiffens and 
the natural frequency increases with increasing deflec- 
tion. The opposite is true with a negative C2 term. 

This equation can be applied directly to the solution 
of two types of applications. 

Rate varying with amplitude 

To design a nonlinear system with a specified nat- 
ural frequency at a particular amplitude: 

1 )  Estimate the required k from the expression w = 
( k / r n ) +  for a linear system. 

2 )  Obtain the corresponding C value from the equa- 
tion: 

Or you may assume a value of C which reflects the 
required degree of nonlinearity. In this case use 

This procedure will suffice for problems in which the 
amplitude is known, such as a mechanism driven by a 
crank. Several trials may be needed to obtain a practical 
combination of k and CL;  the design procedure for a 
spring with the rrquired characteristic is given later. 

Rate varying with impact velocity 

When the system natural frequency must have a 
specified relation to maximum velocity, or impact velw- 
ity, a more complex solution is necessary. Typically, this 
requirement occurs in shock attenuating systems. By 
equating the stored energy of the spring to the kinetic 
encrgy of the mass at impact, it can be shown that 

The solution of x from Eq 4 is substituted back into 
Eq 3b to find k .  Roots can be found quickly by means 



of the Remainder Theorem and synthetic division ( P E  
-Nov 26 ’62, p 135) .  Because o is not a linear function 
of the velocity, a specified relation can only be satisfied 
at two specific points. A good approximaQon can be 
attained, however, as shown in the example below, where 
the deviation is about 2 % .  

Example: Find the initial spring rate for an oscillating 
feed system, Fig 2, which must have a natural frequency 
which varies with the linear feed velocity. Specifically 
it is desired to have the frequency vary with velocity ac- 
cording to the straight-line relationship of 

The velocity, x’, is expected to vary between 20 and 
50 in./sec. The mass of the system is rn = 10 in-lb-sec 
units. 

The value of C” IS tentatively selected as 30. 
Evaluating Eq 4, for the average value of x’ = 35 ips 

= o  (3) (1225) (30) 

3 0 2 4  - 4500s’ - 200 = 0 
2 (12.25) 12.25 

x = 12.25 in. 
Also, for a value of x‘ = 35, 

w = -35 + 1.75 = 3.5 rad/sec 20 

Substituting the x and o values into Eq 3b gives 

= 0.0363 lb/in. 12.25 (10) k = 
3 (30)(150, 1 +  4 -  

Natural frequency can now be verified by substituting 
x and k into Eq 3. 

Note in Fig 4 that if we plot natural frequency and 
displacement values for the specified range of x’, we 
obtain a natural frequency which does vary almost 
linearly with velocity. 

Bilinear systems 

Another form of nonlinear system, which is some- 
times more convenient 10 use. is the bilinear system, 
Fig I .  In  this case, the spring force is 

P = klx from x = O  t o x = a  

P = lc1a + k2 (x - u)  

and 

from 
The motion of the system can be treated as two 

separate harmonic motions connected by the condition 
that their velocities are equal at x = a. If a is chosen 
smaller than the minimum amplitude, all motions of the 
system in operation will be nonlinear. Both the ratio 
w ~ / w ~  and the value of a determine how the system 
natural frequency varies with amplitude or  velocity. 

1: = a to rmaz 

The procedure for design is: 
1) Select k l  from the expression 
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If necessary, adjust the parameters until a good match 
with desired characteristics is obtained. Increasing the 
ratio W ~ / W ,  will increase the slope of frequency vs 
velocity. 

Amplitude of the bilinear system is 
r 1 

Natural frequency is 

rr 

Example: Find the two spring rates for a bilinear sys- 
tem with: m = 10 in.-lb-sec units, W ~ / W ,  = 25, X’O = 
20 ips min = 50 ips max, w1 = 0.5 rad/sec. 

For  x ‘ ~  = 35 ips, from Eq 5 and 6, a = 6.7 in. 

= 3.56 rad/sec 

kl=wI2m=0.25 (10) =2.5 ib/in. 
kz= wz2m= 156.25(10) = 1562.5 lb/iti. 

The values of w and x are plotted in Fig 5 for the 
specified range of xo’. Maximum error is about 4%. 

Cantilever-spring design 

A popular method of obtaining the nonlinear spring 
characteristic is to have a cantilever spring, Fig 1, 
operate over a curved supporting surface (usually a 
parabolic surface). The surface reduces progressively 
the free length of the cantilever as the load increases. 
This stiffens the spring with deflection. 

The change in free length is 

Taking z and y as the coordinates of the supporting 
surface (where z = A L ) :  

P y = 6 E I  [23-3 (Lo-z)P 2+2 ( L o - z ) ]  

The bilinear spring can be any of the usual types of 
springs, arranged so that one of two springs engages the 
mass when x = a ,  Fig 1 .  In such an arrangement, the 
spring constant of the second portion, k 2 ,  is the sum of 
the two spring rates acting together. 

This is the system frequency for all amplitudes smaller 
than a. 

2 )  Compute the amplitude and natural frequency for  
several velocities, using Eq 5 and 6 below. 
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Friction-Spring Buffers 
Here’s a new way of teaming springs to dissipate kinetic 
energy in rapid, high-impact, reciprocating mechanisms. 
Dr. Karl W. Maier 

ERE is a new friction shock ab- H sorber that can successfully ab- 
sorb rapid reciprocating forces with a 
high damping efficiency. The device is 
actually an assembly of two metal 
springs-so simple in construction that 
it might prompt you to say, “Why 
didn’t 1 think of that?’ I t  can, how- 
ever, be classified AS a new machine 
element, and as such has received a 
US patent. 

The Coil-cone Bui/cfer, as it is called 
(Fig I ) ,  is well suited to high-speed 
reciprocating mechanisms where, in 
addition to a cushioning action, the 
application calls for high damping and 
a continuous and rapid withdrawal of 
kinetic energy. Such applications in- 
clude: 

Automatic guns, to damp impact 
and recoil. One version of the buffer 
(in production for two years) is cush- 
ioning the impact of the bolts in an 

automatic rifle. Another type is under- 
going tests at Springfield Armory as 
an external recoil mechanism for an 
automatic gun installed in aircraft. 

0 Power-actuated fastening and 
demolition tools to damp the recoil 
and ease the operation of the tool. 

0 Suspension and cushioning sys- 
tems of heavy vehicles, such as freight- 
protection devices in  railroad cars, and 
damping-buffers in trucks, farm equip- 
ment and construction machinery. 

Rapid-actuating valves to damp 
severe surges in the valve springs and 
increase spring life. 

A new spring arrangement 
The friction unit of the device has 

two coil springs in a n e s t d  arrange- 
ment-an inner support  spring and an 
outer brake  spring. Fig 2.  

The support spring is a typical heli- 
cal spring made of round steel wire. 

Thus it has a high stiffness in the radial 
direction. The brake spring, on the 
other hand, is coiled from a wire of tri- 
angular cross section and cut into 
single brake coils to facilitate radial 
expansion of its coils. 

The outside of the brake coils is 
ground cylindrically to fit snugly into 
a tubular housing which acts as the 
shock absorber body. I t  is this wall 
which acts as a friction surface. 

The plane of contact between brake 
coils and support spring is inclined 
toward the axis of the device by a de- 
sired camniing angle a. When the sup- 
port sprinp is compressed axially, it 
forces the brake coils outward to press 
against the friction surface of the 
housing. 

The buffer assembly 
To complete the friction-buffer a$- 

sembly, the nested-spring unit of Fig 2 

fSfee// 
1. Friction buffer assembly contains two spring systems in series. The buffer spring takes most of the deflection during 
impact, while the friction unit, installed ahead of the buffer spring, absorbs most of the impact energy. 
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1s inst;tlled between 1 ) a resilient buf- 
ter spring supported at the closed end 
of the housing and 2) an axially mov- 
ahlr plunger for transmission of ex- 
ternal forces (Fig I ) .  

Camniing angles of 30 and 36 deg 
have been found to be practical 
choices. With an angle of a = 30 deg, 
tests have shown that a brake coil will 
rcccive a radial expansion force about 
3.5 times the axial force. Therefore a 
very high axial braking force is gen- 
crated between the brake coils and 
inner wall of the buffer housing. 

The relationship between the inner 
support spring, the brake coils, and 
the housing wall is such that the coils 
ol' the inner spring cannot be com- 
pressed to its solid height. The axial 
force is propagated through the fric- 
tion assembly in zigzag fashion, from 
inner coil, to outer coil, to inner coil, 
etc. 

During the compression stroke, the 
buffer force, P,, at the plunger is much 
higher than the force felt by the buffer 
spring, f,,. For example, the force- 
deflection diagram, Fig 3 ,  shows buffer 
units plotted with one, two, or three 
brake coils. For the unit with three 
hrake coils ( n  = 3 ) , P., is about three 
times P,,. But during the rebound. or 
extension stroke, P,, is reduced to about 
one-third of P,,. This means that the 
device returns only one-ninth of the 
cnergy absorbed during its compres- 
sion stroke. This amount, however, is 
sufficient to return the plunger to its 
original, extended position. 

The friction unit, installed ahead of 
the buffer spring, acts as a force multi- 
plier or force reducer, depending on 
the direction of motion. Considering 
its relatively small size, the friction 

End section of coil 
\ 

Broke coifs 
[phosphor bronze1 

Soppod sphq 
/ l s t e e l l  

\ 

2. Nested spring friction unit of the buffer assembly has segmented 
brake coils which expand radially when a support spring is compressed 
axially under impact. Phosphor bronze coils are employed for better fric- 
tion characteristics. The damping efficiency of the unit is at its highest 
when the surfaces of the housing wall are dry; however, the unit operates 
well in the lubricated condition. The number of brake coils contained in 
the unit influences t h e  amount of energy that can be absorbed. This is 
illustrated in the  force-deflection diagram on the following page. 
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Foi A P3 fbroke shoe of three coJd 

3. Force-deflection characteristics of nested-spring fric- obtained by subtracting area x,x',P,x, from area XaX:,p&n. 
tion buffers. Curves are shown of three different assemblies For a one-coil buffer, the dissipated energy area is shown 
having one, two or three brake coils. "The compression shaded. Note also the curve for the buffer spring if used 
stroke for a threecoil uni t  is line OP,; its rebound (exten- alone. It does not dissipate any energy because the r e C U -  
SiOn) stroke is PsO. Hence the kinetic energy dissipated by peration stroke closely coincides with the COmPreSSiOn 
the device is quite large-area X ~ P ~ P ' J ~ ' ~ ~  shown in color and stroke Op,, and t h u s  the energy is returned during rebound. 

unit does a quite remarkable job. 
The plunger stroke of the buffer 

unit is practically identical with the 
stroke of the buffer spring because the 
friction unit hardly changes its length 
during operation. Since the buffer 
spring can be chosen at will, i t  permits 
the development of long-stroke buffers, 
the stroke being as high as the solid 
height of the buffer or better. 

Energy capacity per unit volume 
This factor, also called the volume 

efficiency, is the ratio of the energy 
absorbed to the cylindrical volume 
occupied by the buffer assembly when 
compressed solid (which includes the 
buffer spring and friction unit). Very 
high energy capacities are obtainable 
in  the range of 300 to 600 in.-lb/in.3. 

Competitive devices 
The all-metal construction of the 

buffer makes it a rugged device cap- 
able of operating without maintenance 
in the dry or lubricated condition. 
When lubricated, its damping effici- 
ency drops somewhat. However, there 
is practically no wear on the friction 
surfaces and thus the devices have long 
wear life. The major components are 
coil springs which can be produced by 
a spring manufacturer at low cost as 
compared to machining of parts from 
solid stock. 

Other types of damping buffers have 
these limitations: 

Ring springs have only a limited 
stroke (15% of solid height), limited 
damping (60% ma)-and they are 

quite expensive to  manufacture. 
0 Metal-rubber devices are even 

more limited in energy capacity, damp- 
ing and life. 

0 Hydraulic buffers are more expen- 
sive in manufacture and may also re- 
quire maintenance. Also, they are not 
easily installed in small spaces. 
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New E uations Simplify 
Bellevil 7 e Spring Design 
Research has reduced complex mathematics to easy 
calculations that help designers to select best dimensions. 

Nicholas P. Chironis 

As spring designs go, the Belle- 
ville is an old-timer-it was patent- 
ed back in 1835 by Julien Belleville, 
a French engineer-but it seems to 
be just coming into its own. Many 
applications are cropping up in the 
aerospace and automotive indus- 
tries, and the way has now been 
paved for still wider use. 

Equations and graphs worked out 
by Gerhard Schremmer of the Roch- 
ester Institute of Technology (Roch- 
ester, N.Y.) enable a designer to 
make sure a Belleville is properly 
proportioned, without going through 
complex mathematics. 

As Schremmer reported at the an- 
nual meeting of the American Soci- 
ety of MechanicaI Engineers, the 
new equations and test data make it 
possible to predict accurately the en- 
durance strength of a Belleville and 
to determine its optimum dimensions 
for a given load. 

Packed with power. A Belleville 
spring is no more than a coned disk 
(drawing right), and some design- 
ers and manufacturers refer to Belle- 
villes as disk springs, cone-disk 
springs, or “Belleville washers.” 

Whatever name the Belleville 

goes by, the spring’s most appealing 
feature is its ability to provide a very 
high spring force with a very small 
deflection. According to Union 
Spring & Mfg. Co., the Belleville ac- 
complishes this while packed into 
about one-quarter the space that a 
helical spring needs (drawing below). 

Moreover, by stacking Bellevilles 
in various arrangements, a designer 
can obtain various load-deflection 
characteristics. 

Failure points. Schremmer of 
Rochester Tech says designers have 
long been calculating Bellevilles on 
the erroneous assumption that the 
stress to worry about is the maximum 
compressive stress at the upper inner 
edge of the spring, point A in draw- 
ing on facing page. 

Recent tests by Schremmer and 
others have proved that fatigue 
failure-and in most dynamic appli- 
cations, fatigue is the problem- 
originates somewhere in the lower 
surface. Depending on the dimensions, 
and also somewhat on the deflection, 
either the inner or the outer edge 
(points B or C) is more involved in 
damaging stresses. 

Although the stress at B or C is 
~~ 

900 lb. 

900 Ib. I 
I 

E 

LD 

.- 
W . 

0.18 Ib. 0.57 Ib. 
1.11 im3 4.64 in3 

Bellevilles stack compactly (center), compared to equivalent helical spring on right, 
easing problem of design when space is at  a premium, a s  in brake at  left. 

less than that at A ,  it is more re- 
sponsible for fatigue behavior, be- 
cause it is a tensile stress. Schrem- 
mer, therefore, derived equations for 
tensile stresses at points B and C: 

SB D,2C,(l-p) 4Et6 [ c4(; -$) -;I 
where : 
Do = outside diameter 
E = modulus of elasticity 
h = height of unloaded Belleville 
ri = inner radius 
ro = outer radius 

t = thickness 
p = Poisson’s ratio (0.3 for most 

6 = spring deflection during use 
metals) 

and where: 
T i  c - - - -  1 1  

ro CI In - 
Ti  

c l = l - -  2 -  
ro 

1 n/r0 
ro CI 
T i  

In addition to the equations, 
Schremmer developed a graph 
(right) from experimental data that 
helps determine the decisive point 
of the spring, dependent on the ra- 
tios h/ t  and Dr/D, .  The tests cov- 
ered a wide range of Belleville 
spring sizes, thicknesses, and deflec- 
tions. In the central range of the 
graph, either point B or point C may 
be dominant. 

This ambiguity is caused by the 
natural scattering of fatigue strength 
and also somewhat by the influence 
of the actual deflections. In other 
words, the smaller the initial deflec- 
tion due to the preload, the higher 
the probability of failure at point B 
rather than that at point C. 

Enduring the stresses. Based on 
3600 fatigue tests on Belleville 
springs made of 50 Cr V4, a chrome- 
vanadium steel similar to SAE 6150, 
Schrernmer was able also to plot a 
series of endurance-strength dia- 
grams. In these applications, a Belle- 
ville spring undergoes continuing 
changes in stress from a maximum- 
stress value to a minimum-stress 
value, as when under cyclic loading. 
To get the endurance-strength dia- 
grams, Schremmer employed the 
equation for S, and S, for which- 
ever stress was critical, and the Wei- 
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Fatigue life of dynamically loaded Belleville spring can be pre- 
dicted accurately by use of new test data and equations. In 
drawing at top left, potential fatigue failure is narrowed down 
to point B or point C when ratios of height to thickness and 
inside diameter to outside diameter are known (chart at top 
right). Until now, the trouble spot has been assumed to be the 
top of the inside lip, point A. The other three charts on this page 
show endurance-strength curves for three groups of thick- 
nesses, leading to  a finding of the maximum number of loading 
cycles permissible for an application, based on a 99% con- 
fidence level. The right-angled dashed line in the middle chart 
at right illustrates how to use the curves. If you compute the 
minimum and maximum stresses that occur during operation, 
using the equations given on the facing page, you can pick the 
permissible number of operating cycles directly off the chart. 
For example, a Belleville spring that undergoes a stress varia- 
tion from 44 to 94 k g / r n r n Z  will probably last for 2 million 
cycles. 
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Plotting load-deflection curve, F, and stress-deflection curve, S,. gives the safe stress 
ranges, a valuable guide in design of reliable Belleville springs. 

bull statistical method to evaluate 
the points on the curves. 

With these methods, three groups 
of data were obtained (graphs, page 
117) for three groups of thicknesses 
with a 99% probability of survival. 
The diagrams give figures for lo5, 
5x10" and 2x10U cycles. The diago- 
nals can be considered as infinite- 
life lines, and a certain amount of 
interpolation can be done between 
the 2x10G lines and the diagonals. 

Design for longevity. With the 
charts, it is now possible to design 
Bellevilles for indefinite life spans 
(above 2x10G cycles). For example, 
suppose a Belleville spring has di- 
mensions of: D,=45 mm (1.77 in.), 
D1=22.5 mm, 1 ~ 1 . 7 5  mm, h ~ 1 . 3  
mm. Then, h l t ~ 0 . 7 4 ,  and D,/D1=2. 
The spring is preloaded with a force 
F.,,,=155 kg (343 lb.). Four steps 
lead to the maximum permissible load, 
F,,,,,, to assure indefinite life: 

Step 1-Determine the load-de- 
flection curve. Some spring manufac- 
turers provide such data; otherwise 
the engineer may employ the equa- 
tion below and calculate the loads 
for four equal-spaced deflections at 
k 0 . 2 5 ,  0.50, 0.75, 1.0. 

where the value of cx is 

r l  and R = - 
TO 

Plot the resulting load-deflection 
curve for the F and 6 values. 

Step %With the given values of 
h/t=0.74 and D./Dl=2 (or 
D,/D,,=O.5), determine with the aid 
of the chart (middle) that it is the 
stress at point C that controls fatigue 
failure. 

Step S N O W  employ the above 
equation for S, to solve for S, at 
the four deflection points. Plot the 
values in the load-deflection chart 
(top, page 1 17). 

Step &The deflection at F,.,..= 
155 kg is picked off from the chart 
as being 6,,,1n=o.325 mm=0.25h. 
The stress at this deflection is S.,,.= 
45 kg/mm2 (64,000 psi). For t= 1.75 
mm, the chart for group 2 is valid. 
Employing SI,, ~ 4 5  kg/mm2, obtain 
from the chart the maximum allow- 
able stress, S,.,.=94 kg/mm2. Going 
back to the load-deflection curve with 
S,,, Ix, and knowing that 6,,,,,=0.74 mm 
gives a maximum-load value of 
F,,,,=300 kg (663 lb). 

Thus the spring may be loaded be- 
tween 155 and 300 kg for an in- 
definite number of times. Moreover, 
if Schremmer's theories are correct, 
there is a probability of 99% that 
there will not be any fatigue failure. 

In his tests, Schremmer used up 
to eight single-stacked springs. The 
tests were made with a sinusoidai- 
motion loading applied at approxi- 
mately 30 cps. The center guide rods 
were hardened, ground, lubricated. 

Schremmer recommends that 
Bellevilles be made of chrome vana- 
dium, with dimension ratios of ap- 
proximately D,/D,=0.50 to 0.588 
and h/t=0.6 to 0.7. These ratios will 
give a maximum energy-absorption 
capacity for a minimum space. 
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New Springs Do More Jobs 
By shaping the coil of the familiar Neg‘ator springs, you can change at 
will its constant-load level or gradient. 

Nicholas P. Chironis 

W E N T  developments in pre- R stressed coil springs and spring 
motors now make it possible to 
select or adjust the constant-force or 
constant-torque levels in an applica- 
tion-and even obtain a negative 
spring gradient in which the force 
decreases with deflection. 

These unusual spring character- 
istics, developed by Norman E. 
Sindlinger and his R & D group at 
the Hunter Spring Div of Ametek 
in Hatfield, Pa, were obtained by 
modifying the shapes of Neg’ator 
springs (a trade name of Ametek). 
The new constant-force types are 
interesting to designers of devices 
that require a way to select or dial 
a desired load level-as in ortho- 
pedic traction devices, X-ray heads, 
and machine counterbalances for 
tool interchangeability. 

The new negative-gradient types 
are also being studied for overcenter 
devices (as in the computer window 
discussed later in the article) and 
for long-deflection retraction de- 
vices, where the design calls for 
controlled decrease in force during 
either extension or retraction. For 
instance, a negative-gradient spring 
can reduce acceleration and prevent 
a jarring ’stop when a retracted 

mechanism nears the full-return 
position. 

Spring motors. The key factor 
that changes a strip of spring steel 
into a Neg’ator spring is the curva- 
ture built into the spring by pre- 
stressing during the manufacturing 
process. Thus a Neg’ator strip, when 
allowed to relax into its newly ac- 
quired natural position, will form a 
tight coil. If the coil is slipped over 
a pencil and its end pulled linearly, 
the coil will resist the pull with a 
constant force, regardless of the 
length extended, because the force 
required to uncoil the spring at any 
position is a constant. 

The spring also can easily be ar- 
ranged to produce torque, thus func- 
tioning as a motor. In the “type-B 
motor,” the spring is coiled on a 
storage drum that is free to rotate. 
The outer end of the spring is then 
extended, secured to, and reverse- 
wound on a larger output drum. Re- 
lease of the output spool at any 
degree of wind-up permits the mate- 
rial to revert to its natural curvature 
by returning to the smaller drum. 
This imparts rotation to the output 
drum, and the torque produced can 
be held almost constant during the 
entire cycle. 

Because of the constantly decreas- 
ing radius, or lever arm, as the mate- 
rial runs off the output drum, a con- 
stant-force spring will produce a 
spring motor with a slightly positive 
gradient. However, a constant out- 
put torque is maintained in the type- 
B motor by varying the incremental 
stresses introduced during forming, 
so the force exerted at the periphery 
of the output coil will increase dur- 
ing run-down. It was this approach 
that led to the negative gradient 
springs. 

Varying output. The linear spring 
force produced by a prestressed coil 
spring is 

Eb$ P= 26.4R2, 
where P = load; E = modulus of 
elasticity, psi; b = width of mate- 
rial, in.; t = thickness of material, 
in. and R ,  = natural radius of 
curvature, in. 

From this we see that load is di- 
rectly proportional to width, thus 
any change in the width of the band 
will vary the load proportionately. 
Thus, by shaping the bands, springs 
and spring motors can deliver selec- 
tive constant or  controllable torques 
of any simple mathematical varia- 
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tion. Several shapes have been tried 
-the stepped-width, thc tapered- 
width, and even a spring with 
sinusoidally varying width. Another 
configuration that appears to have 
good practical value is the double- 
tapered shape. 

Stepped-width springs. These are 
best for applications that require a 
selection of discrete loads with con- 
stant-force output over a finite work- 
ing stroke. They have built-in steps 
to provide load changes (see photo 
on previous page), and several rela- 

tively long working strokes, each 
with a constant force output. Thus, 
one spring can deliver a choice of 
different loads without involved 
mechanisms or the need to couple 
independently acting springs. 

This type can also bc mounted 
;IS a motor in which the torque out- 
put varies in steps. The motor spring 
in Fig I has five separate widths, 
each representing a discrete torque 
with an effective dellection of x’ 

turns. Thus, in use for orthopedic 
traction or as a counterbalance, the 

weight of vertical equipment can be 
varied by changing attachments. 

Single-tapered springs. The Neg’a- 
tor spring is one of the few springs 
that can produce a negative gradient 
(decreasing load with increasing de- 
flection, Fig 2) without need for an 
auxiliary linkage system. Usually. 
the negative gradient is obtained by 
heat setting or by varying the bend- 
ing radius during the coiling opera- 
tion. This produces negative gradi- 
ents of up to 2 to I .  The new way  
is to taper the spring width. 

weight of vertical equipment can be
varied by changing attachments.

Single-tapered springs. The Neg'a-
tor spring is one of the few springs
that can produce a negative gradient
(decreasing load with increasing de-
flectIon, Fig 2) without need for an
auxiliary linkage system. Usually,
the negative gradient is obtained by
heat setting or by varying the bend-
ing radius during the coiling opera-
tion. This produces negative gradi-
ents of up to 2 to I. The new way
is to taper the spring width.

tively long working strokes, each
with a constant force output. Thus,
one spring can deliver a choice of
different loads without involved
mechanisms or the need to couple

independently acting springs.
This type can also be mounted

as a motor in which the torque out-
put varies in steps. The motor spring
in Fig 1 has five separate widths,
each representing a discrete torque
with an effective deflection of x
turns. Thus, in use for orthopedic
traction or as a counterbalance, the

tion. Several shapes have been tried
-the stepped-width, the tapered-
width, and even a spring with
sinusoidally varying width. Another
configuration that appears to have
good practical value is the double-

tapered shape.
Stepped-width springs. These are

best for applications that require a
selection of discrete loads with con-
stant-force output over a finite work-
ing stroke. They have built-in steps
to provide load changes (see photo
on previous page), and several rela-
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A recent application of the nega- 
tive-gradient tapered spring is the 
counter-balancing of vertically rising 
access doors in computer cabinets. 
The main requirement here is that 
the doors never be left partially open 
-they should always be either fully 
open or fully closed. The spring is 
mounted so that its maximum force 
output slightly overbalances the 
weight of the door and the friction 
in slides. When the door is raised 
above the balance point, the spring 
will finish the job of opening, Fig 

3. At any position below the bal- 
ance point, the door will slide closed, 
with the decreasing spring force 
keeping it from slamming. 

Dud-tapered spring mdors. Two 
tapered spring bands in a spring mo- 
tor device produce a still wider 
variety of output characteristics. By 
changing the direction of coil wind- 
ing, the individual spring moments 
are either cumulative or opposing. 
Both versions produce selective con- 
stant-torque levels. 

In the cumulative-gradient type, 

Fig 4, positive-gradient and nega- 
tive-gradient springs are wound on 
their respective storage drums so 
that the resulting moment is the 
graphical sum of both characteris- 
tics. If the gradients are identical 
and output shafts are locked to- 
gether, the sum of the moments of 
each spring remains constant as both 
springs are deflected. 

If one spring is offset by prewind- 
ing or unwinding relative to the 
other spring, a new sum of the mo- 
ments of the individual springs re- 

A recent application of the nega-
tive-gradient tapered spring is the
counter-balancing of vertically rising
access doors in computer cabinets.
The main requirement here is that
the doors never be left partially open
-they should always be either fully
open or fully closed. The spring is
mounted so that its maximum force
output slightly over,balances the
weight of the door and the friction
in slides. When the door is raised
a'bove the balance point, the spring
will finish the job of opening, Fig

Fig 4, positive-gradient and nega-
tive-gradient springs are wound on
their respective storage drums so
that the ,resulting moment is the
graphical sum" of both characteris-
tics. If the gradients are identical
and output shafts are locked to-
gether, the sum of the moments of
each spring remains constant as both
springs are deflected.

If one spring is offset by prewind-
ing or unwindirig relative to the
other spring, a new sum of the mo-
ments of the individual springs re-

3. At any position below the bal-
ance point, the door will slide closed,
with the decreasing spring force
keeping it from slamming.

Dual-tapered spring motors. Two
tapered spring bands in a spring mo-
tor device produce a still wider
variety of output characteristics; By
changing the direction of coil wind-
ing, the individual spring moments
are either cumulative or opposing.
Both versions produce selective con-
stant-torque levels.

In the cumulative-gradient type,

16-60
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su lk  and this rcniains constant as 
both springs are deflected. However. 
the. offset decreases the available 
stroke. 

I n  the opposing-gradient typc, one 
spring winds up on. onc output drum 
while another spring unwinds from 
the othcr, Fig 5.  Thus, one opposes 
withdrawal of the cable whilc the 
other assists. Whcn the spring mo- 
ments ;ire equal zero output forcc 
is obtaincd and the force range is 
limited only by the size o f  thc device 
(scc the torque diagram). 

Load settings. Thc simplest way 
to adjust the output torque of sprin2 
motors with stcppetl-width or c loa l -  
tapcrcti springs is to couple ;I clutch 
hiltuwn the output drum and cable 
pullcy. The otttpLit cable can then be 
dcclutchcd from the system, rotated 
to its ncw position. and  once again 
cngagcti to ti-ansmit the new torquc 
lcvcl to the system. The clutch 
maybc n simple slip or positive 
engagement typc. 

I !  it is necessary, however, that 
the outpiit shaft rcmain loaded by 
the spring during torqnc adjustment, 
onc of thcse more sophisticatcd 
mcchanisrns can be cmploycd: 

Orbifing the storage drum about 
the output driim (Fig 6 )  has thc least 

~ tem hysteresis as  it involves n o  
gearing, and it is the simplcst and 
lowest in cost. Actual operating vol- 
ume requirementsare lon.er than for 
the other two systcrns, but total vol- 
unic rcqiiirc'mcnts arc greatest, since 
clearance must be provided for the 
storage drum to rotate entirely 
around the output drum. 

9 .Revolving the system around a 
set of spur gears whcn .making the 
adjustment (Fig 7) requires less 
ovcr-all space. This method, how- 
ever. introduces significant backlash. 

0 Coupling a differential gear train 
t t ~  the system providcs good space 
cconomy (Fig 8). but i t  is the most 
cxpcnhivc system at' the ,three. 

In any of these systems, Sind- 
linger suggests that ; In  acceleration- 
scnsitivc hrakc or other mciins of 
limiting vclocity be incorporatcd in 
iiise thc spring is accidentally re- 
Icased during torquc adjustmcnt. 
Also, the systems can .be easily 
equipped with load-indicating de- 
vices that sensc the built-up diamctcr 
of  the spring coil wrapped on one of 
the drums. 

6. Rotating storage-drum type 

5iorage drum 
/free& mounted1 Siorage 

drum crmk 

Output drum wiih 
stepped guide 
f/onges (fixed 
io shaffl 

Stepped widih 
lVeg'ofor 

Cob/e drum / 

7. Orbital output-drum type 

I=I 

gearing 

spur' w 
8. Planetary gear .type 

n. 

--R/i7g gear' 
gear 

urm ondgear - 
Planet carrier 
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Slotted Spring Pins Find 
Many Jobs 
Assembled under pressure, these fasteners provide powerful 
gripping action to locate and hold parts together. 

Robert 0. Parmley 

p i n .  fo Gin. 
rFree nominal diu. 

I 

t r 

Before insertion 

1 PINNING PARTS 
& is basic function 

1 Tension p h  

B / 
A/#ernate 
support 

Tension pin - To weld 

Slot should 
not close 1 

GRIP-SLEEVE 
action provides external splice 

7 Tbin wall tubing 
Spot weld hptionafl  

Clearance be fween 

5 LOW-COST SHAFT SUPPORT 
is keyed (A), or spot welded (B) 6 THIN-WALL TUBING IS STRENGTHENED 

by tension pin a t  high stress position 
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Handle or knob 

lension pin 

Shaf t O f  
turn rod 

TO remove 1 rwi r ing or divider panel 

LOW-TORQUE SHAFT 
connection, or knob assembly 

THIN PANELS 
are inexpensively supported 

Crimped sbeet netu/ 

fVa fe Meto/,or wood 

Slide to  instoll +J Extend 
fo here 
without 
groove 

\ 
#o/dedp/astic 

Base--/ ,--Work plate 

7 PROTECT PROJECTING LIPS 
SUPPORT POSTS 
locate (A), provide adjustment (B) 
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8 Unusual Jobs for Spring Pins 
Be sure you get top value from these versatile assembly devices. 
These examples show how. 

Andrew J .  Turner 

SLOT IN PIN does duty as anchoring de- 
vice, holding two pieces together. Fasten- 
ing can be either permanent 01 temporary. 
Parts can be riietal or non-metal. 

Serfafed ofuo 

LUBRICANT PASSAGE i \  conibined 
with retaining pin for gear. Also, slinger 
ring not only performs functionally but 
improves appearance too. 

r & -in. - square 
opening in sheef 
mefol 

Rubber hose> -- 
f in OD. 

PROTECT HYDRAULIC tubing o r  clec- 
triciil wires touching sharp edges of cas- 
ings by clipping pins over the edges of the 
hole. Its size is only slightly reduced. 

STIFFEN LIGHT-DUTY structures such 
as tubular axles with spring pins; they are 
simple to install and add considerab!e 
strength to the assembly. 
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I 

AS BELT GUIDES, spring pins eliminate 
molded spacers. o r  costly machined 
grooves for spacer rings which would 
otherwise he needed. 

TWO PINS SERVE AS HANDLE and 
latch. This low-cost assembly replaces an 
expensive forged handle and a fabricated- 
metal latch -piece. 

?hs% spacer 

LOW-COST THREAD in lift-nut can be 
made by fitting spring pins at correct 
pitch-positions as shown. Rotate the pins 
to reduce wear. 

HARDENED STEEL SLEEVE for pivot- 
screw gives durability to legs of folding 
table illustrated here, while keeping costs 
coinpctitively low. 
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8 More Spring Pin Applications 
Some additional ways that these fasteners, assembled under pressure, can grip 
and locate parts. They can even valve fluids. 

Robert 0. Parmley 

FLEXIBLE BREATHER TURE is enclosed to pre- 
vent swinging and to keep it away from moving 
machine parts LOCATE WRHKPIECES with this inexpensive jig 

CHECK-VALVE spring retainer 
allows maximum flow, is easily adjustable 

P P 

Al te rna t i ve  ar rangements 

HOLD FLATS together for gluing 
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j . .  

ami’ spring /oatfed/ 

3 AiR VALVE is simple yet effective 

ALIGN TUFING for bonding or 
reinforce for strength with internal pin 

CONCENTRIC OR ECCENTRIC. POSRIONINP 
is quickly adjustable 

SPLIT TUBING IS HELD 
with tension pin sleeve 
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8 Electrical Jobs for Spring Pins 
Put these handy assembly devices to work as terminals, connectors, actuators, etc. 

Andrew J. Turner 

AS ELECTRICAL CONNECTORS in 
"patchhoard" circuits. spring pins have 
ample conductivity. Select various circuits 
hy removing o r  inserting pins, 

LOW-COST TERMINALS are made by 
;twxnhling two 1 / Ih-in.-dia tin-dipped 
Kollpins into phenolic hoard. The board 
jhould hc ahout 3/32 in. thick. 

frinfed-circuif board 
Surfaces for moun fino 

STAND-OFFS lor  pi. in Led-c i rcii it hoards 
c;in he spring pins. Sclcct i i  pin long 
enough to cnsure i i d ~ q ~ i a t ~  spacing bc- 
l w c c n  thc boards. 

FORMING FIXTURE for wire hiirnessc\ 
i \  quickly ;riljiistcd whcri tliffcrent h;irnes\- 
sh;ipc\ iire nccclcd. I'la.;tic shcct has pin 
holcs on ],-I -in. ccnicr\. 
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DRUM-MOUNTED ACTUATORS func- 
tion in similar way to spring-pin actuators 
in Fig. 3 .  Protruding length of pins rnay 
he critical. hut is casily adjusted. 

SWITCH ACTUATORS can be quickly 
relocated in rotating disk it’ spring pins w e  
omployed. Hard steel of pin gives excel- 
lent wear resistance. 

Eiched circui f boord 

Rockshell-’ 

Spring pins - - --- --> __- - -- 

SUPPORT BARS in clcctronic units ciin 
be easily and quickly in~t;illecl into the 
sliding chassis with spring pins. <‘low 
iolcranccs are not t~ec~lcd.  

STRAIN RELIEF t o r  \\ire in clcctrical 
connectors will not slip cliiring a\seinhly. 
Loop wire thcn f i l l  shell with potting corn- 
pound to seal wirc in p l ~ c .  
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Uses of Split Pins 
Ten examples show how these pins simplify assembly 
of jigs and fixtures. The pins are easily removed. 

Robert 0. Parmley 

1. Prevention of spring slippage 

f 

Lock blade --A 

4 
F r a m e  

3. Clamp pivot 

, Loose f i t  

‘Frome 
(drive f i t )  

Spl i t  pins 

/ :3- 

---?-/ Work piece ,..? . 

2. Cam pivot and handle 

I I I  I I I  
L A L  4 I 1  
i I  
I I  r 

4. Support post 

W o r k  piece 

\ 

\ w  f 
-/ \ 

Frame Stop j a w  
5. Anchor for stop jaw 

Source: American Machinist, March 25, 1968. Reprinted by permission of publisher. 
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6. Locator or stop pin 7. Spring anchor and arm pivot 

Frame ,’ 

8. Stabilizer for locking plate 

A Base halves 

“Split p in  

10. Dowels for fixture base 

Splrt 
p in 

Drive fit 
in frame 

/ Fixture base 

- Base (pins 
are drive 
fit in base) 

9. Support for post leg 

Slotted tubular pins are intended to be forced into their loca- 
tions; free diameter should be larger than hole diameter so 
the pin exerts radial force all along its mounting hole to resist 
axial motion when properly mounted. Maximum compression 
is controlled by the amount of gap when the pin is free. 
When it acts as a pivot, the hole through the pivoting mem- 
ber should be a free fit (see figures 7 and 8)  so the pin will 
not be worked loose from its anchor hole. Thete pins may be 
made of heat-treated carbon steel, corrosion-resistant steel, 
or beryl1 ium-copper . 
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Design Around Spiral-Wrapped Pins 
Coil, rolled, or spiral-wrapped pins come in a wide range of lengths and diameters. 
Their applications are limitless; here are eight. 

Robert 0. Pormley 

Dowel. Here, the dowel acts as a locator an. 3 chor pin that can be removed and reused 2 housing, and acts a s  a pivot for trigger 
Pivot. Pin is a drive fit ia the handle 

Hinge pins. If hole size in both members 

6 members a friction hinge is the result 

is different hinge will be free moving; 
if the hole size is the same in both 

Link chain connection. Pins are used as 
pivot or locking members. An advantage: 7 Both types are removable and reusable 
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Wire gripper. As clamp is tightened in 
place, pin coils, and secures. the wire 

Drive fit 

wrapped pin 

4 Wrench pin. Coil construction permits 
pin to  fit hofes with large tolerances 

C y f e  

Lubricated shaft for work roller. Comma- 
shaped area of the spiral wrapped pin 
forms an oil reservoir for the roller 

Pivot, stop, locator', handle, and anchor are typical applications in the design of a clamp. The 
pins are drive or sfide fits, and can be removed and reused i f  the clbnp position must be changed 
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A Penny-wise Connector - 
The Cotter Pin 
They're simple, inexpensive and make excellent electrical connectors. 
Why not consider cotter pins the next time you need one? 

Robert 0. Parmley 

sleeve Coffer 
pin 

Wlie 

1 Knife blade connector End mounting connection 

70 confacf 

3 

Tie past: and ground connections Glow switch 
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Floor 

Joisf 
II 5 Knob anchor pin 

Coffer  oii: Wire. 

Cof fer  

Confatior rod. 1 Tiiner- 

Cyii nder contactor 8 6 Wire eyelet 

, E/ecfrica/ pane/ -Coffer p?, 

7 Electrical pane1 stabilizer 
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Alternates for Doweled Fasteners 
Some simple ways to fasten or locate round or flat parts without having to use dowels 
or other pins. 

Federico Strasser 

Alternofe 
groapi.lngs 

Countersink Liffei \ 

SETSCREW through hub of wheel or 
other circular part is superior to a dowel 
when angular adjustment must be made- 
note alternate groovings. 

Shou/ders d 

SHOULDER on shaft lets gear or disk be 
held a t  end of shaft. Two alternrtive ways 
are shown-a dowel would not bc too 
practical here. 

A f t e i  s t o k i n g  

STAKING either the shaft or thc attnc 
for light load5. Various stake patterns arc shown- 
staking caii be done either by hdnd or hy niachinc 

A f t e i  s t o k i n g  

STAKING either the shaft or thc attnc 
for light load5. Various stake patterns arc shown- 
staking caii be done either by hdnd or hy niachinc 
( Ipl -Sr .p  4 '61, pige 354). ' Iwo adsarita&s of this 
nrcthod of fastening parts onto shafls are low cost mid 
assembly speed. 



Pins 17-17 

Wheel hub 

Large 
clearance 
hole 

Handle 
or mni 

- -. 

TAPERED JOINTS are ideal wheii 1 1 0  
clearance can be allowed between huh and 
shaft. Dowelling would be impracticable 
because of  fit. 

PRESSURE JOINTS are best when large 
composite wheels o r  similar parts are to 
he fastened to their shafts with only one 
or two screws. 

n 

c 

PERMANENT FASTENINGS of parts assenihled to 
sh;rfts are criiiiped (A); soldered, brazed or welded (B) 
or :rdhesive-held (C). Non-permanent fastening of 
sinal1 indicator-pointer is best achieved by providing 
siniplc push tit ( I ) ) .  If positive location is required 
here, diinple hub after asseiiihly. 

D 
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6 More Alternates 
for Doweled Fastenings 
These simple but effective methods fasten or locate round and 
flat plates without dowels or other pins. 

Federico Strasser 

TORQUE LIMITERS are nec- 
essnry in many cases where a 
doweled fastening would be 
useless. If shaft load becomes 
excessive a low-cost means of 
providing for its disengage- 
ment is t o  have a syring- 
loaded hall niountcd exter- 
iiiilly (.A) or internally (H) .  

SHEET METAL “DOWELS” car1 IPC irwd 
\I here 1oc:ition of two p:irts is nccdcd 
Hitholit preciw hole location. Cup i\ 
drawn after awviihlj .  

SELF-DOWELING part can he lihcei 
riietal ( A )  or other thiii-inaterial part (11). 
Mercl) eriiboss or pirnrli dug  halfwaj 
through to locate in hole. 



Pins 17-19 

BASIC FRICTION-CLUTCH 
c m  also provide for di5eli- 
gageiiient YI. hen torque ex- 
ceeds a safe value. Tliere i\ 
ha5ically no  difference hc- 
tween collared shaft (A) and 
ringed shaft (R), hut adjust- 
ment of tension in collared 
shaft is limited hy amount of 
threading on end of shaft. 

5 FOLDED ASSEMBLIES eliminate the 
need for pins or oflier locating fasteaers. 
llliihtralcd is :I trrriiinal niounted on in- 
sula ti ng pla k s .  

A B C 

SPLINES rnch a\ \cliiaw ( A )  and involute 
(B) arc often the he\t way to locate and 
hold hnhs. Don't o+erlook simpler niefh- 
~ d s  5hown at C and 1). 
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Generating Cam Curves 
It usually doesn’t pay to design a complex cam curve if it can‘t be easily 
machined-so check these mechanisms before starting your cam design. 

Preben W. Jensen 

F you have to machine a cam curve into the metal I blank without using a master cam, how accurate 
can you expect it to be? That depends primarily on 
how precisely the mechanism you use can feed the 
cutter into the cam blank. The mechanisms described 
here have been carefully selected for their practicabil- 
ity. They can be employed directly to machine the 
cams, or to make master cams for producing othcrs. 

The cam curves are those frequently employed in 
automatic-feed mechanisms and screw machines. They 
are the circular, constant-velocity, simple-harmonic, 
cycloidal, modified cycloidal, and circular-arc can1 
curve, presented in that order. 

Circular cams 

This is popular among machinists because of the 
ease in cutting the groove. The cam (Fig 1A) has a 

circular groove whose center, A ,  is displaced a dis- 
tance a from the cam-plate center, Ao,  or it may sim- 
ply be a plate cam with a spring-loaded follower (Fig 
1 B ) .  

Interestingly, with this cam you can easily duplicate 
the motion of a four-bar linkage (Fig IC). Rocker 
BBo in Fig lC, therefore, is equivalent to the motion of 
the swinging follower in Fig IA. 

The cam is machined by mounting the plate ec- 
centrically on a lalthe. The circular groove thus can 
be cut to close tolerances with an excellent surface 
finish. 

If the cam is to operate at low speeds you can re- 
place the roller with an arc-formed slide. This per- 
mits the transmission of high forces. The optimum 
design of such “power cams” usually requires time- 
consuming computations, but charts were published re- 

1 Circular cam groove is easily machined on turret lathe by mounting 
the plate eccentrically onto the truck. Plate cam in (B) with spring 

load follower produces same output motion. Many designers are unaware 
that th i s  type of cam has same output motion as four-bar linkage (C) 
with the indicated equivalent link lengths. Hence it’s the easiest curve 
to pick when substituting a cam for an existing linkage. 
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cently (see Editor’s Note at end of article) which sim- 
plify this aspect of design. 

The disadvantage (or sometimes, the advantage) of 
the circular-arc cam is that, when traveling from one 
given point, its follower reaches higher speed accelera- 
tions than with other equivalent cam curves. 

Constant-velocity cams 
A constant-velocity cam profile can be generated by 

rotating the cam plate and feeding the cutter linearly, 
both with uniform velocity, along the path the trans- 
lating roller follower will travel later (Fig 2A). In the 
case of a swinging follower, the tracer (cutter) point IS 
placed on an arm equal to the length of the actual 
swinging roller follower, and the arm is rotated with 
uniform velocity (Fig 2B). 

Simple-harmonic cams 
The cam is generated by rotating it with uniform 

velocity and moving the cutter with a scotch yoke 
geared to the rotary motion of the cam. Fig 3A shows 
the principle for a radial translating follower: the same 
principle is, of course, applicable for offset translating 
and swinging roller follower. The gear ratios and length 
of the crank working in the scotch yoke control the 
pressure angles (the angles for the rise or return strokes). 

For barrel cams with harmonic motion the jig in 
Fig 3B can easily be set up to do the machining. Here, 
the barrel cam is shifted axially by means of the rotat- 
ing, weight-loaded (or spring-loaded) truncated cylinder. 

The scotch-yoke inversion linkage (Fig 3C) replaces 
the gearing called for in Fig 3A. It will cut an ap- 
proximate simple-harmonic motion curve when the cam 
has a swinging roller follower, and an exact curve when 
the cam has a radial or offset translating roller fol- 
lower. The slotted member is fixed to the machine frame 
1 .  Crank 2 is driven around the center 0. This causes 
link 4 to oscillate back and forward in simple harmonic 
motion. The sliding piece 5 carries the cam to be cut, 
and the cam is rotated around the center of 5 with uni- 
form velocity. The length of arm 6 is made equal to 
the length of the swinging roller follower of the actual 
cam mechanism and the device adjusted so that the 
extreme positions of the center of 5 lie on the cen- 
ter line of 4. 

The cutter is placed in a stationary spot somewherc 
along the centerline of member 4 .  In case a radial 
or offset translating roller follower is used, the sliding 
piece 5 is fastened to 4. 

The deviation from simple harmonic motion when 
the cam has a swinging follower causes an increase 
in acceleration ranging from 0 to 18% (Fig 3D), 
which depends on the total angle of oscillation of the 
follower. Note that for a typical total oscillating angle 
of 45 deg, the increase in acceleration is about 5 % .  

Cycloidal motion 
This curve is perhaps the most desirable from a de- 

signer’s viewpoint because of its excellent acceleration 
characteristic. Luckily, this curve is comparatively easy 
to generate. Before selecting the mechanism it is worth- 
while looking at the underlying theory of the cycloids 
because it is possible to generate not only cycloidal 
motion but a whole family of similar curves. 

The cycloids are based on an offset sinusoidal wave 
(Fig 4). Because the radii of curvatures in points C, V ,  
and D are infinite (the curve is “flat” at these points), 
if this curve was a cam groove and moved in the di- 
rection of line CVD,  a translating roller follower, actu- 

#=con5 .fan 

1 

ated by this cam, would have zero acceleration at points 
C, V ,  and D no matter in what direction the follower 
is pointed. 

Now, if the cam is moved in the direction of CE 
and the direction of motion of the translating follower 
is lined perpendicular to CE, the acceleration of the 
follower in points C, V ,  and D would still be zero. 

‘Idler 

3 For producing simple har- 
monic curves: (A) Scotch 

yoke device feeds cutter while 
gearing arrangement rotates cam; 
(B) truncated-cylinder slider for 
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Constant-veloci ty  cam is 2. machined by feeding the 
cutter and rotating the cam at 
constant velocity. Cutter is fed 
linearly (A) or circularly (B), d e  
pending on type of follower. 

This has now become the basic cycloidal curve, and 
it can be considered as a sinusoidal curve of a certain 
amplitude (with the amplitude measured perpendicular 
to the straight line) superimposed on a straight (con- 
stant-velocity) line. 

The cycloidal is considered the best standard cam 
contour because of its low dynamic loads and low 

B . 

lsfafionory in spacel 

Scofch yoke 

U loading 

cylindrical cam; (C) scotch-yoke 
inversion linkage for avoiding 
gearing; (D) increase in accelera- 
tion when translating follower is 
replaced by swinging follower. 

y3 

Toto1 angle of oscillation, deg. 
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shock and vibration characteristics. One reason for 
these outstanding attributes is that it avoids any sud- 
den change in acceleration during the cam cycle. But 
improved performances are obtainable with certain 
modified cycloidals. 

Modified cycloids 
To get a modified cycloid, you need only change the 

direction and magnitude of the amplitude, while keep- 
ing the radius of curvature infinite at points C, I/, and 
D. 

Comparisons are made in Fig 5 of some of the modi- 
fied curves used in industry. The true cycloidal is shown 
in the cam diagram of A .  Note that the sine amplitudes 
to be added to the constant-velocity line are perpen- 
dicular to the base. In the Alt modification shown in 
B (after Hermann Ah, German kinematician, who 
first analyzed it), the sine amplitudes are perpendicular 
to the constant-velocity line. This results in improved 
(lower) velocity characteristics (see D ) ,  but higher 
acceleration magnitudes (see E).  

The Wildt modified cycloidal (after Paul Wildtj 
is constructed by selecting a point w which is 0.57 
the distance T / 2 ,  and then drawing line wp through 
yp which is midway along OP. The base of the sine 
curve is then constructed perpendicular to yw. This 
modification results in a maximum acceleration of 5.88 
b / T 2 ,  whereas the standard cycloidal curve has a maxi- 
mum acceleration of 6.28 b/T’ .  This is a 6.8% re- 
duction in acceleration. 

(It’s quite a trick to construct a cycloidal curve to 
go through a particular point P-where P may be any- 
where within the limits of the box in C-and with a 

specific slope at P.  There is a growing demand for this 
type of modification, and a new, simple, graphic tech- 
nique developed for meeting such requirements will be 
shown in the next issue.) 

Generating the modified cycloidals 
One of the few devices capable of generating the 

family of modified cycloidals consists of a double car- 
riage and rack arrangement (Fig 6A). 

The cam blank can pivot around the spindle, which 
in turn is on the movable carriage I .  The cutter cen- 
ter is stationary. If the carriage is now driven at con- 
stant speed by the lead screw, in the direction of the 
arrow, the steel bands 1 and 2 will also cause the cam 
blank to rotate. This rotation-and-translation motion 
to the cam will cause a spiral type of groove. 

For the modified cycloidals, a second motion must 
be imposed on the cam to compensate for the devia- 
tions from the true cycloidal. This is done by a second 
steel band arrangement. As carriage I moves, the bands 
3 and 4 cause the eccentric to rotate. Because of the 
stationary frame, the slide surrounding the eccentric is 
actuated horizontally. This slide is part of carriage II, 
with the result that a sinusoidal motion is imposed on 
to the cam. 

Carriage I can be set at various angles B to match 
angle /3 in Fig 5B and C. The mechanism can also be 
modified to cut cams with swinging followers. 

Circular-arc cams 
Although in recent years it has become the custom 

to turn to the cycloidal and other similar curves even 
when speeds are low, there are many purposes for which 

- h e / /  

A 

B 

C 

0 

,-- True cycloid ,, WILD?- 

t 
5. (A) 

- 
Corn rotofion 

Family of cycloidal curves: 
standard cycloidal mo- 

tion; (6) modification according 
to H. Alt; (C) modification accord- 
ing to P. Wildt; (D) comparison of 
velocity characteristics; (E) com- 
parison of acceleration curves. 
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circular-arc cams suffice. Such cams are composed of 
circular arcs, or circular arcs and straight lines. For 
comparatively small cams the cutting technique illus- 
trated in Fig 7 produces good accuracy. 

Assume that the contour is composed of circular arc 
I-2 with center at 02, arc 3-4 with center at 03. arc 
4-5 with center at 01, arc 5-6 with center at 04, arc 7-I 
with center at 01, and the straight lines 2-3 and 6-7. 
The method involves a combination of drilling, lathe 
turning, and template filing. 

First, small holes about 0.1 in diameter are drilled at 
01, 09, and 04, then a hole is drilled with the center at 02 
and radius of rz .  Next the cam is fixed in a turret 
lathe with the center of rotation at 01, and the steel plate 
is cut until it has a diameter of 2r,. This. takes care of 
the larger convex radius. The straight lines 6-7 and 2-3 
are now milled on a milling machine. 

Finally, for the smaller convex arcs, hardened pieces 
are turned with radii r l ,  rg, and r4. One such piece is 
shown in Fig 7B. The templates have hubs which fit in!o 
the drilled holes at 01, 03, and 04. Now the arc 7-1, 3-4, 
and 5-6 are filed, using the hardened templates as a 
guide. Final operation is to drill the enlarged hole at 01 
to a size that a hub can be fastened to the cam. 

This method is frequently better than copying from 
a drawing or filing the scallops away from a cam where 
a great number of points have been calculated to deter- 
mine the cam profile. 

Compensating for dwells 
One disadvantage with the previous generating devices 

is that, with the exception of the circular cam, they can- 
not include a dwell period within the rise-and-fall cam 

\ / 

-----’’. @ 
‘\ 

7 Technique for machining cir- 
9 cular-arc cams. Radaii re and 

rs are turned on lathe; hardened 
templates added to rt, rs, and r4 
for facilitating hand filing. 

Template 

Cam blank Lead screw 

Mechanisms for generating 
(A) modified cycloidal curves, 

and (B) basic cycloidal curves. 
bands I ond 2 fig. 5 

A 
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cycle. The mechanisms must be disengaged at the end 
of rise and the cam rotated in the exact number of de- 
grees to where the fall cycle begins. This increases the 
inaccuracies and slows down production. 

There are two devices, however, that permit auto- 
matic machining through a specific dwell period: the 
double-geneva drive and the double eccentric mech- 
anism. 

Double-genevas with differential 
Assume that the desired output contains dwells (of 

spccific duration) at both the rise and fall portions, as 
shown in Fig 8A. The output of a geneva that is being 
rotatcd clockwise will produce an intermittent motion 
similar to the one shown in Fig 8B-a rise-dwell-rise- 
dwell . . . etc. motion. These rise portions are distorted 
simple-harmonic curves, but are sufficiently close to the 
pure harmonic to warrant use in many applications. 

If the motion of another geneva, rotating counter- 
clockwise as shown in (C),  is added to that of the clock- 
wise geneva by m a n s  of a differcntial (D), then the sum 
will be the desired output shown in (A). 

The dwell period of this mcchanism is varied by shift- 
ing the relative position between the two input cranks of 
the genevas. 

The mechanical arrangement of the mechanism is 
shown in Fig 8D. The two driving shafts are driven by 
gearing (not shown). Input from the four-star geneva 
to the differential is through shaft 3; input from the 
eight-station geneva is through the spider. The output 
from the differential, which adds the two inputs, is 
through shaft 4. 

The actual device is shown in Fig 8E. The cutter is 
fixed in space. Output is from the gear segment which 
rides on a fixed rack. The cam is driven by the motor 
which also drives the enclosed genevas. Thus, the en- 
tire device reciprocates back and forth on the slide to 
feed the cam properly into the cutter. 

Genevas driven by couplers 
When a geneva is driven by a constant-speed crank, 

as shown in Fig 8D, it has a sudden change in accelera- 
tion at the beginning and end of the indexing cycle (as 
the crank enters or leaves a slot). These abrupt changes 
can be avoided by employing a four-bar linkage with 
coupler in place of the crank. The motion of the coupler 
point C (Fig 9) permits smooth entry into the geneva 
slot. 

Double eccentric drive 
This is another device for automatically cutting cams 

with dwells. Rotation of crank A (Fig 10) imparts an 
oscillating motion to the rocker C with a prolonged 
dwell at both extreme positions. The cam, mounted on 
the rocker, is rotated by means of the chain drive and 
thus is fed into the cutter with the proper motion. Dur- 
ing the dwells of the rocker, for example, a dwell is cut 
into the cam. 

-t 360deg lone cam cyciel 

n 
" I  I 

I I i ! B Four-statio" g e n i v +  i 

C Eigh t -  stat ion geneva 

8 Double genevas with differ- . ential for obtaining long 
dwells. Desired output character- 
istic (A) of cam is obtained by 
adding the motion (B) of a four- 
station geneva to that of (C) 
eight-station geneva. The me- 
chanical arrangement of genevas 
with a differential is shown in 
(D); actual device is shown in 
(E). A wide variety of output 
dwells (F) are obtained by vary- 
ing the angle between the driv- 
ing cranks of the genevas. 

foufpuf/ 

the cranks in genevas to ob- 
Four-bar coupler mechanism for re. 

tain smoother acceleration characteristics. 
9. placing . 
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hpuf 

5 
D Double geneva with d i f ferent ia l  

e- 90 A f35 - 360deg 

F Various. dwell resul tants  

10 Double eccentric drive for automatically cutting cams with dwells. 
Cam is rotated and oscillated, with dwell periods at extreme ends 

of oscillation corresponding to desired dwell periods in cam. 
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Balance Grooved Cams 
A quick analytical method for computing the rim cut needed 
to balance a cam, and a layout method for refining the results. 

R. F. Koen 

SYMBOLS 

A = area of segment, in.? 

C =constant= l .SD/R,  

d = depth of cam groove, in. 

D = cam follower diameter, in. 

E = unbalance moment, in.$ 

F = centrifugal force, Ib 

g 

h 

= gravitational constant, 32 ft/secr 

= radial width of periphery balance cut at 

= perpendicular distance from vertical axis of 
specific cam angle, in. 

cam to center of area segment 
L 

M = mass, Ib-secz/in. 

n = speed of rotating body, rpm 

riala, = maximum radius of cam groove, in. 

r ,  = radius of groove centerline on lighter side, in. 
r2 = radius of groove centerline on heavier side 

R ,  = radius to rim, in. 

R ,  = radius to center of balance cut (Rc = R,- h/2) 
T = thickness of cam, in. 

V = velocity, in./sec 

W = weight of body, Ib 

y ,  =feed-in dimension (radial displacement of cam follower) 01 

lighter side of cam (from cam displacement tables), in. 

yy = feed-in dimension on heavier side of cam, in. 
= density of cam material, Ib/in.a 

(diametrically opposite to r , )  in. 

\ 

HEN a machine is redesigned to W increase its productivity, the first 
approach is to boost its operating 
speed. What you invariably run up 
against, however, is the possiblity of 
destructive vibrations induced by un- 
balance o r  by velocity changes in the 
rotating parts. Frequently the culprits 
are cams-common machine elements 
-which create direct or indirect 
forces. 

Direct forces are those induced by 
the cam profile in accelerating the 
cam follower. We are not concerned 
here with profile design (see Editor’s 
Note for articles on this subject) but 
with indirect forces developed by the 
inherent unbalance of the cam, in par- 
ticular, a grooved cam. When the 
groove is machined, Fig 1, the plate 
becomes unbalanced with respect to 
rotation about the center, point 0. 
The solution recommended here is to 
nullify the unbalance by removing a 
porti-on of the rim. This “balance 
cut” (shown in color) is machined 
to the same depth as the depth of the 
groove-or the plate can be cast with- 
out the undesirable rim sector. 

Equations are presented here which 
determine, approximately, the varying 
radial width of the cut, h. A layout 
procedure is included. for checking the 
amount of balance error that will re- 
main if the original layout for the 
balance cut is followed through. A 
tabular method then pinpoints the ad- 
ditional modifications the original cut 
requiies. The result is an accurately 
balanced cam, as attested by the per- 
formance of dozens of cams we have 
machined and then checked with bal- 
ancing instruments. 

There are no restrictions as to the 
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type of cam curve that can be used 
with this method. However, as stated 
above, the method is directly applica- 
ble to groove cams only. Plate cams 
-those with the cam profile on the 
rim-cannot be balanced in the same 
manner (by simply removing material 
from the rim) because this will ob- 
viously obliterate part of the working 
profile. Lead inserts and drilled bal- 
ance holes are employed for this pur- 
pose and it is likely that they can be 
accurately located by suitably modify- 
ing the method given here. Such a 
modification is presently under study. 

In applying this method it is as- 
sumed that: 

1) The balance cut on the rim of 
the cam is relatively small and there- 
fore the difference between the rim 
radius, R,, and the radius to the cen- 
ter of the balance cut will be small. 

2)  The section to be cut can be 
considered a series of straight lines. 

3) The difference between the di- 
ameter of the cam follower and the 
width of the groove at the section cut 
is insignificant. 

Empirical equations 
For static equilibrium, the summa- 

tion of moments around 0 must be 
equal to zero; hence 

rlD + R,.h - rzD = 0 ( 1 )  

See Box on page 64 for definition 
of symbols. From Eq 1, the radial 
depth of the balance cut, h, is 

If y is the cam-follower radial dis- 
placement given in cam-displacement 
tables-or the feed-in dimension for 
machining the groove-then on the 
lighter side of the cam (the side where 
the groove is closest to the cam 
center) : 

and on the heavier side (diametrically 
opposite the lighter side) : 

r1 = rmaz - YI 

r? = rmaz - y2 
Substituting these values into Eq 2 

results in 

However, Eq 3 has been based on 
a two-dimensional analysis. It does 
not take into consideration moments 
either above or below the plane where 
the bottom of the cut is made (which 
is at  the same level as the bottom of 
the groove). By comparing the h val- 
ues of correctly balanced cams with 
the h values obtained from Eq 3 it 
was found that the measured h values 

were approximately 50% greater than 
the calculated values. Hence 3 is 
modified to read: 

The ratio 1.5D/R, is constant for 
any given cam; hence letting 

then 
C = 1.5D/R, (5) 

Layout method 
The advantage of employing Eq 6 

is that you can directly and quickly 
determine the h values from the cam 
displacement tables. These h values 
usually provide suitably balanced 
cams. For more critical applications, 
however, the layout procedure below 
will produce more accurately bal- 
anced cams. We have checked the re- 
sults of the method with our balanc- 
ing machines. This method is applied 
after the y values from the displace- 
ment table and the h values from Eq 6 
are determined. Referring to Fig 1: 

1)  Locate the datum line. This 
line (line 10-0) is perpendicular to 
the line of maximum unbalance (in 
the case of Fig 1, the line of sym- 
metry). 

2)  Lay out equal angular segments 
on the cam groove and on the rim 
balance cut. 

3) Measure the area of each seg- 
ment by a planimeter (areas A,, A,, 
and A). 
4) Locate the center of each area 

by construction. 
5) Measure the perpendicular dis- 

tances to the centers from the datum 
line (distances L,, L,, and La). 

6) Sum up the area moments on 
the balanced and unbalanced sides of 
the cam (PAL,, SAL,  and SAL,).  

7) Check for balance. If rim cut 
is of proper dimensions then the fol- 
lowing equation holds true: 

2AzLz - Z A i L  = ZA3L3 
8)  If this equation is not satisfied 

then constant C must be modified as 
follows: 

9 )  Compute new h values by em- 
ploying the equation 

h ,  = Cl(?j, - y2) (8) 
A more accurate balance cut can 

now be made by using these new 
values for h. Before actually ma- 
chining the cut, the new balance curve 
can be plotted on the cam and then 
checked by repeating the above pro- 
cedure. This can lead to a still more 

accurate balance; however, cams cut 
to first-generation h, valuer have 
proved highly satisfactory. 

Design example 
A shop layout drawing of an actual 

cam with D = 1.002 in., R, = 5.875 
in., and d = 0.687 in. is shown in Fig 
2. It is to be made of meehanite 
( p  = 0.260 lb/in.O). Cam speed n 
is equal to 400 rpm. The cam dis- 
placement diagram is shown above the 
layout drawing. Cam displacement 
values are given in Table I. 

From Eq 5 
C = 1.5(1.002)/5.875 = 0.255 
1) Determine the y-values per Table 

I. Values for only half the cam in 
this example need to be determined 

TABLE I .  .CAM DISPLACEMENT DATA 

POSI- DISPLACE- 
TlON ANGLE MENT. IN. 

0 
1 
2 
3 
4 
5 
6 
7 
8 
9 

10 
11 
12 
13 
14 
15 
16 
17 
18 
19 
20 
21 
22 
23 
24 
25 
26 
27 
28 
29 
30 
31  
32 
33 
34 
35 
36 
37 
38 
39 

0 
3 
6 
9 

12 
15 
18 
21 
24 
27 
30 
33 
36 
39 
42 
45 
48 
51 
54 
51 
60 
63 
66 
69 
72 
75 
78 
81 

87 
90 
93 
96 
99 

102 
105 
108 
111 
114 
117 

a4 

40 120 

240 
237 
234 
23 1 
228 
225 
222 
219 
216 
213 
210 
207 
204 
201 
198 
195 
192 
189 
186 
183 
180 
177 
174 
171 
168 
165 
'162 
159 
156 
153 
150 
147 
144 
141 
138 
135 
132 
129 
126 
123 
120 

0.000 
0.001 
0.006 
0.020 
0.045 
0.085 
0.139 
0.207 
0.286 
0.374 
0.467 
0.560 
0.653 
0.746 
0.838 
0.928 
1.018 
1.106 
1.192 
1.276 
1.358 
1.438 
1.515 
1.589 
1.660 
1.728 
1.792 
1.853 
1.909 
1.962 
2.010 
2.056 
2.096 
2.132 
2.163 
2.189 
2.211 
2.228 
2.241 
2.248 
2.250 
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Pbase P 

0 30 120 210 240 360 
Corn rototion, deg. 

360-deg. 

2 m .  CAM DISPLACEMENT DIAGRAM AND SHOP LAYOUT DRAWING. 
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TABLE 11. . BALANCING-ERROR ANALYSIS 

T.-i-"-islllr-5-iBlJ?_8--j911110_ Computing the balancing cut For displacement groove 
Displacement, Opposite Displacement, 

Y1 position Y:! Unbalance Balance 
(from Table 1) number (from Table I )  yI-y:! cut, h 

2.250 
2.228 
2.163 
2.056 
1.909 
1.728 
1.515 
1.276 
1.018 
0.746 

0 
0 
0 
0 
0 
0 
0 

0.001 
0.045 
0.207 

2.250 
2.227 
2.163 
2.056 
1.909 
1.728 
1.515 
1.275 
0.973 
0.539 

0.574 
0.568 
0.552 
0.524 
0.487 
0.441 
0.386 
0.325 
0.248 
0.137 

because the cam is symmetrical about 
the centerline. Diametrically opposite 
positions, however, do not have iden- 
tical displacement values. Diametric 
displacement values can be deter- 
mined from Table I as follows: 

Position 13 (39 deg of cam): 

Position 7(39 + 180 = 219 deg of 
~1 = 0.746 in. 

cam) : 
y2 = 0.207 in. 

Record the difference (y, - ys) in col- 
umn 5 of Table 11. 

2) Calculate the h values per Eq 6. 
For example, the depth of the balance 
cut at position 13 is 

h = 0.255(0.746 - 0.207) 
= 0.137 in. 

Hence multiply the values in col- 
umn 5 by 0.255 to obtain column 6. 
If a diametrically opposite side falls 
between two cam displacement posi- 
tions then the exact displacement 
value is determined by interpolation. 

3) Locate the line of maximum 
unbalance. This will be where the 
h value is maximum-in this prob- 
lem at position 40. The datum line, or 
vertical axis, as it is called, will be 
perpendicular to the line of maximum 
unbalance. 

4) Lay out equal angular segments 
-both on the cam groove and on the 
rim balance cut. 

5) Measure each area segment with 
a planimeter on the cam groove and 
on the balance cut. Record these 
values in Table 11, columns 7, 10 and 
13. Thus, for position 13: A, = 0.76, 
A, = 0.83, A, = 0.14 in.' 
6) Locate the center of each meas- 

ured area by construction. Measure 
normal distances from area center to 

Distance Product 
L1 A iLt 

2.90 

1.75 1'190 
0.948 
0.516 

ZA2Lr=11.812 

Area 
A:! 

0.40 
0.81 
0.81 
0.81 
0.81 
0.81 
0.81 
0.83 
0.82 
0.83 

- .~ 

vertical axis and record in Table 11. 
For position 13: L, = 0.68, L, = 
0.77, L, = 0.90 in. 

the centrifugal force due to the sum- 
mation of the unbalanced masses be- 
comes 

7 )  Multiply each area segment by 
its distance valne. For example, posi- 
tion 13: AIL, = (0.76)(0.68) = 
0.516 in.' 

8) Sum up each column of AL 
values. Thus 

ZAlLl = 11.812 

ZASLS = 15.367 
ZA& = 26.399 

9) Check for balance. Determine 
the magnitude of unbalance force at 
the operating speed of the cam. If the 
cam speed is relatively slow, and so 
develops small unbalance forces in 
operation, it may not be advisable to 
go to the expense of making a balance 
cut. Without a balance cut, the error, 
E, is equal to 

Eunbalanaed = ZAZla- ZAILI 
= 26.399 - 11 3 1 2  
= 14.fi87 in." 

With a balance cut the error is 
&,a,snoed = ZA&z- CA LLl - ZA 

= 26.399-11.81 2- 15.367 
=0.780 

The basic equation for centrifugal 
force is 

Converting to in.-lb-rpm units 

W ( 2 i ~ R n ) ~  
32.2(12) (3600)R F =  

F = 28.416 X 10-'((dpn2)E 
= (28.416)(10W) (0.687)(0.2(30) 

(400)2E 
F = 0.81E 
Without a balance cut the centrifugal 
force will be 

Funbalanced = (0.81)(14.587) 
= 11.8 lb 

With a balance cut 
Fbitlnnoed = (0.81)(0.780) 

= 0.63 Ib 

( A )  

E 
= 28.416 X (WRn2) 

' 

Weight W of a sector is equal to 
Adp. Also R can be replaced by L. 
Since error E = AL, the equation for 

3 m .  FOR PERFECT BALANCE, 
rim cut must be same depth 
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For opposite groove ____ ._____ 

Distance Product 
L2 AxL? 

5.12 2.045 
5.06 4.100 
4.87 3.943 
4.56 3.700 
4.15 3.360 
3.63 2.940 
3.01 2.439 
2.33 1.935 

0.77 0.639 
1.58 1.298 

~ _ _ _  For balancing cut Final corrected balancing cut 

ced Balanced cut, Area Distance Product 
A:&.% L ~ J  A :I 

0.22 5.59 1.230 
0.47 5 53 2.600 
0.49 5.33 2 610 
0.43 5.02 2 108 
0.42 4 55 1980 

0.32 3.38 1.082 
0.28 2.59 0.725 
0.18 1.77 0.318 
0.14 0.90 0.126 

. ~- - -  

0.42 4.00 1.680 

____ 
ZA:jL:%= 15.367 XA.{L:, 14.459 

10) Correct the initial balance-cut position 13, the previous value of 
h = 0.137 in column 5 will be re- 
placed by the value 

layout. With a balance cut on the 
rim, the unbalance force is onlv 0.63 
lb. . Because this force is smail it is 
probably not necessary to make a cor- 
rection in the C value and recalculate 
the h value. The correction is com- 
puted, however, for illustration pur- 
poses. From Eq 7: 

) 26.399 - 11.812 ( 15.267 

11) Recalculate the h values per 
corrected constant C. Example, for 

C1 = 0.255 

c1 = 0.242 

as groove. Full-width rim-cut 
causes unbalance moments. 

hi = 0.539(0.242) = 0.130 
This is entered into columr 17. 
12) Lay out the new rim balance 

cut. Use corrected h values. 
13) Determine new values for A, 

and L,. These are entered into col- 
umns 18, 19 and 20. Thus 

The final balance cut is shown at top 
of Fig 1. 

EA&, = 14.459 

14) Recheck for balance 
ZAzL2 - ZAIL1 - ZA.& = 0 

26.399-11.812-14.459- 
0.128 (unbalanced) 

The recheck for balance still does 
not yield perfect results; however, in- 
accuracies in methods of measurement 
to determine balance values easily ac- 
count for this small unbalance. The 
centrifugal force will be 

F = 0.81(0.128) = 0.01 Ib. 
Because the balance cut is made on 

the rim to the exact depth of the cam 
groove, the cam is dynamically as 
well as statically balanced. For ex- 
ample, in Fig 3A, a balance cut made 
to the depth of the cam groove places 
the centrifugal force, F,, due to the 
balance cut in the same normal plane 
as the unbalance force, F,, due to the 
groove. There is no dynamic couple 
acting on the shaft. 

If, however, the balance cut is made 
the full width of the cam blank, as 
in (B), the centrifugal force F,, due 
to the balance cut, and the centrifugal 
force F, acting at the midpoint of 
the groove will not line up. This pro- 
duces a dynamic couple Fe ( T  - d )  2. 

The cam in (B) is statically but not 
dynamically balanced. 

The machining of a balance cut is 
simplified by the fact that a radius 
usually can be found which will pass 
through most of the h points. If this 
is possible, the cam can be chucked 
off-center on a lathe and machined 
quite simply. If one radius does not 
suffice the balance cut can be made 
on a cam miller in a manner similar 
to the machining of the cam groove. 

A full-width balance cut, Fig 3B, 
is sometimes made to facilitate ma- 
chining; for example, a cut can be 
made with a band saw on a scribed 
line. In such cases, Eq 5 should be 
modified to read 

The Cam, of course, will not be 
dynamically balanced. 
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Computer and N/C Simplifies 
Cam Design 
Complex, ”exotic” cam curves can now be confidently specified without 
tedious calculations. And numerical control assures accurate machining 
of the chosen contours. 

Nicholas P. Chironis 

New technique produces wide variety of 
shapes, including barrel and cup cams. 

fast computer in tandem with a A specially designed numerical- 
control converter is opening up new 
versatility in cam design. No longer 
need the designer fear-and shun 
-the complex, “exotic” cam curves 
in favor of the older and more 
familiar ones. 

The more complex curves entail 
long, tedious calculations to plot a 
series of coordinates for the con- 
tours. Moreover, machining such 
contours is slow and expensive un- 
less numerical control can be used. 

Making it easy. With the equip- 
ment and design procedure devel- 
oped by Cam Technology, Inc., 
Elmsford, N.Y., a Cam Tech engi- 
neer can take a cam drawing 
(photos left) and read off the desired 
displacement requirements of the 
follower. He punches the dimen- 
sional data into the computer, plus 
the type of cam curve he judges 
best for the application, and out 
comes a long punched tape com- 
pletely designing the cam. 

This paper tape is fed into the 
special N/C converter, which can 
be wheeled up to operate any stand- 
ard high-precision jig borer and jig 
grinder. With this technique, 
mathematically precise contours 

and unusual cam configurations 
have been made to tolerances i,i the 
ten-thousandths of an inch. 

The function of a cam, of course, 
is to displace a follower by a speci- 
fied linear or angular distance while 
the cam itself rotates a specific 
amount. Simple as this may seem, 
the variety of possible cam types 
and profiles is almost endless. Each 
design engineer, though, has his 
own preferences. 

To simplify the drawing specifi- 
cations, Theodore Weber, Cam 
Tech’s president, set up the com- 
puter-converter system to solve a 
cam problem in three phases: 
(1) operational requirements, (2) 
cam profile selection, and (3) link- 
age conversion. 

Operational specifications. The 
first item is simply the designer’s 
basic requirements, relating the dis- 
placement of a point in the follow- 
er linkage to camshaft rotation. 

In the drawing (p 52), a machine 
part must move a distance y while 
the cam rotates an angle 6. This 
motion is pictured in linearized 
form as moving a plunger vertically 
the distance y. 

For most cams, only the coordi- 
nates of the beginnings and ends of 
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1 Point of interest \ Follower 

1. Designer’s displacement 2. Linearization of the 3. Matching cam curve 
requirements cam profile to end requirements 

segments peed be given, such as the 
location of the points A and B. For 
“function” type cams, in which a 
certain mathematical relationship 
between input and output must be 
maintained, the equation or equa- 
tions governing this relationship 
must also be specified. 

Curve selection. Many curves 
can be employed to move the plun- 
ger for the portion of the cam pro- 
file, A-B. Some are common, 
some are less known. To the eye 
they look the same-but they pro- 
duce very different dynamic effects 
on the follower. One curve may 
cause high acceleration forces, an- 
other may induce an abrupt change 
in acceleration, and still another 
may cause dangerous vibrations. 

Cam Tech programmed into the 
computer dozens of cam curves, so 
the designer need only specify the 
type of curve he prefers. Moreover, 
all the curves have been converted 

into more involved generalized 
forms to fit any type of slope ter- 
mination. A cycloid curve, for ex- 
ample, can be asked to match, with 
ease, constant-velocity portions 
(drawing, above). 

Linkage conversion. The conver- 
sion of linearized data to the spe- 
cialized linkage arrangement that a 
designer may require involves even 
more complex calculations than 
those for the cam profile itself. The 
endless variety of linkage arrange- 
ments between cam and point of 
application would seem to make 
the computerization of such a con- 
version a hopeless task. 

However, experience has shown 
that the vast majority of linkages 
fall into on* of four classifications: 
the three shown in the drawing 
below as Types A, B, and C and 
the connecting-rod type in the 
drawing above. 

Many seemingly unrelated types 

of follower linkage will fall into one 
of the above categories. For in- 
stance, if a flat face on the follower- 
arm branch pushes the curved sur- 
face on a slider (Type D), it is 
only necessary to complete the 
circle of that curved surface to note 
that this shape comes under Type 
B. Similarly, a curved face that 
pushes a straight face on the slider 
(Type E) falls under Type C. 

Further transformations are nec- 
essary when the follower diameter 
is not also a feasible cutter diam- 
eter. The follower may, for instance, 
be flat, or the contour may be speci- 
fied at the cam surface. Parallel- 
curve transformation is then used to 
define a feasible cutter path. 

Pick a curve. Cams are often the 
limiting factor in determining how 
fast a machine can be operated con- 
tinuously. A poorly selected profile 
can produce high dynamic loads 
and vibration at high speeds that 

A B C D E 

Computer must transform basic curve into desired follower4 nkage system. Majority of linkages fall into these types. 



can literally rip any machine apart. 
Parabolic curve. This will pro- 

duce the lowest maximum accelera- 
tioh. Its equation, for the first half 
of the follower motion, y ,  is: 

y = 2 h (  ;) 
where h = maximum rise of 

follower, in. 
0 = cam-angle rotation for 

follon-rr displacement, 
Y 

0 = total cam-angle rota- 
tion 

The shape of its acceleration is 
rectangular (drawing, below) with 
an abrupt change from positive ac- 
celeration to negative acceleration 
(deceleration). This change, some- 
times called “infinite jerk,” can in- 
duce transient shock waves that are 
especially destructive if there is 
any looseness in the system. 

The parabolic curve, therefore, 
should be limited to low-speed ap- 
plication. It is still specified by 
some machine tool builders, but it 
is Weber’s recommendation that 
this curve be avoided whenever 
possible. 

Simple harmonic curve. This is 
both easy to calculate and to con- 
struct graphically. It eliminates the 

midpoint transient of the parabolic 
(at a cost of a 23% higher accelera- 
tion), but it unfortunately also pro- 
duces an abrupt change in accelera- 
tion in the beginning and end of its 
cycle. With the new computer tech- 
niques, fewer designers should be 
calling for this type of curve. Its 
equation is: 

y = ! 2 [ 1 - cos ( ;)I 
The cubic curve shown in the 

diagram also suffers from an abrupt 
change in the ends of the cycle. 

Cycloidal curve. This is a favor- 
ite among many designers because 
it has no abrupt changes in accelera- 
tion and gives low vibration, noise, 
and shock. Many designers formerly 
shunned this curve because it called 
for a higher degree of machining 
accuracy than did those previously 
described. To a mathematician, its 
equation reveals its inherent com- 
plexity: 

r 

Third harmonic curve, This is a 
curve derived by Weber that can be 
tailored to  operate below the na- 

/Cycloidal 

hird harmonic 
t 

Simple harmonic 

0 

Analysis of five types of cam profile shows that the parabolic, long favored by 
machine designers for its low maximum-acceleration values, produces an abrupt 
change in acceleration. So do the cubic and simple harmonic profiles. The cy- 
cloidal is smooth, but the little-known third harmonic performs still better. 
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tural frequency of the follower sys- 
tem and thus can avoid resonance. 
It is actually a modified cycloidal 
curve, obtained by introducing a 
small third-harmonic component in 
the cycloidal curve to reduce the 
peak acceleration to  1.28 times the 
parabolic peak (the cycloidal peak 
acceleration is about 1.57 times that 
of the parabolic peak). Its equation 
is : 

This curve is Weber’s favorite. 
It produces smaller dynamic loads 
than the cycloidal curve (drawing) 
and smaller vibration amplitudes 
than all othcr curvcs except the 
cycloidal. 

Still other curves are preferred 
by some engineers, including the 
so-called “3-4-5” polynomial: 

Special N/C controllers. To ob- 
tain the needed accuracy for cam 
fabrication, Weber had to develop 
his own N/C control center. 

Most digital N / C  types move 
from point to point in small steps, 
with a feedback system that rounds 
off the error. The analog N/C‘s 
produce a smoother curve, but they 
do not have the accuracy of the 
digital types. 

Weber, therefore, was forced to 
design a special hybrid system com- 
bining the smoothness of the analog 
system with the accuracy of the 
digital system. This control system, 
working in a team with Weber’s 
computer, typically processes one 
information datum each tenth of a 
degree, or  3600 data points per 
complete cam revolution. These 
data are processed at a rate of five 
per second, compared with approxi- 
mately one per second for most 
N/C systems. 
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Theory of Envelopes: 
Cam Design Equations 
These profile and cutter-coordinate equations for six types 
of cam accept any lift requirements. Included are details on 
applying the envelope theory to other types. 

Dr. Roger S. Hanson & Frederic T. Churchill 

NALYTICAL determinations of cam profiles and cut- no longer be a deterrent. When high-speed, heavy-inertia A ter coordinates are usually subordinated to graphical loads or accurate positioning are design requirements, the 
techniques because of the voluminous CalcuIations designer now has a choice between the analytical ap- 
required. In recent years, with the widespread use of proach and the graphical. He is limited only by the 
high-speed computing equipment, these calculations need ability of present-day machine tools to reproduce the . 

SHADOWGRAPH CHECKS CAM ACCURACY TO f 0.OOOS IN. MAaNlFlCATlON lox. 



accurate specifications he has made for the cam profile. 
The theory of envelopes has not been employed to 

any extent in cam design-yet it is a powerful analytical 
tool. The theory is illus:rated here and then applied to 
the development of profile and cutter-coordinate equa- 
tions for the six major types of cams: 

Flat-face follower cams 
0 Swinging in-line follower 

Swinging off-set follower 
Translating follower 

Translating follower 
Translating off-set follower 

0 Swinging follower 

Roller-follower cams 

The design equations for these cams (the profile and 
cutter-coordinate equations) are in a form that accepts 
any profile curve-such as the cycloidal or harmonic 
curve-or any other desired input-output relationship. 
The cutter-coordinate equations are not a simple varia- 
tion of the profile equations, because the normal fine 
at the point of tangency of the cutter and the profile 
does not continually pass through the cam center. We 
had need for accurate cutter equations in the case of a 
swinging flat-face follower cam. The search for the 
solution led us to employ the theory of envelopes. A 
detailed problem of this case is included to illustrate the 
use of the design equations which, in our application, 
provided coordinates for cutting cams to a production 
tolerance of &0.0002 in. from point to point, and 
0.002-in. total over-all deviation per cam cycle. 

The question will come up whether computers are 
necessary in solving the design equations. Computers 
are desirable, and there are many outside services avail- 
able. Calculations by hand or with a desk calculator 
will be time consuming. In many applications, however, 
the manual methods are worth while when judged by 
the accuracy obtainable. The designer will undoubtedly 
develop his own short cuts when applying the manual 
methods. 

Application to visual grinding 
The design equations offered here can also be put to 

good advantage in visual grinding. Magnification is 
limited by the definition of the work blank projected on 
the glass screen. On a particular visual grinder, the 
definition is good at a magnification of 30X, although 
provision is made for 50X. Using Mylar drawing film 
for the profile, which is to be k e d  to the ground-glass 
screen, a 30X drawing or chart of portions of the cam 
profile can be made. Best results are obtained by 
locating the coordinate axis zero near the curve segment 
being drawn and by increasing the number of calculated 
points in critical regions to YZ or %-deg increments for 
greater accuracy. (Interpolation between points specified 
in 2-deg intervals by means of a French curve, for 
example, suffers in accuracy.) This procedure facilitates 
checking a cam with a fixture employing a roller, be- 
cause the position of the roller follower can be specified 
simultaneously with the profile point coordinates. 

The real limitation in visual grinding is the size of 
ground-glass field and the limited scope of blank profile 
which can be viewed at  one time. If 30X is the magnifi- 
cation for good definition, and the screen is 18 in., 
the maximum cam profile which can be viewed at one 
time is 18/30 = 0.60 in. If the layout is drawn 30 
times size and a draftsman can measure rtO.010 in., the 
error in drawing the chart is 0.010/30 = +0.0003 in. 
In addition, the coordination of chart with cam blank, 
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f mvelope kc-‘ y = - l  

I S  . . LINEARLY MOVING CIRCLES 

The theory of envelopes is a topic in calculus not 
always taught in college courses. It is illustrated here 
by two examples, before we proceed to apply to it cam 
design. 

The envelope can be defined this way: If each member 
of an infinite family of curves is tangent to a certain 
curve, and if at each point of this curve at least one 
member of the family is tangent, the curve is either a 
part or the whole of the envelope of the family. 
Linearly moving circle 

equation 
As the first example of envelope theory, consider the 

(x - c y  + (y)Z - 1 = 0 (1) 

This represents a circle of radius 1 located with its 
center at x = c, y = 0. As c is varied, a series of circles 
are determined-the family of circles governed by Eq 1 
and illustrated in Fig 1A. 

Eq 1 can be rewritten 

f(x, Yt c) = 0 (2) 
It is shown in calculus that the slope of any member 
of the family of Eq 2 is 

This may be written 

(4) 

( 5 )  

This slope relation holds true for any member of the 
family. If another curve (the envelope) is tangent to 
the member qf the family at a single point, its slope 
likewise satisfies Eq 5. 
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1B . . SHELL TRAJECTORY I C  . . PARABOLIC ENVELOPE OF TRAJECTORIES 

It is also shown in calculus that the total dzerential of 
Eq 2 is 

or df d x  df d y  af 
__I +- -+ -=o  
dx dc b y  dc dc 

From Eq 5 and 6, the general equation for the envelope is 

(7) 

The envelope may be determined by eliminating the 
parameter c in Eq 7 or by obtaining x and y as func- 
tions of c. (The point having the coordinates at x and 
y is a point on the envelope, and the entire envelope 
can be obtained by varying c.)  

Returning to Eq 1 and applying Eq 7 gives 

= 2 ( x  - c) (-1) + 0 - 0 = 0 
Therefore x = c.  Substituting this into Eq 1 gives 

y = el. Thus the lines y = +1 and y = -1 are the 
envelopes of the family of Eq 3. This, of course, is 
evident by inspection of Fig 1. 

Shell trajectories 
As a second example of envelope theory, consider the 

envelope of all possible trajectories (the range envelope) 
of a gun emplacement. If the gun can be fired at any 
angle a in a vertical plane with a muzzle velocity v,, 
Fig lB, what is the envelope which gives the maximum 
range in any direction in the given vertical plane? Air 
resistance is neglected. 

The equation of the trajectory is 

(8) 9x2 y = x tan a - - (1 + tan2 a) 2v,2 

where v o  = muzzle velocity 
t = time 

g = gravitational constant 
Eq 8 is derived as follows: 

y = v o  sin at - $gt2 

where 

t = - = 2  X 
v, v o  cos a 

Substituting this value of t into Eq 9 gives 

(9) 

which can be readily put in the form of Eq 8. 

the equation: 
Rewriting Eq 8 so that all factors are on one side of 

9x2 (1 + tan2 a)  - y = 0 (12) 
2v. f ( x , y , a )  = x tan a,- 

Thus 

Solving Eq 13 for tan a gives 

V 2  tan a = - 
gx 

Eliminating the parameter a by substituting this value 
of tan a into Eq 8 yields the envelope of the useful 
range of the gun, 

v2 9x2 
y = 2 g - 2 U , 2  

which is a parabola, pictured in Fig 1C. 



SYMBOLS 

b = y-intercept of straight line 
c = linear-distance parameter 
e = offset of flat-face or roller follower 
f = function notation 
g = gravitational constant 

J = [(rb + rf)2 - e21112 

L = lift of follower 

m = general slope of straight line 

r ,  = distance between pivot point of swing- 
ing follower and cam center 

T b  = radius of base circle of cam 
rc = radius of cutter 

R, = radius vector from cam center to cut- 
ter center. Employed in conjunction 
with w 

H = T b  + T j  + L  

n i = + - e + e  

N = ~ - + - P  

r j  = radius of roller follower 
rT = length of roller-follower arm 

vo = initial (muzzle) velocity 
t = time 

x, y = rectangular coordinates of cam profile, 
or of circle or parabola in examples on 
envelope theory 

xc, yc = cutter coordinates to  produce cam 
profile 

_ -  a - total derivative with respect to x 
dx 

- -  a - partial derivative with respect to x ax 
a = angle of muzzle inclination in trajec- 

tory problem; also angle between 
x-axis and tangent to cutter contact 
point 

p = maximum lift angle for a particular 
curvesegment = e,,, 

w = angular displacement of cutter center, 
referenced to zero at start of cam pro- 
file rise. Employed in conjunction 
with R,. 

B = angular displacement of cutter, ref- 
erenced to x-axis, with the cam 
considered stationary (for specifying 
polar cutter coordinates); e = tan-1 
(yc/xc); also e = w when rise begins 
at x-axis as in Fig. 7. 

e = cam angle of rotation 
+ = angular rotation or lift of the follower, 

usually specified in terms of e 
\E = angle between initial position of face 

of swinging follower, and line joining 
center of cam and pivot point of fol- 
lower (a constant) 

X = maximum displacement angle of fol- 
lower arm 
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the condition of the machine, and the operator’s degree 
of skill all add some error. In a particular segment, 
the operator can grind r+0.0003 in., but when the chart 
and work piece are moved to the next profile segment 
they must be properly coordinated to take advantage of 
the grinder’s skill and to prevent discontinuities that can 
affect seriously the dynamic characteristics of the cam. 

FLAT-FACE FOLLOWERS 

The theory of envelopes is now applied to finding 
the design equations for cams with flat-face followers. 
In general: 

1 ) Choose a convenient coordinate system-both rec- 
tangular and polar coordinates are given here. 

2.  Write the general equation of the envelope, involv- 
ing one variable parameter. 

3)  Differentiate this equation with respect to the vari- 
able parameter and equate it to zero. The total derivative 
of the variable usually suffices (in place of the partial 
derivative). 

4) Solve simultaneously the equations of steps 2 and 
3 either to eliminate the parameter or to obtain the 
coordinates of the envelope as functions of the parameter. 

5 )  Vary the parameter throughout the range of inter- 
est to generate the entire cam profile. 

Flat-face in-line swinging follower 
Flat-face swinging-follower cams are of the in-line 

type, Fig 2, if the face, when extended, passes through 
the pivot point. The initial position of the follower 
before lift starts is designated by angle +. This angle is 
a constant and can be computed from the equation 

where 
r.. = distance between cam center and pivot point 

measured along x-axis 

rb = radius of base circle of cam 
The angular rotation or “lift” of the follower, 4, is 

the output motion. I t  is usually specified as a function 
of the cam angle of rotation, 0. Thus 0 is the inde- 
pendent variable and 4 the dependent variable. 

A well-known analytical technique is to assume the 
cam is stationary and the follower moving around it. 
Varying 0 and 4 and maintaining I# constant produces 
a family of straight lines that can be represented as a 
function of x,  y ,  8, 4. Since 4 is in turn a function of e, 
essentially there is 

f(x,Y,e> = 0 (15) 
This is the form of Eq 2. Thus to obtain the envelope 

of this family, which is the required cam profile, on:: 
solves simultaneously Eq 15, and 

(16) 

The first step is to write the general form of the equa- 
tion of the family. We begin with 

y = m x + b  (17) 



18-22 

Where b is the y-intercept and m the slope. In this case, 
m is equal to 

m = - t a n ( + -  e + * )  (18) 

Hence 

Also 
x = ra COS e 
y = r ,  sin 0 

Solving for b results in 

b = r,[sin e + cos e tan ( 4  - 0 + *)I (20) 

Therefore 

f(x,y,e) = Y + tan ( 4  - e + \E) 

(X - r ,  cos e) - ra sin e = 0 (21) 

This equation is in the form of Eq 15. It is now dif- 
ferentiated with respect to 8: 

$'- = t an  ( 4  - e + q ) r a  sin e + dB 

(z - r ,  cos B)[sec2 ( 4  - 0 + q)] 

For simplification in notation, let 

~ = d - e + q  
The rectanguiar coordinates of a point on the cam 

profile corresponding to a specific angle of cam rotation, 
8, are then obtained by solving Eq 21 and 22 simultane- 
ously. The coordinates are 

COS ( e  + M )  COS M z = r ,  COS e + 
__- d 4  1 dB 

L -I 

COS ( e  + M )  cos M 
_.- C l 4  1 d0 

L --I 

As mentioned previously the desired lift equation, Q, 
is usually known in terms of 0. For example, in a 
computer a cam must produce an input-output relation- 
ship of Q = 28". In other words, when 6' rotates 1 deg, 
Q rotates 2 deg; when 8 rotates 2 deg, 4 rotates 8 deg, 
etc. Then 

4 = 282 
and 

2 . . Flat-face swinging-follower cam with line of 
follower face extending through pivot point. 

Offsef follower faces r + e  A 

Fol/ower 
pivof 

3 . . Two types of offset flat-face follower. 

yc (cutter coaro?nafesj 

Cam center 

Norma/ fhrough points 

4 . . Cutter coordinates for flat-face swinging followcr. 



Substituting the value of C$ into the equation for m, 
and the value of d4/dO into Eq 23 and 24 gives x and 
y in terms of 8. 

Where the lift equation must also meet certain velocity 
and acceleration requirements (as is the more common 
case), portions of analytical curves in terms of 4, such as 
the cycloidal or harmonic curves, must be used and 
matched with each other. A detailed cam design problem 
of an actual application is given later to illustrate this 
technique. 

Offset swinging follower 
The profile coordinates for a swinging flat-faced fol- 

lower cam in which the follower face is not in line 
with the follower pivot, Fig 3, are 

' O s  (e  + M ,  
d d  - cosM I + e s i n M  (25) 

L 
' O s  (e M ,  sin M + e COS M (26) 1 L -I 

where e = the offset distance between a line through 
the cam pivot and the follower face. Distance e is con- 
sidered positive or negative, depending on the configura- 
tion. In other words, the effect of e in Eq 25 and 26 
is to increase or decrease the size of the in-line follower 
cam. When e = 0, Eq 25 and 26 simplify to Eq 23 
and 24. 

Cutter coordinates 
For cam manufacture, the location of the milling 

cutter or grinding wheel must be specified in rectangular 
or polar coordinates-usually the latter. 

The rectangular cutter coordinates for the in-line 
swinging follower, Fig 4, are 

x. = x + rc sin M 

y, = y + rc cos M 
(27) 

(28) 

where 

x, y = profile coordinates (Eq 23 and 24) 
I 

rc = radius of cutter 

The polar coordinates are 

R, = (x2 + yc2)1'2 (29) 

(30) w = 90" - (\E + E )  

where 
E =  angular displacement of the cutter with respect 

to the x axis, and with the cam stationary. 
O= angular displacement of the cutter center refer- 

enced to zero at the start of the cam profile rise, for cam 
specification purposes and convenience in machining. 

The angles, 0, and the corresponding distances, R,, are 
subject to adjustment to bring these values to even 
angles for convenience of machining. This will be illus- 
trated later in the cam design example. 
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r Cufter 

5 . . Radial cam with flat-face follower. 

For offset swinging follower, the rectangular coordi- 
nates of the cutter are 

x. = x + rc sin M 
yo = y + re cos M 

(32) 

(33) 

and the polar cutter coordinates are 

R, = (x? + ~?)l'z (34) 

Flat-face translating follower 
The follower of this type of flat-face cam moves 

radially, Fig 5. The general equation of the family of 
lines forming the envelope is 

where 
y = m + b  

m = cos 8 

L = lift of follower 

x = ( r b  + L) cos e 
y = ( r b  + L)  sin e 
b = ( r b  + L)/sin e 

Hence 

Therefore 

f(x,y,e) = y sin 0 + x cos e - ( r b  + L) = 0 (37) 

and 

dL df - y cos e - x sin e - - = 0 d0 de 
- -  (38) 
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,- Roller follower 

6 . . Positive-action cam with double envelope. 

The profile coordinates are (by solving simultaneously 
Eq 37 and 38): 

(39) 
d L  
d 0  2 = (rb + L)  cos 0 - - sin 0 

(40) 
d L  
d 0  y = ( r b  + L)  sin 0 + __ cos e 

where L is usually given in terms of the cam angle 0 
(similar to 4 for the swinging follower). 

The rectangular coordinates are 

zc = 2 + rc  cos 0 

yc = y + r E  sin 0 

(41) 
(42) 

Polar coordinates of profile points are obtained by 
squaring and adding Eq 39 and 40: 

Cutter coordinates in polar form are obtained by squar- 
ing and adding Eq 41 and 42. 

Y o  
w = tan-' - 

5.2 

d L  
d 0  
(EL 

( r b  + L + r,) sin 0 + - cos 0 

( T b  + 1, + r,) cos 0 - -- sin 0 
de  

= tan-' 

(44) 

7 . . Radial cam with roller follower. 

ROLLER FOLLOWERS 

In determining the profile of a roller-follower cam by 
envelope theory, two envelopes are mathematically pos- 
sible-one the inner, profile envelope and the other an 
outer envelope. If a positive-action cam is to be 
constructed, Fig 6,  both envelopes are applicable, since 
they constitute the slot in which the roller follower 
would be constrained to move to give the desired output 
motion. 

The equations for three types of roller-follower cams 
a,re derived below. 

Translating roller follower 

for this type of cam, Fig 7, is equal to: 
The radial distance, H ,  to the center of the follower 

where 

rf = radius of the follower roller 

r b  = base circle radius 

L = lift = L(0) 

The general equation of the envelope is 

(Z - H cos + (y - H sin e)z  - rf2 = 0 (45) 

The profile coordinates are (by applying d/d0 = 0 and 
solving for y and x): 

d L  H s i n e - - - c o s 0  + H -  d 0  dL ] d 0  

H cos 0 + -sin 0 
(46) d L  

d 0  

Y =  
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and 

x = H c o s 8 *  TI 
d L  + sin 8 - ; cos >]”’ 

(47) 
H-cos 8 + - ~~ sin 0 

where 

d L  dH 
d8 d0 
-- = __ 

Here the plus-minus ambiguity may be resolved by 

H = r b  + r j  
examining 8 = 0 when x = rb.  At this point 

and 
x = rf + rb * r j  

Only the negative sign is meaningful in the above 
equation; thus the negative sign in Eq 47 establishes the 

8 . . Swinging roller-followw cam. 

inner envelope, and the plus sign the outer envelope, 
which in this case is discarded. 

The final equation for y can be computed by sub- 
stituting Eq 47 into 46. 

Rectangular coordinates of the cutter are 

(48) 

(49) 
r 
71 

y E  = y + 2 (H sin 8 - y) 

Polar coordinates of the cutter are 

R, = (x2 + y,2)1’2 (50) 

E = tan-’ E (551) 
X C  

Swinging roller follower 

equal to 
This type of cam is illustrated in Fig 8. Angle $ is 

The general equation of the family is 

[x - r ,  cos 8 + rr cos NI2 + 
[y - r ,  sin 0 + r ,  sin N]2 - = 0 (53) 

where 

N = 8 - + - *  

The profile coordinates are (by the method outlined 
for the translating roller follower) : 

x ra sin 0 - rr  (1 - -$:-) sin N ]  
(54) dl$ 

[ Y =  
ra cos 0 - r,  (I - z) cos N 

and 

x = ra cos 8 - rr cos N + 

Referring to the 4 sign, the negative sign gives the 
actual cam profile; the positive sign produces an outer 
envelope. The equation for y can be computed by sub- 
stituting Eq 55 into 54. 

The rectangular cutter coordinates are: 

9 . . 0 8 s e t  radial-roller cum. 



18-26 

where x ,  and y , ,  the coordinates to the center of cutter, 
are equal to 

X~ = T,  COS e - r ,  cos N 
yf = T ,  sin 0 - r,  sin N 

The polar cutter coordinates are 

R,  = (22 + ~ 2 ) " '  . (58) 

Translating offset roller follower 
The roller follower of this type of'cam, Fig 9, moves 

radially along a line that is offset from the cam center by 
a distance e. 

[x - e sin 0 - (J + L) cos el2 + 
The general equation of the envelope is 

[y + e cos 0 - (J  + L)  sin e]' - rr' = 0 (60) 

where 

J = [ ( r b  + r,)? - e2]'/2 

The profile coordinates are (by applying d/dB = 0, 
and solving for y and x )  : 

(J+L)cos e + ( e + g )  sin e (6 1) 
Y =  

x = e sin 0 + (J  + L) cos tJ * 

Tf- 

Here again the negative sign of the plus-minus am- 
biguity is physically correct. The plus sign produces the 
outer envelope. 

Final equation for y can be obtained by substituting 
Eq 62 into 61. 

The rectangular cutter coordinates are 

r ,  
Y c  = Y + - (Yr - Y) 

Tf 
(64) 

where 

xf = e sin e + (J + L) cos e 
Yr = --e cos e + (J + L) sin e 

The polar cutter coordinates are the same as Eqs 58 and 
59. 

NUMERICAL EXAMPLE 

The design specification 
We have recently applied the cam equations to the de- 

sign of a flat-faced swinging follower with face in line 
with the follower pivot. The follower oscillates through 
an output angle, X, with a dwell-rise-fall-dwell motion. 

The angular displacement of the follower arm is speci- 
fied by portions of curves which can be expressed as 
mathematical functions of the angle of rotation of the 
cam. The specified angular motion of the arm consists 
of a half-cycloidal rise from the dwell, followed by 
half-harmonic rise and fall, and then by a half-cycloidal 
return to the dwell, as shown in Fig 10. Each region is 
31.5 deg; the total cycle is completed in 126 deg. 

Also included are the general shape of the follower 
velocity and acceleration curves, which result from: 1) 
the choice of curves, 2) the stipulation that the cam 
angle of rotation, /3, for each curve segment be equal, 
and 3) the stipulation that the angular velocity at the 
matching points of the curves be the same for both 
curves. The cam is to rotate in the counterclockwise 
direction. It is to be specified by polar coordinates, R,, 
O, in 1-deg increments. 

Half - cyc/oid Ha/f - hormomc H d f  -harmonic Hdf  - cycloid 
rise rise fa// foll 

-126' -94.5' -63O -315O O%unferc/ockwise, -B 
(0) ($31.5') ( t 63 " )  (t94.5O) ~t126a~~~Clockwise,  t B  

10 . . Cam design problem, illustrating cam layout, 
top, phase diagrams, center, and displacement diagram. 
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The equations of angular displacement for the four 
regions, or curve segments are 

RSmg-region 1 (half-cycloid) 

Rising-region 2 (half-harmonic) 

@Z = ac + a ~ s i n  90 X - ( O *;) 
Falling-region 3 (half-harmonic) 

Falling-region 4 (half-cycloid) 

44 = ac [ ; : (  1 - - - - sin 180" X - ;)] 
where 

A =  

010 = 

an = 

P =  

8 =  

d = f(0) = 

Subscripts : 

maximum displacement angle of follower 
arm = 2.820,997,8 deg 

half-cycloidal angle of displacement of 
follower = 1.240,958,6 deg 

half-harmonic angle of displacement of 
follower = 1.580,039,2 deg 

e maximum = maximum lift angle for a 
particular curve segment = - 31.5 deg 

cam angle, degree of counterclockwise 
rotation, or in a negative direction 

instantaneous angle of displacement of 
the follower 

1 = half-cycloidal, rising 

2 = half-harmonic, rising 

3 = half-harmonic] falling 

4 = half-cycloidal, falling 

Also given are: 
r. = 3.2.5 in. 

r b  = 1.1758 in. 

9 = 21.209,369,3 deg 

For illustrative purposes, however, the computations 
are rounded to four decimal places. 

Solution 
Eq 23 and 24 will give the x and y coordinates of 

the profile. The derivative, d+/dO, is also the angular 
velocity of the follower. 

The computations for locating the proEle when 0 = 
-40 deg are presented below. All angles are in degrees: 

3 = 1.2406 + 1.5800 

= 1.8908 deg 

= -0.0718 

M = 4 - e + \k = 1.8909 - (-40) + 21.2094 

= 63.1002 deg 

From Eq 23: 
- - 

~0~(63.1002-40)~0~(63.1002) 
(-0.718-1) s_4o0=3.25 COS( -40) + 1 

= 1.2278 in. 

Similarly, from Eq 24: 

y = 0.3983 in. 

The cutter coordinates are obtained by means of Eq 27 
through 31, and 

z c = z + r c s i n M  

= 1.2278 + 1.5 sin 63.1002 = 2.5655 in. 

yc = y + rc cos M 

= 1.0769 in. 

R ,  = (z.,2 + y.,2)1/z = [2.5655' 4- 1.07692]"2 

= 2.7823 in. 

= tan-' -- 0796 = 22.7713 deg 
2.5655 

w = 90 - (9 + E) 
= go - (21.2094 + 22.7713) = 46.0193 deg 
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Cams and Gears Team Up 
- 

in Programmed Motion 
Pawls and ratchets are eliminated in this design, which is adaptable 
to the smallest or largest requirements; it provides a multitude of 
outputs to choose from at low cest. 

Theodore Simpson 

A new and extremely versatile 
mechanism provides a programmed 
rotary output motion simply and in- 
expensively. It has been sought 
widely for filling. weighing. cutting, 
and drilling in automatic and vend- 
ing machines. 

The mechanism, which uses over- 
lapping gears and cams (drawing be- 
low), is the brainchild of mechanical 
designer Theodore Simpson of 
Nashua, N. H. 

Based on a patented concept that 
could be transformed into a number 
of configurations , PRIM 
(Programmed Rotary Intermittent 
Motion), as the mechanism is called, 
satisfies the need for smaller devices 
for instrumentation without using 
spring pawls or ratchets. 

It can be made small enough for 
a wristwatch or as large as required. 

Versatile output. Simpson reports 
the following major advantages: 

Input and output motions are on 
a concentric axis. 

*Any number of output motions 
of varied degrees of motion or dwell 
time per input revolution can be pro- 
vided. 

*Output motions and dwells are 
variable during several consecutive 
input revolutions. 

*Multiple units can be assembled 
on a single shaft to provide an al- 
most limitless series of output mo- 
tions and dwells. 

*The output can dwell, then snap 
around. 

How it works. The basic model 

Basic intermittent-motion mechanism, at  left in drawings, goes through the rotation sequence as numbered above. 
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(drawing, below left) repeats the 
output pattern. which can be made 
complex, during every revolution of 
the input. 

Cutouts around the periphery of 
the cam give the number of motions. 
degrees of motion, and dwell times 
desired. Tooth sectors in the program 
gear match the cam cutouts. 

Simpson designed the locking levex 
so one edge follows the cam aAd the 
other edge engages or disengages, 
locking or unlocking the idler gear 
and output. Both program gear and 
cam are lined up. tooth segments to 
cam cutouts. and fixed to the input 
shaft. The output gear rotates freely 
on the same shaft, and an idler gear 
meshes with both output gear and 
segments of the program gear. 

As the input shaft rotates, the 
teeth of the program gear engage the 
idler. Simultaneously, the cam re- 
leases the locking lever and allows 
the idler to rotate freely, thus driv- 
ing the output gear. 

Reaching a dwell portion, the 
teeth of the program gear disengage 
from the idler, the cam kicks in the 
lever to lock the idler, and the out- 
put gear stops until the next program- 
gear segment engages the idler. 

Dwell time is determined by the 

space between the gear segments. 
The number of output revolutions 
does not have to be the same as the 
number of input revolutions. An idler 
of a different size would not affect 
the output, but a cluster idler with a 
matching output gear can increase or 
decrease the degrees of motion to meet 
design needs. 

For example, a step-down cluster 
with output gear to match could re- 
duce motions to fractions of a de- 
gree, or a step-up cluster with match- 
ing output gear could increase motions 
to several complete output revolutions. 

Snap action. A second cam and 
a spring are used in the snap-action 
version (drawing below). Here, the 
cams have identical cutouts. 

One cam is fixed to the input and 
the other is lined up with and fixed 
to the program gear. Each cam has a 
pin in the proper position to retain 
a spring; the pin of the input cam 
extends through a slot in the pro- 
gram gear cam that serves the func- 
tion of a stop pin. 

Both cams rotate with the input 
shaft until a tooth of the program 
gear engages the idler, which is 
locked and stops the gear. At this 
point, the program cam is in position 
to release the lock, but misalignment 

of the peripheral cutouts prevents it 
from doing so. 

As the input cam continues to ro- 
tate, it increases the torque on the 
spring until both cam cutouts line up. 
This positioning unlocks the idler and 
output, and the built-up spring torque 
is suddenly released. It spins the pro- 
gram gear with a snap as far as the 
stop pin allows; this action spins the 
output. 

Although both cams are required 
to release the locking lever and out- 
put, the program cam alone will re- 
lock the output-a feature of con- 
venience and efficient use. 

After snap action is complete and 
the output is relocked, the program 
gear and cam continue to rotate with 
the input cam and shaft until they 
are stopped again when a succeed- 
ing tooth of the segmented program 
gear engages the idler and starts the 
cycle over again. 

Program gear 

Spring - @ ‘ % I  

1 

2 

3 

Snapaction version, with a spring and with a second cam fixed to the program gear, works as shown in numbered sequence. 
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Minimum Cam Size 
Whether for high-accuracy computers or commercial 
screw machines-here’s your starting point for any 
can design problem. 

Preben W. Jensen 

HE best way to design a cam is T first to select a maximum pressure 
angle-usually 30 deg for translat- 
ing followers and 45 deg for swinging 
followers-then lay out the cam pro- 
file to meet the other design require- 
ments. This approach will ensure a 
minimum cam size. 

But there are at least six types of 
profile curves in wide use today- 
constant-velocity, parabolic, simple 
harmonic, cycloidal, 3-4-5 polynomial, 
and modified trapezoidal-and to de- 
sign the cam to stay within a given 
pressure angle for any given curve is a 

time-consuming process. Add to this 
the fact that the type of follower 
employed also influences the design, 
and you come up with a rather diffi- 
cult design problem. 

You can avoid all tedious work by 
turning to the unique design charts 
presented here (Fig 5 to 10). These 
charts are based on  a construction 
method (Fig 1 to 4) developed in 
Germany by Karl Flocke back in 
1931 and published by the German 
VDI as Research Report 345. Flocke’s 
method is practically unknown in this 
country-it does not appear in any 

Sym bois 
e = offset (eccent,ricit,y) of cam-follower center- 

line with camshaft centerline, in. 
Rb = base radius of cam, in. 
Rf = roller radius, in. 

R,,, = minimum radius to pitch curve, in.; 

R,, = maximum radius to pitch curve, in. 
y = linear displacement of follower, in. 

y,,, = prescribed maximum cam stroke, in. 
Lf = length of swinging follower arm, in. 

R,,, = Rb 4- Rf 

a = pressure angle, deg-the angle between the 
cam-follower centerline and the normal to 
the cam surface at the point of roller contact 

q ~ ,  = angle of oscillation of swinging follower, deg 
p = cam angle rotation, deg 

7 = slope of cam diagram, deg 

published work. It is repeated here 
because it is a general method applica- 
ble to any type of cam curve or com- 
bination of curves. With it you can 
quickly determine the minimum cam 
size and the amount of offset that a 
follower needs-but results may not 
be accurate in that the points of max 
pressure angle must be estimated. 

The design charts, on the other 
hand, are applicable only to the six 
types of curves listed above. But they 
are much quicker to use and provide 
more accurate results. 

Also included in this article are 

Offset  translating 
roller follower 
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0 

3. Location o f  
cam center 



18-32 

eight mec.-anisms for reducing the 
pressure angle when the maximum per- 
missible pressure angle must be ex- 
ceeded for one reason or  another. 

Why the emphasis on pressure angle? 
Pressure angle is simply the angle 

between the direction where the fol- 
lower wants to go and the direction 
where .the cam wants to push it. Pres- 
sure angles should be kept small to 
reduce side <&rusts on the follower. 
But small pressure angles increase cam 
size which in turn: 

Increases the size of the maohine. 
.Increases the number of precision 
points and cam material in manufac- 
turing. 

Increases the circumferential speed 
of the cam which leads to unnecessary 
vibrations in the machine. 

Increases the cam inertia which 
slows up starting and stopping times. 

Translating followers 
Flocke’s method for finding the 

minimum cam size-in other words 
e, R,,. and R,,, (see list of symbols) 
-is as follows: 

In Fig 1 
1. Lay out the cam diagram (time- 

displacement diagram) as the problem 
requires. Type of curve to be em- 
ployed-parabolic, harmonic, etc- 
depends upon the requirements. Cam 
rise is during portion of curve AB; 
cam return, during CD. 

2. Choose points of maximum slope 
during rise and return (points PI and 

P2). The maximum pressure angle 
will occur near, or sometimes at, these 
points. 

3. Measure slope angles 7, and r2. 
4. Measure the length, L, in inches 

5. Calculate k: 
corresponding to 360 deg. 

L 
2n 

k = -  

In Fig 2 
1. Lay out k and angles r1, 7,. This 

locates points Q, and QZ. 
2. Measure k(tan rl) and k(tan 7 , ) .  

.In Fig 3 
1.  Lay out vertical line, FG, equal 

to total displacement, ymar. 
2. Lay out from point F, the dis- 

placements y1 and y z  (at points P, and 
P z ) .  This locates points M and N. 

3. Lay out k(tan rl) to left of M 
to  obtain point E,. Similarly k tan 
TZ to right from N locates E, (for 
CCW rotation of cam). 

4. At points El and E, locate the 
desired (usually maximum permis- 
sible) pressure angles of points P, and 
P,. These angles are designated as a, 
and a,. 

5. The lines define the limits of 
an area A .  Any cam shaft center 
chosen within this area will result in 
pressure angles at points PI and P, 
which will be equal to or  less than 
the prescribed angles a, and as. If 
the cam shaft center is chosen any- 
where along Ray I, the-pressure angle 
at E, will be exactly a, (and similarly 
along Ray I1 for a,). Thus, if 0,, the 

intersection of these two rays, is 
chosen as the cam center, the layout 
will provide the desired pressure angles 
for both rise and return. 

6. The construction results in an 
offset roller follower whose eccen- 
tricity, e, is measured directly on the 
drawing. Radii R,,, and R,,, are also 
measured directly on the drawing. The 
actual cam shape is drawn to scale 
in Fig 4. 

Design charts 
The above procedure, however, does 

not ensure that the pressure angle is 
not exceeded at some other point. 
Only for some cases of parabolic rno- 
tion will the maximum pressure angle 
occur at the point of maximum slope. 
Thus the same procedure has to be 
repeated for numerous points during 
the rise and return motions. The six 
charts (Fig 5 to  10) developed by 
the author avoid the need for repeti- 
tive construction. Also, for cases where 
the cam size has already been chosen, 
the charts provide the maximum pres- 
sure angle during rise and return mo- 
tions. 

The scale of all the charts assumes 
that the stroke is equal to one unit. 
Hence, if ymax = 1 in. then the scales 
can be read off directly in inches. 

Design problem 
All charts, Fig 5 to 10, show con- 

struction for the case where cam ro- 
tation during cam rise and fall re- 
spectively is p1 = 25 deg and @* = 
80 deg; total stroke, ymar = 2 in; max 

\ 

5. Simple Harmonic Motion 

\ 

4 3 -2 -3 -4 -e -+*++-+ , 
i 

L 
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4 1 :  I :  I \ ' [ ' '  '? , , / '  , +e , 4 3 
J ', ' / \1/ 

4 
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3 6. Cyclo ida l  Motion 

- 5  

60'50' 40'35'' 30" 25' 20" 

- 
7. C h a r t  f o r  3-4-5 Po lynomia l  

-4 -e 
+ 

pressure angle during rise, a, = 30 
deg; during return, a:. = 30 deg. The 
cam rotates counterclockwise (CCW) . 
Assume simple harmonic motion (Fig 
5).  

Construction 
I .  Because rotation is CCW, go to 

the left of center for the rise stroke, 
and to the right for the return stroke, 
as noted on the chart. Thus go to 
the p = 25 deg curve and layout 
angle a, = 30 deg tangent to the curve. 
Lay out tangent to the /3 = 80 deg 
curve. 

2. The point where the two lines 
intersect locates the cam shaft center 
0,. 

3. Read down to the e scale to 

.+ 
0, 

obtain the required eccentricity. Hence 
e = (1 .23) (2)  = 2.46 in. (multiply 
by 2 because ymu. = 2 in.). 

4. Distance 0 , F  is RmI.. To obtain 
its scale value, swing an arc from F 
to locate 0,. Hence R.,I. = (3.85) 
(2)  = 7.7 in. 
5. Distance 0,G = R,,, = (4.83) 

(2)  = 9.66 in. 
All dimensions required to construct 

the minimum cam size are now known. 
You can also determine what part of 
the stroke the maximum pressure 
angle will occur at by noting the points 
of tangency of the a, and ap lines to 
the 25-deg and 80-deg curves. Extend 
these points horizontally to the F G  
line. Thus the max pressure angle 
occurs rk of the stroke upward during 

rise, and tQ of the stroke downward 
during return. 

If you want to know the pressure 
angle, say at a point one quarter of 
the stroke during rise, go upward one 
quarter of the distance from F to G.  
then to the left to intersect the 25 deg 
curve. Connect this point of inter- 
section to 0,. The angle that this 
new line makes with the vertical will 
be the requested pressure angle. 

For parabolic cams 
The procedure is slightly different 

here (Fig 9). The elongated curves 
are pointed at the ends. Thus the lines 
for pressure angles a, and us are not 
tangent to the curve for the numerical 
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\ /I 8. Modified Trapezo ida l  Curve \ , I  

CCWreturn - \ CCWrise 
\ -  
\ 
\ 
1 

9. Parabolic M o t i o n  

J-5 

T T T I 
1 

I I 
I f 

i 

1 I 1 1 
JO" / 5 O  20" 

C W return 

LCW rise 
.IC---- 

,/- T" 10. C o n s t a n t  - Velocity Motion 
./ -\, 

q?' T 
'1'" I 
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Type of cam Max radius, Eccentricity, 
R max e 

I Constant velocity I 3.65 I 0.8 I 
Parabolic motion 

Simple harmonic motion 

5.90 1.58 

4.80 1.24 

I Cycloidal motion I 5.90 1 1.58 I 
3-4-5 Polynomial 

Modified trapezoidal 

Double harmonic motion 5.85 1.60 

B C 

It. Cam diagram m0::i 

nr 
12. Slope 

analysis 

a, 

13. Location of 

conditions given (but in some cases 
the lines may be). 

For constant velocity cams 
The elongated curves for this type 

of motion become vertical lines (Fig 
10). Use the lower points of these 
lines for laying out a, and %, as shown 
by the dashed lines. 

Comparison of cam sizes 
A comparison of the required cam 

sizes for the six types of cam con- 
tours is given at the top of this page. 
Note that t:ie constant-velocity curve 
requires the smallest cam size. 

Swinging followers 
Cams with swinging followers re- 

quire a construction technique similar 
to the Flocke method described previ- 

Assume that a cam diagram is given 
(Fig 11). Also known are the length 
of follower arm, L,, and the angle of 
arm oscillation during rise and fall, +o. 

The length of the circular arc through 
which the roller follower swings must 
be equal to ymn. in Fig 11. (See p. 69 
for an illustration of a swinging fol- 
lower cam.) 

The construction technique, illus- 

ously. 

trated in Fig 11, 12 and 13, is as 
follows: 

1. Divide the ordinate of the cam 
diagram into equal parts (8  in this 
case). 

2. Select points along the divisions 
and find the slope angles at the points. 
The procedure is shown only for 
points P, and Pz, but it should be 
repeated for Other points. 
3. Calculate k = L/(~T). In Fig 

12, lay off k and angles T~ and 72. Ob- 
tain k (tan 7J and k (tan T~). 
4. In Fig 13 lay off L, (from S to 

F) and divide 4o into 8 equal parts. 
5. Lay out y1 and y .  as shown (in 

this case yI and ys are equal). 
6. If cam rotation is away from 

pivot point S (counterclockwise in this 
case) lay off ME, = k tan 7, to the 
left of point M ,  and ME, = k tan 7e 

to the right of point M. (Reverse di- 
rections for clockwise rotation of 
cam,) 

8.  Lay out a, and a, a t  E, and Ell. 
Repeat procedure for other points as 
shown. Now choose the lowest line 
from both ends to obtain an area, A, 
which is the farthest area possible 
from F. This results in Ray f and Ray 
11. If a cam shaft center is chosen 
anywhere within this area, the maxi- 

mum pressure angle will not be ex- 
ceeded, either during rise or return. 

9. If 0, is chosen, the maximum 
pressure angles during rise will OCCUI 
at the middle of the stroke because 
Ray I is determined from E,, which in 
turn corresponds to the middle of the 
stroke. Note that the maximum pres- 
sure angle for the return stroke will 
occur when the follower moves back 
% of the stroke because Ray I1 origi- 
nates from a point % of angle &, 
measured downward from the top. 
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t7n2 14. Slidingcam 
outpur 

E D 

/npUt 

15. Stroke- 
multiplying 
mechanism 

ff9 16. Double- faced cam 

.. 
17. Cam-and- rack 

When the pressure angles are too 
high to satisfy the design requirements, 
and. it is undesirable to enlarge the 
cam size, then certain devices can be 
,:mployed to reduce the pressure 
angles: 

Sliding cam, Fig 14-This device is 
used on a wire-forming machine. Cam 
D has a rather pointed shape because 
of the special motion required for 
twisting wires. The machine operates 
at slow speeds, but the principle em- 
ployed here is also applicable to high- 
speed cams. 

The original stroke desired is 
( y ,  + y z )  but this results in a large 
pressure angle. The stroke therefore 
is reduced to y ,  on one side of the 
cam, and a rise of y ,  is added to the 
other side. Flanges B are attached to 
cam shaft A .  Cam D, a rectangle with 
the two cam ends (shaded), is shifted 
upward as it cams off stationary roller 
R.  during which the cam follower E 

is being cammed upward by the other 
end of cam D. 

Stroke multiplying mechanism, Fig 
15-This device is employed in power 
presses. The opposing slots, one in a 
fixed member D and the second in the 
movable slide E,  multiply the motion 
of the input slide A driven by the cam. 
As A moves upward, E moves rapidly 
to the right. 

Double-faced cam, Fig 16 - This 
device doubles the stroke, hence re- 
duces the pressure angles to one-half 
their original values. Roller R, is sta- 
tionary. When the cam rotates, its 
bottom surface lifts itself on R,, while 
its top surface adds an additional mo- 
tion to the movable roller R2. The out- 
put is driven linearly by roller Rz and 
thus is approximately the sum of the 
rise of both surfaces. 

Cam-and-rack, Fig 17-This device 
increases the throw of a lever. Cam B 
rotates around A .  The roller follower 

18. Auxiliary cam system 

travels at distances yl, during which 
time gear segment D rolls on rack E. 
Thus the output stroke of lever C is 
the sum of transmission and rotation 
giving the magnified stroke y .  

Cut-out cam, Fig 18-A rapid rise 
and fall within 72 deg was desired. 
This originally called for the cam 
contour, D ,  but produced severe pres- 
sure angles. The condition was im- 
proved by providing an additional cam 
C which also rotates around the cam 
center A ,  but at five times the speed 
of cam D because of a 5:l gearing 
arrangement (not shown). The origi- 
nal cam is now completely cut away 
for the 72 deg (see surfaces E ) .  The 
desired motion, expanded over 360 deg 
(since 72 x 5 = 360), is now designed 
into cam C. This results in the same 
pressure angle as would occur if the 
original cam rise occurred over 360 
deg instead of 72 deg. 
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20. Whit worth quick  - re  turn 

I 

90" 21. Drag link 

22. Modification o f  original cam shape v 4  
Desired disp facemen f 

90" 180' 270" 360' 

Double-cam mechanism, Fig 19- 
If you were to increase the cam speed 
at the point of high-pressure angles, 
and change the contour accordingly, 
the pressure angle would be reduced. 
The device in Fig 19 employs two cam 
grooves to change the input speed A 
to the desired varying-speed output 
in shaft B .  Shaft B then becomes the 
cam shaft to drive the actual cam (not 
shown). If the cam grooves are cir- 
cular about point 0 then the output 
will be a constant velocity. Distance 
OR therefore is varied to provide the 
desired variation in output. 

Whitworth quick return mechanism, 

Fig 20-This is a simpler way of im- 
parting a varying motion to the out- 
put shaft B. However, the axes, A and 
B, are not colinear. 

Drag link, Fig 21-This is another 
simple device for varying the output 
motion of shaft D. Shaft A rotates 
with uniform speed. The construction 
in Fig 22 shows how to modify the 
original cam shape to take full ad- 
vantage of the varying input motion 
provided by shaft D. The construc- 
tion steps are as follows (the desired 
displacement curve is given at the top 
of Fig 22, with the maximum pressure 
angle designated as 7.J : 

1. Plot the input vs output diagram 
( 0  vs +) for the linkage illustrated in 
Fig 21. 

2 .  Find the point with the smallest 
slope, P,. 

3. Pick any point A on the tangent 
to P', and measure the corresponding 
angles to P', ( 3 2  deg and 20  deg). 

4 .  Go 20 deg to the right of P2 in 
the cam diagram to locate A'. Also 
locate A by going 32 deg to the right 
of P, as shown. Point A' is on the 
final cam shape. Repeat this pro- 
cedure with more points until you ob- 
tain the final curve. The pressure angle 
at P, is thus reduced from T~ to 7:. 
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Spherical Cams: Linking 
Up Shafts 
European design is widely used abroad but little-known in 
the U.S. Now a German engineering professor is telling the 
story in this country, stirring much interest. 

Anthony Honnavy 

roblem: to transmit motion be- P tween two shafts in a machine 
when, because of space limitations, 
the shaft axes may intersect each 
other. One answer is to use a spheri- 
cal-cam mechanism, unfamiliar to 
most American designers but used 
in Europe to provide many types of 

motion in agricultural. textile. and 
printing machinery. 

Recently, Prof. W. Meyer zur 
Cappellen of the Institute of Tech- 
nology, Aachen, Germany, visited 
the U. S .  to show designers how 
spherical-cam mechanisms work and 
how to design and make them. He 

\ 

and his assistant kinematician at  
Aachen, Dr. G. Dittrich, are in the 
midst of experiments with complex 
spherical-cam shapes and with the 
problems of manufacturing them. 

Fundamentals. Key elements of 
spherical-cammechanism (above Fig. 
1) can be considered as being posi- 

i , Plane ring 

/ 

/ 
Input cam 

- 
Spherical mechanism with radial follower 4 Cam mechanism with flat-faced follower 



I 
Radial roller follower shown on a sphere 

1 Follower , 
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Mechanism with radial roller follower shown on a sphere 

Spring- loaded 

Input cam 

1 Spherical cam mechanism with radial follower 2 Cam mechanism with rocking roller follower 
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5 Hollowsphere cam mechanism 

tioned on a sphere. The center of 
this sphere is the point where the 
axes of rotation of the input and fol- 
lower cams intersect. 

In a typical configuration in an 
application (Fig. I), the input and 
follower cams are shown with depth 
added to give them a conical roller 
surface. The roller is guided along 
the conical surface of the input cam 
by a rocker, or follower. 

A schematic view of a spherical- 
cam mechanism (above Fig. 2) 
shows how the follower will rise and 
fall along a linear axis. In the same 
type of design (Fig. 2), the follower is 
spring-loaded. The designer can also 
use a rocking roller follower (Fig. 3) 
that oscillates about an axis that, in 
turn, intersects with another shaft. 

These spherical-cam mechanisms 
using a cone roller have the same 
output motion characteristics as 
spherical-cam designs with non-ro- 
tating circular cone followers or 
spherically-shaped followers. The 
flat-faced follower in Fig. 4 rotates 
about an axis that is the contact 
face rather than the center of the 
plane ring. The plane ring follower 
corresponds to the flat-faced fol- 
lower in plane kinematics. 

Closed-form guides. Besides hav- 
ing the follower contained as in Fig. 
2, spherical-cam mechanisms can be 
designed so the cone roller on the 
follower is guided along the body of 
the input cam. For example, in Fig. 

6 Mechanism with Archimedean spiral; knife-edge follower 

5 ,  the cone roller moves along a 
groove that has been machined on 
the spherical inside surface of the 
input cam. However, this type of 
guide encounters difficulties unless 
the guide is carefully machined. The 
cone roller tends to seize. 

Although cone rollers are recom- 
mended for better motion transfer 
between the input and output, there 
are some types of motion where 
their use is prohibited. 

For instance, to obtain the motion 
diagram shown in Fig. 6, a cone 
roller would have to roll along a sur- 
face where any change in the con- 
cave section would be limited to the 
diameter of the roller. Otherwise 
there would be a point where the 
output motion would be interrupted. 
In contrast, the use of a knife-edge 
follower theoretically imposes no 

limit on the shape of the cam. How- 
ever, onc disadvantage with knife- 
edge followcrs is that they. unlike 
cone followcrs, slide and hencc wcar 
faster. 

Manufacturing methods. Spherical 
cams are usually made by copying 
from a stencil. In turn, the cam- 
shaped tools can be copied from a, 
stencil. Normally the cams arc 
milled, but in special cases they are 
ground. 
Three methods for manufacture are 
used to make the stencils: 

Electronically controlled point- 
by-point milling. 

Guided-motion machining. 
Manufacture by hand. 

However, this last method is not 
recommended, because it  isn’t as 
accurate as the other two. 
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Tailored Cycloid Cams: 
German Method 
The cycloid cam is becoming the best all-around performer, 
but the problem is knowing how to fit it to specific machines 
requirements. 

Nicholas P. Chironis 

T’S quite a trick to construct a I cycloid curve to go through any 
point P within a cam diagram, with 
a specific velocity ut P (Fig 1, oppo- 
site). 

There is a growing demand for this 
type of modification because cam de- 
signers are turning more and more 
to the cycloid curve to meet most 
automatic machine requirements. They 
like the fact that a cycloid cam pro- 
duces no abrupt change in accelera- 
tion and so induces the lowest degree 
of vibration, noise, shock, and wear. 
A cycloid cam also induces low side- 
thrust loads on a follower and re- 
quires small springs. However, the 
mathematical computations to tailor 
such cams become quite complex and 
the cycloid is all too often passed 
over for one of the more easily ana- 
lyzed cams. 

Recently, a well-known mechanism 
analyst at  University of Bridgeport, 
Professor Preben W. Jensen, began 
a careful study through German cam 
design methods and came up with 
three graphical techniques for tailor- 
ing a cycloid cam, one of which solves 
the problem stated above. In an ex- 
clusive interview with PRODUCT ENGI- 
NEERING, Prof Jensen outlined the 

three common problems and the con- 
struction methods for solving them. 
He also provided the velocity and 
acceleration formulas for the cycloid, 
including the key relationship for 
keeping the maximum accelerations of 
the cam followers to a minimum. 
Specifically, the three types of tailor- 
ing are: 

1) To  have the cam follower start 
a t  point A ,  pass through P with a 
certain slope (velocity) and then pro- 
ceed to point E-the entire motion to 
have cycloidal characteristics which 
includes zero acceleration slopes 
(smoothly starting velocities) at points 
A and B ,  Fig 1. ( A  cam diagram is 
actually a displacement record of the 
motion of a follower as it rises from 
point A to B during a specific rotation 
of the cam from line A to A’. Distance 
A-A’ may be 180 deg or  any other 
portion of the full rotation of the 
cam.) 

2)  To have the cam follower start 
with cycloid motion from point A ,  
meet smoothly a constant velocity por- 
tion of the cam line ( P1-P2 in Fig 2) ,  
and then continue on with cycloid 
motion to point B.  

3 )  G h e n  some other cam curve 
(curve AB in Fig 3 ) ,  to return the 
follower to its starting point with 
cycloid motion (curve B M D ) .  

Going through any point 

This is the first of the modifications. 
The method of construction is: 

Step 1. Draw a line DE with the 
given slope at P in Fig 1B. 

Step 2. Divide A P  into a number 
of equal parts, say 6-the larger the 
number of parts into which the line 
divided, the higher the degree of ac- 

curacy of the method. From the mid- 
point M of line A P ,  draw a line to 
D .  This gives a distance CI. 

Step 3. Calculate radius R1 from 
the relationship 

(The derivation of the above equation 
is beyond the scope of this article.) 

Step 4. Draw a quarter circle with 
R ,  as its radius and divide it into 3 
equal parts. By dropping perpendic- 
ulars, obtain distance y1 and 4’2.  

Step 5. Lay out distances y l ,  y2. 

and R , ,  as shown in the diagram. The 
points so determined are points on the 
modified cycloid. 

The other part of the displacement 
curve from P to B is determined in 
exactly the same way with the aid 
of the other small diagram in which 
R2 is the radius. 

The acceleration curve resulting 
from this displacement curve (deter- 
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mined by the method shown later) 
is continuous. 

Going through constant velocity 
In this second modification, con- 

stant velocity motion is required from 
PI to Pz. With the same method as 
described previously, AP1 and P2B are 
connected with a modified cycloid, as 
shown in Fig 2, and again an accelera- 
tion curve is obtained which is con- 
tinuous. 

Slowing down from given curve 
Suppose that the first part of the 

cam, curve A B  in Fig 3, must em- 
ploy a different type of cam contour. 
How do you retract the follower 
smoothly to D using the cycloid curve 
SO as to have continuous acceleration? 

Solution: Connect B with D and 
draw the tangent to the curve given 
at B. Divide BD into equally spaced 
parts, with midpoint at M .  Choose 
the line of maximum slope FME. This 
slope determines the maximum ve- 
locity during the return of the fol- 
lower. The rest of the construction 
is carried out exactly as in the first 
case. 

Velocity and acceleration equations 
For a given rotation of the cam 

(distance 0 in Fig 4) the equation 
for a tailored cycloid which gives the 
distance y that the follower. will move 
is : 

where distance 8,, is computed from 
the equation 

and where 
y = direction of amplitude for the 

superimposed sine wave; ie, 
the angle of ‘distortion’ of the 
cycloid. For  example, in Fig 
4, when y = 90 deg, then 8, 
= 8 and  you have a pure cy- 
cloid curve. 

6 = angle of slope for the line 
connecting A and B 

8 = portion of cam rotation, deg 
(or inches when measured on 
diagram) 

p = time for total lift, de% (or 
inches) 

h = total  follower movement, in. 

N = rpm Of ea& 
Dimensions 0, ern and y are also in 

inches on the cam layout. Although 
Fig 4 shows P at the midpoint of B, 
the equations hold true for other cases 

- 

tven slope lvelocityaf PJ 

Technique for modifying a cycloid cam so that its follower speeds up smoothly to 
a specific velocity (slope at P) after extending a certain distance (to point P). 

In the modification below, the cam follower is designed to move with a constant 
velocity during a portion of its stroke (line PIP2), as in cutting operations. 

A 
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by proper modification of the value 
for T. 

Velocity equation 

where Y = follower velocity, in./sec 

Acceleration equation 

in., and the corresponding cam shaft 
rotation is /3 = 60 deg. Determine 
the displacement, velocity, and ac- 
celeration curves for a best tailored 
cycloid having the lowest maximum 
acceleration. 

Solution: In Fig 6 an arbitrary 
scale is chosen for the abscissa, 
namely that /3 = 60 deg has a length 
of 4 in. The stroke is laid out to scale 
(but establishing the stroke at a dif- 
ferent scale would not change the pro- 
cedure). Points A and B represent 
the start and end of the lift, respec- 
tively. 

Angle S is found from: 

(3) 
where K = tan Wtan y 

The stroke h and cam rotation /3 are 
usually fixed by the basic requirements 
of the problem. Therefore, the maxi- 
mum acceleration, A ,  will depend 
upon K. There is one value of K 
which will give the lowest possible 
maximum value of acceleration. This 
optimum K value is 

K o p t i m u m  = 1 - = 0.134 (4) 
Comparison of cam curves 

For the above optimum value of 
K the following minimum values of 
maximurn acceleration are obtained: 

For the best tailored cycloid cam 

For a standard cycloid cam 

For a parabolic cam 

For a simple harmonic cam 

Although the parabolic and simple- 
harmonic cams have lower accelera- 
tion maximums than thc cycloids. 
their accelerations go through what is 
commonly referred to a “jerk,” which 
is an abrupt change in acceleration 
(in these cases, from positive to nega- 
tive values, see Fig 5). 

Design example 
A cam rotates with N = 200 rpm, 

the stroke of the follower is h = 2.0 

Because the lowest maximum ac- 
celeration is wanted, K = 0.134. 
Hence 

tan 6 
Kcxptimurn 

tany = 

--= - Oe5 3.73 0.134 
tan y = 75 deg 

Referring again to Fig 6, P is the 
midpoint of AB, and A P  is divided 
into 6 equal parts. Point D is situated 
so that line 3 - 0  makes an angle of 
y = 75 deg with the horizontal. This 
line indicates the direction of the am- 
plitude of the sine wave which is 
superimposed on AP. The displace- 

3 

3. Graphical technique for slowing down the follower at  t h e  end of its work stroke 
(point B) and returning it to its initial position by means of the cycloid curve. 
4. Basic cycloid curve (below) with factors which play a key role in finding its 
velocity and acceleration equations. When y = 90 deg, the curve is a pure cycloid. 

4 B 
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5 

0 

Acceleration 

I 

ment curve can now be drawn (the 
curve from 6 to B is congruent with 
the curve from A to 6). 

The velocity at  any point can be 
found from Eq 2, but can also be 
found graphically the following way: 

Through B,  draw line BC parallel 
to 3-0 .  With BC as radius, a half 
circle is drawn and divided into six 
equal parts. Now to find the velocity 
at point Q, draw a perpendicular from 
4' on BC and connect the point of 
intersection with A. This line is paral- 
lel to the tangent at Q. The procedure 
is repeated for the remaining points 
and the velocity curve is obtained. 

To calculate the velocity at point 
Q by means of Eq 2, the value of 0 

.for this point, is not B = 8/3, but 
B = 0.3158 (see Fig 4). Hence 

T-"[&y] N 

- 200(360) 
= 0.05 see - 

and from Eq 2: 

y - ~ [ ~ ( 0 . 5 ) x  Z 0 1 - COS [2~(0.315)] ] 
-- 
3.73 
COS [Zn(0.315)] 

V = 56.3 in./sec 

3: 

A =  

The acceleration is found from Eq 

2(2r)(l - 0.134) a h  113.5" 
0.052(1 - 0.134 COS 113.5')' 

= 3320 h./sec2 
The maximum acceleration, how- 

ever, is more easily found from Eq 5 :  

2 
0.052 Amax (optimum) = 5.89 - 

= 4710 in./sec2 
It is also of interest to notice that 

the maximum pressure angle of the 
modified cycloid is lower than that of 
the true. cycloid. The angle for the 
modified curve can be measured from 
Fig 6 as approximately 41 deg. For a 
true cycloid it would be 45 deg. 

5. Comparison of acceleration curves 
for four popular types of cam curves. 
The harmonic and parabolic curves 
have undesirable abrupt changes at 0 
and 180 deg, respectively. 

6. Construction details for finding the 
displacement, velocity and acceleration 
curve for a tailored cycloid cam. 



Cams 

Modifications and Uses 
for Basic Types of Cams 
Edward Rahn 

FLAT PLATE CAM-Essentially a displacement cam. With it, 
movement can be made from one point to another along any de- 
sired profile. Often used in place of taper attachments on lathes 

for form turning. 
long for turning the outside profile on gun barrels. 
can be made either on milling machines or profiling machines. 

Some have been built. in sections up to 15 ft. 
Such cams 

BARREL CAMSometimes called a cylindrical cam. The fol- 
lower moves in a direction parallel to the cam axis and lever 
movement is reciprocating. As with other types of cam, the base 

curve can be varied to give any desired movement. Internal as 
well as external barrel cams are practical. A limitation: internal 
cams less than 11 in. in diam. are difficult to make on cam millers. 

NON-UNIFORM FACE CAM-Sometimes called a disk cam. 
Follower can be either a roller, hexagon or pointed bar. Profile 
can be derived from a straight line, modified straight line, har- 
monic, parabolic or non-uniform base curve. Generally, the shock 
imposed by a cam designed on a straight line base curve is unde- 
sirable. Follower usually is weight loaded, although spring, 
hydraulic or pneumatic loading is satisfactory. 

BOX CAM-Gives positive movement in two directions. A prose 
can be based on any desired base curve, as with face cams, but a 
cam miller is needed to cut i t ;  whereas with face cams, a band 
saw and disk grinder could conceivably be used. No spring, 
pneumatic or hydraulic loading is needed for the followers. This 
type cam requires more material than for a face cam, but is no  
more expensive to mill. 

18-45 
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SIDE CAM-Essentially a barrel cam having only one side. Can 
be designed for any type of motion, depending on requirements 
and speed of operation. Spring or weight loaded followers of 
either the pointed or roller type can be used. Either verhcal or 

horizontal mounting is permissible. Cutting of the profile is 
usually done on a shaper or a cam miller equipped with a small 
diameter cutter, although large cams 24 in. in diameter are made 
with 7-in. cutters. 

INDEX CAM-Within limits, such cams can be designed for any 
desired acceleration, deceleration and dwell period. A relatively 
short period for acceleration can be alloted on high speed cams 

. ~ ~ . .  

'. 

DOUBLE FACE CAM-Similar to single face cam except that it 
provides positive straight line movement in two directions. The 
supporting fork for the rollers can be mounted se arately or 
between the faces. If the fork fulcrum is extended L o n d  the 
pivot point, the cam can be used for oscillatory movement. With 
this cam, the return stroke on a machine can be run faster than 
the feed stroke. Cost is more than that for a box cam 

such as those used on tipper-making equipment on which indexing 
occurs 1,200 to 1,500 times per minute. Cams of this sort can 
also be designed with four or more index stations. 

SINGLE-FACE CAM WITH TWO FOLLOWERS-Similar in 
action to a box or double face cam except flexibilitp is less than that 
for the latter type. Cam action for feed and return motions must be 
the same to prevent looseness of cam action. Used in place of box 
cams or double face cams to conserve space, and instead of single 
face cams to provide more positive movement for the roller 
followers. 
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Getting the Most From Screws 
Special iobs often call for special screw arrangements; here are some examples 
of how this busy fastener can perform. 

Federico Strasser 

I TAPPED HEAD LETS EXTENSIONS BE ADDED. KEY-TY PE HEAD PROVIDES QUICK-RELEASE FEATURE. 

BUTTRESS THREADS PREVENT (a) radial 
forces from opening slotted ends; 
otherwise (b) a reinforcing sleeve is 
needed. 

Mulor diu of screw thread 

5 4 PARTIAL THREADS ASSEMBLE FAST, DON’T WORK LOOSE. 

SQUARE HOLE for light metal or plastic suh- 
stitutes well for threaded holes. 

SLIT NUT (a] and tapered bushing (also slit) (h) 7 allows backlash-free adjustment. 
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n 
TAPERED SCREWS ASSEMBLE AND RELEASE FAST, 3 BUT WORK LOOSE EASILY. 

Re,n forcing 
sleeve 

DIFFERENTIAL THREADS PROVIDE (a) extra tight fastening or (b) 6 extra small relative movement, 8, per revolution o f  knob. 

Adjusting Wire 

DOUBLE SCREW for wire guide or follower always leads 9 for low-cost device. 10 wire to center. 
WIRE HOOK provides single-thread grip 
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How to Provide for Backlash 
in Threaded Parts 
These illustrations are based on two general methods of providing for lost motion or backlash. 
One allows for relative movement of the nut and screw in the plane parallel to the thread axis; 
the other method involves a radial adjustment to compensate for clearance between sloping 
faces of the threads on each element. 

Clifford T. Bower 

--Main nut 

--Locking screw 
I-I ---Locknut 

’Screw 

(8) Io- --Main nu# 

Adjusting screw 

THREE METHODS of using slotted nuts. In (A), nut sections 
are brought rloser together to force left-hand nut flanks to 

bear on right-hand flanks of screw thread and vice versa. In 
(B), and (C) nut sections are forced apart for same purpose. 

. -  

Spacer Adjusrobfe secfion 
block, of nut, 

AROUND THE PERIPHERY of the backlash-adjusting nut are 
3 ’ ’  notches of small pitch which engage the index spring. To 
eliminate play in the lead screw, adjusting nut is turned do&- 
wise. Spring and adjusting nut can be calibrated for precise use. 

SELF-COMPENSATING MEANS of removing baddash. Slot 
“is milled in nut for an adjustable section which is locked by a 
screw. Spring presses the tapered spacer block upwards, forcing 
the nut elements apart, thereby taking up backlash. 

AdjusfingnuY Locknut--’ 

MAIN NUT is integral with base at- ANOTHER WAY to use an auxiliary 
tached to part moved by screw. Aux- or adjusting nut for axial adjustment 
iliary nut is positioned one or two of backlash. Relative movement be- 
pitches from main nut. The two are tween the working and adjusting nuts 
brought closer together by bolts which is obtained manually by the set screw 
pass freely through the auxiliary nut. which can be locked in place as shown. 

Slots Nut base,. r-.Spring Screw-, 

COMPRESSION SPRING placed be- 
tween main and auxiliary nuts exerts 
force tending to separate them and 
thus take up slack. Set screws engage 
nut base and prevent rotation of aux- 
iliary nut after adjustment is made. 
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NUT A IS SCREWED along the tapered round nut, B, to eliminate backlash 
or wear between B and C, the main screw, by means of the four slots shown. 

Spring Nyt Spring \. t \ 

AUTOMATIC ADJUSTMENT for backlash. Nut is flanged on 
each end, has a square outer section between flanges and slots 
cut in the tapered sections. Spring forces have components 
which push slotted sections radially inward. 

CLAMP NUT holds adjusting bushing 
rigidly. Bushing must have different 
pitch on outside thread than on inside 
thread. If outer thread is the coarser 
one, a relatively small amount of ro- 
tation will take up backlash. 

ANOTHER METHOD of clamping a nut 
around a screw to reduce radial clearance. 

I 

SPLIT NUT is tapered and has a rounded bottom to maintain 
as near as possible a fixed distance between its seat and the 
center line of the screw. When the adjusting nut is tightened, 
the split nut springs inward slightly. 

.,screw Adjustab/e holf-, Nut sections 

. x. 
AdJustoble iection O o w & - - ~ * ~  --Adjusting screw 

TYPICAb CONSTRUCTIONS based on the half nut principle. In each case, the nut 
bearing width is equal to the width of the adjustable or inserted slide piece. In 
the sketch at the extreme left, the cap screw with the spherical seat provides for 
adjustments. In the center sketch, the adjusting screw bears on the movable nut 
section. Two dowels insure proper alignment. The third illustration is similar 
to the first except that two adjusting screws are used instead of only one. 
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7 Special Screw Arrangements 
How differential, duplex, and other types of screws can provide slow and fast feeds, 
minute adiustments, and strong clamping action. 

Louis Dodge 
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20 Dynamic Applications 
for Screw Threads 
Have you forgotten how simply, and economically, screw threads can be made into 
dynamic members of a linkage? Here are some memory-joggers, plus suggestions 
for simplified nuts, threads and nut guides. 

Kurt Rabe 

Y o u  need a threaded shaft, a nut  , . . plus some way for 
one of these members to rotate without translating and 
the other to translate without rotating. That's all. Yet 
these simple components can do practically all of the 
adjusting, setting, or locking used in design. 

Most such applications have low-precision requirements. 
That's why the thread may be a coiled wire or a twisted 
strip; the nut may be a notched ear on a shaft or a 
slotted disk. Standard screws and nuts right off your 
supply shelves can often serve a t  very low cost. 

Here are the basic motion transformations possible with 

transform rotation into linear motion or reverse (A), 
transform helical motion into linear motion or 

transform rotation into helical motion or reverse (C). 
Of course the screw thread may be combined with 

other components: in a +bar linkage (Fig 2), or with 
multiple screw elements for force or motion amplification. 

screw threads (Fig 1): 

reverse (B), 

A B C 

1 M O T I O N  TRANSFORMATIONS of these is reversible if the thread is not 2 STANDARD 4 B A R  L I N K A G E  has 
a screw thread include: rotation to  self-locking (see screw-thread math- screw thread substituted for slider. 
translation (A), helical to translation ematics on following page-thread is 
(B); rotation to helical (C). Any of reversible when efficiency is over 60%). 

Output is helical rather than linear. 

A Review of Screw-Tread Mathematics 

a - friction angle, tan a = j 
r - mean radius of thread 

I - lead, thread advance in one revolution, in. 
b - lead angle, tan b = l/%r, deg 
f - friction coefficient 
P - equivalent driving force at radius r from 

screw axis, lb 
L -axial load, lb 
e - efEciency 
c - half angle between thread faces, deg 

= + (root radius + outside radius), in inches 

SQUARE THREADS: 

Where upper si ns are for motion opposed in direction 
to L. Screw is sedocking when b a. 

tan 71 
tan (b  + a) 

e =  

tan (b - a) 
tan b 

e = ~- 

V THREADS: 

(motion opposed t o  L) 

(motion assisted by L)  

(I f Zrrj sec c) 
(2Tr 7 Zjscc c) P = L  

t a n b ( 1  - j t a n b s e c c )  
(tan b + j sec c) e =  (motion opposed to  L) 

tan b - f sec c 
t anb (1  + f t anbsecc )  e =  (motion assisted by L) 

For more detailed analysis of screw-thread friction forces, see 
Marks Mechanical Engineers' Handbook, McGraw-Hill Book GO. 



Threaded Components 19-9 

Rotation to Translation 

,+ 

3 TWO-DIRECTIONAL LAMP ADJUSTMENT with screwdriver to move 4 KNIFE-EDGE BEARING is raised 
lamp up and down. Knob adjust (right) rotates lamp about pivot. or lowered by screwdriven wedge. 

Two additional screws locate the 
knife edge laterally and lock it. 

5 SIDE-BY-SIDE ARRANGEMENT of 6 AUTOMATIC CLOCKWORK 
tandem acrew threads gives parallel rise is kept wound tight by electric 
in this height adjustment for projector. motor turned on and off by 

screw thread and nut. Note 
motor drive must be self-locking 
or it will permit clock to unwind 
as soon as switch turns off. 

(a a >  
Rofchsf 

Swifch 

7 VALVE STEM has two op- 
positely moving valve cones. 
When opening, the upper cone 
moves up first, until it contacts 
its stop. Further turning of the 
valve wheel forces the lower 
cone out of its seat. The spring 
fs wound up at the same tim'e. 
When the ratchet is released, 
spring pulls both cones into 
their seata. 

A Review of Screw-Tread Mathematics Continued 
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Translation to Rotation Self -Locking 

t 

8 A M E T A L  S T R I P  or square rod 9 FEELER GAGE has its motion ani- 
niay be twisted to make a long-lead plified through a double linkage and 
thread, ideal for transforming linear then transformed to rotation for dial 
into rotary motion. Here a push- indication. 
button mechanism winds a camera. 
Note that the number 01 turns or 
dwell of output gear is easily altered 
by clianging (or even reversing) twist 
of the strip. 

10 T H E  F A M I L I A R  flying propeller- 
toy is operated by pushing the bush- 
ing straight up and off the thread. 

11 HAIRLINE ADJUSTMENT 
for a telescope, with two alterna- 
tive methods of drive and spring 
return. 

12 SCREW AND N U T  provide 
self-locking drive for a complex 
linkage. 
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Double Threading 

13 DOUBLE-THREADED SCREWS, 
when used as differentials, provide 
very fine adjustment for precision 
equipment at relatively low cost. 

15 OPPOSITE-HAND THREADS make a high- 
speed centering clamp out of two moving nuts. 16 MEASURING TABLE rises very 

slowly for many turns of the input 
bevel gear. If the two threads are 
1%-12. and %-16, in the fine- 
thread series, table will rise ap- 
proximately 0.004 in. per input-gear 
revolution. 

'Slide oGusfs folfower-motor speed 

18 A N Y  VARIABLE-SPEED MOTOR can be 
made to follow a small synchronous niotor by 
connecting them to the two shafts of this 
differential screw. Differences in number of 
revolutions between the two motors appear 
as motion of the traveling nut and slide so 
an electrical speed compensation is made. 

For REPRINT of above article, iust check P 3 5  
on one of the Reader Service cards bound in 
this issue. 

14 D I F F E R E N T I A L  
SCREWS can be made in 
dozens of forms. Here are 
two methods: above, two 
opposite-hand threads on a 
single shaft; below, same 
hand threads on independ- 
ent shafts. 

pin wrench turns the 
intermediate nut, advanc- 
ing the nut and retract- 
ing the threaded tool pi- 
multaneously. Tool is 
then clamped by setscrew. 

19 (left) A WIRE FORK is 
the nut in this simple tube-and 
screw design. 

20 (below) A MECHANICAL 
PENCIL includes a soring as the 
screw thread and a notched eai 
or a bent wire as the nut. 

EDITOR'S NOTE: For other solutions to adjusting, setting, and 
locking problems in translating motion, see : 

10 Ways to Employ Screw Mechanisms, May 26 '58, p 80. Shows 
applications in terms of three basic components-actuating 
member, threaded device, and sliding device. 

5 Cardan-gear Mechanisms. Sep 28 '59, p 66. Gearing arrange- 
ments that convert rotation into straight-line motion. 

5 Linkages for Straight-line Motion, Oct 12  '59, p 86. Linkages 
that convert rotation into straight-line motion. 
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Preloading of Bolts 
For optimum tension-bolt design, the bolts must be preloaded 
to a specific amount. Here are charts which quickly give 
the data you need. 

Bernie J. Cobb 

1.. PRELOAD VS AXIAL LOAD RELATIONSHIPS 

i i 

( A )  Typical  bolted assembly 

Fz 4000 lb P=30004 

(C) With 3000-lb preload 

t 
! 00 
-r 

Fz 4000 fb P=2000 ll 

(9) With 2000-lb prelood 

F = 4000 lb 

(D) Wi th  5000-lb preload 

HE rule is, always tighten a bolted T assembly to the maximum permis- 
sible preload. The benefits are two- 
fold: 1) You extend the fatigue life, by 
reducing or eliminating fluctuations in 
stress. 2) You can design a smaller, 
lighter, less costly assembly for a given 
tensile load. 

Although other methods have been 
published for computing the necessary 
data, the design charts offered here are 
both accurate and simple to use. They 
show a direct relationship for the four 
key factors: bolt diameter, bolt 
strength, tightening torque, and pre- 
load. When any two of these factors 
are given, the charts produce the other 
two. 

The stress equation on which the 
charts are based is derived from the 
currently accepted maximum strain 
theory. The data in these charts have 
simplified critical problems in missile 
design and have been successfully ap- 
plied to the design of solid propellant 
rocket motors, where the bolts must 
absorb the blow-off load exerted by 
internal pressure of the motor against 
the nozzle and igniter, maintain a posi- 
tive pressure on the gasket between the 
flanges, and be as lightweight as pos- 
sible. 

How preload works 
A bolted unit is shown in Fig 1. 

The bolt is tightened (in A) to produce 
a preload, P. The applied axial load, 
F, may be the result of internal pres- 
sure (the plates may then represent 
flanges), or of external loads (one of 
the plates may be a bracket, the other 
a machine frame). 

If a tightening torque is applied to 
the nut to provide a 2000-lb preload, 
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as in B, and if the applied load varies 
from zero to a maximum of 4000 lb, 
the bolt will experience a cyclic load 
change of 2000 lb which will con- 
tribute to fatigue failure. There will 
also be a separation between plates of, 
say, 0.004 in. (This is a function of 
bolt diameter and material.) 

If the preload is increased to 3000 
lb, as in C, the load variations will be 
reduced to 1000 lb, which will increase 
fatigue life and reduce plate separation 
under load by 50%, to 0.002 in. If 
the preload is now increased to 5000 
Ib, as in D, there will be no separation 
of the plates under load, and the load 
variations will be reduced to zero. 
Fatigue failure should not occur. 

The important information to know 
in the above analysis is the maximum 
preload that can be safely applied to 
a particular bolt, and how much tight- 
ening torque must be applied to ob- 
tain the maximum preload. 

Maximum preload 
A value accepted by many designers 

and recommended by Kent (Mechani- 
cal Engineer’s Handbook, 12th ea), is 
that the prestress must not exceed 
80% of the bolt-proof strength. The 
resulting 20% margin of safety allows 
for variations in applied torque and for 
the friction forces that may occur. 
Proof strength is defined as 85% of 

SYMBOLS 
2, = Pitch diameter of screw 

d ,  = Minor diameter of screw 

D = Mean bearing diameter of 

m =  
N = %action force normal to  

F = Applied axial load in bolt, Ib 
P = Maximum permissible pre- 

S = Combined bolt stress, psi 
St = Tensile stress, psi 
S, = Combined stress, psi 
T = Applied tightening torque 

a = One half of thread profile 

fi  = Helix angle of thread, deg 
E = Poisson’s ratio (0.3 for steel) 
p = Coefficient of friction 

between threads 
u = Coefficient of friction 

between nu t  and washer on 
bearing surface 

4 = Friction angle, deg, 
tan  4 = p 

threads, in. 

threads, in. 

nut, in. 
t an  ( P  + 4) 

helix, lb 

load, lb 

cos Q 

to  bolt head, in.-lb 

angle, deg 

DERIVATION OF DESIGN EQUATIONS 
Load-torque ratio 

axis are 
The summation of forces, left? acting on a thread along the x and y 

F c o s p - s i n p ( P / c o s a ) - N p = O  
N - COS ,8 (PJcos a) - F sing = 0 

Combining these equations and substituting tan $J for P results in 

F - tan ( + + P )  ~ - _  
P COS a 

The torque acting on the bolt is 

Stress-torque ratio 
For pure tension and torsion in the bolt 

16 T s, = - 
?r dr:: 

P 4 P  
St = ;;i = -> 

Since the torque on the bolt shank T=Fd,,/2,  and F = P q  then 

To combine these stresses, the maximum strain theory by Saint- 
Venant is employed which states that elastic failure occurs when the 
deformation normal to any plane in. the body reaches a value equal to 
the strain at the yield stress in pure tension: 

To obtain a solution for S, the values for SI and S, must first be calcu- 
lated. I f  S is greater than the yield strength of the material, then S, or S, 
must be reduced, or failure may likely occur. The yield strength in shear 
is usually about 60% of the tensile yield, or Sh=0.6S. To modify Eq 1 
so that the above relationship holds true when there is pure torsion 
(when Sl=O), a correction factor, C ,  must be employed. Hence, from 
Eq 1 with ~ = 0 . 3  and S,=O: 

&=$ [(I  +0.3)  d4 (C S,)S , C’ = 1.3 1 
Eq I now becomes 

1 (1 -e )  S,+(l+r)(S/r+6.76 S,’))” 

Substituting values for SI, &/SI, and ~=0.3 ,  and dividing by T gives 

( 2 )  - S-O.89+1.661/1+(5.2 -_ mdt,/d,)*  
T d? (:ID-(-m d!,) 
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the ultimate (tensile) strength of the 
bolt, which results in a maximum 
permissible prestress of 80 X 85 = 
68%, or roughly two thirds, of the 
tensile strength. However, a value of 
only 60% of the tensile strength was 
used in the charts to compensate for 
certain deviations, which will be ex- 
plained later. 

An ideal limit suggested by some 
researchers is that the bolt be tightened 
to its yield point and then slightly 
loosened. The drawback here is that 
the yield point of the bolt cannot be 
determined with any reasonable de- 
gree of accuracy. 

Equations 
The equations which form the basis 

of the analysis and related design 
curves are as follows: 
Stress-torque ratio: . 

S 0.89+1.66 d1+(5 .2~~? , /&)~  

Preload-torque ratio: 

- =  
T d,Z (vD+mdp) 

where 

m =  
tan ( 6  + 6) 

cos a 

Design curves 

The most common bolt applications 
utilize steel bolts and nuts, unlubri- 
cated (as received from the manufac- 
turer). For this type of application, 
values of 0.14 for collar friction v,  
and 0.12 for thread friction p, are 
reasonable and were used to plot the 
curves. The curves are plotted for 
fine threads but may be used for coarse 

BOLT CANDIDATES FOR PROBLEM I 

BOLT TIGHTENING 
DIAMETER, TORQUE, 
IN .  IN.-LB 

1/4 180 

5/16 235 

3/8 9-75 

7/16 3 20 

1 / 2  3 60 



and extra-fine threads with only small 
error. When the recommended tight- 
ening torque fmm the curves for a 
specific bolt size is applied to coarse 
threads instead of fine, the prestress 
will be somewhat higher, probably on 
the order of 10%; when applied to 
extra-fine threads, it will be somewhat 
less, again probably on the order of 
10%. For critical applications, the 
formula can be used to make calcu- 
lations which can be checked from 
the curves. 

The three groups of curves, Fig 2.3, 
2nd 4, are for bolt sizes ranging from 
#I to # 12, from %-in. to %-in. 
diameter and from %-in. to 1-in. 
diameter, respectively. In each group 
the top family of curves is for the 
preload-torque ratio and the bottom 
family for the stress-torque ratio. The 
center curves act as pivot points. 

Problem I-bolt selection 
The design requirement is to select 

a bolt that can successfully sustain a 
4000-lb axial load. Here are the steps 
to follow: 

1)Make the preload equal to the 
anticipated axial load. Hence, P = F .  
(The preload can also be made larger 
than the anticipated axial load.) 

2 )  Select several bolt sizes in the 
size range expected, then check ten- 
sile-strength and tightening-torque re- 
quirements. For example, choose a 
boIt of %-in. diameter. This calls for 
use of the curves, Fig 3, to the right. 
F x m  the column for %-in. bolt di- 
anel-r, read across to the load-torque 
line, h e n  pivot upward to intersect 
the 400C)-lb load line, as shown by 
the arnws. A reading of the radial 
torque lin: at this point gives a tight- 
ening-torque value of 275 in.-lb. 

3)  Return to the %-in. bolt diame- 
ter and read across to the stress-torque 
line, then pivot downward to intersect 

TENSILE BOLT 
LOAD, STRENGTH, 
LB PSI 

4000 Over 210.000 

4000 1 su.ou0 
4000 I20,OOO 

4000 90,000 

4000 h0,000 

Threaded Components 19-15 

3. . FOR BOLT DiAMIETERS, 114 IN. TO 212 IN. 
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a line drawn from the 275 inAb. point. 
At this intersection the tensile strength 
is 120,000 psi. This is the material- 
strength requirement for the bolt. 

4) The procedure is repeated for 
other bolt sizes and the results are 
listed in the table, p 64, in order of 
bolt size. All the bolts, with the ex- 
ception of the %-in. bolt, will satisfy 
the requirements of absorbing a 4000- 
lb axial load without stress fluctuations 
or plate separation. The smaller bolts 
require higher-strength material but 
may be better for lightweight design. 

Problem II-a check on accuracy 
Use the equations to determine the 

tightening torque and required ma- 
terial strength for a %;16 UNF-2 bolt 
that is subjected to a 20,000-lb force. 
Bolt pitch = 1/16 in., d, ( f r o m  
tables) = 0.6718, d, = 0.7029, D = 
0.9375, p = 0.12, v = 0.14, LY = 30 
deg. 

Sin fl  = 

/3 = 1" 37' 

= 0.0283 1 
16n (0.7029) 

tan 4 = 0.12 or cp = 6" 50' 

m =  tan (1" 37' + 6" 50') 
cos 30" 

vD + P 
2 

20 000 [(0.9375) (0.14) + T = L  

T = - (  

2 (0.7029) (0.17154) 
T = 2518 in.-lb. = 210 ft-lb 

Substituting values of T, in, dp, d,, p 
and D in Eq 2, p 63, and combining: ~- 

S - 0.89+1.66 d1+5.2 (0.180)2 
2518- (0.451) (0.131+0.121) 

S = 70,000 psi 

strength of the material should be: 
For 60% prestress, the tensile 

&=L= 70 Oo0 116,667 psi 
0.60 

From the curves on page 66, for 
?4 -in. bolt and 20,000-lb load: 

T = 210 ft-lb; St = 120,000 psi. 
For reprint of above article, just check 
709 on one of the Reader Service 
cards found in this issue. 

4. .FOR BOLT DIAMETERS, Vz IN. TO 1 IN. 
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World of Self-locking Screws 
Screws and bolts with self-locking ability are making the scene on more 
products because of today’s emphasis on safety and reliability. 

Frank Yeaple 

Self-locking ability in fasteners is definitely 
in. The fear of costly lawsuits stemming 
from a fastener’s loss of clamp load is 
making manufacturers of products spend 
a little more timeand money to assurejoint 
reliability. Hence design engineers have a 
freer hand in selecting locknuts and 
lockscrews. 

Last month’s issue contained a roundup 
of proprietary types of locknuts. Locknuts 
are generally cheaper than lockscrews, and 
fewer special parts (the locknuts) need to 
be stocked to handle original and re- 
placement parts. But because lockscrews 
mate with a standard nut, they can provide 
a better guarantee that the locking system 

will be retained even when the original nut 
is lost. 

This roundup of self-locking screws and 
bolts includes many novel thread forms 
that are competing for the job of main- 
taining a tight joint under adverse condi- 
tions. Also included are special shank and 
head designs and the use of plastic inserts 
and anaerobics to improve self locking 
characteristics. 

Varlabie pitch threads. A screw 
thread with an oscillating pitch distance 
can increase and decrease between max- 
imum and minimum values to provide a 
high resistance to self loosening from 
shock and vibration. The Leed-Lok 

prevailing-torque screw (Fig I), available 
from National Lock Fasteners Division of 
Keystone Consolidated Industries (Rock- 
ford, Il l . ) ,  uses the varying pitch to induce 
interference on the flanks of the threads. 
The locking threads need not be produced 
along the entire length of the screw, but 
only at desired points. For example, the 
pitch for a %-20 thread may vary as 
follows: 0.047, 0.050, 0.047. This signifi- 
cantly increases turning friction but does 
not deform the mating threads beyond 
their elastic limit. 

Tilted threads. Another way to induce 
interference is by deflecting and slightly 
deforming the threads during the thread 

1. Leed-lok threads 2. E-Lok threads 

n Varying pitch 

0.047 0.050 0.047 -- - a  - -  

Thread configuration for a %-20 thread 

- -  - a  - -  I 0.047 0.050 , 0.047 

Thread configuration for a %-20 thread 1 
,Conventional thread 

I 
E-Lok thread ’ 

4. Tru-Flex threads 3. Vibresist threads 
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6. Orlo threads 6. Spipiralcek zhreads 

rolling process when the screws are made. 
Employed by the Everlock Division (Troy, 
Mich) of Microdot on its E-Lok screws 
(Fig 2), the process deflects the 60-deg 
thread form a certain amount (about IO 
deg) from the normal to the screw axis. 
In general, every two tilted threads are 
followed by two straight (normal) threads 
over the chosen length of screw. 

Partially offset threads. In this meth- 
od, portion of each thread is deformed 
parallel to the thread helix axis (Fig 3). AS 
an example, Vibresist screws produced by 
Russell, Burdsall, & Ward (Mentor, Ohio) 
provide a consistent prevailing torque, 
slight or substantial as required. The mat- 
ing internal threads wedge between the 
offset screw threads. Spring action is rein- 
forced, and because locking, here as with 
the other altered-thread types, depends on 
the elasticity of metal, the screw does not 
lose its grip at elevated temperatures. The 
locking threads can be specified adjacent 
to the head for locking in tapped holes, 
along the middle of the thread length for 
locking in tapped holes and near the screw 
end for locking with standard nuts. 

Screws with somewhat similarly de- 

formed threads are offered by Cleveland 
Cap Screw (division of SPS Technologies, 
Cleveland, Ohio) on its Tru-Flex screws 
(Fig 4). In the process, threads near the 
end of the screw are specially deformed for 
a circumference of less than 180 deg of arc. 
When meshed with conventional female 
threads, the locking threads are reposi- 
tioned from root to crest to induce a 
resisting torque. It was found that reshap- 
ing several threads within a 180-deg arc 
of the fastener circumference would pro- 
vide ample prevailing torque with only 
minute changes in pitch diameter. 

Resilient rib thread. The Orlo thread 
(Fig 5) has a cold-formed resilient rib on 
the non-pressure flank of the thread, either 
part way or continuously around. When 
a screw with Orlo threads is assembled into 
a threaded part, the ribs are compressed 
like springs to force the screw's pressure 
flanks against the mating threads, and this 
will increase resistance to rotational forces 
from vibration or shock. The spring-like 
action of the rib threads permits the screw 
to be reused effectively. Orlo threads are 
available on screws by Holo-Krome Co 
(West Hartford, Conn)., and Pioneer 

Screw & Nut (Elk Grove Village, Ill). 
Wedge-ramp roots. This internal 

thread form, called Spiralock (Fig 6), is 
applied to locknuts and tapped holes to 
provide locking characteristics to standard 
bolts. The key innovation is the addition 
of a 30-deg ramp to the roots of conven- 
tional 60-deg threads. When the bolt is 
seated, the crest of the bolt thread is pulled 
up tight against the ramp and is wedged 
firmly with positive metal-to-metal contact 
that runs the entire length of the nut or 
tapped hole. The special thread form, in 
fact, allows wide latitude in bolt toler- 
ances. SpiralockTM locknuts are available 
from the Greer and the Kaynar divisions 
of Microdot (Greenwich, Conn.); taps for 
producing the thread may be obtained 
from Detroit Tap and Tool Co. (Warren, 
Mich.) 

Threads with special wedgeramp roots 
also have been applied to screws. In the 
Lok-thred form (Fig 7). available from 
Lock Thread Corporation and National 
Lock Fasteners (Rock ford, Ill.), the thread 
of the screw itself performs the locking 
action. This male thread is shallow, with 
ample radii and a wide root pitched at a 

,Starting root 7. Lok-Thred threads , Locking root 8. Lamcolok threads 



9. Powerlok threads 
Metal cornmessed 

:/ 30° . locking angle 
Tapped thread major diameter .. ------ -- 

minor diameter 

60' 
standard tapped thread 

Screw, after tightening 
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10. Chexoff threads 
Internal 

7 thread 

thread 

Before After reformation of lobe } 

locking angle. These locking roots con- 
verge toward the head. A Lok-Thred bolt 
enters an ordinary tapped hole freely for 
a few turns, then meets resistance when the 
bolt root contacts and, by swaging, re- 
forms the nut threads to a perfect fit about 
the wedge-like locking roots of the bolt. 
In service, much of the clamp load is 
carried on the tapered roots, which wedge 
against the nut crest to lock securely as 
the work load increases. Bolts which have 
this type of wedge root thread have a larger 
root diameter than ordinary threads, 
which gives strength in tension, torsion 
and shear, as well as increased endurance 
limits. 

Locking roots. A self-locking thread 
based on flank interference with standard 
internal thread flanks (Fig 8) provides a 
clamping force and holding torque that 
remains constant, Developed by Lamson 
& Sessions (Cleveland, Ohio), the Lam- 
colock thread design can be rolled on 
almost any bolt or screw. It employs a 
recessed full-radius root and a decreased 
major diameter giving the thread a wide, 
squat look. The decreased major diameter 
provides room for material to flow into 

the root recesses, thus averting possible 
galling. 

Locking crests. The locking ability of 
Powerlok screws (Fig 9) is enhanced 
through the combination of a novel 60 deg 
- 30 deg thread form and a tri-lobular 
thread body section. Locking action is 
developed at the outermost radius of the 
torque arm of the screw body, whereas 
most locking screws develop their re- 
sistance at lesser radius points. The deeper 
thread form of the Powerlok geometry, 
along with a slight increase in the major 
diameter of the thread as compared to 
equivalent size conventional screws, also 
adds to the locking ability. Basically, the 
nut-thread metal is elastically deformed in 
the compressed areas created by the 30- 
deg portion of the thread. Powerlok screws 
are available from several fastener manu- 
facturers, including Continental Screw Co 
(New Bedford, Mass.), Midland Screw Co. 
(Chicago, Ill.), Central Screw Division of 
Microdot, and Elco Industries (Rockford, 
Ill.). 

Resilient bulges. By deforming sever- 
al threads on one side of the Chexoff screw 
to form lobes (Fig lo), controlled thread 

interference is induced when the screw is 
threaded. Available from Central Screw 
Co, (Des Plaines, Ill.), the special screws 
with lobes create a wedge-like effect by 
exerting pressures on the opposite side of 
the mating threads. The lobes may all be 
located on the same line or else staggered 
in order to provide considerable periphery 
pressures. 

In another design, Deutsch Fasteners 
Corp. induces a resilient bulge on one side 
of the bolt (Fig 11) that increases in a 
similar manner the frictional contact be- 
tween mating threads on the opposite side 
of the- bolt. The bulge is formed by the 
interference action of a precision ball, 
pressed into a hole drilled close to the 
minor diameter of the threads during man- 
ufacture. 

Sine-wave threads. In another ap- 
proach to improving the locking character- 
istics of bolts, Valley-Todeco, Inc. (Syl- 
mar, Calif), has developed its Sine-Lok 
interference-type thread (Fig 12) for use 
on the upper regions of a bolt, normally 
consisting merely of a straight shank. The 
lower portion of the bolt has conventional 
threads. During assembly, the bolt shank, 

12. Sine-Lok bolt shank 
11. Resilient-bulge threads 

Original 
clearance-hole 
wall 
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13. Taper-Lok shank 14. Uniflex head 

Typical installation 

which has a series of modified sine waves, 
is threaded through the clearance holes of 
the two parts being assembled, instead of 
simply being pushed through. The sine 
wave threads displace the material of the 
clearance-hole wall into their roots. The 
protruding, threaded end of the bolt is then 
tightened by a standard nut. The bolt thus 
gets a double threading action that helps 
prevent loosening. 

Tapered shank. Another way to in- 
crease the shank’s grip of the parts being 
assembled together is to provide a slight 
taper to the shank, as shown in the Taper- 
Lok screw by Voi-Shan Division of VSI 
Corp. (Pasadena, Calif.). (Fig 13). Al- 
though only 0.25 in. per linear foot, the 
taper provides a controlled interference fit 
that compresses the material of the joint 
elastically around the hole to induce an 
excellent preload condition. 

Head-grip screws. Many new head 
shapes for screws are designed to increase 
resistance to vibrational loosening in 
joints. The Uniflex head (Fig 14), de- 
veloped by Continental Screw Co. (New 

Bedford, Mass) to complement the 
company’s line of trilobular thread-rolling 
screws, has a washer-like, undulating 
head-bearing surface. When the surface, 
which has three alternate high-and-low 
areas, is tightened against the joint being 
assembled, the relieved areas are aligned 
with potential stress points at the lobes of 
the trilobular screw thread. As a result of 
this bearing-area relief, thread engagement 
is increased and bolt loosening noticeably 
resisted. 

High locking power and clamping force 
are provided with Tensilock screws avail- 
able from Eaton Corporation (Massilon, 
Ohio) (Fig 15). The screw head has a 
concentric circle of 24 embedded, 
carburized teeth, with an outer concentric 
groove that permits flexing of the head to 
occur. The Durlok fastener available from 
SPS Technology’s Cleveland Cap Screw 
(Cleveland, Ohio) also has ratchet-like 
teeth around the periphery of the bearing 
surface (Fig 16). To limit depth of pene- 
tration and marring of the mating surface, 
the serrations are encircled by a smooth 

15. Tensilock head 

Carburized 
teeth 

16. Durlok head 

Concer 
groove 

itric 

P = Pressure points 

outer bearing area. 
Lockscrews with the toothed portion of 

the head furnished in the form of a pre- 
assembled washer include the Melgrip 
screw by Elco Industries (Rockford, Ill) 
(Fig 17), and Sems screws available from 
a number of manufacturers, including 
Shakeproof Division of Illinois Tool 
(Elgin, Ill), National Lock Fasteners 
(Rockford, Ill,), and Central Screw (Fig 
18). Melgrip’s locking effectiveness results 
from the mating serrations on the under- 
side of the bolt head and top of the washer 
surface, coupled by the bidirectional grip- 
ping teeth on the periphery of the washer 
which embed into thejoint material. Thus, 
the washer cannot skid or score. 

Sems screws are available in a vast 
variety of washer types to provide spring 
tensioning for improved loosening re- 
sistance, as well as to bridge oversized 
holes or insulate and protect material 
surfaces. 

Nylon-pellet Insert. Self-locking 
screws that use a resilient nylon insert in 
the threaded section to develop a 



17. Melgrip washer-head 

Threaded Components 

18. Sems washer types 
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Bi:di!ectional 
Mating grlpplng 
serrations 'teeth, 

prevailing-torque locking action (Fig 19) 
have been a familiar product for a number 
of years. The nylon pellet, press-fitted into 
the screw, projects slightly beyond the crest 
of the thread. Once the threads are en- 
gaged, the screw is held in position by 
lateral pressure. The pellet technique can 
be applied also to nuts and studs. Screws 
with nylon-pellet inserts are available from 
Nylok Fastener Division of USM Corp. 
(Paramus, N.J.) and N D  Industries, Inc. 
(Troy, Mich.). 

Nylon fused patch. Another effective 
and well-established way to help a screw 
resist loosening is by use of a plastic 
locking patch that is fused on a 
dimensionally controlled area of the screw 
threads, shown in Fig 20. This nylon patch 
is thickest in the center and feathers-out 
along the edge to provide a gradual en- 
gagement of the locking patch as itencoun- 
ters mating threads. As the mating threads 
fully engage the patch, the nylon is com- 
pressed to build up a resistance to turning 
at the right in  the figure, and a strong met- 
al-to-metal contact between threads at the 

19. Nylon-pellet screw 

left. This type of screw is available from 
the Esna Division of Amerace Corp. (Un- 
ion, N.J.), Long-Lok Fasteners Corp. 
(Cincinnati, Ohio), Holo-Krome Co., 
(West Hartford, Conn.), and the Unbrako 
Division of SPS Industries (Jenkintown, 
Pa.) 

Adhesive thread locking. Epoxy and 
anaerobic adhesives and stiffly viscous 
fluids have become popular for turning 
low-cost plain bolts and nuts into lock 
fasteners. Epoxy, which is a two-part 
adhesive, is applied in the form of alter- 
nating strips or microcapsules to the 
threaded fastener. Once applied, the epoxy 
(or one of the anaerobics) remains dor- 
mant on the fastener (Fig 21) until a cure 
is activated by engagement with a mating 
thread, The curing process for most of the 
chemical adhesives may continue for days, 
although by the twelfth hour a good bond 
has generally been achieved. The adhesive 
technique, however, does not offer re- 
usability capabilities. Screws with pre- 
applied adhesives are available from N D  
Industries, (Troy, Mich.), Cleveland Cap 

Screw (Cleveland, Ohio) and Camcar 
Division of Textron (Rockford, Ill). Or 
you can buy your own. 

Highly viscous fluid coatings, such as 
Vibra-Tite available from N D  Industries 
(Troy, Mich.) and Oakland Corp., offer 
a compromise by making the parts ad- 
justable as well as improving self-locking. 
The user can apply it from a bottle with 
a brush applicator, like glue. Vibra-Tite, 
however, is not an adhesive, so its primary 
usage is not to provide a heavy-duty lock- 
ing capability; but it does permit the 
fastener to be assembled, disassembled or 
adjusted. 

Prevaillng torque. Remember that 
most self-locking screws rely on friction in 
one form or another to hold fast against 
axial or transverse vibration. Transverse 
vibration is most difficult to protect 
against because accelerating forces can 
cause momentary slip at a microscopic 
level, eventually loosening the thread. Lab 
and field tests are recommended. 

20. Nylon lockingpatch screw 

21. Adhesive-lock screw 

String Compressed 
rnetal.tometal nylon 
contact 
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Unconventional Thread Form Holds 
Nut to Bolt During Severe Vibrations 
Wedge shape at root of nut creates metal-to-metal contact over mating thread length. 
The result is a firmer grip. 

When subjected to high transverse vibra- 
tions, fasteners tend to loosen with all the 
undesirable consequences that follow. En- 
gineers at Microdot Inc. (Troy, Mich.) say 
they have solved the problem. Their solu- 
tion: a new thread that resists vibrations 
more effectively than others now available. 

Known as Spiralock, the thread is being 
used in a free-spinning, flanged nut, to 
eliminate internal self-loosening, the cause 
of walk-off. The thread form incorporates 
a wedge ramp at the root of the thread. 
This wedge ramp is created by widening 
a portion of the normal thread angle at 
its root. 

Hold tight. When torque is applied, the 
crests of the mating fastener are pulled 
against the wedge ramp to form metal-to- 
metal contact over the entire length of the 
spiral path of mating threads. Such contact 
prevents the fastener from loosening under 
severe vibration conditions. 

According to Microdot designers, the 
fastener works effectively because under 
clamp load the air space between the 
mating threads is eliminated. Air space, 
which is normal in free-spinning fasteners, 
is the cause of internal self-loosening, they 
contend. 

With such fasteners, the diametrical 
tolerances needed on both the male and 
female threads frequently create air spaces 
of 0.018 in. The average air space is 0.010 
in. and the minimum air space needed for 
assembly is 0.0025 in. 

Thus, when any assembly using a regular 
free-spinning nut is subjected to transverse 
vibration, the air space allows the mated 
thread flanks to move laterally and the nut 
walks-off. Laboratory tests at Microdot on 
a Junkers vibration testing machine com- 
pared performance of Spiralock with other 
nuts. 

Nuts of various sizes were tightened to 
75% of proof load on standard nuts and 
then subjected to high amplitude vibra- 
tion. In every case, the test engineers say, 

the bolt failed from metal fatigue before 
the nut loosened. All bolts and nuts used 
in the test weresAE grade 8. 

When comparing Spiralock nuts to pre- 
vailing torque nuts several differences 
should be kept in mind, the designers say. 
Under normal vibration conditions, both 
Spiralock and prevailing torque nuts retain 
an acceptable amount of initial clamp load 
when tightened to 75% proof load. Under 
high vibrations the new wedged thread 
retains a higher percentage of initial clamp 
load than a prevailing torque nut. 

However, initial clamp load must be 
achieved for Spiralock to be effective. In 
applications where there can be no as- 
surance of achieving initial clamp load or 
if it can be lost due to brinelling, the new 

nut should not be used, the designers warn. 
Where it can be used, though, the 

Spiralock offers important benefits to 
manufacturers. It is freespinning, re- 
usable, and speeds assembly time. Above 
all, its ability to withstand high vibration 
or cyclic transverse loading qualify it for 
high-vibration applications, it is said. 

~ 

Typical free-spinning flanged lock nut 

Toraue applied 

Widened angle at thread root forms wedge. Bolt remains free-spinning until torque is 
applied. Then bolt threadscontact wedge, eliminate air space and prevent lateral movement. 
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Fastening Studs and Pins to Plates 
Ten removable and five permanent methods for fastening studs that provide pivots 
for linkages, act as stop pins, or register of parts in assembly. 

D. Mascio 

REMOVABLE ASSEMBLIES 

\ 
\ 

( A )  ( B l  

Fig. &-(A) Shoulder screw in threaded hole may 
have slotted head. Thickness of mounting plate 
should be a t  least equal to thread diameter- 
especially if design does not allow thread to protrude 
or to be cut flush. (B) Loosening of screw can be 
prevented by having plastic pellet inserted into body 
of thread, or patented, self-locking threads. 

P/ate, Sleeve Washer 

+-I--../--\ 

1 ]L..&u 
- Linkage 

Fig. 3-Standard bolt and nut can be used to hold 
movable linkage by using sleeve to prevent binding 
when screw is tightened.. 

Sprlng rib 
washer. 

u 
Fig. 5-Quick assembly is obtained 
with spring rib washer but slippage 
may occur with high loads. Also stud 
is difficult to disassemble. 

n 

Lockwosber \ $ \ I  I 

Fig. &-Shoulder screw in unthreaded hole requires 
nut and washer. Plate can be any thickness. 
Loosening of screw is prevented by lock washer 
or by using a lock nut. 

Taper or cutter pin p , u  

Washer - - - 

( 6 )  

Fig. 4-Where end play is permissible, stud can 
be retained by (A) unthreaded shoulder pin and 
snap ring; (B) washer and cotter or taper pin. 
Wedging effect of taper pin prevents end play if 
pin is properly located. 

U 

ll-l-b Anchor nut, 

Fig. &Threaded rod provides for 
axial adjustment in sheet metal as- 
semblies by clamping plate beiween 
two nuts (usually lock nuts). 

Fig. 7-Anchor nut enables should- 
ered stud to thread into thin sheet 
metal when only one side of plate 
is accessible. 
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REMOVABLE ASSEMBLIES 
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n 

Fig. &Sheet metal nut and stand- Fig. io-Stud with tapped hole 
ard screw make simple fastening is retained in thin sheg metal 
for small mechanism assemblies. standard stud threaded on both ends. with standard screw.. Hole can 
Nut can be recessed. be tapped all the way through. 

Fig. g-hserts with tapped hole pro- 
vide seat in plastic or soft metal for 

Inserts are retained in plate by vari- 
ous patented methods. 

PERMANENT ASSEMBLIES 

OriIled or indented 

I t-- - 
Fig. 11-(A) Shoulder stud is pressed into hole 
in plate. Holding power can be improved by 
using brazing ring or (B) having groove pressed 
on the shank by licensed manufacturers. 

- Countersunk plate Direction of 

countersunk hole 

Before riveting After riveting 

Fig. 13-Stepped-up stud does not reduce shear 
area at junction of pin and shoulder (as in Fig. 
12 A). Therefore, for same pin diameter shear 
strength is higher. Also, when stud is used as a 
stop pin, head of stud resists shock loads which 
may cause stud in Fig 12 (A) to pull out. 

Arc or flame 

Fig. 12-(A) Riveted shoulder stud in clearance hole 
is center drilled for ease of riveting. Plate counter- 
sunk for flush riveting. (B) Riveting over sheet metal 
will not be flush unless (C) metal is indented. 

Dowelpin 
or precision n Stock7 

I 3  Knurled" 

Fig. l4-(A) Press-fitted dowel pins can be used for 
small sizes up to + in. dia.-precision stock for 
larger diameters. Press fit is also obtained with 
knurled pin (B) or with patented items such as 
grooved pins, slotted tubular pins, spirally rolled pins. 

Fig. 15-(A) Special studs for welding allow dissimilar 
metals to be welded, which is frequently impossible with 
resistance welding. Special gun for welding creates Iittle 
heat, therefore no distortion. (B) Flame welded studs have 
fillet around bottom. 
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16 Ways to Align Sheets and Plates 
with One Screw 
Federico Strasser 

Two Flat Parts 

L- 1 

Q 
a Retaiied slug 

1 Dowels.. . 2 Retained slugs. . . 3 Aligning tube . . . 
act as pins, perform same function accurately align two plates, prevent 

shear stress in fastening screw. as  dowels; are cheaper but not os 
Two pins are necessary because accurate. 
screw can not act as aligning-pin. 

fits into counterbored hole through 
both parts. Screw clearance must 
be provided in tube. 

. MiNed channel. 

/ 
/ 

f 

// 
/ 

merit 

4 Abutment . . . 
provides positive, cheap alignment 
of rectangular part. 

5 Matching channel . . . 
milled in one part gives more eficient alignment than abut- 
ment in preceding method. 

Formed Stampings Assembled with Flat Parts 
---Bent ffonge 

CI! 
6 Bent flange. . . 
performs similar function as abut- 

7 Narrow slot . . . 
receives flange or leg on sheet 

7 - 1  

B 

A 

ment, but may be more suitable metal part, allows it to be 8 Bent lug . . . 
where machining or casting of abut- mounted remote from edge of 
ment in large part i s  not desirable 
or practical. 

(A) fits into hole, aligns parts simply 
and cheaply; or (B) lug formed by slit- 
ting clearance hale in sheet metal keys 
parts together at keyhole. 

other part. 
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Lanced- 
legs 

\ 
\ 
\ 
\ 
\ / 

9 Two legs . . . 
formed by lancing, align parts in manner similar to re- 
tained slugs in method 2, but formed legs are only an 
alternative for sheet too thin to partially extrude slug. 

10 Aligning projection . . . . 
formed by slitting and embossing i s  good locating 
method, but allows o relatively large amount of 
play in the ossembly. 

Flat Parts and Bars 

/ - Wosher 

12 Nondrcular end . . . A B 

on bar may be square (A) or 
11 Knurled end . . . 0-shaped (B) and introduced into 
of round bar (A) has taper which digs into a similarly-shaped hole. Screw and 
edge of hole when screw is tightened; this washer hold parts together os 
gives accurate angular location of bar or before. 
sheet. (B) Radial knurling on shaulder is  
even more positive. 13 Transverse pin . . . 

in rod end fits into slot, lets rod e;ld 
Square 
rod-end 

Dowel, be round but nonrotatable. 

15 Dowel. . . 
is simple, efficient method of preventing rotation if 
rod dio is  big enough. 

14 Washer over square rod end . . . 
has leg bent to fit in smoll hole. Washer hole is square, prevent- 
ing angular movement when 011 three parts are assembled ond 
fastened with screw and washer. 

16 Double sheet thickness . . . 
allows square or hexagonal locating-hole for shaft 
end to be provided in thin sheet. Extra thickness 
can be (A) welded (B) folded or (C) embossed. 

20-5 
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For Better Grip-Longer Holes 
in Sheetmetal 
In Steel or brass, depth of a threaded hole should be at least half its width, 
and in zinc or aluminum the right ratio is 2/3. If the metal is too thin, 
here's what to do. 

Federico Strasser 

1 

BENT-OVER S H E E T  doubles depth of holes 
near edge. Sometimes one more bend, for 
triple depth, is possible. 

2 

PROJECTION-WELDING fuses lugs on nut 
(A) to sheet. Flanged nut (B) for spotwelding 
has  pilot rim to  locate it on hole. 

3 
PATCH O F  SHEET or plate, for a longer 
thread, serves holes away from edge; needs 
at least two rivets or welds to  keep it from 
turning. Larger pieces cover group of holes. 

4 
CLIP slips over edge of sheet, and positions on 
hole when pilot rim springs into place. Ext ra  
cutout next to hole allows installation away 
from edge. 
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5 

FLOATING N U T  snaps into square hole and 
allows misalignment of bolt. If the thread 
strips, replacement is  easy. 

6 Slat 
STAKED N U T  fits in relieved hole. Relieving 
nut makes it easier t o  stake. Squeeze on clinch 
nut forces sheet to flow under tapered rim. 
Slots in ring keep nut from turning.. 

7 
TAPPED HOLE snaps into sheet and 
grips it between flange and hump. 
Screw forces prongs apart  so hump 
presses even harder on sheet. Slot 
digs into side of hole to prevent turn- 
ing. Another version sits  flush. 

Square-shape plastic grommet, which 
doubles as insulator, cannot turn in 
square hole. Screw must make i ts  own 
threads in smooth grooves, a s  i t  wedges 
grommet tightly in place. 

8 

DOUBLE-DUTY N U T S  also act  a s  rivets. Blind fastener 
( A )  requires special tools; other blind fastener (C)  doesn't. 
Nut ( U )  bites into sheet when w r e w  tightens down on 
11calr. and bends i t  ovei'. 
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Bolts Get Help Against Shear 
Especially when they are loose, clamping bolts or screws encounter side 
loads they weren't meant to carry. Here are ways to stop bending and 
to align parts as well. 

Federico Strasser 

DOWEL PINS hold against small loads a t  temporary 
or semi-permanent joints. For joints taken apart  more 
often, use tapered pins; they come out easier. Where 
a dowel pin flts in a blind hole, it can't be knocked out 
so must be drilled and tapped to take an  extractor. 
Fancier types carry a threaded rod on top which sticks 
out of the hole. As a nut  is tightened down on it, the 
pin lifts out. 

KEY is pin laid flat between two parts. Although round 
pin is  easier to install than the  rectanguIar key, it lets 
parte; shift when the  bolts loosen even slightly. 

RIBS lock extruded 
further preparation. 
boss fits into hole 

On cast  or molded parts, integral 
which is either molded or drilled. 
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BUSHING is  split so that  i t  fits tightly yet doesn’t need 
a reamed hole as a dowel does. Solid bushing replaces 
it when high side loads would compress a split bushing. 

BOSS on extruded hole becomes a built-in bush- 
ing when used to locate and hold a sheetmetal 
part. 

RABBET takes high loads and gives precision fit, Here 
rabbet also locates gasket between pipe flanges. 

Welded Cosf 

\ I /  
CAST LUGS or welded bars provide shoulders as hefty 
as a more expensive recess would, but don’t have same 

20-9 

clean look. 
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10 Ways to Conceal Fasteners 
How to improve appearance of instrument panels by hiding screw heads. 

Frank William Wood JR 

T h e  appcarance of an otherwise good-looking instru- 
ment panel is often spoiled by screw heads distributed in 
an uneven pattern across the panel surface. The follow- 
ing designs illustrate methods of improving appearance 

by subduing and concealing fasteners. In some cases, 
applications of these designs will not only improve 
appearance but also will reduce fabricating and assembly 
costs. Sometimes you get tamper protection as well, 

1 DOUBLE-DUTY SCREW attaches chassis to panel, 
is  concealed by handle . A bonus is reduced fabri- 
cation and assembly time. 

3 TAPPED INSERT pressed into panel Is some- 
times more economical than blind-tapped panel. 

2 BLIND HOLE in panel conceals screw. This method 
is best suited for thicker panels, when adequate 
depth can be obtained without close tolerances. 

4 RECESSED SCREW HEAD is concealed with an 
epoxy resin before panel flnish is applied. To pre- 
vent loosening of screw, the panel should be  
threaded. This thread, in conjunction with staking, 
locks the screw securely in position. 
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5 “OVERLAY” PANEL conceals all front-panel hard- 
ware. Overlay panel offers no support for compo- 
nents and in many cases is attached with pressure- 
sensitive adhesive. All markings and nomencla- 
ture for controls can be carried by this panel. 

6 ORIENT SCREW-HEAD SLOTS in same direction 
to subdue detracting appearance of screw heads. 

7 MATCHING HARDWARE FINISH to that  of the 
panel effectively subdues hardware appearance. A 
familiar example of this is the black oxide finish 
commonly used on panebmeter screws. 

8 SPOT-WELDED STUDS AND NUTS a re  commer- 
cially available for use on  steel  panels. Or, alter- 
natively, special brackets can be used. 

9 SNAP-IN “PLUG BUTTON” fits into counterbored 10 SHEETMETAL STIFFENER FLANGES can be 
recess to  conceal screw head and also provide cor- integral, as shown here, or separate when panel 
porate or product identity. material cannot be formed. Sheetmetal screws 

hold panel. 
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Attaching Motors to 
InstrumCnt Gearheads 
Methods include servoclamps, screws, pins, adapter plates 
and half-rings, plus an eccentric mounting. 

frank William Wood JR 

Instrument gearheads are increasingly useful in com- 
plex servo cquipinent where space is at  a premium. 
Motors to drive the gcarheads are usually mounted in 
line with thein and must be reliably and economicaIly 
attached. Sketchcs show some of the various methods 
possible. The method chosen for a particular design 
is dctermincd by configuration of the motor, the type of 
input plate on the gearhead, or a combination of both. 

Housing Rear plate 

Motor pinion Reiahing Cap 

Installation should be simple-it should not rcquirc 
disassembly of gearhead; connection should not loosen 
under vibration or shock, should not increase diameter 
of gearhead, should provide adjustment in high-preci- 
sion requirements, and should provide necessary envir- 
onmental protection a t  point of attachment (keep 
dust, nioisturc, ctc., from entering gearhead). Backlash 
adjustment is also a desirable feature to include. 

\ 
Gearbead housing 

Pin after adjutuy 
for minimum back/asb 

- 
? 

Mofor pinion i 
fvariab/e center) 

Adapter plate 

These d h h  on adapter 
be eccentric 

1 TYPICAL GEARHEAD and motor using “plate con- 2 MOTOR IS MOUNTED on eccentrically bored adapter 
struction” gearhead. plate to permit backlash adjustment. By rotating 

adapter plate, backlash can be reduced to nlinimuln 
between motor pinion and gearhead input gear. 
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3 STANDARD SERVOCLAMP 

/ s e f s c r e w  

!---.---3 i 
i j Motor i 
i 

I 
j c. - - . . 

5 SETSCREW THROUGH HOUSING SIDE-CLAMP 
T O  MOTOR 

4 BOLT THROUGH GEARHEAD INTO MOTOR 

4 
----- 
tuining cup 

6 ADAPTER PLATE AND RETAINING CAP 

,Hdf rings 

7 P I N  THROUGH HOUSING SIDE INTO ADAPTER 8 T W O  HALF-RINGS AND RETAINING CAP 
P L A T E  
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Fastening Precision Gear-Plates 
Don’t waste high-precision gears; design their mounts to provide accurate alignment 
even with unskilled assembly. Aim for rigidity too. Here are some ”tricks of the trade.” 

Frank William Wood JR 
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Bonding Sheet Metal with Adhesive 
Tabs, lugs, rivets, folds, and other reinforcing methods should always accompany adhesive 
when the bonded parts are metal. 

Federico Strasser 

,Adhesive 

Notches /et , , 

be formed more 
occuro fely 

SLOTS HERE ALLOW 
MAXIMUM JOINT STRENGTH. 

n TABS ADD PEEL STRENGTH. 

Lonced and formed / u g s l  

Load L ood 

INCREASED BOND AREA . 
GIVES MORE SHEAR STRENGTH 
BUT NO MECHANICAL AID. 

Not recommended Best design 

. .  
. .  

. .  . 

I . .  . 

Bad Good 

ADHESIVE IS STRONGER IN SHEAR, 
PROVIDE FOR THIS IN DESIGN. 
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\ I  
Eyelets, rivets or spotwelds 

RIVETS OR SPOT WELDS 
ADD PEEL AND SHEAR STRENGTH. 

folds moke ribs 

FOLDS ARE SELF-CLAMPING; 
RIBS ADD RIGIDITY. 

. .  

Poor Be t te r  Bes t  Best 

MECHANICAL SUPPORT 
FOR BONDED BRACKETS RELIEVES 
STRESS IN ADHESIVE. 

INTERLOCKIWG NOTCHES LET 
STRUCTURES SUPPORT 
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7 Ways to Assemble with Adhesives 
Adhesives have come into their own now, so why not use them to greater advantage 
in mechanical and electrical assemblies? 

Eugene J. Amitrani 
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6 

' .  

I 

Podd/e connec for $ 

* 4  

* -  

j Adhesive method 
- g * *  

$ 9  

f + ? 4 * * &  
L l  I 

< I  I ,  I 

~ 

SCRE,WS A + N ~  L Q C K W A S H ~ R S ~  ' ~ 

~ shown by dotted lines In sketch : 

, hesive to attach components. 
can be eliminated lly using ad- I 

:4 ' 4 V E  R3VF7S.Ab TIME by using 
I adh$ive to fasten r i b b o n p H e  to 

.j 

connector-board.. Dis&qmMy is ~ ~ 

not easy, though. J j  

, I  

I I 
, a  

I 

i , *  

1~ . I ,  

I 
' *  

1 ! ; I / $  
$ * $ I  

' / I  I '  

+ I  

Conventfunal method 
, 

. +  

* I  

I 
Whq not +hi$? * .  

8 

RUBBER BUMPERS 'usualiy neeif to 
be speicially $haped and fitted into 
a hole in the: camponent.iAUheslve 
can simplify such assemblies. 

dhes>e 

,Screws 
ehmiho fed 

! 1 

S I  

, 1 _  

I ^ j  . _  
PlAtsU HINGES-are frequsntly used 
in inr;trument cases. Adhesive saves * 

both hardware and time spent in 
making Sure alignment k accurate. 
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Glass-to-Metal Joints 
Five ways of joining glass and metal to keep thermal 
stresses to safe levels. 

Robert H. Dalton 

1 <  r i  
Qou ble-$lazed? wingow 'bohded ta metal 

cement  combined 'wiih astiestog tape' jotns? 
glass'and t rbefalbipe ' ' 

> r i  

< 1  
* I  

I 
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1 2  Fused glass 
i 

~d 

Saled-beam lamp has th in  flexible metal 

cap fused to  glass 
r I *  

8> 
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J * " I  

Lok-pel t in 'g * solder glass minimizes 
hekt dahage to mating parts 

* I  
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$ 7  
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# 

Metailized edge of  glass window is' 11 soldered to flexible metal frame 

tal -qap soldered ' to large-area 
dtglhsg surface * 1  

> * " + $  
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Simplifying Assemblies 
with Spring-Steel Fasteners 
Since annealed spring steel can be stamped, twisted, or bent into any desirable shape 
and then heat-treated to develop spring characteristics, it can be designed for multiple 
functions in addition to that of fastening. Shown below are 16 ways in which spring-steel 
fasteners can be used to. . . . . 

Arched prongs 

I I 

Pre-locked position 
Fig. 4 

FIG. 1-Multiple-purpose flat spring has stamped hole 
helically formed to accept adjusting screw. Replaces a 
locknut, bushing with internal threads and spring blade. 
Screw adjusts gap of contacts thus changing duration of 
current flow. Application: thermostatic timing control 
unit of an automatic beverage percolator. 

FIG. 2-Spring-steel clip firmly holds stud of control knob 
while allowing it to turn freely on its bearing surface. 
Clip is removed by merely compressing spring arms and 
pulling off stud. Replaces screw and machined plate. 

FIG. 3-Floating clip, which snaps in place by hand, re- 
duces hole misalignment problems by permitting sufficient 
shift of mounting holes to offset normal manufacturing 
tolerances of main parts. Replaces welded T-shape nuts. 

F k .  4-Twin-hole nut removes need for hand wrench in 
hard-to-reach location and replaces two nuts and lock- 
washers. Combined force of arched prongs and base when 
nut is compressed creates high resistance to vibration 
loosening. Application: gas burner assembly of an auto- 
matic household clothes dryer heating unit. 

FIG. 5-Push-on nuts ( A )  easily press over studs, rivets, 
tubing and other unthreaded parts. Their steel prongs se- 
curely bite into smooth surfaces under load. Application: 
( B )  triple-hole push-on ring on a flash bulb reflector. 

FIG. "Previous method of assembling desk calendar 
(A)  required seven parts: wire guide, spring clip, plate, 
two bolts and two nuts. Multi-purpose spring clip ( B )  
replaces above although using same retaining principle. 
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compensate for hole or part misalignment; prevent vibration loosening; 
eliminate parts; speed assembly; permit fastener removals; tock on 
unthreaded studs; and permit blind installations. 

FIG. 7-Expansion-type fastener permits blind installation 
where access is from one side of an assembly only. Inser- 
tion of screw (A) spreads fastener arms apart thus pro- 
ducing a wedging effect in the hole. Dart-type fastener 
(B) can be quickly snapped in place; one common appli- 
cation is attaching molding trim strips to auto panels. 

FIG. &End clips pressed by hand on panel edges have 
barbed retaining leg which either bites into the metal or 
snaps into a mounting hole. Applications: ( A )  sheet 
metal screw and J-clip with arched prongs compresses 
insulating material between panels; (B)  bent leg of clip 
acts as spacer between two panels to support sheet of 

insulating material; ( C )  barbed-leg-clip retains wires 
without need for mounting hole; (D) S-clip spring-steel 
fastener secures removable panel i n  inaccessible position. 

FIG. 9-Tubular-type fastener has cam-like prongs which 
spring out after insertion to hold fastener i n  position. 
Applications: ( A )  radio dial pulley; ( B )  attaching auto- 
motive name plate to panel. 

FIG. 10-Special-function fasteners for quick assembly 
and disassembly of components. ( A )  Wire harness clamp 
using torque and slot principle; ( B )  dart-shaped clip for 
attaching coils and other parts to electronic chassis. 
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Spring-Steel Fasteners 
This is the first of a series of articles on special fasteners. 
Future articles will cover cold-formed and quick-operating 
fasteners, plus new fastening ideas. 

Ted Black 

Spring-steel fasteners are versatile and low 
in cost. The steel is bent, twisted, and 
pierced, sheared and drawn into almost 
any desired shape to form a one-piece 
fastener that combines the functions of 
several ordinary fastening components, 
reducing fastening costs. 

Spring clips are a major class of spring- 
steel fasteners and are particularly useful 
as light-duty fasteners. They are self-re- 
taining units, needing only a hole, flange 
or panel edge to clip to. Their inherent 

springiness makes them resistant to loosen- 
ing by vibration, and tolerant of tolerance 
buildup and misalignment. 

The field of application of spring clips 
is a broad one, including automobiles, 
home appliances, hi-fi and electronic 
equipment, toys, aircraft and office equip- 
ment. 

Dart type spring clips (Fig 1) have 
hips that engage within a hole to fasten 
two sheets or panels. Dart clips are popular 
for fastening printed-circuit boards and 

1. Dart clips 

, Frame 

Removable panel 

/Sponge rubber 

nameplates. Other shapes fasten cables, 
tubes and wires. 

An advantage of dart clips is easy re- 
movability; therefore, minimum dis- 
assembly damage. Their retention power 
can be varied by changing the length and 
thickness of the clip legs. 

Stud-gripper spring clips (Fig 2) are 
designed to grip unthreaded studs, pins, 
rivets and tubes. The studs can be of 
circular cross section, as is usually the case, 
or of square or D cross section. 

Generally, the stud gripper has two or 
more prongs that permit the clip to be 
forced down on a stud. Such grippers resist 
removal. Any back pressure against the 
clip causes the prong.to bite deeper into 
the stud. 

Some stud grippers use a split tubular 
sleeve to grip the unthreaded stud or rivet. 
Such clips provide a secure lock, yet allow 
panels to be separated for service. 

Cap push-on stud grippers are used on 

Circuit component 

Door seal 
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2. Stud grippers 

Push-on type Ball-stud type 

A 
For round 
studs only 

Tubular type 

For round or 
D-shaped studs 

@ 
& 

3. Cable, wire and tube clips 

Cable clips 

I*] - 5  

S-clips 

0 

For hardened 
round studs only 

- 
For round or 
D-shaped studs 

For hardened 
round studs only 

-,, 

U-clips 

D-clips 
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axles, shafts or rods, or as stud-end covers. 
Quickly installed, they eliminate the need 
for special machining or threading opera- 
tions or cotter keys. 

Wire and tube clips (Fig 3) are de- 
signed to grip into a hole or plate, or retain 
a wire or tube. They can be employed on 
existing parts and assemblies without a 
design change. 

U-shape clips are used for assembling 
cover panels or as inexpensive hinge re- 
tainers. s-shape clip scan clamp onto a part 
while clamping a panel or a flange of B 
component. C-shape clips provide a com- 
pression action that can hold plastic knobs 

firmly to steel shafts and permit them to 
be easily removed. 

Spring-steel nuts (Fig 4) ace single- 
thread engaging locknuts stamped into 
various convenient shapes. Available de- 
signs include flat, arched-back nuts; W- 
shape nuts with turned-up ends; self-re- 
tained, self-locking nuts; single-thread 
nuts for use in cavities; high-torque nuts 
with out-of-phase threads to increase vi- 
bration resistance; and nuts that cut their 
own threads into diecast metal or molded 
plastic studs. 

Some spring-steel locknuts have threads 
in which the thread-engaging portion is 

helically formed in true relation to the 
pitch of the screw thread. These nuts have 
straight sides and hexagonal shapes for 
easy handling and positive rundown. Also 
useful are spring nuts designed to retain 
a shiftable nut to provide rivetless reten- 
tion of nuts on plates (Fig 5). 

4. Springsteel nuts 

Flat nut W-nut Leg-leveling U-nut Short-throat U-nut 

_,, 

,* <. :-:.:.. @ .,.:;,. ..:;::: 

Regular locknut Washer locknut 

5. Clip-on nuts and nut retainers 

Flat round pushnut Removable pushnut 

Clip-on nut Clip-on nut retainer 

W 

Clip-on nut retainer 
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Snap Fasteners 
for Polyethylene Parts 
It's difficult to cement polyethylene parts together, so eliminate extra 
cost of separate fasteners with these snap-together designs. 

Edger Burns 

Parollel FL. 

tRound hole 
L ?//E V / / / / / A  

( 0 )  Cored hole 

!ole formed 
shutting o f f  
mo/d cavity 

2 
Recfangular hole \ / 

WALL-END SNAP is easier to remove from 
the mold than the ejector-pin snap. The best 
length for this snap is '4 to % in. 

( b )  "Shut-off'' hole f o r  female snap 
f o r  d i f f e ren t  PL. 

EJECTOR-PIN of mold B cut to shape of 
snap. Ejected with the pin, the part is slid off 
the pin by the operator. 

fem?le snop 

As /orqe as 
possiLVe - to 
reduce tearing 
or permonent 

T SNAP locks with a 90-deg turn. To pre- 
vent this snap from working loose, four small 
ramps ate added to the female part. 

OPEN SNAP relies on an undercut in the 
mold and on the ability of the polyethylene 
to deform and then spring back on ejettion. 
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Plastic Snap-Fit Design Interlocks 
in Unique and Useful Ways 
Snap-on caps and latches are deceptively simple, but were evolved using good 
engineering design. Here’s a recent study. 

In response to the often-heard suggestion 
that snap fits are not dependable because 
they have a tendency to pop out, Dr. 
William W. Chow of the University of 
Illinois in Urbana has developed (and 
presented in an ASME paper) an analytic 
method for predicting snap-in and snap- 
out forces. His conclusion is that a well- 
designed snap fit cannot be easily pulled 
out, and has certain advantages over other 
methods. 

For example, a screw fit can vibrate 
loose, a press fit depends on friction and 
strain to hold, and a sonic weld is per- 
manent. 

The snap tit is a simple mechanical 
interlock whose pull-out force can be hun- 
dreds of times larger than the push-in 
force. It takes careful selection of the slope 
of the bevel on both the entering lip and 
the withdrawal lip. The extreme is a cap 
or latch that snaps on easily, but locks on 
permanently-like a fish hook. 

We asked Chow how he solved the 
design problems. He said he first examined 
the simplest case of a cantilever-type snap 
with zero friction. Next, the same snap was 
analyzed with the effect of friction. The 
results then were generalized to cover all 
kinds of snaps. 

The calculatlon. Assuming zero fric- 
tion (p=zero) the snap-in force is related 
to the spring rate of the snap by the tangent 
of the lead angles and the interference (see 
accompanying cantilever drawing as an 
example). 

With zero friction, snap-in force Fi = 
F, tana, or K i tana. Snap-out force Fo 
= F, tan 8, or K i tanp, where: 

p = coefficient of friction 
F, = snap force, the force that reduces 

K = spring rate of the snap 
a = lead angle 
p = return angle 

i to zero 
i = interference 

The smaller the lead angle, the easier it 
is to assemble the snap. The smaller the 
return angle, the less force is needed to 
disassemble the snap. When the return 
angle is 90 deg, the snap is self-locking. 
When the return angle is greater than 90 
deg, the interference is a barb. 

With friction, the tangent term becomes 
a more complex function of the lead angle, 
a, and the coefficient of friction, p: 

The analysis also applies to hollow 
cylinder snaps and distortion snaps, but 
the spring rate has to be figured according- 
ly. Spring rate of a snap is defined as the 
snap force, F, that is required to reduce 
the interference to zero, divided by the 
interference. The spring rate for a hollow 
cylinder snan is the total force in the 

Force Fi = 6, (sin + p ‘Os 

(cos a p sin a) 

Force Fo = F, (sin @ + p cos 8) 
(cos p - p sin 8) 

radial direction, FL divided by the increase 
in radius, irad: 

goa 

Hollow cylinder 
snap cover 

I 

Distortion 
snap cover 

These snap-flt designs are typical of what can be done using the accompanying 
calculation techniques. The example worked out is for simple cantilever 
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interference at the bump, [bump: F, 
Kcyl = - 

'rod 
&is, = 3i;b Snap-in snap-out forces. The next 

snaps. The distortion-type lid is a variation 
of the hollow cylinder snap, and mates 
with a smaller cylinder with three bumps. 
The spring rate, Kdis, is three times the 
force at each bump, Fb, divided by the 

drawing shows examples of cylindrical ibump 

The product of K and i gives the snap 
force, and the product of the snap force 
and the tangent of the lead angles gives 
the snap-in and snap-out forces. 

Return angle 

Cover or latch. 
Pivot point or hinge 

Construction Mating component - 
F e a d  angle 

Y '  Assembly force, Fi 

t 
Force to bend 
cantilever, Fs 

Free body analysis 

antilever design with hinge is simplest configuration for mathematical analysis 

3asic stress-strain equations for snap-fit elements 

rate, K 

L 
Uniform cantilever 

e( q3 
4 L  

y ( 
Tapered cantilever I 

I 

Thin-wall cylinder 

Stress. o 

3 E i t  
2 L 2  
- 

€ i t  
L2 
- 

Allowed 
Strain* E interference, i 

Typical snap-in and snap-out forces are 
in the range of 2.5 to 250 Newtons (about 
0.50 to 55 Ib). Interferences are usually 
between 0.25 to 2.5 mm (about 0.010 to 
0.100 in.). If: the coefficient of friction is 
0.15; the lead angle is 30 deg; the in- 
terference is 1 mm; and the spring rate is 
5000 N/m; then the equation shows that 
snap-in force is 3.98 Newtons. 

The table lists some approximate spring 
rates for three simplified spring geome- 
tries: a uniform cantilever; a tapered can- 
tilever; and a thin-walled hollow cylinder. 

Referring to the free body drawing of 
the cantilever: force acting at the in- 
terference consists of a normal component, 
F,,, and a tangent component, Ff(friction). 
Since all the forces meet at one point, the 
summation of moments and forces equals 
zero: M = 0; and F = F,, + Fs + F, + 

Fi = snap-in force 
F, = snap force, the force needed to 

F,, = normal force at the interference 
FJ = friction force at the interference 

F,, cos CY - Ff sina - F, = 0 

Ff = 0. 

reduce interference to zero 

= IJ F,, 
Consider the x-component: 

F, = Fs 
cos a - p sin CY 

Consider the y-component: 
F,, sin CY + Fi = 0 
Fi = F, (sin a + p cos a)  

Combine the x and y. and we're back 
to: 

F, = ps (sin CY + p COS a)  
(cos a - p sin a)  

F, = F, (sin p + p COS 0) 
(cos p - p sin p) 

And, if friction is considered negligible, Fi 
= F, tan a; and F, = F, tan p. 

Widely applicable. Snap fits for 
plastic are common in closures for fill 
pipes, bottles, container walls, and other 
applications where positive closure is 
needed but tools aren't readily available. 

Cap and plug manufacturers such as 
Caplugs/Protective Closures (Buffalo, 
N.Y.), Niagara Plastics (Erie, Pa.), Clover 
(Tonawanda, N.Y.) ,  Sinclair & Rush 
(St. Louis, Mo.), and Heyco (Kenilworth, 
NJ). employ the principles in many prod- 
ucts they offer. 

Caplugs, for example, features internal 
beads in  certain of its cap closures, so that 
they snap into place and hold against 
vibration. J im Rooney, president of 
Niagara Plastics, points out that a popular 
material is low-density polyethylene. 
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Fasteners that Disconnect Quickly 
Ideal for linkages, these quick-disconnect designs can simplify installation and 
maintenance because no tools are needed. 

Frank W. Wood JR. 

Smoff round-head drive pin 
could be added to hold 
sleeve when linkage is 

BALL JOINT and spring sleeve provide snug 
universal motion when hole in center of sleeve 
snaps over base diameter of ball. Ball diameter n must always be less than that of the mating arm. 

Shouldered rod 
Assembled 

SPECIAL COTTER PIN can be removed more 
easily than conventional cotter pins. Although 
limited by rod diameter, pin is reusable. Light- 
duty applications only are recommended. 

2 

I 

Assemb /y 

ELONGATED FASTENER HEAD and slot can 
be  disconnected only when head and slot are 
aligned. Phase the linkage to avoid alignment 
of slot arid head; otherwise it may work free. 

/ W and D same 
Sih? 
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W 
3 

Formed wire 
retainer Is  
eosier to remove 

Grooved rod P 

GROOVED ROD and retaining rings, while not 
having the freedom of motion of previous de- 
sign, are simple and inexpensive to make, 
Double grooves are usually necessary. 

3 

c i- -'\ 
'1 ' 
! b 

To remove 
1 

I : I  -, 

FORMED ROD in hole or slot allows disasseni- 
bly only when the rod is free to be manipulated 
out of the arm. Slot design has play, which may 
or may not be advantageous. 

RETAINER CLIP and formed rod a re  ideal 
when production quantities are high enough to 
warrant tooling costs necessary for clip. But 
the clip is relatively easy to make. 
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More Quic k-Discon nect Linkages 
These methods of fastening linkage arms allow them to be disassembled without tools. 
Snap slides, springs, pins, etc, are featured. 

Frank W. Wood JR. 

Ends o f  clp pressed 

Assembled 

PRELOADED FLAT SPRING lets the 
connecting rod be adjusted merely by 
squeezing the end of the clip together to 
remove grip. This fastening is not recom- n mended for  insulated rods. 

pressed info linkage arm 

w 
Assembled 

YOKE AND SPRING DETENT P I N  LO- 
gether make a common fastening method 
for many mechanisms. It’s sometimes wise 
to tie pin to a member so that the pin will 
not be lost. 

SPECIAL P I N  AND DOUBLE KEYHOLE 
comprise a bayonet type of fastening - 
reliable only when pinned rod won’t turn 
during operation, when alignment miry 
let pinned arm work free. 

Spring -loaded balls 
willrecess io permit 
pin to go through 
yoke and linkage 
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Ass em b fed 

SNAP SLIDE AND GROOVED R 0 6  
provide a fastening method with no loose 
parts to handle. Snap slide is commercially 
available, or can be easily fashioned in the 
model room. 

4 GROOVED ROD AND CLAMP SCREW 
will not allow relative movement between 
rod and other linkage member unless the 
hoss is free to rotate on its arm. 

Assembled 
1 

Groove in linkage rod 
for sealing screw 

,- 

,Boss welded in posi/ion of 
can be fasfened for free 
rotofion 

NYLON ROD COUPLER allows typical 
ball-and-socket €reedom combined with 
the self-lubricating properties of nylon. 
If load becomes excessive, the nylon will 
yield, preventing damage to linkage. 
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8 Dentents for Clevis Mounting 
When handles are mounted in clevises they often need to be held in one or 
more positions by detents. Here are ways to do this. 

Irwin N. Schuster 

Mnge 
Spring cavity , 

I _ - ”  

- 
. - I _  --. ~ - - - _ - _ 1  

C L M S  MACHINED frbm hexagonal Stock- 
can be drilted to  receive a bail detent, which 
acts in Cammed surfaees cast in handle, 

CAST OR MILLED clevis features an  adjust- 
able tensioning device, which varies the fol- 
lower load. Handle can be extruded section. 

WELDED CLEVIS is relieved to  improve 
spring characteristic!. Piinched holes receive 
steel rivet liead which acts as  the detent. 

CAST HANDLE is drilled to accept a com- 
mercial “bullet” catch, which detents in the 
milled internal surface of the clevis flanges. 
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_ _  - 
- - *  

TUBE AND SHEETMETAL clevis hade-'  

Corner turned 

I 

MILLED CLEVIS accepts ball-bearing fol- 
lower, actuated by a spring, which seats 
against a pivot pin in the bar and rod handle. 

WIRE HANDLE acts as spring and foll(rwer 
in sheetmetal clevis, in which cammed'sup- 
faces and positive stops are made by bending. 
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8 Control Mountings 
When designing control panels follow this 8-point 
guide and check for.. . 
Frank W. Wood JR. 

. . . LOCKING. Control will stay fixed in spite of vibration 
or attempts to force shaft too far. Washer a t  right has two 
tabs; one fits in :he panel, the other in the control bushing. 
Left washer has a boss which fits into a cutout in the panel 
and around a pin projecting from the control body. 

. . SEALING against dust or wa- 
ter. Boot seals between shaft and 
bushing and between bnshing m d  
panel. With control behind panel 
rubber grommet seals onlyone piace. 

. . . HAND-ROOM a t  front of the panel. 
Space knobs at least one inch apart. Extend- 
ing knob to save space puts it where the oper- 
ator can bump into it and bend the shaft. 
Best rule is to keep shaft as short as possible. 

. . . rrHOT7r CONTROL KNOBS. One ap- 
proach is to ground them by installing a brush 
against the shalt. Anlother solution is to isom 
laie the control by an insulated coupling or a 
plastic knob having recessed holding screwsc 



I . . . ACCESSIBILITY behind the panel. 
Easy access reduces down time and mainte- 
nance costs especlatly if one man can do most 
jobs alone. Here, technician can't replace a 

1 warning light without dismantling other parts. 

. i--r ~ - ~ 

.!R$Sb?lNb tb-datdhcmtrols to panel 
maF$s. ,For dud4 adjudtmhnt a Set-Screw 
1s earn*. w erh matchirrgis crigirat a m r e -  

ialibra(lioq. 
bie.q vernier t oqpligg permits more acqurate 1 

I , '  1 1  
; ~ , j  [ / I  

I I  I I 
, I '  

' I  
I l l  

t s p  u 

I 
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18 Ways to Join Honeycomb Panels 
A design guide to aid selection among mid-panel and panel-rib joints, spar-panel intersections, 
and edge-member attachments. 

Frank J. Filippi & Boris Levenetz 

Ever-increasing use of honeycomb-sandwich structures in 
many different products, including missiles, has revealed 
a lack of basic design information for these structures. 
The designer’s problem is always: What is the best way 
to join panels without sacrificing much of their strength? 

There are two basic approaches to joint design: The 
pictorial design approach, used extensively; and the analytic 
design approach, used less because of lack of time. ’Thc 
pictorial design procedure is mainly concerned with opti- 
mizing one type of structure such as honeycomb sand- 
wich. Analytic design seeks to achieve the best load trans- 
fer at the lightest weight, irrespective of the type of struc- 
ture necessary to accomplish the transfer. In this digest 
the pictorial approach is presentcd. In any joint dcsign. 
however, productibility is the major factor influencing final 
selection. The  design engineer must recognize that his 
skills are currently at the mercy of the production engi- 
neer who must reduce the design to a producihlc article 
at  a reasonable cost. 

MID-PANEL JOINT 

A mid-panel joint must be designed to carn bending. 
shear, coniprcssion, and tension loads. The shear loads 
require connection of the panel corcs, sincc the core is the 
only element able to transmit shear forces perpcndicular 
to the panel. For applications not involving shear loads, 
joining thc cores is not mandatory, but is very desirahlc for 
joint stabilization. The  ideal joint would have corcs and 
faces welded together, providing necessary ties for proper 
load transfer. It can not, howcvcr, bc produced becausc 
of inaccessibility of the core for welding. A producible 
and analytically satisfactory joint, Fig. 1, shows the joint 
bcfore the welding operation as prepared for joining. ‘Hie 
now-accessible core is welded to the web, thc joint is 
closed, and a fusion weld picks up the faccs and wcb. ’I’hc 
addition of the wcb guarantees a good shear joint for thc 
core, while the thickened facing compensates for the loss 
in strength from the fusion welding operation. Although 
soine deformation of the core is encountcrcd, good shear 
transfcr is still possible. 

blucli of the brazed hone! comb sandwich manufactiircd 
today is niade from precipitation-hardcnable stainlcss 
stcels. As a result of heat treatment, these steels exhibit 
a net growth arcraging 0.004 in. pcr in. Unfortunatcl!, 
thc fact that this growth is ncithcr consistcnt n o r  csactly 

/ Weldedpriar fa 
brazing or cbem 
miNed 

Web’ 

1 Resisfonce welded’ \Fusion welded 

/Cover plafe 

, \ 

/ '/riser/ 
Dense core sandwich 

prcdictablc results in dinicnsional discrcpancics of the 
heat-trcated parts. Machining a panel edge before weld- 
ing gives a tncasurc of conipcnsation for erratic growth 
and should he considered as necessary design practice along 
at l a s t  two adjacent edges of any  precipitation-liardcilable 
steel sandwich. 

\Vhcrc \vclcling access is from onc side only, the joint 
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, Corruaation 

x Rib 

Spol welded 

4 I 

5 

I I 

Web 

Densified core 

6 

LT Doubler 

Chem milled 

7 

8 I 

9 

10 

size. Within limits, growth compensation is possible 
with this joint. Welding the cover plate to the panels 
as the last operation completes the joint. 

A mechanical joint, admittedly heavier yet, is shown in 
Fig. 3. Essentially a tongue-and-groove joint, the tongue 
portion is a sandwich bar of densified core, its faces de- 
signed to carry the longitudinal loads of the panels. The 
bar may be mechanically attached, or brazed in place as 
shown. The mating portion of the joint i s  brazed with 
a U-channel edge member through which the mechanical 
attachment is made. 

PANEL-RIB JOINT 

becomes more cumbersome. A solution is presented in 
Fig. 2 that is satisfactory except for the incumbent weight 
penalty. The panels are brazed with the edge members 
extended beyond the net part size and trimmed to final 

The panel-rib joint must maintain the integrity of the 
original panel and transfer any additional loads, in most 
cascs a shear-flow, from the rib into the panel, where this 
load is distributed between both faces. Fig. 4 shows a 
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,- Cover plate 

1 1  

13 

joint which theoretically would meet these requirements. 
I'he corrugation transfers the rib loads into the outer 
face of the panel and also makes a link between the 
honeycomb cores. This joint is plainly difficult to pro- 
duce because of the accessibility and welding problems. 
The solution shown in Fig. 5 would be easy to make but 
extremely inefficient because of the discontinuity of the 
faces. 

The design in Fig. 6 meets design requirements and 
is producible. I t  is best to make the brazed joint without 
the web, then attach it by subsequent welding. The panel 
then becomes essentially flat, greatly simplifying the braze 
fixturing and production sequence. The doubler shown 
on the drawing may be seamwelded, brazed, or chemically 
milled as an integral part of the facing. A variation of 
this design, Fig. 7, shows attachment of a honevcomb 
sandwich rib to the panel. The U-channel is welded to 
both pieces to effect the joint with a minimum of manu- 
facturing problems. 

A mechanical joint, if acceptable for the application, is 
quite simple. as shown in Fig. 8. Thc rib is directly at- 
tached to a densified core insert which provides rein- 
forcement for the countersink and for the bolt-crushing 
forces. The doubler between rib flangc and panel provide 
better distribution of compression and shear loads. 

SPAR-PANEL INTERSECTION 

llie function of this joint is to transmit shear loads 
from the panels into the spar and to assist the spar in 

12 

14 

carrying the bending loads by loading an effective width 
of the panel in tension or compression. The theoretical 
joint in Fig. 9 incorporates all necessary elements for 
correct load transfer. Unfortunately, the unreasonable 
welding requirements make it almost impossible to produce 
with current knowledge. The production people would 
prefer to make the joint as shown in Fig. 10. The 
limitation of this design is the inability to satisfactorily 
vary the spar cross-section as loading changes. 

A good design is one that incorporates an independently 
produced spar to which the panels are welded, Fig. 11. 
A shear web is introduced between the sandwich and the 
spar as prwiouslv discussed before the elements are 
welded together. This layout shows a honevcomb sand- 
wich spar web riveted to the spar caps with high-shear 
rivets. If welding from one side only is necessary a 
method similar to one previously described (4) is appli- 
cable, as shown in Fig. 12. The shear transfer is over the 
short flange of the edge member and cap flange which 
must have the rigidity to take the shear load in bending. 
The cover plate takes forces only in the plane of the outer 
facing sheet. 

Again reverting to a mechanical joint, Fig. 1 3  is a 
composite of two types of panel connection to the spar 
cap. The double joint takes all kinds of loads effectively, 
while the single joint is able to take shear perpendicular 
to the panel and loads in the panel of the outer panel 
facing only. Another interesting variation of a mechanical 
spar joint enables a simplified approach to joining the 
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(12)-l'ivotcd Joints . . . Mctliod a t  lcft is satic- 
factor! for Ion.-cost colislllilcr products the re  SOIIIC 

I)indiiiq ('all be tolerated i in t i l  the joint tvnrkc i n .  
'l'hc one ~ I I O \ V I I  .;ccond f r o l n  tlic lcft is pcrliap 
best, because tliere is wine small clearance I)etweei1 
the rivet head arid the wall. 
(13)-Washcrs . . . If a iiictallic wction is to 1)~: 
asseiiibled to a wftcr iiiakrial, a washer may bc 
necessary to pro\ idc the iiecessary rigidity f o r  clincli- 
ing actioii. 'The soft material should he  outside tvitli 
the aaslier rintlcr tlic rivet liead. f.'or conventional 
a'iscin1,lics eitlicr \ v a ~  is practical. 
(14)-'I'iglit Joints . . . Sincc hlincl rivets exert co~ i -  
sicIcm1)Ie gripping force when clinclied, tlic joillt 
slio\vii sccoiid froin lcft is inilmctical. Coiiverscly. 
either of cxaiii~ilcs ill nliicll 3 sirigle rivet is eln- 

d may prove :IS satisfactory ax the one with 
innltiplc rivets. 
(15)-Miikq)le Asseinblies . . . One, two or inore 
comlioiients o r  sections can be riveted to a base 
panel with a siilgle rivet, provided they call bc 
niounted from the front, or the base section is ac- 
cessible froni tlie rear or nndcrneatli. 
(Ifj)-Straps and Clanips . . . A blind rivet call lie 
used to asseiiil)le straps, clainps, and similar 1ncni- 
Iiers aroiind a cc~iiilx)iiciit. .\llowaiice must 1)c made 
for tlie sqtiecziiig actioii on tlie clamp. 
(17)-IIoi1sings and Panels . , . Of the iiiaiiy ways 
to construct a horising or  panel, the ones shown 
here are perhaps tlie most coiiinion. Examples: left 
-a double-channel scctioii forming thc joint to 
which the panels are asseiiibled and riveted; center 
-a back-up stringer with a finishing strip inserted 
between mating panels; right-a base angle with 
riveted panels and a finishing strip between the gap. 
111 selecting tlic design, consider cast, appearance, 
streiigtli a d  thermal expancion. 
(IS)-Weatlierproof Joints . . . It's difficult to pro- 
dricc a pressiirc-tight riveted joiut, 1mt reasonalily- 
nioistrire resistant, \veatIier-tiglit assemblies have 
lieen evolved. 
(19)-Extruded Sections . . . Blind riveting is coin- 
inon, liecansc of the limited access and clearances in 
most extriided sections. Iiigidity of the joint at 
right is far grcatcr than that at left. Setting against 
unsupported iiitcrnal projcctioiis is scldoin recoin- 
nicnded. 
(20)-Conipressible Materials . . . Compressible ma- 
terials do not provide a firm bnse for the setting 
action, and  tlie rivet may tear throogli. Use of a 
formed slecvr or hnshiiig, or a \rasher and back-up 
phte can d u e  tks yc~hLe~n.. 
(2l)-'I'iit1iiig . . . Vor  iiiasiiiiriiii rigidity, klie rivet 
slioiiltl not cxteiid tlirotigh both 1~111s of tubular 
iiicni1)crs. 'I'he rivet will set IAind against the cr~rvccl 
inlier nall section, or the t u l h g  can lie flattened 
to increase tlie contact arm.  
(22)-l'lastie Members . . . l'referahly, the rivet 
sliorild be set agaiiist a nictallic rather than a plastic 
nieinlxr. Ilowcver, tlie rivets are being set siiccess- 
fully against iiiany molded and extruded plastic$, 
whicli resist setting pressure without cracking. 
(23)-Blind Iioles or Slots . . . Clinching tht rivet 
against tlie side of 3 blind liole or ilkto and against 
a milled slot, interscctiiig Iiolc, or internal cavity iq 
pos\il)le I)c~iiisc of the clinching action of the rivct. 
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12 Ways to Anchor Heavy Machines 
Machine design is not really finished until anchoring and leveling methods have been decided. 
Here's a selection from which to choose. 

louis Dodge 

Wove shaDe Sow c u t  and open L- ShODe 

Hook Rog-bolt end 

1, ANCHOR BOLT AND ALTERNATIVE ENDS 

round strop ' 

Flat strop B 

7. TURNBUCKLE ANCHOR (A). ADJUSTMENT-BOLT ANCHOR (6). 

A= ANCHOR STRAP 

Expansion s/eeves 
of slotted stee/ .qjy ;K or soft meto/ .:: . . 

Screw 

Machine, 
frame 

f i r s t  pour 

I 

10. ALIGNING JACK AND ANCHOR BOLT 
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Hale drifed Spfit nut Macbine pedesffff 
or orecast / / 

3 
3. SPLIT ANCHOR-NUT WITH WEDGE ACTION 

ffecfion of  boft 
provides smoN aojust- 
for vorious bofe 4. EMBEDDED ANCHOR BLOCK 

6. ANCHOR BOLT FOR LOCATION ADJUSTMENT 

machine frome 
View o f  block only ' 

3' WEDGE-BLOCK LEVELING 
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Design Details of 
Blind Riveted Joints 

Tool Clearance 

Clearances and Allowances 
(1)-Tool Clearance . . , \linimum allowable dis- 
tance from a  dl or proicction to tlic rivet-liole 
ccnterlinc i\  critical, should l)c cl~ccked against tool 
spe(.itications. 1)eptli of a cliaiinel o r  cylindrical 
wctinii likewise limits the application if the rii.et 
i\  inserted as slioivn. Ilowevcr, tool extensions can 
ofteii be employed, and tlic noscpiece of tlic tool 
can be extended by as iiriicli as a n  inch. 
(2)-Edge Distance . . . Id’roiii the standpoint of 

( 2 )  ( 3 )  joint strength, the recommeiided distance from the 
rivet ccnterline to tlie edge of a sheet should not 
I x  lcts tlian twice tlie rivet diameter. If joint 

r@@ ’I. ( A 1 4 (8) 

Edge Distance Rivet Spacing 

d 

Sotisfactory Bes t  

Head Hole Back  Ciearonce Length 
Clearance 

C L E A R A N C E S  AND ALLOWANCES 

Poor Good Goad Poor Good Good 
(8) (9) 

L urge 
head 

(101 (I I 
Sotis- Good Count- Capped Good Good Sot is-  Satis- 
foc tory ersunk fac to ry  factory 

Thick and Flush Joints Pivot Joints 
Thin Sheets 

Poor Good Good Unsatis- Good Good 

(14) (15) (13) foctory 

Washers Tight Joints Multiple Assen;blies 

G E N E R A L  DESIGN PRAC 

streligtli is secondary. this dimension can l1c greatly 
rcdiiced. Example: the  rivet frmctions ody to hold 
a bracket or coniponcnt in  position. 
(3)-Rivet Spaciiig . . . ‘Iliis also is a fimctioo of 
application arid strength requirements. 
(4)-lIead Clearance . . . Standard head dimensions 
vary with rivet size. Ilciglit and diameter Cali readily 
he determined from specification sheets. Vrcquently, 
the work can be countersunk, or tlie joint designed 
to prevent interference with mating sections. 
(5)-Hde Clearance . . . Permissible clearance de- 
pends on ivlietlier thc fastencr grips tllc wall or 
c l inch  . iiiidcriieatli. 111 tlic lattcr cxc ,  ovcr~izccl 
lioles are less critical, and one docs not clepcnd on 
wall cniistrictioii to prcveiit brcakout. 
(6)-Back Clearance . . . Distance from flat of the 
liead to end of the uiiclinclied rivet determines the 
required back clearance-not dimensions after set- 
ting. These values shouid take into account the 
maximum combined material thicknesses. 
(7)-Rivet Length . . . There is a delicate balance 
behveeii joint thickness, mandrel-head dimensions, 
the cold-working propcrties of tlie rivet material and. 
( i f  coiirse, the sliank dianicter of a blind rivet. On 
the otlier hand, one length ran be nsed for a wide 

. For any use bcyond the 
tabulated data, actual limitations slionld be deter- 
mined b y  test. 

General Design 
(8)-Angles and Formed Sections . . . ,\void obstruc- 
tions to the tool, which should sct flush on the 
work. ’rhus, the “poor” joint reqiiircs a special off- 
set tool, iiiay still be inacccssible. Reverse the rivet 
aiid set from the other side, or reduce the length 
of the angular section. 
(9)-Cliannel Sections . . . For adequate tool clear- 
ance, set from the underside of the clianncl or widen 
the scction. h tool extension niay he used to rrach 
iiititle tlic section, Iii i t  makes the tool soniewhat 
iiiorc awk\vard to Irairdle. 
(10)-Thick and ‘Ihin Sheets . . . If there’s a choice, 
it’s best to set the rivet against the thicker inaterial. 
Kivets of this type can be set against 0.030 in. and 
tliinner aliuninum stock. 
(11)-Flush Joints . . . h truly Rush surface can be 
obtained only by couiitersinking the outer wall or 
plate. Dimpling generally is not recommended be- 
C~JUSK of tlie possibility of the rivet not fully “bot- 
toming” arid setting against the hole edge. A 
smooth, watertight, but not completely Rusli sur- 
face ic n1,taiiied hy cnrintersinking 2nd capping tlie 
riset. 
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(12)--l'ivotcd Joints . . . hlctliod at left is satis- 
factory for lo\\,-cost colisuincr products wlrere sonic 
Iiindiiiq ('311 bc tolcrated iinti l  tlic joint norkc i n .  
'1'11~ oiic &o\vii sccontl f r c m  tlic. lcft i i  pc'rlialx 
hest, Iiceause there i s  miie  siiiall clearance I)etu?ceii 
the rivet head and tlie wall. 
(13)-W-ashcrs . . . If '1 iiictallic section i s  to hc: 
asseii~bled to a softer inaterial, a washer niay be 
Iicccssary to pro\ ide the lie 'ary rigidity €or clinch- 
ing actioir. ' Ihc  soft material should he outside wit11 

the washer under tlic rivet liead. 1,'or con~en tioiial 
assciiiblics eitlicr way is prdctiG11. 
(l-fj-'I'ight Joints . . . Sincc Idi i id rivets cxert coii- 

sidera1)le gripping force when clinched, the joint 
slio\zii second froin left is im1xactiraI. Coiiwrcely, 
either of csaiiiplcs in wliicli 3 single rivet is em- 
ploycd ma!- prove :IS satisfxtory a7 the onc with 
innltiplc rivets. 
(15)-Mnltq)le risseinblies . . . One,  two or more 
con\poncnts or  sections caii be riveted to a base 01- 
panel with a siligle rivet, provided they can be 
mounted from the front, or the base section is ac- 
cessible froni the rear or iindcrneatli. 
(I6)--Straps and Clanips . . . A hlind rivet call be 
used to asseirilile straps, clamps, and siniilar iiicn1- 

hers aro i ind  a co1111~~111ciit. ,\llowance must be iiiadc 

for the sqiiecziiig action on tlie clainp. 
(17)-Ilonsings and Panels . . . Of the many ways 
to construct a liousiiig or panel, the oiics shown 
liere are perhaps tlie most coninion. Exa~nples: left 
-a double-channel scctioli forming the joint to 
which the panels are asselribled and riveted; center 
-a back-up stringer with a finishing strip inserted 
between mating paneIs; right-a hase angle with 
riveted panels and a finishing strip between the gap. 
1 1 1  selecting tlic design, consider cost, appearance, 
strength and thermal cxpaiision. 
(Ili)-Weatlierproof Joints . . . It's difficult to pro- 
duce a prcss~"rc-tiglit riveted joiiit, h i t  reasonably 
inoistrire resistant, \\-catlier-tiglit assemhlies have 
1)een evolved. 
(19)-E+truded Sections . . . Bliiid riveting is corn- 
111011, hecansc of the limited access and clearances in 
niost extrrided scctions. Rigidity of the joint at 
right is far greater than that a t  left. Setting against 
unsupported iiiteriial projcctioiis is seldom rccoiii- 
nicnded. 
(ZO)-Conipressible Materi:ils . . . Cornprcs,ible nia- 
tcrials do not provide a finii base for the setting 
action, and blie rivet inay tear throagh. Use of a 
fornietl sleew o r  hnshiiig, or a \\.asher aiid back-up 
plate can solve this prohlein. 
(2I)-'l'ihing . . . 1:or iiiaxiiii~iiii rigidity, the rivet 
d i (~ i i l t 1  not csteiid tlirorigli botli walls of trihrilar 
iiiciiilicrs. 'l'lie riwt 1\41 sct hliiid ag:iinst the c~ir-vcrl 
inlier wall section, or the tubing can he flattened 
to iiicrease tlie contact area. 
(22)--Plastic Members . . . Preferahlv, the rivet 
should be x t  agaiiist a nictallic rather than a plastic 
iiienilxr. IIowcver, the rivets are heing set swcess- 
fully against many molded a i d  extruded plastics, 
whiclt resist setting ~iressiire n~itliout cracking. 
(23)-Bliiid Iioles or Slots . . . Clinching th t  rivet 
agaiiist tlie side of a blind hole or into and against 
a niilled slot, interscctiiig Iiolc, ar inlernal cavity is 
posilile IJCClllSc of the  cliiiching action of the riiyt. 

, 
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Sealer 
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Good Good VeryGood Good Very Good Good 

WEATHERPROOF JOINTS 
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EE5 (19) 

Unsatisfactory Good 
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Unsatisfactory Good Good 

COMPRESSIBLE 
MATER I AL S 

Good 

BLIND HOLES 
AND SLOTS 

Good Unnecessary 
TUBING 

P/UStiC\ 

Good Depends on Good 
Material 

PLAST!CS 
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Design Hints for Mechanical Parts 
How to avoid close tolerances, and otherwise improve parts, where accurate 
assembly is necessary. 

Federico Strasser 

High accuracy 4 Easdy machined7 

Wrong R i g h t  Wrong R igh t  

HOLD-DOWN COVER for bearing should 
have a take-up gap between the cover 
flange and the bearing box, 

BUSHING FACE is 1nuc.11 e a i e r  to nia- 
chine than the hub of a large part such as 
a flywheel or heavy gear. 

I I 

Wrong 
F b - 4  

R i g h t  

DOVETAILED parts that are to be a tight 
fit are best provided with a slot and 
grooved pin where d equals b /3  to b/4. 

SMOOTH-BORED HOUSINGS shown 
on right let one bearing move when shaft 
length changes because of expansion. 
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Ex fro - dose 
tolerances 

Right  

Wrong 

R i g h t  

HINGE MOUNTINGS of the design 
shown on the left will entail extremely 
close tolerances. Let one end float. 

Wrong 

R i g h t  

A 
COLLARS that retain the axial position 
of journal bearings should be placed at  
one end only to accommodate expansion. 

Wrong R igh t  Wrong Right 

CHAMFER on pins and shafts that must 
be driven into holes is advisable if entry 
L to be clean and easy. 

CONE POINT on screw and correspond- 
ing chamfer on internal thread ensures 
quick cngagenient in blind thread. 
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Designing for Easier Machining 
Flat working surfaces, bushings, single fits and other features simplify setups, 
speed machining reduce tool replacement, and save material. 

Federico Strasser 

FLATS PROVIDE DRILLING SURFACES. 

Wrong R i g h t  n 
3 

Riqh f  

Wrong Fair R i g h t  High+ 

Much rnefol musf be remove Eccenfric hole tn 

Wrong R i g h t  

4 ECCENTRIC HOLE LETS MATERIAL BE SAVED. 

Rl'fficulf fo supporf fong rods 
for moch;ning female threads 

Wrong 

Ma/e threads con de machined 
befween centers 

R i g h t  5 MALE THREADS ARE BEST ON LONG RODS. 
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Cut- off pomf 

Wrong Riqht  6 PROVIDE GRIPPING SURFACES WHEN MACHINING IS TO BE DONE. 

Wropg Righ '  

wu counter- Fj ve surfaces Bushog Tbfee surfoces 

77 
Wrong R i g h t  

L a  
W r o n g  

Ezi 

R i g h t  

u BUSHINGS REDUCE MACHINING COSTS AND AID STANDARDIZATION . . . SPLIT RINGS ALSO GIVE GOOD RESULTS. 

Gops make pOf f  awkward 
fo clump for  mil / ing 

W r o n g  

S i g h t  R i g h t  Wrong 9 KEEP SURFACES ON SAME PLANE FOR BETTER 8 SINGLE FITS ALLOW TIGHTER TOLERANCES, CLAMPING. 

7 Ribs inierfere >'Vo form fou/s 
needed 

Wrong R i q h t  
Wrong R i g h t  1 1 DON'T CALL FOR CONTOURS THAT' NEED SPECIAL 

FORM CUTTERS. 
10 DON'T LET RIBS INTERFFRE WITH MACHINING. 
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How to Design for Heat Treating 
To prevent cracking and warping in heat treated parts, avoid abrupt changes 
of workpiece contours. 

Federico Strasser 

he ideal shape for a part that is to but it is the designer's task to come as ally to minimize stress concentrations T be heat treated is a shape in which near to it as possible. To do this, keep during heat treatment. The other fig- 
every point of any section or surface the workpiece body simple, uniform, ures show further specific ways to 
receives and gives back the same and symmetrical. For example, the keep out of trouble when subjecting 
amount of heat with the same speed. first figures below show how changes parts to heat treatment. Holes, for 
Such a shape, of course, does not exist, in c r o s  section must be made gradu- example, should be correctly located. 

i l  
W r o n g  Fair Good Best & 

Generous fillets Sharp corners Unequal secfions Equal secfions and radii 

W r o n g  Right  

2 
FilJefs especioJ/y needed here 

Wrong 

Wrong R i g h t  

\ Non-cuffing holes 
/ I 

R i g h t  
R i g h t  

4 5 
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Right  Wrong R i g h t  

Best  Bes t  
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More Design Hints for Heat Treating 
Watch out for faulty designs such as thin sections, blind holes, unbalanced slots, 
and other weaknesses that can cause cracking and warping in heat-treated parts. 
Follow these how-to tips. 
Federico Strasser 

Nearly all serious failures of hardened 
steel parts are caused by internal 
stresses. Avoiding sudden changes of 
section is one good way to ensure bal- 
anced heating and cooling, the secret of 
success in all heat treating. Some other 
good design tips, which supplement 
those in our last issue. are illustrated. 

Wrong 

7 min  sections 

2 
Wrong 

4 

Tbicher secfions 

R i g h t  

Avoid /unctions o f  holes 
in steel block 7 

R i g h t  

+ 
W r o n q  R i g h t  

Deep, blind ho/e poor 
for quenching 

W r o n g  R i g h i  

Gr/nd punch after heaf treating 2 
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GrJnd keyway offer heaf treating 

Grind fo sharp 
edge offer heat 

Bo/onced s h f s  and keyways 

7 Uneven coohng 

W r o n g  

Dubficofe / 
fbuf dummy/ 
warking-face 

Wrong Right 

\ -7 Divide progress;ve die p/ofes into fwo 
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How to Design for Better Assembly 
Small but important details of mechanical parts make all the difference between 
mediocre and superior design. 

Federico Strasser 
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h Y ? 4 ,  , I )  - *- *- 

* - ( - , ' a  

1 ; -  
, . * I ,  

? *  > _ _  ...2 I- 

$ < I /  
1 P X .  * 

j . ,  

-Best  ' * -& 

" ' WPonp " R l g M  - 6  

I -  1 "  &CESS HOLES or duds shoulil'always ~ 

b* -@raCidkd in assemblies where bdt 

t a  reach 6 t h  a wrench. 
wads &o$M ~ be impossible or difficutt " "  

' I  
I 

I "  

* I * I  I II $ 

~ * -* 

Wrong R i g h t  

PRESSURE SCREWS should Have re- 
duced ends to prevent expansion of the . 
threads, whieh would make removal of I 

the $crews difficult. 

ADJUSTABLE LlNK is -neke&ary here 
where dlmtnsion a must be exdct: other- 
wise*diensions b, c , ~  d must have ex- 
cessively dose tolerances. . Whng 

*~ 

< -  + ". < *  

* e I  

^ I ,  

+ i  

. -  
- ) I  

. .  

a '  

WITHDRAWAL B,OLTS make disassem- 
l+y easier when,tight fits are required be- 
tween two parts that can nok otherwise be 

SHIMS for beyel gears or threaded eye- 

and the angular position 09 the eye ar& 
I bolts are necessary where dimensian p 

' skptparated safely. ' ' important to the de&gn. 



21-12 

Designing with Ribs and Beads 
The reinforcing member, stop, or spacer in your present design may be superfluous. 
An embossed rib or bead may do the job better, and at the same time save weight 
and add strength. 

Federico Strasser 

A 

J ?  

S t i f f e n i n g .  A s t i f f e n i n g  r i b  (A) c a n  
increase strength 4 Zo 5 h e s  in a com- 
ponent subject to buckling loads. An em- 
bossed corner r ib @) reduces bracket 
cross section as well as weight by 50%. 

A 

A 

Stress relieving. internal stresses caused 
by cold-working end heat-treating can 
be relieved by an “X” rib (A). Round 
r ibs (B) compensate for cooling stresses 
after welding heavy to l ight sections. 

Noise reduction. Vibration-induced noise 
in large panels can be reduced by io 6 rib. The rib changes the panel frequency. 

Safety. An embossed rib on a flat metal- 
lic surface such as a floor (A) gives a 
slip-proof surface even when oily. An 
embossed pattern on handles and wheels 
(B) can eliminate operator hand slippage. 
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Spacers. A r ib can create a small dis- 
tance between workpieces without any ad. 
ditional parts. The distance can be held 
to a close tolerance by simple machining. 

1 

A 

Permanent assemblies. In hollow assern- 
blies, an inward or outward bead (A) 
forms a firm, permanent joint. In sheet- 
metal assemblies, small embossed beads 
(6) in the thinner member aid in welding. 

4 

Stops. A bead formed on a rounded part 
is one way to align and position a match- 
ing component quickly and accurately. 8 

A 

B 

Temporary assemblies. In thin-walled 
round parts such as bulb bases, sockets, 
f lashl ight reflectors, smal l  caps and-  
other parts the rounded threads are em- 
bossed so a temporary union can be made. 

5 

Anchors. Sheetmetal parts that are in- 
serted in a plastic molding can be ribbed 
or dimpled to increase the resistance of 
the part being pulled from the molding. 

9 
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Design Machined Parts Properly 
Ample clearances, level surfaces, square entrances, and other important details 
improve parts that are to be milled, ground, and broached. 

Federico Strasser 

Possibi/ity o f  
mis- diqnmen f 

Cufier can spa// 
machined end- finish clearance \ Cuf fer has 

Wrong Right  diamefer 

1 KEEP RADII LARGE ON ROUNDED ENDS. 2 LEAVE CLEAR4NCE FOR MILLING CUTTERS. 

Wrong 

R i g h t  

3 MILL KEYSLOTS PARALLEL-TO SHAFT AXIS. 4 AN ODD NUMBER OF SLOTS REQUIRES FEWER MILLING CUTS. 

Wrong R i g h t  

SURFACES TO BE FINISHED SHOULD BE ON SAME PLANE.. . 5 . . . OR AT LEAST PARALLEL. 
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Innovative Detents 

1 
I 

i 

I 

> t  
: I 4  

' : I POSITIVE DETENT HAS PUSH- 
I BUVON RELEASE FOR 

ST WIGHT^ RODS Section on X X  



21-16 

Cleaner Lines for Control Cabinets 
How to improve the appearance of consoles and similar functional cabinets with 
divider strips, concealed catches, recesses, baffles, and trim. 

F. W. Wood 

Removab/e- 
ponel 

Magnet plaie 
cemenied io 
panel 

Magnet catch 
ottacbed to 
frame 

Frame 
-Frame 

member 

Sheet meiaf - 
Magnet recessed 
in pane/ 

------v 

CONCEALED CATCHES permit a 
clear, uncluttered exterior panel ap- 
pearance. Catches not requiring close n alignment are preferable. 

Thin mefa/ Stepped 
or plostlc cower \ 
over/ay panef 

Control 
pane/ 

Edge o f  ponef hidden in 
shadow area 
This a/lows use o f  
larger tolerances 

RECESSING provides a “shadow” 
area round the panel and effectively 
~uhdurs any out-of-~qiiarrncss of the 
panel or adjacent surfaces. 

3 Cower pane/ 

A 

4 

Frame member 

Magnet 

B C 

OVERLAY JOINTS are particdady 
useful for hiding unsightly joint linm 
around control panels - you ran see 
only one linc around the panel. 
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ALL THE DESIGN FEATURES de- 
scribed here are applied to various parts 
of the data-processing console shown 
in artist's conception. 

Q 

? I AUGUST 5. 1963 

d 

, 
Divider strip 

pone/ improves oppeorance 

DIVIDER STRIP between two remov- 
able panels overcomes the need for a 
tight butt joint. Contrasting-finish styl- 
ing is also possible. 

Bock 

Back light " 

Spacing witbou f divider sfrip 
detracts from oppeorance 

Removob/e ---__ 
pone/ 

i L  
corner trim-$ 

,,111------------( 
L- 

LIGHT BAFFLES behind all hinging or 
sliding windows prevent back-lighting 
from emphasizing had fits. Raffle and 
panel color should be the same. 

flnlsh 
some os 
pone/ 

- -  
S/o f s pro vide 
odjustmen f 

a 

ADJUSTABLE TRIM gives illusion o f  
a good fit between non-squared panels 
and frames. Open-ended slots provide 
for easy assembly. 
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Flexure Devices for Economic Action 
Advantages: Often simpler, friction and wear are virtually nil, no lubrication. 
Disadvantages: Limited movement, low force capacity. 

James F. Machen 

-2 

Po/ypropropy/ene integra/ 
hinge is guud examp/e 

0 
P 

BASIC FLEXURE connection (singte-strip pivot) eliminates 
need for bearing in oscillatory linkages such as relay ar- 
matures 

TWO EXAMPLES of two-strip pivots 

rfrove/ /im/'ted by 

"RACK AND PINION" equivalent of  rolling pivots 120" Y CROSS-STRIP pivot holds center location to provide 
frictionless bearing with angular spring rate 

Thee for morel 
skewed str& 
spaced around 
cifcufof disks 
Of equd ongfes I 
SKEWED STRIP converts angular motion into linear motion 
or vice versa ment actions 

LIGHT-DUTY UNIVERSAL JOINT is ideal for many sealed instru- 
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CRW-STRIP PIVOT combines flexibility with some load- 
carrying eapacity 

7 
.c------t U 

PARALLEL-MOTION linkage has varying spacing 

n 
Shaft No. f 

I 

CROSS-STRIP ROLLING PtVOT maintains “geared” rolling 
contact between two cylinders - different diameters give 
“gear” ratio 

IN THIS PARALLEL-MOTION linkage, platform A remains level 
and its height does not change with sideways oscillation 

FLEXURE TRANSMITS equal But opposite, low-torque, angular 
motion between parailel shafts 

SINE SPRING, straight line mechanism lets point A move in 
approximately a straight line for short distances. 
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Isolating Machines from Vibration 
Here is a selection of resilient pads, spring and rubber mounts, as they are commonly 
arranged to absorb vibrations. 

Louis Dodge 

Machine /eg 

f f  maferio/ 

Hafd maferio/ 

'Sqxm? pad- 

Bonded @osfic adhesive) 

'1; 
t!...!h SQUARE PADS AND PLAIN FOOTING 

BELLEVILLE SPRING MOUNT 
(STIFFNESS VARIES WITH NUMBER OF WASHERS) 

L i m i t e d  d e f l e c t i o n  

HOW FOUNDATIONS 
ARE ISOLATED 

Shims o r  woshers 

\\' ,\\\\\ \ \ \ \\' \ \ \\ \\ 

A ROUND PADS AND SHIMMED FOOTING 

SUSPENSION-SPRING 
(FOR SMALL, HIGH-SPEED MACHINERY) 

1 

Lateral and v e r t i c o l  loads 
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a LEVELING SCREW FOR UNEVEN FLOORS 

-Sub-p/ote 

/ f / O O f  

COIL SPRING MOUNT 
-AVOID RESONANCE FREQUENCIES 

,Soft steel mof 

Air 
space 

spr/ngs 

RUBBER BUSHING MOUNTS rubber) 
HAVE HIGH DAMPING FACTOR 

lofe 

Equal s t a t i c  d e f l e c t i o n  for 
v e r t i c a l  and hor i zon ta l  loads V e r t  i ca  I d e f l e c t  ion 

I / /BFOt/O/ l  
damper 
fcork, 

Rubber plus 
pneumat i c  res i l ience 
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Types of Mounts 
for Vibration Isolation 
Thomas R. Finn 

TRANSMISSION OF VIBRATION from a machine or motor to the 
supporting structure can be reduced by using special mountings. 
Vibrations may be caused by an unbalanced rotor or reciprocating 
elements of a machine. By flexibly supporting the vibrating 
member, the disturbance can be greatly absorbed by the resilient 
mounting. 

For most effective vibration isolation, the mounting should be 
very soft so that its natural frequency is low in comparison to the 
frequency of the disturbance. As a rule, the disturbing frequency 
should always be greater than 2.5 times the natural frequency of 
the mounted system. For simple linear vibrations, the natural 
frequency of the supported mass f. can be determined by the 
static deflection of the springs or mount. This is expressed by: 

fn = 188 + vz (in cpm) 

There are many commercial mounts available. Most of these 
devices utilize rubber for resiliency; this rubber is most often 

stressed in shear to obtain larger static deflection for a given 
thickness. Where greater load capacity (per unit volume) is 
required, rubber in compression is used. 

An unrestrained body mounted on four resilient mounts, has 
six modes of vibration and consequently six natural frequencies. 

For single-degree translational motion of a body which is sup- 
ported on more than one mount, the stiffness of each unit should 
be in proportion to the weight supported. Besides motion in the 
vertical plane, the natural frequency in the horizontal plane should 
be also calculated. For the lowest natural frequency of the system, 
mountings should be loaded close to the maximum rating given. 

In applying vibration mounts, three factors are important: (1) 
keep mounts far apart for better stability; (2 )  mounts should be 
in a plane which passes through the center of gravity of the sus- 
pended mass; ( 3 )  use of hold-down screws or'snubbers to limit 
large motions. 

STRIP-TYPE ISOLATORS 

Finn and Co. u S. Rubber Co 5 Goodricb Co. 

Fig. 1-Rated at 80 Ib/linear in. with a 
shear deflection of 1 in., this type has a 
compression rating of 250 Ib/linear in. at 
5/16 in. deflection. Requires drilling and 
cutting to proper length. 

Fig. ;?-This mount has ratings from 40 to 
105 Ib/linear in. and deflects f in. Rub- 
ber is stressed in shear and compression. 
As a result, the load deflection c u m  is 
non-hear, which prevents resonance. 

Fig. 3-Channel-type mounting comes in 
two basic sizes: small, for vertical loads 
up to 95 Ib (illustrated); large, for loads 
to 420 Ib. Lengths are 1 to 7 in. Cao be io- 
verted for overhead suspensions. 

Fig. &For heavy, flat base, equipment several materials are 
available for vibration isolation; these are most effective where 
very high frequencies and disturbing sound are to be reduced. 
Sheets of felt, cork, and rubber are most commonly used. (A) 
Isomode pads of neoprene are 5/16 in. thick and are used at 
loadings of from 10 to 60 psi. Maximum deflected height is f in.; 

several Iayers can be used. (B) Vibrupad consisting of alternate 
layers of cotton duck and rubber, 8 in. thick, is used for loads 
up to 200 psi. (C) Elasto-rib is a combination of cork and 
ribbed-rubber which is rated up to 35 psi. Minimum thickness is 
1 in. @) Natural cork plates are held by a steel frame. Thick- 
ness ranges from 1 to 4 in. and widths up to 24 inches 
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I I 7  4 Maunfed unit - .- - 

k- -$dia .  ---+I 

Fig. 5-(A) Axial ratings of this standard series are: 1 to 90 Ib 
at deflections of 1/16 or + in. Mounting is about twice as stiff 
radially as compared to the axial direction. For loads up  to 310 

Ib, the rubber is solid. (B) Small mount is rated from 1/3 to 3 
Ib per unit. Isolates vibrations as low as 900 cpm in all direc- 
tions. Attachment is simplified by punched or tapped holes. 

Fig. &Stud-type pads am simple to at- Fig. 7-MounU are rated at 150 to 2,670 Fig. &All metal mount for extreme tem- 
tach and rated in compression from 2 to Ib at 0.15 in. deflection. The natural. fre- perature conditions. Woven wire is used 
270 Ib, but limited to applications of shear quency is about 490 cpm. Sleeve ID va- for resilient element. With a varying 
and compression forces. Pads with tapped ries from 0.437 to 1.00 in. and the overall spring rate, it has good damping effects. 
boles are made for cap screws. height is from 1.75 to 4.00 in. Unit load ratings are from 2 to 25 Ib. 

i f m  Cfip holds nut 

campression and 
recess in mefal 

wt nem ey Dressure _ _ _ _ _ _ - - _ _ _  5 ----------- 4 . _. 

MoNi+ Products Ca. General Ere Co. Firrstone rue and Rubhr Ca. 

Fig. 9Special ly  designed, this mount is 
widely used in automotive industry. Be- 
sides axial and radial resiliency, it is 
used for torsional and angular motion. 

Fig. 1 L F o r  heavy loads, rolling joint is 
useful in applications where alignment is 
important. Normal ratings range from 
125 to 1,500 Ib at 0.24 in. deflection. 

Fig. 11-Metal reinforced rubber pads 
are designed for loads of 250 to 1,700 Ib. 
All pads have the same overall dimen- 
sions. Attaching bolts are: 9, Q or 4 inch. 
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Printed-Circuit Guides 
They allow easy and quick insertion, they guide accurately, 
and they support the board firmly in place. 

I r w i n  N. Schuster 

%de clot 

CHANNEL LIP allous f l n l  spring to be 
pi:tcctl to retain c i r c u i t  hoard against 
channel s ide and reducc tolerancec. 

FLAT SPRING i n  extrucled section pro- 
\,itle.; close limitation for horizontal panel- 
movement. extreme t o le rance  vertically. 

wire 
Plastic 

PLASTIC BUTTONS offer : in tiltra-siiii- 
ple method of holding panels. The rcxind 
huttons let pcinci \ l i c k  home easily. 

SPRING WIRE and  panel stiffener is a 
good combination where panel space is 
n o t  iit a preniiuni. 
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FORMED WIRE structure let5 cooling air 
through mhile gripping the circuit hoard 
! irmly in two planes. 

EXTRUDED CHASSIS PARTS, br,ike- 
Jormcd gtittlcs, , ind Ilat \ p i n g \  allou 
more tolcr,incc ietlticrion in  ci\wrnl>l>. 

PLASTIC EXTRUSION here pro\ ides its 
w n  cpririg grip to support a light-weight 
p ine l  in a mild cn\ironment. 

EXTRUDED OR HEAT-FORMED pIcis tIC 
guide5 'ire incxpcnsivc a i d  reduce the 
chance ol' 5horting to  thc metdl C:hd%i\. 
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Lead- in 
mg/e 
/ 

STAMPED- IN  hoard guide reduces 
weight of cliassis while providing firill 
board mount. Note lead-in angle. 

FORMED SHEETMETAL GUIDE 
made of spring material, with the cntl c 
off at an angle to guide the hoard. 

SMALL SECTIONS s t : i n i p C d  i i i  l l tc  cli;ts- 
sis provide locating guides for carcts 
moiintccl in tixcd positions. 

INTEGRAL GUIDE is ideal when stiff' 
clinssis is required and gives excellent 
lead-in characteristics. 
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Hinges, Panels and Doors 
Here are some low cost ways to avoid spoiling the appearance 
of your equipment with hinges that show. 

Frank W. Wood 

- 
i ltornntivo nivnt  

, .. ... .... ".,. * .l.X.,.,l,I... .,. , . ... . . .  . . .,. . .,: . ,. , .  . . . . ,.. 

_-.-_ x. , 

L eng fh  
to suif 
required 
pivot ocfion 

. FORMED WIRE FOR DOUBLE HINGE ACTION 

. .. . 

. .  
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3 

4 

5 

I 
EXPOSED CATCH provides an ea\?-to-niake and lower-cost catch if the 
appearance of the external fastener is not objectionable. 

HEAVY DUTY CATCH, held by a machine screw, will retain hinged assem- 
blies weighing several hundred pounds. Good initial alignnient is advisable. 

f washer 

CATCH DOUBLES AS SHIPPING LOCK when the screw is renioved and 
a large washer is added between the screw head and the catch. 
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Cublnef \ 

A'; \'\, h'ylon bushing w i l l  prevent m e t a l - t o - m e t o l  
i '  r a t t l e  and b ind ing  
I '\ 

'\ \ 
\ ', 

\\ 
\ 
\ 
\ \ 
\ \ 

\ 
\ 

\ 
\ 
\ \ 

\ \ ,  > 
b' 

FORMED TAB AND HOLE (vertical) 

7 P i v o t  a c t i o n  i s  s im i l a r  t o  1 

L i f f  bot tom p/n A 
Pu// top p/n down 
fo remove door 

Sma// pm pressed 

Beurmg wasber sbould 
be used between door 
and cabmef u HANDLE PIN AND SPRING 
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Plastic Hinges 
They’ll cut costs and improve your product. 
You can clamp them, snap them, or otherwise 
locate them with their molded-in shapes. 

Irwin N. Schuster 

/ 
Meto/ c/omp 

4 

Rigid metal section, slipped onto molded tabs, 
clamps them together. Plastic material is either 
polypropylene or polyethylene. 

5 
Soft plastic hinge is snapped over pin in full open 
position, giving maximum strength when top is 
closed; is best for containers with top handle. 

Assembled similar to number four, this hinge is 
fully moldable with no undercuts and can be disas- 
sembled only when fully open. 
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Soft plastic tubing sections are snapped onto nip. 
pies between both halves of this hard-plastic hinge 
as they are assembled together. 

w 
This hinge must be used in pairs, unless three 
Bower tabs are molded. Snapped in from the back, 
pin cannot be removed when top is closed. 

Stamped metal hinge with formed retaining barbs 
penetrates into locating depressions in rigid foam 
parts. Hinge costs little, performs well. 

7 
This strap, mating into itself, can loop around a 
molded pin, metal rings, or other closed sections. 
giving more security than a snap-on arrangnenk. 
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Pivots Do Many Jobs 
Simple, easy, and inexpensive, pivots can eliminate 
play in machine tools as well as scientific and measuring 
instruments. Here are some ideas on how to make them, 
where to apply them. 

Maurice Conklin 

In soft metals like brass a female 
locating recess with contact lim- 
ited to three constrained areas 
can be made by drilling three 
holes (A), a center hole (B), and 
countersinking (C) around them. 

3 Making a pivot 

I 

i 

Sheetmetaf squared ti-Qedions can be crossed fo 
form a knife-edge support with an  infinitely sharp 1 easy installation and adjustment an a part. 4 corner at the bottom of the Vee making a pivot point, 

Round-tipped leg, V-slot, or conical hole pivois 
can be machined with threaded shanks for 

I 

9 

A similar-reduced-area contact is made by milling 
segments around a hole either plain<or countersunk, 
or a three-ribbed punch tip can forb a countersink 
leaving the remaining area to [make contact. 

5 Balls used as+feet can beepeened into a sleeve, 
soldered or held by a clip. A round-headed ; 2- screw can be a suitable substitute: for the ball. 
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h 

A 

I 

Apptying a pivot 
. "  

5egmen f 
groove 

Base 
groove Tefrohe 

groove 

I 

I *  

Need to turn through an arc? A ball set into a drilled 
spot on the base and segment does the trick. The outer 
t w o  balls slide on the base ando being set in the seg- 
ment, support the outer end. Another way is  to set the 

rounded t i pg f  one: leg in a tefrahedral pocket and let 
the other legs slidq on a metallic surface. A third 
method is to place two hemispherical-tipped feet into 
and accurately grooved V-section, the third foot slides. 

6 

* >  

" S S  

- Need to measure material thickness? Wow about a I of an opticat level to indicate thickness. Anoiher meth- 
block with three balls, one off-center. When-a thin od used to measure filament thickness has two balls 
piece of metal is slipped under the off-centered ball, and a roller, The filament is slipped betweell the balls 
the black tips. Tap face of the block is a mirror, part and under tbe roller, rise of the needle gives thickness. 

> i  > * ~~ & 

3 

< > r i a  

I I  1 1  

I 

I 

* I  e *  

I "  

1 Need to support a mirror or  other target? It's simple ' with i o  force other fhan gravity, Anoher approach Is 
with a central tension spring and three ball4ippetl to suppart two links with tension springs and &ut. 
screws. One screw end fits into a tetrahedral pocket, 

" 
The tensionaspring eliminates backlash i n d  holds the 

the second "in a V-groove, the third on the flat sur- 
' 

assembly together; the sharplipped strut permits free 
I face. The target 'can now be positioned accurately pivoting of the- mirror or target Zttacned' to tRI: links. 

i 
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Dimensions for Hand Grip 
To get maximum advantage from knobs and handles, use the size 
suggested in these sketches. 

Frank William Wood JR. 

KNOBS 

Thumb and  Third F inger  

I Thumb, F i rs t  and  Second Fingers 

Thumb a n d  Forefinger 

F inger t ips and  F l a t  Grip 

Open 611-hand Grip with Fingers to Edge 
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I 

HANDLES 

Four Fingers 
y- 3$ h. - I ,  r 

Po le 

Two Fingers 
t-/% in.+ 

Recessed Pull  



2 1-36 

Thirteen Ways to 
Use Metalk-Bellows 
Sketches serve two purposes: 1) Illustrate unique as well as typical applications; 
2) Show how the movement of bellows can be transferred to other elements. 

E. Perry Cumming 

FIG 2 El 

Apptied 
pressure 

*- 

ACTUATE GAGES and switehes. FLOW CONTROL. Variations in 
Pressures can be as high as 2,000 pressure adjust needle in flow valve. 
psi. Maximum value should exist Also shows how bellows can be pack- 
when the bellows is near free-length. less seals for valve stems and shafts. 

ABSORB EXPANSION OF FJJJIDS OR 
GASES. Transformer (above) uses hel- 
lows to absorb increases in volume of 
oil caused by thermal expansion. Single 
controls of this type can operate from 
-70 to 250 F or from 0 to 650 F. 

FIG 3 
METERING DEVICE. Dispensing 
machines can use bellows as con- 
stant or variable displacement pump 
to measure and deliver predeter- 
mined amounts of liquids. 

Movemenf 

FIG 7 

FLEXIBLE CONNECTOR, Suitable for wide range of applications from in- 
struments to jet engines and large piping. Bellows absorb movement caused 
by thermal expansion, isolate vibration and noise as well as permit mis- 
alignment of mating elements. Wide variety of sizes and materials are now 
possible. Onits are now in use from ?/4 to 72 inches in  diameter, made 
from such materials as brass, phosphor bronze, beryllium copper and 
stainless steel. 

t- 

PRESSURE COMPENSATOR. Effect of ambient pressure can he eliminated 
in a pressure measuring system by matching the area of a pressure bellows 
with that of an aneroid and combining the two into a single assembly. 
Errors caused by ambient pressure can be held to a max of one percent. 
Present materials permit aneroid operation from -70 to 450 F. 

Bellows used instead of piston and 
cylinder arrangement. Eliminates ef- 
fects of leakage and friction. Long 
stroke can be provMed with sensitive 
response. 
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FIG 4 
FLEXIBLE COUPLING. Bellows can transmit torque 
through oblique shafts with negligible amount of back- 
lash or can be used to transmit circular motion through 
the wall of a sealed container as shown above. 

i 
FIG 
SEALED ADJUSTMENT. Accurately calibrated adjnst- 
ments inside sealed instruments are possible by means of 
single or compound threads. To meet varied installation 
requirements, bellows are available with ends prepared 
for ring or disk end plates of standard or special design. 
These plates are fastened by brazing or welding tech- 
niques. 

I 

t 

SlOM. 

f0Sl 

FIG 

TIME DELAY MECHANISM. A cheek 
valve and proper size bleed hole be- 
tween two liquid filled bellows allows 
fast motion in one direction and slow 
motion in the other direetion. 

HERMETIC SWITCH. Bellows provide a gas tight 
flexible member through which motion can be trans- 
mitted into a sealed assembly. Flexibility and long life 
are important characteristics of these elements. 

n ,I Bulb 

VAPOR PRESSURE THERMOSTAT. Small dia bellows 
offer large movement over a relatively small, adjustable 
temperature range. Can be filled so as  to be unaffected 
by over-runs in temperature. Compensation for changes 
in ambient temperature is unnecessary whether this 
temperature is above or below the value selerted for con- 
trol purposes. 

FIG 13 

dACMT bdb 

AMBIENT TEMPERATURE COMPENSATION. Two methods are shown. 
The left one uses two bellows in  the actuating system. One is driven by the 
compensating assembly and correctly positions the actuating bellows as 
ambient temperature ehanges. The other method uses a floating lever whose 
mid-point is positioned by both the actuating and compensating bellows. 

b 
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Frictional Su ports 
for Adjustab P e Parts 
L. Kasper 

Frictional supports permitting relative longitudinal and rotational adjustment 
between a rod and a clamping member have wide application because of their simpli- 
city of design and the ease and rapidity with which they can be adjusted. Possibili- 
ties of design are endlees, as indicated by the accompanying group of designs. 
Illustrations include typea having slight and strong resistance to friction, 
types in which the frictional resistance can be varied to suit conditions, typea 
that have greater resistance in one direction than the other, and types that 
have positive detents for certain positiona. The sketches are self-explanatory. 

FIG. 1 

spiii s/eeve of  / 
-soft material 
such a s  hber ‘la? 

FIG.3 

Spfii sleeve of 
soft rnaieriah 
such us fiber‘, 

FIG. 4 

FIG. 5 FIG. 6 F16.7 FIG. 0 
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T a u f  yire 
,-d?---- -- - - -%- __ k ___-- -----.--__ > 

\ 
\ R o d  is ffaffeene+---- 

\ fo receive spring,,' 
\ 
\ 

\\/' 

FlG.9 

c- 

longifudinuf fricfron 
downward greafer 
fhun upward 

FIG. 12 

Pin--- 

FIG. 10 , 
\ 

Permifs change of-?, 
angu/ar re/uf ion ship 
of rod 

Tapered sp/if 

rod 
.--collar qrips 

FIG. I I  

Inner tube sd1a'e.r fn wfer fube-., 
t 

Spring for fr ici ional r---Four s/ofs in inner fube 

Rod-. -' _._ Tighfening screw &<&xpered collar expands inner fube and arz)jusfs -si8 func. 
focks rod fo movemenf 

FIG. 15 FIG. 16 
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Building Strength into Brackets 
They must meet specific requirements-stability, light weight, and the like. 
Here’s your guide. 

S. Warren Kaye 

F o r  stability, a good bracket must be able to carry 
load in three directions at right angles to each other- 
vertical, fore and aft, and sideways. Besides being able 
to withstand regular acceleration and operating loads, it 
must often be rugged enough to avoid damage from 
handling and accidental loads-for example, if it is 
stepped on, or used as a handhold, as in aircraft and 
missiles. 

Space Age requirements also point up the frequent 
need to minimize weight of brackets. One way to do 
this is to place the equipment they support as near as 

possible to suitable attachment points on the basic 
structure. (Sometimes, in fact, by a minor rearrange- 
ment, such as shifting a stiffener or frame, the equip- 
ment can be attached directly ,to t he  structure, and the 
bracket eliminated.) 

Other general rules for designing brackets: Avoid 
tension loads on riveted joints, do not combine rivets 
and bolts in the same local area; avoid using aluminum 
bolts in tension wherever possible; in a rivet pattern, 
avoid smaller rivets in the outer row; and don’t over- 
load first rivet or first row of rivets. 

Poor design 

This rivef group not 

This rivef 
overloaded 

Poor design 

ndle 
shear only fensile loads 

Improved design 

1 MOUNTING LUGS should be either kept short or 
have rivet locations that reduce twisting. 

Improved design 

2 SPECIAL MOUNTING is best for cantilever bracket 
where large moments cause high tensile stress at 
mounting. If possible, design a one-piece bracket. 



Rigid frame members 

J 

Web 

Design Hints 21-41 

3 STIFFENERS carry moment loads to rigid frame, 4 SHELF SHEET can be thinner and lighter if stiff- 
prevent unsupported web from “oilcanning.” eners are provided. Lightening holes are flanged 

where possible. 

Poor des ign 

5 CHANNELS are best for spacing mounted equipment 
from attachment wall. Channel thickness must be 

Improved design 

sufficient t o  withstand bending from side loads. If 
necessary, extra stiffening should be provided. 
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Adhesive Applicators 
for High-speed Machines 

m 
T H K  > r ~ ~ r ~ ~ o i > s  o r  Ai' i ' i .YIxC: LIQIJII)  AUHF:SI\ ES that are  illirstrated here 
include rotary applicators on movable axes and otherwise movahlc 
1)etwwn adhesive pick-up po.iition and applying position, endless I x l t  
:ipplii~ators, applicators in the form of rnoring daul)cr~.  plate.. arid thc. 
like. reciprocating dies exuding measureti quantities o f  c'rmrnt. and  spray 
i iozzl~:.~.  4 II o f  these rneclianis~ns are used or are cil)plical)le on pri)duc.- 
tion rrracliines suvh as for making ps t choa rd  boxes or c'urtonh, pasting 
labels or  envelopes, and making shires or  other prodirctr; involving the 
u + e  of l i ipid adhesive.. \ \ \  

,-Label stack 

Pa f 2,25a 785 

FIG. 1 - Bottom lubei is spread with glue by tico ubirttiiig glue-could picker plutes, 
which sepurute during contact wirh lube1 stuck, then curry lube1 to  bottle 

Lower  die s/ides 
under upper dte--- 

Section A-A 

mafching supplied in 
upper d e  measured  
pfafes qucvn+/ity 

FIG. 2 - Measured qciuntities OJ cement are forced through perforutions in speciully 
designed upper  und lower die plates, which are closed hydraulically ocer zippers. 
Lower die  only is shoten 

' Wnter vessel in p / m e  when 
brush is nof in use 

FIG. 3-Brush applicator i s  f e d  througli 
passages between bristle tuf t s  b y spring 
operuted plunger 

FIG. 4-Shoulder on ralve stern in glue 
chamber retains glue until presslire 011 

t ip  opens bottorn calve 
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f r o m  edge o f  labe/ staik 
Pa f 2,206,964 

FIG. 9 - Paste belt upplicutor passe. uroiind 
pul ley  i r i  pastcpot and slidrs over lube1 stuck 

FIG. 10 - Datiber asscmbly is moi-d 
horizontully between gliie pot c i n d  work 
by eccentric pin on gecir. Vertirul m o w -  
ments are produced by  crank operutrd 
bar. o i w  duiiber shaft 
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7 Basic Hoppers for Parts 
Hoppers, feeding single parts to an assembly station, speed up many 
operations. Reviewed here are some devices that may not be familiar 
to all design engineers. 

Peter C. Noy 

Hopper/ tube 

Reciprocating feed . . . 
for spheres or short cylinders is  perhaps the 
simplest feed mechanism. Either the hopper 
or the tube reciprocates. The hopper must be 
be kept topped-up with parts unless the tube 
can be adiusted to the parts level. 

2 
Centerboard selector . . . 
is similar to reciprocating feed. The centerboard top can be milled 
to various section shapes to pick up moderately complex parts. It 
works best, however, with cylinders too long to be fed with the 
reciprocating hopper. Feed can be continuous or as required. 

3 
Rotary centerblades . . . 
catch small U-shaped parts effectively if their legs are not 
too long. Parts must also be resilient enough to resist perma- 
nent set from displacement forces as blades cut through 
pile of ports. Feed is  usually continuous. 
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Part 

4 
Paddle wheel . . . 
is effective for disk-shaped parts i f  they are stable 
enough. Thin, weak parts wou!d bend and jam. Such 
designs must be avoided i f  possible-especially if 
outornotic assembly methods will be employed. 
(See pp. 750, 151.) 

long-cylinder feeder . . . 
is a variation of the first two hoppers. If the' 
cylinders have similar ends, the part can be 
fed without pre-positioning, thus assisting 
outornotic assembly. (See pp. 150, 151.) A 
cylinder with differently shaped ends requires 
extra machinery to orientate the part before 
it can be assembled. 

5 
Rotary screw-feed . . . 
handles screws, headed pins, shouldered shafts ond 
similar parts. 13 most hopper feeds, random selec- 
tion of chance-orientated parts necessitates further 
machinery if parts must be fed in only one specific 
position. Here, however, all screws are fed in 
the same orientotion (except for slot position) 
without separaie machinery. 

7 
Barrel hopper . . . 
is most useful i f  parts tend to tangle. The parts drop free of the rotating- 
barrel sides. By chance selection some of them fall onto the vibrating rack 
and ore fed out of the barrel. Paris should be stiff enough to resist excessive 
bending because the tumbling action can subject parts to relatively severe 
loads. The tumbling sometimes helps to remove sharp burrs. 
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Machinery Mechanisms 
Selected from industrial and automatic machinery, many of these 
41 mechanisms have never appeared in American literature. A 
diverse grouping-with the very well-known omitted. 

Professor Preben W. Jensen 

Double-link reverser 

Automatically reverses the output 
drive every 180-deg rotation of the 
input. Input disk has press-fit pin 
which strikes link A to drive it clock- 
wise. Link A in turn drives link B 
counterclockwise by means of their 
respective gear segments ( o r  gears 
pinned to the links). The  output shaft 
and the output link (which may be the 
working member)  are  connected to 
link B. 

After approximately 180 deg of ro- 
tation, the pin slides past link A to 
strike link B coming to meet it-and 
thus reverses the direction of link B 
(and of the output) .  Then after an- 
other  180-deg rotation the pin slips 
past link B to  strike link A and start 
the cycle over again. 

Toggle-link reverser 

This mechanism also employs a striking pin-but in this case the pin is o n  
the output member. The input bevel gear drives two follower bevels which 
are free to rotate on their common shaft. The ratchet clutch, however, is 
spline-connected to the shaft-although free to slide linearly. As shown, it 
is the right follower gear that is locked to the drive shaft. Hence the output 
gear rotates clockwise, until the pin strikes the reversing level to shift the toggle 
to the left. Once past its center, the toggle spring snaps the ratchet to the 
left t o  engage the left follower gear. This instantly reverses the output which 
now rotates counterclockwise until the pin again strikes the reversing level. 
Thus the mechanism reverses itself every 360-deg rotation of the input. 

Modified-Watt’s reverser This is actually a modification of 
the well-known Watt crank mechan- 
ism. The  input crank causes the planet 
gear to revolve around the output 
gear. But because the planet gear is 
fixed to the connecting rod it cuises 
the output gear to continually reverse 
itself. If the radii of the two gears are 
equal then each full rotation of the 
input link will cause the output gear t o  
oscillate through same angle as rod. 

Coflnecf’n~ 

s’idef 
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INTERMITTENT MECHANISMS 
Rapid-transfer geneva 

The couplcr point at the extension 
of the connecting link of the 4-bar 
mechanism describes a curve with two 
approximately straight lines, 90 deg 
apart. This provides a good entry 
situation in that there is no motion in 
the geneva while the driving pin 
moves deeply into the slot - then 
there is an extremely rapid index. A 
locking cam which prevents the 
geneva from shifting when it is not 
indexing, is connected to the input 
shaft through gears. 

long-dwell geneva 
Geneva Driving Drive Locking chain 
OUfDUf Dl l l  sorockef, extensions / 

This arrangement employs a chain with an extended 
pin in combination with a standard geneva. This 
permits a long dwell between each 90-deg shift in the 
position of the geneva. The spacing between the 
sprockets determines the length of dwell. Note that 
some of the links have special extensions to lock the 
geneva in place between stations. 

Modified motion geneva 

DWELL MECHANISMS 

With a normal geneva drive the in- 
put link rotates a t  constant velocity, 
which restricts flexibility in design. 
That is, for given dimensions and 
number of stations the dwell period is 
determined by the speed of the input 
shaft. Use of elliptical gears produces 
a varying crank rotation which per- 
mits either extending or reducing the 
dwell period. 

~~ 

Epicyclic dwell mechanism 

_, Connecfing rod 

I . '  I I I . Y , , , , ,  ,,,, 
/nput crook ' f i x e d  ring geor 

Here the output crank pulsates back and forth with a 
long dwell at the extreme right position. Input is to the 
planet gear by means of the rotating crank. The pin on 
the gear traces the epicyclic three-lobe curve shown. The 
right portion of the curve is almost a circular arc of radius 
R. If the connecting rod is made equal to R, the output 
crank comes virtually to a standstill during a third of the 
total rotation of the input. The crank then reverses, comes 
to a stop a t  left position, reverses, and repeats dwell. 

Cam-worm dwell mechanism 

Without the barrel cam, the input shaft would drive 
the output gear by means of the worm gear at constant 
speed. The worm and the barrel cam, however, are per- 
mitted to slide linearly on the input shaft. Rotation of 
the input shaft now causes the worm gear to be canimed 
back and forth, thus adding or subtracting motion to the 
output. If barrel cam angle a is equal to the worm angle ,f?, 
the output comes to a stop during the limits of rotation 
illustrated, then speeds up to make up for lost time. 
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Cam-heiical dwell mechanism 6-Bar dwell mechanism 

Outaut 

I I 

////////////////////////////////// 

Whcn one helical gear is shifted linearly (but prevented from rotating) it 
will impart rotary motion to the mating gear because of the helix an@. This 
principlc is used i n  the mechanism illustrated. Rotation of the input shaft 
C ~ L I S ~ S  the interniediate shaft to shift to the left, which in turn adds or sub- 
tracts from the rotation of the output shaft. 

Rotation of the input crank causes 
the output bar to oscillate with n long 
dwell at  the extreme right position, 
This occurs because point C describes 
a curve that is approximately a circu- 
lar arc (from C to C') with center at 
P. The output is practically stationary 
during that portion of curve. Cam-roller dwell mechanism 

Three-gear drive 

.......................... 
I / I 

////// 0;tput pear 

A steel strip is fed at constmt linear velocity. But at the die station 
(illustrated), it is desired to stop the strip so that the punching operation can 
be performed. The strip passcs over movable rollers which, when shifted to 
the right, cause the strip to move to the right. Since the strip is normally fed 
to the left, proper design of the cam can nullify the linear feed rates so that 
the strip stops, and then speeds to catch LIP to the normal rate. 

This is actually a four-bar linkage 
combined wi th  three gears, As the 
i n p u t  crank rotates i t  takes with i t  the 
input gear which drives the output 
gear by mcans of the idler. Various 
output motions are possible. Depend- 
ing on proportions of the gears, the Double-crank dwell mechanism 

oke 

- 
output gear can pulsate, or come to a 
short dwell-or even reverse briefly. 

Both cranks are connected to a common shaft which also 
acts as the input shaft. Thus they always remain a constant 
distance apart from each other. There are only two frame 
points-the center of the input shaft and the guide for the 
output slider. As the output slider reaches the end of its 
stroke (to the right), it remains practically at standstill while 
one crank rotates through angle PP'. Used in textile machin- 
ery for cutting. 
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linkage motion adjuster 

r- 
Here the motion and timing of the 

output link can be varied during opera- 
tion by shifting the pivot point of the 
intermediate link of the 6-bar linkage 
illustrated. Rotation of the input 
crank causes point C to oscillate 
around the pivot point P. This in turn 
imparts an oscillating motion to the 
output crank. Shifting of point P is 
accomplished by a screw device. 

Valve stroke adjuster 

lnpuf 
cam 

Cam motion adjuster Double-cam mechanism 

1 
Folfower 
foufpuil 

The output motion of the cam fol- 
lower is varied by linearly shifting the 
input shaft to the right or left during 
operation. The cam has a square hole 
which fits over the square cross sec- 
tion of the crank shaft. Rotation of 
the input shaft causes eccentric motion 
in the cam. Shifting the input shaft 
to the right, for instance. causes the 
cam to move radially outward, thus 
increasing the stroke of the follower. 

This is a simple but effective tech- 
nique for changing the timing of a 
cam. The follower can be adjusted 
in the horizontal plane but is restricted 
in the vertical plane. The plate cam 
contains two or more cam tracks. 

3-D mechanism 

Stroke 

Rd/usfinq 
fever- 

End view 
This mechanism adjusts the stroke 

of valves of combustion-engines. One 
link has a curved surface and pivots 
around an adjustable pivot point. 
Rotating the adjusting link changes 
the proportion of strokes of points 
A and E and hence of the valve. The 
center of curvature of the curve link is 
at point Q. 

Output motions of four followers are varied during the rotation by shifting 
Linear shift is made by means the quadruple 3-D cam to the right or left. 

of adjustment lever which can be released in any of the 6 positions. 
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Piston-stroke adjuster. Shaft synchronizer, Eccentric pivot point, 

t 

Actual position of the adjusting 
shaft is normally kept constant. The 
input then drives the output by means 

slotted link to drive the piston up and justing shaft in a plane at right angle 
down. The position of the pivot point to the inpUt-OUtpUt line changes the 
can be adjusted by means of the screw relative radial Position of the input 
mechanism even while the piston is and output shafts, used for introduc- 
under full load. ing a torque into the system while 

running, synchronizing the input and 
output shafts, or changing the timing 
of a cam on the output shaft. 

The input crank oscillates the of the bevel gears. Rotating the ad- Rotation of the input crank recipro- 
cates the piston. The stroke depends 
on position of the pivot point which is 
easily adjusted, even during rotation, 
by rotating the eccentric shaft. 

FORCE AND STROKE MULTIPLIERS 
Typewriter drive 

\ 

Strcke - y  lp  
- h  

Multiplics the finger force in a type- 
writer, thus producing a strong ham- 

touch. There are three pivot points 
attached to the frame. Arrangement 
of the links is such that the type bar 
can niovc in free flight after a key has 
been struck. The mechanism illus- 
trated is actually two four-bar link- 
ages in series. In certain typewriters, 
as many as four 4-bar linkages a re  
used in a series. 

mer action at the roller from a light 

The first toggle keeps point P in the raised position even though its 
weight may he exerting a strong downward force (as  in a heavy punch 
weight). When the drive crank rotates clockwise (driven, say, by a 
reciprocating mechanism), the second toggle begins to straighter to 
create a strong punching force. 
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Pulley drive 

i S/rder 

A simple arrangement which multi- 
plies the stroke of a hydraulic piston, 
causing the slider to propel rapidly to 
the right for catapulting. 

22-7 

‘Uydrau/ic piston 

ANGLE MULTIPLIERS 

Wide angle oscillator Gear-sector drive 

output l rnk,  I Output sprockef 

Motion of the input linkage is converted into a wide angle oscilla- 
tion by means of the two sprockets and chain in the diagram illus- 
trated. An oscillation of 60 deg is converted into 180-deg oscillation. This is actually a four-bar linkage com- 

bined with a set of gears. A four-bar linkage 
usually can get no more than about 120-deg 
maximum oscillation. The gear segments mul- 
tiply the oscillation in inverse proportion to the 
radii of the gears. For thc proportions shown, 
the oscillation is boosted 2?h times. 

Angle-doubling drive 

Frequently it is desired to enlarge the oscil- 
lating motion ,8 of one machine nienibcr into 
an output oscillation of. say, 28. If gcars are 
employed, the direction of rotation cannot be 
the same unless an idler gear is used, in which 
case the centers of the intput and output 
shafts cannot bc too close. Rotating the input 
link clockwise causes thc output to also follow 
in a clockwise direction. For a particular set 
of link proportions, distance between the shafts 
determines the gain in angle multiplication. 
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Chain drive Gear-rack driwe 

Springs and chains are attached to 
geared cranks to operate a sprocket 
output. Depending on the gear ratio, 
the output will producc a specified 
oscillation, say two rcvolutions of out- 
put in each direction for each 360 deg 
of input. 

This mechanism is frequently employed to convert the motion of an input 
crank into a much larger rotation of the output (say, 30 to 3 6 0  cieg). The 
crank drives the slider and gear rack, which in turn rotates the output gear. 

Link 

Arranging linkages in series can in- 
crease the angle of owillation. I n  the 
case illustrated the oscillating motion 
of thc L-shaped rocker is thc input 
for the second linkage. Final oscilla- 
tion is 180 deg. 

ROTARY TO LINEAR-MOTION MECHANISMS 

linear reciprocator Disk and roller drive 

The objective here is to convert a 
rotary motion into a reciprocating 
motion that is in lirie with the input 
shaft. Rotation of the shaft drives the 
worm gear which is attached to the 
machine frame by means of a rod. 
Thus input rotation causes the worm 
gear to draw itself ( a n d  the worm) to 
the right-thus providing a back and 
forth motion. Employed i n  connec- 
tion with a color-transfer cylinder in 
printing machines. 

Here a hardcned disk, riding at an angle to an input roller, transforms the 
rotary motion into linear motion pcircillel tu the 0xi.r of / h ~  i n p r i f .  The roller is 
pressed against the input shaft with the help of a Rat spring, F. Feed rate is 
easily varied by changing the angle of the disk. Arrangement can produce 
an extremely slow feed with a built-in safety factor in case of possible jamming. 
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Bearings and roller drive 

Oufouf - 

Sinusoidal reciprocator 

Reciprocating space crank 

I<ot;iry input CIILI\CS the bottom 
stir-face of l ink  A to ~ ~ b b l c  in refer- 
ence IO the center line. I.ink 8 is free 
of  link .4 hut restrained from rotating 
by the slot. This  causes the otrtput 
member to reciprocate linearly. Eni- 
ployed for filing machine. 

Cross-bar reciprocator 

Crnscbar 

A I t 11 o 11 g h coni pl ex - loa L i ing, this de- 
vice hGi\ been siiccessful in high 
\,peed m x h i n c i ,  fc)r tr;inslorrning ro- 
t a i !  motion into ;I high-imp;lct linear 
motion. Both gears ccmtai i i  cr'inhs 
connccictl to  the c r o s  bar by means 
01 conneciing rods. 
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Two-speed reciprocator 

A drive pin, fastened to a chain, rides in a vertical 
slot to reciprocate a carriage in a horizontal direction. 
Velocity in both directions is constant and depends on 
the angle of slope that the chain makes with the vertical 
slot. Thus, velocity to the left is higher than to the 
right because the top of the chain is horizontal. 

PARALLEL LINK MECHANISMS 
Parallel link feeder. 

,Barre/ Feed bar 

One of the cranks is the input, the other follows to 
keep the fceding bar horizontal. Employed for moving 
barrels from station to station. 

Parallel link driller 

Input 
crank - 

Parallelogram linkage - 

Corfori opened-’ 

All seven short links are kept in a vertical position 
while rotating. The center link is the driver. This 
particular application feeds and opens cartons, but 
the device is capable of many diverse applications. 

Parallel plate driver 
c3 lnpuf 

Connecting rods 
\ 

U 
r.3 output 

For- powering a group of shafts. The 
input crank drives the eccentric plate. Here again, the input and output 
This in turn rotates the output cranks, rotate with the same angle of relation- 
all of which are of the same length ship. The position of the shafts, 
and rotate at the same speed. Gears however, can vary to suit other re- 
would require more room between quiremcnts without affccting the in- 
shafts and are usually more expensive. put-output relationship between shafts. 
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SliderlCrank Mechanisms 
New equations and computer-tabulated values of velocities, 
accelerations, and forces reduce computation time an errors. 

Professor Mer1 D. Creech 

HE slider c r a n k - a n  efficient mechanism for chang- T ing reciprocating motion to rotary-is widely used in 
engines, pumps, automatic machinery, and machine tools. 
The crank is a special case of the basic four-bar kinematic 
chain in which one of the four bars is of infinite length, 
ie, the motion of a point moving along a straight line 
is equivalent to the rotation of the same point about 

The equations developed here for finding such factors 
are in a more streamlined form than is generally available. 
They have been programmed on a computer to obtain 
a set of design tables. Tabulations are carried to four 
significant figures and accurate interpolation is possible 
when required. Two numerical examples illustrate the 
use of the tables. 

a center at infinity. 
To design a slider-crank mechanism for high-speed 

operation, it is necessary to calculate the varying angular 
velocities and accelerations of the connecting rod and 
the linear accelerations of the slider to determine the max- 
imum inertia forces acting on the system. Such time-con- 
suming calculations frequently lead to errors. 

Derivation of equations 
The effect of the angular acceleration of the crankshaft 

on the angular velocities and accelerations of the con- 
necting rod and the acceleration of the slider is quite 
small. Hence it is assumed to be zero in the derivation. 

From the geometry of the system in Fig 1 (see also 

1.. Slider-crank mechanism I Crank 
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list of symbols), the relationship between 0 and 4 is 

and 
R sin 0 = L sin Q 

x = R COS e + L COS Q 

e'(R/L) COS 0 = 4' COS 6, 

(R/L)2 sin2 8 = sin2 Q 
= 1 - cos2 cp 

(1) 
(2) 

(3) 

(4) 

Differentiating Eq 1 with respect to time gives 

Also from Eq 1 we can write 

Solving for cos 4 gives 
1/2 

cos 4 = [ 1 - (+I sin2 e] (5) 

Since OJ = @', Eq 3 and 5 can be combined io give 

Angular velocity of the connecting rod 

Now, differentiating Eq 2 with respect to time 

(7) 

Substituting Eq 1 into Eq 7 gives 

Linear velocity of the piston 

Differentiating Eq 3 with respect to time 

4'' cos Q - ( Q ' ) ~  sin Q (9) 

SYMBOLS 

L = length of connecting rod 
R = crank length; radius of crank circle 
z = distance from center of crankshaft, A ,  to 

z' = slider velocity (linear velocity of point C) 

8 = crank angle measured from dead center 
(when slider is fully extended) 

8' = crank angular velocity = de/& 
0'' = crank angular acceleration = clzO/dtz 
4 = angular position of connecting rod;  4 = 0 

6' = connecting-rod angular velocity = dcp/dt 
4'' = connecting-rod angular acceleration = 

wrist pin, C 

- - slider acceleration 

when e = 0 

dZQ/dt2 
w = constant  crank angle velocity 

Since OJ = 0' = constant and 0" = 0, the values of 
cos 4 from Eq 5, sin 0 from Eq  1, and 4' from Eq 6 are 
substituted into Eq 9 to give 

Angular acceleration of the connecting rod 

(10) Q'f = w2(R/L) sin O[(R/L)' - I] 
[l - (R/L)2 sin2 6']3/2 

Next, differentiating Eq 7 with respect to time 

- X" = -e / '  (+) sin e - ( e ' ) 2  (+) cos e - 
I, 

4'' sin 4 - ( Q ' ) ~  cos cp (11) 
Substituting the value of $' from Eq 6, sin 4 from 

Eq 4, cos 4 from Eq 5 and #' from Eq 10  into Eq  11 
gives 

Slider acceleration 

---=- L (;)[ w2 w 1 6'' 
~2 - cos e+- sin e+- cos e (12) 2'' 

Dynamic forces 
The resultant force, FE,  acting on the connecting rod, 

Fig 2, is due to the angular and linear accelerations, #' 
and x" respectively. The effect of gravity on the con- 
necting rod is small in comparison to these dynamic 
forces and can be neglected. Thus, resultant force (see 
Symbols in Fig 3 )  is equal to 

F R  = Mr+" + Mx" sin r / ~  

FRd = MK2cp" + Mrx" sin Q 

(13) 

(14) 

The moments acting on the connecting rod are 

where 

K 2  = Tc /M 
Hence the distance of the resultant, Fa, from point 

C is equal to 

Kzcp" + rd' sin 4 
r4" + x" sin cp d =  

The signs of thc terms in the above equations are 
correct for counterclockwise rotation of the crank shaft 
and for values of 8 in the first quadrant. 

There are also dynamic forces in the longitudinal 
direction (along the line of centers, B C ) .  The resultant 
Iongitudinal force, FL, can be written as 

F L  = iKr(cpf)2 - Mx" cos q5 (17) 

Tabulated values 
From considerations of symmetry it is necessary only 

to tabulate the values of the velocities and accelerations 
for values of 8 from 0 deg to 180 deg. But there is 
always the problem of signs-to avoid error, check 
with Fig 3, which shows the directions of the accelera- 
tion and velocity of the connectins rod and slider for 
clockwise and counterclockwise rotation of the crank. 

Table I gives the relationship between the design 
equations and the values tabulated in Tables I1 to VII. 
These values, grouped under R / L  ratios of 0.2. 0.3, 0.4, 
0.5, 0.6 and 0.7, will handle most applications that may 
arise and the designer can always interpolate between 
values if necessary. 

Example I-reciprocating engine 
Stroke of engine = 7.1 in. 
('onnccting-rod lcngth = 17.0 in. 



CONNECTING ROD SLIDER 

SYMBOL El. NO. COLUMN SYMBOL EQ. NO. COLUMN 

2 - LINEAR 
DISPLACEMENT 4 2 DISPLACEMENT X 5 ANGULAR 

+'/w G 3 x '/e,L 8 4 LINEAR 
VELOCITY 

J,"/,,,* 10 5 X " / ( " Z L  12 6 
LINEAR 
ACCELERATION 

ANGULAR 
VELOCITY 

ANGULAR 
ACCELERATION 

A 
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3.. Directions of velocities and accelerations 

Counterclockwise rotation 

Clockwise rotation 

~ X", 

7- 
. 

( D )  270" < 0 < 360' 

SYMBOLS 
d=distance of resultant FH from C 
K,  = resuItant of forces 
I(.=rnoment of inertia of connecting rod about C 
K = radius of gyration from C 
A4 =mass of connecting rod 
r =distance of center of gravity from C 
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(I ,  deg 9, deg +' /w 

0 0.000 0.4000 
1997 0.0987 

0.3949 
0.3885 
0.3794 
0.3678 
0.3536 
0.3366 
0.3171 

H, deg 4, deg X ' / ( , L  ~ " / l ~ l z  x"/lF?L 
rABLE 11 0 0.080 0.2000 .--0.0000 0.0000 0.2400 

0.998 0.1993 -0.0209 --0.0167 0.2386 
TABLE IV 

5 

15 
20 
25 
30 
35 

R/L=0.2 10 5 R/L=0.4 10 
15 
20 
25 
30 
35 
40 

1.990 
2.967 
3.922 
4.848 
5.739 
6.587 
7.386 
8.130 
8.812 
9.429 
9.974 
10.443 
10.832 
11.138 
11.359 
11.492 
11.536 
11.492 
11.359 
11.138 
10.832 
10.443 
9.974 
9.429 
8.812 
8.130 
7.386 
6.587 
5.739 
4.848 
3.922 
2.967 
1.990 
0.998 
0.000 

0.1971 -0.0416 -0.0334 0.2346 
0.1934 -0.0618 -0.0499 0.2280 
0.1884 -0.0813 -0.0661 0.2188 
0.1819 --0.0999 -0.0820 0.2073 

3.982 
5.942 
7.863 
9.732 
11.536 
13.263 
14.898 

0.1741 
0.1649 
0.1545 
'0.1429 
0.1301 
0.1163 
0.1015 
0.0859 
0.0696 
0.0528 
0.0354 
0.0178 
0.0000 

-0.0178 
--0,0354 
-0.0528 
-0.0696 
-0.0859 

-0.1163 

-0.1429 
-0.1545 

-0.1741 

.--0.1015 

-0.1301 

-0.1649 

-0.1819 
-0.1884 
-0.1934 
-0.197 1 
-0.1993 
-0.2000 

d ' /(#I 

-0.1174 

-0.1484 
-0.1336 

--0.1616 

-0.1829 
-0.1908 
-0.1968 
-0.2010 
-0.2034 
-0.2039 
-0.2028 
-0.2000 
-0.1957 
-0.1900 
--0.1830 
-0.1748 
-0.1657 
-0.1556 
-0.1448 
-0.1333 
-0.1212 
-0.1087 
-0.0958 
-0.0826 
-0.0691 
-0.0555 
-0.0417 
-0.0279 
-0.0140 
-0.0000 

-0.1731 

-0.0975 
--0.1123 
-0.1265 
--0.1399 

-0.1638 
-0.1740 
-0.1830 
-0.1904 
-0.1963 
-0.2006 

1524 

-0.2032 
-0.2041 
-0.2032 
-0.2006 
-0.1963 
-0.1904 
-0.1830 
-0.1740 
-0.1638 
-0.1524 
-0.1399 
-0.1265 
-0.1123 
-0.0975 
-0.0820 

-0.0499 
-0.0334 
-0.0167 
-0.0000 

d"/l2 

-0.0661 

0.1936 
0.1780 
0.1606 
0.1418 
0.1219 
0.1012 
0.0800 
0.0586 
0.0374 
0.0166 

-0.0036 
-0.0228 
-0.0408 
-0.0576 
-0.0730 
-0.0870 
-0.0994 
-0.1104 
-0.1200 
-0.1282 
-0.1352 
.-0.1410 
-0.1458 
-0.1497 

-0.1552 
-0.1571 
-0.1584 
-0.1593 
-0.1598 

-0.1528 

-0.1600 

40 
45 
50 
55 
60 
65 
70 
75 
80 
85 
90 
95 
100 
105 
110 
115 
120 
125 
130 
135 
140 
145 
150 
155 
160 
165 
170 
175 
180 

16.429 
17.843 
19.126 
20.267 
21.255 
22.078 
22.728 
23.198 
23.483 
23.578 
23.483 
23.198 
22.728 
22.076 
21.255 
20.267 
19.126 
17.843 
16.429 
14.898 
13.263 
11.536 
9.732 
7.863 
5.942 
3.982 
1.997 
0.000 

0.2949 
0.2701 
0.2428 
0.2132 
0.1814 
0.1476 
0.1122 
0.0756 
0.0380 
0.0000 

-0.0380 
-0.0756 
-0.1122 
-0.1476 
-0.1814 
-0.2132 
-0.2428 
-0.2701 
-0.2949 
-0.3171 
-0.3366 
-0.3536 
-0.3678 
-0.3794 
-0.3885 
-0.3949 
-0.3587 
-0.4000 

45 
50 
55 
60 
65 
70 
75 
80 
85 
90 
95 
100 
105 
110 
115 
120 
125 
130 
135 
140 
145 
150 
155 
160 
165 
170 
175 
180 

TABLE 111 
R/L=0.3  

TABLE v 
RiL:-0.5 

41 deg 
0.000 
1.498 
2.986 
4.453 

X ' / l , l L  

-0.0000 
-0.0340 
-0.0675 
-0.1002 
-0.1317 
-0.16 15 
-0.1894 

-0.2380 
-0.2581 

-0.2894 
-0.3002 

-0.3120 

-0.3116 
--0.3070 

-0.2150 

-0.2753 

-0.3077 

-0.3133 

-0.3000 
-0.2907 
-0.2793 
-0.2663 
-0.2518 
-0.2361 
-0.2194 
-0.2021 
-0.1843 
-0.1661 
-0.1477 
-0.1291 
-0.1106 
-0.0920 
-0.0735 
-0.0551 
-0.0367 
-0.0183 
-0.0000 

x "/,I2 L 
0.3900 
0.3876 
0.3804 
0.3685 
0.3520 
0.3314 
0.3069 
0.2789 
0.2478 
0.2143 
0.1789 
0.1423 
0.1051 
0.0680 
0.0317 

-0.0361 
-0.0032 

-0.0667 
-0.0943 
-0.1189 

-0.1585 
-0.1735 
-0.1856 
-0.1949 
-0.2019 
-0.2069 

-0.1403 

-0.2099 
-0.21 18 
-0.2126 
-0.2127 
-0.2124 
-0.2117 
-0.2111 
-0.2105 
-0.2101 
-0.2100 

0 ,  deg dJ, deg 
0 0.000 
5 2.49? 
10 4.980 
15 7.435 
20 9.846 
25 12.199 
30 14.477 
35 16.665 
40 18.747 
45 20.704 
50 22.521 
55 24.178 
60 25.658 
65 26.946 
70 28.024 
75 28.879 
80 29.498 
85 29.874 

l/>'/ld 

0.5000 
0.4986 
0.4938 
0.487 1 
0.4769 
0.4636 
0.4472 
0.4275 
0.4045 
0.3780 
0.3479 
0.3144 
0.2773 
0.2370 
0.1937 
0.1478 
0.0998 
0.0503 
0.0000 

-0.0503 
-0.0998 
-0.1478 
-0.1937 

-0.2773 
-0.3144 
-0.3479 
-0.3780 
-0.4045 

-0.4472 
-0.4636 
-0.4769 

-0.2370 

-0.4275 

-0.4871 
-0.4943 
-0.4986 
-0.5000 

, I  

0.3000 
0.2990 
0.2958 
0.2907 
0.2834 
0.2741 
0.2628 
0.2495 
0.2342 

I .  

0.0000 
-0.0238 
-0.0476 
-0.0713 
-0.0949 
-0.1182 
-0.1412 
-0.1638 
-0.1857 

5 
10 
15 
20 
25 
30 
35 
40 

.. 

5.889 
7.283 
8.626 
9.908 
11.118 

45 12.247 
50 13.286 
55 14.225 
60 15.058 
65 15.776 
70 16.374 
75 16.844 
80 17.184 
85 17 389 

0.2171 
0.1981 
0.1775 
0.1553 
0.1317 
0.1069 
0.081 1 
0.0545 
0.0274 
0.0000 

-0.0274 
-0.0545 
-0.0811 
-0.1069 
-0.13 17 
-0.1775 
-0.1981 
-0.2171 
-0.2342 
-0.2495 
-0.2628 
-0.2741 
-0.2834 
-0.2907 
-0.2958 

-0.1553 

-0.2990 
-0.3000 

-0.2068 
-0.2269 
-0.2455 
-0.2626 
-0.2776 
-0.2905 

-0.3129 
-0.3145 

-0.3083 
-0.3008 
-0.2905 
-0.2776 
-0.2626 
-0.2455 
-0.2269 

- 0.3 0 0 8 
-0.3083 

-0.3129 

-0.2068 
-0.1857 
-0.1638 
-0.1412 

-0.0949 
-0.0713 
-0.0476 
-0.0238 
-0.0000 

-0.1182 

90 30.000 
95 29.874 

100 29.498 
105 28.879 
110 28.024 
115 26.946 
120 25.658 
125 24.i78 
130 22.521 

165 4.453 
170 2.986 
175 1.493 
180 0.000 
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X ' / l . L  

--0.0000 
-0.0488 
-0.0969 
-0.1437 
-0.1887 
-0.2312 
-0.2707 
-0.3067 
-0.3386 
-0.3662 
-0.3892 
-0.4072 
--0.4203 
-0.4283 
-0.4314 
-0.4297 
-0.4237 
-0.4136 
-0.4000 
-0.3833 
- 0.3 6 4 2 
-0.3430 
-0.3204 
-0.2968 
-0.2726 
-0.2481 
-0.2237 
-0.1994 
-0.1756 
-0.1522 
-0.1293 
-0.1069 
-0.0849 
-0.0633 
-0.0420 
- 0.0210 
- 0.0000 

+ " / I O =  

0.0000 
- 0.0293 
-0.0588 
-0.0884 
-0.1182 
-0.1483 
-0.1786 
-0.2090 
-0.2393 
-0.2692 
-0.2984 
-0.3264 
-0.3525 
-0.3762 
-0.3968 
-0.4136 
-0.4261 

-0.4364 
-0.4338 
-0.4261 
-0.4136 
-0.3968 
-0.3762 
-0.3525 
-0.3264 

-0.2692 
-0.2393 
-0.2090 
-0.1786 
-0.1483 
-0.1 182 
-0.0884 

-0.0293 
-0.0000 

-0.4338 

-0.2984 

-0.0588 

,"/f,'L 
0.5600 
0.5563 
0.5454 
0.5273 
0.5023 
0.4708 
0.4332 
0.3900 
0.3420 
0.2901 
0.2351 

0.1205 
0.0633 
0.0079 

-0.0447 
-0.0931 
-0.1367 
-0.1746 
-0.2064 
-0.2321 
-0.2517 
-0.2658 

-0.2795 
-0.2806 
-0.2791 
-0.2756 
-0.2708 
-0.2653 
-0.2597 
-0.2543 
-0.2494 
-0.2454 
-0.2425 
-0.2406 
-0.2400 

0.1782 

-0.2748 

X'/*JL +"/WZ x"/<tJ=L 
-0.0000 0.0000 0.7500 
-0.0653 -0.0328 0.7450 
-0.1297 
-0.1924 

-0.3093 

-0.4094 
-0:4514 

-0.2526 

-0.3618 

-0.4872 
-0.5163 

-0.5531 
-0.5606 
-0.5609 
-0.5543 

-0.5231 
-0.5000 
-0.4731 
-0.4433 
-0.4116 
-0.3788 
-0.3457 

-0.2497 
-0.2199 
-0.1914 
-0.1642 
-0.1382 
-0.1133 
-0.0895 
-0.0664 
-0.0439 
-0.0219 
-0.0000 

-0.5383 

-0.5415 

-0.3129 
-0.2808 

-0.0658 
-0.0995 
-0.1341 
-0.1697 
-0.2066 
-0.2446 
-0.2839 
-0.3240 
-0.3644 
-0.4046 
-0.4434 
-0.4798 
-0.5123 
-0.5395 
-0.5601 
-0.5730 
-0.5773 
-0.5730 

-0.5395 
-0.5123 
-0.4798 
-0.4434 

-0.5601 

-0.4046 
-0.3644 
-0.3240 
-0.2839 
-0.2446 
-0.2066 
-0.1697 
-0.1341 

-0.0328 

-0.0995 
-0.0659 

,o.oooo 

0.7301 
0.7053 
0.6710 
0.6274 
0.5750 
0.5145 
0.4467 
0.3726 
0.2936 
0.2112 
0.1273 
0.0440 

-0.0366 
-0.1120 

-0.2397 
-0.2887 

-0.1803 

-0.3268 
-0.3540 

-0.3786 

-0.3727 
-0.3623 
-0.3492 
-0.3343 
-0.3193 
-0.3046 
-0.2910 

-0.2687 
-0.2606 

-0.2512 

-0.3709 

-0.3786 

-0.2789 

-0.2547 

-0.2500 

0, deg 4, deg . + ' / f j l  x'/o,L +"/f,J2 x"/f1,2L 
0.000 0.6000 -0.0000 0.0000 0.9600 

0.9537 
TABLE VI 

5 R/L=0.6 10 
15 
20 
25 
30 
35 
40 
45 
50 
55 
60 
65 
70 
75 
80 
85 
90 
95 

100 
105 
110 
115 
120 
125 
130 
135 
140 
145 
150 
155 
160 
165 
170 
175 
180 

i.997 
5.980 
8.933 

11.841 
14.683 
17.457 
20.129 
22.685 
25.104 
27.363 
29.438 
31.306 
32.941 
34.320 
35.419 
36.219 
36.706 
36.869 
36.706 
36.219 
35.419 
34.320 
32.941 
31.306 

27.363 
25.104 
22.685 
20.129 
17.457 
14.688 
11.841 
8.933 
5.980 
2.997 
0.000 

29.438 

0.5985 
0.5941 
0.5867 
0.5761 
0.5622 
0.5447 
0.5235 
0.4982 
0 4685 
0.4343 
0.3952 
0.3511 
0.3021 
0.2485 
0.1906 
0.1291 
0.0652 

' 0.0000 
-0.0652 
-0.1291 
-0.1906 
-0.2485 
-0.3021 
-0.351 1 
-0.3952 
-0.4343 
-0.4685 
-0.4982 

-0.5447 
-0.5622 
-0.5761 
-0.5867 
-0.5941 

-0.5235 

-0.5985 
-0.6000 

. .... 

-0.0836 
-0.1661 
-- 0.2464 
-0.3234 
-0.3961 . . .. 

-0.4634 
-0.5243 
-0.5778 
--0.6230 
-0.6592 
-0.6857 
--0,7021 
-0.7081 
-0.7039 
-0.6900 
-0.6672 

-0.6000 
-0.5587 
-0.5146 
-0.4691 

-0.3372 
-0.2973 

-0.2255 
-0.1935 
-0.1640 
-0.1366 
-0.1 110 
-0.0870 
-0.0642 
-0.0423 
-0.0210 
-0.0000 

-0.6367 

-0.4237 
-0.3795 

-0.2600 

. .--. 
-0.0336 
-0.0678 . ~. . 

--0.103 1 
-0.1401 

-0.1793 
-0.2212 
--0.2661 
-0.3143 
-0.3657 

-0.4762 
-0.5332 
-0.5888 

-0.7202 
-0.7424 

-0.4199 

-0.6405 
-0.6853 

-0.7500 
-0.7423 
-0.7202 
-0.6853 
-0.6405 
-0.5888 

-0.4762 
-0.5332 

-0.4199 
-0.3657 
-0.3142 
-0.2661 
-0.2212 
-0.1793 
-0.1401 
-0.1031 
-0.0678 
-0.0336 
-0.0000 

6' ' / * ,2  

0.9349 
0.9036 
0.8599 
0.8040 
0.7363 
0.6572 
0.5674 
0.4679 
0.3601 
0.2461 
0.1283 
0.0100 

-0.1049 
-0.2123 
-0.3079 
-0.3880 
-0.4500 

-0.5229 

-0.4717 
-0.4422 

-0.4926 
-0.5163 

-0.5154 
-0.4971 

-0.4112 
-0.3806 

-0.3258 
-0.3029 
-0.2836 
-0.2678 

-0.3519 

-0.2556 
-0.2469 

W 2 4 0 0  
4 9 4  17 

0,deg rp,deg +'/*) x'/oL , x"/w2L 

TABLE VI1 0 0.000 0.7000 -0.0000 0.0000 1.1900 
5 3.497 0.6986 

R/L=0.7 10 6.981 
15 10.438 
20 13.851 
25 17.207 
30 20.487 
35 23.672 
40 26.740 

90 44.427 
95 44.213 

100 43.579 
105 42.543 
110 41.131 
115 39.376 
120 37.316 
125 34.988 
130 32.427 
135 29.668 
140 26.740 
145 23.672 
150 20.487 
155 17.207 
160 13.851 
165 10.438 
170 6.981 
175 3.497 
iao 0.000 

0.6945 
0.6875 
0.6775 

' 0.6641 
0.6471 
0.6261 
0.6004 
0.5696 
0.5331 
0.4901 
0.4401 
0.3827 
0.3179 
0.2459 
0.1678 
0.0851 
0.0000 

-0.0851 
-0.1678 
-0.2459 
-0.3179 
-0.3827 
-0.4401 
-0.4901 
-0.5331 

-0.6004 

-0.6471 
-0.6641 
- 0.6 7 7 5 

-0.5696 

-0.6261 

-0.6875 
-0.6945 

-0.7000 
-0.6986 

-0.1036 -0.0313 
-0.2060 
-0.3057 
-0.4016 

-0.5765 
-0.6529 
-0.7201 
-0.7769 
-0.8221 
-0.8544 

-0.4923 

-0.8730 

-0.8424 
-0.8050 

-0.8772 
-0.8669 

-0.7567 
-0.7000 
-0.6380 
-0.5737 
-0.5099 
-0.4487 

-0.3394 
-0.2924 

-0.3916 

-0.2504 

-0.1798 
-0.1501 

-0.2130 

-0.1235 
-0.0994 
-0.0772 
-0.0566 
-0.0371 
-0.0184 
-0.0000 

-0.0634 
-0.097 1 

-0.2171 

-0.1334 
-0.1731 

-0.2665 
-0.3222 
-0.3848 

-0.5318 
-0.6146 
-0.7005 

-0.4548 

-0.7851 
-0.8622 
-0.9248 
-0.9659 
-0.9802 

-0.8622 

-0.9659 
-0.9248 

-0.7851 
-0.7005 
-0.6 I46 
-0.5318 
-0.4548 
-0.3848 
-0.3221 
-0.2665 
-0.2171 
-0.1731 
-0.1334 
-10.0971 
-0.0634 
-0.03 13 
-0.0000 

1.1826 
1.1604 
1.1234 
1.0719 
1.0045 
0.9225 
0.8254 
0.7132 
0.5865 
0.4459 
0.2933 
0.1314 

-0.0354 
-0.2009 
-0.3573 
-0.4956 
-0.6073 
-0.6861 
-0.7293 

-0.7196 
-0.6797 

-0.5686 

-0.4539 
-0.4035 
-0.3592 
-0.3214 
-0.2899 
-0.2643 
-0.2441 
-0.2289 
-0.2183 
-0.2120 
-0.2100 

-0.7387 

-0.6270 

-0.5098 
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6’ = (251.33)(0.2405) = 62.68 rad/rrc 
4“ = (251.33)2(0.1638) = 10,347 rad/ser2 
x’ = (12)(251.3:3)i0.2150) = 648.4 in./.cc 
x” = (32)(63,167)(0.2789) = 211,380 111 / secL  

sin 4 = 0.1719; C O S  (b = o . % m  

Substituting thc\c v.ilucs into Eq 13 givcs 

F,? = 1391 + TGX = 2154 lb 
Substituting into Eq 16 

= 7.59 in. d = - -  (1.109)(10,347)+ -~ (763.2)(6.4) 
2 151 

M ~ ( q 5 ’ ) ~  = (0.021)(6.4)(62.68)? = 528.1 Ih 
111x”cos 4 = (4439)(0.08.51) = 1373 Ib 
Substituting into Eq 17 

F L  = 528 + 4373 = 4901 lb 
Part B Find the bending and tensile stresses caused 

by the inertia forces. 
The connecting rod, Fig 4, is assumed to be a trape- 

zoidal steel bar of rectangular cross section of constant 
thickness, t ,  with a width of 3 in. at the crank pin and 
a width of 2 in. at the wrist pin cnd. Also, density of 
steel p = 0.28 Ib/in.“ 

Let A = constant = p t / g  = ( 0 . 2 8 ) ( 0 . 9 6 5 ) / 3 8 6  = 
0.0007 lb-sec’/in*. Also from Fig 4 

h = 2 + y/12 

Then 

,2 - 1 .lo9 
o.ozi = 52.8 in.= and h -  

Referring to the load diagram in Fig 4, the connect- 
ing rod can be considered as a simply supported beam 
loaded with a distributed varying load W. The load W 
at any point y is 

TV = A h (y6” + d’ sin 4) dy s “ I  

The reaction RF is 
Rc = FR(L  - d) /L  

The bending moment at any point z is 

Pcrforni thc indicated integration : - 

I 
L 

2 3  + $.c” sin (b + / 2  z” sin 4 

The maximum bending moment occurs where dM,/dz = 
0. Hencc, differentiating the above equation gives 

1 ;? 

24 + 2 ~ ’ ’  411 4 + - d’ sin (b 

Factor z is the distance from C to the point of max- 
imum bending moment. To determine the crank angle 
at which point the maximum bending moment occurs, 
values for the resulting force, F,, and the moment of 
the resulting force, F,d ,  about the wrist pin are tabu- 
lated in Table VI11 for 30-deg increments of 0. (This 
iequires repeating the calculations in Part A for every 
30 dcg, hence the value of the design tables.) The 
maximum moment occur5 dt  6’ = 240 deg. 

Using the appropriate values for this angle gives 

12 - 11 

12 - ’7.76 

Therefore 

From which 

2 + 30.4i5? + 1G6.77~ - 3326.1 = 0 
This cubic equation has three real roots, only one of 

which is positive. The two negative roots have no 
physical meaning in this case. Solving the cubic equa- 
tion results in 

2 = G.862 
This value of the root is substituted into the bending 

moment equation to find the maximum bending moment 
in the connecting rod when the angle 0 = 240 deg from 
the top dead center: 

A l e  = -1-3.10 ill.-lb. 

h = 2 + 0.569 = 2.569 in. 
I = 0.965 (2.56,0)3/12 = 1.363 

At the section where the bending moment is maximum 

Bending stress equals 

Sa = 4270 psi 

Example 11-mechanical press 
When 

crank is 25 deg from the bottom dead center, Fig 5,  the 
torque exerted by flywheel on crankshaft is 7500 ft-lb. 
Thus R I L  = 0.3, and F ,  = 7500 ( 1 2 ) / 8  = 11,250. 

Stroke = 16 in.; connecting rod = 26.67 in. 
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TABLE VIII ..Dynamic forces for R / L = 0 . 3  
- ~ 

4.. Load and bending- 
moment analysis 0 4 +"/oJ' ~ " / L W '  Fr:/Mw' d Fr;d/Mu,: 

30 8.626 0.1412 +0.3069 1.4567 7.53 10.97 
60 15.058 0.2626 +0.1050 2.0081 7.95 15.96 
75 16.844 03007 -0.0032 1.9137 8.26 15.81 
90 17.457 0.3145 -0.0943 1.6730 8.60 14.40 

120 15.058 0.2626 -0.1949 1.0723 9.30 9.97 
150 8.626 0 1412 -0.2127 0.5208 9.61 5.00 
180 G.000 0.0000 -0.2100 0.0000 0.00 
210 8.526 0.1412 +0.2127 1.2871 7.jO 9.91 

3711 1 7 4 5 7  n314.5 +0.0943 2.3524 7.98 18.78 
240 15.058 0.2626 +0.1949 2.2883 7.76 17.75 
- -  
285 16841 OjOO8 +00032 20361 8 2 4  15 95 
300 15058 02626 -01050 13525 872 11 76 
330 8626 0 1412 -03068 03511 11 16 392  

( A )  Simp l i f i ed  s e c t i o n  of c o n n e c t i n g  rod  

6 5.. Forces on punch press 

( B )  Load diagram 

I /  

I.--- L - 3  

( C )  Bending moment diagram 

From Table III 4 = 7.283 deg; hence 6 + 8 = 32.283 
deg. The forces exerted by the slide and connection are 

F t  
sin ( 8  + 4) 

F c =  . F t  COS 6 I", = . 
sin ( 8  4 +) 

Hence 

The value for the side thrust is useful in estimating the 

Now, assuming the press makes three working strokes 
wear rate of the guides. 

per minute, its angular speed is 

o = 3(2~)/60 = 0.3142 rad/sec 
From Table 111, the relative angular velocity, +', of the 

connecting-rod knuckle to its bearing is 

4' = (0.3142)(0.2741) = 0.0861 radlsec 
The relative angular velocity of the crank pin to its 

bearing (at point B )  is 

8' + 6' = 0.3142 + 0.0861 = 0.4003 rad/sec 
These velocities are then used to estimate the wear 

life of the knuckle and crank-pin bearings. 

11,250 
F c  = ~ = 21,100 lb. 0.5341 

The radial force on the crank pin is 

The force of thc slide against the frame is 

F A  sin F p  = 
Sill ( 0  i', 
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Mechanisms for Producing 
Specific Types of Motions 
Sigmund Rappaport 

Straight Line Motion 
FIG. 1-No linkages or guides are 
used in this modified hypocyclic drive 
which is relatively small in relation to 
the length of its stroke. The sun gear 
of pitch diameter D is stationary. The 
drive shaft, which turns the T-shaped 
arm, is concentric with this gear. The 
idler and planet gears, the latter having 
a pitch diameter of D/2, rotate freely 
on pivots in the arm extensions. Pitch 
diameter of the idler is of no geomet- 
rical significance, although this gear 
does have an important mechanical 
function. It reverses the rotation of 
the planet gear, thus producing true 
hypocyclic motion with ordinary spur 
gears only. Such an arrangement oc- 
cupies only about half as much space 
as does an equivalent mechanism con- 
taining an internal gear. Center dis- 
tance R is the sum of D/2, D/4 and 
an arbitrary distance d, determined by 
a particular application. Points A and 
B on the driven link, which is fixed to 
the planet, describe straight-line paths 
through a stroke of 4R. All points be- 
tween A and B trace ellipses, while 
the line AB envelopes an astroid. 

Parallel M o t i o n  

FIG. 2-A slight modification of the 
mechanism in Fig. 1 will produce an- 
other type of useful motion. If the 
planet gear has the same diameter as 
that of the sum gear, the arm will re- 
main parallel to itself throughout the 
complete cycle. All points on the arm 
will thereby describe circles of radius 
R. Here again, the position and diam- 
eter of the idler gear are of no geo- 
metrical importance. This mechanism 
can be used, for example, to cross- 
perforate a uniformly moving paper 
web. The value for R is chosen such 
that 2rR, or  the circumference of the 
circle described by the needle carrier, 
equals the desired distance between 
successive lines of perforations. If the 
center distance R is made adjustable, 
the spacing of perforated lines can be 
varied as desired. 

FIG. 2 V"" 

Intermittent Motion 

FIG. 3-This mechanism, developed 
by the author and to his knowledge 
novel, can be adapted to produce a 
stop, a variable speed without stop or a 
variable speed with momentary reverse 
motion. Uniformly rotating input 
shaft drives the chain around the 
sprocket and idler, the arm serving as 
a link between the chain and the end 
of the output shaft crank. The sprocket 
drive must be in the ratio N / n  with 
the cycle of the machine, where n is 
the number of teeth on the sprocket 
and N the number of links in the 

chain. 

Sprocket---*-: .- IT 

FIG. 3 -. 

When voint P travels around 
the sprocket f r h  point A to position 
B, the crank rotates uniformly. Be- 
tween B and C, P deceIerates ; between 
C and A it  accelerates;; and at C 
there is a momentary dwell. By chang- 
ing the size and osition of the idler, 

a variety of motions can be obtained. 
If in thte sketch, the length of the 
crank is shortened, a brief reverse 
period will occur in the vicinity of C; 
if the crank is lengthened, the output 
velocity will vary between a maximum 
and minimum without reaching zero. 

or the lengths o P the arm and crank, 
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Intermittent Motion 
FIG. 4-An operating cycle of 180 
deg motion and 180 deg dwell is pro- 
duced by this mechanism. The input 
shaft drives the rack which is engaged 
with the output shaft gear during half 
the cycle. When the rack engages, the 
lock teeth at the lower end of the 
coulisse are disengaged and, con- 
versely, when the rack is disengaged, 
the coulisse teeth are engaged, thereby 
locking the output shaft positively. 
The change-over points occur at the 
dead-center positions so that the motion 
of the gear is continuously and posi- 
tively governed. By varying R and the 
diameter of the gear, the number of 
revolutions made by the output shaft 
during the operating half of the cycle 
can be varied to suit requirements. 

Rotational Motion 
FIG. 5-The absence of backlash 
makes this old but little used mecha- 
nism a precision, low-cost replacement 
for gear or chain drives otherwise used 
to rotate parallel shafts. Any number 
of shafts greater than two can be 
driven from any one of the shafts, 
provided two conditions are fulfilled: 
(1) All cranks must have the same 
length r ;  and (2) the two polygons 
formed by the shafts A and frame 
pivot centers B must be identical. The 
main disadvantage of this mechanism 
is its dynamic unbalance, which limits 
the speed of rotation. T o  lessen the 
effect of the vibrations produced, the 
frame should be made as light as is 
consistent with strength requirements. 

4' 

, Cam lever -- -, Fo//ower 

FIG. 6 
/50 feefh-->' I 

Fast Cam-Follower Motion 
FIG. 6-Fast cam action every n cycles 
when n is a relatively large number, 
can be obtained with this manifold 
cam and gear mechanism. A single 
notched cam geared l / n  to a shaft 
turning once a cycle moves relatively 
slowly under the follower. The double 
notched-cam arrangement shown is 
designed to operate the lever once in 
100 cycles, imparting to it a rapid 
movement. One of the two identical 
cams and the 150-tooth gear are keyed 
to the bushing which turns freely 
around the cam shaft. The latter car- 

ries the second cam and the 80-tooth 
gear. The 30- and 100-tooth gears are 
integral, while the 20-tooth gear is 
attached to the one-cycle drive shaft. 
One of the cams turns in the ratio of 
20/80 or 1 / 4 ;  the other in the ratio 
20/100 times 30/150 or 1/25. The 
notches therefore coincide once every 
100 cycles ( 4  x 25). Lever movement 
is the equivalent of a cam turning in 
a ratio of 1/4 in relation to the drive 
shaft. To obtain fast cam action, 12 

must be broken down into prime 
factors. For example, if 100 were 
factored into 5 and 20, the notches 
would coincide after every 20 cycles. 
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Traversing Mechanisms 
Used on Winding Machines 
The seven mechanisms shown below are used on different types of yarn and coil winding 
machines. Their fundamentals, however, may be applicable to other machines which require 
similar changes of motion. Except for the lead screw as used, for example on lathes, these seven 
represent the operating principles of all well-known, mechanical types of traversing devices. 

E. R. Swonson 

,Cour?fer weigh+ 

FIG. 1. Package is mounted on belt driven shaft on this precision type 
winding mechanism. Cam shaft imparts reciprocating motion to trav- 
erse bar by means of cam roll that runs in cam groove. Gears deter- 
mine speed ratio between cam and package. Thread guide is attached 
to traverse bar. Counterweight keeps thread guide against package. 

FIG. 2. Package is friction-driven from traverse 
roll. Yarn is drawn from the supply source by 
traverse roll and is transferred to package from the 
continuous groove in the roll. Different winds are 
obtained by varying the grooved path. 

Thread guide 
\ 

,-7nerse bur 

. . .. 

AdJirs hng guide 

FIG. 4. Drum drives package by friction. Pointed cam shoe 
which pivots in the bottom side of the thread guide assembly 
rides in cam grooves and produces reciprocating motion of 
the thread guide assembly on the traverse bar. Plastic cams 
have proved quite satisfactory even with fast traverse speeds. 
Interchangeable cams permit a wide variety of winds. 

FIG. 5 .  Roll that rides in heart-shaped cam groove engages 
slot in traverse bar driver which is attached to the traverse 
bar. Maximum traverw is obtained when adjusting guide is 
perpendicular to the driver. As angle between guide and 
driver is decreased, traverse decreases proportionately. Inertia 
effects limit this type mechanism to slow speeds. 
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FIG. 3. Reversing bevel gears which are driven by a com- 
mon bevel gear, drive the shaft carrying the traverse screw. 
Traverse nut mates with this screw and is connected to the 
yam guide. Guide slides along the reversing rod. When nut 
reaches end of its travel, the thread guide compresses the 

w I 
FIG. 6. Two cam rolls that engage heart shaped cam are 
attached to the slide. Slide has a driver roll that engages a 
slot in the traverse bar driver. Maximum traverse (to capacity 
of cam) occurs when adjusting disk is set so slide is parallel 
to traverse bar. As angle between traverse bar and slide 
increases, traverse decreases. At 90 deg traverse is zero. 

spring that actuates the pawl and the reversing lever. This 
engages the dutch that rotates the traverse screw in the oppo- 
site direction. As indicated by the large pitch on the screw, 
this mechanism is limited to low speeds, but permits longer 
lengths of traverse than most of the others shown. 

- - hckuge 

Thread guide - - - - - 
---Drum 

rod I L- - - corn fi//o wer 

Foverse cam 

FIG. 7. Traverse cam imparts reciprocating motion to cam 
follower which drives thread guides on traverse guide rods. 
Package is friction driven from drum. Yarn is drawn from 
the supply source through thread guide and transferred to 
the drum-driven package. Speed of this type of mechanism 
is determined by the weight of the reciprocating parts. 
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Mechanisms for Providing 
Intermittent Rotary Motion 
Eleven ways of converting uniform angular motion to intermittent angular 
motion and an explanation of two indirect ways to get this conversion. 

EXTERNAL TIMING GEARS INTERNAL TIMING GEARS. 

EXTERNAL GENEVA MECHANISM. Difference from mechanism of 
of Fig. 3 lies in method of locking, Driver grooves lock driven 
wheel pins during dwell. During movement, driver pin mates with 
driven wheel dot. 

EXTERNAL GENEVA MECHANISM. Operation is smoother than 
timing gears. Practical number of slots is from 3 to 18. Duration 
of dwell is rnnre than 180 deg of driver rotation. 

INTERNAL GENEVA MECHANISM. Driver and driven wheel rotate in 
same direction. Duration of dwell is more than 180 deg of driver 
rotation. rotation. 

sPHERICAL G~~~~~ M ~ ~ ~ ~ ~ ~ ~ ~ .  ~~i~~~ and driven wheel are on 
perpendicular shafts. Duration of dwell is exactly 180 deg of driver 
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INTERMITTENT COUNTER MECHANISY. One revolution of driver 
advances driven wheel 120 degrees. Driven wheel rear teeth locked 
on cam surface during dwell. 

FIG. 8 

h 

SPIRAL AND WHEEL. One revolution of spiral advances driven 
wheel 1 tooth. Driven wheel tooth locked in driver groove during 
dwell. 

1 

SPECIAL WORM AND WHEEL. Spiral of Fig. 8 is replaced by 
special worm. 

1 1 

WORM, CAM AND WHEEL. Standard worm and cam replace special 
worm of Fig. 9. 

SPECIAL PLANETARY GEAR MECHANISM. Principle of relative motion of 
mating gears illustrated in Fig. 10 can be applied to spur gears in 
planetary system. Motion of normally fixed planet centers produces 
intermittent motion of sum gear. 

THE CONVERSION of a uniform rotation to 
a! intermittent rotation need not be per- 
formed in a single step. Two ways in which 
this can be carried out in two steps are: 

1. Conversion of uniform rotation to re- 
ciprocating motion followed by conversion 
of reciprocating motion to intermittent mo- 
tion. 

2 .  Conversion of uniform rotation to angular 
oscillation followed by conversion of angular 
oscillation to intermittent rotation. 

F i g .  If-Couriesy Q. J .  TarDourtlf't. 
A X Y E  p a p e r  No. 48-9A-lR. 
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Intermittent Movements 
and Mechanisms 

SEVERAL RECENTLY PATENTED mechanisms for producing intermittent 
motion are included in this group of devices. Many of the simpler and 
well-known mechanisms such as the common ratchet and pawl with its 
many modifications, escapements, numerous variations of the Geneva 
mechanisms and timed electrical contactors have been intentionally 
omitted in favor of the more ingenious combinations of mechanisms for 
accomplishing intermittent motion under unusual conditione. 

FIG. 1- C A M  DRIVEN RATCHET 

FIG. 3- (a) CAM OPERATED ESCAPEMENT ON A TAXIMETER 
(b) SOLENOID OPERATED ESCAPEMENT 

FIG. 2- SIX-SIDED MALTLSE CROSS AND 
DOUBLE DRIVER GIVES 33 RATIO FIc.4- ESCAPEMENT 

USED O N  AN 
ELECTRIC METER FIG. 5- SOLENOID-OPERATED RATCHET 

ISM. A SLlDlNO WASHER ENGAGES 

7 c------------- 
I WITH SOLENOID RESETING MECHAN- 

TEETH 

FIG. 6- PLATE OSCILLATING ACROSS PLANE OF RATCHET FIc27- WORM OR,VE COMPENSATED Bu CAM ON 
WORK SHAFT, PRODUCES INTERMITTENT 
MOTION OF GEAR 

GEAR ESCAPEMENT CARRIES STATIONARY AND 
SPRINO HELD PAWLS 
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FIG. 8- GENEVA MECHANISM 

.. 

I I 

FIG. 9- INTERMITTENT MOVEMENT IN A COUNTER e 

FIG 10-MOTION PICTURE FILM 
MOVEMENTS FEATURING 
SIMPLICITY, FEW OPERAT- 
I N 0  PARTS, QUIETNESS 

FIG. 11- DISPLAY SIGN MOVEMENT DEPENDS ON FRICTION AND 
USES A CAM-OPERATED LOCKING MECHANISM. ELEC- 

BEEN WORKED OUT BY MEANS OF TIMED-ELECTRIC CONTACTS 
AND MOTOR-DRIVEN LOCK PARTS 

TRICALLY- OPERATED LOCKING MECHANISM nAs ALSO 

' \ \  

FIG. 12-MODIFICATION OF THE GENEVA MECHANISM 

FIG. 13- SIMPLE WORM 
GEAR MECHANISM 
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Friction Devices for 
Intermittent Rotary Motion 
W. M. Halliday 

FIG. 1-WEDGE AND DISK. Consists 
of shaft A supported in bearing block J; 
ring C keyed to A and containing an 
annular groove G; body B which can 
pivot around the shoulders of C; lever D 
which can pivot about E; and connect- 
ing rod R driven by an eccentic (not 
shown). Lever D is rotated counter- 
clockwise about E by the connecting rod 
moving to the left until surface F wedges 
into groove G. Continued rotation of D 
causes A, B and D to rotate counterclock- 
wise as a unit about A. Reversal of input 
motion instantly swivels F out of G, 
thus unlocking the shaft which remains 
stationary during return stroke because 
of friction induced by its load. AS D 
continues to rotate clockwise about E, 
node H, which is hardened and polished 
to reduce friction, bears against bottom 
of G to restrain further swiveling. Lever 
D now rotates with B around A until 
end of stroke. 

FIG. 2-PIN AND DISK. Lever D, 
which pivots around E, contains pin F in 
an elongated hole K which permits slight 
vertical movement of pin but prevents 
horizontal movement by means of set 
screw J .  Body B can rotate freely about 
shaft A and has cut-outs L and H to 
allow clearances for pin F and lever 0, 
respectively. Ring C, which is keyed to 
shaft A, has an annular groove G for 
clearance of the tip of lever D. Counter- 
clockwise motion of lever D actuated by 
the connecting rod jams pin between C 
and the top of cut-out L. This occurs 
about seven degrees from the vertical 
axis. A, B and D are now locked together 
and rotate about A. Return stroke of R 
pivots D around E clockwise and un- 
wedges pin until i t  strikes side of L. 
Continued motion of R to the right ro- 
tates 8 and D clockwise around A while 
the uncoupled shaft remains starionary 
because of its load. 

Fig. I 
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Friction devices are free from the common disadvantages inherent in conventional pawl and ratchet 
drives such as: (1 ) noisy operation; ( 2 )  backlash needed for engagement of pawl; (3)  load concen- 
trated on one tooth of the ratchet; and (4) pawl engagement dependent on an external spring. 

The five mechanisms presented here convert the reciprocating motion of a connecting rod into 
intermittent rotary motion. The connecting rod stroke to the left drives a shaft counterclockwise; 
shaft is uncoupled and remains stationary during the return stroke of connecting rod to the right. 

Fig 3 

C' 'E 

FIG. 3-SLIDING PIN A N D  DISK. 
Counterclockwise movement of body B 
about shaft A draws pin D to the right 
with respect to body B, aided by spring 
pressure, until the flat bottom P of pin is 
wedged against annular groove E of ring 
C. Bottom of pin is inclined about five 
degrees for optimum wedging action. 
Ring C is keyed to A and parts A, C, D 
and B now rotate counterclockwise as a 
unit until end of connecting rod's stroke. 
Reversal of B draws pin out of engage- 
ment so that A remains stationary while 
body completes its clockwise rotation. 

FIG. 4-TOGGLE LINK A N D  DISK. 
Input stroke of connecting rod R to the 
left wedges block F in groove G by 
straightening toggle links D and E. Body 
B, toggle links and ring C which is keyed 
to shaft A, rotate counterclockwise to- 
gether about A until end of stroke. Re- 
versal of connecting rod motion lifts 
block, thus uncoupling shaft, while body 
B continues clockwise rotation until end 
of stroke. 

PIG. 5-ROCKER ARM A N D  DISK. 
Lever D, activated by the reciprocating 
bar R moving to the left, rotates counter- 
clockwise on pivot E thus wedging block 
F into groove G of disk C. Shaft A is 
keyed to C and rotates counterclockwise 
as a unit with body B and lever D. Re- 
turn stroke of R to the right pivots D 
clockwise about E and withdraws block 
from groove so that shaft is uncoupled 
while D, striking adjusting screw H, 
travels with B about A until completion 
of stroke. Adjusting screw j prevents F 
from jamming in groove. 
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Basic Types of Variable Speed 
Friction Drives 
Haim Murro 

THESE DRIVES are used to transmir 
both high torque, as on power spindle 
presses, and low torque, as in labora- 
tory instruments. All perform best if 
used to reduce and not ta increase 
speed. All friction drives have a cer- 
rain degree of slip due to imperfect 
rolling of the friction members, but 
by correct design this slip can be held 
constant, resulting in constant speed 
of the driven member. Variations in 
load should be compensated by inertia 
masses on the driven end. Springs or 
similar elastic members can be used 
to keep the friction parts in constant 
contact and exert the force necessary 
to create the friction. In some cases, 
gravity will take place of such mem- 
bers. Specially made friction materials 
are generally recommended, but leather 

mally only one of the friction members 
is made or lined with this material, 
while the other is metal. 

’” 

Fig. I 

or rubber are often satisfactory. Nor- 2 

I 

F i g  2 

Fig. 1-Cone and roller drive. Speed 
varies in accordance with axial posk 
tion of roller on the cone and its 
operating diameter. 

Fig. %-Two cones and a free spin- 
ning roller that can he moved along 
the surfaces of the cones. 

Fig. 3-Two cones and a free endless 
leather belt between them. The belt 
is shifted between cone faces to obtain 
the desired speed ratio. 

Fig. 4-Two cones belted by a flat 
movable belt. Two  metal fingers posi- 
tion belt along faces of the cones. 

Fig. 5-A disk and roller drive. Roller 
is moved radially on the disk. Speed 
ratio depends upon the operating 
diameter of disk. Direction of relative 
rotation of shafts is reversed when 
roller is moved past the center of the 
disk as indicated by dotted lines. 

sz 

s*& 

Fig.? 

Fig. 3 

Fig. 4 
S2 

Fig.8 
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F i g . 9  

Fig.10 

Fig.  I I  

Fig. &Two disks and a free spinning 
roller, movable between them. Change 
of speed will be fast, because the op- 
erating diameters of the disks ehange 
in an inverse ratio. 

Fig. 7-Two disks mounted on same 
shaft and a roller mounted on a 
threaded spindle. Contact of roller can 
be changed from one disk to the other 
to change direction of rotation. Rota- 
tion will be accelerated or deeelerated 
with movement of the screw. 

Fig. %-Disk and two differential roll- 
ers. Rollers and their bevel gears are 
free to rotate on shaft, S,. Other two 
bevel gears are free to rotate on pins 
connected by S,. Good for high reduc- 
tion and accurate adjustment of speed. 
S ,  will have the differential speed of 
the two rollers. Differential assembly 
is movable across face of disk. 

Fig.12 

Fig. 13 

Fig. 9-Drum and roller. Change of 
speed is effected by skewing the roller 
relative to the drnm. 

Fig. 10-Two spherical cones on in- 
terseeting shafts and a free roller. 

Fig. 11-Spherical cone and groove 
with a roller. Snitable when small ad- 
justments in speed are desired. 

Fig. 1 2 T w o  disks with torus con- 
tours and a free rotating roller. 

Fig. 1 3 T w o  disks 
free rotating roller. 

with a spherical 

Fig. 14-Split pulleys for V belts. Ef- 
fective diameter of belt grip can be 
adjusted by controlling distance be- 
tween two parts of pulley. 

F i g .  14 
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Speed Control for Small Mechanisms 
Friction devices, actuated by centrifugal force, automatically keep speed constant regardless 
of variation of load or driving force. 

Federico Strasser 

WEIGHT counterbalanced by a spring 
brakes the shaft when rotation speed be- 
comes too high. Braking area is small. 

WEIGHT-ACTUATED LEVERS niakc 
this arrangement suitable where high brak- 
ing nionierits are  required. 

f ree fit 

5 TAPERED BRAKE D R U M  is another 
way of providing for  varying speed- 
control. ‘The adjustment is again locked. 

ADJUSTMENT of speed a t  which this de- 
vice starts to  brake is quick and easy. Ad- 
justing nut is locked in place with setscrew. 



Mechanisms 22-33 

v k e  pods 

SHEETMETAL BRAKE provides larger 
braking area than previous design. Opera- 3 tion is thus more even and cooler. 

- 
--.- -- 

THREE FLAT SPRINGS carry weights 
that provide brake force upon rotation. 
Device can be provided with adjustment. 

Symmetrico/ weights 

Section A-A 

4 SYMMETRICAL WEIGHTS give even 
braking action when they pivot outward. 
Entire action can be enclosed. 

TYPICAL GOVERNOR action of swinp- 
ing weights is utilized here. As in the pre- 
vious device, adjustment is optional. 
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Mechanical Devices for 
Automatically Governing Speed 
Speed governors, designed to maintain speeds of machines within reasonably constant 
limits irrespective of loads, may depend for their action upon centrifugal force or cam 
linkages. Other types may utilize pressure differentials and fluid velocities as their 
actuating media. Examples of these governing devices are illustrated. 

Fluid energy fm? 
jet pipe enters edhw 

I 
Secondary cy/nder I 
and p s f o n  - - . . .. Heavy f/uid energy I 

input from madine 
ehers sys fem and 

I 

Sma//umounf o f  /he 
Hut‘d energy supp/y 
enfering fhe system 
15 d lver ted io  mova6/e 
fluid jef pipe 

FIG.1 + - Auxi l iary  piston governor 
r me Askumu Reyu/mtv ea) 

,f/yh// shuflrofafedbyh!! 
’‘year OT &uh drwe fiornmdhe 

and rrcfuafes confroler 
Pkfon according fo 
D0SIf;On o f  va/vep/jfon , 

When speedof machioe exceeds 
or fak be/ow desiredpoht fly- 
LM/s cuusehnkage fomkeorbwer. 

+ 
27zzzT I 

/ 
To confro/ v d v e  or swir CA / 

/ 
/ 

+ 
27zzzT / 

To confro/ v d v e  or swir CA / 
/ 

/ 

Spur sfrikes endof  rod  when, ’ 
a//gned 6y mohon of overnor 
and acfuajes confrozod fo 
s wifch or valve 

Hxedpoit? f 
FIG. 2- Hit-and- miss governor 

/ flzedpoinf pivot 

As contro//er pisfon moves, if ucfuafes 
linkage fomovesfiding vu/ve cyknder 
in a %//ow-up ?’or %ompensuf-e8hanner 

b conidling 

FIG. 3 -“Force-compensated”regu labor ----3 
f 7Ee Astonib h+yuknbr ca) 
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- confro/rodrpceives motion 
fhm both piston and re - 
uprocuf ing ma! Metmove- 
menf  of confro/rod is dif- 
ference ofmofion ofp;ston 
rod andreciprocut;ny rod 

FIG. 4- Pressure-actuated governor 

FIG. 5- Varying differential governor 

As rin rises if causes 
;nver%-d truncatedame 
to move oufward and 
actuate centmlrod 

machine muses 
&bcM i'u rafse nng 

tonfro/ rod 
connected Pressure variations mmss to va/ve or- ~. 
sw/tch - 

Spring /oaded,arm 
pwofs about fixedpoint 

A fnmspberic c 
FIG. 6- Centrifugal governor air - 

'Pressure drop,acrars,or;~cepmporfiono/ 
t o  vohme ofairpass/ng fhrough 

FIG. 7- Constant volume governor 

Fuelmixture strikes against 
aovernor v d v e  and f irces 
7tc/osed agaimt Spring pressure 

--fue/rnixfure strikes 

valve andforces ric 
I aguinsf governor 

sedagains f f i e  
fhe ressufe 
oft$e c a n t i / e w  
spring 

>nsion in spring 
/ncreases as valve Simi/or in operation 

fa Fig. 9. Engines eed 
o/rops when/oa&s 
applied Ve/oc;fy of 
incomihg gases and 
pressm-e against vu& when loadis 6 reduced C0/7spnng 
opens va/ve i'u erm/? 
g r e a e r  f i e / d ' w  fo  
meef increased load 
demand 

camturns---,_ 

Enpihe speeddrcps 

u p p / / e d a d & i W  
o f  &e/ midurn ucd 
pressue against 
governor valve is 

CantiZweP spring reduced Cunfilever 
spring opens valve fo 
permit greater fuel flow 

M*ffib/&' fo rneefiircreased load 
demand 

i Increoshg force opposes 
hrce af ihcomingfue /  m1.x 
because ofgreater ef*ctive 
radius o f c a m  as valve c/oses 

FIG. 8- Vetocity - type governor(coi1 sprlng) FIG. 9- Velocity-type governor (cantilever spring) 
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Accelerated and Decelerated 
Linear motion Elements 
John E. Hyler 

When ordinary rotary cams 
cannot be conveniently ap- 
plied, the mechanisms here 
presented, or adaptations of 
them, offer a variety of inter- 
esting possibilities for obtain- 
ing either acceleration or de- 
celeration, or both 

FIG. 1-Slide block moves at constant 
rate of reciprocating travel and carries 
both a pin for mounting link B and a 
stud shaft on which the pinion is freely 
mounted. Pinion carries a crankpin for 
mounting link D and engages stationary 
rack, the pinion may make one complete 
revolution at each forward stroke of slide 
block and another in opposite direction 
on Lhe return-or any portion of one 
revolution in any specific instance. Many 
variations can be obtained by making 
the connection of link F adjustable 
lengthwise along link that operates it, 
by making crankpin radially adjustable, 
or by making both adjustable. 

FIG. 2-Drive rod, reciprocating at con- 
stant rate, rocks link BC about pivot on 
stationary block and, through effect of 
toggle, causes decelerative motion of 
driven link. As drive rod advances 
toward right, toggle is actuated by en- 
countering abutment and the slotted link 
BC slides on its pivot while turning. This 
lengthens arm B and shortens arm C 
of link BC, with decelerative effect on 
driven link. Toggle is spring-returned 
on the return stroke and effect on driven 
link is then accelerative. 

FIG. %Same direction of travel for 
both the drive rod and the driven link 

FIG. 1 

---Eccentric Spriny - - ~ %  

--. Dr/'ven slide block 

'- Cab/e unchor 

U 
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i i  provided Ly this variation of the pre- 
ceding mechanism. Here, acceleration is 
in direction of arrows and deceleration 
occurs on return stroke. Accelerative ef- 
fect becomes less as toggle fiattens. 

FIG. &-Bellcrank motion is accelerated 
as rollers are spread apart by curved 
member on end of drive rod, thereby in 
turn accelerating motion of slide block. 
Driven elements must be spring-re- 
turned to close sy- stem. 

FIG. SConstant-speed shaft winds up 
thick belt, or similar flexible member, and 
increase in effective radius causes ac- 

Drive rod--.\ 

9 
FIG.3 

L 
, Sf a / ionory 

)I sheave block 

celerative motion of slide block. Must 
be spring- or weight-returned on reversal. 

FIG. 6 - Auxiliary block, carrying 
sheaves for cable which runs between 
driving and driven slide blocks, is 
mounted on two synchronized eccentrics. 
Motion of driven block is equal to length 
of cable paid out over sheaves resulting 
from additive motions of the driving and 
the auxiliary blocks. 

FIG. 7-Curved flange on driving slide 
block is straddled by rollers pivotally 
mounted in member connected to driven 
slide block. Flange can be curved to  

give desired acceleration or deceleration, 
and mechanism is self-returned. 

FIG. %-Stepped acceleration of the 
driven slide block is effected as each 
of the three reciprocating sheaves pro- 
gressively engages the cable. When the 
third acceleration step is reached, the 
driven slide block moves six times faster 
than the drive rod. 

FIG. 9-Form-turned nut, slotted to 
travel on rider, is propelled by reversing 
screw shaft, thus moving concave roller 
up and down to accelerate or decelerate 
slide block. 

---Stationary Hock 11 
J n , --SIide-b/ock I I 

,, Reciprocafiog 
I sheaves 

I-I FIG. 8 * 
Rider--*’ FIG. 9 
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How to Prevent reverse Rotation 
Wedges, ratchet-and-pawl arrangements, internal pins, friction pads, and sliding key 
action can protect mechanisms form torque feedback. 

L. Kasper 

Gf00"e7 

INTERNALLY GROOVED ring is 10-  
cated eccentrically with the ro- 
tat ing shaft. Ball wedges if shaft 
reverses direction of rotation. 

ROLLER WEDGES when direction of 
rotation is reversed as in  previous 
device. For vertical shafjs, hold 
roller in  place with a spring. 

Roller Eccen 

Sboff /ocks i n A  
fbis direction 5 SPRING-LOADED PIN device is ap- 

plicable when no part of the shaft 
is exposed. Blacklash here can be 
equal to  almost one revolution. 
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Tioiling 
corner 

Nofch, 

a 
SINGLE-TOOTH RATCHET has spe- 
cial pawl, shaped t o  avoid annoying 
sound. The notch corner engages 
pawl before it can h i t  the flat. 

SWINGING PAWL w i l l  operate 
silently in any position. As one pawl 
tooth leaves the ratchet, the other 
tooth engages at about half depth. 

SLIDING PIN is moved into position 
(during normal rotation) t o  prevent 
reverse rotation. Key the cam stop 
into housing. 
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Eccen ir ic-/  Disk wa// 
/a ich \ 

ECCENTRIC LATCH allows shaft to 
rotate in one direction; attempted 
reversal immediately causes latch 
to wedge against disk wall. 

belt  r i m  POdS 

ni LATCH ON RIM of pulley is free only 
when rotation is in direction shown. 
This arrangement is ideal for con- 
veyor-belt pulleys. 

SPRING-LOADED FRICTION PADS 
contact the right gear. idler mesh- 
es and locks gear set when rotation 

, is reversed. 
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Forward 

Reverse 

LUG ON SHAFT pushes the notched 
disk free during normal rotation. 
Disk periphery stops lug t o  prevent 
reverse rotation. 

9 

Marma/ roiation \;-fixed wedge 

FIXED WEDGE AND SLIDING WEDGE 
tend to  disengage when the gear i s  
turning clockwise. The wedges jam 
in reverse direction. 

\ 
Boaring b l o c k 1  Shoulders 

SLIDING KEY has tooth which en- 
gages the worm threads. In reverse 
rotation key is pulled in unt i l  i ts  
shoulders contact block. 
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Automatic Stopping Mechanisms 
for Faulty Machine Operation 
Many machines, particularly automatically operated production machines, may damage them- 
selves or parts being processed unless they are equipped with devices that stop the machine 
or cause it to skip an operation when something goes wrong. The accompanying patented 
mechanisms show principles that can be employed to interrupt normal machine operation: 
Mechanical, electrical or electronic, hydraulic, pneumatic, or combinations of these means. 
Endless varieties of each method are in use. 

To operat ing 
m echanisrn 

shouia'er 

FIG. 1 

Pot NO 1JZ8.524 

?5 
conrro/s 
pedal 

FIG. 2 r 
Fig. 1-Repetition of machine cycle is prevented if pedal remains depressed. 
Latch carried by left slide pushes right slide downward by means of curved 
shoulder until latch is disengaged by trip member. 

Fig. 2-Gumming of suction picker and label carrier when label is not picked 
u p  by the suction, is prevented by insufficient suction on latch-operating cylinder, 
caused by open suction holes on picker. When latch-operating cylinder does not 
operate, gum box holding latch returns to holding position after cyclic removal 
by cam and roller, thus preventing gum box and rolls from rocking to make 
contact with picker face. 

Fig. 3-Damage to milling cutter, work or fixtures is prevented by shroud 
around cutter, which upon contact closes electric circuit through relay, thus 
closing contact A. This causes contact E to close, thus energizing relay C to 
operate stop valve, and closes circuit through relay D, thus reversing selector 
valve by means of shifter rod so that bed travel will reverse on starting. Simul- 
taneously, relay F opens circuit of relay E and closes a holding circuit that was 
broken by the shifter lever a t  K. Relay G also closes a holding circuit and opens 
circuit through relay D. Starting lever, released ,by push button H, releases con- 
tact A and returns circuit to normal. If contact is made with shroud when bed 
travel is reversed, interchange D and E, and F and G in above sequence of 
operations. 
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Bwmer *I--- -0 

Elecfmnic 

Fig. &High-speed press is stopped 
when metal strip advances improp- 
erly so that hole punched in strip 
fails to match with opening in die 
block to permit passage of light 
beam. Intercepted light beam to 
photo-electric cell results in ener- 
gizing solenoid and withdrawal of 
clutch pin. 

Fig. &Broken thread permits con- 
tact bar to drop, thereby closing elec- 
tronic relay circuit, which operates 
to stop beamer reeling equipment. 

Fig. 6-Nozzle on packaging ma- 
chine does not open when container 
is not in proper position. 

Fig. 7-Obstruction under explorer 
foot of wire-stitching machine pre- 
vents damage to machine by raising 
a vertical plunger, which releases 
a latch lever so that rotary cam raises 
lever that retains clutch operating 
plunger. 

to d,senguqe u /of& Ond prerenf 
rehosing pump dutch When tnp 
md does not mise /ever or pmper 
time. c/utch IS re/rused 

POt No 2,154.256 
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Automatic Stop Mechanisms 
Protect Machines and Work 
This group of stop mechanisms includes types and applications for machines in different fields. 
Such devices, which prevent automatic machines form damaging themselves or the work passing 
through them, make use of mechanical, electrical, hydraulic, and pneumatic principles. Typical 
mechanisms illustrated prevent excess speed, miswearing, jamming of toggle press and foodcan- 
ning machines, operation of printing presses when the paper web breaks, improper feeding of 
wrapping paper, and uncoordinated operation of glass-making machines. 

Circuit opened here 

i 
Spring releases clutch L-Drive shaff 
when shiff /ever 
/akh is re/tused F16.2 

Pack moves 
in fixed s/idey 

Elecfromagne fic /orking piston 

wiring 

feed 

'-f ump 

'Pbotoe/ectr~c switch preven fs energizaf,bn 
of e/ecfrornognefic locking pisfon and 
f d i n y  o f  pyr if paper is not proper9 
/omfed an if mercury swifch has not 
been frfpped by pmkage 

Conveyor 

r D - C  generator 
beit driven by 
main A-C mofor 

F16.4 

,Square shaft rotates when ,.{ paper breaks, and opens 
,. , I  , mercury switch &us sfoppng 

'\. priding press 
,/ 

, 
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E/ect r /c  confucts close 
when ro l l  IS predeiey- 
mined s i z e  fhus ener- 
gizing so/enoid ond 
sfopping m a c h i n e  

. -  
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Mechanical Automatic Stop 
Mechanisms 

FIG. 1-A mechanism used on the Barber-Colman spooler. 
When thread breaks the feelers are rcleased and the spiral 
spring causes the spindle with finger to rotate. Latter throws 
the stirrup into the path of the o::cillating crank, which o n  
its downward stroke throws the spool inlo the position shown 
dotted, the stirrup then being thrown out of the path of the 
oscillating crank. 

FIG. 2-Mechanism used with variations on tubular braiding 
mzchines. When braiding. tension on the wire or thread lifts 
the idler carrier which thereby releases the pawl from the 
ratchet on spool flange and allows the spool to turn and 
unwind. When machine stops the tension on wire is decrcased 
allowing the idler carrier to fall so that the pawl can engage 
the ratchet. If wire breaks while the machine is running the 
unsupported idler carrier falls to the base o f  the standard and 
when the standard arrives at t1:e station in the raceway adja- 
cent to the cam C, the lug L on idler carrier strikes the cam 
C, rotating it far enough to disengage a clutch on the driving 
shaft. thereby stopping the machine. 

Fic.. &When thread breaks the stop drops and intercepts 
reciprocating har. On the next counter-clockwise oscillation 
o f  the eccentric arm the bar B is raised. A feature of this 
design is that it permits the arm B to move up  or down 
independently for a limited distance. 

FIG. 4-Schematic diagram of mechanism to cause bobbin 
changer to operate. If contact arm does not slip on bobbin 
the lever A will rotate to the position shown. But if contact 
with bobbin center slips. as it  will do if the bobbin is empty. 
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Designs shown here diagrammatically were taken from textile machines, braiding 
machines and packaging machines. Possible modifications of them to suit other 
applications will be apparent. 

lever A will not rotate to position indicated by dashed line. 
thereby causing bobbin changer to come into action. 

FIG. %Simple type of stop mechanism for limiting the stroke 
of a reciprocating machine member. Arrows indicate the di- 
rection of movements. 

FIG. &-When the predetermined weight of material has been 
poured on the pan, the movement of the scale beam pushes 
the latch out of engagement, allowing the paddle wheel to 
rotate and thus dump the load. The scale beam drops, thereby 
returning the latch to the holding position and stopping the 
wheel when the next vane hits the latch. 

FIG. 7-In this textile machine any movement that will rotate 
the stop lever counter-clockwise will bring it in the prth o f  the 
continuously reciprocating shaft. This will cause the catch 
lever to be pushed counter-clockwise and the hardened steel 
stop on the clutch control shaft will be freed. A spiral spring 
then impels the clutch control shaft to rotate clockwise. which 
movement throws out the clutch and applies the brake. Initial 
movement of the stop lever may be caused by the breaking of 
a thread, a moving dog, or any other means. 

FIG. &Arrangement used on some package loading machines 
to stop machine if a package should pass loading station with- 
out receiving an insert. Pawl finger F has a rocking motion 
obtained from crankshaft, timed so that it enters the unsealed 
packages and is stopped against the contents. If the box is 
not  filled the finger enters a ronsidrrable distance and the 
pawl end at  bottom engage3 and hddh a ratchet wheel <in 
driviiig v l i ~ t r h  which disengages the  marhinr driving shaft. 

./ Machine ta6Ie; 

.Clutch and brake 
operaftng shafi 

Q 
-Counier. 

wighi 

rdenedsieel stops 

’“C/otch confro/ shaft 

.-Pouring spoof 0 

F I G . 5  
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Automatic Feed Mechanisms 
for Various Materials 

, Rocker corn in dfsengaged 
i posi%ion 
I 

i 

I Sf idhg  carr iage ‘ 
%and /ever  operafes 
/a fch to shiff rocker 
orrn and rofafe fhreaded 

L ,--head, thus lower ing 

Guide ba rs  ’ 
Connec f i n 9  r o d  fa 
power crankshoff , 

FIG. 1 

Section A-A M 

/Cenferl ine of t u r re t  I /  

- . -  
.Spring biased wedqe‘ ‘, I qives scissors grip ,’ ,/Jaws 

! 
i 
I 

I 
, Copscrew heod dides 
over corn, ro is ing ope 

~ J.UWS to receive fork- 

Design of feed mechanisms for 
automatic or semi-automatic 
machines depends largely upon 
such factors as size, shape, and 

character of materials or parts 
being fed into a machine, and 
upon the type of operations to 
be performed. Feed mechan- 
isms may be merely conveyors, 
may give positive guidance in 
many instances, or may include 
tight holding devices if the 
parts are subjected to procese- 
ing operations while being fed 
through a machine. One of the 
functions of feed mechanism 
is to extract single pieces from 
a stack or unassorted supply of 
stock or, if the stock is a con- 
tinuous strip of steel, roIl of 
paper, long bar, and the like, 
to maintain intermittent mo- 
tion between processing opera- 
tions. A11 of these conditions 
are illustrated in the accom- 
panying feed mechanisms. 

n 
, -  

3ows of,eter c,osr& ,” ‘Outer end of infermif- 

on f o rk  handle fen fly moving radial 
orm furref 

‘Pin s/,‘des over corn surface / /. I +G/er  and c a m  surfoce fo fork for processrng 
for releasing spriny - o p e r d i o n  F16.2 
he ld jows pot. NatZn,%4 
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Solenoid circuif energized by com:operafed 
swifcb unless opened bv e/ecfrk eve. 

Sprin is exfended by/ ,Drive 
Cronfon drive sboff 
wben mecbon;sm k /a* 

When poper sbufs o f f  fight cell 
opens solenoid ciicuit thus 
lafcbing feed mechanism 
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Automatic Safety Mechanisms 
for Operating Machines 

HE most satisfactory automatic guard mechanisms for preventing T injury to machine operators are those that have been designed with 
the machine. When properly designed they (1) do not reduce visibility, 
(2 )  do not impede the operator, ( 3 )  do not cause painful blows on the 
operator’s hand in avoiding serious injury, (4) are safe with respect to 
wear in the safety mechanism, (5) are sensitive and instantaneous in oper- 
ation, and ( 6 )  render the machine inoperative if tampered with or 
removed. 

Safety devices range from those that keep both hands occupied with 
controls away from the work area to guards that completely inclose the 
work during operation of the machine and prevent operation of the ma- 
chine unless so protected. The latter might include the “electric eye,” 
which is the activating means of one of the mechanisms illustrated. 

Cam roller normally opem& Uu+cA 
FIG.( guardmechanism.. Muchine opera fing 

\, frame. member 
Inkdockin9 membe 
s/idcs info dot, 
unless guardis I 

. up io sfar f  machine 
Par! M 2.25?,273 

Perspective 
o f  Slide 

Pof.,Vo. 2,306 8/7 

Clufch mechanism 
trip /ever arm 

/ 

F l t . 3  

Guide ways f o r  roi/ers FlC.2 rmafing molds Lower 
on fralisparenf guard i mold rises in opemiion , ,’ o f  mechanism 

I 
I 

TO / e f t -  I I j u I I I I ’  *-To mghf - 
hand /ever-+ I I I huna‘/evef 

l l  1 I 1  
t x  J k:+ J 

I 
I I 

I 
Unless boih slide blocks are moved and 
engoge fwo l a k h  disks simulfaneous/y,disks 
are dkp/aced inin races ofsl ide block and 
+rip lever a r m , i s  nof m o v e d  

I Lafchdisks 1 
! I  

W 
I 
I Section A-A 

Box assernky s/ides in stationary housing when 
slide blocks move fogether 
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Clukh SDrinq operates ring guard 

22-5 1 

FIC.4 
a + i t c b i n g  element 

-----,?in over work  a rea  descends 
b e t & ?  st i tch ing elements. Obstructions 
cause release o f  operating dutch 

--_ --_ -. 
~ r f  NO z , ~ T ~ , J s ?  

Spring opemtes 
rrng guardand 
releases latch 

rPins on guardarms d i s t o r t  goard wire, 
I which throws microswifch and dsen -e>, / cfufch if opera fork hands are  in p a d  of f 

I cuffermecbanism or contact wire direct/v: 
Cut fer  carrier, I I 

I 

Microswi fch,  operafed by /ever 
arm fa which w i r e  is attached, 
contro!s stop mechanism section A - ~  ,‘ mowes over  f u r r e f  

,-Cuffer c a r r i e r  frame 

Sect ion A-A 

’ C a m  ro l ler  on lever arm moves arm 
when unlatched. When obst rucf ion in work 
area prevents unlatchiny,cam n?oves fo 
left ,  releasing dufch as shown, thus pm- 
vent ing s f i  fch iny operaf ion.  

U I Section L A  
i i I 

JO 

c’ul i 
&--Clutch rod;s lowered 

fo engage clutch 

I 
I 

Slots in t w o  plafes 
permi f  disengayemen f 
o f  clutch when r o d  IS 

in any posit ion --, 
When so/enoidpu//s / 
ro//er fo fhis position, I 
downward thruston I 
foot pedal carr ies ,’ 
rol ler fhrough slot  I 

I I 

beam ac&.s 
work zone 
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Mechanisms Actuated 
by Air or Hydraulic Cylinders 

Fig. 1-Cylinder can be used 
with a first class lever. 

Fig. Z--Cylinder can be used 
with a second class lever. 

Fig. 3-Cylinder can be used 
with a third class lever. 

Fig. 4 4 y l i n d e r  can be linked up di- 
rectly to the load. 

Fig. 5-Spring reduces the thrust at 
the end of the stroke. 

Fig. &Point of application of force 
follows the direction of thrust. 

Fig. '14ylinder can be used 
with a bent lever. 

Fig. &Cylinder can be used with a 
trammel plate. 

Fig. +-TWO pistons with fixed strokes 
position Ioad in any of four stations. 

Fig. 10-A toggle can be actuated by 
the cylinder. 

Fig. 11-The cam supports the load 
after completion of the stroke. 

Fig. 12-Simultaneous thrusts in two 
different directions are obtained. 
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Fig. 15-Force can be modified 
by wedges. 

Fig. 13-Force is transmitted 
by a cable. 

Fig. 14-Force can be modified 
by a system of pulleys. 

5% 

Fig. 16--Gear sector moves rack per- 
pendicular to stroke of piston. 

Fig. 17-Rack turns gear sector. Fig. 18-Motion of movable rack is 
twice that of piston. 

I 
Fig. 21-M~jtion is transmitted to a 
distant point in the plane of motion. 

Fig. 19-Torque applied to the shaft' 
can be transmitted to a distant point. 

Fig. 2GTorque can also be applied 
to a shaft by a belt and pulley. 

Fig. 22-A steep screw nut produces a 
rotation of shaft. 

Fig. 23-Single sprocket wheel pro- 
duces rotation in the plane of motion. 

Fig. 24-Double sprocket wheel makes 
the rotation more nearly continuous. 
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Piston-Actuated Mechanisms 
They are also hydraulic to mechanical transducers. Output-stroke, force, 
speed-can be altered by a variety of methods. 

Louis Dodge 

Slide stroke, force, 
andspeeddependon 
cluster ratio 

Rotary motion 
by alternately activated 4 pistons 

Stroke oQ>slmenf 

Oscillating motion Section 4-4 6 with stroke adjustment 
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Simple rack 
and pinion convedel 

Gear can double speed 3 and stroke, halve force 

c c 

Slide 7. t-- Double slroke 0-4 

e Slroke -4 

4-m 

Rotary motion without 5 transverse load on pistons 

.&- 

Rotary motion without 5 transverse load on pistons 

4-m 

Two-speed slider 7 from single piston 
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Computing Mechanisms I 
Analog computing mechanisms are capable of virtually instantaneous response to minute 
variations in input. Basic units, similar to the types shown, are combined to form the final 
computer. These mechanisms add, subtract, resolve vectors, or solve special or trigonometric 
functions. Other computing mechanisms for multiplying, dividing, differentiating or integrating 
ore presented on the next page. 

( A )  Bevel-gear 
differentiol 

( B )  Sliding-link 
differential 

( C )  Rotating-link 
di f ferent io l  

Fig. 1-ADDITION AND SUBTRACTION. Usually and J is the output. Motion of x and y in same direction 
based on the differential principle; variations depend on results in addition; opposite direction-subtraction. Nine- 
whether inputs: (A) rotate shafts, (B) translate links, (C) teen additional variations are llustrated in “Linkage 
angularly displaced links. Mechanisms solve equation: Layouts by Mathematical Analysis,” Alfred Kuhlenkamp, 
z=c (xky), where c is scale factor, x and y are inputs, Product Eugineering, page 165, August 1955. 

t Y  
-Aligning 

sight 

(C) - - Lead 
I screws 

/ 

Fig. 2-FUNCTION GENERATORS mechanize specific of follower pin corresponds to reciprocal. (B) Fuuction- 
equations. (A) Reciprocal cam converts a number into slot cam. Ideal for complex functions involving one 
its reciprocal. This simplifies division by permitting variable. (C) Input table. Function is plotted on large 
simple multiplication between a numerator and its de- sheet attached to table. Lead screw for x is turned at 
nominator. Cam rotated to position corresponding to constant speed by an analyzer. Operator or photoelectric 
denominator. Distance between center of cam to center follower turns y output to keep sight on curve. 

,t 

lnstru mer 

Output 

/nput 

I f  eo. 

r 
S(ring A String E 

Siring 6 I 

Fig. 3-(A) THREE-DIMENSIONAL CAM generates squaring positive or negative inputs: y=c (kx)?. Radius 
functions with two variables: z=f (x. y). Cam rotated of cone at any point is proportional to length of string to 
by y-input; x-inputs shifts follower along pivot rod. right of point; tberefore, cylinder rotation is proportional 
Contour of cam causes follower to rotate giving angular to square of cone rotation. Output is fed through a gear 
displacement to z-output gear. (B) Conical cam for differential to convert to positive number. 
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Fig. 4-TRIGONOMETRIC FUNCTIONS. (A) Scotch- 
yoke mechanism for sine and cosine functions. Crank 
rotates about fixed point P generating angle a and giving 
motion to arms: y=c sin a; x=c COS a. (B) Tangent- 
cotangent mechanism generates: x =c tan a or x = c cot 

P. (C) Eccentric and follower is easily manufactured but 
sine and cosine functions are approximate. Maximum 
error is: e max = l -d l2-G;  error is zero at  90 
and 270 deg. I is the length of the link and c is the length 
of the crank. 

.Lead screw 

( A ) '  

~ u - input geor 

Gear differential 
I (subtroctingj 

.-I - input 
gear Z 

a-inout aear 

bevel 
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Fig. 5-COMPONENT RESOLVERS for obtaining x and ponents to obtain resultant. Input in (A) are through 
y coniponents of vectors that are continuously changing bevel gears and lead screws for z input, and through spur 
in both angle and magnitude. Equations are: x=z cos a, gears for a-input. Compensating gear differential (B) 
y = z sin a where z is magnitude of vector, and prevents a-input from affecting z-input. This probkm 
a is vector angle. Mechanisms can also combine corn- solved in (C) by using constant-lead cam (D) and (E). 
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Computing Mechanisms II 
Several typical computing mechanisms for performing the mathemai.;al operations of 
multiplication, division, differentiation, and integration of variable functions. Analog 
computing mechanisms for adding and subtracting, for resolving vectors, and for 
trigonometric functions, are discussed in Part I.  

Lead screw _- - - - Input  rack 

z = xy 

Fig .1  ( 8 )  

Fig. 1-MULTIPLICATION OF TWO TABLES z and y 
usually solved by either: (A) Similar triangle method, or (B) 
logarithmic method. In (A), lengths x‘ and y’ are propor- 
tional to rotation of input gears x and y. Distance e is 
constant. By similar triangles: %/x=y/e or a=xy/c, where 
a is vertical displacement of output rack. Mechanism can 
be modified to accept negative variables. In (B), input 
variables are fed through logarithmic cams giving linear 
displacements of log x and log y. Functions are then added 
by a differential link giving z=log x + log y=log ry 
(neglecting scale factors). Result is fed through antilog cam; 
motion of follower represents z=xy. 

I 

Stationary pin 

F i g . 2  ( A )  

_e Functian cam 

Y 

x 

1 

’Squaring cam 

-z= f ( y ) x 2  

F i g . 2  (C) 
Fig. 2-MULTIPLICATION OF COMPLEX FUNCTIONS 
can be accomplished by substituting cams in place of input 
slides and racks of mechanism in Fig. 1. Principle Of 
similar triangles still applies. Mechanism in (A) solves the 
equation: z=f (7) x2. Schematic is shown in (B). Division 
of two variables can be done by feeding one of the 
variables through a reciprocal cam and then multiplying it 
by the other. Schematic in (C) shows solution of yzcos p/x. 
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--‘-, Frict ion wheel 

Fig. 3-INTEGRATORS are basically variable speed drives. 
Disk in (A) is rotated by x-input which, in turn, rotates the 
friction wheel. Output is through gear driven by spline on 
shaft of friction wheel. Input y varies the distance of 
friction wheel from center of disk. For a wheel with 
radius c, rotation of disk through infinitesmal turn dx causes 
corresponding turn dz equal to: dz=(l/c) y dx. For definite 
x revolntions, total z revolutions will be equal to the 
integral of (l/c) y dx, where y varies as called for by 
the problem. Ball integrator in (B), gives pure rolling in 
all directions. 

, -Fol1ou-up motor X I  Y 

wheef 

beams 

, , Ro I Ier , - - z - O U  fpUf 

A rnpli f ier  
( A )  

Fig. 4--FOLLOW-UP MOTOR avoids slippage between 
wheel and disk of integrator in Fig. 3 (A). No torque is 
taken from wheel except to overcome friction in bearings. 
Web of integrator wheel is made of Polaroid. Light beams 
generate current to amplifier which controls follow-up 
motor. Symbol a t  upper right comer is schematic representa- 
tion of integrator. For more information see, “Mechaaism,” 
by Joseph S. Beggs, McGraw-Hill Book Co., N. Y., 1955. 

Fig. &DIFFERENTIATOR uses principle that viscous 
drag force in thin layer of fluid is proportional to velocity 
of rotating x-input shaft. Drag force counteracted by spring; 
spring length regulated by servo motor controlled by 
contacts. Change in shaft velocity causes change in viscous 
torque. Shift in housing closes contacts causing motor to 
adjust spring length and balance system. Total rotation of 
servo gear is proportional to dx/dt. From “Mechanical 
Computing Mechanisms,” Reid and Stromback, Product 
Engineering, October 1949 page 126. 

Thrust - - - - -  
be orin g 

( B )  

OUtpUf roller I 

’ Y  - . input 

- Output ro l ler  

Angle input  

Fig. 5-COMPONENT INTEGRATOR uses three disks to 
obtain x and y components of a differential equation. Input 
roller z spins sphere; y input changes angle of roller. Output 
rollers give integrals of components paralleling x and y 
axes. Ford Instrument Company. 

Servo geor 

d x/d t ,rResisting springs 

,-Housing 

- - - - -VISCOUS fluid 

Contocts for  
controtting direction 
o f  servo motor 
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Eight Pa per- Feed Mechanisms 
In a world of reports, forms and memos, a prime need is to keep paper moving. 
Here are some ways that do the job for single sheets or continuous strips. 

Frank William Wood JR & Vernal Huffines 

SINGLE-SHEET FEEDERS 

Moving / f r e e  rubber roller 
frame, 

1 
F R E E  ROLLER rides in slot. "During feed it 
jams against the fixed cylinder and grips top 
sheet of paper. Return motion of frame transfers 
free roller to  opposite end of slot, where it's free 
to roll back over paper. 

Rubber pad, 

2 
RUBBER PADS on rotating cylinder kick out  one 
sheet per pad every revolution. Constant-force 
spring under paper-holder maintains proper clear- 
ance between paper and cylinder. Spacing of  
pads and the cylinder speed determine feed rate. 

/Rubber cam 

3 
RUBBER CAM feeds one sheet each revolution. 
Constant-force spring under paper table keeps 
correct clearance. By correct timing, two or more 
cams in  a stack will deliver different sheets in 
sequence. As with all single-sheet feeders, 
paper must be smooth enough to slide off piie. 
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CONTINUOUS-STRIP FEEDERS 

4 
BELTS pressing against drum allow paper to 
slip and stay in alignment. 

/Driven roller 

6 
FRICTION ROLLERS a r e  the commonest, cheap- 
es t  way to Peed paper in continuous strips. 

Air sucked info 

Rubber ribs y.. 

5 
R I B B E D  B E L T  is another type of feed that  
allows paper to slip. 

7 
COGS fit in perforations to  give positive feed 
with no slipping. 

8 
VACUUM PUMP sucks air in through the holes, 
holding paper against the cylinder. Intermittent 
operation of vacuum keeps paper from wrapping 
around cylinder. 
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How to Collect and Stack 
Die Stamping 
When you're called upon to design a way to collect die stampings 
as they come from the press, do you shopping here for ideas. 

Federico Strasser 

pressure on friction pin 

1 .SLIDING MAGAZINE 

E 

SPRINGS - stack height is constant when 3 stamping weight divided by spring r a t e  
equals stamping thickness 

Grip -pin for slop 
release Shdes 
out of chute 

2 HANGING MAGAZINE 
0 

Magazine- 

i 
COUNTERBALANCE METHOD does not need 4 high stacking fr ict ion as in  f i rs t  two 

Ornethods shown above 

DIRECT STACKING WITH BACK PRESSURE. FRICTION DRAGS, SPRINGS, AND COUNTERBALANCE WEIGHTS 
PROVIDE BACK PRESSURE TO ALLOW SMOOTH STACKING IN FIRST FOUR METHODS 
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C H U T E D  S T A C K I N G  W I T H  P E G G E D  M A G A Z I N E  6 "sieve$" xtampings from two-stage die 
PEGGED MAGAZINE lets stampings he stacked by 5 gravity, guided by hole in stamping 

8 RODS FORM CHUTE 
0 

7 I) C H U T E D  STACKING W I T H  SPRING-SUSPENDED M A G A Z I N E  

? 
E, 

&%??y>Ex:c.inal 
q J d e  

Sectior, 5 8 r,, 

SPECIAL SHAPES ARE C H U T E D  I N  9 .CORRECT ORIENTATION 

-1 
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Sort, Feed, or Weigh Mechanisms 
Sooner or later, you may be faced with the need to design such devices for your plant. 
These 19 selections are easily modified to suit your product. 

Nicholas P. Chironis 

ORIENTING DEVICES 
Orienting short, tubular parts 

Orienting dish-like parts 

Part with open-end facing to the right (part 1) falls 
on to a matching projection as the indexing wheel 
begins to rotate clockwise. The projection retains 
the part for 230 deg to point A where it falls away 
from the projection to slide down -the outlet chute, 
open-end up. An incoming part facing the other way 
( 2 )  is not retained by the projection, hence slides 
through the indexing wheel so that it, too, passes 
through the outlet with the open-end up. 

Here’s a common problem: Parts come 
in either open-end or closed-end first; 
you need a device which will orient all 
the parts so they feed out facing the 
same way. In (A), when a part comes in 
open-end first, it is pivoted by the swing- 
ing lever so that the open end is up. When 
it comes in closed-end first, the part 
brushes away the lever to keel over head- 
first. Fig €3 and C show a simpler arrange- 
ment with pin in place of lever. 

Orienting pointed-end parts 

Main principle here is that the built-in magnet 
cannot hold on to a part as it passes by if the part 
has its pointed end facing the magnet. Such a cor- 
rectly oriented part (part 1) will fall through t h e  
chute as the wheel indexes to a stop. An incorrect!y 
oriented part (part 2)  is briefly held by the magnet 
until the indexing wheel continues on past the mag- 
net position. The wheel and the core with the slot 
must be made of nonmagnetic material. 
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Orienting U-shaped parts 

Orienting stepped-disk parts 

Key to this device is two pins which reciprocate one after another in the 
horizontal direction. The parts come down the chute with the bottom of the 
U facing either to the right or left. All pieces first strike and rest on pin 2. 
Pin 1 now moves into the passage way, and if the bottom of the U is facing 
to the right, the pin would kick over the part as shown by the dotted lines. If 
on the other hand the bottom of the U had been to the left, motion of pin 1 
would have no effect, and as pin 2 withdrew to the right, the part would be 
allowed to pass down through the main chute. 

Orienting cone-shaped parts 

Regardless of which end of the cone faces forward as the cones 
slide down the cylindrical rods, the fact that both rods rotate in oppo- 
site directions causes the cones to assume the position shown in section 
A-A (left). When the cones reach the thinned-down section of the 
rods, they fall down into the chute as illustrated. 

In the second method of orienting cone-shaped parts (right), if 
the part comes down small end first, it will fit into the recess. The 
reciprocating rod, moving to the right, will then kick the cone over 
into the exit chute. But if the cone comes down with its large end first, 
it sits on top of the plate (instead of inside the recess), and the rod 
merely pushes it into the chute withou,t turning it over. 

Parts rolling down the top rail to the left drop to the next rail 
which has a circular segment. The parts, therefore, continue to roll 
on in the original direction but their faces have now been rotated 180 
deg. The idea of dropping one level may seem-over simplified, but it 
avoids the use of camming devices which is the more common way of 
accomplishing this job. 

SIMPLE FEEDING DEVICES 
Feeding a fixed number of parts 

The oscillating sector picks 
up the desired number of 
parts, left diagram, and feeds 
them by pivoting the required 
number of degrees. The de- 
vice for oscillating the sec- 
tor must be able to produce 
dwells at both ends of the 
stroke to allow suficienl 
time for the parts to fall in 
and out of the sector. 
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The circular parts feed down the 
chute by gravity, and are separated 
by the  reciprocating rod. The parts first 
roll to station 3 during the downward 
stroke of the reciprocator, then to station 
1 during the upward stroke; hence the 
time span between parts is almost equiv- 
alent to the time it takes for the recipro- 
cator to make one complete oscillation. 

The device in (B) is similar to the one 
in (A), except that the reciprocator is 
replaced by an oscillating member. 

One-by-one separating device 

Mixing different parts together Pausing until actuated' 

Two counter rotating wheels form a 
simple device for  alternating the feed 
of two different workpieces. 

Each gear in this device is held up by a pivotable cam sector until the 
gear ahead of it moves forward. Thus, gear 3,  rolling down the chute, 
kicks down its sector cam but is held up by the previous cam. When gear 
1 is picked off (either manually, or  mechanically), its sector cam pivots 
clockwise because of its own weight. This permits gear 2 to move into the 
place of gear 1-and frees cam 2 to pivot clockwise. Thus, all gears in 
the row move forward one station. 

I n  the simple device (A) the 
balls run down two inclined 

Sorting balls according to size 

and slightly divergent rails. The 
smallest balls, therefore, will 
fall into the left chamber, the 
medium-size ones into the mid- 
dle-size chamber, and the larg- 
est ones into the right chamber. 

In the more complicated ar- 
rangement (B)  the balls come 
down the hopper and must pass 
a gate wbich also acts as a 
latch for the trapdoor. The 
proper-size balls pass through 
without touching (actuating) 
the gate. Larger balls, however, 
brush against the gate which 
releases the catch on the bot- 
tom of the trapdoor, and fall 
through into the specid trough 
for  the rejects. 
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Sorting according to height 

This is a simple device in which an assembly worker can place the 
workpiece on a slowly rotating cross-platform. Bars 1, 2 ,  and 3 have 
been set at decreasing heights beginning with the highest bar (bar l), 
and the lowest bar (bar 3). The workpiece is therefore knocked off the 
platform at either station 1, 2, or 3 depending on its height. 

WEIGHT-REGULATING ARRANGEMENTS 
By varying the vibration amplitudes 

The material in the hopper is fed to a 

By linkage arrangement 

~ ~ ~ G a f e  

By electric-eye and balancer 

conveyor by means of vibration actuated by 
the reciprocating slider. The  pulsating force 
of the slider passes through the rubber 
wedge and on to the actuating rod. The 
amplitude of this force can be varied by 
moving the wedge up or down. This is done 
automatically by making the conveyor pivot 
around a central point. As the conveyor 
becomes overloaded, it pivots clockwise to 
raise the wedge which reduces the ampli- 
tudes-and the feed rate of the material. 

Further adjustments in feed rate can be 
made by shifting the adjustable weight or 
by changing the speed of the conveyor belt. 

The loose material comes down the hop- 
per and is fed to the right by the conveyor 
system which can pivot about the center 
point. The frame of the conveyor system 
also actuates the hopper gate, so that if the 
material on the belt exceeds the required 
amount the conveyor pivots clockwise and 
closes the gate. The position of the counter- 
weight on a frame determines the feed rate 
of the system. 

The indexing table automatically comes 
to a stop at the feed station. As the material 
drops into the container, its weight pivots 
the screen upward to cut off the operation 
of the photocell relay. This in turn shuts the 
feed gate. Reactuation of the indexing table 
can be automatic after a time interval, or by 
the cutoff phase of the electric eye. 

EDITOR’S NOTE: The above material is 
based on the book ‘‘Mechanism,” by C .  H. 
Kohevnikov, published in Russian, Moscow, 
1965. 



22-68 

Spring Motors & Typical 
Associated Mechanisms 

/d/er gear Drwe Finion /nterno/ 
drye geor 

Governor 

ANY applications of spring motors in clocks, M phonographs, motion picture cameras, rotating 
barber poles, game machines and other mechanisms 
offer practical ideas for adaptation to any mechanism 
in which operation for an appreciable length of time is 
desirable. While spring motors are usually limited to 
comparatively small power applications where other 
sources of power are unavailable or impracticable, they 
may also be useful for intermittent operation requiring 

GPW shtf7 lever - .......... 

FIG. 1 

3 

Pihon crank arm for 
windrng is storionory 
dunng opemfion. 
Outer end o f  spring 
unwinds 5 turns 

drive raho 

cmnk arm 
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comparatively high torque or high speed, using a low 
power electric motor or other means for building up 
energy. 

The accompanying patented spring motor designs 
show various methods of transmission and control of 
spring motor power. Flat-coil springs, confined in 
drums, are most widely used because they are com- 
pact, produce torque directly, and permit long angular 
displacement. Gear trains and feed-back mechanisms 
hold down excess ppwer so that i t  can be applied for a 
longer time, and governors are commonly used to regu- 
late speed. 

---n 
FIO. 4 !i=a 

Gear trpin 

&or Nc 2 OCSCIG 
Winding key;.. 

Frction p/ote moved by 
governor ogo/nst- ... 
friction member ’~, 

Fr,rtion member 

F I G .  5 

Coil sp’/ng units , 

Drwe gear-  --.’ FIG. 6 
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6 Escapement Mechanisms 
Federico Strasser 

Impulse surfoce 
/ m! 

Escapements, a familiar part of watches and clocks, 
can also be put to work in various control devices, 
and for the same purpose-to interrupt the motion 
of a gear train at regular intervals. 

Each escapement shown here contains an energy 
absorber. Whether balance wheel or pendulum, it 
allows the gear train to advance one tooth at a time, 
locking the wheel momentarily after each half-cycle. 
Energy from the escape wheel is transferred to the 
escapement by the advancing teeth, which push 
against the locking surfaces (pallets). 

T”’ 
Impulse 

Impulse surface surface 

Escape 
wheel 

2 ANCHOR-RECOIL. As pendulum swings to  
one side, pallet engages tooth of escape wheel. 
When wheel Is gripped, it recoils slightly. Pen- 
dulum star ts  in opposite direction by push of 
wheel transmitted through pallet. As pendulum 
swings to  other side, the other pallet engages 
escape-wheel tooth, recoils, and repeats cycle. 

1 VERGE. Pallets a re  alternately lifted and 
cleared by diametrically opposed teeth on escape 
wheel, thus rocking balance shaft. One pallet 
or the  other is always in contact with a tooth of 
the escape wheel. 

lmpuhe 
surface 
lmpuhe 
surface - 

c, A 
wheel 

3 ANCHOR-DEAD BEAT. For greater accuracy, 
recoil escapement is modifled by changing angle 
of impulse surfaces of pallets and teeth so that  
recoil is eliminated. The teeth of escape wheel 
fall “dead” upon pallets; a s  pendulum completes 
its swing, escape wheel does not turn backward. 
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Rocking arm w 

4 PIN WHEEL. Pallet A is about to unlock escape 
'wheel. Pin will give a push to  pallet A while slid- 
ing down impulse surface. A s  pendulum continues 
to swing, pallet B will stop pin, thus locking escape 
wheel. After pendulum reverses direction and 
swings toward dead center, pallet B releases wheel 
and receives a n  impulse from pin. 

5 LANTERN WHEEL. Escape wheel is stopped 
when pin hits plate A of pallet, attached to rock- 
ing arm. As arm swings to right, pin pushes against 
impulse surface of plate until pin is clear. Escape 
wheel then turns freely until pin is stopped by 
plate B of pallet. Arm star ts  back toward left, re- 
ceiving impulse from pin until latter clears plate. 

6 MUDGE'S LEVER. As balance wheel swings coun- 
terclockwise (I), the ruby pin enters fork of lever 
and pushes it to the right. The lever releases 
tooth of escape Wheel, which s ta r t s  turning and 
gives a tiny push (2) to impulse surface of pallet A. 
This is transmitted to balance wheel through fork 
and ruby pin. Balance wheel continues rotating 
counterclockwise (3) while lever swings t o  righr 
and pallet B stops the escape wheel by engaging 
tooth. When balance wheel reaches ita hairspring's 
limit, it reverses direction and reenters  fork (4). 
Ruby pin pushes lever to  left, and receives impulse 
when escape wheel s tar ts  to move. Balance wheel 
continues clockwise until it reaches opposite limit 
of i ts  hairspring. Lever continues moving to left 
until it again stops escape wheel (6) and awaits 
return of ruby pin. Another view of Mudge's Iever 
is given in (6). This escapement is very precise 
because of the small portion of each half-cycle that 
escape wheel and balance wheel are  in contact. 
Friction drag is a t  a minimum. 
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7 More Escapement 
Another selection of these ingenious mechanical components for use in control systems. 

Federico Strasser 

1 CYLINDER. Tooth of escape wheel and cyl- 
inder (balance-wheel shaft) are shown in sevea 
positions. Tooth has been locked (1) and is 
about to enter cycle. Tooth is providing im- 
pulse (2)  by sliding action along cylinder lip. 
Escape wheel is locked while cylinder rotates 
clockwise ( 3 )  to  its limit (4), then starts back 
( 5 ) .  As tooth starts forward, impulse is again 
imparted (6)  to  cylinder lip. Second tooth i s  
locked (7) during period of backswing. 

3 HIGH-SPEED DOUBLE RATCHET. Same 
principle as in  2, but used with a small-mass 
pendulum. Speeds to  50 beats per second 
can be obtained. 

Escape 

2 DOUBLE RATCHET. Two escape 
wheels are mounted on a common axis  
and pinned together so teeth a r e  
aligned with a half-pitch distance be- 
tween them. Drawing shows pendu- 
lum in its extreme lef t  position, with 
i ts  impulse surface locking a tooth of 
t h e  escape wheel A.  As pendulum 
s ta r t s  to right, escape wheels start to  
turn ,  imparting a push to the  pendu- 
lum. As i t  approaches its extreme 
r ight  position, pendulum again stops 
the escape wheels, by engaging a tooth 
on wheel B, then receives a second 
impulse as  i t  s ta r t s  toward the  left.  

€scope f l  Ld 
wheels 

Pu/iet ’ surface 
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Po//ef 
surface 

4 THREE-LEGGED. The three teeth of es- 
cape wheel work alternately upon top and 
bottom pallets. Top pallet is shown being 
driven to right. When tooth clears pallet, 
escape wheel will turn until tooth engages 
bottom pallet. When pendulum slide 
s tar ts  back toward left, bottom pallet will 
receive push from escape wheel, until 
tooth clears pallet. 

wheel 

5 DUPLEX. Single pallet of balance wheel is 
shown receiving impulse from pin of escape 
wheel. As balance wheeI rotates counterclock- 
wise, tooth of escape wheel clears notch, per- 
mitting escape wheel to turn clockwise. Next 
tooth of escape wheel is stopped by balance 
wheel until balance wheel reaches limit, re- 
verses direction, and pallet swings back to po- 
sition shown. Escapement receives but one 
impulse per cycle. 

Impulse sur fuce 

6 STAR WHEEL. Dead-beat escapement in  which 
pallets alternately ac t  upon diametrically 
opposed teeth. Illustration shows balance in 
extreme clockwise position with escape wheel 
locked. Balance s ta r t s  turning counterclockwise, 
releasing escape wheel. A t  other extreme, 
pallet B locks escape wheel for  a moment before 
direction of balance is again reversed and 

Pallet E 

Pu//.t A 

fkupe 
wheel @ push is imparted. 

Bu/mce 
k--+ 

7 CHRONOMETER. As balance 
wheeI turns  counterclockwise, 
jewel A pushes flat spr ing B and 
raises bar  C. Tooth clears jewel 
D and escape wheel turns. A tooth 
imparts  push  to  jewel E. As jewel 
A clears flat spring, jewel D re- 
turm to position and catches next  
tooth. On return of balance wheel 
(clockwise), jewel A passes flat 
spr ing with no action. Thus, 
escapement receives a single im- 
pulse per  cycle. 
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Desi n Hints for Mechanical 
Sma P I Mechanisms 
How to avoid close tolerances, and otherwise improve parts, where accurate 
assembly is necessary. 

Federico Strasser 

High accuracy 4 Easily machifled1 

Wrong 

c1 
R i g h t  Wrong 

6 3  
R i g h t  

HOLD-DOWN COVER for bearing should 
have a take-up gap between the cover 
flange and the bearing box. 

BUSHING FACE i5 much eabier to nia- 
chine than the huh of a large part such as 
a flywheel or heavy gear. 

Wrong 

Grooved pin -, 

I 

DOVETAILED parts that are to be a tight 
fit are best provided with a slot and 
grooved pin where d equals b/3  to b/4. 

SMOOTH-BORED HOUSINGS shown 
on right let one hearing move when shaft 
length changes hecause of expansion, 
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~ymmefr ico/  weights ( r c o v e r  opfiono/ 

\ 
I 
I 
i 

Sect ion  A-A 

SYMMETRICAL WEIGHTS give even 
braking action when they pivot outward. 
Entire action ran be enclosed. 

SHEETMETAL BRAKE providec larger 
braking arca than previous design. Opera- 
tion is thiic more eve11 and cooler. 

Brake disk I __._ f f o f  SDTiOUS 

. . . . -. 
. . ___ 

I Speed odjusimenj 

THREE FLAT SPRINGS carry weight% 
that pro,idr hdhe forre upon rotation. 
Ihvice ran be provided with adjustment. 

TYPICAL GOVERNOR action of swing- 
ing weights is utilized here. As in the pre- 
vious device, adjustment is optional. 
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8 Basic Push-Pull Linkages 
These arrangements are invariably the root of all linkage devices. 

Frank William Wood JR. 

FIXED PIVOTS on arm lengths are lo- 
cated to control ratio of input and output 
movements of this push-pull-actuated link- 
age. Mechanism can be either flat bars or 
round rods of adequate thickness to pre- 
vent bowing under compression. 

driven arm 

fixed pivot' Driven arm // 

VERTICAL OUTPUT MOVEMENT from 
horizontal input is gained with this push- 
pull linkage. Although the triangular- 
shaped plate could be substituted by an 
L-shaped arm, the plate gives greater free- 
dom of driving- and driven-arm location. 

Fixed pivots 

PUSH-PULL LINKAGE for same direc- 
tion of motion can be obtained by adding 
linkage arm to previous design. In both 
cases, if arms are bars it might be best to 
make them forked rather than merely 
flatted at their linkage ends. 

'Rotary 
driying arm 

FOR LIMITED STRAIGHT-LINE 2-dUeC- 
tion motion use this rotary-actuated link- 
age. Friction between the pin and sides of 
slot limit this design to small loads. A bear- 
ing on the pin will reduce friction and 
slot wear to negligible proportions. 
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ROTARY-ACTUATED LINKAGE gives 
opposite direction of motion and can be 
obtained by using 3-bar linkage with pivot 
point of middle link located at midpoint 
of arm length, Disk should be adequately 
strengthened for heavy loads. 

THIS ROTARY-ACTUATED linkage for 
straight-line 2-direction motion has rotary 
driving arm with a modified dovetail open- 
ing that fits freely around a flat sheet or 
bar arm. Driven arm reciprocates in slot 
as rotary driving arm is turned. 

Driving / F o r  driving in 
_- same direction 

SAME-DIRECTION MOTION is given by 
this rotary-actuated linkage when end 
arms are located on the same sides; for 
opposite-direction moxion, locate the arms 
on opposite sides. Use when a crossover 
is required between input and output. 

, /F i xed  pivot 

Driving arm, , 

EQUALIZING LINKAGE here has an 
equalizing arm that balances the input 
force to two output arms. This arrange- 
ment is most suitable for air or hydraulic 
systems where equal force is to be exerted 
on the pistons of separate cylinders. 
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5 Linkages for Straight-line Motion 
These devices convert rotary to straight-line motion without the need for guides. 

Sigmund Rappaport 

Evans’ linkage . . . 
has oscillating drive-arm that should have a 
maximum operating angle of about 40’. For 
a relatively short guide-way, the reciprocating 
output stroke is  large. Output motion is on 
a true stroight line in true harmonic motion. 
If on exact stroight-line motion is not re- 
quired, however, a link can replace the slide. 
The longer this link, the closer does the out- 
put motion approach that of a true straight 
line-if link-length equals output stroke, 
deviation from straight-line motion i s  only 
0.03% of output stroke. 

\ Simplified Watt’s linkage . . . 
generates on approximate straight-line 
motion. If the two arms are equally 
long, the tracing point describes o 
symmetrical figure 8 with an almost 
stroight line throughout the stroke length. 
The straightest and longest stroke occurs 
when the connecting-link length i s  about 
2/3 of the stroke, and arm length i s  1.5s. 
Offset should equal half the connecting- 
link length. If the arms are unequal, one 
branch of the figure-8 curve is  straighter 
than the other. It i s  straightest when 
a/b equals (arm 2)/(arrn 1). 



link 

D-drive . . . 
results when linkage arms are arranged as shown 
here. Output-link point describes a path re- 
sembling the letter D, thus it contains a straight 
portion os part of its cycle. Motion i s  ideal fot 
quick engagement and disengagement before 
and after a straight driving-stroke. Example, thc 
intermittent film-drive in movie-film projectors. 

Linkage 

Four-bar linkage . . . 
produces approximately straight-line 
motion. This arrangement provides 
motion for the stylus on self-registering 
measuring instruments. A compara- 
tively small drive-displacement result; 
in n long, almost-s!raight line. 

23-5 

The "Peaucellier cell" . . . 
was first solution to the classical problem of generating a straight line 
with a linkage. Its basis: within the physical limits of the motion, AC x 
AF remains constant. Curves described by C and F are, therefore, 
inverse; if C describes a circle that goes through A, then F will describe 
a circle of infinite radius-a straight line, perpendicular to AB. The 
only requirements are: AB=BC; A D z A E ;  and CD, DF, Ff, EC are all 
equal. The linkage can be used to generate circular arcs of large radius 
by locating A outside the circular path of C. 
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10 Ways to Change 
Straight-line Direction 
Arrangements of linkages, slides, friction drives and gears 
that can be the basic of many ingenious devices. 

Federico Strasser 

Linkages 

i 

lnput I 
I) 

Basic problem (6 is generally close to 90”) 

Lever 
slides 

Spherical bearing 

and hausi7 

Spherical bearings 

Right-angled 
lever 

Pivot 

I 

otted lever 

Anchored 
spring 

movement 
Rollers 
\ 

Spring-loaded lever 

Pivoted levers with alternative arrangements 
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Guides 

Pivots odd supporf 

1 - - 
Connecting 

rod 

11 

Inclined bearing-guide 

Matching gear-segments 

Single connecting rod (left) is relo- 
cated (right) to get around need for 
extra guides 

Friction Drives 

Belt, steel band, or rope around drum, fastened to driving and driven mem- 
bers; sprocket-wheels and chain can replace drum and belt 

Gears 

Rocks, )I[ Rocks, 

Racks and coupled pinions (can be substituted 
by friction surfaces for low-cost setup) 
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9 More Ways to Change 
Straig ht-Line Direction 
These devices, using gears, cams, pistons, and solenoids, supplement similar 
arrangements employing linkages, slides, friction drives, and gears, shown. 

Federico Strasser 

identical ]I[ 
/ rocks \, 

0 
Axial screw with rack-actuated gear (A) and articulated driving rod (B) 
are both irreversible movements, Le. driver must always drive. 

Rack-actuated gear with associated 
bevel gears is  reversible. 

- 
Articulated rod on crank-type gear 
with rack driver. Action is re- 
stricted to comparatively short 
movements. 

0 
Cam and springloaded fol lower allow input/output ratio to be 
varied according to cam rise. Movement i s  usually irreversible. 
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- 
Sliding wedge is similar to  previous example 
but requires spring-loaded follower; also, low 
friction is less essential with roller follower. 

Offset dr iver  actuates driven member by wedge 
action. Lubrication and low coefficient of fric- 
tion help to allow max offset. 

Pneumatic cylinder 

/ 

3 
Fluid  coupling is simple, allows motion to be 
transmitted through any angle. Leak problems 
and accurate piston-fitting can make method 
more expensive than it appears to  be. Also, 
although action is reversible i t  must always 
be a compressive one for best results. 

Pneumatic system with two-way valve is ideal 
when only two extreme positions a re  required. 
Action is irreversible. Speed of driven member 
can be adjusted by controlling input of air to 
cylinder. 

I Auxijliary 
switches\, 

Solenoids and two-way switch are here 
arranged in analogous device to previous 
example. Contact to energized solenoid 
is broken at end of stroke. Again, action 
is irreversible. 

sw"ch' Y 
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Shape of Pin-Connected Linkages 
For symmetrical arrangements with 4 or 5 links. 

Philip 0. Potts & R. T. Liddicoat 

F r e e l y  hanging conveyor-parts, special-purpose sus- 
pensions and hinged linkages are examples of some 
mechanical arrangements that can be analyzed quickly 
by the chart on the continuing page. I t  has been 
designed specifically to find the equilibrium shape of 
4- or 5-member assemblies (sketched bclow) . W h e n  
their weights, link lengths, and spans are changed, their 
angles u and /3 will change too. 

T h e  chart finds these angles for various combinations 
of wcights, spans, or link lengths. I t  plots the cqua- 
tions: 

= 2 sin a + 2 sin 6 
m = 1 + (2 sin CY + 2 sin a) 

Q2 + I  -- - -  tan a 
tan B QI 

These are for a practical rangc of n and m, W and Q, 
up to 90" and 70" for u and /3 respectively. The equa- 
tions are derived from the geometry of the mechanism 
and a "virtual work" principle, and where the tangent 
curves and sine curves intersect are values for u and B. 

Equilibrium shape . . . 
of hanging, pin-connected linkages depends on weight ratio 
and link-lengths. Symmetrical weights, and equi-length links 

Since equations for the two linkages are similar, any 
tangent curve hoMs lor  a value of Q,/Ql that is twice 
W,/W,, and any sine curve holds for a value of n 
that is one less than m. 

Example: In a 4-link system, the span is 3L; W, loads 
are twice W,. Follow the sine curve for 11 = 3, and 
the tangent curve for W,/W, = 2. They intersect a t  
u = 73", /3 = 33".  If the system had 5 links, the same 
angles would be read for a span length of 4L and a load 
ratio of Q,/Ql = 4. 

Results can also be determined in reverse-if a certain 
shape or position of a linkage is needed, the necessary 
loading or span to give required angles can be read 
directly from the chart. Also, the linkages may be 
oriented in any direction as long as links are in tension 
and loads are perpendicular to span. Forces produced 
by other means than gravity may be substituted for 
weights. 

Link weight may either be neglected or assumed 
added into W or Q: n is any positive quantity between 
0 and 4; m is any positive quantity between 1 and 5. 

in relation to span length are assumed in analytic method 
described here. 
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I 
33 

r’0 30 40 50 70 
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Seven Popular Types 
of Three-Dimensional Drives 
Main advantage of three-dimensional drives is their ability to transit motion 
between nonparallel shafts. They can also generate other types of helpful 
motion. With this roundup are descriptions of industrial applications. 

Dr. W. Meyer Zur Capellen 

c 

The Spherical Crank 

2 spherical-slide oscillator 
The two-dimensional slider crank is obtained from a 

4-bar linkage by making the oscillating arm infinitely long. 
By making an analogous ohange in the spherical crank, 
you can obtain ,the spherical slider crank shown at right. 

The uniform rotation of input shaft I is transferred 
into a nonuniform oscillating or rotating motion of out- 
put shaft 111. Thesc shafts intcrsect at an anglc S corre- 
sponding to the frame link 4 of the spherical crank. Anglc 
y corrcsponds to length of link 1. Axis I1 is at right angle 
to axis 111. 

The output oscillates when y is smaller than 6; the out- 
put rotates whcn y is larger than 6. 

Relation bctween input angle a and output angle P is 
(as dcsignatcd in skewed Hook's joint, below) 

(tan r)(sin a) 
sin 6 + (tan ?)(cos S)(COS a) 

t a n p =  . 

1 spherical crank drive 
This type of drive is the basis for most 3-D linkages, 

much as the common 4-bar linkage is the basis for the 
two-dimensional field. Both mechanisms operate on sim- 
ilar principles. (In the accompanying sketches, a is the 
input angle, and /3 the output angle. This notation has 
been used throughout the article.) 

In the 4-bar linkage, the rotary motion of driving crank 
1 is transformed into an oscillating motion of output 
link 3.  If the fixed link is made the shortest of all, then 
you have a double-crank mechanism, in which both the 
driving and driven memnbers make full rotations. 

In the spherical crank drive, link 1 is the input, link 3 
the output. ?lie axes of rotation intersect a t  point 0; 
the lines connecting AB, BC, CD and DA can be thought 
of as part of great circles of a sphere. The length of the 
link is best represented by angles a, b, c and d. 
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Dough - Kneading Mechanism 

This variation of the spherical crank is often used where 
an almost linear relation is desired between input and out- 
put angles for a large part of thc motion cycle. 

The equation defining the output in terms of the 
input can be obtained from the above equation by making 
S = 90". T~ILIS sin S = 1, cos 6 = 0, and 

tan ,5 =tan ra inrr  

The principle of the skewed Hook's joint has been 

3 skewed 
hook's 
joint 

recently applied to the drive of a washing machine (see 
sketch at left). 

Here, the driveshaft drives the worm wheel 1 which 
has a crank fashioned at an angle 7.  The crank rides 
between two plates and causes the output shaft I11 to 
oscillate in accordance with the equation above. 

The dough-kneading mechanism at right is also based 
on the Hook's joint, but utilizes the path of link 2 to give 
a wobbling motion that kneads dough in the tank. 

c 0 ._ 

L 

c 
a a 

0 180 3 
Input rotation a ,  de9 

input-output relationship 

4 the universal joint 
The universal joint is a variation of the spherical-slide 

oscillator, but with angle y = 90". This drive provides a 
totally rotating output and can be operated as a pair, as 
shown above. 

Equation rclating input with output for a single uni- 

versal joint, where 6 is angle between connecting link and 
shaft I: 

tan fl  = tan a COS 6 

Output motion is pulsating (see curve) unless the 
joints are operated as pairs to provide a uniform motion. 
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5 the 3-D crank slide 
The three-dimensional crank slide is a variation of a 

plane crank slide (see sketch), with a ball point through 
which link g always slides, while a point B on link g de- 
scribes a circle. A 3-D crank is obtained from this mech- 
anism by making output shaft I11 not normal to the 
plane of the circle; another way is to make shafts I and I11 
nonparallel. 

A practical variation of the 3-D crank slide is the agi- 
tator mechanism (right). As input gear I rotates, link g 
swivels around (and also lifts) shaft 111. Hence, vertical 
link has both an oscillating rotary motion and a sinusoidal 

m 

Agi ta tor  Mechanism 

harmonic translation in the direction of its axis OE rotation. 
The link performs what is essentially a screw motion in 
each cycle. 

6 the elliptical slide 
The output motion, p, of a spherical slide oscillator, 

p x - i z ,  can be duplicated by means of a two-dimensional 
“elliptical slide.” The mechanism has a link g which 
slides through a pivot point D and is fastened to a point 
P moving along an elliptical path. The ellipse can be 
generated by a Cardan drive, which is a planetary gear 
system with the planet gear half the diameter of the inter- 
nal gear. The center of the planet, point M, describes a 
circle; any point on its periphery describes a straight line, 
and any point in between, such as point P, describes an 
ellipse. 

There are certain relationships betwcen the dimensions 
of the 3-D spherical slide and the 2-D elliptical slide: 
tan y/sin 6 = a/d and tan r/cot 6 = b/d, where a is the 
major half-axis, b the minor half-axis of the ellipse, and d 
is the length of the fixed link DN. The minor axis lies 
along this link. 

If point D is moved within the ellipse, a completely 
rotating output is obtained, corresponding to the rotating 
spherical crank slide. 

The El l ipt ical  Slide 
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Cronk 

( A I  Basic Configuration 

(B) Its Inversion 

7 the space crank 
Onc of the most recent developments in 3-D linlagcs 

is the space crank shown in (A) scc also PIC-"Introduc- 
ing the Space Crank-a New 3-D Mechanism," Mar 2 '59. 
I t  rcsembles the spherical crank discussed on page 
76, but has different output characteristics. Relationship 
between input and output displaccments is: 

Velocity ratio is: 
W" 

wi 
tan y sin a __ 

1 + tan y cos a cot p 
--.. = _- 

\vlICrc w,, is thc output 1-clocit); and wi is thc constant 
input velocity. 

An inversion of the space crank is shown in (B) .  I t  
can couple intersecting shafts, and permits either shaft 
to be driven with full rotations. Motion is transmitted 
up to 37-5" misalignment. 

By combining two inversions, (C)  , a method for trans- 
mitting an exact motion pattern around a 90" bend is 
obtained. This unit can also act as a coupler or, if the 
center link is replaced by a gear, it can drive two output 
shafts; in addition, i t  can l x  used to transmit uniform 
motion around two bcnds. 
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Transmission Linkaaes 
for Multiplying ShoTt Motions 

THE ACCOMPANYING SKETCHES show are designed to multiply the move- tions. These patented transmissions de- 
typical mechanisms for multiplying ments of diaphragms or bellows, the pend on cams, sector gears and pinions, 
short linear motions, usually converting same or similar constructions have pos- levers and cranks, cord or chain, spiral 
the linear motion into rotation. Al- sible applications wherever it is re- or screw feed, magnetic attraction, or 
though the particular mechanisms shown quired to obtain greatly multiplied mo- combinations of these devices. 

S h a f t  rofafed by 
diaphragm fhrusf on 
adjusfab/e bal/ head 
screw 

\ 

\ Counierwe 

cam on polnier 
shaff ---- 

Pin on s h a f f  Poinfer shafi  

FIG. 2 - Lever and cam drive jar tire gage 

FIG. 3 - Lever and sector gear in difjerenlial pressure gage FIG. 5 - Lever, cam and cord transmission in barometer 
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FIG. 6 - Link und chuin transmission 
for  rate of climb instrument 

ii 
1 3 w 3  I 
Pressure ‘Sucfion 

FIG. 7 - Lever system in automobile FIG. 8 - Interferitag magnetic fields 
for fliiid Pressure measurement gusoline tank gage 

FIG. 9 - Leuer system lor atmospheric pressure variations 

Poin fer 
coun terweigh f, 

transmission for  draft gage 

FIG. 11 - TopgIe and cord drive lor / h i d  pressure instrument 

, 

Diaphragm u 
FIG. 12 - Spiral feed transmission for general purpose instrument 
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Power Thrust Linkages 
and Their Applications 

POWERED STRAIGHT LINE MOTION over 
short distances is applicable to many 
types of machines or devices for per- 
forming specialized services. These mo- 
tions can be produced by a steam, pneu- 
matic or hydraulic cylinder, or by a 
self-contained electric powered unit 
such as the General Electric Thrustors 
shown herewith. These Thrustors may 
be actuated manually by pushbuttons, 
or automatically by mechanical devices 
or the photo-electric relay as with a 
door opener. These illustrations will 
suggest many other arrangements. 

Fig. 1-Transfermotion to distant point. 
Fig. 2-Double throw by momentary 
applications. 
Fig. %Trammel plate divides effort 
and changes directions of motion. 

Fig. 4-Constant thrust toggle. Pres- 
sure is same at all points of throw. 
Fig. 5-Multiplying motion, 6 to 1, 
might be used for screen shift. 
Fig. &Bell crank and toggle may he 
applied in embossing press, extruder 
or die-caster. 
Fig. 7-Horizontal pull used for clay 
pigeon traps, hopper trips, and sliding 
elements with spring or counterweighted 
return. 
Fig. &Shipper rod for multiple and 
distant operation as series of valves. 
Fig. %Door opener. Upthrust of heli- 
cal racks rotates gear and arm. 
Fig. l c h c c e l e r a t e d  motion by shape 
of cam such as on a forging hammer. 
Fig. 11-Intermittent lift as applied to 
lifting pipe from well. 
Fig. 12-Straight-line motion multi- 
plied by pinion and racks. 

Fig. 13-Rotary motion with cylin- 
drical cam. Operates gate on conveyor 
belt. 
Fig. 1 6 T h r u s t  motions and “dwells” 
regulated by cam. 
Fig. 15-Four positive positions with 
two Thrustors. 
Fig. 16-Toggle increasing thrust at 
right angle. 
Fig. 17-Horizontal straight-line mo- 
tion as applied to a door opener. 
Fig. 18-Thrusts in three directions 
with two Thrustors. 
Fig. 19-Fast rotary motion using 
step screw and nut. 
Fig. 204nterrni t tent  rotary motion. 
Operated by successive pushing of op- 
erating button, either manually or auto- 
matically. 
Fig. 21-Powerful rotary motion with 
worm driven by rack and pinion. 

FIG.4 

U 

FIG. 8 
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FIG.9  

fi 
. .  

FI G.15 

B 

FIG. 18 

W///////////////k 
FIG. IO 

FIG.16  

FlG.19 F I G . 2 0  F I G . 2 1  
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I 1  
1 ;  

Fig 4 1 ;  
I t  

Toggle Linkage Applications 
in Different Mechanisms 
Thomas P. Goodman 

MANY MECHANICAL LINKAGES are based on the simple toggle which 
consists of two links that tend to line-up in a straight line at one point in 
their motion. The mechanical advantage is the velocity ratio of the input 
point A to the output point E: or VA/VB.  As the angle a approaches 90 
deg, the links come into toggle and the mechanical advantage and velociry 
ratio both approach infinity. However, frictional effects reduce the forces 
to much less than infinity although still quite high. 

Fig 2 IA' d x IB' 

FORCES CAN BE APPLIED through other iinks, 
and need not be perpendicular to each other. (A) 
One toggle link can be attached to another link 
rather than to a fixed point or slider. (B) Two 
toggle links can come into toggle by lining up on 
top of each other rather than as an extension of 
each other. Resisting force can be a spring force. 
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HIGH V E L O C I T Y  R A T I O  
7’ 

4 
DOOR CHECK LINKAGE gives a 
high velocity ratio at one point in the 
stroke. As the door swings closed, con- 
necting link I comes into toggle with 
the shock absorber arm 11, giving it a 
large angular velocity. Thus, the shock 
absorber is more effective retarding 
motion near the closed position. \ 

\ IMPACT REDUCER used on some 
large circuit breakers. Crank I rotate5 
at constant velocity while lower crank 
moves slowly at the beginning and end 
of the stroke. It moves rapidly at the 
mid stroke when arm I1 and link 111 
are in toggle. Falling weight absorbs 
energy and returns it to the system 

\ 

/--. .( \  

‘.-/ 
Fig 9 

\ 

‘,Shock ( w ) ‘\\ ahswber 
pos~t,un 

Fig 8 3.. 
----I4 

5 6  when it slows down. 

V A R I A B L E  M E C H A N I C A L  A D V A N T A G E  ~ 

Fig 10 

TOASTER SWITCH uses an increasing 
mechanical advantage to aid in compressing 
a spring. In the closed position, spring holds 
contacts closed and the operating lever in the 
down position. As the lever is moved upward, 
the spring is compressed and comes into toggle 
with both the contact arm and the lever. Little 
effort is required to move the links through the 
toggle position; beyond this point, the spring 
snap5 the contacts closed. 

Differentiul 

/ / I  0 , 1 1 1  \ \ \  0 \ \ \ . \ \ I  

O D  

Uwcr plate - Lower plate 

Ifand 
#heel 

Fig / I  

TOGGLE PRESS has an increasing mechanical 
advantage to counteract the resistance of the mate- 
rial Ix;ng compressed. Rotating handwheel with 
differential screw moves nuts A and B together 
and links I and I1 are brought into toggle. 

Fig I2 

FOUR-BAR LINKAGES can be altered to give 
variable velocity ratio (or mechanical advan- 
rage). (A) Since the cranks I and I1 both come 
into toggle with the connecting link 111 at the 
same time, there is no mechanical advantage. 
(B) Increasing the length of link I11 gives an 
increased mechanical advantage between posi- 
tions I and 2, since crank I and connecting link 
111 are near toggle. (C) Placing one pivot at the 

creasing the center distance puts crank I1 and 
link 111 near toggle at position 1; crank I and 
link 111 approach toggle position at 4. 

\ 
\ 

\ \\ left produces similar effects as in (B). (D) In- . 
IB) ‘ - - - 1 + - ~ 4  

3 - -- Piston -- 
Riveter heud // /[- Fig I3 I -  -- 
IO slide 

RIVETING MACHINE having a reciprocating pis- 
ton produces high mechanical advantage with the 
linkage shown. With a constant piston driving 
force, the force of the head increases to a maximum 
value when links I1 and 111 come into toggle. 
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When Linkages 
Need Harmonic Analysis 
Feeding the working equation into a computer provided the handy table 
that accompanies this article. Now you'll find it easier to perform the 
harmonic analysis needed for efficient crank-and-rocker mechanisms. 

Dr. Ferdinand Freudenstein & K. Mohan 

T h e  proportions of linkages can be determined readily 
cnough by graphical methods. But  when you have to know 
how these proportions affect the  higher harmonics and 
inertia forces, complex analytical methods are very useful. 

Equations for harmonic analysis of the general crank- 
and-rocker linkage wcre dcvcloped (by author Freuden- 
stein) in Journal of Applied Mechanics, Dec '59, p 673. 
Those equations cstablished proccdures for thc calculation 
of various coefficicnts and tcrms nccded to dcteriiiinc 
whctlicr a givcn mcclianism has significant ovcrtoncs. 

But  thosc cquations still rcquiic considerable computa- 
tions. Becausc cr,iiik-and-rockcr iiicchanisms arc inipor- 
tail t in  thc clcsign of high-spcccl inacliincry, wc carricd 
thc work a stcp furthcr by pr~igramiiig on an IBM 650 
computer thc  following: 

Working equation for output angle: 

(-tan&)m co W 

sin m C$ - __ sin u cos 4 - 4 $ = I < +  z 
m-1 (-m) 

sin IL 
m 
z -  (C",...I - C,,,) cos ??Z 

,,,-I 4m 

I t  was with this equation that we obtained the tablc 
that accompanies this article. 

T h e  rotation of rocker or output link (sce diagram) 
li'is bcen cxpresscd as a Fouricr Serics in tcrms of the 
input-crank rotation anglc 4, and the  proportions of the  
linkage arc givcn in tcinis of a design pmiiicter 11. This 
p m m c t c r  is thc ~nasiiiiiiiii wliic of tllc "prcssiirc nnglc," 
which in thc diagram is the absolute value of angle BCII 

SYMBOLS 

AQ = acceleration of gyro 
a,,, 
b, 
e,,, 

d,,, 

fn 

F,, = maximum inertia force, Ib 
C 
K 
01 = variable'defined by equations 
u = pressure angle, degrees 

4 
$ 
T~ 
Subscripts, 1,2,3. '. . m refer to theorder number of the 
harmonic; for exam le, mth harmonic; note that m ia ala0 
used as a factor in &e equations. Angular values, shown 
in radians, can be converted to degrees by multiplying 
by 57.3. 

= amplitude of mth sine series term, radians 
= amplitude of mth cos series term, radians 
= amplitude of mth harmonic of rocker motion, 

= amplitude ratio, mth to 1st harmonic of rocker 

= amplitude ratio, rnth to 1st harmonic of slider- 

radians 

motion 

crank motion 

= variables defined by eqwtions 
= a constant in the Fourier Series 

= maximum output rotation, degrees 
= input angle (drive crank) - output angle (driven link) 
= pitch radius of gwr in example, in. 

secjr 

A Fixed lin, 
Cronk-ond: Rocker Mechanism for 

High-speed Operation 



Linkage 

1 0.087490 -0.087131 0.123479 1.000000 0.000000 
2 -0.003827 0.000000 0.003827 0.030993 0.030944 
3 0.000223 -0,000111 0.000249 0.002017 -0.000000 

~ 4 -0.oooO15 . . . . . . . .  O.oooO15 0.000121 O.ooOo30 
5 O.OOOOO1 . . . . . . . .  O.OooOO1 0.000008 ........ 
6 . . . . . . . .  . . . _ . . . _  . . . . . . . .  . . . . . . . .  . ....... 
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Harmonics of certain crank-and-rocker linkages 
I 

I 

m a, b, Em dm fm 

Case 1: u = 5, R$ = 7.073315 

1 0.043660 -0.043641 0.061733 1.000000 0.000000 
2 -0.000953 0.000000 0.000953 0.015437 0.015427 
3 O.ooOo28 -0.oooO14 O.ooOo31 0.005022 0.000000 
4 -0.OOOOO1 0.00oooO 0.000001 O.ooOo12 0.000004 
5 . . . . . . . .  . . . . . . . .  . . . . . . . .  . . . . . . . .  ........ 
6 . . . . . . . .  . . . . . . . .  . . . . . . . .  . . . . . . . .  . . . . . . . .  

Case 2 u = 10, RJ, = 14.160203 

I 

1 0.131650 -0.130551 0.185405 1.000000 0.000000 
2 -0.008666 0.000000 0.008666 0.046741 0.046531 
3 0.000760 -0.000375 0.001000 0.005394 0.000000 
4 -0.oooO75 0.000000 O.ooOo75 0.000405 0.000101 
5 0.000008 -0.000003 O.ooo008 O.ooOo43 ........ 
6 -0.OOOOO1 0.000000 0.000001 0.000005 . . . _ . . . .  
Case 4: u = 20, RJ, = 28.431708 

1 0.176330 -0.173616 0.247458 1.000000 0.000000 
2 -0.015546 0.000000 0.015546 0.062823 0.062318 
3 0.001827 -0.000892 0.002000 0.008082 0.000000 
4 -0.000242 0.000000 0.000242 0.000978 0.000242 
5 O.ooOo34 -0.ooOo12 O.ooOo36 0.000145 0.000000 
6 -0.000005 0.000000 0.000005 O.ooOo20 0.000002 

Case 5 u = 25, RI) = 35.647729 

1 0.221690 -0.216365 0.309774 1.000000 0.000000 
2 -0.024573 0.000000 0.024573 0.079326 0.078367 
3 0.003632 -0.001750 0.004000 0.012913 0.000000 
4 -0.000604 0.000000 O.oo0604 0.001950 0.000479 
5 0.000107 -0.oooO38 0.000114 0.000368 0.00000C 
6 -0.ooOo20 0.000000 O.ooOo20 0.000065 0.000005 

Case 6: u = 30, RI) = 42.941404 

1 0.267950 -0.258654 0.372423 1.000000 0.00000C 
2 -0.035898 0.000000 0.035898 0.096390 0.094741 
3 0.006413 -0.003037 0.007071 0.018987 0.00000C 
4 -0.001289 0.000000 0.001289 0.003461 0.00084 
5 0.000276 -0.oooO96 0.000292 0.000784 0.00000C 
6 -0.000062 0.000000 0.000062 O.ooO166 O.ooOOl? 

a m  b, Cm d m  fm 

ise 7: u = 35, RJ, = 50.334529 

0.315300 -0.300351 0.435460 1.000000 0.000000 
-0.049707 0.000000 0.049707 0.114153 0.111509 
0.010448 -0.004843 0.011489 0.026384 0.000000 

-0.002471 0.000000 0.002471 0.005674 0.001364 
0,000623 -0.000210 0.000657 0.001509 0.000000 

-0.000164 0.000000 0.000164 0.000377 O.ooOo27 

:ase 8: u = 40, RI) = 57.853304 

0.363970 -0.341265 0.498935 1.000000 0.000000 
! -0.066237 0.000000 0.066237 0.132757 0.128740 
I 0.016072 -0.007244 0.017607 0.035289 0.000000 
i -0.004387 0.000000 0.004387 0.008793 0.002077 
i 0.001277 -0.000408 0.001414 0.002834 0.000000 
1 -0.000388 0.0000M) 0.000388 0.000778 O.ooOo52 

Ease 9 u = 45, RJ, = 65.530207 

I 0.414210 -0.381196 0.562920 1.000000 0 . m  
1 -0.08985 0.000000 0.085785 0.152392 0.146547 
I 0.023689 -0.010303 0.025826 0.045879 0 . m  
I -0.007359 0.000000 0.007359 0.013073 0.003019 

!I -0.000842 0.000000 0.000842 0.001496 O.ooOo91 
i 0.002439 -0.000724 0.002646 0.004700 0.00000C 

Ease 1 0  u = 50, R# = 73.406779 
~~ ~ ~~~ 

I 0.466310 -0.419839 0.627463 1.000000 0.- 
2 -0.108723 0.000000 0.108723 0.173274 0.164951 
3 0.033799 -0.014039 0.036592 0.058318 0 . m  
4 -0.011821 0.000000 0.011821 0.018839 0.0042Z 
5 0.004410 -0.001190 0.004472 0.007127 0.- 
5 -0.001714 0.000000 0.001714 0.002732 0.000145 

Case 11: u - 55, R I)= 81.538039 

1 0.520570 -0.456870 0.692620 1.000000 0.- 
2 -0,135496 0.000000 0.135496 0.195628 0.18407! 
3 0.047024 -0.018417 0.050498 0.072908 0.- 
4 -0.018359 0.000000 0.018359 0.026507 0.00573; 
5 0.007646 -0.001824 0.007810 0.011277 0.- 
6 -0.003317 0.000000 0.003317 0.004789 0.00023: 
~~~~~~~~~~~~~~~~ ~ 

Case 1 2  u = 60, R$ = 90.00000 

1 0.577350 -0.491515 0.758235 1.000000 0.000001 
2 -0.166667 0.000000 0.166667 0.219810 0.20401: 
3 0.064150 -0.023280 0.068242 0.090001 0 . m  
4 -0.027778 0.000000 0.027778 0.036635 0.00759: 
5 0.012830 -0.002619 0.013115 0.017890 0.00000( 
6 -0.006173 0.000000 0.006173 0.008141 0.00034( 

PROPORTIONS OF CRANK-AND-ROCKER LINKAGES 

Case 
1 
2 
3 
4 
5 
6 
7 
8 
9 
10 
1 1  
12 

U 

5 
10 
15 
20 
25 
30 
35 
40 
45 
50 
55 
60 

AB/AD 
0.04366 
0.08749 
0.13165 
0.17633 
0.221 69 
0.26795 
0.31530 
0.36397 
0.41421 
0.46631 
0.52057 
0.57735 

BC/AD = CD/AD 
0.707836 
0.709887 
0.713282 
0.71 8091 
0.724385 
0.732164 
0.741 499 
0.752602 
0.765473 
0.780324 
0.797297 
0.816604 
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C 

In-Lme Sllder Crank 

minus 90".  The ideal prcssure angle is zcro, but in prac- 
ticc it is Iicld to within a prescribcd limit. Values of u 
from 5 to 60" in incremcnts of 5 arc gi\cii in thc tablc 
with tthc corrcsponding values of R,, thc ma~imum output 
rotation in dcgrccs. 

The otlicr tcrms in tlic working cquation arc dcfincd by 
the following mathematical rclationships, and thcy clctcr- 
minc thc vxious amplituclcs and ratios shown 111 thc tal~lc. 

Equation for 1st harmonic 

Cs = LYE + 8Cs . . . 
Cd = a4 + 6Ce - 2OCa . . . 
Cz = cuz + 4C4 - 9Ce + 16Cs . . . 
c.? = 1 +c*-c4+cB-c*. . . . .  
C i  = (m oddj = 0- 

The working cquation for output anglc can be exprcssed 
in tlic following forms: 

m 

m-1 

m 

$ = I< + I: (a, sin m+ f b, cos m+) 

+ = K + I: c, sin (m+ + 
m-1 

whicli give us thc following: 
m 

$ = K + CI z d,, sin (ni+ + +,,,) 
Ill-1 

wlicr c 
a, = (-tan$u)m/(-m) 
b~ = - i sin u (2C. - C,) 
b, (m even) = 0 

c, = daam + b2,; cos +,,, = am/c, 
d m  = Cm/C1 

In-line slider-crank mechanism 

Equation above for the first harmonic can be compared 
with the corresponding cquation in the harmonic analysis 
of an in-line slider-crank mechanism (diagram above) taken 
from Engineering Dynamics-Vol IV-Internal Combus- 
tion Engines, by C. B. Biezeno and R. Grammel, 

Pinion 

R 

roble f 
Cronk-ond-Rocker For Gyro Shake Toble 

translated by hl. P. Wliitc, Rlackic and Son Ltd, London, 
p 6, Eq ( 5 )  and ( 6 ) :  

aD 

tI&-1 
X = X .  + el 2 f,sinm+ 

whcrc X is tlic slidcr displaccmcnt and c, and f,,, corre- 
spond to c1 and d., in the cquation for the first harmonic. 

Thc valuc of tlic link Icngtli ratio AR/BC for thc in-linc 

HARMONIC ANALYSIS OF HIGH-SPEED MACHINERY 
What is meant by "harmonic analysis"? It covers 

determination of resonant speeds, the seventy of passing 
through various speed ranges (including resonant Speed), 
and magnitude of the inertia forces. Such analysis will 
tell you how to design for efficient operation at high 
speeds and how to avoid undue resonance disturbances. 

To determine these factors it is useful to express the 
motion in a Fourier Series-in other words, to express it 
in a series of harmonics of the form: 

Y = 5 + C s l S i n ( W t  +&) +atsin (2 w t  +&I + 
+&la- b u t  + 4n) + * * * 

Here, Y represents the motion to be analyzed, K = 
a constant, am = amplitude of mth harmonic, w = 
angular velocity, t = time-so that % represents *, an 
angular displacement as a function of time. The term 
al sin (ut + +,) is the first harmonic or fundamental 
The other terms are the higher harmonics (like overtones 
in the musical field. 

The harmonics of a given motion are used in the 
determination of the significance of resonant speeds and 
the corresponding inertia forces, which are proportional 
to the second derivative of Y. Higher harmonics are 
often neglected, as sometimes in connecting-rod motion 
of internal combustion engines. For complex motions 
as in crank-and-rocker mechanisms, the higher harmonics 
must be evaluated because the resulting amplitudes can be 
of greater significance. In these higher harmonics the 
associated critical speed is usually taken to be mwt, 
radians/sec. In some high-speed cam applications, har- 
monics as high as the 20th have been considered sig- 
nificant. 

* 



slider-crank should be identical to the link length ratio 
AB/BC for the crank-and-rocker. On this basis the tabular 
data include values for d, and f, which can be used to 
compare these ratios for the two types of mechanisms. 

For small values of the maximum pressure anglc u, the 
in-line slider-crank has practically the same value of har- 
monic amplitudes as the crank-and-rocker for even har- 
monics; but the slider-crank values are slightly lower. 

As pressure angle increases, the slider-crank values bc- 
come progressively lower than crank-and-rocker values. 
Thus, at  a pressure angle of 30", d, and f2 differ by ap- 
proximately 1.7%; while a t  60" the difference is approxi- 
mately 8%. 

The  ratio of 2nd to 1st harmonic amplitude, and 3rd 
to 1st harmonic amplitude can be significant in high-speed 
operation, as the following ratios show: 

C& (30") = 9.639 da (60" = 21.981% 
ds (30") = 1 . 9 0 2  Q (60°] = 9.0% 

As a guide, it would secm reasonzble to limit the maxi- 
mum pressure angle to 30" or less in high-spced applica- 
tions, and to 45" or less for moderate speeds; also 60" 
usually can be useful eventually only in low-speed and 
light-duty instrument drives. 

The  range R, is approximately proportional to the 
pressure angle with the "constant" of proportionality vary- 
ing between 1.41 and 1.50. The  ratios d,, e,,,, amplitudes 
and the link length ratio AB/AD also appear to be ap- 
proximately linear with the pressurc angle-at least suffi- 
ciently so for qualitative estimates. Accurate values, how- 
ever, can be calculated from the table. 

Example 

Analyze the harmonics of a shake table (sketch, p 49) for 
tcsting gyroscopes and other devices. The proportions of 
the crank-and-rocker are selected for high-speed operation 
with maximum pressure angle of 25", the input crank 
rotates a t  10 rps, and the gyro weighs 8 oz. Find: 

(1 )  Proportions of the linkage; 
(2) Inertia force of the gyro due to the 2nd harmonic, 

compared with the 1st harmonic; 
( 3 )  Amplitude of the first three harmonics of the table 

motion. 

SOLUTION 

('1) From the table, a 25" pressure angle corresponds 
to Case 5 .  The proportions are B / A D  = 0.22169; BC/ 
ADCD/AD = 0.724385. If fixed link AD is 10 in., the 
driving crank AB is 2.217 in.; the coupler BC and the 
driven link CD are 7.244 in. each. 

( 2 )  The inertia force is equal to the mass of the gyro 
multiplied by its acceleration, and gyro acceleration is 
cqual to pitch radius r, of the gear multiplied by its angular 
acceleration. For the mth harmonic the gyro acceleration 
is 

Linkage 23-25 

Therefore maximum inertia force Fm.x due to mth  har- 
monic is: 

gyro weight (lb) 

If g = 356 in./sec', gyro weight = 0.5 lb, rp = 1 in., (-$) = 10 x 2r- rad 
sec. 

0.5 
386 Fmsx = - X 1 X (201~)~ X d ~ ,  

Taking m and c, from the table gives: 
1st harmonic in = 1; cm = 0.309774; F,, = 1.587 lb. 
2nd harmonic in = 2; cn = 0.024573; Fmax = 0.503 lb 

0 503 Ratio 2nd to 1st harmonic = - X 100=31.7% 1.587 
( 3 )  From thc table for Case 5 ,  the amplitudes of the 

first harmonics are given in the C, column as: 
el = 0.309774; = 0.023573; e, = 0.00400 radians 

Ratio of higher harmonics to the 1st harmonic can 
also be obtained from the d, column. For example, 

Ratio of amplitude of 2nd to 1st: (a,) = 0.079326 = 
7.9% 

Ratio of amplitude of 3rd to 1st: (d,) = 0.012913 = 
1.3% 

The significance of these values depends upon the par- 
ticular design requirements, as well as the number of 
decimal places you want to use. 

ACKNOWLEDGEMENTS: The authors are indebted to the Electronic 
Research loboratories of Columbia University for having made avail- 
able their computational facilities and to Mr. Sy Newmon for pro- 
groming help on the IBM 650 computer. 

A Q  = T, inz c,,, (%)tsin (m@ + +,,,) 
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Four-Bar Linkages and 
Ty pica I I n d us t r ia I Ap p I ica t ion s 
All mechanisms can be broken down into equivalent four-bar linkages. They can 
be thought of as the basic mechanisms and are useful in many mechanical operations. 

FOUR-BAR LINKAGE-Two cranks, a 
connecting rod and a line between the 
fixed centers of the cranks make up the 
basic four-bar linkage. Cranks can rn- 
tated if A is smaller than B or C or D. 
Link motion can be predicted. 

CRANK AND ROCKER - Following 
relations must hold for operation: 

B<D, and C--A+B>D. 
A+B+C>D; A+D+B>C; A+C- 

PARALLEL CRANK FOUR-BAR-Both 
cranks of the parallel crank four-bar link- 
age always turn at the same angular speed 
but they have two positions where the crank 
cannot be effective. They are used on loco- 
motive drivers. 

NON-PARALLEL EQUAL CRANK- 
The centrodes are formed as gears for 
passing dead center and can replace 
ellipticals. 

@T3 nn nn/n /n/7 8' 

n' 
C' 

DOUBLE PARALLEL CRANI-This mec- 
anism avoids dead center position by having 
two sets of cranks at 90 deg-advancement. 
Connecting rods are always pargel. Some- 
times used on driving wheels af locomo- 
tives. 

FOUR-BAR LINK WITH SLIDING 
MEMBER-One crank replaced by circular 
slot with effective crank distance of B. 

SLOW MOTION LINK-AS crank A 
is rotated upward it imparts motion to 
crank B. When A reaches dead center 
position, the angular velocity of crank 
B decreases to zero. This mechanism is 
used on the Corliss valve. 

PARALLEL CRANKS-Steam 
control linkage assures equal 
valve openings. 

TRAPAZOIDAL LINKAGKThis linkage 
is not used for complete rotation but can 
be used for special control. Inside moves 
through larger angle than outside with 
normals intersecting on extension of rear 
axle in cars. 

\ 

, 

DOUBLE PARALLEL CRANK MECHAN- 
ISM-This mechanism forms the basis for 
the universal drafting machine. 

ISOSCELES DRAG L I N K v L a z y -  WATT'S STRAIGHT-LINE MECHAN- 
Tong" device made of several isosceles 
links; used for movable lamp support. 

ISM-Point T describes line perpeadicu- 
lar to parallel position of cranks. 
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STRAIGHT SLIDING LINK-This is the 
form in which a slide is usually used to re- 
place a link. The line of centers and the 
crank B are both of infinite length. 

/ 

k! 
DRAG LINK-This linkage used as the 
drive for slotter machines. For com- 
plete rotation: B>ASD-C and B<D 
+C-A. 

ROTATING CRANK MECHANISM- 
This linkage is frequently used to 
change a rotary motion to swinging 
movement. 

NON-PARALLEL EQUAL CRANK-If ELLIPTICAL GEARS-They produce NON-PARALLEL EQUAL CRANK- 
crank A has uniform angular speed, B will same motion as non-parallel equal Same as first but with crossover points 
=Ye cranks. on link ends. 

TREADLE 
linkage is -... I - ,  
wheels and sewing machines. by using D-shaped portion of top curve. H must always intersect at a common point. 

DRIVE-This four-bar DOUBLE LEVER MECHANISM-Slewing PANTOGRAPH-The pantograph is a par- 
used in drivine erind- crane can move load in horizontal direction alleloeram in which lines throueh F. G and 

ROBERTS STRAIGHT-LINE MECH- 
ANISM-The lengths of cranks A and 
B should not be less than 0.6 D ;  C is 
one half D. 

TCHEBICWEFFS-Links made in pro- 
portion: AB=CD=20, AD=16, BC=8. 

PEUCELLIERS CELL - When propor- 
tioned as shown, the tracing point T forms 
a straight line perpendicular to the axis. 
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Four-Bar Power Linkages 
With large forces or high speeds, the transmission angle becomes 
highly important. These new German charts simplify design. 

J. Volmer & Preben W. Jensen 

HE most common function of a T four-bar linkage is transforming 
rotary motion into oscillating motion. 
Frequently, in such applications, a 
large force must be transmitted, or 
force must be converted at high speed. 
it is then that a factor called the 
force-transmission angle becomes of 
paramount importance. 

The force-transmission angle, angle 
p in Fig 1, is comparable to the pres- 
sure angle in cams. For best results, 
p should be as close to 90 deg as 
possible during the entire rotation of 
the crank. This will reduce bending 
in the linkages and will produce the 
most favorable force-transmission con- 
ditions. (When p becomes small, a 

large force is required to drive the 
rocker arm, and the force fluctuations 
increase.) 

The charts presented here make it 
easier to find the best force-transmis- 
sion linkage in a wide range of pos- 
sible selections. Four examples show 
how to apply the charts to a number. 

6 

Crank 

1. Four-bar linkage, (above) 
when operating as power-driving 
crank-and-rocker mechanism, 
should be designed with the 
force-transmission angle p as 
close to 90 deg as possible. 
Sketch at right shows its two 
dead-center positions with in- 
put and output requirements de- 
fined by e,, and y,,, respectively. 

A 
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Layout techniques 
For finding family of linkages which meet e,, and q,, requirements. Pin 
B of the linkages will lie somewhere along arc LE - but only one linkage 
of each family will have optimum transmission angle. 

L 

2. Where e,, is less than 180 deg. 

The linkage family 
When a four-bar power linkage is 

designed to operate, for example, as 
a quick-return mechanism, angular 
displacement of the output link (the 
rocker) is usually prescribed in rela- 
tionship to that of the input link (the 
crank). These angles are measured 
from the dead-center positions of the 
rocker (where the rocker reverses its 
direction of rotation). Thus, in Fig 1, 
$, is the angle between the two dead- 
center positions of the rocker, and Bo 
is the corresponding angle of the 
crank. Both angles are measured 
clockwise from the inside dead-center 
position, where crank and coupler are 
superimposed, to the outside dead- 
center position. 

When values are given for & and 
ea, and for the distance between 
centers, A&,, a family of linkages that 
meets these conditions can be evolved 
by a graphical method developed 

some years ago by H. Alt. His 
method, illustrated in Fig 2, is the first 
phase of the design procedure: 

1) Lay out the line of centers, A&,. 
2) Construct angles 0,/2 with center 

at A, and $/2 with center at  Bo. Both 
angles are measured in the same di- 
rection. This locates point R. 

3) Draw MJM,, the perpendicular 
bisector of Ad?. Locate point Ma. 
4) Draw circles K, and K, through 

point R with Ma and M ,  as centers, 
respectively. 

5 )  On circle Ka make RL = AJ3 
and connect point L with Bo to locate 
point E on circle K,. 

6) Choose any point on the circular 
arc LE as point B, which is the center 
of the moving joint. This will be one 
of a family of linkages. 

7) Construct line A b  to intersect 
circle K,. This locates crank pivot 
point A, thus defining all dimensions 
of the required four-bar linkage. 

This method, however, stops short 
of determining which of all possible 
mechanisms obtained from the con- 
struction is the best power linkage. 

Transmission angles 
The question is, which linkage, 

from the above family, has pmln closest 
to 90 deg. Since angle p can be either 
smaller or larger than 90 deg, it is use- 
ful to define it as the angle between 
AB and BBo-or between the exten- 
sion of line A B  and BB,. Thus p is 
always taken as p 90 deg. For 
example, if p = 120 deg, it is taken 
as p = 60 deg; a linkage in which 
p varies from 75 deg to  120 deg 
= 60 deg) is more desirable than a 
linkage where p varies from 45 deg 
to 90 deg (p,,,,,, = 45 deg). 

The design charts 
Previous investigations carried out 

by the first-mentioned author, J. Vol- 
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mer, have shown how to find the 
crank positions where p is minimum. 
For 8, < 180 deg, pmln occurs when 
crank pin A is at A, (see Fig 2);  for 
8, > 180 deg when A is at A,, see Fig 
3; when 8, = 180 deg the minima of 
p at  A,  and A, are equal (see Fig 4). 
The linkage with 8, = 180 deg is 
called a centric crank-and-rocker 
mechanism. 

Recently the second author, Preben 
W. Jensen, showed that among the 
family of linkages with given angles 
8, and &, the optimum linkage can be 
determined with the aid of a chart 
originally published by H. Alt in Ver- 
ein Deutscher Ingenieure, Vol 85 
(1941) p 69. Alt’s chart, however, 
was not very exact. I t  has now been 
corrected and also completed for the 
whole range of angles 8, and $,,. The 
chart is shown in Fig 7. 

Here is how to use the chart to find 
the linkage with the largest p,,,,,, value 

from the linkage family in Fig 2: 
For the given values of 8, and t,h0, 

find the value for angle /3 from the 
chart (dashed lines). Angle /3 = 
angle A A a B o .  This locates point B 
and thus defines the mechanism. Read 
also the value for max pmln (solid 
lines). No better minimum trans- 
mission angle can be obtained for the 
given conditions-every other linkage 
for  the same dead-center angles pos- 
sess a lower value of p,,.. 

Interpolation can be employed be- 
tween the curves for p and pmIn. 
However, when more accurate values 
for  p are needed, use the equations 
(by assuming values for and d): 

d 

180 deg. 

sin -*io 2 sin (+ + 8 )  
- -  b 

d 
_ -  

c2 = (a+t)*+#-2(a+b)d cos /3 

where a = AA,, b = AB, c = BB,, 
and d = A$,. 

The design chart in Fig 6 is for the 
special case where 8, = 180 deg, and 
the chart in Fig 9 for the design of a 
slider crank mechanism. The follow- 
ing examples illustrate use of the three 
charts. 

Example I-Typical design 
The dead-center position construc- 

tion for 8, = 160 deg and I& = 40 
deg is shown in Fig 2. From the chart 
in Fig 7 find f i  = 50.5 deg and max 
p,,,!, = 32 deg. Although there is no 
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linkage with more favorable force 
transmission characteristics, a linkage 
with such a low minimum value of 
transmission angle is not capable of 
running at high speeds or transmitting 
great forces. 

Example 11-When 0, = +, + 180 deg 
are chosen so that 

8. = +, +180 deg at the dead-center 
position construction, then angle 
A P B ,  becomes a right angle, and cir- 
cle Ka degenerates into the line A$. 
Fig 5 shows the construction for 8, 
= 220 deg and +, = 40 deg. For all 
linkages within this family, the crank- 
pin center A coincides with point R, 
and line AJt extended beyond point 
L is the locus of point B, where A$ 
= RL. Therefore, angle ,3 is useless 
for finding the optimum linkage. 

To obtain this linkage, locate A, 
( A ,  A, = A J ) .  Draw circle t ,  with 
AIBO as the diameter, to intersect with 
a line from A, perpendicular to A&. 
This locates point B,. The required 
optimum linkage is AJJI,B,B,. Angle 
A&&, = max pmln. All mechanisms 
of this family lie on the diagonal 
dashed line in the chart, Fig 7. For 
this example, the chart shows that max 
pmln = 30 deg, and that ,3 = 70 deg. 

Example III-Centric linkage design 
The centric four-bar linkage where 

the crank angle rotates 180 deg be- 
tween the two dead center positions 
(8, = 180 deg) provides the greatest 

When 8, and 

amplitudes 6 of the rocker with most 
favorable transmission angle. How- 
ever, Fig 7 is not applicable for this 
case because it indicates that B = 
0 deg for any deePired rocker angle 
$,,. This means that the length of 
crank and rocker must be zero-a 
solution without practical significance. 
Thus, a second chart, Fig 6, is used. 
For example, if a total rocker dis- 
placement of +, = 90 deg is required, 
a mechanism with pmrn = 40 deg 
will be constructed with angle of ,3 
= 23 deg, and a mechanism with pml. 
= 30 deg with an angle of ,3 = 35 
deg. The dead-center position con- 
struction for this mechanism is shown 
in Fig 4. Here, other conditions can 
also be prescribed, for instance, a de- 
sired length of crank, rocker, or 
coupler. 

Example IV-Slider-crank 
mechanism 

For 6 = 0 deg, the four-bar link- 
age degenerates into the slider-crank 
mechanism. Instead of the rocker 
angle 6 the stroke, s, of the slider is 
used. The construction is as follows 
(see Fig 8) : 

1) Draw line AJ3, perpendicular 
to the direction of stroke. 
2) Construct angle 8,/2 and a line 

parallel to A$, with distance s/2 as 
shown. This locates point R. 

3) Draw MJM,, the perpendicular 
bisector of A&. 
4) Draw, through R, circle K. and 

80 

60 

w (u 

-0 

Q 40 

20 

0 

K b  about M. and M p  as centers. 
5) The line parallel to A& at dis- 

tance s intersects circle K o  at points 
I, and E. Arc LE on  circle K o  is the 
locus of point B. Point A is on circle 
K , ,  in line with A$. 

For example, suppose a ratio of 4:s 
of the crank angles is required for a 
quick-return mechanism. This ratio 
provides a dead-center angle of eo = 
160 deg and Yo = 200 deg (160:200 
= 4:5). As in the case of the crank- 
and-rocker mechanism, there is a 
whole family of slider-crank mechan- 
isms fulfilling this condition. Here, 
the optimum mechanism will be the 
one whose transmission angle is clos- 
est to 90 deg when the crank is per- 
pendicular to the direction of stroke. 
To  find this optimum linkage use the 
q0 = 0 deg ordinate in the chart of 
Fig 7. Thus, for 0, = 160 deg, the 
chart gives /3 - 76 deg, which per- 
mits completion of the construction 
in Fig 8 (angle /3 locates point B on 
arc L E ) .  The chart also gives max 
pmln = 43 deg. If the supplementary 
angle, 13'" = 200 deg, is used the con- 
struction provides the same linkage 
because the chart shows @' = 104 
deg, which is the supplement of angle 
p. (The c = b line in Fig 6 gives 
points for a linkage with equal coupler 
and rocker links). 

Because an exact value for angle /3 
cannot be found at the ordinate of 
the chart, a third chart, Fig 9, has 

20 40 60 80 IO0 I20 I40 160 I80 
deg 

6. Optimum transmission angle - where 8, = 180 deg. 
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e,, deg 

9, Design chart for slider-crank mechanism. 

been developed to provide greater ac- 
curacy. Here max pmln is plotted as 
a function of eo, along with ratios a/s, 
b / s ,  e/s, and alb.  For the desired 
angle of 8, = 160 deg, max pml. = 
43 deg, a / s  = 0.465, b / s  = 1.150, 
a / b  = 0.406, gnd e/s = 0.378. In- 
stead of using angle B in Fig 8, 
draw a line from point A, perpendic- 
ular to A& at  a distance e-obtained 
from the ratio e/s-to locate point 
B on circle Ka. The line connecting 

A, and B intersects circle K. at crank 
pin center, A, and the optimum slider- 
crank mechanism for the prescribed 
ratio of 4:s is completely defined. 
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5 Graphic 
Designing 

Methods for 
Four-Bar Linkages 

This roundup covers the four-bar linkages that can generate a path approximating 
a straight line. The methods permit rapid solution of general configurations to fit space 
requirements, and they simplify mathematical solutions that find precise dimensions. 

Erwin P. Pollitt 

T h c  classical problem here is to find a four-bar linkage 
that will generate a straight-line motion. Such linkages are 
used eztcnsively in mechanical design, in place of cams 
and gears. Specific applications involve computers, instru- 
ments, counterweights and simple translators of rotary mo- 
tion. l h e i r  preference over cams and gears depends upon 
analysis of their advantagcs and disadvantages. The ad- 
vantages are simplicity, negligible friction (and wear), low 
inertia, ccononiy, and stability in performance. The  
disadvantages are limitcd range, approximation of the de- 
sired motion, bulkiness, limited control over velocity and 
accclcration, and thc fact that thcy are relatively difficult to 
design. 

In general, linkages arc designed by mathematical or 
graphical methods. In  either case the characteristic prob- 
lem is that of selecting from a large number of dimensional 
constants a particular set that will fit the specified space 
requircments and tolerances. The approach to the prob- 
Icm must be synthetic and approximate, instead of analy- 
tical and exact. T h e  five graphical methods presented 
here offer a practical approach for determining the general 
configuration. Then, if necessary, mathematical methods 
can be applicd to gct the best out of the liiikage with IC- 
spect to the number of prccision points and magnitude of 
deviation from the straight line. 

Linkages developed by the five graphical 
methods have these characteristics: 

Method A-These give a tracer point with 
nearly infinite radius of curvature. 

Method %Easiest to construct, but have 
a limited range characterized by two pre- 
cision points. 

Method C-Relatively harder to construct, 
but offer greater accuracy-up to five pre- 
cision points. 

Method D-These are the most accurate- 
up to  six precision points. This is the limit 
because the equation of motion of a point 
is generally of the sixth order. 

Method E-Offer four precision points, but 
can be adapted to more than four. 
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Method A 
Synthesis of a linkage Equivalent to Elliptical Trammel 
Approach to solution: the component of the mechanism 
containing the point which performs the rectilinear motion 
is used as the coupler of the linkage; two points on this 
component are selected as the moving pivots, and the exact- 
or approximate-center of curvature of their path is  made 
the fixed crank pivot. 
The path of the tracer point of the linkage obtained has 
an infinite, or nearly infinite radius of curvature.. 

2 
A special case of Fig 1 is the Thomp- 
son indicator mechanism shown 
here. It is widely used in radio 
sets for indicating the tuned frequency. 
To determine the linkage, the 
position of bar AB is chosen 
so that it coincides with the y-axis; 
then point A, which coincides 
with instantaneous center P, is made 
one moving pivot; and the 
fixed pivot A. is located on the 
perpendicular to y through A. The 
center C, of the curvature of the 
path of an arbitrarily selected moving 
pivot point C on line AB must also 
lie on the y-axis. Balance of the 
procedure is same as Fig. I .  

1 
The bar is constrained at points A and B 
to move along the x and )-line. In the 
linkage the bar is made the coupler. Point 
B is made one moving pivot, and an arbi- 
trarily chosen point C on the bar rhe sec- 
ond moving pivot. Crank BB,, in the de- 
sign position, is macle perpendicular to 
the x-line, and as long as possible so that B 
moves approxiinatcly along this line while 
the center of curvature C. of the point C 
on the trammel is selectccl as the second 
fixed pivot. Point A is then the tracer 
point. 

The center of cuniature C, of point C 
must lie on a line through C and the in- 
stantaneous center of rotation P of AB 
which is found as Mie intersection of the 
normals through A and B to y and x re- 
spectively. 

The radius of curvature CC. can be cal- 
culated, or solved grap1iically by the tire 
of Euler-Savary's tlleorcln 111 the fornl: 

V, sin LY r, 

nhcre V, IS thc velocity of the change of 
position of tlic in~tantancous center, the 
angle between the tangcnt to the cen- 
trodes at the instantancous center and the 
my COP. V, the velocity of point C of 
the moving system, I = CP, and ro = 
COP. 

The vclocity of any point of the moving 
,)stem, for instance, velocity V, of the 
midpoint M of AB, is arbitrarily selected, 
and V. determined. The fixed centrode 
of the trammel is the circle R. with 0, 
the intersection point of x and y, as center, 
and OP = t, the length of bar AB as ra- 
dius; the moving centrode is the circle KI 
through P and 0, with M, the midpoint 
of AB as center and t / 2  as radius. The 
velocity V, is determined from the con- 
sideration that the motion of the bar is 
equivalent to rolling of the moving cen- 
tlode on the fixed centrode. V, is there- 
fore the velocity of this rolling inotion, of 
tlic point of circle K1 with which the in- 

IIaving assumed the magnitude of vector 
V, of center M of Et the vector V, sin a 
can now be constructed. A line drawn 
through the end points of &e vectors v. 
and V, sin (L and the intersection of this -=- 

V' 1'" - r stan taneous center coincides. line with CP determines point C.. 
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Evan’s Linkage 

3 
This is a second variation where point C coincides with 
center point M of bar AB; and C, coincides with points 0 
and B. Here, again, path of A approximates the y-axis, and 
path of B approximates the x-axis. 

Wntt‘s Linkoge ‘$. 

Cycloidal’ Linkage 

/ \ v, sin a 

4 
Here is a third variation of this group, with the moving 
crank centers symmetrical to AB, which again coincides 
with the y-axis. 

5 
By Robert’s Law additional linkages can be found such that 
a point of their coupler performs a path identical to 
the path of a point of the coupler of a given linkage. 
In this linkage, A’.A’ and BOB’ are so related to Evan’s 
linkage that tracer point C of the coupler of this 
linkage corresponds to the coinciding tracer point of C of 
the Evan’s coupler. The fixed pivot, B o ,  coincides 
with Bo, and the fixed link A’.B’. has the same 
direction as the fixed link A,B, of the Evan’s linkage. 
Coupler A’R’ passes through C and is parallel to BB., 
while crank BB’, is parallel to AB. Other similarities 
in the geometry are also apparent. This linkage is similar 
to Watt’s linkage used extensively in steam engines. 

6 
Center M of circle K, rolling on a straight line KO generates 
a straight-line motion aIong line g g  parallel to KO. The 
contact point of the circle K, and line K. is the instantane- 
ous center P. K. is the fixed ccntrode and K, the mov- 
ing centrode. The motion of point M is approximated by 
a coupler link whose tracer point coincides with M, 
and whose moving pivots AB coincide in the 
shown position with two points on the periphery of 
the rolling circle which are symmetrical to the normal 
line to KO through M .  The centers of curvature, 
A,, Bo, of the path of these two points are selected 
as the fixed pivots of the cranks, and they are 
determined as previously. The velocity V, is equal to 
velocity V,. The path of points A and B are cycloids 
whose radius of curvature niay be calculated as follows: 
p = 4r sin 0 / 2 ;  where r is radius of the rolling circle, 
and  e is its angle of rotation. The cycloidal 
linkage is uscd extensively in the textile industry. 
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Method A 

Tchebishett’s Linkoge 

7 
This is a moclification of the 
prcvious linkagc, with moving 
crank ccntcrs selected so as to 
coinciclc with two points 
insicle the periphery located 
at equal distances from center 
of the rolling circle. One 
linkage of this type became 
known as Tchebisheff‘s linkage, 
characterized by a high de- 
gree of approximation to 
straight-linc motion of the 
center point of its coupler. 

Conchoidal Linkage 

8 
The conchoid is the locus of points D on rays con- 
necting all points of a generating straight line h 
with a focus F and having equal distance from 
the straight line. If the motion of a 
straight bar b is so constrained that the bar passes 
in all positions through the focus F (by means 
of a pivoted slide P); and point D, fixed on the bar, 
moves along a conchoidal groove g, another 
point, E, of the bar will describe the 
generating straight line h. Portions of this motion 
of point E are approximated by a linkage- 
AoA, BB,. A, is the center of curvature of the 
conchoid at  its apex, and A,A is cqual to its radius of 
curvature. AB is made equal to the distance between 
focus and apex of the conchoid, and crank BB. is 
made as long as possible. Link AB is extended, 
and the distance between B and its end-point C 
is niadc equal to the distance Itctn.ccn focus 
and gcncrating line of the conchoid. 
Point C then describes an approximately straight-line 
path in the vicinity of the apex of the 
conchoid, and is used as tracer point. 

the path of the tracer point of the symnictrical link- 
ages, Figs 4, 6 and 7, has an infinite rachis 
of curvature. In tlic linkagcs of Figs 1, 2, 3 and 8, 
the corresponding radius of curvature approxhcs 
infinity as the lcngth of tlic arbitrarily assumed crank 
is increased. In Fig 5 thc traccr of tlic midpoint 
of the coupler will have an infinitc radius of curvature 
whcn the linkage is in its antisymmetrical position, 
provided the cranks have cqual lengths. 

To summarize characteristics of tlic above linkagcs, 
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Method B 
Synthesis of a Linkage Which Moves a Coupler 
Point Through Two Given Positions Such That 
Its Velocities in These Positions Are Collinear 

Approach to solufion: two positions of the moving 
crank, A1 B1, A2 & are arbitrarily selected; the 
locus of the instant center of those link configura- 
tions is constructed consistent with the velocity 
requirements and the selected coupler positions. 

In the linkage obtained the path of the tracer 
point has two precision points and its tangents 
are collinear. 

Linkage Moving Coupler Point E 
Such that its Velocities in Two 
Given Positions Coincide. 

Two Coplonar Positions of A Plane System 

1 
This is a preliminary explanation of motion of the essential 
coupler link AB before showing the method of determining the 
required four-bar linkage in Fig 2. Here, a plane system S, con- 
taining coupler link AB, can be moved from position AIBl to co- 
planar position A2B, by rotation through angle 91, about pole Pm 
which is determined as the intersection of the lines of symmetry, 
aI2 and bll, through distances A1--Ap and Bl-B2, respectively. Pole 
P" is a point common co the two positions of AB and the refer- 
ence plane. This movement of AB can be accomplished by a 
four-bar linkage as follows: Connect coupler point A to any pivot 
point A, on line am, and coupler point B to any point Bo on line 
b,. A.B. is chosen so direction of the velocities of one point of 
coupler AB is collinear. Thus its path approaches a straight line. 

2 
Two positions AIB1, AZB. of a coupler link AB are so se- 
lected that the positions El, E2 of the third point E of the 
coupler lie on the straight line g, representing the approximafe 
path which point E is required to travel. This line is direction of 
the velocities of E in its positions EI, Er. The instantaneous 
centers, relative to the reference plane, of the coupler in positions 
AIBIEI, AzBzEa must lie on the normals n, and na to g through 
El and E*. Also, the instantaneous centers must lie on the point 
of intersection of the lines A,Al, B,BI, and A.Az, B.Bz, re- 
spectively, where A. and B. denote the yet unknown crank cen- 
ters. Crank center A. must also lie on the line of symmetry ala of 
A,Ap, crank center Bo, on the line of symmetry bt2 of BIB,. If a 
point P'1 on nl is assumed to be the instantaneous center for link 
position AIBl, the corresponding crank centers would be A'o, Po, 
determined by the intersection of lines P1Al with ala and P'lB1 
with bIz respectively. The intersection point P', of the lines 
A'.A2 and B'.B, determines the corresponding instantaneous cen- 
ter of A2B2. PtZ represents one point of the locus z of all possible 
instantaneous centers of system position EPA& for which the 
iiistantaneous center of system position EIAIBl lies on line nl. 
The intersection point of this curve z with nz gives the instantane- 
ous center Pz of the link position EABZ,  which satisfies the re- 
quirement concerning direction of velocity of point EI and is 
used to construct the desired crank centers A., Bo. T h e  path of 
point El is nearly straight for a coiisiderable distance past the 
positions El, E?, so that the linkage is usable through a consider- 
able range. 
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Three Coplanar Positions of a Plane System- 
the Pole Triangle 

1 
For an understanding of these 
methods it is first necessary to establish 
a certain relationship between 
congruent points of these coplanar 
positions of the plane system, their 
poles and angles of rotation. 
For three coplanar positions SI, S2, SI, 
there exist three poles of rotation 
P", P", P, forming the 
pole triangle which lies in the 
reference plane. The pairs of poles, 
P" and P", are common to SS2, SI& 
and the reference plane, respectively. 
Point Pa" in the system Si is 
congruent to pole P and is found by 
rotating triangle A n B P  about P' 
until AOB, coincides with A,BI. The 
angle of rotation from SI to SI is 
PI"P"P", designated as b. 
Analogous relations apply to the points 
Ps" congruent to PU in system Sa, and 
Pau congruent to P" in system Sa. 

Method C 
Synthesis of a linkage by Means of Burmertefs Focal 
Curves 
Approach to solufion (in its simplest form): two pain of 
positions (C, Cq, Cz C,) of a coupler point, lying on a straight 
line and having a common bisector C14 are chosen; a degen- 
erated curve of Burrnester's centers is selected so as to 
coincide with this bisector; the crank pivots are found by 
determining the poles of rotation of the coupler. 

In the linkage obtained, path of the tracer point has up to 
five precision points. 

Three Coplanar Positions of a Plane System-relation 
between Pole Trtangle and S,ystem Points 

2 
The three congruent points, 
AI, An, k, lie on a circle whose center 
is A. at the intersection of lines 
of symmetry-alp, an, and am. These 
lines of symmetry pass through their 
associated poles of rotation. Center 
point A. can be found without 
determining A, and A, from the 
noted angle relations. Angle 
P1"P"AI must be equal to angle 
PnPU A., and angle PPPMA1 must be 
equal to angle PUPn&. 
Conversely the point tL associated 
with any point A, can be found by 
the same angle relationships. Cor- 
responding angular relations exist 
between B1, B., BI. and Center B.. 
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Four coplanar positions of a plane system- 
relation between the center point and the 

poles of rotation 

3 
'1'0 go one step further, if four coplanar positions S, Ss, Sa, S, 
of the moving system S are given, there exist six poles of IO- 

tation and twelve points in the system which are congruent to 
these poles. To determine the fixed pivots of a four-bar linkage 
capable of moving the system through these four system posi- 
tions, two points in the moving system must be found whose 
congruent points in these four positions lie on a circle. Rela- 
tionship between such points, At, It, &, A, and correspond- 
ing poles is shown. The center A. lies on the intersection of 
bisectors am, air, am, au of the angles A,A.A, AIA.A,, A A A  
and A A A , .  But poles P", P", P and Px must also lie on 
these bisectors. From these angle relations it follows that the 
angles PAS" = P*A.Pa', and P'8A.P' = P"A,P". 

Thus, a p i n t  of reference plane at equal angles from any 
pair of poles with one common digit, is the center point of a 
circle called Bunnester center-with four congruent points. 

5 
For certain pole positions the focal curve assumes very simple 
shapes. For example, if pairs of associated poles-Pu, P", P', 
P-are symmetrical to a straight line, the focal curve degen- 
erates into straight line m and circle rt through the four poles. 

Construction of focal curve 

Typical focal clrrve 
(a) 

4 
The locus of all such points is a plane curve of the 
third order, called a Focal Curve, see (a), and the 
Focal Curve which is the locus of all centerpoints 
associated with four system positions is called the 
centerpoint curve. It can be shown that this curve 
passes through all six poles, and can be constructed 
by selecting two pair of poles whose indices have 
one common digit-for example, P"-P, P*'-P- 
and drawing a circle through each pair of poles such 
that the radii of these circles are proportional to the 
distance bctwcen the poles of a pair; the points of 
intersection of the two circles, Ale, Ala, are points of 
the focal curve. The radius of the crank circle asso- 
ciated with each center point, and the location of 
the congruent points can be found by the angular 
relations illustrated in Fig 2, p 42. 

When four system positions are selected in such 
a manner that four congruent positions of a point of 
the system lie on a straight line, and for these sys- 
tem positions the centerpoint curve is constructed, 
any two points on the curve an be selected as the 
centers of the cranks of the desired four-bar linkage. 
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Method C continued 

I 
Focal Curve Consisting o f  Two Straight Lines 

6 
If thc lines connccting associatcd poles constitute opposite 
sidcs of a rhombus, the focal curve degenerates into the 
diagonals m, m of this rhombus and they are perpendicular to 
one another. 

4 4  

Construction of Linkage by Use o f  Center Point 
Curve Consisting of Two Straight Lines 

8 
Tliis is another csample of the use of the simplified shape of the center- 
point curve for the design of a linkage. As in the precccling example, four 
positions, C1-C,, C&, on the line g of the coupler point C are selected 
so that they are symmetrical to the normal p. Furthermore, the positions 
BIB, and B2B3 of moving point B arc sclccted so that they coincide, 
respectively with one another, and also lie on line p. In this case Pi' 
coincides with BlB4, Pm coincides with B2Ba. 

The poles P", P must be the intersection points of line symmetry cIp of 
C G  and car of CJG with lines of symmetry biz, bad of BIB2, BsB,. By 
choosing this configuration, pole quadrangle becomes a rhombus; conse- 
quently centerpoint curve consists of the lines of symmetry p; centerpoint 
Bo can be selected anywhere on bje; centerpoint A., anywhere on p. Posi- 
tion k of moving point A, 1v11ic.h must lie on the line B& can again 
be found by using angle rclations of Fig 2, by making angle A P A .  = f 
gh2. Conversely, morablc pivot point A may be selected anywhere on the 
couplcr, and centerpoint A. clctermined in an analogous manner. 

Construction of Linkage by Use of Center Point 
Curve Consisting of Straight Line and Ciicle 

7 
In designing a linkagc by tlic usc of the 
centerpoint curvc it is convenient to select 
the system positions in such a manner that 
advantage is taken of the possible simpli- 
fications shown above. This is achieved 
here with four co~~grucnt points on a 
straight line chosen in such a way that 
C1, C, and C?, C3 are symmctrical relative 
to the perpend~culars, p to g. Then the 
poles PI2, P", P', Par must lie on the 
lines of symmetry, c12, cia, czI, cM, 
wvhich are, rcspectfully, also synimetrical 
to p. Poles P", PI3 are arbitrarily chosen 
on cn, cis, and polcs Pa, P are placed 
symmetrical to them, relativc to p on 
c21, c ~ ,  respectfully. 

The centerpoint curve for this pole 
configuration is line m, coinciding with 
p, and the circle m, through the four 
poles. The crank ccnter A. is selected 
anywhere on m. The position At of the 
moving pivot A is determined by the 
angle relations noted on Fig 2, p 42, 
and Fig 3 ,  p 43. 
A ray through PIa is drawn, making the 
angle C P C Z  = f en with line P-A., 
and another ray is drawn through P'*, 
making the anglc C1P1'C8 = f #)L9 with 
line PmA,. The intersection point of 
these two rays determines the position 
AI of the moving pivot A and the length 
of crank AIA.. Crank center Bo is se- 
lected anywhere 011 the circle m, and Bl 
is determined by an analogous method 
ac was used to determine A,. 
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Circle Point and Poles o f  
Rotation 

Four Coplanar Positions o f  a Plane System- 
Regulation between Circle Point and Poles 
o f  Rotation 

Construction of  Linkage by I:si of O h l e  
Point Curve Consisting o f  S t r a i g h t  ! h e  
and Circle 

9 
To each point of tlie centerpoint curve which lies in the reference plane 
and is the locus of all possible fired pivots of cranks capable of moving 
the plane system through four prescribed coplanar positions, there is a 
corresponding moving pivot in the moving plane to which the crank must 
be attached. The rclation bctween thesc points, called circle points, and 
tlie poles is illustrated licre. This relation can also be used for designing 
linkages for gencrating approximately straight line motions. 

Consider the systems S rotated back about the poles P", P', P" to 
starting position Sl from three positions, S?, Sa, Sa. Then the points which 
in thesc system positions coincide with the ccnter point will also rotate 
about tlie poles and since their distance from the movable pivot remains 
unchanged, they must also lie on a circle with the movable pivot, the 
circle point, as center. 

This figure shows tlirec congruent positions, AI, A?, A ,  of movable point 
A which lic on a circlc with radius r, and A., the centerpoint, as center. 
Poles P", PIS, P" are assumed to lie anywhere on the bisectors of the 
angles AIA.A,, A,A.k, A A k .  When system from position SZ is rotated 
about PI2 back into position, SI (held fixed in the reference plane), the 
point which in system position, S,, coinciclcs with A. (=Ao,) will go into 
position A,,?, which is symmctrical to A. rclative to the line AIP". When 
systcm from position S, is rotated back about pole PIS, so as also to come 
into coincidencc with SI, the point which in systcni S3 coincided with A. 
conics into position At,,, which is symmetrical to A,, with respect to the 
line AIP". Both points, A,,z and A,,$, lie on a circle with AI as center and 
r as radius. Pole P'", through rotation about P'I and PI3 respectively, goes 
into its congruent position PI". Sincc thc distance of point PIs from the 
points, A,,? and A,,:$, is equal to distance P A " ,  tlie congruent point PIm, 
of pole P", must lie on tlic line of symmctry through tlie points A.,A.s, 
which also passes through AI. 

10 
The locus of all circle points is also a focal curve which can be con- 
structcd in an analogous mamicr as the centerpoint curve, except that 
different pole points must be iised as shown here. This relationship is 
analogous to Pig 3 ,  illustrating tlie relationship of centerpoint to poles of 
rotation. 

11 
The circle point curve can also be used for dcsigning a linkage for generat- 
ing an approximately straight-line coupler motion. Agiin, by propcr selec- 
tion of the poles of rotation it is possible to obtain a degeneratcd form of 
tlic focal curve to simplify construction. Pour positions of a moving 
system are chosen so that four congruent points of the system lie on a 
straight line, and their distances, C G ,  C G ,  and C3C4 are cqoal. In this 
case, pole P'" must lic on the line of symmetry cl? of ClC2; pole P" on the 
line of symmetry CIS of cIc3 and passing through C,, and both P", Pa on 
the line of symmetry Cl4 = cs3. For the circle point c u m  to degenerate 
into a circle and straight line (as in Fig. S ) ,  PI*, PI* and PI*, PI', respec- 
tively, must be symmetrical to a straight line. This line must be the line 
of symmetry TI of the lincs C~S,C~I ,  on which tlie poles Pa, PI', respectively, 
lie. Therefore, Ptp and PI* must also be symmetrical to line PUPm. It 
PI' is arbitrarily chosen on cga, PI* is located symmetrical to Pm relative 
to line TI. Ps3 is found on csn by making the distance P U P  equal to 
PI'PP. Then P is determined as the point of intersection of the line of 
symmetry of P*PP with line cl3, and P1' is the point on cld which is  sym- 
metrical to p" with respect to al.The line rl and the circle TZ through 
PI2PlqP1'P;B whose center, M, must also lie on rn are the two branches of 
the circle point curve of system position, CABl. The points AI and BI 
arc chosen on m so that they lie on a straight line passing rhrough the 
tracer point CI. The fixed crank centers A, and Bo are found by con- 
siderations analogous to Fig 2, p 42. A ray is drawn through PU which 
makes angle &,/2 with AS". Another ray is drawn through P" which 
makcs angle @13/2 with Alp". Crank center A. is the point of intersection 
of thcsc two rays. Crank center B. is determined in an analogous manner. 

By proper selection of the positions of the poles of rotation, the circle 
point and centerpoint curves described above offer the simplest means 
for tlic application of Bumiester's method to design of fourdbar linkages. 
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Burmester's Method for  Determining, in  a Given linkage, 
a Coupler Point Which Performs a n  Approximately 
Straight-line Motion 

Approach to solution: four positions of a four-bar linkage 
(AI &-A4 e,) are  chosen; the properties of the pole triangle 
and of the circle point curves of points at infinity of the 
coupler a re  used. 
The path of the tracer point obtained has four precision points. 

Three coplonor positions o f  o plane system- 
location of the center points of system points a t  
infinity. 
0 b 

Three coplonor positions of a plane system- 
location of three congruent points, relative to the 
pole triangle, lying on o straight line. 

Four coplanar positions of a plane system- 
locotion of four congruent points lying on a 
stroight line. . 

b 

Since thcre are an infinitc iiumher of link- 
ages capable of moving a system through 
four given positions in such a manner that 
four congruent points of the system lie on 
a straight line, it is possible to reverse the 
problem. That is, find a coupler point in 
a given linkage such that its four con- 
gruent positions line on a straight line. 
In the method developed by Burmester for 
solving this problem the angle relations of 
Fig 2 ,  on p 42, arc applied. The straight 
line is considered a circle with infinitely far- 
away center point. 

If point A, in the system S1-see (a) 
above-moves along a straight line d to 
infinity, then the rays PEDl, P1*DD, through 
the infinitely faraway point Dl at infinity 
become parallel. The center point Do as- 
sociated with D1 is constructed a$ in  
Method C, Fig 2, p 42, by making angle 
PPPDI= angle PuP1'D., and angle 
PPPYDI= angle P"P"D.. If this pro- 

cedure is applied to all infinitely faraway 
points of system Sl, S,, Sa, it is evident that 
all center points associated with the points 
at infinity of the moving system lie on 
the circle P' through P"P"P in the ref- 
erence plane. 

Conversely, by the previously established 
to the relationship between circle point 
and centerpoint, the circle points associ- 
ated with the center points at infinity, of 
the reference plane, must lie on the circles 
-see (b) above-klB through PuPmPP 
in system Sl; k F  through P"PpP,U in sys- 
tem Sa; bm through P'*PPP in system Sa. 
If three congruent points, A I A A ,  of the 
system lie on these circles, their center- 
point must be at infinity and the three 
points must therefore lie on a straight line. 
if two of these circles k2=, k,"q their in- 
tersection point U'", and the triangles 
AIPmP", A,P2"P", are considered, it is 
noted that the sum of the angle A1VPpP" 

and AIUBPm is 180°, and that the straight 
line &A, must pass through point P. 
From these geometric relations it must be 
concluded that three circles intersect a t  
P and that a straight line carrying three 
concruent points A,, AS, At must pas 
through this point. 

Now if four coplanar positions-see (c) 
-of the systems Sl, S,, Sa, SI, are 
given, the pole triangles P Pa PP and 
Pu P' PIM for St S, S3, and SI, SI, 8, are 
determined, together with their centers of 
height v", U". The line connecting these 
two centers of height is the only line which 
carries four congruent positions of a point 
of the system. The position point, CI, of 
the tracer point of the couplet is deter- 
mined as the intersection point of the line 
Urn, W with the circle kP. Center Mu 
and circle kl" center P. The linkage 
with the coupler point at C, is shown at  
position SI. 
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Method E 
Synthesis of the linkage by Point Position Reduction 

Approach fo solution (in the simplest form): four positions 
(Cl-C,) of a coupler point lying on a straight line are 
chosen. The position of one fixed crank pivot 6, or one 
position of pivot B1 is selected on the bisector of two coupler 
point positions; the other pivots are determined by con- 
sidering motion of selected pivot relative io coupler. 

4 4  

) 

et I / In the linkage obtained, the path of the tracer point has 
up to six precision points. 

0 Method of point position reduction- one pole coinciding wi th  f i xed  crank pivot,four precision poihts 

1 This method, developed by Kurt Hain of 
the West German Federal Research In- 
stitute of Agriculture, is based on select- 
ing the poles of rotation of the moving 
system in such a manner that one of them 
coincides with either the fixed or the mov- 
ing pivot of the crank. Through this 
choice of one pole of rotation, relatively 
simple graphical solutions are possible and 
up to six precision points can he obtained. 

This principle is illustrated in (a) 
above, where AICl and AzCz are two po- 
sitions of the line connecting the mov- 
ing pivot A with the tracer point C. The 
fixed pivot A, must lie on the bisector 
ala of A, and A,; the pole P= must lie on 
the intersection of all and the bisector 
C L ~  of C1 and CS. The fixed pivot Bo is 
selected so as to coincide with P"; con- 
sequently, A,B, lies on am. Positions B, 
and B2 of the second movable pivot must 
lie on a circle with B. as center. Triangles 
AIBICl and M 2 C 2  must be congruent. 

The application of the method is shown 
in (b) above for four points of coincidence, 
C1 to C4, with the straight line g of the 
path of tracer point C of the coupler. Thc 
pole Pa' is selected anywhere on the bisec- 
tor CM, of the points CI, C4 and is assumed 
to coincide with the crank center B,; then 
P must also lie on the bisector au of the 
yet unknown positions A,, k of the mov- 
ing pivot A, which must also pass through 
the fixed pivot A. of the second crank. 

Furthermore, angle A,PUA, must be 

equal to angle C1P"C4 (= ell), and dis- 
tance A G  must be equal to A G .  If two 
ra!s-X1B0, XA-are drawn to make 
angle and an arc of any radius is 
drawn with Bo as center, the intersection 
points A:. A, of the arc with the rays will 
fulfill this requirement (triangles AICIB, 
and A,C& being congruent) and also de- 
tcrinine thc distance AC. The crank po- 
sitions, A, to A,, must follow one another 
in the same sequence as the correspond- 
ing positions of point C if the path-of the 
motion of point C between the four se- 
lected positions also must be approximately 
straight. To determine position of the 
moving pivot B, the circle point to Bo, a 
relationship is considered which is analog- 
ous to that shown in Fig. 9, on p 45. 
Consider the motion of crank BB. rela- 
tive to AleI, with thc yet unknown point 
BI as fulcrum. In each of the system po- 
sitions A G ,  kC3, there is a point which 
coincides with Bo. If A G ,  &Ca, are ro- 
tated so as to come into coincidence with 
A G  these points will assume the positions 
Bo?, Bo3; these points are determined by 
making triangle A,C,B.Z congruent to 
triangle, ACnR,, and triangle AIC1BOs 
congruent to triangle AaCsBo. In these ro- 
tations the distances of Bo, and Boa from 
B, remain equal to BB.. This means that 
R .  must lie on a ci:cle with R1 as center. 
B, is then found as intersection of B.B., 
RI is then found as interscction of BUzB.r, 
B,*B.s, respectively. 

b 

2 
Since both radius and position of the b e d  
pivots of the second crank were arbitrarily 
chosen, this method can be expanded to 
the synthesis of linkages with five precision 
points. The five points shown are chosen 
symmetrical to point Ca so that the lines 
CIS, czc coincide with the normal through 
Ca to line g. Both poles, PIs and P", which 
must lie on this line, are assumed to coin- 
cide with Bo. A ray BOXo is drawn on which 
the yet unknown second crank center A. is 
assumed to lie. The balance of the con- 
struction is analogous to Fig 1 (b) above. 



Linkage 23-45 

Four-Bar Linkage Proportions 
Given two points, a function of the length of stroke you want, this handy 
chart quickly and accurately locates the other two. You find the proportions 
of all four-bars without cumbersome mathematical or graphical methods. 

Preben W. Jensen 

p r o p o r t i o n s  of 4-bar linkages for straight-line mo- 
tions are usually determined by graphical methods. 
Then, the precision points in the required straight line 
are checked by mathematical methods, where neces- 
sary. But graphical methods, although simpler than a 
purely mathematical solution, can be quite complicated. 
T h e  late D r  Kurt Rauh, professor of kinematics at the 
Technical Institute, Aachen, Germany, conceived the 
chart shown on next page, which simplifies graphical 
determination. 

T h e  chart is based on two circles, one having twice 
the diameter of the other. T h e  smaller, called the 
Cardan circle, rotates inside the larger one; at the same 
time the center of the Cardan circle serves as a hub  
around which all of the space on the chart radiates. 

Fig 2, p 79, shows the behavior of typical points 011 
the chart during this rotation. The center, M, of the 
Cardan circle, describes a circular path around center, 
W, of the large circle; all points on the circumference 
of thc Cardan circle describe straight-line paths at 
different angles though W. All other points, whether 
inside or outside the Cardan circle, clescribe elliptical 
paths. 

T h e  diagram shows the elliptical paths of two arbi- 
trary points, E, and E,. Portions of these e3liptical paths 
have been replaced by circular arcs, and the centers 
of curvature, K, and K,, found. Note that these cen- 
ters are on an extensicon of the lines PE, and PE,, where 
P is the common pole of the  two circles. 

If EX, and E& are taken as b o  links in a 4-bar 
linkage with K, and K, as stationary points, points 
E, and E, will be  the coupler points describing circular 
arcs which, within a certain range, approximate the 
elliptical paths. 

If these coupler points are connected to W OR the 
circumference of the Cardan circle, this point will 
describe the desired straight line as long as points E, 
and E, move on those parts of the circular arcs that 

1 . . PROPORTIONS OF CBAR LINKAGES are deter) 
mined with this special chart-made up of two separate 
systems. One finds coupler points: other finds stationary 
points. For coupler points, read figures from circles and 
rays. For stationary points, read figures from ovals and 
curved rays. 
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2 . .  P A T H S  OF TYPICAL POINTS during 3 . .  ACTUAL L INKAGE determined in Fig 
rotation of Cardan circle. Here, circular 2 causes point W to describe the desired 
arcs have been drawn replacing parts of straight-line path during part of its complete 
the elliptical paths of El and E2. K1 and K ,  
are centers of curvature of these arcs. 

path which is shown hy dotted line. 

I r -7 

4 . . POINTS FOUND from 
special chart produce desired 
straight-line motion. Points A 
and B are arbitrary; points n 
aiid C: deterininetl from chart. 

5 & 6 .  . WEAVING MECHANISM (right) is designed to fit points (left)  
determined by the chart. A,  and B,, are chosen to give required length 
of travel for point D ;  A and B are found from chart. Note that D travels 
a t  slight angle from vertical. 

closcl y a ppror i ma tc tlt c cll i ptica 1 pa blt s tli cy rcplace. 
'i'lie coiitplete path described by coupler point W is 
shown dotted in Fig 3 together with the 4-bar linkage 
that produccs it. This linkage results from thc arbi- 
trary selection of points E, and E, and tlic de\-elopnicnt 
of centers K, and K2 from the chart. 

How the Chart Works 
T h e  chart lias been constructed w that you can find 

the coupler points corresponding to two given station- 
ary points (centers of curvature) or vice versa. Here 
is how: 

Concentric with the Cardan circle is a system of 
circles that are divided by rays a t  5" intervals. The 
i n  terscctions reprcscn t possible coupler points. A com- 
panion system of ovals, clivided by curved rays a t  5" 
intervals, represents the possible fixed points (centcrs 
of curvature). T o  use tlie chart, start with whicliever 
pair of points, coupler or fixed, are predetermined. T h e n  
h a t e  these points in tlie appropriate system; t?ie cor- 
responding points will be located at  the same-numbered 
intersections in the other system. W h e n  the coupler 

points thus dctcrmincd arc connected to a point 011 

the Cardan circlc, this point will prodricc straight-linc 
motion through point W. 

Solving a Sample Problem 
In Fig 4, straight-linc niotion is dcsircd a t  point 

1%'. Stationar!- points A and B are sclected as shown. 
A falls on tlic intcrsectioiis of oval 3 and curved ray 
35"; tlius correspoi!ding coulllcr point D is a t  the 
intersection of circle 3 and ray 35". Similarly, B falls 
a.t intersection of 0 t . d  5 and curved ray 360"; its couplcr 
point, C, a t  intersection of circle 5 and ray 360". 

Coupler points D and C are conncctcd to W on the 
circumference of the Cardan circle, which will then 
describe the desircd straight line as sliown. T h e  best 
approxiniati,on of a straight line is obtained ndicn the 
coupler points arc connected to W or points near it. 
T h e  straight-line portion of tlic path dcscribcd by \V 
is in a vertical direction. \Vhcn C and D arc con- 
nected to othcr points on tlic Cardan circlc, the straight- 
line portion will go through \V at an anglc to the 
vertical, depending upon clistancc of tlic clio5cn point 
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Cronk and Rockef 

__ 
Rocking Cronk 
and Rocker 

Rockino Crank 

Rocking Cronk 
and Rocker 

Drag Link 

Rocker 

V A  
Rocking Cronk and Rocker 

(long coupferl 

I 

, I 1 

Crank ond Rocker I Rockinq Crank and Rocker 

7 . .  A VARIETY O F  MECHANISMS can be produced by choosing points 
from different parts of the chart. In each case, colored coupler is  pro- 
duced when one point is  taken from colored area in first colnnin and other 
from colored a rea  in top row. 

From W. 'I'hiis ;iny dcsircd direction of trawl is 130s- 

siiilc in thcory. I Io\\;c\.cr, thcrc is this limitation: the 
further the choscn point is from W, the  less accurate 
thc approximation of straight-linc niotion. 

This effect is iiiorc clcarl!, shomn in l'ig 5, which 
gi\.cs anothcr 3-1,ar linkagc prnpr t ioncd  from the chart. 
In this casc points A,, and B,, are ccntcrs of curvature 
for couplcr points A and B, \vhich are connected to 
traccr point D. A,, and B,. arc ~~rcclctcrnminecl points on 
the machine; A and N arc f o ~ n c l  from the chart. 

'I'hc str;iight-line portion of thc coupler p i t h  de- 
scribed b!~ point D goes through W a t  an  angle as 
shown. '2 typical application of this 4-bar linkage is 
tlic n:ca\ing incchanisiii (Fig C,), usccl in the tcxtilc 
industn-. Proportions for this mcchanism are d c t a -  
m i n d  from tlic samplc +-bar linkage detcrmined in 
Pig 5. 
Wide Variety Possible 

Couplcr points for a 3-bar linkagc can fall anywhere 
on tlic chart, dcpcnding upon the t y c  of mcchanism 
rcqtiirccl. Fig 7 sho\vs diagrai~imatically the  wide variety 

of mcchiinisms that inay bc determincd From tlic chart 
'I'hc rc!ation of tlic couplcr points to tlicir correspond 
ing centers of rotation to  the Cardan circle determine! 
t he  type of mechanism. For example, if both couplcr 
points fall \v-ithin thc Carclan circlc on thc  right-hand 
si,:lc of t!ic chart, tlic type of Incchanism will 11c I A. 
On the othcr hand, if ibotli couplcr points fall on d ie  
left-hand .side of the chart, ,the tyx of mechanism 
will bc ZB. Howevcr, any combination of these is 110s. 
siblc, as can 11c secn from tlic diagrams. 
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Design of Screw-Machine Products 
If designers of screw machine products will follow practical ’standards‘ for certain features, 
they won‘t affect function but will save plenty. 

S. A. Cappon & Herbert A. Eichstaedt 

There are several aspects of 
drafting practice that need spe- 
cial attention when screw-ma- 
chine products are involved. 
These details are often neg- 
lected, or the parts designer does 
not understand what is practi- 
cal. From long association with 
such problems, we recommend 
the following “rules,” 

1. Sharp corners and corner breaks 
External corners. Never. specify 

“Sharp Corners.” These do not 
exist. Corners must be dimen- 
sioned. (See sketches in Fig. 1.) 
A drawing note that is practical, 
economical, and permits easy 

Fig. 1. Corners should be dimensioned as liberally as possible. A practical 
drawing note is: “break corners 0.010 in. by 45”” 

machining at minimum cost is: 
“break corners 0.010 in. x 45”.” 
If sharper corners are needed, 
specify them; for example, 
“0.002-in. R max.” This is as 
close to a sharp corner as can be 
obtained. Remember that to  
achieve this optimum sharpness, 
considerable cost is incurred. 

Breaking a corner as sug- 
gested “.010 in. x 45”” is some- 
times expressed as ‘‘rnax. R 
allowed:” This is costlier than an 
actual chamfer, because it is 

necessary to blend the radius 
with a diameter or a face. 

The sharp-corner condition in 
Fig. 2 A must also be dimen- 
sioned. Although an external 
feature, i t  is equivalent to  an 
internal corner. A practical di- 
mension is: “0.010 in. x 45””, 
or possibly “rnax. 0.010R”. 

Use an undercut i f  possible. 
Thus, a theoretically sharp cor- 
ner is achieved. This feature is 
necessary when the smaller di- 
ameter must be ground and 

A 

S q u a r e  Rodiused  Square  Rad i u sed 

D E 

Fig. 2. Undercuts are often given a radius to avoid crack development in heat treatment 

Reprinted with permission from American Machinist, A Penton Media Publication 
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grinding relief is required, or a 
mating part must fit flush 
against the shoulder face. The 
relief shown in Fig. 2 B is easy 
to machine, because it can be 
established by a cut-off blade 
or flat tool bit from the cross- 
slide, which is easier than Fig. 
2 C. Dimensioning of such an 
undercut for a minimum cost is: 
“0.062 in. wide x 0.015 in. deep.” 

A square-corner undercut, 
Fig. 2 B or Fig. 2 C, is some- 
times changed to a radiused un- 
dercut, particularly if there is 
concern about crack develop- 
ment after the product under- 
goes heat treatment. 

The condition in Fig. 2 D has 
only one solution. To achieve 
minimum cost, the dimensions 
for such a sharp corner should 
not be less than “0.008 in. x 45”,” 
or 0.008 in. R. Anything smaller 
results in excessive tool sharp- 
ening and downtime. 

In the cases shown in Figs. 2 
B and 2 C, if there is an assem- 
bly problem with a mating part 
that has to be flush with the 
shoulder face, an internal cham- 
fer on the mating part will over- 
come some of the problems. 

Internal corners. Here again 
there’s no such thing as a sharp 
corner. The most economical di- 
mension for the sketches that 
are shown in Fig. 3 is not less 
than 0.010 in. x 45”. 

The condition shown in Fig. 
3 B can be resolved from an eco- 
nomical standpoint with a di- 
mension not less than 0.010 in. 
x drill-point angle (standard 
118” or special angle). 

Further variations of this con- 
dition are shown in Fig. 3 C and 
3 D. For an economical dimen- 
sioning 0.010 in. x 45” is recom- 
mended. To establish Fig. C 3, 
a recessing tool with the above 
corner break can easily be 
ground. For Fig. 3 D trepanning 
blades ground in the same man- 
ner will achieve these results 
(0.010 in. x 45”). 

If a sharper corner is required 
for Fig. 3 C, a blade-type tool 
will be needed. Both the tool 

A B 

I C D E 

Fig. 3. Internal corners should be dimensioned “0.010 in. by 45”.” In  
examples C, D and E, a side wall angle in the recesses of 1/* to 2” is helpful 
for tool clearance. The same applies to Fig. 4 B and C 

I A C 

D E 

Fig. 4. Corners may be dimensioned as an 0.010 i n .  fillet or radius, or 
0.010 in. x 45”. Radius under cuts, examples D and E, are preferable to  

wide x 0.015 in. deep.” 

those with a square corner 

and a reamer will require fre- 
quent regrinding, but a 0.003 in. 
R can be obtained if necessary. 
Similarly, for Fig. 3 D blade- 
type tools and end-cutting coun- 
terbore-reamers can be used. 

In the cases shown in Fig. 3 C 
and 3 D, a Ma to 2” angle is rec- 
ommended for the sides of the 
recesses. This provides a natural 
tool relief at withdrawal. 

If corner sharpness require- 
ments are 0.005 in. or less in 
Fig. 4 A, use one of the alterna- 
tives, Fig. 4 D or Fig. 4 E. The 
dimensioning of such undercuts 
for practical and economical 
reasons should be “0.062 in. 

The radius-type undercut is 
more desirable and depends on 
what other operations are re- 
quired on the part. However, the 
drawing should specify 0.062 in. 
wide x 0.015 in. deep and allow 
optional selection of a square 
corner or a radius relief. 

The conditions shown so far 
should not be considered as “un- 
dercuts.” They are merely “re- 
liefs” to satisfy “sharp corner” 
situations. Although like under- 
cuts in nature, they are not true 
undercuts. 
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Design Of ScrewIMac hine Products (continued) 

Our previous installment showed you how to dimension corner breaks for practical production. 
Now, we give you similar ’standard practices‘ for burrs of various kinds. 

S.  A. Cappon & Herbert A. Eichstaedt 

2. Burrs 

Through proper tooling, burrs 
can be minimized or eliminated. 
Certainly it is necessary to ap- 
ply “standards” regarding burrs 
that will result in the most eco- 
nomical method of producing 
the screw product. 

To understand the problem 
better, we should first know 
something about the kinds of 
burrs produced, and their na- 
ture. We can consider a burr, 
except the external cut-off type, 
to be nothing more than dis- 
placed (and deposited) metal, 
or metal not removed by the 
tool during the cutting process. 

Cut-off burrs 

External burrs. If an external 
cut-off burr is permitted, the 
drawing should specify it. If the 
size of the burr must be limited, 
then indicate the dimension as 
shown at  A, Fig. 5. 

If burr is allowed on the OD 
but a size cannot be given, at  
least the direction should be in- 

Rules for screw-machine part design 
Cut threads can’t be machined closer than 2 threads from a 
shoulder. . Deep blind holes (tapped) require space for chips. 
Specify cut off burrs. Don’t say “Small cut off burr permitted.” 
Design product so standard bars, shapers, and tolerances can 
be used. 
Investigate pre-shaped forms. . Use standard threads and holes. Avoid special tooling expenses. . Extra close tolerances are expensive. Diameters are held closer 
than lengths. 
Specify materials with maximum machinability characteristics. 
Specify corner breaks and radii. 

dicated, as shown at B, Fig. 5. 
When hexagonal stock is 

used, a burr is generated during 
the forming process, but remov- 
al of this burr is expensive. To 
minimize the burr and even to 
eliminate it in some cases, pro- 
vide a chamfer on each side of 
the part section that retains the 
original stock shape (square, 
hexagon, etc.). See Fig. 5 C. Al- 
so, indicate specifically whether 
these burrs are allowed or not. 

Generally speaking, to  avoid 
generating external burrs it is 
necessary to provide chamfers 
or radiuses whenever you have 
intersecting surfaces. 

Internal burrs. Such defects 
are generated when cutting off 

into a hole. As shown in A, Fig. 
6, a burr will always be gener- 
ated at the point shown. This 
defect is detrimental if the part 
must slide over a mating .part 
Also, gaging will be difficult. 

If permitted from a functional 
standpoint, allow a generous 
chamfer as at  B, Fig. 6. This 
feature can be established 
through a recessing operation 
before the part is cut off. In such 
cases a burr will be generated 
but it cannot be detrimental to 
assembly or gaging. And i f  this 
is the case, specify on the draw- 
ing that a burr is allowed. 

Another application of the 
above idea occurs when the part 
must be cut off into a tapped 

Bur 

, r M e d .  slr. knurl 
B u r r  o l lowed 
this direction 

4 k 0 . 0 6 2 5 ”  rnox. 

A 

Chamfer 

I 

flats 

~ 

C I 
Fig. 5. External burrs should be dimensioned, as at A, controlled in direction as at B, or removed by chamfering 
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hole. In addition to a chamfer 
for relocation of an acceptable 
burr, it is also important to al- 
low for an ample recess for chip 
accumulation. 

Intersectjng surfaces 1, as at  
Fig. 6 C, will generate burrs. If 
such burrs are permitted, define 
them accurately on the draw- 
ing. Also clarify the permitted 
direction of the burr. Sucn in- 
structions facilitate the method 
of production. Or, if permiss- 
ible, avoid square shoulders on 
points 1. 

Secondary operations like 
cross drilling, milling, tapping, 

etc. produce heavy burrs. Fig. 7 
A shows a typical case. 

If a slot is milled, Fig. 7 B, 
and a burr is perrnitted on the 
OD, that fact should be speci- 
fied. Then the shop will pro- 
duce the part with either a cut- 
ter rotating towards the out- 
side, or will try to have a mill- 
ing cutter travel from the ten- 
ter of the part to the outside 
(if a radius is not allowed on 
the bottom of the slot). 

If a burr is not allowed on the 
OD or only a very small one, 

of the slot, Fig. 7 C. This groove 
perinits accumulation of a burr, 
while maintaining a clean OD, 
avoiding another operation. 

In fact, there are some special 
cases. For example: 

1. Avoid pcrforniing any op- 
eration on a threaded area. In 
designing a part, this can some- 
times be avoided. See Fig. 7 D. 

2. In broaching a blind hole, 
heavy burrs are generated. Pro- 
vide enough depth for the hole 
prior to broaching. Otherwise, 
production o€ the part will in- 

and none on the inside, offer an 
optional V-groove a t  thp bottom 

volve excessive tool cost. . 
f tool 

Burr  - 

A B 

Fig. 6. Internal burrs can be minimized by forethought to such matters as tool shape or providing recesses or radii 

A 

Slot, 

3 C 

---E 

B 

/ /S lo t  

D Design this w a y  
i f  possible 

Fig. 7. Slots and crossholes can produce heavy unwanted burrs. A groove as at  C or a turned down 
section as a t  D will avoid burrs that interfere with assembly 



24-6 

Design Of Screw-Mac hine Products (continued) 

The previous installment showed you how to handle burrs for various parts. Here we give 
you practical information on another area important to cost reduction. 

S. A. Cappon & Herbert A. Eichstoedt 

4. Dimensioning and finish 

In addition to the standards 
established by large companies 
and associations, there are a few 
points that need emphasis: 

(a) In dimensioning a scr,:w 
product be guided by the prob- 
able gaging problems. As a rule, 
if the part can be easily gaged, 

it can also be easily manufac- 
tured. 

(b) Use decimal dimensions. 
Standardize the block reference 
Cor tolerances as follows: 

Two decimals 20.010 in. 
Three decimals * 0.005 in. 
Angle dim. 2 1 0  
Finish spec. 125 mu-in. 

Unless otherwise specified 
(c) 'Unless otherwise speci- 

fied'. Call out closer tolerances 
only when absolutely necessary. 
The most economical way is to  
complete the part in one oper- 
ation. In this case. n-rnial i s - -  

RMS 

qualify the part to +0.002 in. on 
diameters, but not recesses or 
total length. Any closer limits 
may require second operations, 
and this could make the cost of 
the product excessive. 

Surface finish should be re- 
alistically related to function. 
If the finish specified is 125 nii- 
croinches RMS, the screw- 
products manufacturer must 
tool up for 63 microinches RMS 
(or one-half the spec). Also 
think in terms of gaging the 
part 01- checking the finish. 
Skclcli A in Fig. 8 shows an 
ii?zaossi!,le condition. both in- 

side and ciil ide opm-ations can I inally and externally. 

I 

A 
0.125' 

_. -_ ._ - -  

-______ 
Min '/,"relief or 
undercut optional Note Dia's'd ond"8" concentric within 0 003" TIR 
8 for distances shown for 3$- finish. 

Fig. 8. Dimensioning is important to production of drsired finish and ability to  gage the part 
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If a hole is blind, the speci- 
fied finish cannot go all the way 
to the bottom. The first of the 
sketches at B, Fig. 8, shows 
a suitable specification. When 
special finish is required for 
a specific length, that length 
should be dimensioned. The 
same considerations apply to 
special close tolerances on diam- 
eter or concentricity. 

Another situation difficult to 
measure and to produce is 
shown at C, Fig. 8. By section- 

A 
__ 

Fig. 10. The 1.000-in. dimension may not clean up to a cylinder. (left). 
Always allow sufficient chip clearance when broaching a hole 

ing a part one can measure the 
finish, but the result is not con- Closer limits can be obtained 
clusive, nor is it accurate, for 
all parts in a batch or run. The degree of concentricity, 

(d) ‘Special situations’. These perpendicularity. and parallel- 
should be avoided. In most ism required of the part should 
cases, dimensioning can be done be amply described as a note 
so that internal features are not rather than by symbols. 
tied together. Sketches at D, (f) Miscellaneous. When a 
Fig. 8 show the right and wrong part is made from hex or any 
ways. By proper balancing of multilateral stock, beware of an 
limits for dimensions a and b, outside diameter that must be 
one can determine what is re- equal to the distance between 
quired for dimension X .  opposite flats (See Sketch A, 

Sometimes close limits must Fig. 10) .  Because of stock tol- 
be held in one direction but not erances between flats, this di- 
in the other (See Sketch E, Fig. ameter may not come out as a 
8). On the plus side only 0.001 continuous circle at all points. 
in. from the nominal can be A broached hexagonal hole is 
used, but on the minus side one established by first drilling a 
can take advantage of 0.003 hole of a specific depth. In the 
in. This is important, for it case of a blind hole, allow 
more or less indicates the func- enough extra depth for chips or 
tional aspect of dimension M. burrs (Sketch B, Fig. 10) .  AS 

If the part is to be plated or a rule of thumb, allow addi- 
heat treated, or both, then the tional depth equal to the 
dimensions that are wecified I broached depth. The diameter 

if necessary. 

must be identified. The best 
method of dimensioning is to 
show dimensions “before” and 
“after.” 

In the case of a tapered part 
(Fig. 9), one of the circled di- 
mensions must be omitted. For 
ease in gaging, it is preferable 
to leave out angle V. Otherwise, 
be guided by functional aspects. 

(e) Concentricity between 
various diameters (internal and 
external) can be expected with- 
in 0.004 in. TIR, except when 
it relates to stock diameter. 

of the drilled hole should leave 
only minimum stock. 

Do not specify “no concavity 
or convexity allowed” on a 
drawing. Give a specific figure: 
“Concavity (or convexity) to 
be within 0.003 in. 

Tool clearance 
On internal or external sur- 

faces, where a straight shoulder 
or face must be established, tool 
clearance is important, particu- 
larly at  withdrawal. In such 
cases the external face or the 

rL-----+ 

I 

Fig. 9. Taper is customarily written 
as the difference between diarn- 
eters divided by the distance between 
them, or ‘total taper.’ Taper 
can also be written as the angle 
measured from the centerline 

sides of a recess should be di- 
mensioned so that a 16 to 2’ 
clearance angle is provided. 

This will achieve two things. 
First, the tool will have a na- 
tural clearance, so that at the 
end of its travel and at the mo- 
ment of withdrawal it is com- 
pletely relieved from the work. 
And toolmarks are avoided. 

When long operations, like 
facing, cutoff, or deep-hole drill- 
ing, are required, indicate by 
notes whether steps are permit- 
ted. If steps will not interfere 
with the function of the part, 
mention the dimensions of the 
steps in the notes or put them 
on the print. A step of 0.005 
in. is sometimes beneficial. 
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Design of Screw-Mac hine Products (continued) 

To conclude the current series, the authors discuss the precautions that you should observe 
in relation to blind holes, undercuts, threads and material specifications. 

S. A. Cappon & Herbert A. Eichstaedt 

5. Flat-bottom holes 
Flat-bottom holes are of two 

kinds: (1) a plain flat-bottom 
blind hole, and (2 )  a 2-step 
hole with a squared corner on 
the bottom of larger hole, as 
shown at A and R, Fig. 11. 

The conditions and sugges- 
tions regarding the corner it- 
self have been discussed under 
“sharp corners.” If possible, 
however, use an angle, prefer- 
ably a standard drill-point. 

For a plain flat-bottom blind 
hole, a drill point should be al- 
lowed as shown in sketch C, Fig. 
11, preferably 0.125 in. deep. 

Do not insist that the bottom 
of the hole be perpendicular to 
the hole wall. Also don’t ask for 

A B C 
32J This distonce k- I - i d - o n I y  

A t  leost No full I 9 L2 t h d s  thds 

U t I- 

Fig. 11. Blind holes should allow a drill point, preferably at least 0.125 in. 
If the hole must be tapped a recess two threads wide minimizes important 
burrs. If a drilled hole is tapped, E, show the number of usable threads 

excessively fine surface finish. two threads. See Sketch D, Fig. 
Limit tapping depth and sur- 11. But a recess is not the “final 

face-finish requirements to a set answer.” Another solution is 
distance from the bottom of the shown in Sketch E, Fig. 11, but 
hole. A recess solves this prob- here the distance to the bot- 
lem. If the hole is tapped the tom of the hole should be 2% 
recess should be equivalent to threads at least. 

, Wos her 

D 

‘Right 

n 

D Right 

5“ 
I 

_L 

A B C D E I 
Fig. 12. Undercuts are used for many purposes. Use a chamfer a s  shown at E. 
Angular undercuts D and E should be avoided if possible 
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If a special surface finish is 
required, see “Dimensioning.” 
Sketch F shows depth M for the 
required surface finish, starting 
at least YE in. from the bottom. 
If this much relief interferes 
with the function Qf the part, 
allow at least 0.032 in. 

6. Undercuts 

variety of purposes: 

or external) 

corner (internal or external) 

Undercuts are used for a large 

(a)  Thread relief (internal 

(b)  AS a substitute for a sharp 

(c) Broach relief 
(d)  Grinding relief 
(e) Assembly relief 
( f ) Burnishing relief 
Also, some undercuts are used 

in special applications. Exam- 
ples: (1) an undercut for a 
packing or flue washer, Sketch 
A, Fig. 12, or ( 2 )  an undercut 
required in bearing races for 
shield grocves. 

It is difficult to standardize 
dimensions for undercuts, ex- 
cept in the case of a thread 
(internal or external). Here the 
width of the undercut equals 2 
to 2% threads, and depth equals 
the depth of the thread at  least. 
Whenever possible, specify a 
chamfered undercut rather than 
a straight one. (See B, Fig. 12).  

An angular undercut, inter- 
nal or external, is difficult to 
produce and should be avoid- 
ed whenever possible. Usually 
when the need for such an un- 
dercut exists, a relief is required 
in both directions. 

A typical undercut in both 
directions is shown at C, Fig. 12. 
This undercut can be established 
with two separate tools. 

Sketch D, however, shows an 
angular undercut that must be 
machined with a special attach- 
ment, and sometimes obtained 
as a second operation. If a sec- 
ond operation is used, a burr 
will develop. Thus additional 
cost is incurred. 

If an angular undercut is nec- 
essary due to some functional 

requirement of the part, then 
apply it as shown in Sketch E. 
Give the 45“ angle, and specify 
width W and the maximum or 
minimum depth required. 

If an undercut is primarily 
a manufacturing aid, or relief, 
the only one that must have a 
specific dimension is thread re- 
lief (external or internal). All 
others can vary in size, type 
and direction. Therefore they 
can be left entirely to the dis- 
cretion of the screw-products 
manufacturer by an option on 
the drawing. 

Any limitations as to size, 
kind and direction should be 
stated on the drawing. Also, if a 
relief or undercut is permitted, 
it should not be less than 0.032 
in. wide by 0.005 in. deep. 

7. Materials 
There are several aspects of 

materials that must be specified 
on the print: 

( a )  Analysis. Obviously the 
analysis of the product mate- 
rial is closely related to its 
function or the methods of man- 
ufacture. You should note 
whether the material should be 
of welding quality, or cold 
forming quality if  it is to be 
crimped or heat-treated if  cer- 
tain strength requirements are 
mandatory. 

(b )  Specify stock size. For 
example, if you specify a diame- 
ter equal to stock size, you let 
the supplier know that you will 
accept standard stock surface 
imperfection. 

(c) Imperfections. If on sul- 
phurized steels you require the 
part to be free of surface seams, 
pipes or impurities, then so 
specify. In this case larger stock 
will be required to allow remok - 
a1 of the layer of stock contain- 
ing these blemishes. 

(d )  End use. In the case of 
stainless steel parts, indicate on 
print the end use of part. Thus 
the supplier is advised that 
proper annealing may be re- 
quired. In case of aluminum it 

A 

7 
Minor dia. 

-4- 
hX+ 

t 
J 
Major dio. 

k M 4  B 

Fig. 13. Always dimension 
thread length X. The pilot or 
clearance M may be marred 
by the threading tool and is 
less than the minor diameter 
or the major diameter 

is important to  specify the end 
use of the part. This will indi- 
cate what analysis and temper 
should be supplied. 

(e) Stock shape. If the ge- 
ometry of the part will allow 
use of tubing, specify i f  tubing 
is objectionable. 

( f )  Material treatment. Be 
specific in the case of carbon or 
alloy steels to  state whether use 
of HR material is objectionable. 

8. Threads 
The usable length of thread 

should be dimensioned in all 
cases, unless the end of the 
thread runs into an undercut. 

Sometimes a pilot is provided 
ahead of the thread (internal€y 
or externally). In this case, 
make sure that either the pilot 
diameter M is less than the root 
diameter of the thread or spe- 
cify on print that area M can 
be marred by the threading tool. 
See sketches A and B, Fig. 13. 
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Design of Screw-Mac hine Products (continued) 

Supplementary information has been developed on dimensioning of screw-machine parts. 

S. A. C a p p o n  

Concentricity-Eccentricity 
Both of these features represent 
relationships between circular 
surfaces of a part: A concentric- 
ity notation designates surfaces 
that must have a common center 
within certain close limits. 
An eccentricity notation is the 

distance between centers of one 
or more circular surfaces with 
its respective tolerance. 

Fig. 14 shows a part for which 
we will assume a close concen- 
tricity between two diameters, 
say within 0.004 TIR. Let us re- 
late counterbore diameter C and 
pitch diameter A in this manner. 
For good reasons, this part will 
be produced on an automatic 
with the threaded end out. A 
second operation will be re- 
quired to machine the counter- 
bore diameter C, using diameter 
B as a pilot. Obviously the con- 
centricity specifications will be 
met easily in this case. In fact, 
any screw machine should main- 
tain a 0.004 in. TIR between cir- 
cular surfaces on parts with a 
1: 1 ratio of diameter and length. 
And special tooling will hold a 
closer concentricity limit. 

Often a concentricity require- 
ment does not extend for the en- 
tire length of a surface. This 
situation is seldom noted on the 
part-drawing as it should be. A 
suitable method is shown in Fig. 
15. Possibly a note should be 
added to identify that X is be- 
ing related to  the concentricity 
between diameters A and B. 

A drawing properly dimen- 
sioned with respect to such fea- 

Ei-'dia. 
I 

Fig. 14 
I 

Fig. 15 

Overhanging toolholde irting 

u "I". 

Fig. 16 
Counterbalanced 
floating holder 

?- T 

6 f 
u 

Fig. 17 

Fig. 19 

Fig. 18 

WCI 
Fis. 20 

tures provides an understanding B, Fig. 16. For this job it is pos- 
of the functional characteristics sible to use a counterbalanced 
of the part. In turn, functional floating reamer holder with an 
aspects govern the manufactur- overhanging turning tool and 
ing method and tooling. holder to cut diameter B. 

Zero concentricity can be ob- Proper dimensioning of sur- 
tained between diameters A and faces perpendicular to the part 
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axis represents a chance for  real 
economies. If perpendicularity 
is not functional, as at A and B, 
Fig. 17, consider allowing a 
slight angle, say M” at least. 
Thus, a natural tool clearance 
is provided and surfaces A and 
B are established with minimum 
tool wear and are entirely un- 
marred. If, however, a specific 
perpendicularity is needed, then 
it should be so specified, even if 
a second operation appears es- 
sential. 

Centerlines 
It is often difficult to determine 

whether a dimension is a di- 
ameter or not. For example, in 
Fig. 18, if the note “dia” does not 
appear alongside of dimension 
A, it will be difficult to prove 
that A and B are truly diame- 
ters. A drawing should not leave 
anything to interpretation. Prop- 
er dimensioning avoids ambig- 
uities and misunderstandings. 

Perhaps the customary inter- 
pretation of Fig. 19 might be 
that A and B are diameters while 
C and D are lengths. However, 
a second possible interpretation 
is that the sketch represents a 
cross section of an extruded 
shape, Fig. 20. By adding a cen- 
terline, Fig. 21, we definitely and 
correctly identify A and B as di- 
ameters and C and D as lengths. 

However, there is still a pos- 
sibility for misunderstanding. 
Only by showing centerlines 
properly can we clearly define 
the part. The use of two center- 
lines, Fig. 22, now shows us that 
A, B and D are diameters and C 
is a length dimension. 

Now suppose we consider Fig. 
23 without centerlines. We can 
interpret the dimensions as: 

(a) The part is an extruded 
shape as above. 

(b) Diameters A and C are 
eccentric to each other. 

(c) A is a diameter; B and D 
are lengths, and C is a truncated 
diameter. 

Fig. 21 

io. 

Fig.22 

Fig. 23 I 1 Fig. 24 

__ 4 ,C-rod. 

-Ljy-----l- 

Fig. 25 

With centerlines properly 
shown the sketch does not allow 
for misinterpretation. 

In Fig 24 the  note “dia” ap- 
pears where a diameter is the 
case and also dimension E is in- 
troduced to show the amount of 
eccentricity. 

A symbol, @, can be used in 
place of “dia” to indicate diame- 
ter, but diameters must be prop- 
erly identified along with clearly 
defined centerlines. 

Radii 
Consideration should be given 

to  radii. For instance in Fig. 25, 
if one wants a perfect blend, the 
radius C must be tangent to A 

A-dia. 

u i  
Fig. 26 

and B. But if this blend is not 
necessary or functional, it should 
be replaced with a generous 
chamfer, to reduce manufactur- 
ing cost. 

Good appearance is the only 
valid reason for a radiused cor- 
ner. Only occasionally does a 
radius ease assembly or avoid 
damage to mating surfaces; for 
example, an outer bearing race. 
The race is normally ground on 
the OD and face after heat treat- 
ment, and grinding stock is left 
on these surfaces. Fig. 26 shows 
a method of dimensioning such 
surfaces, with the expectation 
that radus C will blend with the 
ground surfaces. 
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Facing Tools for Chuckers 
When the tools feeds along an arc for facing cuts, special attention must be 
paid to the effect of cross-arm rotation on operating rake and relief angles. 

Warren A. Phinney 

If you don’t know what’s going to 
happen to the rake and relief angles 
when the cutting tool is feeding along 
an arc, you may get poor tool per- 
formance, and you may even have 
smashups if the relief angle becomes 
negative. 

One way to avoid the smashups, at 
least, is to locate the tip of the tool on 
an arc passing through the center of 
the workpiece. But this method causes 
large changes in operating rake and 
relief angles during long facing cuts, 
and these changes may force the use 
of undesirably small lip angles which 
compromise tool performance and 
prevent the use of disposable toolbits. 

There is, however, a better method 
for cuts that do not go all the way to 
the center of the work. With the 
method described here, relatively long 
facing cuts can be made without intro- 
ducing large changes in operating iake 
and relief angles. 

This method can be used to advan- 
tage for short facing cuts because it 
reduces the number of tool blocks 
required for parts of various diameters 
and enables one facing tool block to 
handle various diameters without re- 
shimming of tool holders for height or 
resetting of toolholder back-up screws 
for projection height. 

Nomenclature : 
R1 is radius of max diameter cut. 
R 2  is radius of min diameter cut. 
R3 is distance from center of work 
spindle to axis of swinging cross-arm. 
R4 (to be determined) is the distance 
from the axis of swinging cross-am to 
tool tip. 
A is axis of work spindle. 
B is axis of swinging cross-arm. 
AB is distance from axis of work 
spindle to axis of swinging cross-arm 
and is equal to R3. 
A (to be determined) is maximum 
change in operating rake and relief 

angles during the course of the cut. 

Layout method 
1. Lay out points A and B. 
2. Draw circles and arcs, as indicat- 

ed, for R l ,  R2, R l -R2 ,  and R3. 
3. Locate point C at intersection of 

arcs R3 and R1-R2, and project line 
AC to point D, the position of the tool 
tip at the largest diameter cut. 

4. Similarly, locate point E and 
project line EA to point F, the posi- 
tion of the tool tip at the smallest 
diameter cut. 

5. About point B, draw arc DF, the 
path of the tool tip as it move  through 
the cut. This also checks steps 3 and 
4. For counterclockwise spindle rota- 
tion, the outline of the toolbit may be 

drawn in at this time. For inverted 
tools (clockwise spindle rotation), re- 
fer to step 8. 

6. Observe that the operating rake 
and relief angles are equal at D and F. 
To determine the maximum change 
( A )  in these angles, proceed as fol- 
lows: 

7. Construct line BG perpendicular 
to and bisecting line AE and intersect- 
ing arc AE at point H. 

8. Construct line HJ perpendicular 
to AB and intersecting arc AE at H 
and arc DF at K. The outline of the 
toolbit at K may be drawn at this 
time. Angle AKH is A, the maximum 
change in operating rake and relief 
angles. 

Note that, if the tool is inverted for 
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clockwise spindle rotation, operating 
relief at K will be less than at D and 
F. For this condition, the basic tool 
alignment may be drawn in at point K 
rather than at point F and the change 
in rake and relief angles checked at 
points D and F rather than at point K. 
This will avoid introducing, during the 
cut, operating relief angles less than 
the angles provided on the toolbit or 
toolholder. 

Mathematical method 
Tool tip location: 

(1)  R4 = VAB2 + R1 X R2 

tool tip feeding along R4: 
Change in rake and relief angles for 

R1 + R2 
2R4 cos-1 (2)  A = sin-l - - 

AB 
R4 

Change in rake and relief angles for 
tool tip feeding along R3: 

R2 R1 
2AB 2AB (3)  A = COS-' - - COS-* - 

Note that, for clockwise spindle ro- 
tation, a component of tool motion is 
opposed by work rotation. Conversely, 
for counterclockwise spindle rotation, 
a component of tool motion is in the 
direction of work rotation, so climb- 
cutting conditions may exist. Make 
sure that the feed works are suitable 
for these conditions. 

Examples of use 
This method was developed because 

of the need to face a 10-in.-OD by 

5%-in.-ID flywheel rim on a chucking 
lathe with a rotating cross-arm axis 
located 14% in. from the work-spindle 
centerline. Allowing '/a in. for tool 
approach and overtravel: 

R1 = 5% 
R2 = 2% 
R3 = AB = 14.75 
( 1 )  R4 = \/AB2 + R1 X R2 

= 15.199 
R1 + R2 

2R4 
AB a - 1  (2) A =sin-' - - 
R4 
14.750 
15.199 

ci sin-1 - 
5.125 + 2.625 

2.X 15.199 
- cos-1 

= sin-l 0.9704 - cos-' 0.2449 
= 76'01' -75'14' 
= 0'47' 

Had the tool tip been located con- 
ventionally on an arc passing through 
the center of the work spindle, the 
change in operating rake and relief 
angles would have been: 

R2 Rl 
2AB 2AB 

(3)  A COS-' -- -  COS-^ - 
2.625 

2 X 14.750 
= cos-1 

5.125 
2 X 14.750 - cos-1 

= COS-' 0.08898 
- COS-' 0.17372 

= 84'54' - 80'0' 
= 4O.54' 

In round numbers, the change in oper- 

duced from 5 deg to 1 deg. 
To clarify the change in operating 

rake and relief angles for alternate 
(not successive) tool tip locations, 
Fig. 2 shows the tool tip stationary 
and the arc of work-center travel mov- 
ing relative to the toolbit instead of, as 
in Fig. 1, the toolbit moving relative 
to the work center. In addition, the 
ratio of the work radii relative to AB 
is increased, perhaps beyond practical 
limits. 

The change in operating rake and 
relief angles is equal to the angle origi- 
nating at the tool tip and subtending 
the arc A to A2. It can also be seen 
that, if the tool tip is positioned as 
shown at D2 and D3, the change in 
operating rake and relief angles in- 
creases as compared with that for po- 
sition D. 

To minimize the change in operat- 
ing rake and relief angles occurring 
during the course of the cut and to 
equalize operating rake and relief an- 
gles at the beginning and end of the 
cut, it is necessary to calculate side 
BD, equal to R4, of triangle ABD by 
Equation ( 1 ) .  Then the change in 
operating rake and relief can be found 
with Equation (2) .  

To calculate the change in operating 
rake and relief angles for a tool tip 
located on an arc passing through the 
center of work, refer to Fig. 3, where 
A to N is the circular arc of work-cen- 
ter travel relative to the tool tip. The 
change in rake and relief angles is 

ating rake and relief angles was re- found with Equation (3). . 

Fig. 2 
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Shaving-Tool Corrections 
I. Zorich 

NOMENCLATURE: 

c = step on work 
d, = smallest work din shoved 
d = any work dia for which tool step is  

D = dia of supporting roller 
R = Distance from work center to roller 

p = tool travel post center 
X = depth of tool to be corrected 
y = length of cutting edge to form pro- 

file 
Z = c - & Z  
4 Z = vertical tool movement of tool edge, 

when floating toolholder posses cen- 
ter by distance p 

to be corrected 

center 

a = top roke angle 
/j = clearance angle 
+ =angle between tool top roke and a 

line drown from intersection of top 
roke with work diameter to center of 
work 

. Supporting 

fT -Y 

FORMULAS 
For Fig 2 

d - d, 
2 

c =  __ 

P =  c X t a n a  
,.Supporting roller C 

y = -- 
cos a 

X y X sin 
= y x cos 

= c x -  cos 

Z 1 c -  4 2  
1 Z  = R - \ / R z  - P' 

p = c X ton a -___- 

= R - \/ R' - cZ (ton a)* 
Z = c - R + R Z  - cp (ton a)' 

Shaving operations are finding 
increased use on automatics and 
turret lathes. The edge of the 
shaving tool is always on a vert- 
ical line with the center of the 
supporting roller. Here are the 
formulas for shaving-tool tool cor- 
rections for. three conditions: 

CONDITION 1-The edge of the 
shaving tool and center of the sup- 
porting roller just reach the cen- 
ter of the work, Fig 1. 

Formulas for tool correction are: 

a + B )  (1) d sin (a - $) cos ( x =--- - _____ 
2 sin a 

sin ii/ =; sin a . .  . , . .  . ( 2 )  
d 

z x cos ( a  + B l  
r cos a 

x =  
1 

CONDITION 2-Edge of the shav- 
ing tool and centerline of the sup- 
porting roller p a v  the center of 
the work but the tool step cutting 
the other diameter just reaches 
the center of the work, Fig 2. The 
toolholder is nonfloating. 

CONDITION 3-The setup in Fig 
3 is the same as in Fig 2, except 
that the toolholder is floating. 
Here A is the position when the 
edge of the shaving tool reaches 
work center and A' is the position 
when the center is passed and the 
tool step reaches the center a t  
the other diameter. 
EXAMPLE (Fig 3) :  

What is the dimension of step 

+ P )  

(3) . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 

X when c = 0.25, R = 2, a = 15" 
and p = 5"? 

\ / 4  -0.0625(tan 20 ) 
x- cos 20" -1 cos 15" 

= 0.224 
Under certain material and cut- 
ting conditions: 

(tan a)' = a constant K ,  
COS__(_.__+_-@) = constant K ,  

COS a 
Then: 7 

Reprinted with permission from American Machinist, A Penton Media Publication 
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Draw-Die Radius 
Ferenc Kuchta 

R = 0.8 [D-d) T 

where D = blank diameter, in. 

Tolerance for R = e0.005 in. 

0 0 0 0 0 0  0 0  
0 03 w n o l o  0 0 0 0 0 0 0 0  0 0 0 0 0  0 0  

0 0  * mCDr-03 N CD 0 U C V N W O  C V W D N O  

2 2  0 00000 - - @J N N r O r Q W  W m W b W  

Diameter  difference ( D - d  1 

Example: 

d = 1.00, h = 0.75. T = 0.020 

D = \/d*+4dh = 2.00 

0-d = 1 

R = 0.110 -t 0.005 

24- 1 5 
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Rules for Drawing Round Shells 
Courtesy Dayton Rodgers Manufacturing Company 

IN metal-stamping work, the ex- Draw-Reduction Rafios for Round Shells 

operation in which a flat sheet or 

or cup of fairly uniform thickness. 
In producing round shells without I 

pression “drawing” describes an (Wifhout Flange) 

Shell height =insidelheight of shell 
Shell diameter =inside diameter of sheff plus one thickness of material is formed into a 

flange, the factors that govern the 
possible height of single-operation 
drawing of a shell are: 

1. Ratio of height to diameter of 

2. Ductility of the material 
3. Corner radius 

When drawing a round shell 
(without flange) in one operation, 
the maximum ratio of height divided 
by diameter may vary between 1/4 
and a possible sh, depending on the 
corner radius and ductility of the 
material. A generous corner radius 
helps to secure greater height in one 
operation, while too small a corner 
radius may cause the shell to frac- 
ture at the radius. Soft, ductile 
material will permit drawing to a 
greater height in one operation. 

Ductility of materials is measured 
as percent elongation in 2 in. or 
percent reduction of area. In gen- 
eral, materials such as deep-drawing 
steel, annealed sheet steel (SAE 
1005 - 1015), dead-soft cold - rolled 
strip steel (SAE 1010-1020), some 
stainless steels (304, 410, 420 ” and 
4301, soft-temper aluminum (2S0, 
3SO and 53SO), soft-temper brass 
and copper will allow drawing to a 
maximum height in one operation. 
Other less ductile materials may re- 
quire one or more pre-cupping oper- 
ations; that is, additional drawing 
dies for gradually reducing the blank 
to the diameter required, and pos- 
sibly annealing between operations. 

Corner radius of the shell has a 
considerable effect on the possible 
height of single-operation drawing. 
Corner radius should, when possible, 
be specified at  a minimum of four 
times thickness of material when the 
height of the shell exceeds one-third 

shell 

Height- % Blank- Height- % Blank- Hiight- % Blank- 
Dia. Reduction Draw Dia. Reduction Draw Dia. Reduction Draw 

Ratio of Dia. Ratio Ratio of Dia. Ratio Ratio of Dia. Ratio 

.01 

.02 

.03 

.04 

.05 

.Ob 

.07 

.os 

.09 

.10 

.ll 

.12 

.13 

.14 

.15 

.16 

.17 

.18 

.19 

.20 

.21 

.22 

.23 

.24 
.25 
.26 
.27 
.28 
.29 
.30 
.31 
.32 
.33 
-34 
.35 
.36 
.37 
.38 
.39 
.40 
.41 
.42 
.43 
.44 
.45 
.46 
.47 

2.0 
3.8 
5.5 
7.1 
8.7 

10.2 
11.5 
13.0 
14.3 
15.4 
16.6 
17.8 
18.8 
19.9 
21.0 
21.9 
22.8 
23.7 
24.6 
25.5 
26.3 
27.1 
27.8 
28.6 
29.3 
30.0 
30.7 
31.3 
31.9 
32.6 
33.2 
33.8 
34.4 
35.0 
35.5 
36.0 
36.5 
37.0 
37.5 
38.0 
38.5 
39.0 
39.4 
39.8 
40.2 
40.7 
41.1 

1.02 
1.03 
1.05 
1.07 
1.09 
1.11 
1.13 
1.15 
1.16 
1.18 
1.20 
1.21 
1.23 
1.24 
1.26 
1.28 
1.29 
1.31 
1.32 
1.34 
1.35 
1.37 
1.38 
1.40 
1.41 
1.43 
1.44 
1.45 
1.47 
1.48 
1.49 
1.51 
1.52 
1.53 
1.55 
1.56 
1.57 
1.58 
1.60 
1.61 
1.62 
1.63 
1.65 
1.66 
1.67 
1.68 
1.69 

.48 

.49 

.50 

.51 

.52 

.53 

.54 

.55 

.56 

.57 

.58 

.59 

.60 

.61 

.62 

.63 

.64 

.65 

.66 

.67 

.68 

.69 

.70 

.71 

.72 

.73 

.74 

.75 

.76 

.77 

.78 

.79 

.80 

.81 
.82 
.83 
.84 
.85 
.86 
.87 
.88 
.89 
.90 
.91 
.92 
.93 
.94 

41.5 
41.9 
42.3 
42.7 
43.1 
43.5 
43.8 
44.2 
44.5 
44.8 
45.1 
45.4 
45.8 
46.0 
46.4 
46.7 
47.0 
47.3 
47.6 
47.8 
48.1 
48.4 
48.7 
49.0 
49.2 
49: 5 
49.8 
5c.o 
50.2 
50.5 
50.7 
51.0 
51.2 
51.4 
51.6 
51.8 
52.1 
52.4 
52.6 
52.8 
53.0 
53.2 
53.4 
53.6 
53.8 
54.0 
54.2 

1.70 
1.72 
1.73 
1.745 
1.758 
1.770 
1.780 
1.790 
1.800 
1.810 
1.820 
1.830 
1.840 
1.850 
1.862 
1.873 
1.885 
1.898 
1.910 
1.920 
1.930 
1.940 
1.950 
1.960 
1.970 
1.980 
1.990 
2.000 
2.010 
2.020 
2.030 
2.040 
2.050 
2.060 
2.070 
2.080 
2.090 
2.100 
2.110 
2.120 
2.130 
2.140 
2.150 
2.160 
2.170 
2.178 
2.185 

.95 

.96 

.97 

.98 

.99 
1.00 
1.05 
1.10 
1.15 
1.20 
1.25 
1.30 
1.35 
1.40 
1.45 
2.50 
1.55 
1.60 
1.65 
1.70 
1.75 
1.80 
1.85 
1.90 
1.95 
2.00 
2.05 
2.10 
2.15 
2.20 
2.25 
2.30 
2.35 
2.40 
2.45 
2.50 
2.55 
2.60 
2.65 
2.70 
2.75 
2.80 
2.85 
2.90 
2.95 
3.00 

54.4 
54.5 
54.7 
54.9 
55.1 
55.3 
56.2 
57.0 
57.8 
58.5 
59.2 
59.9 
60.5 
61.0 
61.6 
62.2 
62.7 
63.2 
63.7 
64.2 
64.6 
65.1 
65.5 
65.9 
66.3 
66.7 
67.0 
67.4 
67.8 
68.1 
68.4 
68.7 
69.0 
69.3 
69.6 
69.9 
70.2 
70.4 
70.7 
70.9 
71.2 
71.5 
71.7 
71.9 
72.1 
72.2 

2.194 
2.201 
2.208 
2.216 
2.224 
2.231 
2.28 
2.32 
2.37 
2.41 
2.45 
2.49 
2.53 
2.56 
2.60 
2.64 
2.68 
2.72 
2.76 
2.79 
2.83 
2.86 
2.90 
2.93 
2.97 
3.00 
3.03 
3.06 
3.10 
3.13 
3.16 
3.20 
3.23 
3.26 
3.29 
3.32 
3.35 
3.38 
3.41 
3.44 
3.47 
3.50 
3.53 
3.56 
3.58 
3.60 

Of diameter* When a 
radius is specified, additional draw- 
ing or flattening operations may be 

H o w  t o  use table: Divide height of shell b y  diameter; find corresponding ratio in  col. 1 .  
Percent reduction is given i n  001.2 (use t o  determine number of reductions required): Blank: 
draw-ratio is given i n  col. 3 (blank-draw ratio times shell diameter equals blank diameter  
approximately). 

Reprinted with permission from Americun Muchinist, A Penton Media Publication 
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required. In no case should the cor- 
ner radius be less than thickness of 
material for a one-operation draw. 

When the ratio of “height divided 
by diameter” exceeds %, it will be 
necessary in most cases to reduce 
the flat blank to the finished shell 
by using two or more draw dies of 
proportionately decreasing diame- 
ters. In some cases, one or more an- 
nealing operations will be necessary 
between first and finish draw opera- 
tions. The necessity of annealing de- 
pends to a large extent on the work- 
ability of the metal being drawn. 

Determination of the number of 
reductions necessary to draw a shell 
with ratios (height divided by diam- 
eter) greater than % cannot be done 
by hard and fast rules. In general, 
for ductile materials, with generous 
corner radius in the shell, the re- 
quirements are: 

1. Height equals % to 1Y’ times 
the diameter of the shell-two 
reductions will be required. 

2. Height equals 1% to 2 times the 
diameter of the shell-three re- 
ductions will be required. 

3. Height equals 2 to 3 times the 
diameter of the shell-four re- 
ductions will be required. 

It may be necessary to anneal the 
shell when more than two reductions 
are required. When corner radius is 
less than four thicknesses of mate- 
rial, add one or two flattening dies 
and operations, depending on corner 
radius desired. 

For less-ductile materials, it is 
more difficult to predict the number 
of operations required. In general, 
the measure of ductility of the ma- 
terial (percent of elongation or per- 
cent reduction of area) will determ- 
ine the maximum reduction possible 
in one operation. 

Finish of edge depends on the 
“height divided by diameter” ratio 
and on the material being drawn. 
For relatively shallow shells where 
the “height divided by diameter” 
ratio is not over 1/3, it’is possible to 
produce an edge within commercial 
tolerances without requiring finish- 
ing operations. That is, the height 

and uniformity of the edge depends 
on the size of blank used. For 
higher shells it is not possible to do 
this, and one of the following finish- 
ing operations will be required: 

1. Flange trim and finish draw 

2. Pinch trim (Fig. 2) .  
3. Machine trim (Fig. 3) .  
4. Wedge or “shimmy”-die trim 

(not suitable for small quanti- 
ties). 

A “Draw Reduction Table” offers 
a simple means of determining per- 
cent of draw reduction and flat- 
blank diameter. By dividing the in- 
side shell height by the mean shell 
diameter, a height-diameter ratio is 

(Fig. 1). 

obtained. Find this ratio in Col. I 
of the table. Directly opposite in 
Col. I1 find the percent of reduction 
of diameter ( a  measure of the 
amount of cold-working to be done 
in drawing the flat blank into a 
shell). Directly opposite in Col. 111, 
find the Blank-Draw ratio. Multiply 
the mean shell diameter by this fac- 
tor to obtain the approximate flat 
blank diameter. 

It must be understood that this 
table can only be used with round 
straight-sided shells or cups. Shells 
or cups with flanges must be inves- 
tigated by other methods. Care must 
be used when attempting to predict 
the number of operations required to 
produce a flanged shell or cup. 

EDGE-TRIMMING METHODS 

n 0 
Partly Drawn Shell Flange Trim Die Finish Drawn Shell 
Fig. 1 -FLANGE TRIM AND FINISH DRAW. This method is satisfactory for 
most shells, particularly diameters greater than 2 in. Only one additional 
die-a trimming die-is required. 

Draw with Flange Flattening Die Pinch Trim Die 
Fig. 2-PINCH TRIM DIE. This method will produce a shell with uniform 
height, but the inside edge is considerably rounded. The flange must be flat- 
tened to a sharp corner, which will require one or two dies. 

Finished Draw Machine Trim, Lathe or Grind Finished Shell 

Fig. 3-MACHINE OR BOX TRIM. Tooling cost is  generally low, but this 
method is slow. The best-appearing edge is produced, and sometimes this 
method is the only practical one. 
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Tonnage for Air Bends 
Capacity ratings of press brakes are based in air bends in which dies do not strike 
solidly on the metal. All pressure is used in forming-none in coining or squeezing. 

Roy F. Dehn  

Air-bend dies produce a bend 
with an inside radius approximate- 
ly 15% or 5/32 of the die opening. 

This means that less than an 8- 
times die opening must be used if 
a smaller radius is desired-requir- 
ing higher tonnage. 

Press ratings are based on die 
openings of 8 times the material 
thickness up to about 36 in. plate. 
Die openings up to 10 or 12 times 
are used for forming heavier thick- 
nesses of plate. 

If the die opening is too large, 
an excess amount of metal is drawn 
into the die, causing a curve to 
form in the metal each side of the 
point radius. 

If the metal is formed over a die 
opening less than 8 times the plate 
thickness, there is danger of frac- 
turing the metal in the heavier 
thicknesses, unless a small amount 
of preheat is applied. 

Effective width of die opening 
When the punch radius is equal 

to or less than the material thick- 
ness, the effective width of die 
opening to use with the tonnage 
table, page 99, i s  die width W. 

When the punch radius is greater 
than the plate thickness, the ef- 
fective width of die opening to use 
with the tonnage table is 2 times 
X shown on sketch. 

Pressure per foot 
Check tonnage required from 

table to be sure it is within the 
capacity of the machine, making 
allowance for coining and drawing 
forces required on other than air- 
bend dies. 

Bending pressure is proportional 
to the ultimate strength of the ma- 
terial for the same thickness and 
die opening. 

The inside radius of a bend is 
approximately 5/32 of the die 
opening and is about the same for 
varying thicknesses of material 
bent on the same die set. 

Heavier thicknesses of plate con- 
tain higher carbon content in or- 
der to maintain full ultimate 
strength. This results in more 
bending fractures which can be 
reduced by 10 or 1 2  times die open- 
ing or the use of special flanging 
steel. 

High tensile steel plates are usu- 
ally formed over 10 to 12 times die 
opening. 

The manufacturers of special 
steels usually recommend the radi- 
us of die opening to use with their 
materials. 

Bends across grain will show less 
breakage than when bent in line 
with the grain of the plate, es- 
pecially in the thicker plates. 

It helps to avoid cracks by 
rounding the edges of thick plates 
at  each end of the bend, on the 
outside of the bend. 

Approximate spring back: 
Low carbon steel, lo  to 2' 
0.40 to .50 carbon steel, 3" to 4 O  
Spring steel annealed, l o o  to 15O 
The same size of press brake, as 

formerly used for bends of 8 times 
plate thickness in mild steel, is 
suitable for 12-times bends in the 
popular low-alloy steels. 

If less flange width is required, 
a smaller die opening must be con- 
sidered, and this will affect the 
tonnage rating needed. 

Forming practice 
Material bent on too wide a die 

opening may not come square. Re- 
hitting with dies set closer in trying 
to square up the bend frequently 
overloads the press. The forming 
of channel or offset bends may 
require more than six times the 
load needed for a single right 
angle bend in the same material. 

To adjust a mechanical press 

Effective width of die opening 

I 

I 

brake ram and bed parallel under 
load follow these three steps: 

1. With the eccentrics on bot- 
tom center, adjust right hand pit- 
man or screw (or pitman with 
drive motor) 0.015 in. or 0.025 in. 
above left-hand end. 

2. Run both screws down to- 
gether until left hand end bottoms 
in die and stalls adjusting motor. 

3. Release adjusting clutch on 
cross shaft and run right hand 
screw down until it stalls. 

Ram and bed are then parallel 
under pressure and it is only nec- 
essary to back up adjustment for 
the thickness of the material. 

Another method is to use a short 
test piece under each end of the 
press, adjusting until equal results 
are obtained on both ends. Use 
wide enough test pieces so that the 
unit pressure will not be high 
enough to indent the dies. Another 
method is to start with a shallow 
bend and run the adjustment down 
between strokes, until the desired 
angle is formed. However, one 
must check for equal angles at 
both ends of the bend. 

Dies should preferably be of a 
closed height so that the adjusting 
screws project about one to three 
inches. 

If a load is put on one end of 
the press so that it is substantially 
performed by one pitman, it should 
be limited to half the press ca- 
pacity to avoid overloads. 

Reprinted with permission from American Machinist, A Penton Media Publication 
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Tonnage vs Stroke of Press Brakes 
This chart can be used to check the capacity of press brakes, because it shows tonnage 
available at different points in the stroke. 

Roy F. Dehn 

Data are based on a die opening sult the press-brake manufacturer work to be done on mechanical 
width W, and are correct for the with regard to the limiting effect press brakes rated with a bottom 
usual Drcmortions of width of die of the available flywheel energy. stroke capacity equal to 150% of - -  
opening to material thickness. 

Distance A is punch travel re- 
quired to make the bend, and 
equals 40% of die width W. Full 
tonnage to make the bend is re- 
quired at 0.7 A above bottom, 
where W, or width of die opening 
= 8 or more. Also, under these 
conditions, 0.7 A = 0.28 W. 

Problem: 
What length of % in. mild steel 

plate can be bent on a 320-ton 
brake with a 5-in. stroke? 

Solution: 
A 3-in. die opening would nor- 

mally be used. Therefore the height 
above bottom for full tonnage 
= 3 x 0.28 = 0.84 in. 

Percentage of stroke abcve bot- 
tom stroke = 0.084 -+ 5 = 16.8%. 

Enter the chart at 16.8% of 
stroke above bottom stroke and 
draw a dash line to the stroke-ca- 
pacity curve. 

Drop down a dash line and read 
the tonnage available at 16.8% of 
stroke equals 1.3 times full capac- 
ity, or 1.3 X 320 = 416 tons. 

From the chart “Tonnage for air 
bends,” (AM-March 28, ’66, p99) 
find that the pressure to bend 3/s- 
in. plate in a 3-in. wide die equals 
24 tons per foot. 

Then, 416 +- 24 = 17 f t ,  or maxi- 
mum length of air bend that can 
be made on the 320-ton brake, 
using %-in. mild steel plate. 

This value would have to be ad- 
justed upward or downward for 
other materials. 

If alloy-steel plate is to be bent 
on extra-wide die openings, con- 

This chart may be  used also-for mid-stroke capacity. . 
Tonnage vs stroke 

I Mid - stroke I 
50 

r“ 45 

,E 35 

e + 
40 

0 

+ + 

2 30 
8 25 

20 

u, 15 

w > 

0 
al 

L c 

y. 0 

z 9) 10 

2 5  0 

0 

Overload knockout 
se t t i ng  .-_I Percent capaci ty  above bo t tom 

of stroke 
160% 

Bend work diagram 

T 

1 
. A = 0.4 W 

A = 0.28 W 

A =  distance punch t ravels  

Punch t ravel  A = 0.4W 
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Tonnage Chart for 
Various Bend Angles 
Roy F. Dehn 

terial must be bent to less than 
a 90' bend angle, and then the 
accompanying chart provides a 
means of estimating the tonnage in 
relation to that required for a 90° 
air bend. 

The chart published earlier (AM Example: What is the percentage 
-March 28, '66, p99) gives the of tonnage for a 90° bend t h a t i s  
tonnage per foot to produce 90' required to bend plate to an inside 
air bends in various plate thick- bend angle of 1 7 5 O ?  
nesses and using various die open- According to the tabulation, the 
ings. In many cases, however, ma- percentage is 50%. Now cross 

check this by using the curve AEP. 
Solution: 
Follow the 175O inside bend an- 

gle to the right until the dash- 
line extension cuts curve AEP. 
Drop down to the scale for 100% 
air bend tonnage, and read that 
50% of that tonnage is required. 
If the full 90° bend in 2 in. plate 
requires 171 tons per foot, a 175' 
bend will require 50% of it, or 
85 tons per foot. 

Tonnage vs bend angle 

\ 
\ 

\ 
\ 

\ 
\ 

Inside bend ongle 
\ 

\ \ 

Values given are based on punch 
radius not greater than plate thickness, 
and for material with up to 65,000 psi 
ultimate tensile. 

For higher strength materials, in- 
crease tonnage values in direct gro- 
portion. 

Bend 
inside 
angle 
175O 
170° 
160° 
1 50° 
1200 
900 

yo of 900 
Bend air bend 
slope tonnage 
2%" 50 
50 65 
100 90 
15O 100 
30 O 100 
450 100 

\ 

4 L  

I * O  40 6o 

J 

D 
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Press Tools for Bending 
Don R. King 

s election of a suitable method is the initial step in de- 
signing press tools for parts that require bending. Often, 
for a given shape, there are several possible methods. 
To select the one best suited to your job, we give here 
schematic drawings of press tools to serve as a refer- 
ence guide. These are classified according to standard 
arrangements to produce basic bend configurations. 
Notes under each sketch give the advantages and dis- 
advantages o f  the particular design. 

In  most cases, the bend is shown as accomplished at 
the last station of a progressive die, in order to indicate 
the relationship of cut off. Of course, the construction 
may apply to intermediate stations, wh,ere the bend 
includes only part of the strip, or is turned parallel 
to the direction of feed. Dimensions ''32'' on certain 
sketches are likely to be critical in respect to part di- 
mensions. They should be checked for limitations of 
die wall thickness or space. 

RIGHT-ANGLE BENDS 

No. 1 
Good location and alignment 
Inclined ejection possible 
Slight tendency for part to creep 
No scrap waste 

No. 3 
Alignment may depend on stock fit in stripper 
Push-through ejection i s  possible 
Some tendency to creep 
Scrap slug wasted 
long cut-off punch required 

No. 2 
Good location and alignment 
Inclined ejection preferred 
Scrap slug wasted 
No creep if other punches are engaged 
large spring space needed in punch holder 

I 

Straddle heel  -2' 
desirable 

No. 4 
Inclined ejection required 
Tendency to creep 
No scrap waste 
Punch sharpening more difficult than other designs 
Large spring space needed in punch holder 
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RIGHT-ANGLE BENDS.. . continued 

No. 5 
Requires inverted pierce and notch operations 
No creep if other punches are engaged 
No scrap loss 
Good ejection 

r 

He0 vy r r  Must be guided 
spring 

No. 7 
More complicated and costly than other designs 
Eliminates scrap slug, when farming downward i s  necessary 
No creep occurs 

Stroddle - - - - ' '-stock 
bee/ lifter 

No. 6 
For bends with short legs only 
No creep if other punches are engaged 
No scrap loss 
More difficult to reshorpen 
Large spring space needed in punch holder 

k- x - 4  

No. 8 
l imited to thin material and short farming travel 
Eliminates scrap slug, when inside form-up i s  necessary 

No 

ACUTE-ANGLE BENDS 

. 10 
Suitable only for moderately acute angles 
No scrap waste 
Some distortion of stock i s  likely 

No. 9 
Not suited to parts of all proportions 
Resharpening die may cause difficulty 
Scrap slug is wasted 
Distortion of stock and creep are possible 

spring stop 
No. 11 

No scrap waste 
Not suited to parts of all proportions 
Resharpening may cause some difficulty 
Distortion of stock b id  creep are likely 
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ACUTE-ANGLE BENDS.. . continued 

Slide 
I 

No. 12 
Widest adoptability 

- Good-quality bend; are produced 
More costly than other dies 
Inversion of design i s  possible 

1-1 tssq n\\\\w 
Gam I Opfionol for  

ejector slide 

OBTUSE-ANGLE BENDS 

. .  

No. 14 
Inclined ejection i s  desirable 
Scrap slug wasted 
Some difficulty in resharpening 

No. 16 
Good-quality bends produced on short legs and sharp corners 
Stock distortion occurs on long legs or when 
angle i s  close to 90' 

no. 13 
Inclined ejection i s  required 
Some difficulty in resharpening 
Special backup heel may be needed 
Large spring space required in punch holder 

I 

HI?OVY' - - Must be guided 

No. 15 
More complicoted and costly than 
Scrap slug i s  eliminated when form 

other designs 
down i s  necessary 

\ 
neovy spring 

No. 17 
Desirable design when bend radius i s  large, because 

Usually unsuited to angles greater than 120" 
follow wiper minimizes stock out of control 
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OBTUSE-ANGLE BENDS - Continued 

Distorted' cut 
No. 18 

Good design only when angle is close to 90" 
Bends of good quality produced regardless of 
leg length or radius 

No. 19 
Good-quality bends when legs are short 
Push-through ejection i s  possible 
Scrap slug i s  wasted 
large spring space needed in punch holder 

CHANNELS 

No. 20 
Good location and alignment of bends 
Inclined ejection is desirable 
Scrap slug i s  wasted 
long cutoff punch i s  required 

I 

spring sfop . Possible to cbm ouf ond continue 
progressive operotbns 

No. 21 
Good design for cross-transfer operation 
Inclined ejection i s  desirable 
Large spring spoce needed in, punch holder 

'A 
No. 22 

Same notes as for No. 20 above 
Introducing an idle station avoids thin die wall 

ACUTE CHANNELS 

No. 23 
Good quality bends are produced 
Special ejection requirements must be met, but inversion 

Cross-transfer or cut-and-carry progressive 

Closely fitted guides or nest are required on 2nd operation 

moy help 

operation may be employed 

2nd Operation I st Operation 



24-26 

ACUTE CHANNELS - continued 

No. 24 
Good quality bends produced; even 90” bends 

Not used for  heavy stock or extreme acute angles 
Special ejection means are required 

in springy material 

Shorr heavy spring I 

WINGED CHANNELS 

b 
, 

Radius required on par f 

Radius required’ 
on porf 

No. 26 
Bends usually of poor quality, but die cost i s  low 
Distortion remains from “slip forming” unless 

Not suited to pdarts of all proportions 
straightened by spanking 

‘Pivoted 
die members 

No. 20 
Bends of fair quality 
Do not use for heavy stock 
Die more difficult to construct, but 

useful for odd angles 

No. 25 
l imited to small parts 
Fair-quality bends produced, but wings will not 

large spring space may be required in punch holder 
be square unless spanked 

7 Firsf operotion 
No. 27 

Bends of best quality produced 
Two operotions are required; these may be cross-transfer 

or cut-and-carry progressive 

Optional spank 

1st Operot ion 2nd Opera t ion  

No. 29 
Fair quality bends 
Useful for odd wing angles 
Inversion of design i s  possible 
Die may be cross-transfer or cut-and-carry progressive type 
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n Oper or ion 

I .st 0 p e r o t ion 

RETURN FLANGES 

No. 30 
Two operations are required, but method 

Special ejection means required, but 

Piece may be cross transferred or made in 

produces good-quality bends 

inversion may aid ejection 

cut-and-carry progressive die 

Z-BENDS AND OFFSETS 

No. 32 
Fair quality bends 
Slipp'age of stock will cause some 

Die is low in cost 
variation in, bend location 

Spring ejector possible 
I 

Final Stat ion t,,j Sta t i on  

No. 34 
Good quality bends 
Special ejection requirements 
Inverted piercing and notching required 

No. 31 
Good quality bends on small offsef 
low die cost 

i 
Heovy 

No. 33 
Good quality bends produced 
Slight tendency to creep is minimized 

large spring space required 
Pads must be guided 

by balancing spring pressures 

END HOOKS 

d dditionol possi&ility 

Final  Stat ion L x - 4  Stat ion 

No. 35 
Notes same as  a t  left, except 

that slight distortion of bend radius 
may occur 
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Wing Bending methods 
Tangent and stretch bending methods and folding techniques are opening up new economies 
in making sheet-metal products by wrap-around instead of multi-panel construction. 

Edward P. Schneider 

Wing-type and stretch-bending 
equipment are used in the metal 
working industry for the produc- 
tion folding, tangent bending, and 
stretch bending of preformed sheet 
stock, bars, tubes, structurals, and 
extrusions with sections like those 
shown in Fig. 1. The greatest pro- 
portion of these jobs is done on 
the tangent bender due to the 
capabilities of the machine, its rel- 
atively high production rate, and 
the quality of work attainable. 

Material-Use of wing-type and 
stretch bending machinery involves 
processing parts made from vari- 
ous grades of these materials: 

(1) Low carbon steel 
( 2 )  Stainless steel 
(3) Drawing-quality steel 
( 4 )  Copper and brass 
( 5 )  Aluminum 
(6)  Magnesium (in heated dies) 
Material properly selected and 

prepared for bending operations 
meets these conditions: 

(1) Sufficient elongation 
( 2 )  Preform section design suit- 

able for proper dies and insert 
support during bending. 

(3 )  More complicated preform 
designs can be supported by man- 
drels, or mechanically actuated die 
inserts during bending. 
(4) A preformed section prop- 

erly dimensioned for the tangent 
bending process is illustrated in 
Fig. 2. In this typical section, as 
dimensioned, it is understood that 
mill tolerance of + 0.005 in., 
-0.003 in. metal thickness (MT) is 
acceptable. 

The bending methods illustrat- 
ed are normally used for making 
up to 90" metal folds or radius 
bends in flat or preformed metal. 

Metal folding is a wing-type 
bending method by which com- 

Typical preformed sheets To n g en t- bent sheets 
h 

Extrusions 
Tongent- bent structurals and extrusions 

1. These preformed sheets and tangent-bent parts are only a few of the many 
shapes that lend themselves to wrap-around construction of products 

paratively sharp bends are made 
in flat or preformed sheet metal 
to produce cabinet shells and parts 
with sheer or well-defined corn- 
ers. Where preformed material is 
processed through a metal-folding 
operation, corner notching is util- 
ized so that no side flange upset- 
ting or stretching is done, as in 
the case of tangent bending. 

Tangent bending is a metal-form- 
ing process in which flat or pre- 
formed material is precision-bent 
to a specified radius. This type of 
bending is accomplished by a con- 
trolled rocking movement of a 
straight block-type 'rocker die' 
around a properly positioned 'ra- 
dius die.' The bending takes place 
in small, progressive increments, 
always at the tangent point of 
rocker die application. At this tan- 
gent point the material is confined 
so tightly between the die elements 
that each stage of progressive met- 
al movement causes continuous 
flow into a wrinkle-free bend. 

The rocker die component in a 
properly designed tangent bend- 

I I  

2. Tangent-bent parts should be 
dimensioned to the outside of the form 

ing die does not merely slide 
around the bend to set the metal 
down; its movement with respect 
to the material being processed is 
positively controlled by mechani- 
cal means. 

The bending methods illustrated 
are normally used for making up 
to approximately 100" bends in flat 
or preformed metal. Variations in 
design of a product and the bending 
machine result in bends up to 180' 
for the wing-type bending meth- 
ods shown in Figs. 5 and 6 on 
special applications. 

The pivot point in each of the 
four bending methods shown cor- 
responds to the swing center of the 
bender wing in a properly designed 
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and efficiently maintained setup. 
For either of the fold-action 

bending methods in Figs. 3 and 4, 
the pivot point is exactly in line 
with the top surfaces of clamp and 
wing dies, and is at a distance of 
MT (or slightly less) from the 
nose of the radius die. 

Right angle bend-fold action 
This wing-type bending, or fold- 

ing method, Fig. 3, is usually em- 
ployed in leaf-type sheet metal 
bending brakes or plain wing type 
folding machines where a ‘sharp’ 
corner is desired. Although the 
nose on the radius die may be ma- 
chined to get a small inside radius 
in a fold, actual production will 
check between MT and 2 MT in- 
side radius. 

For ‘sharp’ folds in sheet metal 
having inside radius = MT (or 
less) it is always advisable to con- 
sider coining them on a press 
brake. 

Radius bend-fold action 
Technically this is the same ac- 

tion, Fig. 4, as utilized in Fig. 3, 
differina mainly in that a greater 
uniformity of forming from end 
to end of the bend is possible. This 
method cf fold-action radius bend- 
ing requires a much greater over- 
bending allowance as well as a 
means of checking the unwinding 
of the bend when the bender wing 
swings down. 

Radius bend-wipe action 
In this type of wing-action ra- 

dius bending, Fig. 5, the pipot 
point, or wing swing center, cor- 
responds exactly with the center 
of the radius on the nose end of 
the radius die. 

The wing die pushes the part 
metal against the radius die and 
skids on the outer surface of the 
bend area as the bender wing 
swings up. This action Lwipes’ a 
bend in the part metal. Overbend 
requirements are less and more 
positively predicted in this method 
of radius bending of flat sheet met- 
al  than in bending methods de- 

Fig. 3 Right - angle- 

Fig.4 
-P 

Wing die 

c 
Wing u ‘ Wing dieinsert 

fold action 

I+ & ’Ir’ Fig. 5 

Radius-fold action Radius -bend wiping oc tion 

Radius 
3 to 6. Four process variations 
are possible. The choice depends 
on work quality demanded 

Fig.6 

Tangent bending action 

scribed under Figs. 4 and 6. The 
wiping pressure is readily varied 
by shimming or spring loading 
the wing die to give desired setting 
effect to the bend as it is made. 

Radius bend-tangent bending action 
In this type of wing-action ra- 

dius bending, the pivot point, or 
wing swing center corresponds ex- 
actly with the center of the radius 
on the nose end of the die. 

Die space distances are at stan- 
dard 3-Dlace decimal dimensions, 
plus 0 000 in., minus 0.002 in., for: 

(1) Bolster to pivot point, verti- 
cal direction. 

( 2 )  Pivot point vertically to 
beam in clamping position 

( 3 )  Pivot point horizontally 
away from wing to beam 

In this method of wing-type 
bending, the rocker die applies 
canti-lever-beam type bending 
forces to the material in progres- 
sive increments, always tangent to 
the radius die during the comple- 
tion of a bend. 

Normally there is no skidding of 
a rocker die on part material as a 
tangent bend is made or as bender 
wing returns. This feature makes 
the process ideal for bending pre- 
coated or pre-finished stock. 
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Spring-Back Control 
Don R. King 

The problem of springback occurs 
in almost every bending operation. 
Even with dead-soft materials, 
springback may become serious 
where accuracy of the bend is re- 
quired. 

The pressure-pad type of wiped 
bend, Fig 1, is usually considered 
superior, but it is not always the 
complete answer. A point often 
overlooked is the rather high pad 
pressure required. This may be dif- 
ficult to obtain unless a cushion is 
available in the press. 

Standard formulas will give the 
approximate holding pressure, but 
in all cases the die should be tried 
out in “slow motion”. If at any 
point in the bending stroke, a sepa- 
ration can be detected between the 
stock and the punch, more spring 
is needed. A relief angle on the 
punch, as shown, and a tight wiper 
setting are of some help. 

“SPANKING THE BEND 

Another means of giving a more 
definite “set” to the material is il- 
lustrated in Fig 2. Here “spanking” 
of the bend area occurs at the bot- 
tom of the stroke. Careful stroke 
adjustment is required to prevent 
abnormally high pressures. S6me 
improvement may be gained by al- 
tering the spanking radius to re- 
duce the area of contact, but this 
partially defeats the purpose, and 
does not set the entire bend area. 

One of the most satisfactory con- 
trol methods is shown in Fig 3a. 
Here the pad and punch are con- 
structed on an angle to compensate 
for the amount of springback. Uni- 
formity of bends is good and not 
affected by the mess stroke. As an- 

FIG 1 FIG 2 

FIG 3a FIG 3b 

plied to channels, Fig 3b, this meth- terial is ironed or stretched. It 
od is limited to combinations of seems doubtful that the friction in- 
channel width and material thick- volved can produce stretching, and 
ness that will not be permanently ironing mostly takes place after the 
overformed by the compensation. bend is complete. A more likely 

The usual explanation offered for explanation is that the wiper block 
the superiority of the pressure-pad, or the entire die yields, and after 

~~ ~ ~~- -_ wiped-type of bend is that the ma- passing tangency of the bend, re- 
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FIG 4 FIG 5 

covery takes place and produces a 
small amount of overbending. 

Extension of this reasoning led to  
the construction shown in Fig 4. 
Controlled movement of the wiper 
is introduced by means of springs 
and stops. The amount of move- 
ment required is very small. A few 
thousandths past tangency will cor- 
rect a considerable angle of spring- 
back, and the simple spring-hinged 
wiper will be satisfactory in most 
cases. On light material, auxiliary 
springs may not be required. 

Until now, we nave considered 
only cases where the wiper is close- 
ly fitted, with stock clearance only, 
and have ignored the wiper-nose 
radius, as it has little effect under 
this condition. In Fig 5, a small 
clearance is provided between 
wiper and punch, in addition to 
stock thickness, and the wiper 
radius (actually length L )  plays 
an important part in controlling 

spring back. When length L is in 
proper proportion, a small amount 
of “air bending” takes place at 
some point in the bending cycle. 
This is added to the formed bend, 
resulting in an overbend sufficient 
to counteract springlback. The 
amount of overbend increases with 
an increase in L. It is also affected 
by the clearance, but it is easier to 
maintain this at about 5% of stock 
thickness and alter the nose radius. 
Exact dimensions will usually have 
to be determined by experiment. 
For a starting point, Table 1 shows 
the approximate dimension that 
will produce a slight overbend. 

When the benld radius is large in 
proportion to stock thickness, the 
wiper radius becomes rather large. 
If space is limited, the nose contour 
shown in Fig 6 may be substituted. 
With this arrangement, L may be 
about 60% of the dimension for a 
plain radius. 

table I . . LENGTH OF 1 TO OVERBEND 

BEND RADIUS LENGTH L 

R = Sharp 4 t  
R = X t  6 t  
R = t  10 t 
R = 2 t  15 t 

Break corners 
l‘, 

FIG 6 
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Bock 
toper 

Control of U-Shaped Bends 

R' 
f '  

Bernard K. H. Bao 

k i f 7  

Long U-shaped pieces are often 
troublesome to make when close 
tolerances are required across the 
bends. Various corner-setting 
means are used in die design to 
compensate for spring back. And 
usually strip-stock tolerances are 
required in production. 

The method described in this 
article, in the author's opinion, 
is the most efficient way to control 
spring back when the inside bend- 
ing radius is less than three times 
the stock thickness. Stock with 
a close thickness tolerance is not 
required. Regular sheet-stock tol- 
erance is satisfactory in piece- 
part production. It is also possible 
to overbend a piece 2" to 3" when 
required. 

The set corner on the die block 
is ground with a radius R + t 

08 I ol fbis point 

- 

and is stopped at Yzt, as shown in 
Fig. 1. For soft and '/4 hard CRS or 
aluminum, the punch is made 
square (without back taper) for 
a 90" bend. Back taper is allowed 
on the punch side when overbend 
is required. Clearance between 
punch, die and pad is made 
to maximum stock thickness 
(t,,, ) In calculating the dimen- 
sion h, use minimum stock thick- 
ness. A nomograph, page 157 sim- 
plifies the calculation of h. 

A regular rubber stamp, as 
shown in Fig. 2, may be used to 
show detailed dimensions of the 
set corner. Dimensions are filled 
in after all calculations are made. 

Usually it is difficult to hold 
a close-tolerance bend in one 
bending operation for a part as 
shown in Fig. 3. For example, a 

piece with a large radius (say 8 to 
10 times stock thickness) on one 
side and a smaller bending radius 
(say less than 3 times stock thick- 
ness) on the other side. By using 
the set corner described, it is pos- 
sible to bend this part in one op- 
eration, The punch face and pad 
are ground at an angle to compen- 
sate for the spring back of the 
longer leg, Fig. 4. For the shorter 
leg the punch side is ground with 
a back taper to over-bend the 
shorter leg for the amount needed. 

Punch radius R' for the longer 
leg usually is smaller than R on 
the finished part. It may be cal- 
culated* once the angle of spring 
back is determined by tryout. 
*Refer to BAO Stamping Calculator sold 
by BAO Slide Co, P.O. Box 7902, Chicago 
80, 111. 

Fig. 1 Fig2 

Fig.3 Fig.4 
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Determining 

4 P t m i n .  

0:15 
0. 14 
0.13 
0.12 
0.1 I 
0. IO 

0.09 

0.08 

0.07 

0.06 
1 - -  

Sample c o l c u l o t i o n  
Bend radius R=0.062 +0,003 
Stock = No.16GA (0060)- 
t ,,,in , =  0.057 
r =3/tmin,= 0.1048 
:. h = 0.077 

die block dimension " h "  

h 

[ 030 

Form u I a : 
h=dtmin, ( r+3/4tmin)  

Minimum stock th ickness ( t,-,.,in,) is used 
for calculations. 
Maximum stack thickness should be used 
for dimensioning the die. 

0.20 i 0.15 

0.03 

0.02 

0.15 

0.0 I 
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Types of Valves Used 
in Hydraulic Transmissions 

Fig. I-Schematic diagram of rotary reversing valve. Oilwoys 
in an oscillating cylindrical plug register roith ports rvhich 
connect both the main oil line from the pump and the dis- 
charge tine to the reservoir with either end of the operating 
cylinder. When oil is directed f rom the pump to one end of 
the operating cylinder, oil in the other end of the cylinder is 
discharged through the reversing value to the reservoir. One 
position of the reversing valve shown. 

PUMP 

Fig. 3 - Spring-loaded relief calve. This valve is placed in the 
piriirp discharge line to permit oil to escape from the line to the 
reservoir when the anioimt of nil delivered by a constant-dis- 
charge picnip is  more than is needed. High pressure over- 
comes the compression of the spring. lifts the valve from irs 
seat, and by-passes the oil iiirtil the pressure drops below the 
compression adjustment of the spring. 

MAIN OIL LINE 
-FROM PUMP 

Valves are the nerve center of hydraulic circuits. 
In machine tools, they provide reversal of mo- 
tion, dwell and throttling action, sequence con. 
trol, and relief of oil pressure. Some of the corn. 
inon forms of these valves are illustrated. Data 
and illustrations supplied from Socony-Vacuum 
Oil Company publication ”Hydraulic Systems.” 

TO CYLINDER h3 2 

SPOOL 

I 
TO CYLINOER 

NO 1 FROM PUMP 

Fig. 2-Sequence controt valve. Some machines are designed 
so that one series of motions mttst be completed before 
another series can start. This type valve prevents the flow of 
oil IO No. 2 operating cylinder until the motion in No. 1 
cylinder has been completed. Both ends of  the freely floating 
spool are under oil pressure. The end exposed to pump pres- 
sure is sml ter  than the end exposed to pressure from No. 1 
cylinder. From the pump, oil flmm through a coil o f  tubing 
which slightly restricts the oiTf7orv. 

Pressure in No. 1 cylinder and on .Yo. 1 end oj the valve 
spool is less than the pump pressirre, and thrs di#erence on 
the ends of the value shifts the spool rotunrds the low pressure 
side. Flow of oil to No. 2 cylinder is prevented. Fhen  motion 
in No. 1 cylinder is completed, oil no longer flows through the 
coil. Pressure on both sides o f  the ralve is equalized. Full 
pump pressure now acts on the large end of the spool, and the 
spool shilts to admit oil .to No. 2 cvlinder. 

Fig. #--Stop valves risually pluced in the main oil line from the pzrnrp are operated 
mantially or by cams. They are designed to stop the machine at a predetermined point. 
When the spool is shifted to a stop position, the flow o f  oil is interrupted and machine 
motion halted. Uhile the ninchine is idling, the oil is bypassed at loto prrssrire to the 
reservoir thereby reducing power costs. The nrachine is restarted either nranuaiiy by the 
operator, or by cams trhich nroLe the valce to a neic position. 
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c 
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011. L S U E R  PRESSURE SflOWN 

Fig. 5-Reuersing value. This valve 
direcrs oil flow in and out of either end 
of an operating cylinder. .4 separate 
pilot value, Fig. 6, controls the oil pres- 
sure. The reuersingwulue spool main- 
mins a central position and f l o a r ~  
between tur, springs. Pilot ralue action 
moves the spool. When the spool is az 
one end of the valve, oil under pressure 
flows from the pump through the valve 
into one end of the operating cylinder, 
and at the same time, oil i n  the oth'er 
end of the operating cylinder is dis- 
clcorged into the reservoir. 

r 

nil. I \  THE RETURN CiRCUiT 

TO FROM 
OPERATING OPERRTING 

CYLINDER CYLINDER 

'OIL FROM 
PILOT YALVE 

FROM MAIN OIL LINE 

' - M I I N  OIL LINE OIL TO'  
FROM PUMP PILOT VALVE 

FROM REVERSING VALVE. , 

SOLENOID 

HI 
I 

... "I" lL - 
rt I --* O n i  

W I ~ I - T O  RESERVOIR-IT; F 

1 

FROM 
MAlH OIL 

L!NE 

I 
Fig. G---Pilot value. I n b o w  urtd l e / ( )  Spools of these valves 
are thrown by cams or dogs, or may be moved magnet- 
ically by solenoids. Oil pressure from the pump is di- 
rected alternutely io both ends by means of a reversing 
snlre. Fig. 5. 

Figs. 7 and d---DweU and throttling values. These 
spring-loaded valves are actuated by cams or oil 
pressure. Cam action nwves the spool and shuts 
o# this free oil delivery. permitting only a 
restricted oil flow through throttling adjustment. 
I n  the pilot valve line, thrk d u e  decOys action of 
the reversing valve and permits a period of dwell 
at the end of the stroke of the operating piston. 
The change f rom free to restricted flw may be 
abrupt or gradual, depending upon the spool em. 
pluyed. In pressure actuated calves, Fig. 8, the 
talce i s  no'mally held closed by the spring. 
Delivery of oil is restricted by a throttling adjust- 
ment as long as the valve is closed. When flow is 
reversed, oil pressure l i f ts  the valve and permits 
free delivery of the oil. 

THROrTLlNG TO PILOT 

FROM 81 
MAIN 

OIL LINE 
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8 Ways to Make a Poppet Valve 
Low seat forces can keep a tight seal-even for metal-to-metal seating. 

Dominic J. Lapera 

CAPTIVE DISK keeps bubble-tight seal 
when spring pushes it against conical seat 
in valve body. This, the most common 
design, is often found in checkvalves. I t  
gives reliable service. 

CONICAL STEM bears against sharp cor- 
ner of soft plastic disk. Concentric re- 
tainer, which screws into the valve body, 
holds disk in place which is located by 
recess in body. 

FLEXIBLE METAL SEAT can stand 
higher temperatures than plastic, but be- 
cause flexing takes up some irregularities, 
it doesn’t require the high seat loads nor- 
mal with metal-to-metal valves. 

O-RING SEAT will open a t  same pressure 
as consistently as much more expensive 
valves. However, cracking pressure must 
be quite high when compared to pressure 
at  the normally rated flow. 
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LIP-SEAL SEAT requires smaiest force 
to be bubble-tight. Large forces flatten lip, 
so design works best when differential 
across seat is low. Example is a relief valve 
where fluid pressure opposes spring force. 

PLASTIC POPPET cannot stand shock 
loading. Accurate machining for a good 
seal is easy because poppet guide and seat 
are in the same piece. Best angle between 
cone and seat is 20 to 30". 

Diaphragm 

METAL DIAPHRAGM backs up seat 
wafer and presses it to contour of the 
cone. This compensates for irregularities 
common on large valves. Wafer must be 
thin enough not to wrinkle when deformed. 

BALL forces plastic diaphragm against 
spherical seat. Vent will keep pressure 
from building up behind the ball which is 
not a force-fit in socket. Spring strength 
determines cracking pressure. 
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Weirs Replace Gate Valves 
Simplify control of wastewater flows to treatment facilities. 

Robert 0. Parmley 

he original metering manhole (Fig. 1) distrib- Since two treatment facilities were designed to T uted wastewater flows to three separate treat- each receive 40% of the wastewater and one only 
ment facilities and were hydraulically controlled 20% of the flow, the two former weir boxes would 
daily by manually adjusting gate valves. Since flows have to be capable of discharge twice the volume of 
to each treatment facility were not identical, the the third. This ratio was achieved by making five 
operator had problems maintaining proper identical v-notch weirs. Two were placed on two 
hydraulic loading. Attempts were made to alter- weir boxes and only one on the third. Refer to 
nate discharges, but the influent wastewater quan- Figures 4, 5 and 6 for the exploded views of these 
tities varied which resulted in a significant unbal- assemblies. Note that the throats of weirs must be 
ance to the treatment components. placed at the same elevation. 

This arrangement insures accurate distribution, 
Solution: Modify the metering manhole by cost-effective design, low maintenance and trou- 
removing the three gate valves and replacing each ble-free operation. 
with a weir box. Refer to Figures 2 and 3 for gener- 
al arrangement. 

20% FLOW 

Figure 1 
Plan view of original 
metering manhole 

GATE VALVE 

----c - 
100% FLO 40% 

STILLING WELL 
FOR METER 

40% FLOW 

FLOW 

Plan View of Oriainal Meterina Manhole 
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b O P O S E 0  WEIR EOX?A* 

Figure 2 

FROM FINAL 

PRomsED 6 ’  P V C  soa 21 (TO DOSING TANK BED 5) 

C ~ C O N N E C T I O N  SLEEVE 

PROPOSED 6. D I CLASS 52(FLG) 

EXISTING Z’EFFLUENT RECIRCULATION PIPE 

PROPOSED WEIR B O X E S  

SEPTIC TANU 

EXISTING 6‘PIPE TO DOSING TANK-BEDS I # 2 

PLAN VIEW-EXISTING METERING MANHOLE W/MODIFICATIONS 

EXISTING FLOW RECORDER: STEVENS MODEL 61 R 
REPLACE EXISTING ENCLOSURE v/NEW STAINLESS 
STEEL,WEATHERPROOF ENCLOSURE 

s ECTI o N u~ - C” 
Drawings Courtesy of Morgan & Parmley, LTD 
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flSTAINLESS STEEL HEX NlJ7t ’L.M (4 REP’O. P E R  WEIR) 

Figure 4 

Figure 

WATERPROOF GASKET 

STAINLESS STEEL N ~ T ~ ’ ( B  REQ‘D) 

E X I S T I N 6  PIPE FLANGE 

’ (8  REQD.) E X I S T I N G  M E T E R I N G  M.H. 

.?O ‘.e. 
I L E S ~ P I P E  FLANGE HOLES 

F I E L D  DRILL BOLT HOLES 

Exploded View of Weir Box @ Discharae “A” 
$STAINLESS STEEL NUT(EOLT ( ~ R E Q ’ o . )  

I 

Exploded View of Weir Box @ Discharge “B” 
+ * S T A I N L C S S  STEEL N U T ~ E O L T ( B  REP\DJ 

Figure 6 

Exploded View of Weir Box @ Discharge “C” 

Drawings Courtesy of M o r g a n  & Parrnley, LTD 
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R6gulating Valve 
Robert 0. Parrnley 

he previous article described the distribution tions best by alternating cycles, i.e. dosing/ rest- T of wastewater to three sperate treatment ing. As an alternative to regulating valving and 
facilities. Prior to final treatment, the wastewater complex electronic controls, a simple, automatic 
is temporarily stored in a dosing tank. Refer to siphon was selected. This mechanism, too, is cost- 
Figure 1 for an overall schematic layout. effective, low maintenance, and provides reliable 

trouble-free operation. The final treatment process consists of a sub-sur- 
face rapid sand filter. This type of treatment func- 

FUTURE TREATMENT CELL 6 1 

I - - - - - - - -  -- 
I f :  

I4 

Figure 1 
. .  
I '  I 

CELL 5 20% 

DOSING TANK 6- 
D O S I N G  TANK 0-i 

I r 1 

4; 
Schematic of Wastewater Treatment Facility 
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Figure 2 

* J D’ *o 

1YP.--. 

I 
FUTURE SIPHON(HEA0 NOT 

6‘ P t P C  FROM METERING M. H 
4:6“f . 

Plan View - Dosinq Tank 

2 NQ 4 REBAR5 

Section “D-D” SEE DETAIL RELOW 

Figure 4 

IGH WATER ECEV. 1283.96 

LOW WATER ELEV. 1282.55 

-\NU EL. 1281.75 ’ 

TORE0 5 

Siphon Detail 

Drawings Courtesy of Morgan 8, Parmley, LTD 
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Triple-Duty Valve 
One valve meters propellant, loads and fires 
BB shot in COS powered handgun. 

AS-OPERATED pistol uses COS car- G tridge in the handle to fire 0.177 
BB’s. The cartridge is screwed up against 
a puncture pin which pierces the sealed 
cap and channels the gas into the mani- 
fold. A metering orifice is used to 
reduce gas flow during She time the 
valve is opened. Gas flow and the amount 
of gas used are controlled by the spring- 
loaded valve and piston assemblies Dummy 
which also feed the BB’s into the barrel. 

With a CO, cartridge installed in the 
pistol, gas flows through the hollow 
puncture pin, filter, and metering ori- 
fice into the manifold valve chamber. 
The gas pressure, A, holds the piston 
against the elevator and the valve tightly 
against its seat on the rear of the piston. 
This restricts the gas to the manifold 
chamber. 

When the trigger is pulled the elevator 
is raised until the nose of the piston 
contacts the cam face of the elevator, B. 
Gas pressure drives the piston and valve 
forward, camrning the elevator up until 
the BB in the elevator is in line with 
the barrel. At this point the forward 
motion of the valve stem is arrested 
by the valve retainer. The piston con- 
tinues forward, unseating the valve, C, 
and the gas is released from the manifold 
chamber. The gas passes through the 
hollow piston and drives the BB down 
the barrel. 

The pressure in the manifold chamber 
drops to atmospheric as the metering on- 
fice limits the flow of CO,. The piston 
spring, assisted by the spring-loaded cam 
on the elevator, retracts the piston where 
I t  closes off the valve. The manifold 
chamber is sealed and gas passing 
through the metering orifice builds up 
pressure. The descending elevator aligns 
with the ready magazine and another 
BB is pushed into the elevator. The 
Pistol is loaded and ready to fire. 

Metered gas Row conserves gas and 
Permits over 100 shots with one 8.5 gr 
coz cylinder. Average velocity of 375 
fPs is maintained during the usable life 
of the cylinder. Capacity of pistol is 
150 BB shots with 5 at a time channeled 
into a ready-to-fire magazine. The 
Daisy COS 100 semi-automatic pistol is 
Produced by the Daisy Manufacturing 
CO, Rogers, Arkansas. 
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Flow Regulator Valve 
Robert 0. Parmley 

his simple, self-cleaning device is designed to 
T d  eliver a continuous quantity or flow of liquid over 
a relatively broad range of pressure. The controlling 
component is a precision engineered, flexible orifice 
which adjusts its opening area inversely to the active 
pressure. When flow pressures are below the threshold 
point, the flexible component responds as a fixed ori- 
fice. However, when pressures are encountered above 
the threshold level the inserts commences to distort or 
restrict thus reducing the orifice area and thereby main- 
taining the desired flow. 

These regulators are widely used in various mecha- 
nisms, including: water systems, fire protection facili- 
ties, medical devices, filling equipment, drinking foun- 

tains, filtering units, fan coils, cooling tanks and similar 
systems. 

Refer to Figure 1, which illustrates an inexpensive 
installation in a municipal pumphouse. It was incorpo- 
rated into the interior piping design to protect a public 
potable well from being over pumped. In the event of a 
major fire or main break, the distribution system pres- 
sure would be significantly reduced thereby normally 
allowing the well pump to produce a larger delivery. 
This condition would result in a greater drawdown of 
the (cone of influence) pumping level, well below the 
well screen top, and air would be introduced into the 
system. The flow regulator, shown in Figure 1, avoids 
this adverse condition. 

Operating Principle 

HIGH PRESSURE FLOW -c 

Figure I 
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Fuel Injection Systems-Secondary 
Problems 
Vapor suppression and idle fuel metering are two stumbling blocks to perfect fuel 
delivery. Here are several ways to overcome these problems. 
Gerald Bloom 

Fuef tank 

VENTED PRESSURIZED SYSTEM. Boost pump 
supplies fuel under pressure to the metering 
pump: unused fuel returns to tank through re- 
striction which maintains pressure. Recirculated 
fuel helps cool the metering pump, which, 
i n  turn,  helps reduce vapor format ion.  

Aspirator 

Pump 

ASPIRATOR SYSTEM. Fuel is drawn from tank 
by metering pump suction. Then it spins in the 
swirl chamber where liquid and vaporized fuel 
separate by centrifugal force. Vapor is drawn 
off by low pressure generated by return flow 
through aspirator. System is very inexpensive. 

UNVENTED PRESSURIZED SYSTEM. Boost pump 
pressure i s  set high enough t o  condense a l l  
vapors, which eliminates loss of fuel constitu- 
ents, but fuel cooling is lost. The boost pump 
should be kept as close as possible to tank to 
minimize inlet pressure drop and negative head. 

izt Metering 
system 

Boost pump 

Fuel tank 

FLOAT BOWL. Fuel is  pumped to the float bowl 
as i n  a normal automotive carburetor. Fuel 
vapor vents to the atmosphere where the more 
volatile elements of the fuel  are lost. System 
is considered excellent for ground and marine 
applications, but can't handle altitude problems. 
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Air- 
flow 

Ild 

Metering 
system 

Air venturi 

Jhrotfle-controlled 
idle by-pass valve 

t 
Jo distribufion 
system 

IDLE BY-PASS. Venturi pressure drop in mass- 
flow metering system is too low to give a usable 
signal at idle. So, main metering system is by- 
passed by a throttle-connected valve which meters 
fuel at supply pump pressure to maintain a 
proper idling speed and eliminate engine stalling. 

- -  
Air - Air to intoke 
flow manifold 

Atmosphere - --+ 

-Adjustable 
idle stop 
Calibrotion spring 

-Metering control 
piston 

+TO metering pump 

IDLE STOP. Speed-density system requiring idle 
enr ichment  can be designed wi th  a f ixed 
stop (shims or adjustable screw) to prevent con- 
trol piston from going to zero output position. 
A s p r i n g  as the i d le  s top  permi ts  leaning 
out when wheels drive as in driving downhill. 

AIR-SIGNAL BIASING. Though unusal require- 
ment is for enrichment at idle, some engines do 
not scavenge cylinders and need to lean the fuel. 
Here, the pressure differential at idle opens a 
check valve, a i r  f lows th rough  ventur i ,  
sending a reduced pressure signal to the system. 

Return 
to -c=!=!a 

Solenoid valve 

Nozzles 

system Distributor 

MOTORING CUT-OFF. When wheels drive engine, 
ideally fuel should be shut-off. This is done by 
opening by-pass solenoid valve, which prevent fuel 
line pressure from building up enough to open 
nozzles. Solenoid is energized by throttle pis- 
ton and engine speed or intake manifold vacuum. 

water 

-Manifold 
pressure 

COLD ENRICHMENT. To provide extra fuel for 
a cold engine, metering system is set rich. As 
engine coolant warms, thermal actuator gradually 
leans the fuel/air mixture. Another method uses 
a temperature-sensitive switch to feed fuel di- 
rectly into the intake manifold of the engine. 
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Pumps.. . Major Classes and Types 

ne of man’s oldest aids, the pump today ranks second only to 0 the electric motor as the most widely used industrial 
machine. Anything that will flow is pumped-from highly volatile 
ether to thick muds and sludges. moltem metals and liquids at 
1000 F, or higher, pose few real problems for modern pumps. 

Though the origin of pumps is lost in antiquity, we do know that 
crude pumping devices provided water for ancient Egypt, China, 
India, Greece and Rome. Today the US.  alone draws more than 
200 billion gallons each day from its water resources and pumps 
move almost every drop. Of this total, an impressive 80 billion gal- 
lons is said to be industry’s share. 

To meet these demands we find an almost confusingly large vari- 
ety of available pumps. They range from tiny adjustable displace- 
ment units to giants handling well over 100,000 gallons per 

minute. Number of designs soars into the hundreds, some differing 
in elements as small as packing glands, some in the entire princi- 
ple of operation. 

It’s neither possible nor desirable to cover every variation in a con- 
cise practice practical handbook or manual. So we’ve made a high- 
ly selective choice of widely used industrial pumps of all classes and 
types - the pumps you’re likely to run into in your work. And 
we’ve stuck to units using mechanical means to move liquid from 
one point to another, putting aside for a time such devices as ejec- 
tors, hydraulic rams, etc. 

So you’ll find the important facts about industrial pumping in 
easy-to-read form in the following pages. Put them to work 
improving the effectiveness of your pumping operations. 

C U S S  TYP€ IMPORTANT GENERAL FACTS 

The majority of centrifugal pumps built in the U.S. today 
Volute are volute type. They are ovallable as horizontal or 

vertical pumps, single- or multistage for wide flow ranges 

Diffuser-type centrifugals find many uses as multistage 
high-pressure units. Originally more sfficienl than volute- 
type pumps, today effiiiency of both types is about equot 

Diffuser 

Mixed-flow cenlrifugal pumps are ideal for low-head 
large-capacity applications. Usually vertical, they have @ a single-inlet impeller. Some horironlal units are built 

M ixed - f l ow  

Axial-flow , units, aften called propeller pumps. develop 
rnoll 03 their head by lifting 4611 of vanes, ore wually e vertical, ond best suited for low heads, large capacities 

Axial-f low 

For cleor liquids. turbine pumps, either horizontal or 
vertical, fi l l  o need between other cenlrifugal and usual 
rotary designr.They ore low- to medium-capacity,high-head 

Turbine or 
regenerative 

Gear pumps consist of two or more gears [spur, single- or 
double-heticol teeth], while vene pumps hsve o series of 
vanes, blader or buckets turned by o single rotor. This 
rotary closs also include5 lobe or shuttle-block designs 

Gear 

Cam-and-plston rotaries, like mort types in th is  clo~s, @ ore positive-displacement units, giving steady discharge 
flow Along with screw-type pumps, and related designs, 

@ they handle a wide range of nonabrasive viscous liquids 

Cam-and-piston 

Screw 

Old standbys far yeors, direct acting steam pumps now are 
available In many designs for hondling cold or hot water, 
011, and (1 wide range of industrial liquids of many types 

Direct-acting 

Power pumps ore dnven from outride Ihrough a cronk- 
shaft or other device Capacities range from very low to 
medium flows, at pressures up to 15,000 PSI. or higher 

Power 

Crank.and-flywheel pumps are one form of reciprocating 
power pump, IO derignoted to distinguish them from power 
pumps using, for exomple, an eccentric os drive mechanism 

Crank-flywheel 

Source: The following 25 pages are reprinted with permission of Power Magazine, The McGraw-Hill Companies 
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DEFINITIONS 

PUMPING i s  the addition of emrgy to o llquid to 
move i t  from one point to anothor 

CENTRIFUGAL PUMPS employ nntrifusal force 
to develop o pressure rim for novlns o liquid 

ROTARY PUMPS UM gears, vones, piston:, scrawa, 
corns, segment:, etc, In o flxod coring to prcduu 
stwdy posltiva displacament of o liquid 

RECIPROCATING PUMPS UM pirtons, plunsen. 
dlophrwrns or other devica to positlvely dlrphco a 
siven volume of liquid during aoch stroke of  the unit 

IMPELLER is the rotating alemat in a anhlfusal 
pump lhrounh which ilqutd passas and by nmnm of 
which enway i s  imparted to the llquld 

CASING of o centrifugal pump i s  the housing sur- 
roundins the Impeller. It contains the bwrlngs for 
supporting the shaft on which tmwller mounh 

LIQUID PISTON OR PLUNGER of o reciproroting 
pump I s  the moving member that contach the ilquld 
and imports enargy to i t  

SINGLE-STAGE centrifugal pump l a  one in which 
total h w d  it developad by ona imwlier 

MULTISTAGE contrifupot pump i s  one having two 
or norm impdlers octlng In aorlu In one coslns 

classes and types in use today 
Rotav 

icnw ond 
Il.0' 

Shody 

22 
Vlscaus, 

onabrafw 

Mdium 

h l t  to 
m d u m  

Nom 
Incroon 

None 
D u f w n  

R~IprocotIn# 
Dlrect-act- Doubk-ac(- T1lp1.x 
lng shorn Ins power 
PulrclHng Pulw0)lng Pulsolfns 

22 22 22 

Qoan and clmr 

low to higher) produced 

RA0)lvely small 

Docrooe  None None 
Inemam Incr.me intrmre 

The world of pumps can be extremely confusing to new- 
comers-and even to some oldtimers. Diagram, left, is 
designed to clear up much of the mystery and confusion 
surrounding pump classes and types. You might call it your 
road map to the world of pumps. Based on often-used 
standard classifications, it incorporates a number of useful 
facts that are a big help in pump selection and application. 

Three classes of pumps find use today -centrifugal, rotary 
and reciprocating. Note that these terms apply only to the 
mechanics of moving the fluid, not to the service for which 
the pump is designed. This is important, because many 
pumps are built and sold for a specific service, and in the 
complex problem of finding which has the best design de- 
tails we may overlook the basic problems of class and type. 

Each classification is further subdivided into a number of 
different types, diagram left. For example, under the rotary 
classification we have cam, screw, gear and vane pumps. 
Each is a particular type of rotary pump. 
To go one step further, let's take a brief look at  a fuel-oil 

pump in wide use today. I t  is a rotary three-screw type 
available with rotors of a number of different materials and 
four means of balancing axial thrust. 

The last two items are important details in pump appli- 
cation; first two are keys to classification of the unit. The 
Hydraulic Institute recommends that the standard classifi- 
cation be considered as applying to type only, leaving the 
builder to use the details he has developed or standardized 
for that type of pump. So in selecting a pump we often 
find we must compare, detail for detail, a number of makes. 
Broad breakdown in diagram comes in handy then. 

Our next consideration is a wide statement of the general 
characteristics of a given class of pumps. Table, above left, 
does just this for us. 

For example, if we want to handle relatively small ca- 

classes 
Dacities of clean, 

and types 
clear liquids at high head, we can refer 

io the table. In any problem of this type we must remember 
that suction lift should not exceed recommended limit. 
Capacity in gallons per minute (gpm) determines pump 
size and influences classification. Nature of fluid is also 
involved, as is pump construction. Head is a big factor. 

Table shows a reciprocating pump is suitable for the 
general conditions we have in mind - small capacity, high 
head, clean, clear liquids. Then, depending on job needs, 
we may choose a piston or plunger type, direct-acting, 
crank-and-flywheel, or power type. I t  may be simplex, 
duplex, triplex, or have a larger number of cylinders. 

Once we've settled these items we're ready to study valve 
details, materials, drives, etc. In general, you'll find that 
pump details are greatly influenced by job requirements. 
Thus the particular arrangement of a centrifugal pump may 
depend as much on piping, space and working conditions 
as on any other existing factors. Drive chosen for the pump 
may be fixed by the pump speed, plant heat balance, power 
supply available or cost of a particular fuel in the area. 
But again, these are details, to  be decided after we find a 
pump suitable for the hydraulic conditions we must meet. 
And the key to meeting the hydraulic conditions is the right 
class and type of pump. 

Where two or more different units meet hydraulic needs, 
we must go one step further and decide which pump is best 
for the installation. We may want or need low first cost, 
long life or maximum operating economy. Normally we do 
not find all in one package. So we must decide which is 
most important and go ahead from there. 

Getting the right pump is much like coming to a fork in 
the road. Our map tells us which way to turn. Once on the 
right road all we need do is watch our route markers. The 
next 29 pages do just that for you in the world of pumps. 
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As a boy you probably whirled CENTRIFUGAL around your head a bucket on the 
end of a rope, just like the little guy 

in the three sketches above. As you recall, the water stayed 
in the bucket just as long as you kept it turning at a fair 
speed. The force that kept the water in the bucket is a t  work 
in centrifugal pumps. 

Imagine an impeller a t  rest in water, above left. This 
is like the lad‘s bucket before he starts whirling it. Now 
rotate the impeller, middle sketch. Water will fly out from 
between the blades just as it would squirt out of the whirl- 
ing b ~ k e t  if it  had a hole in the bottom. 

The force causing the water to leave the impeller (or the 
bucket) is centrifugal force and that’s where pumps of this 
class get their name. They depend on centrifugal action even 
though details differ, as we’ll see later. 

Going back to the middle sketch, as the impeller throws 
out liquid, inore rushes into the center where the lowest 
pressure exists, and where a suction pipe is normally fitted. 
This liquid too is thrown out, is followed by more, and we 
have the steady discharge characteristic of centrifugals. 

Once the liquid is being thrown from the impeller we must 
guide it to its destination. Otherwise we’ve accomplished 
little more than make a big splash. 

By putting the impeller in a casing we can change flow 
from haphazardly outward to controlled movement in the 
direction we want. With vanes like those of the deepwell 
pump in the righthand sketch we can even turn the flow 
upward. A casing, with or without vanes, acts something 
like a hose attached to the bottom of the boy’s bucket. 

The result is a workable pump for imparting energy to 
a liquid at  one point to cause it to move to another. 

Long of major importance in the RECIPROCATING pumping field, reciprocating 
units today are finding many 

new uses, particularly in the fields of metering and pro- 
portioning, and where extremely high pressures are needed. 

Direct-acting steam pumps, lop left, have two sets of 
valves in the liquid end. When the piston moves to the left 
as shown, liquid is drawn in through the righthand set of 
suction valves and liquid previously drawn into the cylinder 
is discharged through the upper left set of discharge valves. 
This is a double-acting pump, liquid being discharged on 
every stroke. The actual arrangement of the valves differs 
in various designs. 

Power pumps, top right and lower left, have a number of 
different arrangements for suction and discharge valves. 
In these two single-acting units, liquid is drawn into the 
cylinder during one stroke of the plunger. On the next 
stroke, the plunger forces liquid through the discharge 
valves into the pump outlet. 

Radial-piston pumps, lower right, one of many relatively 
recent designs, have their pistons attached to an  outer ring 
whose center of rotation can be changed. Moving the ring 
to an eccentric position produces suction and discharge 
through valves in the center of the pump. Reversing the 
direction of ring rotation reverses liquid flow. A large num- 
ber of other designs are discussed later. 
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Like reciprocating pumps but unlike cen- ROTARY trifugals, most rotary pumps are positive- 
displacement units -that is a given quan- 

tity of liquid is discharged for each revolution of the shaft. 
Like the centrifugal pump, flow is usually steady, without 
large pressure pulsations. 

Rotary gear pumps, above left, have two or more gears in 
a casing and during rotation the liquid fills the spaces be- 
tween the gear teeth on the suction side. From there it is 
camed around and squeezed out as the teeth mesh on the 
other side of the pump. 

Sliding-vane rotary pumps, above center, are built in a 
number of different designs. In the type shown, the vanes 
move in and out of the rotor, which is set off-center in the 
casing. When the rotor turns counterclockwise, liquid flows 
into the cavity formed by rotor bottom and casing wall. 

As the rotor turns, it brings the next vane into position to 
trap the liquid in the cavity. Further rotation forces the 
liquid around and out the discharge opening of the pump. 
The vanes are held against the inner wall of the casing by 
centrifugal force produced by rapid rotation of the rotor. 

Screw pumps, above right, draw the liquid into one or 
both ends of the rotor or rotors, where it is trapped in the 
pockets formed by the threads. It is moved along to the dis- 
charge point much like a nut on a thread. Screw-type rotary 
pumps may have one, two or three screws. When only a 
single screw is used, liquid enters at one end, is discharged 
at  the other. The screw runs in a double-threaded helix. 
Clearance is an important factor in many rotary-pump 
designs that are used today. 

Later, pp 88, we’ll discuss the large number of other ro- 
tary-pump designs used for a variety of industrial services. 

OTHER PUMPING PRINCIPLES 

Some of the most interesting recent design 
developments are in pumps for process and 
nuclear-energy applications. To handle liquid 
metals, for example, we now have electromag- 
netic pumps, in which electrical energy is ap- 
plied directly. 

Electromagnetic pumps include the Faraday 
type for ac or dc power, the ac linear-induction 
design (a modification of this is called the Ein- 
stein-Szilard pump) and the electromagnetic 
centrifugal. These, and other similar designs, 
represent new approaches to the problem of 
moving a liquid from one point to another. 

Among older ideas for moving liquids there 
are, of course, the familiar air lift, hydraulic 
rams, and the Humphrey pump. Here, however, 
we stick tu  common mechanical methods. 

How 
Pumps 
work 
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SINGLE-STAGE general-purpose pump has horizontally spilt carlng, wobr-~olod 
swfflng boxor, cart-Iron double-suction caring. The Impeller 1. modo of bronxa 

MULTISTAGE slngkurc?lon opposed-hn- 
poller pump for continuous heavy duty 

-A- 

HORIZONTAL TURBINE PUMP, slngle stage, is so&-venting to prevent vapor binding. 
Units Ilk. this or0 bulk wlth standard stuffing boxes, or with a mechnnlcal sen1 

ENCLOSED-TYPE non-averload Impeller on 
stainless-steel shoft for vacuum service 

Centrifud rautnns - - -  I I - -~ 

Earlier we saw how modern pumps are classified and typed. Now we're ready 
to take a closer look at  centrifugal pumps - the most widely used units. 

Illustrations on these two pages are a small sampling of today's designs. Study 
shows that though all come under one broad classification. intended application 
is a major factor in impeller and casing design, materials used, and other me- 
chanical and hydraulic features. For these reasons we find pump builders stress- 
ing ultimate use somewhat more than classification and type. 

Thus centrifugal pumps are termed boiler-feed, general-purpose, sump, deep- 
well, refinery (hot oil), condensate, vacuum (heating), process, sewage, trash, 
circulating, self-priming, sanitary, bait, booster, paper stock, chemical, fire, jet, 
sand, slurry, ash, glass, stoneware, submersible, tail-water, etc. In general, each 
has specific features of design and materials recommended by the builder for 
the particular service. This makes selection and application easier. 

Another suMivision grows out of broad structural features. Thus we find 
horizontal and vertical units, close-coupled designs, single- and double-suction 
impellers, horizontally split casings and barrel casings, etc. Correct evaluation 
of all these variations is one of the big jobs in selecting a pump. 

SINGLE-STAGE pump WW sleeve boorings 
and mechanical MI for hot-wotor usms 
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NON-CLO(IOING PUMP8 2-bladed impei- 
Inr, boll beorlngs, removable suction cover 

SUCTION SIDE of o single-rmge fir. pump, rompletc wlth motor ond fhtbrpr. RMIpr 
and M n g s  for this  servkn or. Inborntoy torted before undnrwrlhn' approwl 

MIXED-FLOW v.rt€col pump mor be either 
water or oil iubrlcated, depending en  job 

VEETICAL &Sgle-stn 
lmpelfer, ball a d  
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VOLUTE converts velocity energy of the 
ilquld Into static pressure (read in psl) 

Pump act ion 
In volute-type pumps the impeller 
discharges into a progressively ex- 
panding spiral casing, proportioned to 
gradually reduce liquid velocity. Thus 
velocity energy is changed to pressure 
head in the volute. 

Stationary guide vanes surround the 
runner in a diffuser-type pump. These 
gradually expanding passages change 
the direction of liquid flow and con- 
vert velocity energy to pressure head. 

Liquid in a turbine pump is picked 
up by the impeller's vanes and whirled 
at  a high velocity for nearly one revo- 
lution in an annular channel in which 
the impeller turns. Energy is added to 

Specific speed 
Specific speed is an index of pump 
type, using the capacity and head 
obtained a t  the point of maximum 
efficiency. It determines the general 
profile or shape of the impeller. In 
numbers, specific speed is the rpm at 
which an impeller would run if re- 
duced in size to deliver 1 gpm against 
a total head of 1 ft. 

Impellers for high heads usually 
have low specific speed; impellers for 
low heads have high specific speed. 

As diagram, right, shows, each im- 
peller design has a specific-speed range 
for which it is best adapted. These 
ranges are approximate, without clear- 
cut divisions between them. Chart 
gives general relations between im- 
peller shape, efficiency and capacity. 

Suction limitations of different 
pumps bear a relation to the specific 
speed. The Hydraulic Institute pub- 
lishes charts giving recommended spe- 
cific speed limits for various cond;+ions. 

DIFFUSER changes flow direction, aids In TURBINE pump adds energy to the liquid 
converting volocity energy to pressure In a number of impulses during rotation 

MIXED-FLOW units use bo% contrlfugal PROPELLER pump develops most of I ts  head 
force and lift of vanes on the liquid by propelling action of vanes on llquld 

the liquid in a number of impulses, so 
it enters the discharge at  high velocity. 

head partly by centrifugal force and 

partly by the lift of the vanes on the 
liquid. Propeller pumps develop most 

Mixed-flow pumps develop their of their head by the propelling or lift- 
ing action of the vanes on the liquid. 

Specific speed, rDm 

Centrifugal Mixed-Flow Propeller 

SPECIFIC SPEED Is approximately related to Impeller shape and efficiency, as shown 
by these curves. Thoro Is no sharp dividing line between various impeller designs 
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Besides being classified according to specific speed, an im- or wall, on only one side. Closed impellers, C and D, have 
peller is also typed as to how the liquid enters, its vane shrouds on both sides to enclose liquid passages. Single or 
details, and use for which it is intended. end-suction units, C, have liquid inlet on one side; in 

Open impellers, A, have vanes attached to a central hub double-suction type, D, liquid enters both sides. E, F and 
with relatively small shrouds. Semi-open, B, have a shroud, G are paper-stock, propeller and mixed-flow designs. 

Centrifugal-pump casings may be split horizontally, A, 
vertically, B, or diagonally (at an angle other than 90 deg). 

Horizontally split casings are also termed axially split. 
Both suction and discharge nozzles are normally in lower 
half of casing; upper half lifts for easy inspection. Vertical- 

ly split casings are also called radially split. They’re used 
in close-coupled or frame-mounted end-suction designs. 

Barrel casings, C and D, are used on high-pressure dif- 
fuser and volute pumps. Inner casing fits in outer barrel. 
Discharge pressure acting on inner case provides seal. 

To prevent costly wear of casing and impeller at the running 
joint, wearing rings, also called casing rings, are installed. 
Where these rings are removable, as they usually are, they 
can be replaced at  a fraction of the cost of a new impeller 
or pump casing that might otherwise be needed. 

Seal A is a plain flat joint. Similar joint, B, has a flat 
ring mounted on the pump casing. At  C the ring fits into a 
casing groove ; impeller has a similar ring. 

In designs D, E, and F, rings are fitted to both casing and 
impeller. Form varies with pressure, service, etc. 

Practically every type of bearing has been used in centrif- 
ugal pumps. Today, ball, sleeve and Kingsbury bearings 
find most common use. Many pumps are available with 
more than one type of bearing to meet different needs. 

Ball bearings, A, may be of single- or double-row type. 

Spherical roller bearings are widely used for large shafts. 
Sleeve bearings, B and C, may be either horizontal or 

vertical. In the latter, water is often the lubricant. 
Kingsbury thrust bearings, D, find use in larger pumps. 

Design resembles that used in other rotating machinery. 
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Sleeves protect shaft against corrosion, 
erosion and wear affecting its strength. 
Many forms are used on large pumps 
but on small ones sleeve is often left 

\ \  I off to cut hydraulic and stuffingbox 
losses. Shaft is then made of a metal 
that is sufficiently corrosion- and wear- 
resistant for satisfactory life. 

Interstage sleeves guard multistage 
pump shafts. In some, long hub on 
impeller replaces interstage sleeve. 

These are used to prevent air leakage 
into pump when running with a suc- 
tion lift and to distribute sealing liquid 
uniformly around annular space be- 
tween box core, shaft-sleeve surface. 

Also called seal cages and waterseal 
rings, they receive liquid under pres- 
sure from pump or independent source. 

Grease sometimes serves as sealing 
medium when clear liquid isn’t avail- 
able or can’t be used (sewage pumps). 

Stuffing box stops air leaking into cas- 
ing when pressure is below atmospher- 
ic: holds leakage out of casing to  a 
minimum when pressure is above. 

Sketches show solid-packed box, 
which has no lantern rings: two injec- 
tion designs, which do. On pumps 
handling hot liquids, or having high 
stuffing-box pressures, box is often 
water-jacket cooled. In some, coolant 
and pumped liquid mix. 

Mechanical seals in wide variety serve 
where leakage is objectionable. They 
also find use where stuffing-boxes can’t 
give adequate leak protection. 

Sealing surfaces are perpendicular 
to pump shaft and usually comprise 
two polished lubricated parts running 
on each other. Though not guaranteed 
leakproof, leakage is usually nil. 
Outside type, A, is used where gritty 

liquids or leakage retained in stuffing 
box would be undesirable. Inside. B, 
finds much use for volatile liquids. 
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CAM-AND-PISTON EXTERNAL-GEAR INTERNAL-GEAR 

TWO-LOBE THREE-LOBE 

SINGLE-SCREW 

SWINGING-VANE SLIDIW-VANE Sk4WSE-S- 

UNIVERSAL-JOINV €CCENTRK IN Ru(IW CHAMMll ILEXIUL-TUBE 
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Rotary pumps 
Rotary pumps, usually positive-dis- 
placement units, consist of a fixed cas- 
ing containing gears, vanes, pistons, 
cams, segments, screws, etc, operating 
with minimum clearance. Instead of 
“throwing” liquid as in a centrifugal, 
rotaries trap it, pushing it around the 
closed casing, much like reciprocating 
pumps. But unlike a piston pump, a 
rotary discharges a smooth flow. 

Fifteen designs, left, illustrate a few 
of the devices chosen to move fluids 
from one point to another. Often 
thought of as viscous-liquid pumps, 
rotaries are by no means confined to 
this service alone. They’ll handle any 
liquids from A to 2, if free of hard 
solids. And hard solids can be handled 
if steam jacketing will melt them. AS 
with centrifugals, materials and drives 
vary with job, liquid, etc. 

Cam-and-piston pumps, also called 
rotary-plunger type, consist of an ec- 
centric with a slotted arm a t  its top. 
Shaft rotation causes eccentric to trap 
liquid in casing, discharges it through 
slot to outlet. 

External-gear pumps are the sim- 
plest rotary type. Liquid first fills the 
spaces between gear teeth as they sepa- 
rate on suction side, is then camed 
around and squeezed out as the teeth 
mesh. Gears may have spur, single- 
or double-helical teeth. Some designs 
have drilled idler to cut internal thrust. 

Internalgear pumps have one rotor 
with internally cut teeth meshing with 
an externally cut gear idler. Crescent- 
shaped partition, to prevent liquid 
from passing back to suction side, may 
or may not be used. 

lobular pumps resemble the gcar- 
type in action, have two or more rotors 
cut with two, three, four or more lobes 
on each rotor, synchronized for posi- 
tive rotation by external gears. 

Single-screw pumps have a spiraled 
rotor turning eccentrically in an inter- 
nal-helix stator or tiner. Rotor is metal 
while helix is hard or soft rubber. 

Two- and three-screw pumps have 
one or two idlers, respectively. Flow is 
between the screw threads along the 
axis of the screws. Opposed screws may 
be used to eliminate end thrust. 

Swinging-vane pumps have a series 
of hinged vanes which swing out as the 
rotor turns, trapping liquid and forcing 
i t  out the discharge pipe. 

Sliding-vane pumps use vanes that 
are thrown against casing bore when 
rotor turns. Liquid trapped between 
two vanes is carried around and forced 
out the discharge. 

Shuttle-block pump has a cylin- 
drical rotor turning in a concentric 
casing. In the rotor is a shuffle block 
and piston reciprocated by an eccen- 
trically located idler pin, producing 
suction and discharge. 

Universal-/oint pump has a stub 
shaft in free end of rotor supported 
in a bearing at  about 30 deg with the 
horizontal. Opposite end of rotor is 
fixed to drive shaft. When rotor re- 
volves, four sets of flat surfaces open 
and close for a pumping action of four 
discharges per revolution. 

Eccentric in flexible chamber pro- 
duces pumping action by squeezing the 
flexible member against pump housing 
to force liquid out discharge. 

Flexibbtube pump has a rubber 
tube squeezed by a compression ring 
on an  adjustable ccccntric. Pumps of 
this design are built single- and 2-stage. 

Characteristic curves, above left, for 
a typical rotary gear pump show the 
flat H-Q relation obtainable. Displace- 
ment of a rotary varies directly as 
speed, except as capacity may be af- 
fected by viscosity and other factors. 
Thick liquids may limit pump capac- 
ity at higher speeds because they can’t 
flow into casing fast enough. 

Slip or loss in capacity through 
clearances between the casing and ro- 
tating element, assuming a constant 
viscosity, varies as pressure increases. 
For example, in above curves, capacity 
a t  0 discharge pressure is 108 gpm. 
But at 300 psi and same speed, capac- 
ity is 92 gpm. Difference is slip. 

Power input to a rotary increases 
with liquid viscosity; efficiency de- 
creases. This is true, of course, with 
other classes of pumps. But since ro- 
taries find wide use for viscous liquids, 
it is wise to use the chart, above ri#tt, 
for sizing suction lines to prevent ex- 
cessive friction loss. 
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SINGLE-ACIING vertical-type power pump 
ha5 plnlon ahaft for driving crankshaft 

INVERTED triptex vertical-piunger power 
pump for high-pressure job applications 

ROTARY-PLUNGER single-acting pump unlt 
has five or seven plungers in a circle 

DIRt?CT-ACIING horimntai duplex plston pump. Steam end is  at le*, liquid end is at 
right. Platon-rod notion shifts steom vatve for admiralon and exhaust os the stoam 

QUAORUPLEX horizontal-plunger power pump for high preuures is motor driven through 
pinion and gear. Each Scotch yoke drlvaa two plungers. Pump valves are the bolt type 

Recbrocatina numns 
The 13 pumps on these two pages are 

but a few of the many reciprocating 
types in regular use today. But you 
will find shown here most of the major 
designs. 

Reciprocating pumps, unlike cen- 
trifugals, p 80, are more often classed 
according to type, rather than use. 
Perhaps this is because their ultimate 
use is less clearly defined than for 
centrifugal pumps. While certain ap- 
plications for this type, like fuel-oil 
pumping, are declining, others, like 
boiler and chemical feeding, are rising. 

Biggest recent developments are in 
non-geared higher speed power pumps 

-both large and small units. Adjusta- 
ble displacement pumps, also called 
metering and proportioning or con- 
trolled-volume, are being improved 
every year to give wider capacity 
ranges, greater accuracy, easier control. 

Power pumps, always of importance 
in the marine field for boiler feed are 
finding some new berths in stationary 
plants for the same service where loads 
justify them. And if pressures in super- 
pressure plants rise, it is likely that 
power-type reciprocating pumps will 
be used for boiler feed. Of course, 
much depends on new developments in 
the design of centrifugal pumps. 
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~~NTRO~ED-VO~UME plunger pump ha5 screw ad/ustment of 
stroke length. Change of crankpin positlon alters capacity of pump 

MRERIWCP and propartlonlng p 
of coupling for adfusrlng stro 

oil for actuatlon of diaphragm w s tho llquld handled of s th by means of variatlan of the crankpin posEtion 

DIAPHRAGM pump with boll suction ond dirchorge valves Is built 
with stationary or movable base, is motor driven through beam 

DUPLE 
end w 

HORIZONTAL SIMPLEX power pump is driven by pinion geared 
to crankshaft, has disk-type suction, discharge valves, air dome 

HOR 
pu 

LEX o ~ ~ s l d ~ ~ ~ w p a e k e d  par-vatve-type 
rs shown am cmaehad together by the 
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A 11 C 0 E 

Reciprocating-pump liquid ends are built in a large number of designs 
for various liquids, service conditions and pressures. Shown above are 
a few typical arrangements for modem pumps. 

Die-ac t ing  steam pump, A, often has valve-plate liquid end with 
removable discharge-valve decks. Cup-type packing for liquid piston 
is also shown. Valvelpot type, B, has valve chambers closed by indi- 
vidual covers. Outside-pecked plunger pump, C, has its valves in pots- 
all packing leakage is external where it can be seen. 

Vertical power pump, D, .has plunger packing at  cylinder top, while 
horizontal triplex pump, E, has it in the usual location with valves 
above and below plunger. At F, valves are in step arrangement. An- 
other design for a vertical triplex pump appears at  G. Liquid-end design 
is  a function of pressure developed, liquid handled, capacity, dc. 

Flat or 'D' slide valves find use for 
steam pressures of 200 psi and less 
Balanced piston valves are common 
in large high-pressure pumps. 

Ffat valve, A, is thrown by auxiliary 
piston. Motion is regular and positive. 
Balanced-piston valve, 3, runs in 
sleeve, has minimum friction, long life. 
C is another balanced-piston valve. 

Typical steam-valve linkage, D, con- 
nects to rod. Steam-end design of ver- 
tical pumps resembles those shown. 

A B 

C b 

Packing is any material used to con- 
trol leakage between a moving and 
stationary part in a pump. Flexible, 
and usually soft, it is expendable. 

Simple piston-rod stuffing box, A, 
has several rings of square packig. 
On small rods a single nut surrounds 
gland, instead of studs shown. Chevron W W 
packing, B, is often used. Sketch shows A 11 C 
plunger of high-pressure pump. C is 
a iacketed stuffing box. 

piston packing- talc- many forms. 
Duck-packed piston, D, is for bronze- 
fitted general-service pump. Cup pack- 
ing, E, is standard for oil pumps. solid 
rubber rings, F, are also popular. 
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A B c D 

As a general rule, stem-guided disk valves are used for low-pressure 
jobs, wing-guided (flat- or bevel-faced) for moderate pressures, and 
bevel-faced wing for high pressures. But much depends on liquid, etc. 

Flat disk, A, has inclined ribs in seat to direct liquid so it rotates disk 
slightly a t  each stroke. Ball valve, B, often finds use where free open- 
ing for thick liquid is desired. Cage guides ball during its rise and fall. 
Seat is circular and completely open. Wing-guided valve, C, for thick 
gritty liquids, can be fitted with renewable rubber inserts for wings. 
Another design, D, for high-pressure clear liquids, has renewable seats. 

Low-pressure valve, E, and high-pressure valve, F, for thick liquids 
are alloy-steel with synthetic inserts for all ordinary services. Special 
materials are used where corrosive liquids are to be handled. Double- 
ported ring-type valves, G, p 92, are popular in large power pumps. 

A 6 C 

Suction and discharge cushion cham- 
bers smooth liquid flow. Discharge 
chamber, A, is often built as part of 
pump while suction chamber may be 
part of pump or in adjacent piping. 

Pressure alleviators, B and C, find 
use with high-pressure power pumps 
to absorb shock from sudden stopping 
of liquid. They usually consist of a 
spring-loaded plunger operating in a 
shtffngbox. Liquid does not escape 
from piping system during surges. 

There seems no end to devices for 
varying capacity of small reciprocat- 
ing pumps. A few appear on pp 90-91. 
For large power pumps, however, not 
so many variations exist perhaps be- 
cause of the lesser number of designs. 

Suction-valve unloader, A, gives a 
quick but gradual reduction in liquid 
delivery from full to zero flow in not 
more than one-half revolution of 
pump. It increases liquid delivery in 
same way, i s  pneumatically actuated. 

Stroke-transformer, B, can automa- 
tically or manually vary plunger mo- 
tion from zero to maximum stroke. 
Output is infinitely controllable. 
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The modem double-case barrel-type centrifugal pump is  today's answer for 
pressures approaching 6000 psi and temperatures to 1000 F. In the common 
2600-psi range, units of this type run at about 3600 rpm, have up to 12 stages. 
'The first superpressure plant uses two pumps of this type in series, with 
heaters between. Note how vertically split inner assemblv i s  housed in casing. 

Medium- and ~ i ~ ~ m ~ r e s s u r e  boiler feed 
Horizontal split-case diffuser-type pumps with about six stages are common 
for 3600-rpm duty at pressures to 1600 psi. Some thinking today sees these 
units applied up  to 2500 psi, but that is in the future. Design shown is 6-stage 
with back-to-back impellers in groups of two for  better hydraulic balance. A 
big advantage of this type of pump is easy removal of top for maintenance. 

Pump upplicutiof7s 
Any attempt to list every possible application of pumps is 
almost certain to run aground because editors, being human, 
might overlook important jobs like pumping goldfish, ap- 
ples, oranges, eggs and beer. 
So these two pages, and the following four, give a nec- 

essarily selective cross section of pump classes and types 
on the job. There lies the ultimate goal of pump designers 
and builders-a product that performs a given service a t  
the best over-all cost with minimum operating and main- 
tenance needs. To secure these results the pump must be 
suited to the job, installed correctly, operated and main- 
tained as the builder recommends. For now, let's take a 
quick look a t  application. 

Pump class, type, drive and materials are among the 
major factors in unit selection. While generalizations are 

often dangerous, studies of a large number of modern 
installations show that industrial and service establishments 
throughout tbe U.S. use centrifugals for about 60% of 
their jobs, reciprocating for about 227& rotary for about 
12% and deepwell for about 6%. About 86% of the cen- 
trifugals have motor-drive, 44% of reciprocating, 96% of 
rotary and 95% of deepwell. Steam engines, turbines and 
internal-combustion engines drive about 13% of the cen- 
trifugals. Steam is outstanding for reciprocating units, 
driving almost half of those in use. 

While these statistics are helpful from an over-all view- 
point, they serve merely as a guide to what industry is 
doing today. For help with a specific installation, the text 
and illustrations on these six pages will lead you through 
the maze of classes and types toward a sound answer. 
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Power reciprocating for boiler feed 

At pressures over about 250 psi where load is variable, power reciprocating 
pumps find application. They are also used for desuperheater feed in this 
pressure range. Vertical quintuplex units like that above are popular in feed 
service because they are easy to control automatically in stepless straight-line 
fashion from 0 to 1 0 0 ~ o  of rated capacity. Use is now on the upswing. 

low-pressure boiler feed 

Direct-acting pumps, with or without receiver, find use in smaller low-pressure 
boiler installations. Simple, rugged and economical, they give outstanding 
service. Though not always classed as feed pumps, centrifugal condensation 
sets, right, are extremely popular in heating and similar installations. Com- 
pact and efficient, they handle wide temperature, pressure, capacity ranges. 

Fuel oil 

Screw and gear pumps are the modern units for fuel-oil pumping but direct- 
acting steam pumps still do the job in some plants. Screw pump shown 
handles up to 80 gpm at continuous pressures of 275 psig, intermittent to 325 
psig. Pumps of this type find many other uses besides fuel-oil pumping, 
including lubrication, booster, circulating, governing and elevator jobs. 
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Heater drains, condensate 

Handling condensate from hotwells, heater drains and other sources may 
impose severe operating conditions on a pump. In condenser service, suction 
head is low, liquid is near the boiling point, suction seal is a minimum and 
load changes wide. Usual centrifugal condensate pumps have one to four 
stages, special sealing and balancing features. Unit shown is single-stage. --- 
Cooling water 

Whether tremendous, like the 55,000-gpm unit at left, or tiny as those on a 
small air conditioner, cooling-water pumps have some common traits. They 
are usually single-stage, standard-fitted, split-case. In the larger capacities 
they are often horizontal units, though many vertical designs are also used, 
both large and small. Their duty is seldom severe; operation is trouble-free. 

Handling ash, abrasive solids 

In contrast to cooling-water service, handling abrasive solids of any kind 
imposes many special problems on a pump. Rubber-lined units with special 
seals, as shown, are one good answer for ashes, sand, etc. Other designs 
include packingless types, flat-blade impellers and special arrangements for 
suction inlet. While the pump is important, so are other system details. 
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General purpose 

This term applies to all classes of pumps, but centrifugal designs 
category perhaps outnumber all others. Usual meaning of term is 6 

to handle clear cool liquids at  ambient or moderate temperatures 
single-stage. these units may be split-case, and are standard-fitted 
equally good for a number of services. Some handle liquids with 

in this 
I pump 
. Often 
pumps 
solids, 

General process work 

In recent years engineers have developed special process-pump designs fea- 
turing accessibility, good efficiency and long life. Some designs are available 
as part of a standard line whereas others are made up to suit the particular 
service conditions for a specific job. As these illustrations show, ease of 
maintenance is a prime consideration: complete disassembly is simple. 

Chemical process 

Outwardly resembling the general process pump, units designed for chemical 
service may differ markedly in materials. stuffing boxes, seals, etc. Usual aim 
is to produce a single pump line that comes as close as possible to being able 
to serve all process needs in the chemical industry. Usual units are horizontal, 
with radially split casings. They can handle a wide range of chemical liquids. 
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Chemical feed 
Requiring easy adjustment of capacity, chemical-feed pumps are built in a 
large number of different designs. Unit shown has its reciprocating pumping 
elements arranged for accessibility. Suction and discharge valves are ball 
type. 

Well-water supply 

c 

Water, like gold, is where you find it. Often this is deep in the earth. So we 
find many designs for this service. Veepwell pump, A, often called a turbine 
pump, is a multi-stage diffuser unit. Jet pumps, B, bypass a portion of their 
discharge to an ejector nozzle at the suction screen where it helps improve 
flow into pump. Submersible, C, has motor in well. D i s  plunger pump. 
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Sewage and sump 

Centrifugal pumps for sewage usua!ly have special non-clogging impellers 
and a casing that is easily opened for unit inspection, above right. Sump 
pumps, left and extreme right, may be portable or permanent, depending on 
needs of the installation. Impeller is almost always the non-clogging type to 
prevent solids from catching in it. Automatic control is practically universal. 

New and special services 

Developed in '30s for hot-water circulation, and later refined for chemical 
and nuclear-power jobs, canned pumps are now strongly bidding for industrial 
jobs where leak-free service and minimum maintenance are essential. Unit A 
is fractional hp, goes right in pipe. B has axial air-gap motor, is built in 
10-hp and smaller sizes. C is chemical unit, D one for nuclear-energy service. 

~ i~h-p~essure  services 

Where quick starts, compact installation and steam drive are desirable, as 
in certain boiler-feed applications, petroleum refining, etc. the high-pressure 
turbine-driven type shown above has many uses. It consists of a single-stage 
impeller near one end of the shaft; a t  the other end is a velocity-staged turbine 
wheel. Single shaft produces a compact unit easy to install and operate. 
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Typical piping hookups 

Et- - -. ‘Static suction lift 
- .- 

A 

heod 

B 

for pumps 

n 

serving industrial loads 
lbfol heod 

C D E 

Pump selection 5 steps fo 

Selecting a pump is much like buying a hat-you have three 
major decisions to make. These are size, type and best buy. 
But of course choosing a pump can be a far more complex 
problem, especially where unusual or difficult liquid con- 
ditions are met. Steps outlined below have proven suitable 
for typical general-purpose, process and similar applications. 
Selection of other types - boiler-feed, condensate-return, 
hydraulic-system, etc. - usually involves analysis of factors 
not directly related to the pump itself. For example, you 
might have to compute several plant heat balances before 
you can make a firm decision on boiler-feed pump type, 
capacity, drive, etc., best for the existing conditions. Some 
of these factors were discussed earlier; others are too com- 
plex for coverage here. 

1 
Trying to pick a pump without a sketch of the system layout 
is like a miner trying to work without his lamp. You’re in 
the dark from start to finish. Base sketch on actual job, 
as planned. Show all piping, fittings, valves, equipment, 
etc. Mark length of pipe runs of sketch. Be sure to include 
all vertical lifts. Where piping is complex, an isometric 
sketch is often extremely helpful. 

Sketch layout (see diagrams above) 

2 Determine capacity (see Table I) 

Job conditions fix capacity required. For example, maximum 
steam flow from the exhaust of a turbine, along with steam 
conditions, determines, the minimum amount of cooling 
water at a given temperature. Seasonal changes, safety 
factor desired, etc., influence actual capacity chosen. Where 
demand is unknown and must be estimated, Table I is a big 
help in indicating typical ranges to be expected. It does 
not, however, give exact values because there can be wide 
variations from one installation to another. Except for 

small pumps and those for metering and proportioning, 
capacity is expressed in gallons per minute (gpm). 

3 
Diagrams above show various heads in typical pumping 
systems. Definitions, facing page, will help you understand 
the meanings of various terms. If a pump handles 500 gpm 
of water thrcmgh 86 f t  of 6411. suction pipe, diagram above 
right, and there is one medium-radius elbow having a 
resistance equal to 14 f t  of straight pipe. total equivalent 
length of suction pipe is 86 4- 14=100 ft. Friction loss from 
Table I1 is 1.7 f t  of water per 100 f t  of pipe. Velocity head is 
almost 0.5 f t  and static suction lift is 8 ft. Hence, suction 
lift is 8 + 1.7 + 0.5 = 10.2 ft. Discharge head is found 
in a similar way, using discharge pipe size, length of runs 
and fittings in the line. Total head is the sum of suction 
lift and discharge head. Where we have a static suction 
head, as in the second hookup from the left, we subtract 
suction head from discharge head to obtain the total head. 
Always have pump manufacturer check your head calcu- 
lations. Then you’ll be certain the pump is suitable. 

Figure total head (see Tables II,111) 

4 Study liquid conditions 
Up to this point we’ve determined but two requirements 
our pump must meet - head and capacity. Now we come 
to characteristics of the liquid and their effect on pump 
selection. Liquid heavier than water (specific gravity 
greater than 1) takes more horsepower to be moved from 
one point to another; lighter liquids require less power. 
Liquid temperature and vapor pressure fix the net positive 
suction head needed for satisfactory operation. Unless you 
are thoroughly experienced with this phase of pump selec- 
tion, it is best to have the manufacturer check suction condi- 
tions. Viscosity of liquid affects horsepower, head and 
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DEFINITIONS 
STATIC SUCTION LIFT i s  v e r t i c d  dirlance, fl, 
from SUPPIY level lo pump renlerline; pump above 
SYPPIY. 
STATiC SUCTION HEAD: some 01 sIoti< wclion 
lifl, b v l  pump i s  below supply level. 

STATIC DISCHARGE HEAD i s  verlieal dirlonce, It. 
from pump csnlerline Io point of free delivery. 
TOTAL STATIC HEAD i s  vertical dirlonre. I t ,  from 
s~pply level l o  diirharge level. 

FRlCTiON HEAD i s  ~ W S S W ~ ,  in II of liquid, 
needed lo overcome rosislonce o f  pipe, fillings. 
SUCTION LiFT is slolic wclion haod piUI w t l i o n  
fri<toon heod and velocily haod. 
SUCTION HEAD i s  %lotic rutlion head minus IUC- 
lion lriclion head ond velatily heod. 
DISCHARGE HEAO i s  $lotic discharge head pius 
discharge friclioa> head ond valocily head. 
TOTAL HEAD ii sum of fwtion l i f l  and dischorse 
haod. Where lhere i s  wtl ion heod, to ld  hemd i s  
difference between dischorse and wcl ion heads. 

NOTE: Soma enciinaeri use drnomk wclion lifl, 
dynamic dischorse head ond to101 dynamic  head 
inslead of terms above. While the word dynamic 
hsipr O X C ~ ~ S S  ideo of moiion. ie. head when 
liquid i s  flowing. lhe simpler terms are favored. 

results 

I: TYPICAL WATER REQUIREMENTS 
Usuol buildings' I Cities ond towns 

Fixture Cold, 

Wofer.~lorel flush valve 
Wolsr.rlorel flush lank 
Urinoli, flush valve 
Urinalr. flush lank 
Lavotorier 
Shower. A.in. head 
Shower, &in.  ond larger 
Needle balh 
Shompoo rproy 
Bothr, lvb 
Kitchen rink 
Pontry rink, ordinary 
Pontry rink, Ioige bibb 
Slop sinks 
Wash frays 
Laundry troy 
Garden-hose bibb 

9Pm 
A5 
10 
30 
10 

3 
3 
6 

30 
1 
5 
A 
2 
6 
6 
3 
6 

i o  

Hot. 9Pm 
0 
0 
0 
0 
3 
3 
6 

30 
1 
5 
4 
2 
6 
6 
3 
6 
0 

Populotion l o t o l * * ,  gpm 

1000 800 
2000 1200 
3000 1500 
4000 1700 
:ooo 2000 
6000 2200 
8000 2700 
9000 2900 

10.000 3100 
20,000 5100 
AO.000 8700 
5o:ooo 1 1,000 
60,000 13.000 

100.000 19,000 
150,000 28,000 
180.000 33,000 
200,000 37,000 

'Approrimole maximum flow from fixtures: lo "Total includes woter for domestic lupply 
obloin maximum prebobfe flow, mult lp~y and fire prolsction. Where city or lown i s  
maximum possible l l o v  by a vmge ticlor prademinonlly indurlriol. o grealer flow will 
bored on ~ ) r e v i o ~ i  experience. probably be required. 

capacity, as well as class of pump chosen. Here, again, your 
best bet is the manufacturer. Liquid pH influences pump 
materials, p 85, while solids affect mechanical construction. 

5 Choose class and type 
Studying the laycut, like trying on a hat, tells us what size 
(capacity and head) pump we need. This furnishes our first 
lead as to what class of pump is suitable. For example, 
where high-head small-capacity service is required, table 
p 77, shows that a reciprocating pump would probably be 
suitable. Reviewing the liquid characteristics furnishes 
another clue to class because exceptionally severe conditions 
may rule out one or another right a t  the start. Sound eco- 
nomics dictates choosing the pump that provides the lowest 
cost per gallon pumped over the useful life of the unit. 

Operating factors deserving recognition when deciding on 
class include type of service (continuous or intermittent), 
running-speed preferences (high-speed pumps often cost 
less), future load expected and its effect on pump head, pos- 
sibility of parallel or series hookup, and many others 
peculiar to a given job. These factors deserve as much study 
as head and capacity; they're just as important. 

Once you know class and type you're ready to check these 
in a rating table, p 104, or a rating chart as on p 87. As you 
can see, the table lists pump capacity, head, horsepower, 
etc. Where required capacity and head, or both, falls between 
two tabulated values, it is usual practice to choose a pump 
to meet the next larger condition where this is not too far 
from the existing job conditions. Otherwise, another make or 
type of pump may have to be used. 

One important fact to keep in mind is that mnny large 
pumps are custom-built for a given plant or application. 
Under these conditions the pump manufacturer performs 
most of the steps listed above, basing his design on infor- 
mation supplied by the engineer on the job. 

11: PIPE FRICTION LOSS FOR WATER 
(Wrought-iron or steel Schedule 40 pipe in  good condition) 

Dia, Flow, 

in. s p m  

2 50 
2 100 
2 150 
2 200 
2 300 

A 200 
4 300 
A 500 
4 1000 
4 2000 

6 200 
6 500 
6 IO00 
6 2000 
6 4000 

8 500 
8 1000 
8 2000 
8 A000 
8 8000 

10 IO00 
IO 3000 
10 5000 
10 7500 
10 10.000 

12 2000 
12 5000 
I 2  10,000 
12 15.000 
12 20.000 

Friction 105r, 

ft of  w a t e r  Velocity, Velocity heod, 
ft per rec ft of  woter per 100 f t  p ipe 

4.78 0.355 4.67 
9.56 I .42 17.4 

14.3 3.20 38.0 
19.1 5.68 66.3 
28.7 12.8 146 

5.OA 0.395 2.27 
7.56 0.888 4.89 

12.6 2.47 13.0 
25.2 9.87 50.2 
50.4 39.5 196 

2.22 
5.55 

1 1 . 1  
22.2 
44.A 

3.21 
6.41 

12.8 
25.7 
51.3 

3.93 
11.8 
19.6 
29.5 
39.3 

5.73 
14.3 
28.7 
.! " 0 
21.3 

0.0767 
0.A79 
1.92 
7.67 

30.7 

0.160 
0.639 
2.56 

10.2 
10.9 

0.240 
2.16 
5.99 

13.5 
14.0 

0.51 1 
3.19 

12.8 
28.7 
51.1 

0.299 
I .66 
6.17 

23.8 
93.1 

0.424 
1.56 
5.86 

22.6 
88.6 

0.497 
4.00 

10.8 
24.0 
42.2 

0.776 
4.47 

17.4 
38.4 
68.1 

111: RESISTANCE OF FITTINGS A N D  VALVES 
(Length of rtroight pipe, ft, giving equivolent resistance) 

Pipe Std Med-  Long- 45- l e e  Gate Globe Swing 
size, ell r a d  r a d  deg  valve, valve, check, 
in. ell  ell el l  open open open 

1 2.7 2.3 1.7 1.3 5.8 0.6 27 6.7 
2 5.5 4.6 3.5 2.5 11.0 1.2 57 13 
3 8.1 6.8 5.1 3.8 17.0 1.7 85 20 
A i I . 0  9.1 7.0 5.0 22 2.3 110 27 
5 lA.0 12.0 8.9 6.1 27 2.9 140 33 

6 16.0 14.0 11.0 7.7 33 3.5 160 40 
8 21 18.0 1A.O 10.0 43 A.5 220 53 

10 26 22 17.0 13.0 56 5.7 290 67 
12 32 26 1u.J 15.0 66 6.7 340 80 
14 36 31 23 l I . O  76 8.0 390 93 

16 42 35 27 19.0 8, 9.0 430 107 
18 A6 40 30 21 100 E.? 500 120 
20 52 A3 3A 23 110 2.0 560 134 
24 63 53 40 20 140 14.0 580 160 
36 PA 79 60 A3 200 20.0 'OCO 110 
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Typical centrifugal-pump rating table 
T d o l  hood, f! 

Size Gpm IO I5 20 25 30 

1000..8 1060-1.0 1150-1.2 
1070.1.2 1150.1.5 1210-1.7 

12F0.2.1 1360-2.4 

150 760.53 850-.78 950.1 1030-1 .2 1100-I S 

1170.1.9 1190-2.3 1260-2.6 
1400-3.6 

3cL {:! 870-1.2 950-1.6 1000-1.9 1100-2.4 1170-2.8 
12004.1 1230-3.7 1290-4.1 

1490-5.8 

400 750-1.3 850.1.8 940-2.4 1040.3 1120.3.7 
4c ( 6 6  1080.4 1170-4.6 1210-5.5 

1400-8.4 

617-.21 707-.03 778-.A0 865-.51 
680-37 760..49 865-.63 900-.76 

856-.78 916-.94 980-1.1 

950-1.1 1010-1.4 1100-1.7 1170-2 

1W 690-.63 800-.95 910-1.3 1010-1.6 1110-2.05 

820..93 850-1 . I  930-1.35 990.1.6 
970-1.8 1040~2.1 1080.2.3 

Exornple: 1080.4 indicates pump speed is IOBO rpm; 
actuol input required to operote pump is 4 hp. 

Other considerations in choosing pumps 
Our previous two pages outline usual steps in choosing a 
pump for typical industrial services. There are cases, how- 
ever, where selection is better made by the pump builder. 

Estimating data sheets, above right, are available from 
manufacturers to aid you in making a complete statement 
of conditions a new pump must meet. When sending such 
an estimate to a manufacturer it is wise to include a clear 
free-hand sketch of the installation. 

While the sheet shown is for a centrifugal pump, forms 
for reciprocating and rotary estimates resemble this closely. 
Having the manufacturer select your pump insures getting 
the right unit, provided you supply the information he needs. 

Net positive suction head is often listed on estimate sheets 
and must be entered to give a complete picture of pumping 
conditions. This term gives pressure available or required to 
force a given flow, gpm, into the impeller, cylinder or casing 
of a pump. For uniformity, npsh is stated as feet of liquid 
equivalent to required pressure in psi over and above vapor 
pressure of liquid at pumping temperature. 

Every pump has its individual required npsh character- 
istics which the manufacturer can plot on a performance 
curve. Npsh at any point on the curve is head in feet of 
liquid pumped equivalent to pressure in psi required to 
force liquid into the pump. Values shown by pump manu- 
facturer are based on tests and are regularly corrected to 
the centerline of the pump. 

As engineer in charge of plant services you must locate 
the pump and design the suction piping so available npsh 
is equal to or greater than npsh required by pump. Curves, 
right, give vapor pressure of water a t  different tempera- 
tures. They also give conversion factors for changing flow 
from Ib per hour to gpm. Both are useful in planning. 

Pipe sizes for lines where flow demand is likely to change 
or resistance may increase over a period of years require 5 

careful study. If sized only on basis of today's demands or 
resistance, we may find that what was once an economical 
installation becomes a money-waster. 

Complete Analysis. Though not all jobs warrant it, a 
piping system can be completely analyzed for present and 
future operations by using pump characteristic and system- 
head curves like those on p 86. But instead of plotting one 
system-head curve, a series, one for each operating mndi- 
tion, is plotted. Study of these will show just what we may 
expect from a given pump today, tomorrow, and five or 
more years from now. This is a job for the engineer in the 
plant and it deserves more attention than it usually receives. 

2.0 

0.70 2.1 

0.75 2 2  

&8Q 2.3 

0.85 2 A 

0.90 2 5  

0.95 2.6 

I .o 2.7 
2.8 

a 

100 200 300 400 500 

Temperature, F 
150 250 350 450 550 
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OO'JBLE VO' IJTE rnrircolntcr liquid-vapor AIR SfPARATOR and ?we dlitharge parh 
mixturr $ U V ' P O  prlme, separates vapor in pump give priming action in th is  unit 

SLOTS in impeller vanes permit olr to be 
entrained by prlming llquM in this pmnp 

suction and discharge, liquid being circulated from dis- 
charge to suction on prime. Automatic valves or hydraulic 
action stop circulation after pump primes. Some pumps 
circulate liauid continuously. 

priming pumps 
Positive-displacement pumps - reciprocating and rotary - 
are self-priming for total suction lifts to about 28 ft. when 
in good condition. But with long suction lines, high l i f ts  
or other abnormal conditions, they must be primed. 

Centrifugal pumps are not self-priming; on a suction lift 
they must be primed. Either special self-priming units may 
be used or auxiliary priming equipment may be installed. 

Illustrations at top of this page show six modem self- 
priming units. Designs vary from one maker to another, 
but a liquid reservoir of some type on the discharge is 
common. It holds priming liquid and serves as an air 
separator. Other desians have a liauid reservoir on both 

Auxiliary equipment for pump priming includes ejectors, 
vacuum pumps, etc., used in hookups like those sketched. 

With a flooded suction, A, opur casing air-vent petcocks 
and then slowly open suction gate valve. Incoming liquid 
pushes air from casing. Bypass around discharge check 
valve, E ,  permits using liquid in discharge line. Foot valve, 
C, holds water in suction line, is augmented by auxiliary 
supply. Separate pump, D, draws air from casing for prim- 
ing. Or an ejector, E, does same job. Priming tank, F, holds 
supply of liquid large enough to establish flow through 
pump on starting. Vacuum pumps, G and H, are manually 
and automaticallv controlled to mime the main numu. 
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Find How Much Horsepower 
to Pipe Liquids 

I 

Charts give answers for flow from 50 to 100,000 gpm for pipe-roughness 
ratios of 0.02 to smooth. 

Douglas C. Greenwood 

The charts on thesc two pages will make it easicr to 
design pumps and othcr cquipmcnt for handling liquid 
flowing in pipes. 

First, it is often helpful to know the theoretical 
horsepowcr rcqiiired to raise the liquid to various heads. 

This is obtainccl from thc horsepowcr-gpm charts. They 
are plotted for a IO-ft head of watcr: For other hcads, 
multiply hp by HA0 whcre H is the reviscd head; for 
other liquids, multiply by the corresponding specific 
gravity. 

Horsepower 

Hp-gpm Chart . . . 
shows how much hp is 
required to pump water 
against a IO-it head. 
Full-pipe flow is assumed. 

Horsepower 
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SYMBOLS 
G =flow rate, gpm R = Reynold's number w =fluid density, Ib per cu ft 

= 0.0833 Vd/v 
V =velocity, fps 
d = pipe dia, in. 

HI =head loss, ft 

1 =length of pipe, ft 

r = relative roughness of pipe = c/d 
c = effective height of roughness particle, in. 

P = pressure, psi f = friction factor Y = kinematic viscosity, ft2/sec 

Next, for practical results friction losses must be 
accounted for. These vary and should be known for 
each individual case. 

Much uscd in liquid-flow calculations is thc Darcy 
formula 

6L V* 
=.'d32.16 

which can be modified, if velocity is in gpm, to 
LG2 

d5  
HI = 0.0312J - 711 

or for head loss in psi units 

Practical values of f vary from about 0.01 to 0.06 
depending on pipe smoothness and dia. For laminar 
flow, f = 64.4/R. The flow chart gives f for various 
values of R and pipe roughness. Values E for various 
pipes arc: 0.00006 in. for smooth drawn tubing; 0.0018 
in. for wrought iron; 0.01 in. for cast iron. Curvcs for 
relative roughness values of 0.0005 to 0.01 are plotted. 
Most of these lie in the transition zone between laminar 
flow and complete turbulence. 

Fluid-flow Chart . . . 
gives friction for various pipe conditions and values of Reynold's Number. 
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10 Ways to Amplify 
Mechanical Movements 
How levers, membranes, cams, and gears are arranged to 
measure, weigh, gage, adjust, and govern. 

Federico Strasser 

HIGH AMPLIFICATION for  
simple measuring instruments 
is provided by double lever 
acfion. Accuracy can be as high 
a b  0.0001 in. 

Bridge 
lever 

-Spring 

ULTRA-HIGH AMPLIFICA- 
TION, with only one lever, is 
provided in the Hirth-Mini- 
meter shown here. Again, thc 
range is siiinll. 

PIVOTED LEVERS allow ex- 
tremely sensitive action in com- 
pardtof-type memuring device 
shown here. The range, how- 
ever, is sniall. 

Corn t o l l o w e r 7  Aujusftng corn- 

COR CLOSE ADJUSTMENT, 
c l e c t r i c i l  nie:isiiring i ns t rn -  
tiicnts emploj  eccentric ciini\. 
l l e r c  niovenient i s  rcducrtl, nut 
;iniplified. 

A@bsfing Section through A - A  
-Worm qeur 7 

MICROSCOPIC ADJUST- 
MENT is  achieved liere 112 em- 
ploying ;I large eccentric-c;iiit 
cotipled ((I :I worni-gear drive. 
Snioolli, f i i i e  udjuslnienl result. 
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/ever or beum 

Sfeelyord rod- 

LEVER - ACTUATED \+eigh- 
scale needs no springs to niaici- 
Vain balance. The lever system, 
mounted on knife edges, is ex- 
tremely sensitive. 

gear md  
p/nfon 

QUADRANT-GEAR AND 
PINION couplctt to an l,-le\cr 
providc wiiple mot rniriit of in- 
dicirttrr needle for snisll chiu~gcs 
in go\rrnor speed. 

f 

CAPSULE UNIT for gas- 
pressure indicators should be 
provided with a compression 
spring to preload the membrane 
for more positive action. 

6 AMPLIFIED MEMBRANE 
MOVEMENT can be gained by 
the arrangement shown here. A 
small chain-driven gear links 
the lever system. 

GEARED quadrant are I J W ~  
herc to give flie coniI)artator 
iiiaxiniuni sensitivity coinhitied 
with ruggedness. 
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10 Ways to Amdifv 
I 

Mechahical Actibn 
Levers, wires, hair, and metal bands are arranged to 
give high velocity ratios for adjusting and measuring. 

Federico Strasser 

Ius 

DfAL INDICATOR starts 
with rack and pinion am- 
plified by gear train. The 
return-spring takes out 
backlash. 

Geared lever 

LEVER AND GEAR 
train amplify the micro- 
scope control-knob move- 
ment. Knife edges provide 
frictionless pivots for lever. 

Spring 
cen fer fines 

Moveme 

Curved 
lever 

3 ZElSS COMPARATOR is 
provided with a special le- 
ver to move the stylus clear 
of the work. A steel ball 
greatly reduces friction. 

CURVED LEVER is so 
shaped and pivoted that 
the force exerted on the 
stylus rod, and thus stylus 
pressure, remains constant. 

spring ball Or 
measuring face 

5 “HOT-WIRE” AMM ETER 
relies on the thermal ex- 
pansion of a current-cany- 
ing wire. A relatively large 
needle movement occurs. 
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Sfeel 

METAL BAND is twisted 
and supported at each end. 
Small movement of contact 
sphere produces large nee- 
dle movement. 

STEEL RIBBONS trans- 
mit movement without the 
slightest backlash. The 
movement is amplified by 
differences in diameter. 

HYGROMETER actua- 
ted by a hair. When hu- 
midity causes expansion of 
the hair, its movement is 
amplified by a lever. 

ACCURACY of YU'squares 
can be checked with a de- 
vice shown here. The rod 
makes the error much 
more apparent. 

Suppoff + b --+ ,hticromefer 
bushing meosures 
\ movement 

of b in  
response fo 
movement 

TORSIONAL deflection of 
the short arm is transmitted 
with low friction to the 
longer arm for micrometer 
measurement. 
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How to Damp Axial 
and Rotational Motion 
Fluid-friction devices include two hydraulic and two pneumatic actions; 
swinging-vane arrangements dissipate energy and govern speed. 

Frederico Strasser 

CI 
ADJUSTABLE BYPASS between the 
two sides of  the piston controls speed at  
which fluid can flow when piston is moved. 

CHECK VALVE in piston lets speed be 
controlled so that the piston moves faster 
in one direction than in the other. 

Sori& - grip 
a ftachmenf 

ROTATING VANES are resisted by the 
air a9 they revolve. Make allowance for 
sudden stops by providing a spring. 

SWlNGlNG VANES create increased 
wind drag as centrifugal force opens them 
to a larger radius. 
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PNEUMATIC CHECK VALVE acts in 
manner similar to that of previous device. 
Vertical position, of course, is necessary. 

Sfa fionory position - .  

' I  
LJ 

VANE AREA INCREASES when the 
spring-loaded vanes swing out. Forces dif- 
fer for niotion into or against the wind. 

screw 

A 

FLEXIBLE DIAPHRAGM controls short 
movements. Speed is fast in one direction, 
but greatly slowed in return direction. 

Copper or Closed- circuit 
aluminum disk currenfs esfoblkh 

their own magnetic R field - 

Magnet UI 

EDDY CURRENTS are induced in disk 
when it is moved through a magnetic field. 
Braking is directly proportiona1 to speed. 
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8 Snap-Action Devices 
A further selection of basic arrangements for obtaining 
sudden motion after gradual buildup of force. 

Peter C. Noy 

Acfuofing force 

Preload force 

1 
Torsion ribbon . . . 
bent as shown will turn "inside out" at A with a snap action 
when twisted at 6. Design factors are ribbon width and thick- 
ness, and bend ongle. 

Resef 

2 
Collapsing cylinder . . . 
has elastic walls that may be deformed gradually until 
their stress changes from compressive to bending with the 
resultant collapse of the cylinder 

3 Adjus fment Y 
4 Bowed spring . . . 

will collapse into new shape when loaded as shown. 
"Push-pull" type of steel measuring tape illustrates this 
action; the curved material stiffens the tape so that it 
can be held out as a cantilever until excessive weight 
causes it to collapse suddenly. 

Flap vane . . . 
is for air or liquid flow cutoff at a limiting velocity. With a regulating 
valve, vane will snap shut (because of increased velocity) when pressure 
is  ieduced below a certain value. 



Fusible l ink 

Closed container, 

5 
Sacrificing link . . . 
IS  used generally where high heat or chem- 
ically corrosivc conditions would be hazardous 
-if temperature becomes too high, or atmos- 
phere too corrosive, l ink will yield at whatever 
conditions it is  designed for. Usually the device 
is required to act only once, although a device 
like the lower one i s  quickly reset but restricted 
to temperature control. 
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6 
Gravity-tips . . . 
aithough slower acting than most snap mechanisms, can 
t.r called snap mechanisms because they require an accu- 
mulation of energy to trigger an automatic release. Tipping- 
troughs used to spread sewage exemplify arrangement shown 
in A, once overbalanced, action is  fast. 

re 

B 

8 
W Overcentering leaf-spring . . . 

action i s  also the basis for many ingenious 
snap-action switches used for electrical control. 
Sometimes spring action is combined with the 
thermostatic action of a bimetal strip to make 
the switch respond to heat or cold either for con- 
trol purposes or as a safety feature. 

7 
Overcentering tension . . . 
spring combined with pivoted contact-strip is  one arrangement 
among many similar ones used in switches. Arrangement shown 
here i s  somewhat unusual, since the actuating force bears on 
the spring itself. 
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Make Diaphragms Work for You 
Diaphragms have more uses than you think. Here’s a display of applications that 
simple fabric-elastomer diaphragms can handle economically and with a minimum 
of design problems 

John F. Taplin 

O i l  
connecfi 

A /nospher ic 
’ pressure 

‘Pressure possoge 

Expansion compensator for liquid-filled 
systems handles thermal expansion of 2 the liquid as well as any system losses. 

Rubber 

S € O l  
dust 

A force-balance load cell converts the 
weight or force of any object into an 6 accurate reading at a remote point. 

lnlef 

A balanced valve uses a fabric-elastomer 
diaphragm to hydrostatically balance the 3 valve poppet as well as the valve head. 

-Diaphragm 

Spring 

Linear actuator converts gas or fluid 
pressure into a linear stroke without 7 leakage or break-out friction effects. 
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, Diuphragms 

. Piston 

Double-acting actuator provides for 
thrust in either direction by placing 
two diaphragm assemblies back to back. 

Diap n raynm 

Regulating valve controls the value ot air 
pressure by means of a diaphragm-bal- 4 anced valve and two control diaphragms. 

Diaphragm ' u+- I S h a f t  

Shaft seal uses lubricant pressure to 
force the sidewall of the diaphragm to 8 roll against the shaft and housing. 

Double-acting pump has two diaphragms 
to give smooth and continuous flow of fluid 5 to equipment at a safe working pressure. 

Damping mechanism prevents abrupt or 
sudden motion in a machine. Damping 9 amount is controlled by orifice size. 
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Control-Locked Thwart 
Vibration and Shock 
Critical adjustments stay put-safe against accidental turning 
or deliberate fiddling with them. 

Frank William Wood JR. 

w Clamp knob 

a..SPLIT YOKE clamps on shaft when 
eccentric squeezes ends of yoke together. 
Knurled knob is handy for constant use, and 
eliminates need for tool. Another advantage 
is high torque capacity. But this design needs 
considerable space on panel. 

2 FINGER springs into place between gear 
te h at turn of cam. Although gear lock is 
ideally suited for right-angle drives, size 
of teeth limits positioning accuracy. 

Knurled Split I 

3,. SPLIT BUSHING tightens on control 
shaft, because knurled knob has tapered 
thread. Bushing also mounts control to 
panel, so requires just one hole. Lever, like 
knob, does away with tools, but locks tighter 
and faster. For controls adjusted infre- 
quently, hex nut turns a fault into an ad- 
vantage. Although it takes a wrench to turn 
the nut, added difficulty guards against knob- 
twisters. ' Control shaft Hex nut-' 



4 . .  CONSTANT D R A G  of tapered collar on 
shaft makes control stiff, so it doesn’t need 
locking and unlocking. Compressed lip both 
seals out dust and keeps molded locking nut 
from rotating. 
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5 .  . T O N G U E  slides in groove, clamps down 
on edge of dial. If clamp is not tight, it can 
scratch the face. 

6,.  SPOT-BRAKE clamp 
is self-locking, which 
means it takes two hands 
to make an adjustment, 
one to hold the clamp open 
and one to turn the dial. 
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Li uid level Mechanisms - 
In 3 icators and Controllers 

Means of  determining liquid level, 
detection of changes in liquid level, 
transmission of indicated levels. o r  
warnings of changes heyond set limits; 
and means of using level changes for 
level control, or control of other con- 
ditions such a5 temperature and pres- 
sure, have been accomplished by numer- 
ous mechanisms. The most pcpular 

& -Ffoaf chamber 

devices employ floats or pressure meas- 
urement with instruments such as the 
U-tube manameter, bourdon tube, and 
bellows. 

The methods shown here are largely 
indicating methods or simple devices for 
automatic control of liquid level al- 
though they can conceivably be applied 
to control other conditions such as tem- 

perature and pressure. Methods using 
electric resistance of a column of liquid 
and measurement of pressure changes 
by means of piezo-electric crystals are 
not shown. Patent No. 2,162,180 de- 
scribes a method involving determina- 
tion of change in air pressure when a 
measured volume nf air is introduced 
into a tank. 

Fig. 1 -Float and Lever- Operated Pilot Valve 

Sfof for f ioat  
counterweigh f ann 

Sfop for f/oaf , 1 

movemen f--'-- 

fed or dece/erated 
movements ofplunger 
for any floaf movemen 

U 
Fig.2-Float and Cam- 

Operated Pilot Valve 

Bourdon tube sqpporfs 
magnefic core in re- 
sista7ce coils 

~ i Y (Magnefic core 
flfi v v _.-  : i t m a v b e ~ u d -  

/ndicafor or 
recorder--- - 

I F/ouf---, 

IM II < i - - - - r  

pokted C;i;-'o 
by float in 
mercury 
I/ - tube) 

4 i r e  
connecfion 
fo gafvano- 
meter in 
receiver 

Fig.4-Float and Pulley Indicator Fig.5-Pressure Dome Indicator- 
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Sec+/ona/ view excepf 
for weigbfs and ffoaf 

Fig. 6-Float Control o f  Discharge 

Tape visible Vapor- figh f 
covers -- / through 

window 

Tank floor, At-Pu//ey frome supporf 

Fig. 8-Tank Roof Indicator 

. I 
_-__---------- .-.-.-.- - 

Fig.7-U-Tube Manometer with Water Columns 

Double bdancing mechanism fUfs mercury 
swifcbes for u/arms when refri eranf is  
be/ow eifher operufing or idle &e/s 

- -Groo ves 

:---F/oafing frigerun f sdmpling reservoir 

Fig.10 -Refrigerant Balance 

Back F r o n t  

Fig.9-Dip Stick 
I ndica tor 

liquid >eve/ 5.50 
indicufed b y 
/tgh f reflecffon 
from menrsrus 

Fig.11 -Automatic 
Battery Filler 
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Liquid Level Indicators and 
Controllers 
Thirteen different systems of operation are shown. Each one represents at least one 
commercial instrument. Some of them are available in several modified forms. 

Iml 

The Bristol Co. 

Bubbler fixture 

&Air supply 

Either method can 

DXAPHRAQM ACTUATED INDICATOR. Can be used with BUBBLER TYPE RECORDER measures height E. can 
any kind of liquid, whether it be flowing, turbulent, or be used with a11 kinds of liquids, including those carry- 
carrying solid matter. Recorder can be mounted above or ing solids. Small amount of air is bled into submerged 
belnw the level of the tank or reservoir. pipe. Gage measures pressure of air that displaces fluid. 

BELLOWS ACTUATED INDICATOR. Two bellows and 
connecting tubing are fllled with incompressible fluid. Change 
in liquid level 'displaces transmitting bellows and pointer. 

I I i L/,51 
Use terminol5 forpumpdown, 
terminal 3 for ourno-uo control 

f 

ELECTRICAL TYPE LEVEL CONTROLLER. Positions 
of probes determine duration of pump operation. When 
liquid touches upper probe, relay operates and puinp 
stops. Through auxiliary contacts, lower pmbe Pro- 
vides relay holding cdrrent until liquid drops below It. 

op-ociing switch 

To float in 
ion& 

Minneapolis - Honeywell 

FLOAT-SWITCH TYPE CONTROL- 
LEX. When liquid reaches predeter- 
mined level, float actuates switch 
through horseshoe-shape arm. Switch 
can operate valve or pump, as required. 

c ,  
/-- -- - - 

_ _ _ - -  
AUTOMOTIVE TYPE LIQUID LEVEL INDICATOR. Indicator and tank U n i t  are 
connected by a single wire. As liquid level in tank increases, brush contact on 
tank rheostat moves to the rlght, introducing an increasing amount of resistance 
into circuit that grounds the "F" coil. Displacement of needle from empty mark 
Is proportional to the amount of resistance introduced into this circuit. 
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Recorder 

Counterweigh f 

'rope 

y o o t  

f loat chamber 

Minmaplis Mneywell 

FLOAT TYPE RECORDER. MAGNETIC LIQUID LEVEL CONTROLLER. DIFFERENTIAL PRESSURE SYSTEM. 
Pointer can be at twhed to a When liquid level is normal, common-to-right Applicable to liquids under pressure. 
calibrated float tape to give Measuring element is mercury manometer. 
a n  approximate hstantane- level drops to predetermined level. magnetic Mechanical or electric meter body can be 
ous indication of fluld level. Piston is drawn below the magnetic field. used. Seal pots protect meter body. 

leg circuit of mercury switch is closed. When 

t of ocfuofing, Pressure gouge e r-7 element , 
-_ PA 

Seof required fw 
corrosive or 
viscous fluiUs 

Mimqoofis- HmRywrll 

DIRECT READING FLOAT TYPE GAGE. Inexpensive, 
direct-reading gage has dial calibruted to tank volume. 
Comparable type as far as simplicity Is concerned has  
needle connected through a right-angle arm to float. As 
liquid level drops, float rotates the arm and the needle. 

PRESSURE UAUE INDICATOR for open vessels. Pressure 
of liquid head is imposed directly upon actuating element of 
pressure gage. Center line of the actuating element must 
conincide wlth the minimum level line if the gage is to read 
zero when the liquid reaches the minlhum level. 

Heoter wire- 

Bimetal strip - - -- 

7, 
BIMETALLIC TYPE INDICATOR. When tank is empty, contacts in tank unit 
just touch. With switch closed, heaters cause both bimetallic strips to bend. This 
opens contacts in tank and bimetals cool, closing circuit again. Cycle repeats about 
once per s e a  As Hqutd level increases. float forces cam to bend tank bimetal. Action 
is simllar to previous case, but current and needle displacement are increased. 

rank 

-Float 

SWITCH ACTUATED LEVEL CON- 
TROLLER. Pump is actuated by 
switch. Float pivots magnet 40 that 
upper pole attracts switch contact. 
Tank wall serves as other contact. 
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Hangers Put Up by Hand 
No tools needed to install these hangers made of wire, rod or bar-stock. 

L. Kasper 

CLIP is most secure when tubing of right size 
helps keep it spread. To install, hook one side 
over edge of slot and spring in other side. 

EDGE HANGER doesn’t have to be sprung, 
but requires enough clearance above holes so 
that ends can be pushed down through. 

RAMPS cam split end together as hanger is 
pushed into slot. Ends spread again when 
notches engage sheet. 

Small end enters large slot first, then tilts over 
into smaller, close-fitting slot. 
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LOOP hooks over bar and is held secure by 
short tail which snaps into hole drilled 
through the side. 

COIL grips edges of T- or I-section or flat 
bar. Spreading the ends wraps wire tightly 
around tubing to prevent vibration. 

DOUBLE HANGER supports two tubes 8s 
they pass through divider. While tubes are in 
place hanger can’t come out. 

8 END PIECE supports pipe between waUs of 
any thickness. First spring it over pipe, then 
slide it along pipe into holes. 
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Assemble Sheetmetal with 
Sheetmetal 
These sheetmetal parts join sheetmetal quickly with the simplest of tools. 

L. Kasper 

SQUEEZE CLIP holds two overlapping 
sheets together. The ends of the clip are 
pushed through parallel slots, then bent 
over much like a staple. 

ALIGNING PIECE slides up out of the 
way in long slot while butting sheets are 
being positioned. Afterwards it slips down 
over lower sheet. 

CUP carries a bar on both sides of divider. 
Here bars stick up above the top, but 
deeper cutout will lower them until they 
are flush or sunk. 

ESS supports shelf between uprights, By 
mating with notched edge it acts as a key 
to keep shelf from sliding back and forth. 
and provides positive location, 
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Devices for Indexing or Holding 
Mechanical Movements 
Louis Dodger 

v 

detent / 

AXIAL POSITIONING 
(INDEXINS) BY MEANS OF 
SPACED HOLES IN INDEX BASE 

! l .  

ROLLER DETENT POSITIONS IN A NOTCH: 
N t a n a  1 -cos RISE, S z= - - 2 COS a 

ROLLER RADIUS, R = 
( i v y ,  .)( C O S a  ) -- 

1 -cOSa 

\ 
Re foihihg Puf/ h o b  
Din to release 

RADIALLY ARRANGED DETENT HOLDS IN 
SLOTTED INDEX BASE 
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Slashes Errors with Sensitive Balance 

SENSITIVITY OF BALANCE is 
independent of temperature fluctua- 
tions. To keep the center of gravity 
constant, two temperature-sensitive 
elements are riveted to aluminum- 
alloy balance beam, bridging a slot 
which is directly over the balance 
point. Their coefficient of expansion 
compensates for beam deflection 
caused by variations in temperature. 

Enclosed in a cylindrical canister 
at the rear of the balance beam is a 
vane that damps its movement, pre- 
venting oscillation. The hanger at 
the front of the scale carries sets of 
ring weights which are lifted by cam- 
operated levers. The shafts on which 
the cams are mounted are connected 
to the mechanical readout. 

The scale in effect weighs by sub- 

traction since it is balanced, when 
empty, by all the ring weights resting 
on the hanger. To weigh an unknown, 
the ring weights are lifted from the 
hanger. The sum of the raised weights 
is shown on the mechanical counter, 
which displays the first three digits. 
The complete total is displayed by the 
mechanical plus the optical system 
that projects through the reticle. 
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Rotary Piston Engine 
Warren Ogren, Inventor 
Robert Parrnley, Draftsman 

Exploded drawing of engine 
illustrates the many standard 
mechanical components that 
are arranged to preform a 
function in a new way. 
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End View of 
Rotary Piston Engi 

Figure 2 

1 
25 \i .’ 

FIG. 3 1 
I 

7 

cu  9 > t-Away View of Rotary Piston Engine 

4 2  
Figure 3 

41 
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Volume and CG Equations 
The list covers 55 shapes, many of which are the result of drilled holes, 
bosses, and fillets in machined and cast parts 

E. W. Jenkins 

1. .Cylinder 

2.  .Half cylinder 
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or 

OLUME equations are included for ail cases. Where V the equation for the CG (center of gravity) is not 
given, you can easily obtain it by looking up the volume 
and CG equations for portions of the shape and then 
combining values. For example, for the shape above, 
use the equations for a cylinder, Fig 1, and a truncated 
cylinder, Fig 10 (subscripts C and T ,  respectively, in the 
equations below). Hence taking moments 

5 .  .Quadrant of cylinder 

6 .  .Fillet or spandrel 

R”L =z= 0.2146R’L 

R = 0.2234R 10 - 37r B=- 
12 - 37r 

In the equations to follow, angle B can be either in 
degrees or in radians. Thus B (rad) = d/180 (deg) = 
0.01745 B (deg). For example, if 0 = 30 deg in Case 3, 
then sin 0 = 0.5 and 

= 0.637R 2R (0.5) 
3 (30) (0.01745) B =  

Symbols used are: B = distance from CG to reference 
plane, V = volume, D and d = diameter, R and r = 
radius, H = height, L = length,-Nicholas P. Chironis 



28-4 

9 .  .Sector of hollow cylinder 

v = 0.01745 ( R ?  - eL 
38.1972 (R:' - r :%) sin 8 

(R2 - r ' l )  8 

Bi = 0.3125L 
B- = 0.3750 

~ V = D'L = 0.3927D2L 

I 
11. .Truncated cylinder 

I (with partial circle base) 

b = R  ( 1  -cos@) 

V = -  R:'L[ sin&.--- sin:' B e cos 0 1  
b 3 

5 sin 0 cos 6 
8 + 1-2 +!] sin:' 8 cos 0 

8 cos 4 sin:' 8 
3 

[ I  - cos 01 [sin 0 - - - 

~ 2 R [  
6' COS 0 +-- -  sin 8 6' + sin 8cos  8 

2 2 8  8 

5 sin:' 0 
6 

sin:' B cos 0 
12 w h e r e  N=--- 

12. .Oblique cylinder 

(or circular hole at oblique angle) 

H I/ = ' D 2  - = 0.7854D2H seC 6 

d B = H / 2  r = -  
2 

4 cos e 

13. .Bend in cylinder 

4 
3 60 

V = - D2R8 = 0.0274D2R8 
B I  = y tan % 

B:!=yco tB  y = R [ 1 4- -&I 

14. .Curved groove in cylinder 
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18. .Slot through hollow cylinder 

L2 1 
T 
4 

19. .Intersecting cylinder 

(volume of junction box) 

20. .Intersecting hollow cylinders 

(volume of junction box) 
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29. .Shell of spherical sector 

30. .Shell of spherical segment 

31. .Circular hole through sphere 

32. .Circular hole through hollow sphere 

~~ 

33. .Spherical zone 

V = F ( R  3 - r7) (sin 02 - sin Oi) 

B =  0.375 ( R 4  - 1-4) (sin 82 f sin 61) 
R3 - $ 

RINGS 

36. .Hollow torus 

37. .Bevel ring 
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Common Area of Intersection Circle 
Here's a fast method that will give quick, preliminary estimates. 

1. E. lversen 

If you're given the radii of two in- 
tersecting circles and the distance be- 
tween their centers, you can calculate 
their approxiniate common area 
quickly by means of this graph and 
forniula. 

Instead of solving many equations 
of considerable length (which you 
must do  for exact area), all you do 
is select a constant, K, from the graph, 
subtract it from 1, and multiply by 
the area of one of the circles (see 
symbols). 

R 
To find K, use the ratio of radii - r 

for the abscissa, and ratio of distance 

between centers to one radius - as r 
the ordinate. 

EXAMPLE Find area common to two 
circles with radii of 2 in. and 3 in., 
whose centers are 1.75 in. apart. 

C 

SYMBOLS 

C = distance between centers 

r ,  R = radii of circles 

A R = KrR2 = partial area of circle R with no area 
common to circle r 

A R  = xr2 = total area of circle r ,  including area 
common to circle R 

A c  = (1 - K) rR2 = area common to both circles 
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Let r = 2.0, R = 3.0, c = 1.75 
,. c 175 
i hen, - T = 2.0 = 0.875 

regions indicated by shaded and open 
areas: K’s for coniinon areas of in- 
teisecting circles fall within thc rec- 
tangnlar, central portion. Points fall- 
ing within upper left portion (outside 
the rectangle) indicate the circles do 
not intersect. Along the line, K = 1, 
circles aie tangent; points in lower 
right or left portions indicate one cir- 
cle is completely within the other. 

R 3  
r 2 
_ = _ =  

I’rom the graph, K approximates 

A ,  = (1 - 0.66) B (3)2 = 9.6 sq in. 
The graph is separated into four 

0.66 and 
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Compound Angles 
D. E. Sweet 

Attempts to derive formulas and 
tables for accurate computation 
of compound angles can be dis- 
couraging. Each case is usually 
presented in a manner such that 
it is often easier to consider each 
problem separately. There is one 
case, however, that can be stand- 
ardized to the extent that  for- 
mulas and tables can be a big help. 
An example is shown in Fig. 1. 
Here an angle is to be relieved 
down and away: it couId be found 
on a cutting tool (for example, a 
counterbore blade). 

Because the "down" and "away" 
angles are usually arbitrarily se- 
lected, the tables and charts given 
will aid the computation for the 
true angle. For convenience in 
using the table and chart, the 
"down" angle is designated as the 
"tipping angle" and the "away" 
angle as the "turning angle." The 
case angle A is tipped to angle 
@ and then turned to angle a; the 
resultant angle is the true angle 
or T. 

In the table, constants are given 
for combinations of "tip" and 
"turn" angles from 5" to 45". There 
are two constants for each com- 
bination, namely, constant 1 and 
constant 2. 

To determine the true angle (us- 
ing table) 

Rule: multiply constant 1 by the 
tangent of the case angle A and 

add constant 2. The result of this 
addition is the tangent of the true 
angle. 

If it is necessary to  compute 
constants for tip-turn angles not 
given in the table, they can be 
found in these formulas: 

Constant 1 = cos 
Constant 2 = sin a tan 

+ cos 9 

Example: Case angle A = 29", 
tip and turn angles = 5". What 
is the true angle T? 

Tan 29" = 0.55431; constant 1 = 
1.0000; constant 2 = 0.00762. Then 
tan T = 1 x 0.55431 + 0.00762 = 
0.56193. 

T = .29"20'. 

In I- CONSTANT TABLE 
3 z 
0 
5 %  In TURN ANGLES a 

E 

U 

2 
0 
U So 10" 15' 20" 25" 30" 35" 40' 45" 

c 

c 

5" 

10" 

15' 

20" 

25" 

30" 

35" 

40" 

4 5 O  

1 1.0000 
2 ,00762 

1 1.0115 
2 .01537 

1 1.0313 
2 .02335 

1 1.0601 
2 .03172 

1 1.0992 
2 .04064 

1 1.1503 
2 .05032 

1 1.2161 
2 .06103 

1 1.3004 
2 ,07313 

1 1.4088 
2 ,08749 

0.9886 
,01519 

1 .oooo 
,03062 

1.01 95 
.04653 

1.0480 
.06320 

1.0866 
.OB097 

1.1372 . 1 0025 
1.2022 
.12159 

1.2856 
.14571 

1.3927 
.17365 

0.9696 0.9433 
,02264 .02992 

0.9808 0.9542 
.045f3 ,06031 

1 .OOOO 0.9728 
.06935 .09164 

1.0279 1 .OOOO 
.09420 ,12448 

1.0658 1.0368 
.12069 .15948 

1.1153 1.0851 
. 1 4943 . 1 9746 
1.1792 1.14715 
.la123 .23948 

1.2609 1.2267 
.21717 .28699 

1.3660 1.3289 
,25882 ,34202 

0.9098 
,03697 

0.9203 
.C7452 

0.9383 
.11324 

0.9645 
.15382 

1 .oooo 
.19707 

1 . o m  
. 2 w o  

1.1064 
.29592 

1.1831 
.35462 

1.2817 
.42262 

0.8693 
.04374 

0.8794 
.OB816 

0.8966 
,13397 

0.9216 
,18198 

0.9555 
,23315 

1 .oooo 
.28867 

1.0572 
.35010 

1.1305 
.41955 

1.2247 
5000 

0.8223 
.05018 

0.8318 
.lo1 14 

0.8480 
.15369 

0.8717 
,20876 

0.9038 
26746 

0.9459 
.33115 

1 .oooo 
.40162 

1.0693 
.48129 

1.1584 
.57358 

0.7690 
.05624 

0.7779 
,11334 

0.793 1 
.17223 

0.8 152 
.23395 

0.8452 
.29974 

0.8845 
.37111 

0.9352 
-45008 

1 .OoOo 
.53936 

1.0833 
.64279 

0.7098 
.06186 

0.71 80 
. 1 2468 
0.7320 
.la947 

0.7525 
,25736 

0.7802 
.32973 

0.81 65 
.40825 

0.8632 
.495 12 

0.9230 
.59333 

1 .ow0 
.70711 

Reprinted with permission from American Machinist, A Penton Media Publication 
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Turn 5 O  
Tip 5" 

Turn 5O 

Tip IO" 

Turn IOo Turn 10" Turn 5 O  

Tip IO" Tip 15' Tip 15" 

To Find Trne Angle: 
These 5 scales show the most likely comhinationa of tipturn angles. In each combi- 

nation use the black d e  for the case angle A .  Example: tip-turn angles are 5 O ;  the 
case angle is 2 9 O .  On shaded scale opposite 29", read that 20' must he added io get 
true angle T = 29O20'. 
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Angle '8' 

Graphical Solution of True Angle 
This chart is laid out with two 
curves for tip-turn angle combi- 
nations. Example: case angle A 
1 29", tip and turn angles are 
5". Follow construction lines to 
see that 20' must be added to an- 
gle A = 29", to get true angle 
T = 29"20'. 

Proof 
Given 0, a and @ 
To Find T 
Solution: 

AC = 1 = AB' 
CB = tan o = B'C 
B'C' = sin + = CD 
B'C" = COS a (B'C + CE) 
CE = tan a CD 
B'C" = (tan 0 + tan a sin 9 )  X 

COS a 

= tan B cos a + * X cos a 
cos u sin + 

= tan o cos a + sin a sin $ 
AC' = COS rp AC" 

B'C" t a n T  = - AC" 
tan o cos a + sin a sin @ 

cos 9 
- -- 

COS a = tan o (-) 
+ sin a tan Q 

cos Q 

Constant 1 = % 
Constant 2 = sin a tan q, 

cos rp 

A 
Y 

A 
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Calculation of Dihedral Angles 
William W. Johnson 

FORMULAS DEVELOPED by spherical trigonoinctry can be 
used to deterinin: the angles required in constructing sheet 
metal products such as hoppers. Ten principal and five 
check equations are listed later for determining all the 
angles required in detailing the hoppers, and verifying the 
calculations. Ordinarily, only the first five of thc principal 
equations are required but the attachments or supporting 
structure may necessitate the use of the next five. 

Referring to Fig. 1 ( A )  M and N represent two trans- 
parent planes which meet at their common intersection 
OC. Fig. 1(B) is another view of these planes. The 
angle C in the spherical triangle ABC is measured by the 
plane angle between tangents to AC and BC. 

These tangents intersect radii O A  and OB produced 
in K and L. Therefore, the numerical measure of the angle 
between the tangents to the great circles of a sphere at their 
points of intersection is the numerical measure of a spheri- 
cal angle, and also the dihedral angle between the planes 
M and N. 

The elements involved are defined as follows. 

Given data: 
A = angle between plane N I  and plane of reference; 
B = angle between plane N and plane of reference; 
c = angle in planc (Jf reference between its intersections with 

the planes &! and N 
Data which can be computed: 
C = dihedral angle between planes M and N 
b = angle in M ,  between its intersection with N and plane 

a = corresponding angle in plane N; 
m = angle in plane of reference between its intersections with 

M and a plane normal to the plane of reference through 
the intersection of the planes M and N: 

n = corresponding angle between intersections of N and the 
@me nornial plane; 

m + n = c :  
+ = angle in normal plarie between its intersection with 

refeience plane and thc intersection of planes M and N 
‘p = angle between plane M and the same normal plane; 
e angle between plaiic N nnd the normal plane. 
* + e = c  
A horizontal plane may be chosen lor the reference 

plane. If this is done, the planc normal to plane of refer- 
cnce I S  vertical. 

of reference ; 

Fig. i-Planes and angles used in thc principal and 
check equations are defined in (A). Thcse are used 
in (B) t o  develop the spherical triang!e ABC. 

C 

K Norma/ p/anc 
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90-180 
180-270 
270-360 

FORMULAS 
LWS C = - cos A cos R + sin A sin B cos e. (1) 

This formula can be modified for logarithmic cornputntioo 
by the use of an auxiliary angle x. 

Letting rot x = t,an I!? cos c (2) 

(3) 
sin ( A  - 2) cos B 

sin z Then cos c = 

- +  + - 
- - + + - -  
- + - - + -  c = 135 deg. 

Since the angle of the corner is given as 45 deg, 
- - 

sin c sin A 
sin C sin 8 = (4) 

(5) 
sin c sin 13 

sin C sin b = 

sin + = sin b sin A = sin a sin I3 
tanm = t a n  b cos A 
tan n = tan a cos I3 
cot = tan A cos b 
cot 8 = tan B cos a 

Table I-Sign Convention for Trigonometric Functions 

Quadrant 

I 
I1 

111 
IV 

CHECK FORMULAS 
tan$(a - b) = .+&(A - B )  csc)(A + B )  tan(tc) 
tan$(a + b) = cos$(A - IS) seei(A + R )  tan($c) 
cot (aC) - cosf(a + b) ser+(n - h) tan+(A + H) 

( I )  
(11) 

(I 11) 
tan m tan p = - sin J. 
tann 
sin + tan 9 = - 

In applying these equations, the algebraic signs must 
conform to Table I. 

SAMPLE PROBLEM 

The outline of a hopper is shown in Fig. 2. Fig. 3 gives 
the development of the sides. This problem presents as 
many difficulties as are likely to occur in practice. Below 
is given the computation of the angles pertaining to thc 
intersection of the sides M and N of the hopper. The 
lower horizontal plane is taken as the plane of reference. 
The pitch angles A and B are first computed from the given 
d imensions , 

Angles, deg I sin cos tan cot sec csc 
41 625 tan B = - 28.814 

41.625 tan A = - __ 7 750 
- j  

I ~- 
log tan A = 0.7300525 log tan I3 = 0.1597416 

0-90 + + + + + i- A = 79" 27' 11" B = 55" lS'27" 

I The dihedral angle C at the intersection of the sides 
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M and N is found from Eqs. (2 )  and (3) : 
Since log tan (1:) = 0 1597416 and log cos (c) = 9.8494550, 

log cot (2) = 0.0092266 
Thus, .T = 135" 36' 31" and 

(.4 - 2) = - 56" 9' 20" 
IJsing Eq. 3 and log sin z = 9.8448227, 

log COS C = 9. S297891 or 
C = 132" 30' 46" 

Next, the angles n and b at which thc sides A I  and h' 
must be cut are found by Eqs. (4) and ( 5 )  : 

log sin a = 9.974543 1 

log sin b = 0.8969296 
u. = 109' 25' 36" 

b = 52" 4' 2" 

To check, use Eqs. ( I ) ,  and (111), first finding 
$ ( A  + B )  and + ( A  - B )  by addition and subtraction: 

f(A + B) = 67" 22' 49" 
$(A - B) = 12" 4' 22" 

Thus, 
log sin((A - B) = 9.3204661, 
log c&(A + P) = 0.0347617, and 
log tsniic = 0.3827757. 

log tan*@ - b) = 9.7380035 or 
Adding these three, 

*(a - b) = 28" 40' 47". 
Similarly, 

log COS)(A - B )  = 9.9902868, 
log sec)(A + B) = 0.4149709, and 
log tanic = 0.3827757. 

Adding, 
log tanf(a + b) = 0 7,350331, sild 

= 83" 41' 49" +(a + b)  
Solving simultaneously, 

n = 109" 25' 36" ani1 
b = 52" 4' 2". 

Therefore. log cos+(a + b)  = 9 2LOW731, 
log sec$(a - b) = 0 06G8439, aiirl 

logtan+(A 4- n) = 0 3302131 
From Eq. 111, log cot(4C) 

?C 
= 9 6433301 o i  

=I 66" 15' 23" aiicl 
C = 132" 30' 46". 

The angles d and b are identified in Fig. 3 showing the 
development of the hopper on the plane of reference. The 
corresponding angles at the other intersection, or corner 
of the hopper, can be determined by a similar process. 

The dihedral angle formed by the intersection of the 
sides N and P are: 

The cut angles for the sides N and P are: 

The pitch angle for the side P is 63" 55' 7". (See Fig. 3 ) .  
When the slopes of the sides M and N, and hence a and 

b are equal, and c = 90°, the required equations then 
become : 

- COS C COS' A (1) 

(4) & (5) 

angle CI = 140" 34' 20". 

angle al = 90". angle b, - 66" 16' 1". 

sin A 
sin C & a = -  and 
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Frustums of Cones 
Ronald L. Wakelee 

Frustrum of 
Right c i r c u l o r  cone 

Fig. 2 

Fig. 3 

Fiq. 4 

Efficient solution of problems relating to frus- 
tums of ccnzs may be hampered for lack of 

quantity A,  Fig. 1. This quantity does not ap- 
pear in the ccnventional formula for the vol- 
ume of a frustrum: 

L7 -= 0.2618 h ( D 1  i Dd + d ' )  

Quantity A, Fig. 1, was needed for solution of 
a problem involving thin-wall containers of 
frustrum shape. The customer wished to pack a 
standard volume in a container with a pleasing 
profile or side wall angularity. 

Selection of can, profile starts with certain 
known factors: Volume V to be packed, open- 
end diaveter  D ,  and an approximate ratio of 
D / h  = 2%, or h = 0.4 d as suggested by cus- 
tomer. If possible a standard packer's can end 
IS selected. In this case D is taken as 3. The 
problem is to find the exact value of h. 

First step is to draw up tentative can profiles, 
Figs. 2, 3, 4, of equal volume, which must be 
7.218 cu in. Note that side angularity A is 10". 
15". and 20" for the three profiles. The value of 
h in each case is calculated from the formula 
7. page 312: 

D - +' 0 3  - 7.64 V tan A 
h =  

2 tan A 
The customer-selected profile is shown in 

Fig. 2. Here D = 3, A = 10" and V = 7.218 cu 
in. By substituting these values in equation 7. 
h = 1.176. 

Bottom diameter d of the container is easily 
found from the formula: 

d = D - 2 t a n A  x h 
= 3 - (2  tan 10" X 1.1715) 
z 3 - (2 X 0.17633 X 1.176) 
= 2.585 

Reprinted with permission from American Machinist, A Penton Media Publication 
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X Angle A, 

Length of Material 
for 90 Degree Bends 

Y Developed length 

As shown in Fig. 1, when a sheet or flat bar is bent, the position of the neutral plane with rcspcct to the outer and 
inner surfaces will depend on thc ratio of the radius of bend to the thickness of the bar or sheet. For a sharp corner, 
the neutral plane will lie one-third the distance from the inner to the outer surface. As thc radius of the bend is 
increased, the neutral plane shifts until it reaches a position midway between the inner and outer surfaces. This 
factor should be taken into consideration whcn calculating the developed length of material required for formed pieces. 

The following 
formulas were used to calculate the quantities given in the table, the radius of the bend being measured as the distance 
from thc center of curvature to the inner surface of the bend. 

1 .  For a sharp corner and for any radius of bend up to T, the thickness of the sheet, the developed length L for 
a Wdeg. bend will be 

The table on the following pages gives the developed length of the material in the Wdeg. bend. 

L = 1.5708 ( R  + g) 
2. For any radius of bend greater than 2T, the length L for a SO-deg. bend will be 

L = 1.5708 ( R  + f )  
f=Stock thickness 3. For any radius of bend between 1T and 2T, the 

value of Las given in the table was found by interpolation. 
The developed length L of the material in any bend 

other than 90 deg. can be obtained from the following 
formulas : 

R='nside 

1 .  For a sharp corner or a radius up to T: f 

T 
Sharpcorner R=Torless R-ITtoPT R=PTormore 

FIG. 1. 2. For a radius of 2T or more: 

For double bends as shown in Fig. 2, if R1 + Rt is greater than B: 

X = .\/2B(R1 + Rz - B/2) 
With RI,  R2, and B known: 

R I  + Rz - B 
R I  + Rn 

cos A = 

L = 0.0175(R1 + Rz)A 
where A is in degrees and L is the developed length. 

If RI  + RZ is less than B, as in Fig. 3, 
Y = B cosec A - (R1 + Rz)(cosec A - cotan A)  FIG. 2. FIG. 3. 

The value of X when B is greater than RI  + R, will be 
X = B cot A + (R1 + R~)(eosec A - cotan A)  

The total developed length L required for the material in the straight section plus that in the two arcs will be 

To simplify the calculations, the table on this page gives the equations for X, Y, and the developed length for 
L * Y + 0.0175(R1 + Rz)A 

various common angles of bend. The table on following pages gives L for values of R and T for 90-deg. bends. 

EQUATIONS FOR X. Y. A N D  DEVELOPED LENGTHS 

15 
22% 
30 
45 
60 
67% 
75 
90 

3.732B + 0.132(Ri + Rz) 
2.414B + 0.199(R1 + RZ) 
1.732B + 0.268(R1 + Rz) 
B + 0.414(R1 + Ra) 
0.577(8 + RI + R I )  
0.4148 + O.668(R1 + Rz)  
0.268B + 0.767(R1 I- Rz) 
RI + RI 

3.864B - 0.132(Ri -k Rz) 
2.6138 - 0.199(R1 + Ra) 
2.000B - 0.268(RI + Rn) 
1.414B - 0.414(& + Rt) 
1.155B - 0.577(Ri -k Rz) 

1.035B - 0.767(R1 kz) 
B - RI - RZ 

1.082B - O.668(R1 + Rz) 
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8 Simple Methods to 
Measbre Moment of Inertia 
Oscillating and ”falling weight’’ setups combine with simple formulas to 
give accurate answers for complex shapes. 

Bernard Brenner 

oment of inertia is gcnerally difficult to find when 
one or more of the following conditions exist: Body 
shape is irregular; matcrial density is unknown; parts 
must be disassembled before precise dimensions can 
be found. The esperinicntal methods shown here 
handle all such cases with sufficient accuracy for most 
engineering work. Only requirements: measurements 
of weight and tinic; and simple dimensions. 

SYMBOLS 
D = dia, in. 
d = distance, in. 
j = friction torque. oz-in. 
g = gravity, in./sec2 
J = ineftia of test body about symmetry axis, 

oz-in.-secz 
J ,  = reference inertia, oz-in.-sec2 
k = torsional spring constant, oz-in./radians 
L = length of pendulum, in. 
R = radius, in. 
T = eriod of oscillation (or time of weight 

W = weight of test body, oz 
W .  = connecting-rod weight, oz 
W ,  = reference weight, oa 

En,, see 

Thin wire fkl 

Suction cup, 

I-Torsional Penddurn (when k is known) 
kT2 .I = - 4 7r2 

1 Reference body iJ0 

2-Thersicnaa! ~ e n d u ~ u r n  ( k  is unknown) 
TI is period with J, only 
T2 is period with Jr and J together 

J = Jr[(g) ’  - 1 1  

S-Bifilar Suspension (suspension cords musk be 
highly flexible) 

W dz T z  J -  ___ 
1 G  ir2 1, 
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Oscillating welghi IW,) 

4-Pendulum (connecting-rod weight relatively 
light) 

J = W,L (& - +) 

Rod f W, J assume cross -section 

5-Pendulum (connecting-rod weight appreciable) 

Test body 

torque, t 

ib- Reference weight MrJ 

Identical ends 

7-Inclined Plane 
Body rolls d in. from rest (without slipping) in t 
seconds. 

WR2P . J = -__ mu 0 2d 

8-Falling Weight 
Weight W, starts from rest and travels d in. in T sec. 
Frictionless: 

With shaft friction f :  
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Friction Wheel Drives Designed 
for Maximum Torque 
Analysis of forces present in a friction wheel drive. Development of a design for 
drives that can be utilized to protect machines from excessive load torques. 

Rudolf Kroener 

DURING THE POST WAR YEARS, as a 
consequence of the general scarcity of 
leather, rubber, and metals, in Ger- 
many efforts were made to replace belt 
drives and gear drives with friction 
wheel drives. The satisfactory results 
obtained are ascribed to: 

1. Ability to manufacture a facing 
material having a high coefficient of 
friction. Cellulose type of materials 
have been developed possessing co- 
efficients of friction ranging up to 0.5. 
When compared with materials having 
friction coefficients ranging from 0.15 
to 0.2, the new materials offer an op- 
portunity to reduce bearing pressures 
60 to 70 percent. 

2. Development of designs in which 
the contact or normal force between 
the friction wheels is varied automatic- 
ally with changes in load torque of 
the driven machine. These designs 
make it possible to apply friction 
wheel drives to serve as disconnect 
clutches for limiting the transniission 
of torque before it becomes excessive. 

When the faces of two friction 
wheels are pressed together, and 
where 

p =coefficient of friction of the ma- 
terials in contact 

P = radial force pressing the wheels 
together, Ib 

T = force transmitted tangentially to 
the wheels at their point of contact 
without slip, lb 

T = radius of driving wheel, in. 
n = speed of driving wheel, rpm 
H = horsepower transmitted by the 

friction wheel drive 

T = y P  
r n  T I1 = - 63,025 

Since the radial force P is equal 
and opposite to the force exerted by 
the wheels on their supporting bear- 
ings, it is evident that for constant 
values of T the bearing ressnres in- 

creases. Low coefficients of friction, 
therefore, are conducive to resultant 
power loss and bearing wear. 

In a friction wheel drive where the 
wheel centers are adjusted and fixed 

crease as the coefficient o F friction de- 

to obtain a radial force sufficient to 
transmit a desired torque, the bearing 
pressure remains at a constant value 
regardless of variations in the trans- 
mitted torque. When the load torque 
varies to a large extent, such an ar- 
rangement com ares unfavorably. with 
gear drives an B belt drives, since in 
such drives the bearing pressures vary 
with the tor ue transmitted. 

types of friction drives in which the 
driving wheel is mounted on a swing- 
ing center. 

The swing drive shown in Fig. 1 is 
designed to change the radial pressure 
P simultaneously and autoniatically 
with variations in load torque. In this 
arrangement the motor is fastened to 
a sub-base. The sub-base is free to 
swing on an axle at the right side. The 
opposite side of the base is supported 
by a spring. The driving friction 
wheel is pushed upward by the sprinE 
to maintain contact with the driven 
wheel. The driven wheel i5 mounted 
on a non-adjustable center. 

When thc torque load on the driven 

This disa 1 vantage is overcome in 

/=-\ __-Driven wheel 

Ax/e in yoke' 
bearings 

Fig. I-Friction drive in- which swing 
base is supported by a spring and axle. 

Fig. 2-(A) General arrangement of a maxi- 
mum torque friction wheel drive with horizon- 



wheel changes for an reason, the 
state of equilibrium is dsturbed. The 
effect of an increase in torque load, 
until slipgini: occurs, is to cause the 
driving w ee to roll back or down on 
the driven wheel thus further compres- 
sing the spring. The spring force is 
thus increased, which results in an in- 
creased radial force P and an increase 
in the transmitted torque. Where 
F = spring force, Ib 
f = horizontal distance from center of 

axle to line of spring force, in. 
p = perpendicular distance from line of 

wheel centers to center of axle, in.  
G = resultant of motor weight, driving 

wheel weight, and subbase weight, 
referred to axis of the motor, Ib 

g = horizontal distance from center of 
axle to vertical line passing through 
axis of motor, in. 

f = perpendicular distance from tangent 
through point of contact of wheel 
faces to center of axle, in. 

then to satisfy conditions of equilib- 
rium 

G g - F f -  Pp+ Tt=O (3) 
and the spring force F is found by 
substituting in Eq (3)  the value of P 
as given by Eq ( I ) ,  or 

In the design shown in Fig. 1, the 
extent to which the radial pressure P 
may build up, until slip ing occurs, in 
response to increasing P oad torque is 
not limited. Excessive load torques 
may damage the friction facings, the 
driven machine. or the motor. 

Any of many safety devices such 
as slip clutches, shear pins or keys, 
and breaking bolts, of course, can be 
used to protect the driven machine 
from excessive overloads. Fuses, over- 
load relays, and thermal cut o~ de- 
vices can also be installed to protect 
the motor. Such protective devices 

are not necessary, however, when the 
friction wheel drive is designed to per- 
form as a maximum tor ue clutch in 

when a predetermined value of load 
torque is exceeded. 

In the friction wheel drive shown 
in Fig. 2 (A),  the drive motor M 
is fastened to a swing late, one side 

This axle is free to turn in yoke bear- 
ings on the ends of rods that are free 
to slide in fixed bearings. The spring 
1; is compressed between a shoulder 
and a spacer on each slide rod. 

In this arrangement, an increase in 
load torque on the driven wheel causes 
the tangential force T to increase, 
which in turn causes the driving wheel 
to ride at a lower position on the face 
of the driven wheel. 

As the driving wheel drops to a 
lower position, the cosine of the angle 
included between the line of centers 
of the axle and motor and the hori- 
zontal centerline of the slide rods 
increases, thus compressing the spring 
F and increasing the contact force P. 
With an increasing load torque, the 
driving wheel will finally fall away 
from the driven wheel. 

At the instant of last contact of the 
two wheels, the spring has its maxi- 
mum compression. The maximum 
torque that the arrangement shown in 
Fig. 2 (A) can transmit, therefore, 
depends upon the spring rate of the 
spring. 

The geometrical relations present 
in the drive shown in Fig. 2 (A\  
when operating under a normal load 
and under maximum load are shown 
in Figs. 2 (B) and (C), respectively. 
For normal load conditions, the nota- 
tions for dimensi,ons and angles carry 
the subscript 1; for maximum load 
conditions they carry the subscript 2. 

which contact at the whee 9 faces ceases 

of which is supporte B on an axle. 
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The geometrical relations existing are. 
AT A NORMAL LOAD, 

01 = (R + r) cos 81. 
hl - g -(R+ I) sin 01 

p t  = J sin - 81) 
bi = d:2 - hi2 

ti  = T + J cos (ai - 81) 
C! U I  + bi 

hl g - ( R  + r )  sin 81 sin a1 = ~ = ~- 
5 I 

AT MAXIMUM LOAD, 

a2 = Bo 
a2 = ( R  + r )  cos 0 2  
hf = g - (R + r )  sin pz 
b2 = - \ 1 5 c h 2 2  = h2/tan & 
p2  = J sin (a: - 02) = 0 
ta = r + s cos (a2 - &) = r + 5 

cz = az + ba 
sinal = sin 8 2  = g / ( R  + r + 5) 

Where 
P = spring force or horizontal com- 

ponent of the reaction load exerted 
by the axle, Ib 

N = vertical component of the reaction 
load exerted by the axle, 1b 

the relations that satisfy conditions of 
equilibrium are 

Substituting Eq (9) in Eq (6) 

force F2 required to 

to transmit a maximum horsepower 
H2 from Eqs (2) and (10) is then 

maintain The spri%‘ su cient radial pressure P ,  

by similar analysis 

141 slide rods and compression springs. (B) Geo- conditions. (C) Geometrical relation of parts 
metrical relation of parts under normal driving under maximum torque driving conditions. 
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Cylinder 
about 

outside 
axis 

Radii of Gyration for Rotating Bodies 

R1 
41' + 31.' + 12dl + 12d 

12 

Solid 
cylinder 
about its 
own axis 

Hollow 
cylinder 
about its 
own axis 

Rectan- 
gular 
prism 
about 
axis 

through 
center 

Rectan- 
gular 
prism 
about 
axis at 

one end 

Rectan- 
gular 
prism 
about 

outside 
axis 

R2 = 7' 
2 

4b9 + c* 
12 

R2 = - 

Cylinder 
about 
axis 

through 
center 

Cylinder I 
Re - 4P t 37' about 

at  one 
12 axis 1 

end I 

! 

Any body about axis outside 
its center of gravity 

where RO = radius of gyration 
about axis through 
center of gravity 

R*i = RPo + d' 

R1 = radius of gyration 
about any other 
parallel axis 

d = distance between 
center of gravity 
and axis of rota- 
tion 

APPROXIMATIONS FOR CALCULATING MOMENTS OF INERTIA 
NAME OF PART 

Flywheels, (not applicable to  belt pulleys) 

Flywheel (based on total weight and out- 
side diameter) 

Spur or helical gears (teeth alone) 

Spur or helical gears (rim alone) 

Spur or helical gears (total moment of 
inertia) 

Spur or helical gears (with only weight and  
pitch diameter known) 

Motor armature 
(based on total weight and outside diam- 
eter) 

MOMENT OF INERTIA 
Moment of inertia equal t o  1.08 t o  1.15 times tha t  of- 

rim alone 

Moment of inertia equal to two-thirds of t ha t  of total. 
weight concentrated a t  the  outer circumference 

Moment of inertia of teeth equal t o  40 per cent of tha t  
of a hollow cylinder of the  limiting dimensions 

Figured as a hollow cylinder of same limiting dimensions 

Equal t o  1.25 times the  sum of t h a t  of teeth plus rim 

Moment of inertia considered equal to 0.60 times the  
moment of inertia of the total weight concentrated 
a t  the pitch circle 

Multiply outer radius of armature by following factors 

Large slow-speed motor . .  . . . . . . . . . . . . . . . .  0.75-0.85 
Medium speed d-c or induction motor . .  . . .  0 . 7 W .  80 
Mill-type motor. . . . . . . . . . . . . . . . . . . . . . . .  0 . 6 0 4 . 6 5  

to obtain radius of gyration: 
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WR2 OF SYMMETRICAL BODIES 
For computing WR2 of rotating masses of weight per unit volume p ,  by resolving the body into 

See page 208 for effect of WR2 on electric motor selection. 

Nole: P in pounds per cubic inch and dimensions in inches give W E 2  in 1b.-in. squared. 

1. Weights per Unit Volume of Materials. 

elemental shapes. 

WEIGHT, LB. 
MATERIAL PER CU. IN. 

Cast iron.. .......................... 0.260 
Cast-iron castings of heavy section Le . ,  flywheel rims 

Lead. . . . . . . . . . . . . . . . . . .  . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . .  0.410 

............................................. 
.................................. 0.250 
.................................. 0.283 

................................................... 0.319 

Copper 0.318 . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . .  

2. Cylinder, about h i s  Lengthwise through the Center of Gravity. 
?r 

Volume = L(D21 - IPS) 
(a) For any  material: 

WR2 = 5 pL(D'1 - 0'3 32 
where p is the weight per unit volume. 

( 6 )  For cast iron: 
L(D'1 - D'z) 9 

39.2 WR2 = 

( c )  For cast iron (heavy sections): 
L(D4, - D'2) 

40.75 

L(D41 - D42) 
36.0 

WR2 = 

(d )  For steel: 

WR2 = 

3. Cylinder, about an Axis Parallel to the Axis through Center of Gravity. 
7r Volume = - L(D2 ,  - DZ2) 4 

(a) For any material: 

+ Y2) 

WR2,-, = 4.50 + Y2) 

7r WR2,  = - pL(D21 - 0 2 2 )  
9- 

4 
(6 )  For steel: 

4. Solid Cylinder, Rotated about an Axis Parallel to a Line that Passes through the Center of 
Gravity and Is Perpendicular to the Center Line. 

Volume = f D ~ L  

WR2,, = D2Lp + + 1-2) 

4 
(a) For any material: 

a 0 2  

( b )  For steel: 
D2L L2 D2 
4.50 12 -!- 16 4- r2 

WR2,-, = __ (- 
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6. Rod of Rectangular or Elliptical Section, Rotated about an Axis Perpendicular 
to and Passing through the Center Line. 

For rectangular cross sections : 

2' ' \. 
L. '. t'% 

For elliptical cross sections : 
a a 

K1  = - *  64, K z  = - 4 

Volume = K2abL 
(a)  For any material: 

(b)  For a cast-iron rod of elliptical section ( p  = 0.260) : 

6. Elliptical Cylinder, about an Axis Parallel to the Axis through the Center of 
Gravity. 

n- Volume = -abL 4 
(a)  For any material: 

2 

WR2,  = p:abL(a2 + r2 )  

(b)  For steel: 
ubL a2 + b2 
4.50( 16 WR2,-, = - ~ 

7. Cylinder with Frustum of a Cone Removed. 

8. Frustum of a Cone with a Cylinder Removed. 
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9. Solid Frustum of a Cone. 

w L  (D31 - D32) 
12 (Dl - Dz) 

w p L  (D51 - D5J 
160 (Dl - D2) 

Volume = - 

WR2,-, - 

10. Chamfer Cut from Rectangular Prism Having One End Turned about a 
Center. 

Distance to center of gravity, where A = R2/R1 and B = C/2R1 

- X  

rz = jR3,B [' (A3 - 3A + 2) volume X (1 - A )  3 
B2 + 3(1 - A - A  (A2 - 2A + 1) 

5 B6 
672,4 + --3 (3A41 - 4A3+ 1) ' ' ' 

B2 1 
Volume = jR2IB {(A2 - 2A + 1) + 3 [log. - (1 - A)] (1 - A) 

1 B4 1 B6 + 402 (2A3 - 3A + 1) + - -T  (4A5 - 5A4 + 1) + * - - 224 A 

'jR4IB ((A4 - 4A + 3) + B2(A2  - 2A + 1) 6(1 - A )  WR2,-, = - 

+ 9 B4 [log. A 1 - (1 - A ) ]  + - 5 B6 @A3 - 3A2 + 1) + . . . }  
56 A 

11. Complete Torus. 

12. Outside Part of a Torus. 

Volume = r2Dr2 

(D2  + 3r2) a2pDr2 
4 WR',, = ~ 

Volume = 2x7-2 t$ + 
r )  

[ E t D  + 4r) + r 2 g D  + - r  WR2,-, = wpr2 15 

9- 

4 2  



28-28 

13. Inside Part of a Torus. 

14. Circular Segment about an Axis through Center of Circle. 
p----- c _____+TI 

C 
2R a = 2 sin-' - deg. 

Area = ___ - ' J R 2  - 114.59 2 
R 2cY C2 

(a) Any material: 
WR2,-, = pT [m R 4~ - $ (3R2 - 3) c2 5 c J R 2  - T] 

(b) For steel: 
T R4a -I.( 3R2 - - C 2 ) C J T  R2 - -1 2 2  WR2,-, = ~ 3.534 [m 6 

16. Circular Segment about Any Axis Parallel to an Axis through the Center of 
the Circles. (Refer to 14 for Figure.) 

WR2,p-,fl = WR2,-, + weight (r2 - r2,) 

16. Rectangular Prism about an Axis Parallel to the Axis through the Center of 
Gravity. 

Volume = WLT 

(a) For any material: 

w2 + L? WR2,-, = pWLT( 12 

(b)  For steel: 

WR2,-, ___ 
3.534 
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17. Isosceles Triangular Prism, Rotated about an Axis through Its Vertex. 

C H T  Volume = ~ 2 

18. Isosceles Triangular Prism, Rotated 
through the Vertex. 

about Any Axis Parallel to an Axis 

C H T  
2 

pCHT - ( y - E - % H 2 + r 2 )  R2 C2 

19. Prism with Square Cross Section and Cylinder Removed, along Axis through 
Center of Gravity of Square. 

Volume = L (HZ - F) 
WR2,-, = ts (1.697H4 - D4) 32 

20. Any Body about an Axis Parallel to the Gravity Axis, When WR2 about the 
Gravity Axis Is Known. 

WR2,-, = WR2,-, + weight X r2  

21. WR2 of a Piston, Effective at the Cylinder Center Line, about the Crankshaft 
Center Line. 

WR2 = r2WP (f + m) r2  

where r = crank radius W ,  = weight of complete piston, rings, and pin 
L = center-to-center length of connecting 

rod 



28-30 

22. WR2 of a Connecting Rod, Effective at the Cylinder Center Line, about the 
Crankshaft Center Line. 

W R ~  = r2 [ w1 + w2 (; + &)] 
where r 

L 
= crank radius 
= center-to-center length of connecting 

W1 = weight of the  lower or rotating par t  of 

W 2  = weight of the  upper or reciprocating par t  

W R  = W1 + Wz, the  weight of the  complete rod 
L1 = distance from the  center line of the  crank- 

pin to  the  center of gravity of the  con- 
necting rod 

of the  rod = WRLJL 
rod 

the  rod = [W& - LI)]/L 

23. Mass Geared to a Shaft.-The equivalent flywheel effect at the shaft in 
question is 

W R 2  = h2(WR2)’ 
where h = gear ratio (WRz)’ = flywheel effect of the  body in question 

- r.p.m. of mass geared to  shaft  - 
r.p.m. of shaft 

about i ts  own axis of rotation 

24. Mass Geared to Main Shaft and Connected by a Flexible Shaft.-The effect 
---Driven gear of the mass (WR2)’ a t  the position of the driving 

gear on the main shaft is 

h2(WR2)‘ 
( WR2)‘f2 
9.775c 

WR2 = 
1 -  

‘\‘Driving gear 

where h = gear ratio f = natural  torsional frequency of the  shafting 

r.p.m. of driving gear C = torsional rigidity of flexible connecting 
- r.p.m. of driven gear system, in  vibrations per sec. 

shaft, in pound-inches per radian 

- 

(WR2)‘ = flywheel effect of geared-on mass 

26. Belted Drives.-The equivalent flywheel effect of the driven mass at the 
______--c L --------+! driving shaft is 

h2 ( WR2) ’ 
wR2 = (WR2)lf2 

9.775c 1 -  
Drivinu 

pulley 

where h = 

- - 

(WR2)’ = 

f =  

R I / R  C = R2AE/L 
r.p.m..of pulley belted to  shaft 

r.p.m. of shaft 
flywheel effect of the  driven body 
about  its own axis of rotation 
natural torsional frequency of the  
system, in vibrations per sec. 

A = cross-sectional area of belt, in sq. in. 
E = modulus of elasticity of belt material in 

tension, in lb. per sq. in. 
R = radius of driven pulley, in in. 
L = length of t ight par t  of belt which is clear 

of the  pulley, in in. 



Design Formulas 28-3 1 

The flywheel shown below is used in a Part 
of fly Diesel engine installation. It is required wheel 

to determine effective WR2 for calculation (a)  
of one of the natural frequencies of tor- - 
sional vibration. The anticipated nat- 
ural frequency of the system is 56.4 

26. Effect of the Flexibility of Flywheel Spokes on WE2 of -.-The effective 
WR2 of the rim is 

Formula 

2c 

26 

16a 
neglecting 

( WR2)' 
(WR2)'f2 1 - ____ 
9.775c 

WR2 = 

- + - - 1  C =  1 2 ~ 5 3 b ~  ( 3: L " >  where (WR2)' = flywheel effect of the rim 
j = natural torsional frequency of 

the  system of which the fly- 
wheel is a member, in vibra- 
tions per sec. spoke material 

C = torque required to move the  
rim through one radian relative 
t o  the hub 

where g = number of spokes 
E = bending modulus of elasticity of the  

k = r / 6 4  for elliptical, and k = for 
rectangular section spokes 

All dimensions are in inches. 

For cast-iron spokes of elliptical section : 
E = 15 X lo6 Ib. per sq. in. 

ga3bR x 106 L R lb . -in. 
0.1132L2 (a 4- - '1 radians' c =  

Note: It is found by comparative calculations that with spokes of moderate taper very little error is involved in 
assuming the spoke to be straight and using cross section at mid-point for area calculation. 

Section A-A 

-I 
L 
From formula (26) 

= 955,300 lO((52)' - (43)'] 
4n 7s 

-0.250 X 1.75 X 2 
X 1.375(25)* X 8 = -6,000 

Total for rim = 1,016,300 Ib.-in. 
squared 

5.25 X 2.5 X 11 (11)* 
6 x  4.90 [T 

T X 0.250 X 12 
32 

11.697 X (13)4 - (6)') = 13,900 
Total for remainder of flywheel 

= 54.400 Ih.-in. squared 

6 X (5.25)5 X 2.5 X 19.5 X lo6 
0.1132 X (11)* C =  

Nde: Since the beads at the ends of theswkes comDrise 
lb . -in. + - - 1 = 2,970 X 10'- 11 

(-5 '19." ) radians 
but a small part of the flywheel WR*, vkry little lrmr 
will result in asauming them to be of rectangular cross 
section. Also, because of the effect of the clamping 
bolts, the outer hub will be considered a square equal 
to the diameter. The spokes will be assumed straight 
and of mid-point crow section. 

1,016,300 + 54,400 and W R I  
1,016,300 X (56.4)2 

9.775 X 2,970 X 10' 
1 -  

= P 1,197,000 1b.-in. squared 
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Stress in Preloaded Bolts 
Two computational aides-a formula that combines tensile and 
shear stresses, and a table of design stresses for bolt materials. 

A. G. Hopper & G. V. Thompson 

1. Forces in a bolted assembly 

Torque reocfion, p P  

HEN a bolt is tightened by applying torque to the W bolt head or nut, shearing stresses develop simul- 
taneously with the normal tensile stresses. For some rea- 
son, most authors omit consideration of these shearing 
stresses-yet it is the resulting combined stresses that 
should determine your design limit. 

Here is a way to combine the stresses, as well as a list 
of recommended design stress values for steel bolts. There 
is also a design chart which gives the required data 
within minutes, and three sample problems to illustrate 
the selection of a proper bolt size by this method. One of 
the problems is based on new ASME data on pressure- 
vessel design. 

But first, a word about the two criteria which form the 
basis for the equations and design method. We have 
found from experience that: 

Stresses are best combined by means of the maximum 
shear theory of failure-this is now being followed by the 
ASME Boiler and Pressure Vessel Code. 

Largest average stress intensity across the bolt section, 
produced by the preload or service, should be limited to 
two-thirds of the minimum yield strength of the material 
at the operating temperature (see Table I, p 83, for our 
compiled list of bolt materials). 

With these two well-founded assumptions we can de- 
velop the formula and the charts for the solution of 
bolt-selection problems. Several examples are given, in- 
cluding the design of bolts to prevent a gasket from blow- 
ing out in a cylinder or  pressure vessel. 

Bolt load 
If the forces in a screw are analyzed by considering 

the developed helix to be an inclined plane, the following 
equation is obtained ( see Design of Machine Elements, 
3rd Edition ( 196 I ), M. F. Spotts, Prentice-Hall) : 

cos 19 t,an a + e 
I ' = r , P  cos 0 - p t a n  a 

For standard screws the helix angle u is small and 0 is 
half the thread angle (see Symbols p 82, and Fig 1 ) .  The 
value for the coefficient of friction is always difficult to 
determine. However, assuming a value of p = 0.15 fairly 
accurate results can be obtained under a variety of condi- 
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SYMBOLS 

A = Cross sectional area 
a = Helix angle 

D = Average of mean pitch and minor diameters of 

rt  = Pitch radius of thread, in. 
re = Collar radius or moment arm to frictional fora 

S = Stress intensity, psi 

u = Normal stress, psi 
T = Applied torque, (ft-lb in the design charts) 

T = Shear stress, psi 

on nut or bolt head, in. 
external thread, in. 

D N  = Nominal diameter, in. 
Dh = Distance across flats of bolt head or nut, in. 

0 = One-half the thread angle 
,A = Coefficient of friction 
n = number of threads per in. 
P = Load, Ib 
r = Radius or radial genetrix, in. 

Sa, = Average stress intensity (the design stress to bc 
determined), psi 

T R  = Residual torque, in.-lb 

I 

tions. Therefore, for screws with the standard 60-deg 
thread, the following torque-load relation holds true: 

T = O.ZDNP (21 

Normal stress 

(Fig 2) is 
The average tensile stress normal to the bolt section 

Here D is taken as the average of the mean pitch and 
minor diameters of the external thread. 

Residual torque 
The residual torque on the bolt, Tn, is the break-away 

torque necessary to turn the bolt under load a minute 
amount. This torque can be determined by examining a 
free body at the bearing face of the nut or bolt head 
(Fig 1 ) , The force of friction, @, can be conservatively 
taken as acting at a moment arm of '/2 D,L. Hence: 

T E  = %DhpP t11 
When torque is applied to the preloaded bolt, about 

50% of the applied torque is dissipated, overcoming fric- 

2. Tensile and shear stresses across the bolt 1 
Tensile 
sfress, n \ I Sheor 

stress, i- 

tion on the bearing face of the nut or bolt head. An addi- 
tional 40% of the applied torque is wasted by friction 
on the contact flanks of the threads. The remaining 10% 
represents useful torque-producing bolt tension. 

The torque predicted by Eq 4 is somewhat conserva- 
tive, as can be noted by using Eq 2 to eliminate P from 
Eq 4. Thus when: 

m 
p = 1  

0.2DN 

and p = 0.15 
- 9  

then (5) 

For most bolts, D J D ,  is about 1.5. Hence: 

This is 1 2 4 %  higher than the rule-of-thumb value 
of T, = OST, commonly used in shops. 

Shear stresses 

be determined by the relation for a twisted shaft: 

T R  = 0.5625 T ( 6 )  

Shearing stresses resulting from the residual torque can 

text continued, page 84 

3. Mohr's circle for combining stresses 
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Material 
Carbon Steel 

Low Alloy Stee 
Type 501 

4140 
AIS1 4142 

14145 

4140 
AIS1 4142 

14145 
AIS1 2317 

Stainless Stet 
Type 416 

Type 321 

Type 347 
Type 304 
Type 316 
Type 410 

Ni-Moly 

Monel 

lnconel 

Aluminum 

Copper 

Alum. Bronze 

Table I - Strength of Bolting Materials 
I I I 

Nominal 
Condition 

SA 261 
SA 307 
SA 325 

I 1 
t 

SA 193 85 5Cr-% Mo 

SA 193 87 1 Cr-.2 Mo 

SA 193 814 1 Cr-.3 Mo-V 
SA 193 B16 1 Cr -.5 Mo-V 
SA 320 L7 1 Cr-.2 Mo 

SA 320 L9 3.5 Ni 

SA 320 L10 3.5 Ni 
SA 320 L43 2Ni-.8Cr-.25Mo 

Quenched, 
Tempered 

Treatable 
BD Carbon Steel 

SA 354 

SA 354 
SA 354 ' 

SA 193 86 12 Cr 
Solution 
Heat Treat B8T 18Cr-8Ni 

B8C 18Cr-8Ni 
B8 18 Cr-8 Ni 
B8M 18 Cr-10 Ni-2Mo 

'1 

11 

I1 I' 

' I  

SB 335 
SB 336 

SB 164 

SB 166 

66 

A. B 
A 
B 

A 

A 

B 

12 Cr 
58 Ni-28 Mo-5 Fe 
54 Ni-16 Mo-15.5 Cr 
Ni-2.5 Fe-2 Mn 

18 

I I  

Ni-15.5 Cr-8 Fe 

Ann ea led 
Annealed 
Annealed 
Hot Fin. 

Cold Drawn 
Str. Rel. 
Cold Drawn 
Str. Equal. 
Cold Drawn 
As Drawn 
Annealed 

SB166 1 1 Ni-15.5 Cr-8 Fe 1 Hot Fin. 
SB211 1 AI 1 A1-4.5 Cu I 2014-T6 
SB211 I AI 1A1-4Cu-1.5 Mg I 2024-T4 
SB211 1 AI 1 A l - 1  Ma 1 6061-T6 
SB12 I I cu 1 SOFT 
SB 98 A, D Cu-3 Si SOFT 

SB 98 B Cu-2 S i - l l h  Zn SOFT 

A, D Cu-3 Si 5/4 HARD 
A, D Cu-3Si 1h HARD 

SB 98 

I# 

I I  

SB 150 

1 

SB 150 

SB 150 

' I  

I Temper 
Bolt I cu-2 si-l% Zn 

# I  Bolt 

'a Bolt 
Temper 

Temwer 
Alloy NO. 1 92 C U - ~ A I  
Alloy No. 1 
Alloy No. 1 
Alloy No. 2 CU-1OA1-5 Ni-2.5 Fe 
Alloy No. 2 
Alloy No. 2 
Alloy No. 3 Cu-7AI-2.5 Fe 
Alloy No. 3 
Allov No. 3 

I' 

" 

18 

Size, in. 

55.000 
up to 1% 105;OOO 
Over 1% to 3 90,000 

up to 2% 100,000 

' I  125,000 

125,000 
125,000 

up to 2% 125,000 

125,000 

up to 4 70,000 
125,000 

% to 2% 105,000 

lh to 2% 125.000 
% t o  1% 150,000 

' 

up to 4 110,000 

All 75,000 

AI I 75,000 
AI I 75,000 
All  75,000 
Upto4 I 110,000 
%bto1% I 115,000 
Over 1 1 h t 0 3 ~  ~IO,OOO 
All I 70,000 

linimum 
'ield 
,trength, psi 

75,000 
11,000 
77,000 
55,000 

80,000 

105,000 

105,000 
105,000 
105,000 

105,000 

40,000 
105,000 

83,000 

109,000 
125,000 

85,000 

30,000 

30,000 
30,000 
30,000 
85,000 
46,000 
46,000 
25,000 
40,000 
35,000 

50,000 

70,000 

50,000 

35,000 
40,000 
55,000 
40,000 
35.000 
10,000 
15,000 
24,000 
38,000 
12,000 

55,000 

45,000 

40,000 

40,000 
37,500 
35,000 
50,000 
45,000 
42,000 
40,000 
35,000 
32,000 



Structural Data 29-5 

(7) 
T R r  1 B p P  Dhr 

. T = - =  
J T D4 

Eq 7 shows that the shearing stress will vary from zero 
at the bolt axis to a maximum at the outside diameter. 

Combined stresses 

If the maximum shear theory is accepted as the cri- 
terion for incipient yielding, the stress intensity at any 
point can be readily evaluated by considering Mohr’s 
circle (Fig 3): 

- 

s = 2 4 ( $  + 7’ 
Substituting Eq 3 and 7 into Eq 8, the stress intensity 
becomes 

Average stress intensity 

be determined by means of the following integral: 
The stress intensity across the bolt section can now 

where, in an annular element as shown in Fig 2, the 
elemental area, dA, is 2rr  dr and the area, A ,  is aJY/4. 
Hence: 

Substituting the value of the stress intensity, S,  at any 
point, Eq 9, into Eq 1 1  yields 

which integrates ,to 
n r sa, = __-- [(D’ + 16p2 D,’)”’ - D’] (13) 6 ~ p ’  Dh’D? 

The average stress intensity can also be written as a 
function of the applied torque by solving for P in Eq 2 
and substituting into Eq 13. Therefore, for applied torque 
in in.-lb and a coefficient of friction of 0.15, the design 
stress limit becomes 

or) r n  

Eq 2 and 13 are plotted in Fig 4 and 5 by using 
dimensions for unified coarse thread series bolts from 
!A in .  to 3 in. dia inclusive. Note that the torque in 
the charts is in ft-lb. Fig 4 is for bolts to %-in. dia; 
Fig 5 for bolts I-in. to 3-in. dia. In some cases, a 
particular bolt size may appear in more than one curve 
-the I-in.  size, for example, appears in three places. 
The coefficient of friction is taken as 0.15. Experi- 
ments indicate that these graphs can also be used for 
fine threads because the friction forces in Eq 1 will 
change by less than 2.5%. The torque scales cover 
the range from 0 to 12,000 ft-lb. 

Watch for cases where excellent lubrication of the 
bolt is attained (p  = 0.1 or less), because a reduction 

in the coefficient of friction will cause greater boIt load 
(or stress) for a given applied torque. In such cases, go 
to the equations directly, as shown in sample problem 11. 

To make a conservative estimate of the bolt stresses, 
the lowest possible coefficient of friction should be 
selected. Conversely, to make a conservative estimate 
of the bolt preload, the highest possible coefficient of 
friction should be selected. 

Example I-From the design charts 
Given-A bolt is to be preloaded to 15,000 Ib to 

avoid separation of the bolted plates during impact loads. 
Bolt material is a nickel-molybdenurp steel with a mini- 
mum yield point of 46,000 psi (from Table I). Using 
a figure of two-thirds the yield strength gives a design 
limit of 30,667 psi. Assume average friction conditions; 
hence p = 0.15. 
To find-What bolt diameter should be selected and 

how much tightening torque should be applied to the 
nut of the bolt to obtain the required initial load. 

The bolt-load scale in Fig 4 goes only to 5000 Ib; 
hence, use Fig 5 .  Note that there are two bolt-load 
scales, each relating to a group of curves. Read down 
from the 15,000-lb bolt-load to the 30,000-psi curve. 

This intersection point directly gives the required 
bolt size-1-in. dia. Now move to the torque scale to 
the left and read: 250 ft-lb. This is the required tighten- 
ing torque to obtain the preload. 

Example 11-From the formulas 
How much tightening torque must be exerted on the 

nut of a %-20 UNF, carbon steel bolt to obtain a 
5000-lb preload? In this case the surfaces are smooth 
and well lubricated and the coefficient of friction i s  
estimated to be 0.08. Determine also the resulting 
stresses in the bolt. 

The helix angle, a, can be calculated from 

1 tan O( = ~ 2nrcr, 

and angle B = 30 deg for V-threads. 
Average value of the pitch diameter, for a !h -20 UNF- 

bolt with class 2A fit, from “American Standard Unified 
Screw Threads (ASA B1.1-1960),” is 0.464 in. Hence 
rt = 0.232 in. 

From Mark’s Handbook, 4th ed, p 899, value for 
D,, = 0.8125 in. 

As previously stated, Y,;=?/z D,,. Thus r L  = 0.406. 
Also, we know that 6 = 30 deg. Hence, from Eq 1 the 
required tightening torque is: T = 310 in.-lb. 

Average stress intensity is calculated from Eq 13 by 
employing value of D = 0.4507 in. (obtained from ASA 
BI.1):  

X,, = 33,811 psi 

Multiplying this value by 3 / 2  gives the required 
minimum yield point of the material: 50,717 psi. From 
the carbon steel materials, either SA 261 or 325 will 
satisfy this requirement. 

Turn the page now for a table and formula for select- 
ing the proper bolt preload in a gasketed cylinder head 
or pressure vessel. 
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Bolt load (1,000 I b )  

4 & 5. Tightening torque vs bolt load 

Bolt load (1,000 Ib) 
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Stresses in Curved Bars 
These equations quickly give the stress concentration factors 
and true bending stresses for a wide variety of cross-sections. 

W. H. Sparing & R. P. Rodwill 

ARS with curvatures ranging from large-radius arcs B to sharp-angle bends are common components in 
machines and products. Yet many designers are hazy 
about how to evaluate the true stresses when such bars 
are subjected to bending loads. 

An analytical method for determining such stresses has 
been developed by S. Timoshenko in his book Strength of 
Materials-Part I (Van Nostrand, Princeton, NJ, 1956). 
We have verified the accuracy of Timoshenko’s method by 
subjecting various curved bars to bending loads and 
measuring the strains in the fibers with electric strain 
gages. The measurements indicate close agreement with 
theory-even when the cross sections are complex and 
the bend radius is much smaller than the height of the 
section being tested. 

Timoshenko’s method, however, requires evaluation of 
an integral relating to the cross section of the bar. In- 
tegration can be cumbersome. Hence, in addition to 
presenting his method as a series of step-by-step equa- 
tions, we have tabulated the solution of the integral for 
12 common geometric shapes. Three problems are in- 
cluded to illustrate the use of the equations. 

Curved-bar theory 
In a straight bar, Fig 1, during bending the fibers are 

elongated on the convex side and shortened on the con- 
cave side. Those on the neutral axis remain at their 
original length. The strains of compression and tension 
fibers equidistant from the gravity axis are equal in mag- 
nitude because the elemental lengths b$tween two plane 
sections before bending are equal. Strain is determined as 
the quotient of the length of deformation divided by the 
original length. 

In a curved bar, Fig 2, the deformations at equidistant 
points above and below the neutral axis are equal, but 
the elemental lengths between two radial sections vary. 
Thus the strains due to bending for compression and 
tension fibers equidistant from the neutral axis are not 
equal. Specifically, the elemental arc at the concave sur- 
face is minimum and the deformation is maximum. 
Therefore, the strain on this surface is maximum. 

To  meet the condition of equilibrium on a cross sec- 
tion, the neutral axis (the axis where there is no stress) 
cannot coincide with the gravity axis. The neutral axis 
shifts toward the concave surface, so that the summation 
of the distributed normal forces on the cross section is 
equal to zero. 

The key equation in curved bar analysis is given below. 
It gives the location of the neutral surface with respect 
to the center of curvature for any cross section (refer to 
Fig 3 and to the list of symbols): 

where 

For a rectangle, P 
d A  = L d v  

64, dimension r 

A 
b In(c/u) r =  

becomes 

Starting with Eq 1, the procedure and equations for 
determining the bending stress with the stress concentra- 
tion due to the curvature are as follows: 

Distance e between center-of-gravity and neutral axes, 
Fig 2 ,  is obtained from the equation 

where the value for R is known or calculated from the 
relationship R = a + d, and the value for r is obtained 
from Eq 1 for the particular cross section. 

Factor d is the distance from the base of the section 

e = R - r  (3) 

1 . STRAIGHT-BAR STRESS DISTRIBUTION. 
Fibers equidistant from neutral axis are equally stressed. 

‘ \fibers in fension 
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to its gravity axis. ( I t  iq calculated a3 shown in Problem 
11). IIence 

and 
h g = d - e  (4) 

ha = h-d + e ( 5 )  
The true bending stress-the normal bending stress 

with the additional stress concentration-an the concave 
surface is 

and on the convex surface is 

(7) 

The nominal bending stress-without the stress con- 
centration-can be obtained from the familiar expression 

where 2 is the section modulus equal to 

and where 
(9) 

(10) 

Z D  = I c ~ / d  Z A  = T c G / ( h  - d )  

ICQ = I , ,  - Ad2 
The stress concentration factor is the ratio of Q/S, or 

uJS,. Usually the first of these factors will be greater 
than unity, and the other less than unity. The factor 
that is greater than unity is usually of greatest interest. 

To simplify the anaIysis of curved bars, twelve of the 
most common shapes are illustrated on the next page 
with equations for the integral which appears in the de- 
nominator of Eq l. 
Problem I-Rectangular curved bar 

Given-Rectangular-section bar, Fig 2, with these di- 
mensions in inches: h = 2?h, 6 = 1 ? 4 ,  R = 1%, 
a ‘/z 

Solution-From the geometry of the figure 
A = 3.125 in.2; d = h/2 = 3.250 in. 

h-d = 1.250 in.; ICQ = 1.628 h4; % B  =1.302 in.3 
From Eq 2 

3.125 
1.25 In (3i0.5) r =  = 1.395 in. 

text continued, next page 

2 . . CURVED-BAR GEOMETRY. Neutral axis does 
not coincide with center-of-gravity axis. 

n 

U 

A 
b 

d 

e 

h 
h B  

C 

hA 

I , ,  

~ C G  

L 

In 
ll/T 

T 

R 

86 

S A  

V 

ZB 
ZA 
U B  

6-A 

SYMBOLS 

= Inner radius of curvature, in. 
= Area of section, in.2 
= Width of section, in. 
= Outer radius of curvature, in. 
= Distance from base of section to 

= Distance of the neutral axis from 

= Height of section, in. (h  = h B  4- hA) 
= Distance from inner radius of cur- 

vature to neutral axis, in. 
= Distance from neutral axis to outer 

radius of curvature, in. 
= Moment of inertia about the base of 

section, in? 
= Moment of inertia about the center 

of gravity of section, in.4 
= Length of differential area, in. (see 

fig 3) 
= Natural logarithm (to base 2.718) 
= Bending moment with respect to 

gravity axis, in.-lb 
= Distance from center of curvature to 

neutral axis, in. 
= Distance from center of curvature to 

gravity axis, in. (R = a + d )  
= Nominal bending stress, lower fiber, 

psi 
= Nominal bending stress, upper fiber, 

psi 
= Distance from center of curvature to 

a differential area (dA) of the 
section, in. 

gravity axis, in. 

gravity axis, in. 

= Section modulus, lower fiber, in.3 
= Section modulus, upper fiber, in? 
= Bending stress with stress concen- 

tration at  the concave surface, psi 
= Bending stress with stress concen- 

tration at the convex surface, ps  

3 . . ELEMENTAL SECTION of curved bar with 
varying cross section. 

v\ \ i Section A-B 
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RECTANGLE 

TRAPEZOID 

CIRCLE 

SEMI-CIRCLE + 

When n = h  e- 1.~41611 L 
From Eq 3, 4, and 5 

e 
he 
hn 

= 1.750 - 1.393 = 0.335 in. 
= 1.2.50 - 0.355 = 0.893 in. 
= 1.250 + 0.353 = 1.605 in. 

From Eq 6 and 7 

= 0.482M 
1.605111 

3.123 X 0.355 X 3.00 
u,1 = ___ __ 

From Eq 8 

Therefore the magnitude of the stress concentration 
factor is u,,/s,, = 1.614/0.768 = 2.10 

Problem 11-C-clamp 
The C-clamp at right has a contant cross section 

around the %-in. radius curvature. The stress concen- 
tration factor due to the curvature will remain constant, 
but the nominal stress will vary directly as the bending 

moment. Therefore, the maximum bending stress in- 
cluding stress concentration will occur at the inner fiber 
of a section (section A-B) taken vertically through the 
center of the radius. 

A systematic approach to determine the area, neutral 
axis, and moment of inertia of section A-B is tabulated 
with the illustration. These properties are obtained by 
adding and subtracting rectangles. For computing the 
moment of inertia, each rectangle is taken from the base 
line x-x. This method is especially convenient when 
calculating machines are used in the numerical work. 
Thus from the table: %4 = 0.2265; PI,, = 0.0574. 

The nominal vertical bending stress in tension and 
compression is now calculated. Subscripts A and B refer 
to the outer and innner fibers, respectively. 

= 0.0911/0.2265 = 0.402 in. 
= 0.875 - 0.402 = 0.473 in. 
= 0.375 + 0.402 = 0.777 in. 

= 0.0208/0.402 = 0.052 in.3 
= 0.0208/0.473 = 0.044 in.3 
= 300 X 2.527 = 760 b i n .  

d 
h - d  
R 
ICC = 0.0574- (0.0911)(0.402)*=0.0208 in.4 
Z B  
Z A  
112 
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(IUARTER-CIRCLE 

(e  + /3) (c2 - h2)% xc ,rc = h +  - - - 
2 90 

where: 

C - h  
e = arc tan (c2 - h2) 

p = arc tan (cs  - hz) lh , deg 

, deg 

h 

PUARTER-CIRCLE 
When h < n 

1; 
Whcn c i < h  

Whcn ( I =  h where: 

REVERSE-FILLET 

/+ =[ h In :] - h - ?l c + %(e 71 4- p) (c2 - K J ) %  

c - 11 Where 8 = arc tan (c2 - j L 2 )  'h , dcg 

k-n ---I 
REVERSE-FILLET 

When h < n 

L$-i 

Sect ion  A - B 

CROSS-SECTION PROPERTIES 

RECTANGLE AREA, A d A X d  I\\ 
~ 

38 x 7% +0.3281 0.4375 +0.1436 +0.0837 
'/E x 3/16 +0.0703 0.0938 +0.0066 +0.0008 

'/4 x I '/I b -0.1719 0.3438 -0.0591 -0.0271 

Summation. I: ~0.2265 =0.0911 =0.0574 
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HOLLOW CURVED BEAM (for Problem 111) 

Thus the nominal stresses are 

S A  
S S  

= 760/0.044 = 17,300 psi (compression) 
= 760/0.052 = 14,600 psi (tension) 

To compute the effect of the bend, section A-B is 
divided into three rectangles-lower, center, and top. 
The bend integral for a rectangle is calculated for each: 

Lower rectangle 

= a( In g) = 0.2027 in. 

Inner rectangle 

Upper rectangle 

Sum of the integrals = 0.3433 in. Hence 

- 0'2265 = 0.660 in. 
A r =--- 

0.3433 r+- 
J 

e = 0.777 - 0.660 = 0.117 in. 
h B  = 0.402 - 0.117 = 0.285 in. 
hn = 0.473 + 0.117 = 0.590 in. 

The corrected (true) bending stresses are then 

of the nominal value. Hence, it is reduced by 22%. 
These figures indicate that stress concentration must be 
considered to avoid large errors in evaluating curved-bar 
bending stress, especially when hardened material or 
fatigue loading is involved. 

Problem III-Hollow sections 
Frequently hollow irregular sections, above, are em- 

ployed as machine members. From the geometry of the 
section (calculated as described in Problem 11) : A = 
25.00 in?) d = 2.585 in., R = 4.585 in., I, ,  =85.03 in.', 
zs = 32.89 in." 

Outer rectangle 

7.5 
= 7 In - 2.0 = 9.252 in. 

Inner trapezoid 

= 2.754 in. 

= 3.847 in. 
25 .OO 

9.252 - 2.754 r =  

e = 4.585 - 3.847 = 0.738 in. 
h B  = 2.585 - 0.738 = 1.847 in. 

= 0.0501 M 1.847 M 
(TB = - (25.00 (0.738) ( 2 . 0 m  

SB = M/32.89 = 0.0304 M (tension) 

Stress concentration factor is 0.0501/ 0.0304 = 1.65. 

Thus the nominal bending stress in tension should be 
multiplied by a factor of 21,700/14,600 = 1.49 to ob- 
lain the true bending stress in tension. Also, the true 
cornprcssion stress in bending is 13,500/17,300 = 0.78 
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Stresses Around Holes 
Stress-concentration factors for plates with single and multiple 
holes. You’ll find them indispensable for actual problems. 

William Griffe1 

1.  Beams subjected to bending 
E 

5 

4 

SO K o r  - M R / I  

3 

2 

1 

0 io 
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F you use plates and beams as machine members you I doubtless know that stress tends to concentrate at the 
holes. You may have found that this “bunching up” of 
stress can cause failure at loadings that are normally 
considered safe. Stress concentration is also a problem 
when parts are subjected to shock and vibration, to re- 
peated or altermting stresses, and to extreme temperature 
conditions. 

It is quite a simple matter to predict the actual stress 
around holes if you know the stress concentration factor 
( K ) .  This factor varies according to these conditions: 

1 ) type of hole (circular, elliptical, square, diamond, 
triangular, or rectangular) 

2) grouping of holes (if there are more than one) 
3) type of loading (tension, bending, combined 

stresses) 
The data presented in this series cover a wide range 

of such conditions. Much of the data is based on theory 
and experimental work by the Russian scientist G. N. 
Savin. An English translation of his book, Stress Con- 
centration Around Holes, is now available from Per- 
gamon Press. 

The first article in this series (“Plates with holes,”*Sept 
16 ’63, p98) covered plates under tension and plates with 

* Product Engineering 

Circular hole 

I 1 
El l ipt ical hole o /b=  3 ’ 

Square hale 

Diornond hole 

Triangular hale 

Rectangular hole a/b = 3.2 

multi-row holes. This article presents data on plates 
under pure bending (simple beam and cantilever), plates 
under combined loading, and the effect of large bales, 
edge holes, and multiple holes in narrow strips. Subse- 
quent articles will cover plates under cylindrical, spherical, 
and twisting loading, and round plates with multiple 
holes. 

SIMPLE-BEAM LOADING 
Here we have a case of pure bending resulting from 

applied moments at the ends of the plate or from the 
plate being loaded as a simple beam (Fig 1 ) .  The data, 
theoretically, are for an “infinite” plate, but this should 
not restrict applications because tests have shown that a 
hole does not appreciably affect the stresses at a distance 
of more than a few diameters from its edge. Specifically, 
a distance of five diameters from the hole center can be 
regarded as an infinite distance, and the data will provide 
a good approximation to cases where the hole diameter 
is % or less of the total width of the plate. Note that 
the x axis coincides with the neutral axis of the plate. 

For a plate without a hole and subjected to bending, 

Symbols 

a, b = dimensions of elliptical or  rectangular holes, in. 

c = distance from neutral axis t o  outer fiber, in. 

d = distance from center of hole t o  cantilever sup- 
port, in. 

1 = moment of inertia of transverse cross section of 
the  plate about the  neutral axis through its 
cross section, in.4 

I( = stress concentration factor, dimensionless 

L = length of beam, in. 

112 = (a  - b ) / b  + b )  

A I  = applied moment, lb-in. 

P = applied load, lb 

Q = factor for designating distances between holes 

R = size constant. For an elliptical hole, R = 3 
( a  + b ) ;  for a circle, R = radius; for other 
types of holes, see dimensions of the holes on 
the applicable charts 

T = radial distance t o  point of stress, in 

X,,,, = actual maximum stress, including effect of 

8 0  = tangential stress along contour of a hole at a 

0 = angle which locates point of tangential stress, 

stress concentrations, psi 

point located by angle 6, psi 

deg 
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the stress can be calculated from the well known basic 
formula 

Now, let us see how the type of hole affects the stress 
equations. 

Elliptical hole 

tour of an elliptical hole is 
The equation for the tangential stress along the con- 

- - 
(l+m-2m2) sin 8+(m-1) sin38 

l+m2-2m cos 28 Xe = - P 
L 

where 

a = semi axis along the z axis, in. 
b = semi axis along the y axis, in. 

m = (a - b) / (a  + b)  
R = constant characterizing the size of the hole in. 

For an ellipse, R = + (a + b)  
SO = tangential stress along the contour of the hole a t  

a point located by 6 where 8 is measured counter- 
clockwise from the z axis. 

The curve in Fig 1 is for an ellipse with 3 : l  axis 
proportions. These proportions are most commonly em- 
ployed. Factor nz then equals %, and Eq 3 reduces to 

] (3) MR SO = -- 
I 

4 sin 8 - 2 sin 39 
5 - 4 ~ 0 ~ 2 0  [ 

The maximum value of S,  occurs at 90 deg, in which 
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case Eq 4 reduces to 

If b = 0 but a # 0, as in the case of a slit along 
the 0-x axis of length 2a, So = 0. This means that a 
slit of length 2a parallel to the neutral axis of the strip 
(or beam) will not cause any stress concentration in 
the investigated plate. 

If a = 0 and 6 # 0, as in the case of a slit of 
length 26 along the y axis, Sn will be very large and 
the material will plastically deform or crack. 

Circular hole 

8 s  = 7 I k f R  isin 8 - sin 381 

where R = radius of the circular hole. 

Square hole 
The equation for So is 

M R  14 sin 0 - 12 sin 38 - 2 sin 58 
1.5 + 12 cos 48 XS = -___ 

I [ 
where 2R = length of a side of the square. 

Diamond hole 

This case is actualiy that of a square rotated 45 deg. 
In this case a = b and I ? Z  = 0 in Eq 3. Thus The stress equation is as follows: 

3. Plates subjected to combined loading 
(in x and y directions) 

K 
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4. Stress distribution in plates with large holes 

Sample problem-diamond hole 
Consider a plate 14 in. high x 0.25 in. thick, with a 

diamond hole at its center. Diagonal 2R = 4 in. Applied 

sin 6 - 6 sin 38  + sin 56 
15 - i2Cos4e S e = 2 -  I 

where 2R = length of a diagonal. 

Triangular hole 
This is the case of an equilaterat. triangle with the 

y axis through its center of gravity (at one-third the 
altitude) 

sin 8 - 3 sin 36 + sin 46 
13 - 12 COS 38 

where 2R = height of the triangle. 

Rectangular hole 
This is the special case where a / b  = 3.2/1 

] (9) 
1228 sin 0-490 sin 36-112 sin 56-48 sin 76 

1825- -1580~0~28+720~0~48$-48O~O~60  

where 2R = a. 
There is a good agreement of the theoretical data in 

Fig 1 with photoelastic experimental findings. In the 
case of circular holes, for example, Savin has found 
that the curve gives satisfactory results even when the 
diameter of the circular hole amounts to as much as 
36 the width of the plate. 

moment M = 25,000 in. lb: 
I = 0.25 (14 - 4)3/12 = 20.8 in.4 

From the curve in Fig 1, the maximum value of 
K is 5.35. Hence 

Off-centered axes 
If the center of the hole is not situated on the neutral 

axis of the beam (or plate) but at a distance d from it, 
as shown below, the problem will be reduced to: a)  
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I 

Stress of  distonce r /b  
5. Stress distribution in plates 

with various hole sizes 

calculation of tension in the direction of the neutral 
axis by the stresses S = M d / I ,  and b)  pure bending of 
the plate with a hole the center of which is in the neutral 
axis, S, = M y / l .  Thus for an elliptical hole the stress 
at point A is - - 

I b ( b  + d )  + a ( b  + 2d) 
L d 

I f d = O  

L 

which is the same as Eq 4. 
The stress at point B: 

r 

So = I (d - b )  + ; (2d - b )  
I b l  L 

The stress at point C :  

Md 
so = --T- 

CANTILEVER BENDING 
This is the case of a cantilever rigidly supported at 

one end (Fig 2) with length L, height 2h, and transverse 
load P applied at the free end. The hole center is on the 
bar axis ( x  axis) and is at a distance d from the fixed 
end. The effect of the hole shape now follows: 

5 

4 

3 

2 

1 

0 cn 
k n c  
L 
0 

Y 

- 1  

- 1  

- 

--1 

Stresses at poinf A 

I 1 I I I 

5 
d/R 

1 3 

c 
c 
c 
c So, - 
c 
c 
c 

6. Effect af edge holes 

Elliptical hole 
The stress distribution around an elliptical hole of 

semiaxis a and b (Fig 2) can be determined by the fol- 
lowing equation 

(10) 
P (L-d) 

I se= - 

1 (1+m-2m2) sin e+(m-l) sin 38 
I -2m cos 20+m2 

[2h>++B2 (m2- l)] sin 2e+R2 (1-m) sin 48 --[ I 1-2nz cos 28+m2 1 P 

where a - b  
na = - 

a + b  

E=--- a + b  
2 

Comparing Eq 10 with Eq 4, it can be seen that the 
fir5t part of Eq 10 shows the stress due to bending 
moment M = --P (L-d) ,  while the second part charac- 
terizes the influence of the transverse force P .  

Circular hole 
The equation for the stress is obtained from Eq 10 

by letting a = b; therefore, m = 0 and R = radius of 
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the circular hole: 

PR (L-d)  (sin 0-sin 30) I so = - 

-- [(2h-R2) sin 20+R2 sin481 (11) Z 
Photoelastic investigations by Savin of ‘the stress dis- 

tribution in a cantilever containing circular holes showed 
that : 

Eq 1 1  is applicable to fairly large diameters of cir- 
cular holes-as large as half of the plate height. 

The stress Se along the contour of the hole is highest 
at the top point of the hole contour (in the zone of 
tension). 

*The stress on the outside contour of the beam is 
higher than the corresponding stress on the contour of 
the hole. 

.The most dangerous cross-sections appear to be the 
parts of the plate that are not weakened by the hole 
and at the point where the beam (plate) is built in. 

*The principal normal stresses occur in the cross 
section where the beam is supported. 

If the cantilever has two holes, the influence of each 
hole on the stress along the beam axis extends to a dis- 
tance not much larger than one hole diameter from the 
hole center. This state appears to be the result of the 
redistribution of stresses due to presence of second hole. 

Square hole 

1- 14 sin 8-12 sin 38-2 sin 50 
I 3 (5+4 COS 40) Se= - 

7. Effect of twin holes 

1 (14.4h2-7.4R2) sin20+12R2sin4f3+2R2sin60 
I 3 (5+4 COS 40) 

where 2R = length of one side of the square. 

Diamond hole 

I 1- Se= - 
L 

1 (216h2-78.5R2) sin 28+84R2 sin 40- 14R2 sin 60 
21 (5-4 cos 4e) 

where 2R = length of the diagonal of the diamond. 

Triangular hole 

1 sin 0-3 sin 38fsin 48 
Z 13-12 COS 30 Xe= - 

(14) 
I 1 

where 2R = height of hole. 

Special cases 
To permit comparison of the influence of various types 

of holes on the stress distribution, the stresses along the 
contour of the holes have been calculated for the can- 

~ o r 3  
SO 

3.0 

2.5 

2.0 , 

Curve 1 = 
Curve 2 = 

Curve 3 = 

Curve 4 = 

Curve 5 = 

Tension along y axis; K, (at point  81 
Tension along x axis; KI, ( a t  point D) 
Tension along Ox axis; KA (at point A )  
Tension f rom a l l  sides; K O  ( a t  point D) 
Tension from 0 1 1  sides; KA (a t  point A )  

2 3 4 5 6 7 8 
Q 
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tilever bar with the following dimensions: height of beam 
= 2h, d = %I,, L = IOh, and maximum dimension of 
the hole in y axis = one quarter of beam height (or '/z 
h ) .  Constant R was determined from these given condi- 
tions, and the results plotted in Fig 2. 

COMBINED LOADING 
This group covers combined tension or compression 

in two perpendicular directions (Fig 3 ) .  For ease of 
calculation, it is more convenient to solve separately the 
stress states for the individual uniaxial stresses and to 
obtain the sought solution of the biaxial stress state by 
superposition of separate solutions. 

If equal tensiIe or compressive stresses are acting in 
two perpendicular directions, the stress concentration at 
the edge of a circular hole can be found by using Lame's 
formula for thick cylinders. On the basis of this theory 
the tensile stress S, in a tangential direction at the edge 
of a small hole is 

XB(n,sx) = 2 so (1.5) 
where So = nominal stress (the stress that will occur if 
the stress concentration around the hole is ignored), psi. 
This means a small circular hole causes the stress in the 
case under consideration to be doubled. 

It was found previously (Eq 3 in the first article) that 
for simple tension 

Comparing Eq 15 and 16, it can be concluded that for 
a case of simple tension a compressive stress S, exists in 
which 

SSCd = 3 s o  (16) 

s, = -8, (17) 
This stress acts in a tangential direction a't points B 

in Fig 3. Then, by the principle of superposition, Eq 15 

is obtained from Eq 16 and 17. This approach also 
gives the solution to the case of the circular hole (Fig 3 ) .  
The tangential stress at points B at the edge of the hole 
is equal #to 3 S, - S,, and at points A is equal to 3 S, - SI. 
When S, = -SI,  which is in the case of pure shear, the 
maiximum stress a t  point B is 

SB (rnnx) = 381 - (-81) = 4x0 

SA (min) = 3 sz - 81 = -4 XI 

For points A 

This means that in the case of twisting of a thin 
circular tube (which can be treated as a plate), a small 
circular hole produces a high stress concentration in 
which the maximum tensile stress at the edge of the 
hole becomes four times as large as the shearing stress 
uniformly distributed over the ends of the tube. This also 
happens in a solid shaft under torsion having holes in a 
radial direction, such as oil ducts in crankshafts. 

The variation in K versus SJS, is shown in Fig 3 for 
an elliptical hole of dimensjon a / b  = 3/2 ,  and also for a 
circular hole. 

EFFECT OF LARGE HOLES 
If the hole is large in comparison to the width of the 

plate, specifically if the hole diameter is larger than 1/5 
the plate width, then the plate width does influence the 
stress distribution to a significant amount. 

The plate under consideration (Fig 4) has a width 2b, 
with b its center on the axis of symmetry of the strip. 
The hole radius = R ,  and the plate is loaded with a 
uniform tensile stress So. 

The equations for stresses in finite-width plates are very 
involved, so only the plotted results are summarized in 
Fig 4 and 5. Fig 4 shows the stress distribution with 
a circular hole of size R / b  = 0.5; ie, the hole diameter 

8. Twin holes spaced at various distances 

3: 
L 
0 
Y 

L 
T 
C 

' X  

Curve 1 = Biaxial tension in the plate; 
Kn  (a t  paint A )  

Curve 2 = Tension along x axis; KB(atpoint B)  
Curve 3 = Tension along y axis; Kn(at point A) 

J." 

- I  -0.5 0 0.5 I 1.5 2 2.5 3.0 
Q 
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is half the plate width. Fig 5 gives the stress concen- 
tration factor K = Se/S, for various hole sizes at 
various distances r l b  from the hole center where r is 
the radial distance. In all cases, 0 = d 2 ,  which is the 
most critical case. The dashed line gives the increase 
in stress concentration with increase in relative hole 
size R l b .  Note that the stress concentration coefficient 
increases rapidly with the increasing radius of hole; thus, 
for R / b  = 0.5 the stress coefficient equals K = 4.32, 
while for R / b  = 0, K= 3.0. 

It is usual to accept accuracies of up to 6% in stress 
analysis. On this basis, the data for infinite plates can 
be applied to plates of finite dimensions, provided that 
the ratio of the diameter to plate width is not less than 
0.2; in other words, the data holds for widths at least five 
times the hole diameter. This conclusion also applies to 
cases of pure bending stresses. 

EDGE HOLES 

This is the case where the plate is large in comparison 
to the hole diameter, and the hole is at a close proximity 
to one edge (Fig 6).  Specifically the hole is at a 
distance d from the edge; angle 0 in this case is measured 
counterclockwise from point D at the hole edge. The 
plate is under tension loading. 

The stresses aIong the hole boundary are 

ss = so (1 + 2 ccs 2 e )  

Values of K at points 0, A ,  and D are given in Fig 6 
for various values of dlR.  

SINGLE-ROW HOLES 
Double holes 

First of these cases involves two equal holes of 
radius R (Fig 7). The stress state around these holes 
is determined for the cases where there is: 

Tension So in the y direction only (curve 1, Fig 7). 
Tension So in ,the x direction only (curves 2, 3 ) .  

0 Tension So in both direction (curves 4,5). 
The distance of the holes from the y axis is given by 

means of constant, Q. 
Thus a hole is designated as being at a distance Q x 

R from the y-axis. Specifically, if F = distance between 
hole center lines, then Q = F / 2 R .  

Here again the solution for the biaxial uniform stress 
state was obtained by superposition of the solutions for 
single-axis stress states. The maximum stress So along 
the contour of the holes will be at points A and D 
(curves 43). This holds true whether the tensile 
stress, So, is applied along the two axes, or it is applied 
in 'the direction of the x axis only (curves 3 and 2). 

If the plate is under tension S. in the direction of the 
y axis, the maximum stress will be at the points in which 
e differs little from 90 deg, ie, at points situated very 
near to point B (curve I ) .  The values of So in Fig 

9. Infinite number of holes-loading in x direction 

(0) Curve 1 fo r  R/b = 0 (b=-, single hole) 

(b)  Curve 2 for R /b  = 0.15 
( c )  Curve 3 for R/b = 0.25 

SO 

Y 
KI  = For stresses olong the contour o f  hole 
K P =  For stresses along the y axis 
K 3 =  For stresses olong the x axis 
K4= For stresses along the middle line 

x -  b/2 between adjacent holes 



7 permit numerical evaluation of the influence of the 
holes on each other. 

Within the accuracy of up to 6% the following can be 
said for almost all cases of tensile stresses along the 
x and y axes, and also for biaxial tensile force: 

0 For Q = 3, where the center distance between the 
holes is equal to three diameters, the stress S, along the 
contour of the holes will be equal to that prevailing 
when there is only one hole. 

0 The results obtained for infinite plates can be applied 
to calculations in the case of plates of finite sizes per- 
forated by two holes, provided that points A and B 
are at a distance of at least 4.5R from the edge. 

Overlapping holes 

The plate under consideration (Fig 8 )  contains two 
overlapping holes. The final contour therefore is actu- 
ally one hole consisting of two equal circular areas. It 
is assumed that the contour of the hole is free of external 
forces and that the stresses are either biaxial, or uni- 
axial along the x or y axis. 

Factor Q, which when multiplied by the radius R 10- 
cates the arc centers, is plotted against So/S,. The re- 
sulting shapes of the holes are illustrated. Note that the 
holes do not intersect until Q < l .  For Q = 1, the 
holes just touch; for Q = 0, the holes blend into one 
circular hole; for Q = -1 the hole has become a slot 
of length 26 along the y axis. 
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Since the equations are quite involved, only the 
results are summarized in the form of the three curves 
in Fig 8.  Curve 1 gives the stress concentration factor 
at points A for biaxial tension in the plate (Sols .  = 
K J .  Curve 2 is for uniaxial stress when tension is 
applied along the x axis. Here the points B are the 
points of interest. Curve 3 is for when tension is applied 
along the y axis. Points A are then the points of interest. 

Infinite number of holes 

The charts in Fig 9 and 10 are for cases where\ there 
are more than two holes in a row. Fig 9 is when the 
tensile loading is along the x axis, and Fig 10 when it 
is along the y axis. Distance b in these figures denotes 
the distance between hole centers; R is the hole radius and 
r locates the point of interest. 

In Fig 9, values of S , / S ,  = K, give the stresses along 
the contour of the hole; S,/S. = K, for stresses along the 
y axis; &/So = K, for stresses along the x axis, and 
SJS, = K, for stresses along the centerline of the holes. 

The size of the hole relative to spacing between holes 
is Rlb.  Two curves, R / b  = 0.15 and R / b  = 0.25, 
are plotted for each stress concentration factor K and 
compared to the case of a single circular hole. 

10. Infinite number of holes-loading in y direction 

1.0’ 

0.9 

0.8 

0.7 

y/b 0.6 

0.5 

0.4 

90 de5 

K3 
1.2 1.4 1.6 - 

r3.5 v 1.5 K2 

“-x -6 - 
SO 

Curve 1 for R / b = O  (single hole) 
Curve 2 for  R/b=0.25 

KI = For stresses along the contour o f  hole 
K 2 =  For stresses olong the x axis 

K3 = For stresses along the middle line 
x = b/2 between adjacent hole 
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Residual Stress Can Help 
Design Tool for Springs 
Put residual stresses to work when designing springs. You can 
double load-carrying capacity and quadruple life. 

George Kurasz & W. R.  Johnson 

EFFECTS OF RESIDUAL AND SERVICE STRESSES in a flat spring. 
Spring is formed for a preset. Strewrelieving takes out unfavorable residual 
stresses presetting puts favorable residual stresses back in. Service stress En 
6 is algebraic sum of 3 and 5. 

COnpreSrion 

Tcnsion 

No stress 
relief 
(unfavorable 
residual stress) 

1 

A - A '  

L-L 

Stress- 
relieved 
(no residuul 
.StrtW) 

2 

A-A '  

Stress- 
relieved 
( S a r i c e  
streas only) 

3 



F properly controlled, residual I stresses in a finished spring can be 
a valuable design tool, measurably im- 
proving spring performance. When the 
spring is stressed in only one direction 
(not subjected to reverse bending or 
torsion) residual stresses can more 
than double static-load capacity and 
can increase dynamic-load life by 
400%. Although residual stresses do 
not alter the elastic modulus of the 
material (spring rate), they do change 
apparent yield strength and fatigue 
limit. 

Residual stresses are introduced in 
two ways: in processing the spring 
material itself and in the manufacture 
of the spring. The stresses produced 
when the material is being processed 
are introduced by the cold-working 
operations and reduce load-carrying 
capacity of a spring. Severely cold- 
worked or hard-drawn materials show 
an extremely low yield point with al- 

most no elastic limit because the 
micro-strains originating from the 
plastic deformation are unfavorably 
oriented and cause small amounts of 
slip at low applied stresses. These 
undesirable residual stresses can be 
mostly eliminated by a stress-relief 
heat treatment. Stress-relieving raises 
yield point as much as 50%. 

Residual stresses introduced in the 
manufacture of the spring are the 
ones that can be controlled. They are 
introduced by overstressing the spring. 
Here's how it is done: 

Residual stresses introduced during 
forming are unavoidable and may be 
unfavorable. For this reason the 
spring is first stress-relieved by heat 
treatment. Afterward controlled, 
favorable residual stresses of the de- 
sired magnitude and direction are in- 
troduced by setting or truing or setting 
and shot-peening the spring. To be 
favorable, residual stresses introduced 

A-A '  A - A '  

9: 
Preset spring 
ready for sew 
ice (fuvoruble 
residual stresses) 

5 
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by setting must oppose service stresses. 
There are actually three levels of 

performance possible from springs, de- 
pending on treatment after forming: 
no stress relief, stress relief only, and 
stress relief plus prestressed with favor- 
able residual stresses. For example, 
tests indicate that U-shaped springs 
loaded in a direction to open the U 
and stress-relieved after forming per- 
formed 300% better than convention- 
ally formed springs with no stress re- 
lief. Performance was another 200%, 
or a total of 500% better when the 
springs were prestressed by truing for 
favorable residual stresses. The same 
proportions hold true for cold-formed 
pretempered spring-steel strip. 

Setting or truing, of course, means 
bending the spring beyond its elastic 
limit, then permitting it to spring back 
to its new position. This introduces 
residual stresses opposing the direction 
of the overload. So the overload must 

A - A' 

Preset ~ p ~ i n g  
under full 
service load 
(3 + 6) 

Compression 

Temion 
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PREDICTING FATIGUE FAILURE IN BELLEVILLE SPRINGS 
Fatigue tests on Belleville springs show that they ultimately fail in tension. 

In two series of tests, springs were preset for favorable residual stresses, 
then cycled with the inside diameter loaded in compression. On the first 
spring, initial fatigue cracks started in the compression-loaded ID area after 
1 %  million cycles, but since they did not interfere with load-carrying ability, 
the test was continued. The spring finally failed after 6 million cycles. The 
critical crack originated in the concave side with the 120,000-psi tensile 
stress near the OD rather than the area of 270,000-psi compression stress 
(convex side) near the ID where the initial cracks were located. 

In the second test, springs also failed in tension after only 48,000 cycles 
under 170,000-psi tensile stress and 370,000-psi compressive stress. 

Both types of springs had an OD of 0,750 in. and were 0.028 in. thick. 
The standard spring had an ID of 0.380 in. and a total height of 0.023 in. 
compared to the 0.300 ID and 0.026-in. total height of the special Spring. 
Two different ID’S were chosen so that the ratio of OD to ID would vary in 
order to get two levels of stress. 

Maximum compressive stress at the ID on the convex side was calculated 
by the well-known Almen and Laszlo formula from “The Uniform Section 
Disk Spring,” Almen and Laszlo, ASME, Trans, Vol 58, No. 4, May 1936, 
pp 305-314. 

Maximum tensile stress at the OD on the concave side was calculated by 
the Ashworth formula from “The Disk Spring or Belleville Washer,” Ash- 
worth Institution of Mechanical Engineers, Proc, Vol 155, 1946, pp 93-100 
(When 2h - f / t  Ing is greater than 1) : 

In both formulas, g = OD/ID ratio, d = ID, h = force height, t = thick- 
ness, f = deflection, E = elastic modulus, and p = Poisson’s ratio. All 
dimensions are in inches. 

be in the same direction in which 
the service stresses will be applied. 
The magnitude of the residual stresses 
is determined by the amount of over- 
load. When the spring is formed, its 
shape after the heat treatment must 
allow for a final set of the proper 
degree and in the proper direction. 

When a spring is bent beyond its 
elastic limit, its outer, convex surface 
is stressed in tension; the inner, con- 
cave surface is stressed in compres- 
sion. The outer surface fibers become 
permanently stretched, preventing re- 
turn of the spring to its original posi- 
tion when the overload is removed. 
The inner surface fibers are shortened. 
When the spring returns to its new 
relaxed position, the outer surface fi- 
bers are now in compression and the 
inner surface fibers in tension. This 
is residual stress. When the service 
load is applied, the residual (compres- 
sive) stress on the outer surface fibers 
cancels out an equal amount of the 
tensile stress introduced by the service 
load. Therefore, at full service load, 
total tensile stress on the outer surface 
equals tensile stress due to load minus 
residual compressive stress. The spring 
can operate above original yield point. 

Calculating stress 
Although residual-stress systems are 

very complex, formulas for spring de- 

DESIGN STRESSES FOR H E L I C A L  O R  COILED SPRINGS 

~~ ~~ 

Wire material Static Dynamic 

Normal Maximum stress Normal Maximum 
maximum stress using favorable maximum stress, stress after 
(Wahl corrected), residual stress psi shot peening, 

70 of tensile (Wahl corrected) psi 

strength yo of tensile 
strength 

Music wire, SAE 1085. . . .  40 60 75,000 95,000 
Oil-tempered, SAE 1066. .. 45 67% . . . . . .  

Alloy spring, SAE 6150.. . .  45 67% 75 ,000 95,000 

. . . . . .  

Stainless &eel, SAE 302. .. 35 52% 60 , 000 75,000 

Phosphor bronze. . . . . . . . .  35 52% 20,000 25,000 
Beryllium copper, alloy 25. 45 67% 50,000 60,000 
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sign have been purposely simplified 
for easy manipulation, often to the 
point where many stress factors are 
ignored, and must be compensated 
for by other design data. 

Furthermore, whereas formulas for 
calculating load-deflection curves in 
spring designs are generally accurate, 
stress formulas are not. Stress cannot 
be measured directly---only by its ef- 
fect on strain as it alters the spacing 
in the atomic structure. All spring 
formulas postulate stress-free, homo- 
geneous, elastic materials for an over- 
simplified shape. For example, on 
compression and extension coil springs, 
designs have been computed with the 
same formula used for stress in tor- 
sion of straight round bars: 

MC a=- 
J 

8 P D  
which converts to S = - rd3 

where S = torsional stress, psi; M = 
moment, Ib-in.; C = distance from 
neutral axis to surface, in.; J = polar 
moment of inertia, in."; P = load, 
Ib; D = pitch diameter of spring, in; 
and d = wire diameter, in. 

A correction factor, K, devised by 
Cr A. M. Wahl of Westinghouse 
Electric Corp, improves the formula. 
The factor recognizes that a helical 

spring is not a straight torsion bar 
but a highly curved beam and com- 
pensates for the beam curvature. 

In theory, the modified stress for- 
mula 

K8 PD 
rd3  

= -.- 

should predict the stress of an ideal 
spring, whereas spring behavior should 
be predictable from the torsional prop- 
erties of the material. Although dis- 
agreements exist about design formu- 
las because of the complexity of 
residual stress, tests show that the 
Wahl formula, devised for elastic be- 
havior only, predicts spring stress in 
wire elements up to the torsional 
yield point and beyond, owing to the 
favorable residual stress included. 

The table shows allowable design 
stresses and stresses for fatigue load- 
ing based on the Wahl formula. TO 
induce favorable stresses for static ap- 
plications, the spring must be preset, 
which may add 50% to maximum 
stress; for dynamic applications, the 
spring must be shot-peened, which 
adds 25% to stress range. Shot-peen- 
ing static springs or presetting dy- 
namic springs does not increase design 
level. 

For flat springs, a very slight 
amount of set will permit operation 
up to the tensile strength. Most suc- 

cessful flat spring design is by trial 
and error, not by formula. 

Favorable stresses in flat springs 
Stress levels were improved in the 

suspension springs of the 1962 Chev- 
rolet I1 by making the most of favor- 
able residual stresses. The springs are 
tapered, single-leaf blades instead of 
conventional multi-leaf design. They 
eliminate liner and friction problems 
and proportionally raise stress levels 
at reduced unit weight. Stress levels 
of the single-leaf springs are from 
180,000 to 220,000 psi compared to 
140,000 psi for multi-leaf springs, 
which they supersede. 

The spring stock is rolled so that 
stresses are induced uniformly from 
end to end when the spring is shaped 
to specifications. The effectiveness of 
the design depends largely on the shot- 
peening process employed. The proc- 
ess is unusual because the spring is 
peened while under exceptionally high 
stress to induce a favorable residual 
stress. Using 10-12 Almen C-2 shot, 
peening reduces the spring's cambered 
height when the spring is subsequently 
preset at its final operating stress 
range. 

1 Spring index C= ( Meon diameter 
Wire diameter 

CLASSIC WAHL factor curve 
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Quick Calculations 
for Corrugation Stiffness 
Equations and graph find moment of inertia and location of 
neutral axis for a wide range of cross-sections. 

Earl A. Phillips 

Corrugations add stiffncss to sheets and plates-but 
how much? One of the equations given hcre quickly 
and accurately estimates the additional stiffness by 
solving for moment of inertia of the cross-section. And 
to hclp in calculating stresses, a second equation finds 
the neutral axis in the corrugated sheet. 

The equations were derived for pressed corrugations 
(top sketch). Sheets corrugated in this manner do 
not undergo any reduction in width. Horizontal parts 
rcmain as thick as they were in the original sheet; but 
when the convolutions are formed-by stretching-the 
webs become thinner. 

Another method of corrugation reduces the width 
of the finished sheet, but retains a constant thickness 
throughout (bottom sketch). The equations hold for 
these constant-thickness corrugations as well-except 
when the corrugations are nearly rectangular: then the 
cquations are accurate for the pressed corrugations only. 

As a guide to using the graph, representative cross- 
scctions have been sketched in to show where they fall. 

EQUATIONS 
IIcight of ncutral axis h o v e  reference line (y  = 0 ) :  

= KIt(2 - Ks - KzKJ / 2  

AMoment of inertia: 

I = LP(K,*A + 1)/12 
= LtsB/12 

A is found from the graph on page 77. B is a magni- 
fication factor that tells how many times stronger thc 
corrugation has madc the sheet. If comparisons, and not 
absolutc values arc ncedcd, simply compute B for each 
corrugation cross-section. 

Pressed Corrugation 'E Model Used to Derive Equations) 

SYMBOLS 
A = Parameter depending on lL .and XJ 
B = Ratio, stiffness of corrugation to stiffness of 

flat sheet ( IVA + 1 )  
d = Depth of corrugation, in. 
I = Moment of inertia, in.' 
X, = Ratio, d / t  
ICr = Ratio, w/W 
IC, = Ratio, W / L  
L = Corrugation pitch length, in. 

w = Width of bottom of corrugation, in. 
= Width of top of corrugation, in. 

p = Height of ncutral axis, in. 

t = Thickness of sheet, in. 

EXAMPLE I --Constant Thickness (curved webs) 
-- . _ .  

.. . .. /=0.032tn. 
. . -  ~. . .  - . .  

When webs are curved, as they are in this case, draw 
analogous straight-web cross-section and find W and w 
by measurement or, if possible, simple geometry. In this 
example, assume web slope is 45" and horizontal parts 
at top and bottom of corrugations are equal. 

W = L / 2  + d = 2.6712 + 0.875 = 2.21 in. 
w = L / 2  - d = 2.67/2 - 0.875 = 0.56 in. 

Ratios are: 
Ki = d / t  = 0.875/0.032 27.4 
l i g  = w/W 0.56/2.21 0.28 
ICa = W / T J  = 2.21/2.67 = 0.83 
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From chart, A = 1.75. Thus 
B = Ki'A + 1 (27.4)* 1.75 + 1 1310 
I = L@B/12 = 2.67(0.032)8 1310/12 = 0.0095 in.' 

Z = 0.0095 x 12/2.67 = 0.043 m.1 per foot of width. 
per corrugation. 

Actual value of I is 0.041 in.' per foot of width. 

EXAMPLE II -Constant Thickness (straight webs) 

Find W and w by measurement. 
KI = d/t 
Ks =i w/W = 3.4/8.8 
K ,  WIL 8.8/12 = 0.73 

=: 4.0/0.3125 = 12.8 
0.386 

From chart, A = 2.1. Thus 
B = Ki2.4 + 1 = (12.8)'2.1 + 1 = 345 
Z = L@B/12 = 12(0.3125)8 345/12 = 10.5 ih.' 

per corrugation. 
Actual value of I is 9.84 in.'. The.6% error results 

mainly because this method neglects rounded corners. 

KS- Rotio,  W/L 
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When Thin-Wall Cylinders 
Carry the Load 
These new equations give quick answers for stress and deflection 
caused by skirts or reinforcing rings. 

Robert I. lsakower 

I 

I I 
i 
- 

SYMBOLS I 
E = Young’s modulus, psi 

E = external-load moment arm, in. 
2F = radial load, lb 

h = cylinder-wall 8 c h e s a ,  in. 
K = ratio, R / h  
L = distance to point of & r a t ,  in. 

P = internal reeaure, p 
R = mean cyhder radius, in. 
T = axial membrane load, Ib per in. of 

circumference 
w = radial dis lacement, in. 

w1= rotationafdisplecement, radians 
p = Poisson’s ratio 
uo = ho? stresa, p8.i 
us = axmi‘strem, pa  

+lrl,a = equation factors 

For accurate results: K 2 10, L 2 -, 

r in. of circumference 

2M = moment, in.-lb per in. of circumference 

5 I B 

Thin-wall cylinders often act as structural members 
or as supports for external loads. These loads are trans- 
mitted to the cylinder through rings, skirts, clips or 
guy-wire supports. Stresses and deflections in the cylin- 
der depend on internal pressure as well as external 
moments and radial loads. 

Calculating these values usually involves time-con- 
suming simultaneous equations. But the new equations 
presented below give answers faster, and with less 
chance for error. The key: three factors that eliminate 
many of the calculations ordinarily needed. These 
factors, d;l, 4*, and are charted for various values of 
Poisson’s ratio on the continuing page. 
1. Stresses (add for inner fiber; subtract for outer) 

Axial: 
T 6  

U= = * p 1 dRh&F +MI 
Hoop: 

2. Displacements 
Radial: 

Rotational: 
w = ( K a n b F  - PRK + f iTK) /E 

T = + TeXk.,i 

EXAMPLE A steel cylinder with a support skirt has 
T.xt.,ml = 0, P = 0, R = 10 in., h = 0.20 in., 
p = 0.30, E = 30 x loa psi, e = 1.0 in., 2P = 60 
lb/in. 
SOLUTION: 2M = (2F)e = 60 in.-lb/in. 
From chart, t$, = 0.3891, 6 = 1.2865, 6 = 4.2488 
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1.2865 4 3  (30) 
4 -  

0.20 ue = 0 X 50 *0.30 (6975) - 
= -3456 psi inner fiber 
= +750 psi outer fiber 

h i 2M=2Fe 

Displacements 
Radial: 

i =il-+2d 

j 
(50)an(1.2865)30 0 X 10 X 50 

Stresses 
Axial: Rotational: 

[ d l o o  (0.3891)30 -t- 301 G 3 . = - d r -  
0 

0.20 (0.ZO)Z 
= * 6976pei 

4.30 

4.20 

4.10 

4.00 

$3 

3.90 

3.80 

3.70 

360 

#-Factors 
0.4 1 

0.40 

0.39 

' 0.38 

w1 = J50(4.2488) 30 
(0.20)' 30 X 106 

= 7.49 x lo-' radians 

1.30 

1.29 

1.28 

(PZ 
1.27 

1.26 

1.25 

1.24 

1.23 

1 1 l l l 1 1 1 1 1 1 1 1 1  1 1 1 1 1 1 1 1 1  

0.25 0.30 . 0.35 0.40 
Poisson's ratio, p 

1.22 
0.45 0.50 
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Thick-end Cylinders: 
Stress-correction Factors 
Formulas and examples show how correct maximum stresses 
can quickly be found. 

Robert I. lsakower 

w h a t  effect does a thick end have on stresses in a 
thin circular cylinder? It's important to know because 
the stresses may be more than quadrupled in some 
cases. For example, proceed with caution whenever 
a thick flange supports a tensile-loaded cylinder- 
stresses at the flanged end will usually be increased. 
Moreover, the restraint imposed by the fixed end 
invites bending as well as direct membrane stresses. 
This changes the stress pattern. A thick end-closure 
for a pressure vessel has the same effect. 

Formulas: 
1. Cylinders with internal pressure 
(Add 6 for inner fiber; subtract for outer) 

S A  = (PR/2h) (1 * 6, )  

SH = (PR/h)  (1 - 64 * 68) 

2. Cylinders with tensile load only 
(Subtract 6 for inner fiber; add for outer) 

S A  = (T /h )  (1 ?= 62) 

S H  ' (CT/h)  (1 f 6 5  F 62) 

Correction factors (8) for various values of Pois- 
son's ratio are charted on the continuing page (except- 
ing &, which equals 1 for all values of p ) .  

SAMPLE PROBLEMS 
1. A tensile-loaded cylinder has R = 12 in., h = 

0.4 in., T = 1000 Ib/in., Poisson's ratio = 0.30. 
Find max stresses at flange end. .(See sketch below.) 

SYMBOLS 

h = cylindcr-wall thicknem, in. 
P = interns! rwure, p i  
R = mwn cyinder-m&us. in. 
SA = max nlrisl strew, Pji 
Sir = may hoop strm, p y ~  
T = t e n d o  load, lb/in. (=PR/2 when 

is loaded with interns1 PIWSUIO.) 
6 = correction factor 
p 9 Poisson's rstio 

For accurate results R/h should be not 1 
10.0 approx. 

Less than 

The Solution: 
From chart, 8, = 0.545; formula for case 2 gives 

1000 
0.4 

SA = -- - (1 + 0.545) 

= 2500 X 1.545 
= 3860 psi 

= 750 X 2.545 
= 1905 psi (outer fiber) 

Both stresses have been increased; without cor- 
rection factors, axial and hoop stresses are respectively 
2500 and 750 psi. (These are the stresses that exist 
in the tube where the bending effect is damped out.) 

2. A pressure vessel has R = 10 in., h =0.3 in., 
H = 2.0 in., P = 500 psi, p = 0.3. 

Find max stresses a t  closed end. 

End oosure, 

f 

The Solution: 
Since H is large compared to h, the flat plate may 

be considered infinitely rigid compared to the thin 
cylinder. I t  is therefore valid to assume the condition 



Correction 
factors, 
82983 

F'cissan's ratio, p 

Structural Data 29-3 1 

Correction 
factors, 

here is that of a fixedend cylinder. = 8330 X 4.086 
= 34,100 psi (inner fiber) 

SR = 16,660 X 0.6125 
= l0,zOO psi (inner fiber) 

In this case, axial stress is increased while hoop 

From the chart, 8, = 3.086,s. = 0.850,s. = 0.4625 
Formula for case 1 gives 

stress is decreased owing to the local bending: s A = 2 x 0 . 3  lo (1 + 3.086) 
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Three Nornographs Aid 
in Designing Pressure Vessels 
Use these charts to find wall thickness, hoop stress or pressure limit. 

F. Kaplan 

SYMBOLS 

L) = Cylinder diameter, in. 

F' = Internal pressure, psi 
0.15 o " z ~ o ' o ' z  0.015 

70,000 

50,000 
40,000 

020 oo20 30,000 150,000 

20,000 l00,000 

8 = Hoop stress (circumferential 
tensile strew), psi 

1 = Wall thicknces, in. 

030 0030 
10,000 50,000 

Barlow Thin-wall Equation 8,000 - 40,000 

6,000 30,000 Wall thickness t = PD/2S 
formly Hoop distributed stress is assumed through to the be thick- uni- [i c 050 o ~ ~ ~ - ~  0050 _- - ~ ~ o ~  u, 4,000 W0-p ul 

G1 .,- ness of the shell wall. 
EXAMPLE: An 8-in.-dia. cylinder must 5 O60 0060 2 
hold 2000-psi internal pressure. What 0 070 oo70 5 
wall thickness will limit hoop stress 
to 20,000 psi? 5 080 0 0 8 b Z m  

c i  3,000 15,000 $i-- 
v, 2,000 l0,OOO I - -F- a 5 

SOLUTION: Diameter of 8 in. is off 
the scale, so solve using 0.8 in., then 
inultiply t by 10. 

Draw a line between 0.80-in. diarn- 
eter at 1ef.t to 2000-psi pressure, and 
cstend to pivot line at right. From 
intersection at  pivot line draw 3 line 
through 20,000-psi hoop stress to wall 
thickness at left, 0.040. Required wall 
thickness is 0.040 x 10 = 0.40 in. 

0.150 

m c 
_1 
._ 
L 

> ._ a 
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Pressure Vessel Design 
Follow this simple procedure for determining how tight a 
gasket should be, and then relate it to required bolt preload 
via the charts on page 29-6. 

Gasket Materials and Contact Facings 

Gasket material I 
Rubber without fabric or a high percentage of 

asbestos fiber: 
Below 75 Shore Durometer 
75 or higher Shore Durometer 

Asbestos with a suitable binder y8 thick 
for the operating conditions y, thick 

1/32 thick 

Rubber with cotton fabric insertion 

Rubber with asbestos fabric insertion, 
with or without wire reinforcement 3-ply 

2-PlY 

I l - P h  

Vegetable fiber 

Spiral-wound metal, asbestos filled Carbon 
Stainless or 

Monel 

Corrugated metal, as- Soft aluminum 
bestos inserted Soft copper or brass 

or Iron or soft steel 
Corrugated metal, Monel or 4.6% 

jacketed asbestos chrome 
filled Stainless steels 

Soft aluminum 
Soft copper or brass 
Iron or soft steel 
Monel or 4.6% 

Stainless steels 

Soft aluminum 
Soft copper or brass 
Iron or soft steel 

4.6% chrome 
Stainless steels 
Soft aluminum 
Soft copper or brass 
Iron or soft steel 
Monel or 4.6% 

Stainless steels 

Soft aluminum 
Soft copper or brass 
Iron or soft steel 
Monel or 4.6% 

Stainless steels 

Corrugated metal 

chrome 

Flat metal jacketed 
asbestos filled Monel 

Grooved metal 

chrome 

Solid f lat  metal 

chrome 

Iron or soft steel 
Ring joint Monel or 4.6% 

Stainless steels 
chrome 

s k e t  
ictor 
rn 

1.50 
! .oo 
LOO 
!.75 
3.50 

..25 

L25 
Z.50 

2.75 

1 

2.50 

3.00 

2.50 
2.75 
3.00 

3.25 
3.50 
2.75 
3.00 
3.25 
3.50 

3.75 
3.25 
3.50 
3.75 
3.50 
3.75 
3.75 
3.25 
3.50 
3.75 

3.75 
4.25 
4.00 
4.75 
5.50 

6.00 
6.50 - 
5.50 

6.00 
6.50 

- -  

~ la , lb, lc*.  

I I 

I I 

Facing sketch 
Exaggerated 

*The surface of a gasket having a lap should not be against the nubbin. 
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seat ing 
Column 1 

N 
2 
- 

N 
2- 

W+.T 
2 

ymm 

@+N 
4 
- 

- ;; 

(J-min 4 
___ 

3N 
8 
- 

N 
4 
- 

Y - 
8 

Basic gaskef  
l idth, bo 
Column 2 

N 
2 
- 

7N 
16 
- 

___ 

3N 
0 
- 

E f f e c t i v e  g a s k e t  
s e o t i n g  w i d t h ,  b 

& = bo , when bo S I/: 

b = L ,  when& .1/4(1 2 

Locat ion  o f  g a s k e t  
l o a d  r e a c t i o n  

6 

NOTE: The gasket factors 
listed only opply to flanged 
joints in which the gasket is 
contained entirely within t h e  
inner edges o f  the  bolt  holes 

*Where serrations do not exceed 
'164' depth ond ?3; width 
spacing, sketches Ib and Id 
sholl be used 

The American Society of Mechanical Engineers has 
recently compiled very useful data on the amount of 
bolt pressure necessary to prevent a gasket from blowing 
out in a cylinder or pressure vessel. The tables below 
are from the new ASME Boiler and Pressure Vessel 
Code (Section 111 Nuclear Vessels). 

The proper amount of tightening torque can be 
obtained from the charts on the previous page-or you 
can use your own method for determining this value. 

Assume that you have a pressure vessel similar to  
that shown at right. 

The required bolt preload in gasketed joints of pres- 
sure vessels to maintain the joint tightness can be com- 
puted from the following ASME formula: 

Pt  = 0.785 G?p + (27rhCmp) 
where 

P ,  = total minimum required bolt load; divide by 
the number of bolts for the required preload per bolt 

p = internal pressure, psi 
b = effective gasket or joint-contact-surface seating 

width, in. (see table at left) 
G = diameter at location of gasket load reaction. 

G is defined as follows: When 6.  %4 in., G = mean 
diameter of gasket contact face, in. When b > ?4 in., 
G = outside diameter of gasket contact face less 26, in. 

m = gasket factor (from Table 11) 
Given: A pressure vessel with a 1/ 16 in. thick asbestos 

gasket. The internal pressure at l O O F  is 350 psi. Also, the 
gasket geometry is: 

Thus from the ASME formula: P, = 139,200 Ib. 
b = .306 in.; G = 19.388 in.; m = 2.75. 

Pressure vessel, gasket and bolted head 

As first choice, try I-in. bolts of 5A 193 Gr B8. For 
this material, design to two-thirds yield value (see the 
table on p 83), or 20,000 psi. 

From Fig 4, p 85 the required preload bolt must be 
kept to less than 10,000 Ib. With 16 bolts in the bolt 
circle, the predicted load per bolt is 139,200/16 = 8700 
lb, and the average stress intensity in the bolts will be 
18,000 psi-well within the allowable value. 

Fig 4 further shows that the bolts (at 8700 Ib load 
and 18,000 psi) should be installed with 145 ft-lb torque. 
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A Graphical Aid for 
Combined Stress Problems 
John P. Hatch 

Two dimensional combined stress problans involve 
the following formula: 

T = dT+(s1/2)1 (1) 

where 
St = simple direct tensile stress. psi 
S. = simple direct shear stress, psi 
T = max. resultant shear stress, psi 

When the problem is such that the ratio, S,/ tS,  can be 
corn uted and the allowable value of T is known, the 
grap\ical.construction shown in Fig. 1 can be used. 

- - - - - - - - - - - -  ----....... b .-_ I: 
Fig. I-Consuuction: Lay off a right triangle with 
legs u and b such that u/~=I./~sI. On the hypotenuse 
lay off T to a convenient psi scale. Drop perpendicular 
5,. Using the same psi scale, measure the two 
stresses, I, and sl/2. 

EXAMPLE: Tension and Shear Loading of Bolt. 
Given : 
T is not to exceed 7,000 psi 
Bolts are loaded as shown in Fig. 2. 

PROBLEM : Find bolt diameter required. 
SOLUTION : 

L, = shear Load per bolt = - Oo0 = 1,5001b 2 

3’000 = 2,570 Ib 2 x 3.5 Lt = tensile Load per bolt = 

u = area of bolt, sq. in. 

fl 

7- 
3% 

Then 

See Fig. 3 for the graphical solution. 
The following calculations are not necessary if the fore- 

going construction is made. In lieu of the construction, the 
solution is: 

1 500 
tan a = -L-- = 1.168 1,285 

= 49.4 deg (approx) 
= Tsin a = 7,000 X 0.759 - 5,313 psi S, 

This value is satisfactory since it is less than the allowable 
stress. Based on the maximum shear stress theory of failure, 
the bolt dia, d, is: 

!+ ..__.- s,/2 ....._A 
I, _-- -___ __. - __. ._...._. . . .. _ _  -. . . - -. .. .-. 

Fig..J-Legs L, and Lt/2 correspond to u and b in 
the sample construction. After dropping the perpen- 
dicular, J, and s,/2 are measured with the psi scale 
used to layout T=7,000 units on the diagonal. 

W~~oOo* 

V 

7- 
3% 

i 
CN 

Fig. 2-Bolts in sample problem are loaded as shown. Graphical construction is shown in Fig. 3. 

i 
bJ 

Fig. 2-Bolts in sample problem are loaded as shown. Graphical construction is shown in Fig. 3. 
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- 
Polar 

Moment of 
Inertia, 

J 

Pin and Shaft of Equal Strength 

0.000244 
0.000597 
0.001236 
0.002290 
0.003906 
0.009537 
0.01977 
0.03663 
0.06250 
0.1526 
0.3164 
0.5862 
1.oooO 
€.6018 
2.4414 
3.5745 
5.0625 
9.3789 

16.000 
25.629 
39.062 
57.191 
81.000 

150.062 
256.OOO 
410.062 
625. OOO 
915.062 
,296.Ooo 

Herman J. Scholtze 

THE ACCOMPANYING TABLE gives the 
sizes of round driving pins and round 
shafts drilled to receive the pin in which 
both parts are equally strong in shear, 
for the condition that the shaft and pin 
are made of the same material. 

The author has discov- 
ered that when the pin diameter equals 
40 percent of the shaft diameter, the 
shearing stress in the pin equals the 
shearing stress in the shaft, also that the 
polar moment 3f inertia of the drilled 
shaft equals the shaft radius to the 
fourth power. 

Values given in the table in columns 
headed “Torque,” and “Load on One 
End of Pin” have been computed for a 
shear stress of 12,000 lb. per sq. in. For 
other values of shear stress, the load on 
one end of pin equals the cross-section 
area of the pin multiplied by the allow- 
able shear stress, and the torque equals 
the load on the pin multiplied by the 
shaft diameter. 

R = rhdius of shaft, in. 
t = radius of pin, in. 
5. = shearing stress in shaft, lb. per sq. in. 
SI = shearing stress in pin, Ib. per aq. in. 
J = polar moment of shaft croas-8ection 

through the axis of pin bore 
T. = torque on shaft, in. lb. 
TI = torque delivered by pin, in. Ib. 
8 = central angle subtended by one half 

the chord of circular segment &ion 
or drilled shdt, radiana 

T I  2~ 9 R  SI 

T. - JSJR 

r = dr/(R&) 

2EE?!)]” 3 

Equal Strength Shafts and Pins of Similar Material 

Dia. of 
Shaft, 
in. 
D 

:$?6 

:$6 
112 

314 
518 

718 
1 

1-114 
1-1 /2 
1-3 14 
2 
2114  

2-314 
3 
3-112 
4 

5 

6 
7 
8 
9 

10 
11 
12 

2-112 

4412 

5-112 

- 
Xa. of 
Pin, 
in. 
d 

0.100 
0.125 
0.150 
0.175 
0.200 
0.250 
0.300 
0.350 
0.400 
0.500 
0.600 
0.700 
0.800 
0.900 
1.00 
1.10 
1.20 
1.40 
1.60 
1.80 
2.00 
2.20 
2.40 
2.80 
3.20 
3.60 
4.00 
4.40 
4.80 

- 

- 

Polar 
Section 

ModlllUS. 
JIR 

0.001952 
0.003820 
0.006579 
0.01047 
0.01562 
0.03051 
0.05273 
0.08374 
0,1250 
0.2442 
0.4218 
0.6700 
1.0000 
1. 4238 
1.9531 
2.6000 
3.3750 
5.3593 
8.oooO 

11.390 
15.625 
20.797 
27.000 
42.875 
64.000 
91.125 
.25. 000 
66.375 
!16. OOO 

Torque, 
in. lb. at 
12,000 lb. 

T 
;rgg& 

23.5 
45.8 
79 

125 
187 
366 
635 

1,010 
1,500 
2,940 
5 , 100 
8,000 

12,000 
17,000 
23,400 
31 , 200 
40,500 
%000 

125,OOO 
187,000 

%:E 
515,Ooo 

1,090,000 
1,500,000 
21000,000 
2,600,000 

770,000 

Load 
on One 
End of 
Pin, Ib. 
’= T / D  

94 
146 
210 
286 
374 
590 
845 

1,160 
1,500 
2,350 

6,000 
7,550 
9,350 

11,350 
13,500 
18,200 
24,008 
27,700 
37,500 
43,750 
54 ,‘000 
73,500 
96,000 

121,000 
150,00(1 
182,oO11 
216,000 

::E 

Cn#is- 
Section 
Area of 
h e  End 

sq. in. 
of Pjn, 

0.00785 
0.01277 
0.01767 
0.021O5 
0.03142 
0.04909 
0.07069 
0.09621 
0.1257 
0.1%3 
0.2827 
0.3848 
0.5027 
0.6362 
0.7854 
0.9500 
1.131 
1.539 
2.011 
2.545 
3.142 
3.801 
4.524 
6.158 
8.042 

10.18 
12.57 
15.21 
18.10 
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Design for Shock Resistance 
Alignment charts based on the shock-rise time concept have established 
the performance requirements and deflections for shock mounts. 

Raymond T. Magner 

F you know the form o n A  ;ntensity 
of shock a product sustain 

n and during assembly, trans, 
ube, you can determine _.- ..-..-:ptibil- 
ity to damage Test results will estab- 
lish whether the product must be rede- 
signed, partiallv protected, or isolated 
from certain kinds of shock alto- 
gether. Sometimes all three steps are 
necessary. 

Shock damage is caused by acceler- 
ation forces developed during impact. 
These forces can be measured by ac- 
celerometers placed on critical parts 
of the product, although the instru- 

I mentation required for precise meas- 
urements under heavy impact loads is 
complex. Useful values for maximum 
acceleration can be computed from 
the shock-rise time and drop height by 
the formula 

72 dx G = -  
t 

where G = acceleration, g 
t = shodk-rise time, millisec 
h = drop height, in. 

Drop height can usually be deter- 
mined with fair accuracy. The shock- 
rise time is dependent on the elasticity 

of the striking mass, resilience of 
impact surface, and extent of contact 
area, which may be a flat or a curved 
surface, an edge, or a point. Shock- 
rise time has been deterniined for a 
variety of conditions by careful in- 
strumentation. For point contact be- 
tween a rigid steel frame and a con- 
crete surface, assuming that the mass 
of the struck surface is a t  least 10 
times the mass of the striking body, 
the rise time is 1 to 2 niillisec; for a 
flat face contacting soft earth or sand, 
the rise time is about 6 millisec. 

The most severe shock, such as 

_.Accelerometer 

h 

PEAK ACCELERATION felt by a dropped mass is in- FREE-FALL IMPACT on concrete, measured using a 
versely proportional to shock-rise time, which is dependent hardwood surface of 1-in. radius, provided a point contact; 
on rigidity of materials and area of contact. shock-rise time under these conditions was 2 millisec. 
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DROP HEIGHT alone will establish the peak acceleration when rise time is known 
for the impacting conditions. For a 3-ft fall from a truck tailgate to a concrete road, 
peak acceleration will be over 200 g; a 4-in. flat drop to sand will develop about 30 g. 

TYPICAL VALUES FOR SHOCK-RISE TIME 

C 0 N D I T I I) N FLAT FACE POINT 

RIGID STEEL AGAINST CONCRETE 1 2 

RIGID STEEL AGAINST WOOD OR MASTIC 2-3 5-6 

STEEL OR ALUMINUM AGAINST COMPACT EARTH 2-4 6-0 

STEEL OR ALUMINUM AGAINST SAND 5-6 15 

PRODUCT CASE AGAINST MUD 15 20 

PRODUCT CASE AGAINST 1-IN. FELT 20 30 

dropping from a truck tailgate to a 
concrete road surface, involves rise 
times so short that they are df icul t  
to measure. Extensive tests for thls 
type of impact were made using a 
spherical steel impingement surtace 
with a radius of 1 in. striking smooth 
concrete. The striking mass was rigid 
enough to have a resonance frequency 
above 400 cycles. Under these test 
conditions a repeatable value of rise 
tune was 2 millisec. 

For free-fall shock conditions where 
the drop height is known and the 
rise time can be determined, the align- 
ment chart, left, solves the equa- 
tion for peak acceleration. For exam- 
ple, a rigid product falling oft: a truck 
tailgate 36 in. high and making point 
contact on a solid concrete surface 
(rise time 2 millisec) will experience an 
acceleration force greater than 200 g. 

Impact on less rigid surfaces such as 
wood, mastic, compact earth, or sand 
produces rise times of 5 to 15 milli- 
sec, see table. A 3-ft drop to mastic 
or wood with a rise time of 5 millisec 
will produce 85 g; against a sand or 
mud surface with a rise time of 10 to 
15 millisec, 25 to 40 g. A unit slipping 
from the hands of an operator and 
dropping 4 in. onto a felt pad 1 in. 
thick will have a shock-rise time of 
about 30 millisec and receive a shock 

Transportation shocks 
Vertical accelerations on the body 

of a 2-ton truck traveling at 30 mph 
on good pavement range from 1 to 2 
g, with a rise time of 10 to 15 millisec. 
Higher speeds, rougher roads, stiffer 
truck springs, and careless driving all 
decrease the rise time and thus double 
or triple the acceleration loads. 

Highest acceleration forces in rail- 
road freight cars are encountered in 
humping, where impact loads on the 
product container may be from 4.5 
to 28 g. Loading on car, speed at 
impact, and type of draft gear are 
important variables, as shown in the 
curves on page 86 for horizontal shock 
during humping. 

Military service calls for two series 
of shock tests. The first imposes 18 
shocks of 15 g and 5.5 millisec rise 
time, three on each axis and in each 
direction; performance of the equip- 
ment must be unaffected. The second 
or "crash" series calls for 2 shocks on 
each axis with a peak acceleration of 
30 g and 5.5 millisec rise time; the 
equipment must remain captive but 
is not required to operate after this 
test. Most commercial airborne speci- 
fications are similar to military re- 
quirements except that acceleration 
levels are somewhat lower. 

of 2 to 4 g. 
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I 

0- 

"40% load 

I 6 8 I O  
Impact speed, m p h  

HORIZONTAL SHOCK forces imposed on product container in freight 
cars during humping. Rubber draft 

Maximum shock the product can 
withstand is determined by the rigidity 
and resonance frequencies of the 
structure and the shock sensitivity of 
its components. Two levels of fail- 
ure are significant: momentary mal- 
function at instant of shock, and catas- 
trophic or permanent damage. 

As a first step in evaluating the 
shock sensitivity of a product the 
structure should be subjected to static 
loads equal to the peak shock loads 
anticipated, and the deflections should 
be measured. The location of sensi- 
tive components and the rigidity of 
their supporting structures determine 
how much of the imposed shock will 
reach them. Ample space must be 
provided for deflection of components 
under shock. 

For most components that are sensi- 
tive to shock, suppliers include maxi- 
mum safe acceleration loads in cata- 
log data. Maximum loads on vacuum 
tubes are 2 to 5 g; relays may with- 
stand higher accelerations, depending 
on the type and direction of accelera- 
tion. Transistors are of low mass and 
good rigidity, and when properly sup- 
ported are highly resistant to shock. 
Ball bearings races may be indented 
by the balls; sleeve bearings are usu- 
ally much more resistant to shock. 

When expected shocks exceed the 
maximum safe value, a shock isolator 
must be incorporated in the product 

gear reduces shock at all speeds. 

between the shock-sensitive elements 
and the point of impact. The major 
practical problem is trade-off between 
isolator deflection and the maximum 
shock load that can be accepted. In- 
creased margin of safety requires in- 
creased allowance for movement. 

To help you reach a compromise, 
the left half of the large alignment 
chart gives the isolator deflection for 
a selected acceleration when the drop 
height is known. The chart assumes a 
drop on concrete, and a 2-millisec 
shock-rise time. For a drop of 24 in. 
with a maximum transmitted shock of 
33 g, the isolator deflection will be 
1.65 in. 

The right half of the chart shows 
the specific spring rate for the selected 
isolator deflection. Multiplying the 
specific spring rate by the weight car- 
ried by each isolator gives the deflec- 
tion rate, in pounds per inch, that 
should be specified for the isolator. 

Continuing the example, the specific 
spring rate is 19 for 33 g and 1.65 in. 
deflection. If the equipment weighs 
25 Ib and the load is divided equally 
between four isolators, the spring rate 
for each isolator will be 19 x 25/4 = 
118 Ib,h. 

This chart gives a quick and ready 
answer for preliminary design, par- 
ticularly in developing clearance re- 
quirements and isolator capacity. To 
simplify the various charts a linear, 

undamped system with one degree of 
tredoni is assumed; results given are 
conservative, particularly if such de- 
sign refinements as nonlinear deflec- 
tion rate and some damping are 
added. 

An isolator with a nonlinear deflec- 
tion rate (stiffness increasing with de- 
flection) will reduce the isolator de- 
flection for a given transmitted ac- 
celeration and will also give added 
protection against bottoming under a 
shock of higher intensity than an- 
ticipated. Addition of damping for 
control of excursion at resonance 
frequency will also reduce isolator de- 
flection by a small amount. 

Most mounting systems provide six 
degrees of freedom; they are free to 
move in vertical, lateral, and longi- 
tudinal axes and to rotate about these 
axes. The deflection rate of an isola- 
tor may be substantially different in 
vertical and horizontal directions if 
this is required by expected service 
conditions. 

The function of a shock mount is 
to provide enough protection to avoid 
damage under expected conditions, 
but overdesign can be costly, both in 
the design of the product and in the 
shock-mount components. To avoid 
underdesign and service failures on 
one hand, and overdesign and added 
cost on the other, shock-mount spe- 
cialists should be asked for their as- 
sistance and recommendations before 
the design is frozen. 



u sua1 formolas for impact loading assume complete 
rccovery of the kinetic energy of the moving body. This 
isn’t so. Some kinetic energy is dissipated. The K factor 
in following equations is a measure of this energy loss. 

The corrccted formula for deformation and stress 
with vertical impact is: 

d,/d = S,/S = 1 -+ 41 + 2Kh/d. 

The corrected formula for deformation and stress with 
horizontal impact is: 

d,/d = S,/S = 4 Kv2/(384.6)d. 

J 

SYMBOLS. 
d = Deformation for static loading, in. 
di = Deformation for impact loading, in. 
h = Initial height of striking body above struck 

K = Impact-loading factor 
M = Mass of striking body, lb-secZ/in. 
MI = Mass of struck body, lb-secz/in. 

S = Stress in struck body for static loading, psi 
8; = Stress in struck body for impact loading, psi 

v = Velocity of striking body, in./sec 

body, in. 
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Nomogram for Angles 
in Constructed Shares 
H. F. Bariffi 

FROM THE ALTITUDE, h, and the dif- ing the Sb-scale at 22 in. Also, con- 
ferences (a-d) and (b-6) in necting 25 in. on the outer right hand 
lengths of corresponding sides of up- (b-c)-scale and 17 in. on the h-scale 
per and lower bases, the dihedral given value of ( a d )  on the inner gives a line crossing the S.-scale at 
angle A can be calculated. left hand scale. Connect the inter- 21.1 in. A line connecting 21.1 in, 

To calculate Sa connect the given section of this line and the diagonal on the inner right hand S. scale with 
value of (a-d) on the right hand T-line with the (b--r)-scale. Project 22 in. on the diagonal s b  scale inter- 
outer scale with the value of h on the this line to the left hand scale and sects the Q-line at the indicated point. 
h-scale and read the value of S,. In read the angle A .  A line connecting this oint with 28 
like manner, the vaIue of S. can be in. on the inner left [and ( a d ) -  
calculated from (6--c) and h. Con- EXAMPLE: When h = 17 in., (6-c) scale crosses the diagonal T-line at the 
nect the value of S. to the value of SI = 25 in. and ( a d )  = 28 in., find indicated point. A line connecting 
on the diagonal scale and project to I., s b  and A. Connecting 28 in. on this point with 2 5  in. on the (b--c)- 
the Q-ine. Connect the intersection the outer right hand (a-d)-scale and scale passes through the point 112.1 
of this line and the Q-line with the 17 in. on the h-scale gives a line cross- deg on the A scale. 

45 J 

(0-d) (b-c) 
COS A= - - 

._ 
+- - 
I 

6 .-29 

15--21 
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Arc Length Versus Central Angle 

(Angle of Bend, Length, and Radius) 

1 
R 

- 
- 

b l  q -  

2 ;  
9) m -  

- - 
- 
- 
- 

- 
- 3  
;4 
- 

I 
- 2  - 
- 

h 

Draw a straight line through the two known points. The answer wil l  be found 

Example: For a 6-in. radius and 45deg. bend, length of arc is 4.7 in. 
at the intersection of this line with the third scale. 
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Chordal Height and Length of chord 
4 - - 

4 y  - - - - - - - - - - - - - 
- - - - - - t 
i - - - - - - - - -3 - - - - - - - - - 

'4 - - / * /  = - - - - - - - - - - - - - 

- - 

- 
' 5  - - - - - - - - 
c - 

- - - - - - 4 - - - - - - - 
L - - - - - - - - 
- 25- 
- - - - - - - 

- - - - - - - - - 
9 

IO 
Draw a straight line through the two known points. The answer will be found 

Example: Leflgth of chord is 3 in., and radius of circle is 4 in. The height h of 
at the intersection of this line with the third scale. 

the chord is 0.29 in. 
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Forces in Toggle Joint 
with Equal Arms 

P - 8  F-a 
----- 

---------- - -------------- s _ _ _ _ _ _ _ _ _ _ _ _ _ _ _ - _ _ _ - - - -  

Sin in. 

200 

- 

100 
800 -s 80 

60 
50 
40 

30 

- 

- 

01 0.2 03 0.4 0506 0.8 I ‘2 3 4 5 6  8 1 0  
h in in. 

Example: Use mutually perpendicular lines drawn on tracing cloth or celluloid. 
In the example given for S = 10 in. and h = 1 in., a force F of 10 lb. exerts pressures P 
of 25 lb. each. 
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Power Capacity of Spur Gears 
Charles Tiplitz 

MAXIMUM RATED HORSEPOWER that can safely be trans- 
mitted by a gear depends upon whether i t  runs for 
short periods or continuously. Capacity may be based 
on tooth strength if the gear is run only periodically; 
durability or wear governs rated horsepower for con- 
tinuous running. 

Checking strength and surface durability of gears 

can be a lengthy procedure. The following charts 
simplify the work and give values accurate to 5 to 10%. 
They are based on AGMA standards for strength and 
durability of spur gears. 

Strength Nomograph is used first. Apart from the 

Strength of Spur Gears. 
Based on AGMA 220.01 

Diametral Circulor P i t c h  
p i t c h  p i t c h  dio.- in. 

120 
100 
80 

60 
50 
40 

20 

N 
(Teeth) 

200* I50 

I O  -L 

40 

30 

4 

3 

1.5 

.C 

0.6 If 

r v m -  $ 7 

IO 

----- 

X 
0.4 T 

, O a 2 i  OJ 

0.07-- 

0.04-- 

0.02 -- 

0.01 -- 
0.007-- 

-_ 
O.G04-- 

F o c e  
w id t  h- in .  

2 0.0007- 

0.4 
02 0.0002-- 

0.1 

-- 
_ -  
-- 
-I- 

i 00001 
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usual design constants only two of the following three 
need be known: pitch, number of teeth and pitch 
diameter. To use the charts connect the two known 
factors by a straight line, cutting the third scale. From 
this point on the scale continue drawing straight lines 
through known factors, cutting the pivot scales. Be- 
twecn the double pivot scales the line should be drawn 

parallel to thc adjacent lines. 

Durability nomograph must be entered on scale X 
a t  the same value that was cut on the X scale on the 
strength chart. Both pinion and gear should be checked 
if made of different materials and the smaller of the 
values obtained should be used. 

Strength 
X 

0.04 

0.0 2 

0.007 
O.O1 f 

0,0°4 I 

f 0.0007 

0.0004 

0.00 0 2 
I 

f 0.000 I 

1 0.00001 

Spur Gears (cont.) 
P i v o t  
sco le 

D i a m e t r o l  
pi tch 

100 
70 

4' \ =:E 2 

I L 

\ 
'. 

P e o h  
horsepower  

0.1 

i 
T o o t h  
f a r m  

foctor I 
Pressure 
angle No. 

IO 

.&-- , 

* 

R a t e d  horsepower 
-$. 1000 

200 

I O 0  

70 

40 

20 

Service 
f o c t o r  

Service 
and shock 
(Eric losea 
gear ing)  

I O  

7 

4 

O.! 

+ 

2 

I 

0 7  
I I 

0.4 

4 0.1 

$007 

f 0.04 
0.0 2 

0.0 I 

0.007 
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Surface Durability of Spur Gears. Based on AG 
In 
0 -  o c  

+ 
00, 

, > c  \ 
E a- 

0 0 0  0 0  
0 000 0 0 
0 ok N - 

+ 

a- 

s 
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Alignment Chart for Face Gears 

180 

I70 

160 

150 . 
140 

130 

120 

1 IO 

100 
95 
90 

85 

80 

75 

70 5 
65 2 
60 f 

E 

0 

L 

B. Bloomfield 

1: 

-- 

-- 

THE MAXIMUM PRACTICAL DIAMETER for face gears is that 
diameter at which the teeth become pointed. The limiting 
inside diameter is the value at which tooth trimming occurs. 
This is always larger than the diameter for which the 

operating pressure angle is zero. The two alignment charts 
that follow can be used to find the maximum OD and the 
minimum ID if the numbers of teeth in the face gear and 
pinion are known. They eliminate lengthy calculations. 

55 .o 
: D  

--50 $ 
._ 
67 + 

l 4 5  0” 

40 

35 

--a 

-- 25 

-- 20 
-. 19 
~. 18 

50 
45 
40 

35 

30 

25 

14 

13 

12 

C H A R T 1  

I-- 

A 
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5 

la-- 

130-- 

FOR BOTH CHARTS the pinions are assumed to be s ur gears 

gear and pinion are assumed to intersect at right angles. 
Bo:h should be used onlv for tooth ratios of 1.5 to 1 or 

larger. Smaller ratios require pinion modifications not 

face gear diameter is found by dividing the factor from 
the chart bv the diametral pitch of the pinion. 

of standard AGMA proportions, and the axes o P the face allowed for in these data. For both charts, the appropriate 

1: 

CHART II 

- - I 3 0  

-- 

-- 120 

Example: 

120-- 

c 

- 'I 90 

Rnd ths maximum &dc diameter and the -3 7 - 7 0  
minimum inside diameter of 06xa gear with 70 tcelh'thqt will 

mate with o 20 bob stondad pinion wtase pessure wle is 
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Linear to Angular Conversion 
of Gear-Tooth Index Error 
For pitch diameters up to 200 inch, chart quickly converts index error from 
ten-thousandths of an inch to seconds or arc. 

Harold R. Ronan JR. 

0.000 

kl EXAMPLES 
1 Pitch dio of  geor=t41 in 

Index error=0001 in 
Read error converted 
t o  3 sec on scole B 

2 Pi tch dio=41 in 
Index error=0001 in 
Read error converted 
t o  IO sec on scole A 

- -----A-sco/e 
ftor 0 fo /oo In dol 

\ 

\ 

65 4 165 

50- 150 1 
145 

I40 

" 
t 
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Determine Parallel Axis  
Moment of Inertia 
Herbert F. Bariffi 

ONE METHOD of determining the 
moment of inertia of a mass through its 
center of gravity is to suspend the mass 
from a knife-edge. Such an arrange- 
ment, using a piece of keystock for a 
knife-edge, is shown in Fig. 1. If this 
compound gravity pendulum, which is 
in effect what the setup amounts to, is 
set swinging and the arc of swing is 
limited to about 6 deg double ampli- 
tude, the moment of inertia about the 
support axis is equal to 

(1; 

where 
I ,  = moinetit of inertia ahout  suppor t  

W = weight of mass. lb 
t = oscillation period, sec 
L = distancr herwcen center of gravity 

To find the moment of inertia about 
center of gravity the following equa- 
tion can be used. 

axis 

and support  a x i s ,  in.  

where 
8 = acceleration of gravity, ft per sec2 

Substituting Z, value from Eq (1) -into 
E9 ( 2 )  

Simplifying 

This Eq (3)  will give values of IC( ,  in 
in. Ib sec’. 

The nomogram illustrated can be 
used to solve for Z(:(, with value: of t .  
L and W known. To use this nomo- 

I,, = /VI ,  [O 02.533 t’ - 0 OOZScYXLI ( 3 )  

gram start with a value t on the inner 
left-hand A scale, pass through a value 
of L on the A curve to the right-hand, 
or turning axis. Then, follow a straight 
line from the turning point through a 
value of W on the A diagonal, and 
return to the left-hand axis, reading 
Zcq on the outer scale. By using the 
right-hand Z and t scales, and working 
to the left over the B c u r x  for L, the 

Fig. 1-Connecting 
heystock. 

rod sumended from 

same problem can be solved with 
larger values of t .  

EXAMPLE: Given a pulley of 8 Ib 
weight, L equals 10 in., t equals 1.5 
sec. Find Zcg. 

SOLUTION: Starting at t equals 14 
on inner A scale of left-hand axis, 
follow the dotted line through curve 
A at L equals 10 to the turning line; 
go back through 1V equals 8 on diag- 
onal A to I ,  equals 2.5 in. Ib sec 2. 

It should be noted that the effects of 
L and t are screened in the equation. 
However, I , ,  is directly proportional 
to W ,  and this fact permits the un- 
limited extension of the nomogram’s 
use. 

Suppose, in the above example, W 
had been 880 Ib. It would appear that 
this value is too large for the W scale, 
but Eq (3)  can be written: 

!eo_ = ~ _ _  WL [0.02533f2 - 0 02588 L]  
k k 

So, in this case, assume R equals 110, 
and use the nomogram as above with 
W equaling 8, and read I c g / k  equals 
2.5. Now merely multiply this value 
by 110 to find 275 in. Ib sec“. This is 
the true value of Icg .  

An unusual feature of this norno- 
gram is the relation between the values 
of t and L ;  these quantities cannot be 
assumed at random for trial of nomo- 
gram accuracy. For example, a scant 
passing through t = 1.81 and L = 30 
also passes through L r 2, thus sug- 
gesting that two different suspension 
lengths will satisfy the same result. 
One of these lengths is an extraneous 
value as the previously outlined experi- 
ment will indicate. Furthermore, t 
is always larger than 0.31936 \ / L  
when inch and second units are used 
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Nomogram to Determine Parallel Axis Moment of Inertia 
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Moment of Inertia of a Prism 
about the Axis  aa 
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Chart for Transferring Moment 
of Inertia 

I = I ,  + wx2 
30 

35 - To use chart, draw two mutually 
perpendicular lines on a sheet of trans- 

40- parent material. For example, the cross- 
lines show that, when the weight of the 

45- maSS is 12 lb., its moment of inertia Io 
about a given axis is 30 1b.-in. squared 

50- -0 and the distance to another parallel axis 

-5 is 2.5 in.; then the moment of inertia I 
55- about the second axis is 105 1b.-in. squared. 
60 - - IO 

- 15 65 - 

2 70- 
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.- VI -20 
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2 
h 80- 
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Accelerated linear Motion 

- - = - E - -  - G  2s - V V 32.16F 
T2 2s T W 
- 

1,000 
900 

5 00 

400 

3 00 

200 

G - 
- 
L- 100 

F Lb. W Lb. 

ft. per sec. 7 
persec. - 10 

* = turning point 
V = velocity at time T, in ft. per sec. 
S = distance passed through, in f t .  
T = time during which force acts, in sec. 
F = accelerating force, in lb. 

W = weight of moving body, in lb. 
G = constant acceleration, in ft. per sec. 
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Theoretical Capacity 
of Gear Pumps and Motors 
A. E. Maine 

7’11rs NOMOGRAM is based on the equation EXAMPLE-At what speed must a gear pump operate to deliver 50 
gal/min assuming 2 in. pitch dia gears, 1) in. tooth width, and each 
g a r  has 10 teeth. 

Line I connects the pitch dia and number of teeth. From the point 
representing 50 gal/rnin, Line I1 is drawn through the intersection of 
Line I and the reference line. Since Range 1 was used to establish the 
left end of Line 11, the required speed is read at  4350 rpm. 

F = 0.0036 D2Sw/P 
where F = flow g m 

D = pitch $a of gear, in. 
S = speed, r m 
UJ = width orgear teeth, in. 
P = gear tooth factor 

-- _- 

-- 

-- 

-- 
N 2000--4000 -_ 

.+ 70--35 
- 
u 
0 c 
0 e 

_- 

500- - 1000 

Number of teeth 

14 13 12 II I O  9 8 e7 
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Nomogram for Piston Pumps 
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Volumes of Spherical Segments 
C. P. Nachod 

T H I S  nomogram is designed for 
calculating graphically the volume 

of a spherical segment such as would be 
used for the rounded ends of tanks. 

The chart is based on the equation 

i n  which 
V = volume of the w e n t  
h = height of segment 
7 = radius of sphere 
d = diameter of sphere 

The nomogram gives h up to a hemi- 
sphere for d up to 10. For a greater 
range of values, the volume of the 
spherical segment can be found by pro- 
portion since the volumes of similar 
segments are proportional to the 
cubes of their diameters. For example, 
let the diameter d of the sphere equal 
15 in. and h equal 6 in., v' can be found 
as follows: 

h 6 4  
d 15 10 
_ = _ = _  

Chart shows for d equal to 10, and IL 

Then for d equal to 15, and h equal 
equal to 4, that V equals 184 cu. in. 

to 6 

Scales are sliown for drawing more h 
lilies b o  that the precise one needed for 
any calculation can be drawn. 

260 - 
d, = diameter  o f  sphere 

240 - -  w o  

200 - - I ,  500 

When h and d are each multiplied by 10, t h e  
-1.300 volume i s  multiplied by 1.000 
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Volumes in Horizontal Round Tanks 
with Flat Ends 

Notes: Shift decimal point on volume 
scale two points for a one-point shift on 
diameter scale; one point for a one-point 
shift on length scale. 

Ezample: Tank is 6 ft. in diameter and 15 ft. long. H = 0.9 ft. HID = 0.15. Join 0.15 on 
From point of intersection with turning line, draw line to 

If D had been 0.6 ft., H 0.09 ft., 
H / D  scale with 6 on diameter scale. 
15 ft. on the length scale. 
and  length the same, the answer would be 3.00 gal. 

The  volume scale shows 300 gal. 
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Another Shortcut 
to Torsion-Bar Design 
This nomograph supplies values for a mass moment of 
inertia of torsion bars-or any round or rectangular bar. 

D. A. Derse 

Answers read directly off the nomograph are tor torsion bars, 
fixed at one end, made of materlal with a density of 0.280 
Ib/in For other materials, multiply moment of inertia I by 
dcnsityi0.280. If the bar isn't fixed at either end, double the 
value of I .  

Example 

Find moment of inertia of a circular torsion bar with diameter 
d = 0.50 in., length L = 26 in. Draw two lines intersecting 
at right angles on a piece of transparent paper or plastic. Line 
up the cross on the three knowns on the nomograph and read 
off I = 5.8 x 10' Ib-in.-seca. 

SYMBOLS 

a = Half width of rectangular bar, in. 
b = Half height of rectangular bar, in. 

d = Diameter of round bar, in. 
I = Effective mass moment of inertia, lb-in.-seca 
L = Length of bar between restraint and plane 

M = Mass of bar, Ib-secZ/in. 
where torque is applied, in. 
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Adhesive bonding, 20-16, 20-18, 

Aerial cable, 10-1 1 
Air bends, 24- 18 
Air ducts seals, 6.6, 6-8 
Anchors: 

2 1-42 

cable, 10-10 
heavy machine, 20-42 
timber abutment, 10-10 

Angle: (See Specific) 
compound, 28-12 
nomogram, 30-2 

Arc length, 30-3 
Area: 

intersecting circles, 28-10 
Assemblies: (See Section 27) 

axial motion, 27-6 
balance, 27-22 
control-locks, 27- 12 
diaphragms, 27-10 
hanger, 27-18 
liquid level, 27-16 
mechanical action, 27-4 
mechanical motion, 27-2, 27-21 
rotary piston engine, 27-23 
rotational motion, 27-6 
sheetmetal, 2 7r20 
snap-action, 27-8 

B 
Backlash, 1-47, 1-48, 1-50 
Balance: 

Ball bearings, 15-18, 15-20, 15-27 
Ball slides, 15-12 
Ball transfer unit, 15-39 
Balls: (See Section 15) 

mechanism, 27-22 

bearings, 15-14, 15-16, 15-20 
miniature bearings, 15-14 
multiple use, 15-8 
oil, 15-18 
rubber, 15-6 
slides, 15-12 

stress, 15-27 
transfer units, 15-8, 15-39 
uses, 15-2 

curved, 29-7 

soft, 15-4 

Bars: 

I N D E X  

Bead chain, 2-8 
Bearings: (See Section 8) 

instrument, 8-14 
minature, 15-14 
mounting, 15-16 
preloading, 15-29 
reliability, 8-23 
rotary-linear, 8-24 
selection, 8-17 
sleeve, 8-13 

Belleville springs; 
design, 16-55 
washers, 11-12, 11-14 

Bellows, 16-24, 21-36 
Belting, (See Section 3) 
Belts: 

applications, 3-2 
adjustment, 3-16 
closed, 3-12 
conveyors, 3-22 
creep, 3-18 
drives, 3-14, 3-22 
feeders, 3-22 

idlers, 3-22 
open, 3-12 
speed, 3-11 
take-ups, 3-22 
tension, 3-16 

angles, 24-21 
length, 28-19 
press-tools, 24-22 
u-shaped, 24-32 

Bevel gears, 1-2, 1-14 
Blind rivets, 20-44 

Brackets, 21-40 
Bushings: (See Section 8) 

hp loss, 3-11 

Bends: 

Bolts, 19-12, 19-22, 20-8, 29-2 

expandable, 8-9 
flanged, 8-4 
press-fit, 8-7 
rubber, 8-2 

C 
Cable: (See Section 10) 

aerial, 10-1 1 
anchors, 10-10 
drives, 10-8 
piston rod, 10-12 

Cams: (See Section 18) 
basic types, 18-45 
curves, 18-2 
cycloid, 18-41 
design, 18-15, 18-18 
grooved, 18-9 
linking, 18-30 

minimum size, 18-30 
programed motion, 18-28 
spherical, 18-30 

Cardan-gear mechanisms, 1-32 
Centrifugal clutches, 5-14 
Centrifugal pumps, 26-6 
Chains: (See Section 2) 

bead, 2-8 
drives, 2-12, 2-14, 2-17 
history, 2-2 
hoist, 2-18, 2-19 
joints, 2-10 
links, 2-10 
lubrication, 2-15 
roller, 2-4 
sprockets, 2-20, 2-23 

Chordal height, 30-4 
Chordal length, 30-4 
Clamping: (See Section 9) 

aligning, 9-66 
friction, 9-64 

panels, 9-34, 9-36 
spring, 9-68 

Clevis mountings, 9-18, 20-34 
Closed belts, 3- 12 
Clutches: (See Section 5) 

latches, 9-26, 9-30 

centrifugal, 5-14 
disk, 5-23 
mechanical, 5-2, 5-18 
overloading, 5-10, 5-12 
over-riding, 5-4 
over-running, 5-6, 5-8, 5-22 
serrated, 5-20 
torque capacity, 5-23 

Coil springs, 16-8, 16-10, 16-38 
Compound angle, 28-12 
Compression springs, 16-12, 16-14 
Computing mechanisms, 22-56, 22-58 
Control cabinets, 21-16 
Control locks, 27-12 
Control mountings, 20-36 
Couplings: (See Section 4) 

flexible, 4-44, 4-46, 4-48 
high-speed, 4-58 
offset shafts, 4-54 
parallel, 4-52 
shaft, 12-8 
shift, 4-70 
slip, 4-56 
small diameter shaft, 4-50 

Cotter pin, 17-14 
Cross joints, 7-2 
Cupped washer, 11-24 
Cyclinders: 

thin-end, 29-30 
thin-wall, 29-28 

Cycloid cams, 18-41 



D 
Damping, 4-24 
Design:(See Specific) 
Detents, 5-20, 9-8, 9-18, 16-30, 21-15 
Diaphragms, 27-10 
Dihedral angles, 28-15 
Disc clutch, 5-23 
Dished washers, 11-10 
Draw-die radius, 24-15 
Drives: 

belt, 3-14, 3-22 
cable, 10-8 
chain, 2-12, 2-14, 2-17 
light-duty, 1-56 

Ducting, 6-6, 6-8 

E 
Expandable bushings, 8-9 
Epicyclic gear trains, 1-38 
Escapement mechanisms, 22-70, 22-72 
Extension springs, 16-16 

F 
Fabrication: (See Section 24) 
Facing tools, 24-12 
Fasteners: (See Specific) 
Feed mechanisms, 22-64 
Feeders, 3-22 
Fire protection facility, 7-8 
Flanged bushings, 8-2, 8-4 
Flanged inserts, 14-13 
Flat springs, 16-4, 16-26, 16-28 
Flat washers, 11-2, 11-4 
Flow regulating valve, 25-13 
Four-bar linkage, 23-26, 23-28, 23-34, 

Friction devices, 22-28, 22-30, 28-22 
Friction springs, 16-52 
Frustums: 

Fuel injection systems, 25-15 

24-45 

cones, 28-18 

G 
Gear plates, 20-14 
Gear pumps, 30-20 
Gears: (See Section 1) 

angle, 1-16 
backlash, 1-47, 1-48, 1-50 
bevel, 1-2, 1-14 
cardan-gear mechanism, 1-32 
cutters, 1-20 
cycloid gear mechanism, 1-40 
epicyclic gear trains, 1-38 
face, 30-10 
form cutters, 1-20 
Geneva, 1-34 
helical, 1-16 
hubless, 4-36 
overloading, 1-54 
planetary, 1-30 
sheetmetal, 2-23 
speed reducers, 1-52 
spur, 30-7 
tooth, 30-12 

torque, 1-56 
Geneva drives, 1-36 
Geneva gears, 1-34 
Geneva wheel, 1-34 
Grommets, 14-2 
Grooved cams, 18-9 

H 
Hand grips, 2 1-34 
Handles, 9-60 
Hangers, 27-18 
Harmonic analysis, 23-22 
Heat treating, 21-6, 21-8 
Helical gears, 1-20 
Helical springs, 16-40, 16-42, 16-44 
Helical wire inserts, 10-4 
Hinges, 9-30, 21-27, 21-30 
Hoist: 

chain, 2-19 
Honeycomb panels, 20-38 
Hoppers, 2 1-44 
Horsepower 26-27 
Hubs: 

gear, 4-34 

I 
Idlers, 3-22 
Impact loading, 29-41 
Indexing, 27-21 
Inserts, 14-8, 14-10, 14-13 
Instrument bearings, 8-14 

J 
Joints: 

cross, 7-2 
tee, 7-2 

K 
K-Factor, 29-41 

L 
Latches, 9-26 
Levers, 16-18, 16-20 
Linear motion,30- 18 
Linkage: (See Section 23) 

four-bar, 23-26, 23-28, 23-45 
harmonic analysis, 23-22 
pin-connected, 23-10 
power thrust, 23-18 

quick-disconnect, 20-32 
straight-line, 23-4, 23-6, 23-8 
three-dimensional, 23-12 
toggle, 23-20 
transmission, 23-16 

push-pull, 23-2 

Links, 2-10 
Liquid lever indicators, 27-14, 27-16 
Locking: (See Section 9) 

clevis mounting, 9-18 
control locks, 9-24 
control mountings, 9-22 
detents, 9-8, 9-18 

fasteners, 9-10, 9-12, 9-14, 9-16, 

indexing fingers, 9-4 
latches, 9-26 
retaining, 9-8 
sheetmetal, 9-38, 9-40, 9-42, 9-44, 

snap fasteners, 9-12 
snap-in, 9-14 
tamper-proof, 9-1 6 
threaded members, 9-2 

Locks: (See Specific) 
wire, 10-2 

Lubrication: 
roller chain, 2- 15 

9-40 

9-46, 9-48, 9-50 

M 
Machinery mechanism, 22-2 
Machining, 2 1-4 
Mechanical action, 27-4 
Mechanical moment, 27-2 
Mechanisms: (See Section 22) 

air cyclinders, 22-52 
automatic stopping, 22-42, 22-44, 

22-46, 22-48, 
22-50 

cardan-gear, 1-32 
computing, 22-56, 22-58 
cycloid gear, 1-40 
die stamping, 22-62 
escapement, 22-70, 22-72 
feed, 22-64 
friction drives, 22-30 
governing speed, 22-34 
hydraulic cylinders, 22-52 
intermittent movement, 22-26 
intermittent rotary, 22-24, 22-28 
linear motion elements, 22-36 
machinery, 22-2 
modified Geneva drives, 1-36 
motion, 22-20 
paper-feed, 22-60 
piston-actuated, 22-54 
reverse rotation, 22-38 
slider-crank, 22-11, 22-19 
small, 22-74 
sort, 22-64 
speed control, 22-32 
spring, 16-34 
traversing, 22-22 
typical, 22-69 
weight, 22-64 

Milk transfer system, 15-8 
Moment of Inertia, 28-20, 30-13, 

Motion: 
30-15, 30-16 

accelerated, 30-18 
linear, 30-18 

Motors, 22-68 
Mushroom bumpers, 14-6 

N 
Nomograms: (See Section 30) 
Nonlinear springs, 16-48 
Nuts, 19-22 



0 
0-Rings: (See Section 13) 

applications, 13-2, 13-4 
design problems, 13-8, 13-10 
design recommendations, 13-14 
seals, 13-14, 13-16 

Oil lubrication, 15-18 
Offset shafts, 4-54 
Open belts, 3-12 
Over-riding clutches, 5-4 
Overloading, 1-54 
Overrunning clutches, 5-6, 5-8, 5-22 

P 
Packing: (See Section 6) 
Panel-stops, 9-34, 9-36 
Paper-feed mechanisms, 22-60 
Parallel shafts, 4-52 
Pin-connected linkage, 23-10 
Pins: (See Section 17) 

cotter, 17-14 
doweled alternatives, 17-16, 17-18 
slotted, 17-2 
spiral-wrapped, 17-12 
split, 17-10 
spring, 17-4, 17-6, 17-8 
strength, 29-38 

Pipe: (See Section 7) 
arrangements, 7-7, 7-8 
attaching, 7-2, 7-4, 7-6 

Pivots, 21-32 
Planetary gears, 1-22, 1-30 
Plates, 20-2, 20-4 
Pneumatic springs, 16-47 
Poppet Valve, 25-4 
Power thrust linkage, 23-18 
Press breaks, 24-20 
Press fit bushings, 8-7 
Press tools, 24-22 
Pressure vessels, 29-33 
Priming pumps, 26-26 
Printed circuits, 21-24 
Prism, 30-15 
Pumps: (See Section 26) 

applications, 26-17 
centrifugal, 26-6 
classes, 26-2 
gear, 30-19 
horsepower to pipe liquids, 26-27, 

piping, 7-8 
piston, 30-20 
priming, 26-26 
reciprocating, 26-13 
rotary, 26-12 
selection, 26-23 
types, 26-2 

26-28 

Push-pull linkage, 23-2 

0 
Quick-disconnect linkage, 20-32 

R 
Radii of gyration, 28-24 

Ratchets, 2-23, 2-25, 2-27 
Reciprocating pumps, 26-13 
Reloading press, 15-10 
Retaining rings: (See Section 12) 

assembly, 12-4, 12-6 
comparisons, 12-2 
coupling shafts, 12-8 
loaded split circular, 12-22 
multiple-purpose, 12-16 
versitility, 12-12 

Rivits: 
blind, 20-44 

Roller chains, 2-4 
Rope: 

Rotary: 
wire, 10-7 

linear bearing, 8-24 
motion, 30-17 
piston engine, 27-23 
pumps, 26-12 

Rotating disks, 30-6 
Rubber balls, 15-6 
Rubber grommets, 14-2 
Rubber seals, 6-2 
Rubber washers, 11-6 

S 
Screws, 19-2, 19-6, 19-8, 19-17, 20- 
Seals: (See Section 6) 

air ducts, 6-6 
ducting, 6-6, 6-8 
non-rubber, 6-4 
O-ring, 13-2, 13-16 
rubber, 6-2 
window, 6-10, 6-11 

Sems, 11-23 
Serrated washers, 11-8 
Shafts: (See Section 4) 

bearing loads, 4-20 
beams, 4-8 
coupling, 4-40,4-42, 4-44, 4-46, 

4-48, 4-50, 4-52, 4-56, 
4-58, 4-70 

damping, 4-24 
deflection, 4-13 
fastening, 4-29, 4-34, 4-36, 4-38 
offset, 4-54 
overview, 4-2 
parallel, 4-52 
rotation, 4-22 
shift, 4-70 
slider-crank mechanism, 22-1 1, 

small diameter, 4-50 
speed, 4-17 
stepped, 4-8 
strength, 4-13, 4-18, 29-36 

22-19 

stud, 20-2 
Shavingtool, 24- 14 
Sheetmetal: 

assembly, 27-10 
bonding, 20-16 
fastening, 9-38, 9-40, 9-42, 9-44, 

grip holes, 20-6 
9-46, 9-48, 9-50 

Shells: 
round, 24-16 

Shift shafts, 4-70 
Shock resistance, 29-37 
Siphon, 25-9 
Sleeve bearing, 8-13 
Slip coupling, 4-56 
Slotted pins, 17-2 
Snap-action devices, 27-8 
Snap fasteners, 9-10, 9-12, 9-14, 

Snap ring, 10-2 
Sort mechanisms, 22-64 
Spacers, 14-4 
Speed reducers, 1-52 
Spherical cams, 18-38 
Spherical segments, 30-22 
Spiral-wrapped pins, 17-12 
Split pins, 17-10 
Spring bands, 5-25 
Spring clamps, 9-68 
Spring motors, 22-68 
Spring pins, 17-2, 17-4, 17-6, 17-8 
Spring-steel fasteners, 20-22, 20-24 
Springs: (See Section 16) 

back control, 24-30 
Belleville, 16-55 
buffers, 16-52 

4 coil, 16-8, 16-10, 16-38 
compression, 16-12, 16-14 
deflection, 16-36 
detents, 16-30 
extension, 16-16 
flat, 16-4, 16-26, 16-28 
helical wire, 16-40, 16-42, 16-45 
lever returns, 16-18, 16-20 
mechanisms, 16-34 
nonlinear, 16-48 
pneumatic, 16-47 
testing, 16-32 
uses, 16-2, 16-58 
variable rate, 16-22 

Sprockets, 2-20, 2-23 
Straight-line linkage, 23-6, 23-8 
Straight-line motion, 23-4 
Stress: (See Specific) 
Structural: 

20-27, 20-28 

combined stress, 29-37 
corrugated stiffness, 29-26 
equal, 29-38 
impact loading, 29-43 
preloaded bolts, 29-2 
pressure vessels, 29-3 1 
residual stress, 29-22 
shock, 29-39 
stresses around holes, 29-12 
stresses in bars, 29-7 
thick-end cylinders, 29-30 
thin-wall cyclinders, 29-28 

T 
Take-ups, 3-22 
Tamper-proff fasteners, 9- 16 
Tanks, 30-23 
Teeth: 

ratchet, 2-27, 30-12 



Tension: 

Thread components: (See Section 19) 
belts, 3-16 

backlash, 19-4 
bolts, 19-12 
screws, 19-2, 19-6 
self-locking screws, 19-17 
threads, 19-8, 19-22 

Threaded inserts, 14-10 
Threads, 19-8, 19-22 
Ties: 

Toggle: 
wire, 10-6 

joint, 30-5 
linkage, 23-20 

light drives, 1-56 
Torque: 

Torsion-bar, 30-24 
Transmission linkage, 23-16 
Traversing mechanism, 22-22 
Tripple-duty valves, 25-1 1 
Tubing, 7-2, 7-4 

U 
Unit stress: (See Specific) 

V 
Valves: (See Section 25) 

fuel-injection, 25- 15 
gate, 25-6 
hydraulic transmission, 25-2 
poppet, 25-4 
regulating, 25-9, 25-13 
triple-duty, 25-1 1 

Vibration, 21-20, 21-22 
Volume, 28-2, 30-21, 30-22, 30-23 

W 
Washers: (See Section 11) 

Belleville, 11-12, 11-14 
cupped, 11-24 
dished, 11-10 
flat, 11-2, 11-4 
rubber, 11-16 
SEM applications, 11-23 
serrated, 11-8 
spring, 11-12, 11-14 

Weight, 30-21 
Weight mechanisms, 22-64 
Weirs, 25-6 

Wheel: 

Wing bending, 24-28 
Window casement sealing, 6-1 1 
Wire: (See Section 10) 

Geneva, 1-34 

helical inserts, 10-4 

rope, 10-7 
snap rings, 10-2 
ties, 10-6 

locks, 10-2 

Wc)odruff Key: (See Introduction) 

X 
X-Factor: (See Specific ) 

Y 
Yield strength: (See Specific) 
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